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Preface 

Life is linked to liquid transport, and so are vital segments of economy. Pumping 
devices – be it the human heart, a boiler feeder or the cooling-water pump of a 
motorcar – are always part of a more or less complex system where pump failure 
can lead to severe consequences. To select, operate or even design a pump, some 
understanding of the system is helpful, if not essential. Depending on the applica-
tion, a centrifugal pump can be a simple device which could be built in a garage 
with a minimum of know-how – or a high-tech machine requiring advanced skills, 
sophisticated engineering and extensive testing. When attempting to describe the 
state-of-the-art in hydraulic engineering of centrifugal pumps, the focus is neces-
sarily on the high-tech side rather than on less-demanding services even though 
these make up the majority of pump applications.  

Centrifugal pump technology involves a broad spectrum of flow phenomena 
which have a profound impact on design and operation through the achieved effi-
ciency, the stability of the head-capacity characteristic, vibration, noise, compo-
nent failure due to fatigue, as well as material damage caused by cavitation, hy-
dro-abrasive wear or erosion corrosion. Operation and life cycle costs of pumping 
equipment depend to a large extent on how well these phenomena and the interac-
tion of the pump with the system are understood.  

This book endeavors to describe pump hydraulic phenomena in their broadest 
sense in a format highly relevant for the pump engineer involved in pump design 
and selection, operation and troubleshooting. Emphasis is on physical mecha-
nisms, practical application and engineering correlations for real flow phenomena, 
rather than on mathematical treatment and theories of inviscid flow. 

The present 2nd English edition has been supplemented with some recent re-
search results on hydraulic excitation phenomena. Additional information has 
been provided on: sewage pump design data, hydraulic unbalance of single-
channel impellers, torsional vibrations and turbine calculations. Printing errors 
were corrected and some additions were done in most of the chapters. 

The first (1999) and second (2004) editions of this book were written in Ger-
man. The third edition in German is due to appear in the 1st semester of the 
year 2010.  

 
 
Villeneuve (Switzerland), January 2010        

J.F. Gülich 
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Hints for the reader      VII 

Hints for the reader 

The text is written according to US-English spelling rules. 
As is customary in English publications, the decimal point is used (I had to 

substitute points for commas in all figures, equations and graphs and hope not to 
have overlooked too many of them). To avoid confusion of readers used to the 
decimal comma, large figures are written in the form of 6’150’000.00 (instead of 
6,150,000.00) 
Nomenclature: Unfortunately there is no commonly accepted nomenclature and 
use of technical terms. As far as possible I have consulted various standards as to 
the most accepted terms. The reader is referred to the extensive list of symbols 
given below. For easy reference, this list defines the chapters, tables or equations 
where the respective symbols are introduced. A number of subscripts from the 
German original were left unchanged since replacing them by meaningful English 
abbreviations involved too much of a risk of overlooking some items which are 
used throughout the text and the equations. 
Conventions: Equations, tables and figures are numbered by chapter. The geo-
metrical dimensions of impellers, diffusers and volutes are defined in Table 0.2. 

To improve the readability, simplified expressions have sometimes been used 
(for example “volute” instead of “volute casing”). In order to avoid monotonous 
repetition of technical terms, synonyms are (sparingly) employed.  

Formulae frequently used in practice were gathered in tables which present the 
sequence of calculation steps required to solve a specific problem. These tables 
help to find information quickly without looking through a lot of text; they also 
facilitate programming. The equations presented in the tables are labeled by “T”. 
For example Eq. (T3.5.8) refers to equation 8 in table 3.5. Most of the tables are 
labeled as “Table 6.1”, for example. Some “data tables” are referred to as “Ta-
ble D6.1” for instance; this subterfuge was made necessary by the layout of the 
German editions which contained “tables” and “plates”. 
Mathematical expressions: Empirical data in the literature are frequently pre-
sented in graphical form. In most cases such data are given in this book in the 
form of approximate equations in order to ease programming and to save space. 

For reasons of simplicity the upper limit of a sum is not specified when there 

can be no doubt about the variable. For example, 
st

RRP stands for 
=

=

stzi

1i
i,RRP and 

represents the sum of the disk friction losses in all stages of a multistage pump. 
An equation of the form y = a×exp(b) stands for y = a×eb, where “e” is the base 

of the natural logarithm. 
The symbol ~ is used for “proportional to”; for example, PRR ~ d2

5 stands for 
“the disk friction loss is proportional to the 5th power of the impeller diameter”. 

Frequent reference is made to the specific speed nq which is always calculated 
with n in rpm, Q in m3/s and H in m. For conversion to other units refer to Ta-
ble D2.1 or Table 3.4. For simplicity, the specific speed nq is treated as a dimen-
sionless variable even though this is not true. 



VIII      Hints for the reader 

Many diagrams were calculated with MS-Excel which has limited capabilities 
for graphic layout. For example: 1E+03 stands for 103; curve legends cannot show 
symbols or subscripts. The sketches should not be understood as technical draw-
ings. Equations in the text are written for clarity with multiplier sign, i.e. a×b (in-
stead of a b). This is not done in the numbered equations. 
Literature: There is a general bibliography quoted as [B.1], [B.2], etc. while 
standards are quoted as [N.1], [N.2], etc. The bulk of the literature is linked to the 
individual chapters. This eases the search for literature on a specific topic. The 
roughly 600 quotations provided represent only 1% (order of magnitude) if not 
less of the relevant literature. This statement applies to all topics treated in this 
book. The literature quoted was selected with the objectives: (1) to provide the 
sources of specific data or information; (2) to back up a statement; (3) to refer the 
reader to more details on the particular investigation or topic; (4) to provide refer-
ence to literature in neighboring fields. In spite of these criteria, the selection of 
the literature quoted is to some extent coincidental.  

In order to improve the readability, facts which represent the state of the art are 
not backed up systematically by quoting literature where they may have been re-
ported. In many cases it would be difficult to ascertain where such facts were pub-
lished for the first time. 
Patents: Possible patents on any devices or design features are not necessarily 
mentioned. Omission of such mention should not be construed so as to imply that 
such devices or features are free for use to everybody.  
Disclaimer of warranty and exclusion of liabilities: In spite of careful checking 
text, equations and figures, neither the Springer book company nor the author: 

 make any warranty or representation whatsoever, express or implied, (A) with 
respect of the use of any information, apparatus, method, process or similar 
item disclosed in this book including merchantability and fitness for practical 
purpose, or (B) that such use does not infringe or interfere with privately 
owned rights, including intellectual property, or (C) that this book is suitable to 
any particular user’s circumstances; or 

 assume responsibility for any damage or other liability whatsoever (including 
consequential damage) resulting from the use of any information, apparatus, 
method, process or similar item disclosed in this book. 

In this context it should well be noted that much of the published information 
on pump hydraulic design is empirical in nature. The information has been gath-
ered from tests on specific pumps. Applying such information to new designs har-
bors uncertainties which are difficult to asses and to quantify. 

Finally it should be noted that the technological focus in the various sectors of 
the pump industry is quite different. Low-head pumps produced in vast quantities 
are designed and manufactured to other criteria than engineered high-energy 
pumps. This implies that the recommendations and design rules given in this book 
cannot be applied indistinctly to all types of pumps. Notably, issues of standardi-
zation and manufacturing are not addressed in this text. 
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Symbols, abbreviations, definitions 

Unless otherwise noted all equations are written in consistent units (SI-System). 
Most symbols are defined in the following. As appropriate, the equation or chap-
ter is quoted where the symbol has been defined or introduced. Vectors in the text 
and in equations are printed as bold characters. Symbols with local significance 
only are defined in the text. 

The following tables may help the understanding of the physical meaning of 
various parameters of prime importance: 

• Table 0.1 and 0.2: Geometric dimensions of the flow channels, flow angles 
and velocities 

• Table 2.2: Head and net positive suction head (NPSH) 
• Tables 3.1 and 3.2: Velocity triangles 
• Table 3.4: Model laws and dimensionless parameters 
 
  Chapter or Equation 
A area, cross section 
A elongation at rupture Chap. 14 
A amplitude  Chap. 10 
A1q impeller inlet throat area (trapezoidal: A1q = a1×b1)  
A2q area between vanes at impeller outlet (A2q = a2×b2)  
A3q diffuser/volute inlet throat area (A3q = a3×b3)  
a distance between vanes (subscript 1to 6) Table 0.2 
a sound velocity in a pipe Eq. (10.17) 
ao sound velocity in the fluid Eq. (10.17) 
aL sound velocity in the casing material Eq. (T6.1.7) 
BEP best efficiency point 
b acceleration 
b width of channel in the meridional section 
b2 impeller outlet width; if double-entry, per impeller side 
b2tot (b2ges) impeller outlet width including shrouds Eq. (9.6) 
bks solid-borne noise acceleration Eq. (10.6) 
CNL cavitation sound pressure Table 6.1 
CV solid-borne noise as RMS of acceleration 
CV* dimensionless solid-borne noise acceleration CV* = CV×d1/u1

2 
c absolute velocity Chap. 1.1 
c rotor damping coefficient Eq. (10.7) 
cA axial thrust reduction coefficient Eq. (9.4), Table 9.1 
cd flow velocity in discharge nozzle 
cFe concentration of iron ions Eq. (14.7), Table 14.7 
c3q average velocity in diffuser throat c3q = QLe/(zLe×A3q) 
cc cross coupled damping Eq. (10.7) 
ceq roughness equivalence factor Eq. (1.36b) 
cf friction coefficient of a flat plate Eq. (1.33) 
cp pressure recovery coefficient Eqs. (1.11), (1.40), (T9.1.5) 
cp specific heat at constant pressure  Chap. 13.2 
cph phase velocity Chap. 10.7.1 
cs flow velocity in suction nozzle 



 Symbols, abbreviations, definitions      XXIII 

cs concentration of solids  Table 14.16 
cs,eq equivalent concentration of solids   Table 14.16 
cT velocity at inlet to suction bell Eq. (11.15) 
cv solids volume concentration  Table 13.5 
D damping coefficient Chap. 10.6.5 
D, d diameter 
Dfz diffusion factor Table 7.5 
DE drive end 
DR liquid/gas density ratio DR  * = '/ '' Chap. 13.2 
DT inlet diameter of suction bell Fig. (11.20) 
d3q equivalent diameter of volute throat Eq. (T7.7.7) 
db arithmetic average of diameters at impeller or diffuser 

e.g. d1b = 0.5 (d1 + d1i); defined such that: A1 = π×d1b×b1 Table 0.2 
dd  inner diameter of discharge nozzle 
dm geometric average of diameters at impeller or diffuser, e.g. 

)dd(5.0d 2
i1

2
a1m1 +=  Table 0.2 

dn hub diameter 
dD diameter at shaft seal Table 9.1 
ds  inner diameter of suction nozzle 
ds diameter of solid particles  Table 14.16 
E Young’s modulus of elasticity 
ER maximum erosion rate (at location of highest metal loss) Table 6.1 
ER,a metal loss rate in mm/a Tables 14.7 and 14.16 
e vane thickness Table 0.2 
F force 
Fax axial force (“axial thrust”) 
FDsp radial thrust correction factor for double volutes, Fig. 9.18 Table 9.4 
FR radial force (“radial thrust”) Eq. (9.6), Table 9.4 
Fr Froude number Chap. 11.7.3 
Fr, Ft radial- and tangential forces on rotor Eq. (10.8) 
Fcor corrosion factor Table 6.1 
FMat material factor for cavitation:  Table 6.1, for abrasion: Table 14.16 
f frequency 
fEB natural frequency at operational speed Chap. 10.6.5 
fe1 natural frequency Chap. 10.6.2 
fkr critical speed (as frequency) Chap. 10.6.5 
fL influence of leakage flow on disk friction Eq. (T3.6.7), Table 3.6 
fn frequency of rotation fn = n/60 
fq impeller eyes per impeller: single-entry fq = 1; double-entry fq = 2 
fH correction factor for head (roughness, viscosity) Eq. (3.32) 
fQ correction factor for flow rate (viscosity) Eq. (3.32) 
fR roughness influence on disk friction Eq. (T3.6.6) 
fRS frequency of rotating stall 
fη correction factor for efficiency (roughness, viscosity) Eq. (3.31) 
 

g acceleration due to gravity (g = 9.81 m/s2, rounded) appendix A.4 
H head per stage Tables 2.2, 3.3 
HMat hardness of material Table 14.16  
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Hs hardness of solid particle Table 14.16  
Htot total head of a multistage pump Table 2.2 
Hp static pressure rise in impeller Eq. (T3.3.8) 
htot total enthalpy Eq. (1.4) 
h casing wall thickness (at location of accelerometer) Table 6.1 
hD casing cover wall thickness Table 6.1 
Iac acoustic intensity Table 6.1 
IRef reference value for intensity Table 6.1 
i incidence (i = blade angle minus flow angle) Table 3.1 
Jsp integral over diffuser or volute throat area Eq. (3.15); (4.13) 
k rotation of fluid in impeller sidewall gap k = β/ω Eq. (9.1), Table 9.1 
kE, kz rotation of fluid at inlet to impeller sidewall gap Fig.  9.1 
k stiffness Eq. (10.7) 
kc cross coupled stiffness Eq. (10.7) 
kn  blockage caused by hub: kn = 1 – dn

2/d1
2 

kR radial thrust coefficient (steady component) Eq. (9.6) 
kR,D radial thrust coefficient referred to d2 (steady) Table 9.4 
kR,dyn dynamic (unsteady) radial thrust coefficient Table 9.4 
kR,tot total radial thrust coefficient (steady and unsteady) Table 9.4 
kR,o radial thrust coefficient (steady) for operation at Q = 0 Table 9.4 
kRu radial thrust coefficient (steady) Eq. (9.7) 
kRR disk friction coefficient Table 3.6 
L length 
LPA A-type sound pressure level Table 10.4 
LDam damage length 
Lcav cavity length 
M torque 
m difference of impeller and diffuser periodicity Chap. 10.7.1 
m mass coefficient Eq. (10.7) 
m  mass flow rate 
mc cross coupled mass Eq. (10.7) 
NDE non drive end 
NPSH net positive suction head 
NPSHA net positive suction head available Table 2.2, Table 6.2 
NPSHi net positive suction head required for cavitation inception 
NPSHR net positive suction head required according to a specific cavitation 

criterion Chap. 6.2.2, 6.2.5, 6.3 
NPSHx net positive suction head required for operation with x-per cent head 

drop Chap. 6.2.2 
NL fluid-borne sound pressure as RMS value; NL* = 2NL/(ρ×u1

2) 
NLo background sound pressure Chap. 6.5 
n rotational speed (revolutions per minute) 
n(s) rotational speed (revolutions per second) 
nN nominal speed 
nq specific speed [rpm, m3/s, m] Table D2.1, Chap. 3.4, Table 3.4 
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nss suction specific speed [rpm, m3/s, m] Chap. 6.2.4, Table 3.4 
P power; without subscript: power at coupling  
Pi inner power Table 3.5 
Pm mechanical power losses Table 3.5 
Pu useful power transferred to fluid Pu = ρ×g×Htot×Q Table 3.5 
PRR disk friction power Tables 3.6, 3.5 
PER specific erosion power PER = UR×ER  Table 6.1 
Per disk friction power loss caused by balance device Table 3.6 
Ps3 power loss dissipated in inter-stage seal Tables 3.5, 3.7(1) 
PI pitting index Eq. (14.8) 
p static pressure 
p periodicity Chap. 10.7.1 
pamb ambient pressure at location of pump installation (usually atmos-

pheric pressure) 
pe pressure above liquid level in suction reservoir Table 2.2 
pg gas pressure (partial pressure) Appendix A.3 
pi implosion pressure Table 6.1 
pv vapor pressure 
Q flow rate, volumetric flow 
QLa flow rate through impeller: QLa = Q + Qsp + QE + Qh = Q/ηv 
QLe flow rate through diffuser: QLe = Q + Qs3 + QE 
QE flow rate through axial thrust balancing device 
Qh flow rate through auxiliaries (mostly zero) 
QR rated flow or nominal flow rate Chap.15 
Qsp leakage flow rate through seal at impeller inlet Tables 3.5, 3.7(1) 
Qs3 leakage flow rate through inter-stage seal Tables 3.5, 3.7(1) 
q* flow rate referred to flow rate at best efficiency point: q*  Q/Qopt 
R, r radius 
RG degree of reaction Chap. 3.2 
Re Reynolds number, channel: Re = c×Dh/ν; plate or blade: Re = w×L/ν 
Ro Rossby number Chap. 5.2 
Rm tensile strength 
RMS root mean square 
R gas constant Table 13.3 
r3q equivalent radius of volute throat area Table 7.7 
S submergence Chap. 11.7.3 
S sound absorbing surface of inlet casing Table 6.1 
SG specific gravity; SG  / Ref with Ref = 1000 kg/m3 
SStr Strouhal number Table 10.13 
s radial clearance Eq. (3.12), Fig. 3.12, Table 3.7(1) and (2) 
sax axial distance between impeller shrouds and casing Fig. 9.1 
T temperature 
t time 
t pitch: t = π×d/zLa (or zLe) 
tax axial casing part in impeller sidewall gap Fig. 9.1 
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U wetted perimeter (of a pipe or channel) 
UR ultimate resilience: UR = Rm

2/(2×E) Table 6.1 
u circumferential velocity u = π×d×n/60 
V volume 
w relative velocity 
w1q average velocity in impeller throat area  w1q = QLa/(zLa×A1q) 
x dimensionless  radius x = r/r2                              Table 9.1 
x gas (or vapor) mass content; mass concentration of solids Chap. 13 
xD mass concentration of dissolved gas Appendix A.3 
xov overlap at impeller/diffuser side disks Fig. 9.1 
Y specific work Y = g×H 
Ysch ≡ Yth specific work done by the impeller blades: Yth = g×Hth Table 3.3 
Yth∞ specific work done by the impeller blades with vane congruent flow 
y+ dimensionless distance from the wall  Table 8.1 
Z real gas factor Table 13.3 
Zh hydraulic losses (impeller: ZLa diffuser: ZLe) 
z height coordinate 
zLa number of impeller blades 
zLe number of diffuser vanes (volute: number of cutwaters) 
zR number of return vanes 
zpp number of pumps operating in parallel 
zst number of stages 
zVLe     number of vanes of pre-rotation control device  
 
α  GVF gas content, gas volume fraction, void fraction Table 13.2 
α angle between direction of circumferential and absolute velocity 
αk notch factor Eq. (T14.1.7) 
αT total absorption coefficient Table 6.1 
β angle between relative velocity vector and the negative direction of 

circumferential velocity  
β angular velocity of fluid between impeller and casing Chap. 9.1 
β mass transfer coefficient Chap. 14.3, Table 14.8 
γ impeller discharge coefficient (“slip factor”) Table 3.2 
δ* displacement thickness Eq. (1.18) 
Δp*d pressure pulsations  (dimensionless) Eq. (10.1) 
Δpa amplitude of pressure pulsations Chap. 10.2.6 
Δpp-p pressure pulsations measured peak-to-peak Chap. 10.2.6 
ε angle in polar coordinate system 
ε equivalent sand roughness Chap. 1.5.2  
εsp wrap angle of the inner volute (for double volutes) Table 0.2 
ζ loss coefficient (with subscript La, Le, Sp etc.) Table 3.8 
ζa lift coefficient Tables 7.1, 7.4 
ζw drag coefficient Table 7.4 
ηvol, ηv volumetric efficiency Eq. (T3.5.9) 
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η overall efficiency (at coupling) Eq. (T3.5.3) 
ηi inner efficiency Eq. (T3.5.5) 
ηh hydraulic efficiency Eq. (T3.5.8) and Table 3.8 
ηD diffuser efficiency Eq. (1.43) 
ηst stage efficiency Eq. (T3.5.7) 
θu similarity parameter for cavitation erosion Table 6.1 
ϑ diffuser opening angle Eq. (1.42) 

 exponent of isentropic expansion/compression Table 13.3(2) 
λ angle between vanes and side disks (impeller or diffuser) Table 0.1 
λ power coefficient Table 3.4 
λ wave length Table 10.12 
λc, λw coefficient for NPSH calculation Eq. (6.10) 
λR friction coefficient for pipes and channels Eq. (1.36) 
μ dynamic viscosity: μ = ρ×ν 
ν kinematic viscosity: ν = μ/ρ 
ν hub ratio  ν = dn/d1a 

ν1, ν2 vibration orders, natural numbers (1, 2, 3, ….) 
ξ hydraulic vane loading according to [7.2] Table 7.1 
ρ density 
ρ" density of gas or saturated vapor  
ρmat density of material 
ρp density of casing material 
ρs density of solids suspended in the fluids Chap. 13.4, 14.5 
σ cavitation coefficient (same subscripts as NPSH)  Table 3.4 
σ mechanical stress Chap. 14.1 
τ blade blockage factor  Table 0.1 
τ shear stress 
ϕ flow coefficient Table 3.4 
ϕsp flow coefficient of impeller sidewall gap Table 9.1 
ψ head coefficient Table 3.4 
ψp pressure coefficient of  static pressure rise in impeller Table 3.3 
Ω orbit- (vibration-)circular frequency Chap. 10.6.2 
Ωlimit orbit frequency of stability limit Eq. (10.9) 
ω angular rotor velocity 
ωE circular natural frequency Chap. 10 
ωs universal specific speed Table D2.1, Table 3.4 

Subscripts, superscripts, abbreviations 

Sequence of calculations: in the pumping mode the fluid flows from station 1 to 6, 
in the turbine mode from 6 to 1: 
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1 impeller blade leading edge (low pressure) 
2 impeller blade trailing edge (high pressure) 
3 diffuser vane leading edge or volute cutwater 
4 diffuser vane trailing edge 
5 return vane leading edge 
6 return vane trailing edge 
A plant 
a plant, executed pump, prototype  
al allowable 
ax axial 
a,m,i outer, mean, inner streamline 
B blade angle (impeller, diffuser, volute cutwater) 
cor corrosion 
DE drive end (coupling end of a pump shaft) 
Ds (FS) front shroud 
d discharge nozzle 
ER erosion 
eff effective 
FS front shroud 
GVF gas volume fraction, void fraction Table 13.2 
h hydraulic 
L run-away in turbine mode (M = 0) Chap. 12 
La impeller 
Le diffuser 
LE leading edge 
M model  
m meridional component 
max maximum 
min minimum 
mix two-phase mixture 
NDE non-drive end (of a pump shaft) 
o shut-off operation (Q = 0) 
opt operation at maximum (best) efficiency (BEP) 
P pumping mode Chap. 12 
PS (DS) pressure surface (pressure side) 
pol polytropic  Chap. 13.2 
q average velocity calculated from continuity (to be distinguished 

from velocity vector) 
RB onset of recirculation 
Rec (Rez) recirculation 
Ref reference value 
RR disk friction Chap. 3.6.1, Table 3.6 
RS rear shroud or hub 
r radial 
s inlet or suction nozzle 
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s solid particle Chap. 13.4 
sch blade or vane 
SF shockless flow (zero incidence) Eq. (T3.1.10) 
Sp volute 
sp annular seal, leakage flow 
SPL single-phase liquid 
SS suction surface (suction side) 
st stage 
stat static 
T turbine mode Chap. 12 
TE trailing edge 
TP two-phase 
Ts (RS) rear shroud or hub 
th theoretical flow conditions (flow without losses) 
tot total (total pressure = static pressure + stagnation pressure) 
u circumferential component 
v loss 
v viscous fluid Chap. 13 
w water Chap. 13.1 
w resistance curve in turbine mode locked rotor (n = 0) Chap. 12 
zul (al) allowable 

The following are superscripts: 

' with blade blockage Tables 0.1, 3.1 
* dimensionless quantity: all dimensions are referred to d2 e.g.  

b2* = b2/d2, velocities are referred to u2, e.g. w1* = w1/u2 
' liquid phase Chap. 6 & 13 
" gaseous phase Chap. 6 & 13 
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Table 0.1  Dimensions and flow parameters 

 Location, main 
dimensions 

Blade blockage Flow parameters 
Vane 
angles 

without 
u1a, u1m, u1i, c1m, 
c1u, c1, w1, α1, β1 

Inlet: 
d1a, d1m, d1i, dn, a1, 
e1 

LaB11

1La
1

sinsind  
ez1

1

λβπ
−

=τ  c1m′, c1u, w1′, c1′, 
α1′, β1′ 
w1q = QLa/(zLa A1q) 

β1B,a 
β1B 
β1B,i  

LaB22

2La
2

sinsind 
ez

1

1

λβπ
−

=τ  c2m′, c2u, c2′, w2u, 
w2′, α2′, β2′ Im

pe
lle

r:
 z

L
a 

Outlet: 
d2a, d2m, d2i, 
b2, a2, e2, e 

without 
u2a, u2m, u2i, c2m, c2u 
c2, w2u, w2, α2, β2 

β2B,a 
β2B 
β2B,i  

without c3m, c3u, c3, α3  Inlet: 
d3, b3, a3, e3 
A3q = a3 b3 

LeB33

3Le
3

sinsind 
e z

1

1

λαπ
−

=τ  c3m′, c3u, c3′, α3′  
c3q = QLe/(zLe A3q) 

α3B,a 
α3B 

α3B,i 

D
iff

us
er

 o
r 

vo
lu

te
: z

L
e 

Outlet: 
d4, b4, a4, e4,  
A4 = a4 b4 

44Le

Le
4 a b z

Q
c =   α4B,a 

α4B 
α4B,i  

without c5m, c5u, c5, α5 Inlet: 
d5, b5, a5, e5 

5B5

5R
5

sin  d   
ez

1

1 

απ
⋅

−
=τ  c5m′, c5u, c5′, α5′ 

α5B,a 
α5B 
α5B,i 

B66
6R

6

sin d 
ez1

1

απ
−

=τ  c6m′, c6u, c6′, α6′ 

R
et

ur
n 

va
ne

s:
 z

R
 

Outlet: 
d6, b6, a6, e6 

without c6m, c6u, c6, α6  

α6B,a 
α6B 

α6B,i 

Note: 
All flow parameters can be supplemented by subscripts a, m or i in order to define the 
streamline e.g. c1m,a, β1a, β1i 
Without special subscript: u1 ≡ u1a and d1 ≡ d1a as well as d2 ≡ d2a, if d2a = d2i 
The meridional velocity components are equal in relative and absolute system: wm = cm 
Circumferential velocity components cu and wu are not influenced by blade blockage.  

Impeller shroud

Blade 

λLa or λLe 

 

 
Influence of blade inclination on blade 
blockage (twisted blades) 
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Table 0.2 (1) Geometric dimensions 
 
 
 e2 

a2 

2 H2

β2B

d1

b1

dn
d1b d1i

1 

β1B 

e 

e1 

a1 

d2i 
d2b 

d2a 

2

1

b2

d1a

 
 
 

d4 

4 

d3 

3 

d3

b3

b44

3

d4H4 
a3 

H3 

e3α3B

α4B

a4

b5

5

d5

H6

d6

b6

e6

a6 α6B 

e5 

α5B 

a5

 
 
 

4a

b1 

d1i 

d1b 
d2b 

b2 

d2i 

d2a

Dd

A3qi, a3i

A3qa, a3a

dz

e3

εSp

b3 dz

e3 
α3B 5

64i

 Outer volute

  Inner volute

  Outer channel
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Table 0.2 (2) Geometric dimensions 
 
 

H2 d2 

H3

H4

  Triangular section 
  Diffusing channel 

  Throat 

 
 

Impeller 
sidewall 
gaps and 
diffuser 
inlet ge-
ometry for 
multistage 
pumps 

 
Q SP 

xov 

G ap A

d2

sax

d w

Q S3 

d s3 

d sp 

d3

G ap B

G ap F

G ap E

Im pe ller s idew all gap

Im peller s idew all gap 

 

 

Diffuser 
inlet ge-
ometry 
with cham-
fer, for 
multistage 
pumps 

 [10.66] 

 

Q SP 

xov

Gap A

d2

sax

dw

Q S3 

ds3 

dsp 

d3

Gap B

Gap F

Gap E

Impeller sidewall gap

Impeller sidewall gap 

Chamfer
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Pump styles 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

OHH – Overhung Single Stage 
ISO 13709 (API 610) Type OH2 

OHC – Overhung Single Stage 
with Canned Motor 
API 685 

OHM – Overhung Singe Stage 
with Magnetic Coupling, API 685 OHV – Vertical Inline 

ISO 13709 (API 610) Type OH3 

BBS – Between Bearings Single Stage 
ISO 13709 (API 610) Type BB2 

GSG – Inline or Opposed Impeller 
Diffuser Barrel Type 
ISO 13709 (API 610) Type BB5 
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BBT - Between Bearings Two-Stage 
ISO 13709 (API 610) Type BB2 

BBT-D - Between Bearings 
Two-Stage Double Suction 
ISO 13709 (API 610) Type BB2 

MSD – Dual Volute Opposed 
Impeller Horizontally Split 
ISO 13709 (API 610) Type BB3 

CP – Dual Volute Opposed Im-
peller Barrel Type 
ISO 13709 (API 610) Type BB5 



1 Fluid dynamic principles 

The nearly inexhaustible variety of flow phenomena – from the flow through 
blood vessels, the flow in centrifugal pumps to global weather events − is based 
on a few basic physical laws only. In this chapter these will be briefly reviewed 
and their general nature illuminated. Emphasis will be on the phenomena which 
are of special interest and significance to the pump engineer. Basic knowledge of 
the terms of fluid dynamics is taken for granted. There is a wealth of textbooks 
and handbooks on fluid dynamics, only a few can be quoted: [1.1 to 1.7, 1.14]. 

1.1 Flow in the absolute and relative reference frame 

In turbomachine design a flow described in fixed coordinates is called an “abso-
lute” movement, while a flow in the rotating reference frame is termed “relative”. 
The flow in the relative reference frame corresponds to the movement that would 
be seen by a co-rotating observer. A point on a rotating disk is stationary in the 
relative reference frame, while it describes a circle in the absolute system. If a 
mass moves radially outward in a guide on a rotating disk, it follows a straight 
path in the relative reference frame, while it describes a spiral-shaped movement 
in the absolute reference frame. When transforming a movement from the absolute 
to the relative system, the centrifugal and Coriolis forces must be introduced. The 
absolute acceleration babs is then obtained as a vectorial sum from relative, cen-
trifugal and Coriolis acceleration as:1 
babs = dw/dt - ω2 r + 2(ω × w). 

 

 

α β 

w 

u 

c 

α β 

w 

u 

c 

 
Fig. 1.1. Vector diagram 

                                                           
1 Vectors are printed in bold characters. 
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The velocity conditions are described by three vectors: the peripheral velocity 
u = ω×r, the relative velocity w and the absolute velocity c which is obtained 
through the vectorial addition of u and w: c = u + w. In turbomachine design this 
addition is usually presented graphically by “velocity triangles” according to 
Fig. 1.1 (see Chap. 3.1). 

1.2 Conservation equations 

The conservation laws for mass, energy and momentum form the actual basis of 
fluid dynamics. These describe the (not strictly derivable) observation that neither 
mass nor energy nor momentum can be destroyed or created in a closed system or 
control volume. Accordingly, the following balance equation applies to each of 
the above quantities X: 

0Z
t
XXX 21 =+

Δ
Δ+−  (1.1) 

In Eq. (1.1) X1 stands for the input, X2 is the output, ΔX/Δt is the change in the 
control volume over time step Δt, and Z is an additional quantity (supplied or re-
moved mass, heat or work). In this general form, the conservation laws apply to 
steady and unsteady processes of any complexity with or without losses. Only 
steady processes with ΔX/Δt = 0 will be discussed in the following. If no mass, 
work or heat is supplied or removed (i.e. Z = 0), Input = Output applies. 

The consistent application of these seemingly trivial balance equations is often 
the only means of quantitatively treating complex problems without resorting to 
experiments. By applying the conservation laws to an infinitesimal volume ele-
ment of a flowing fluid, partial differential equations are obtained. These com-
pletely describe the three-dimensional flow field (continuity and Navier-Stokes 
equations) which, in general, cannot be solved analytically but only numerically. 

1.2.1 Conservation of mass 

To formulate the conservation laws, consider any control volume according to 
Fig. 1.2 which can be a streamline, a pipe or a machine. At the inlet cross section 
with the control surface A1, fluid enters with the velocity c1 and the density ρ1. 
The corresponding quantities at the outlet control surface are described by the sub-
script 2. The conservation of mass according to Eq. (1.1) yields with Z = 0: 

1 1 1 2 2 2m   A  c  =  A  c  = constant = ρ ρ  (1.2) 

and for incompressible flow (constant density): A1×c1 = A2×c2. This is the continu-
ity equation. It states that the incoming and outgoing mass flows are identical in 
magnitude for a given control volume under steady conditions. 
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A1, ρ1, h1 

h2

ρ2

A2 

n p1 

Z 

p2

n
c2 

1

2

c1

 
Fig. 1.2. Conservation of mass, energy and momentum 

1.2.2 Conservation of energy 

The conservation of energy is described by the first law of thermodynamics if the 
sum of input or output thermal power Pw and mechanical power P is substituted 
for Z: 

 0 = P + Ph m h m wTot,22Tot,11 ++  (1.3) 

In Eq. (1.3) hTot is the total enthalpy [B.3]; it is equal to the sum of the internal en-
ergy per unit mass U, the static pressure energy p/ , the kinetic energy ½c2 and the 
potential energy g×z: 

z g +
2

c + p +  U= h
2

Tot ρ
 (1.4) 

If the mass flows at the inlet and outlet of the control volume are equal 
(i.e. mmm 12 =−= ), the power of a turbomachine without heat exchange (Pw = 0) 
is obtained as the product of the mass flow and the difference of the total enthal-
pies at the machine inlet and outlet: 

 )h(h m = P Tot,1Tot,2i −  (1.5) 

Pi is the internal power; it is the sum of the mechanical energy transmitted to the 
fluid and all the losses which heat up the fluid, see Chap. 3.5. For exact calcula-
tions on high-pressure pumps, e.g. the thermometric determination of efficiency, 
as well as for all turbomachines with compressible flows, the generally applicable 
form of Eq. (1.5) must be utilized. The enthalpy difference is obtained from 
Eqs. (1.4) and (1.5) as follows: 

)z(z g +
2

cc + pp +  U-  U= 
m
P = h 12

2
1

2
212

12
i

Tot −−
ρ
−Δ  (1.6) 
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Since the exchange of heat with the environment has been neglected, the change 
of the internal energy U is obtained solely from the heating due to losses within 
the control volume or the machine. This is true for incompressible flow only; for 
liquids it is thus possible to set (U2 – U1) = Δpv/ρ. 

Equation (1.6) follows from the first law of thermodynamics; it describes the 
energy on a streamline without external work transmission (ΔhTot = 0): 

∂
∂ρ+Δρρρρ 2

1

s

s
v2

2
221

2
11 ds

t
cp + z g  + c 

2
 + p =z g  + c 

2
 + p  (1.7) 

This is Bernoulli’s equation for incompressible flows. Since all flow processes are 
inevitably affected by losses, it includes the loss element Δpv. Bernoulli’s equation 
must only be employed along streamlines or closed channels, because the ex-
change of mass and energy with the environment or adjacent streamlines is as-
sumed to be zero. To be able to use Eq. (1.7) for unsteady processes, it has been 
expanded by the term on the very right, which is obtained from Eq. (1.22). With 
∂c/∂t ≠ 0, integration follows the path from position s1 to s2. 

In the above form Eqs. (1.5) and (1.6) comprise all losses which lead to the 
heating of the fluid. If in Eq. (1.6) only the hydraulic losses (generated by the flow 
through the machine) are substituted for (U2 - U1) = Δpv/ρ, the total enthalpy dif-
ference ΔhTot corresponds to the theoretical work Yth of the pump: 

)z(z g + 
2

cc +pp + p = Y 12

2
1

2
212v

th −−
ρ
−

ρ
Δ  (1.8) 

The quantity Yth thus constitutes the work transmitted to the pumped medium per 
unit mass. Usually Yth is largely converted into useful work, while the losses 
(Δpv/ρ) lead to a − generally negligible − heating of the fluid. 

If we set U2 = U1, Eq. (1.6) yields the specific useful (isentropic) work 
Δhis = Y = g×H of a pump which constitutes the increase of the total pressure cre-
ated by the pump, see Chap. 2.2. 

1.2.3 Conservation of momentum 

According to Newton’s 2nd law of mechanics the change of the momentum 
(ρ×Q×c) of a mass over time is equal to the vectorial sum of all volume and sur-
face forces acting on the mass. Such are: (1) pressure forces p1×A1 and p2×A2 at 
the boundaries of the control volume, (2) external forces on fixed walls Fw, 
(3) gravity or other accelerations acting on a mass (“body forces”) and (4) friction 
forces due to wall shear stresses Fτ. Considering a control volume as per Fig. 1.2, 
the momentum conservation for steady incompressible flows can be described by: 

(p1 + ρ c1
2) A1 n1 + (p2 + ρ c2

2) A2 n2 = Fvol + Fw + Fτ (1.9) 

n1 and n2 are unit vectors directed outward normal to the areas A1 and A2. If the 
volume flow rate is explicitly introduced into Eq. (1.9), we get: 
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p1 A1 n1 + ρ Q c1 n1 + p2 A2 n2 + ρ Q c2 n2 = Fvol + Fw + Fτ (1.10) 

When applying the conservation of momentum in the form of Eqs. (1.9) or (1.10), 
the following must be observed: a) The equations are valid for steady incom-
pressible flow with uniform velocity and pressure distributions on the areas A1 and 
A2. b) A1 and A2 must be perpendicular to the velocity vectors. c) The signs of the 
outward-directed unit vectors must be treated carefully: c1 = - c1×n1 and c2 = c2×n2. 
d) All terms are vectors and must be added according to the rules of vector calcu-
lation. e) The successful application of momentum conservation equations often 
hinges on the appropriate choice of the control volume which must allow the 
quantification of pressures and velocities at the control surfaces. f) Avoid generat-
ing indefinable forces, when a control surface is placed through structures. 

Consider a sudden channel expansion according to Fig. 1.3 (“Carnot shock”) 
as an example for the application of the conservation of momentum and Ber-
noulli’s equation. Control surface 1 is positioned immediately downstream of the 
step; here pressure p1 is acting over the entire cross section A2, since the same 
pressure prevails in the jet and in the wake. Control surface 2 is selected down-
stream far enough for the flow to be uniform again. No external forces are acting 
normal to the channel walls: Fw = 0. Neglecting the gravity (Fvol = 0) and the force 
Fτ due to wall shear stresses (which are not transmitted in the wake), the pressure 
recovery according to Eq. (1.10) is obtained from: 

 p2 A2 + ρ Q c2 - p1 A2 - ρ Q c1 = 0. 

 Solving for the pressure recovery we get: 

−=ρ=−
2

1

2

1
p

2
1p12 A

A1
A
A2c    wherec

2
cpp  (1.11) 

From Eq. (1.7) it is then possible to calculate the pressure loss using Eq. (1.11): 
2

2

1
1

2
11

2
21v A

A1       e      wherc 
2

)c-c(
2

p −=ζρζ=ρ=Δ  (1.12) 

According to [1.3] the pressure recovery measured reaches approximately 95% of 
the theoretical values calculated from Eq. (1.11). 

 

A1 n1

p1 c1 

1 2

D1 A2 D2 

n2 

p2

c2 

1 2

c2A1=Ae

a) b) c)

D1
D2 

a

A2

21

 

Fig.  1.3. Sudden expansion. a to both sides; b orifice; c to one side 
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To get an essentially uniform flow velocity through exchange of momentum, a 
certain length of channel downstream of the expansion is required. It is given by: 

−≈
2

1

2 D
D1b

D
L       (1.12a) 

For an expansion to both sides according to Figs. 1.3a and b the factor b = 10 ap-
plies, while b = 20 must be used for a one-sided expansion according to Fig. 1.3c. 
Both values of b correspond to an angle of expansion of just under 3° which “lim-
its” the wake (these relationships were derived from data in [1.3]). Equations 
(1.11) and (1.12) can also be employed for orifices or other cases with a jet con-
traction, if A1 is substituted for the contracted cross section Ae (also termed “vena 
contracta”) as indicated in Fig. 1.3b. The contracted cross section is calculated 
from Ae = μ×A1; the contraction coefficient for sharp-edged orifices is approxi-
mately μ = 0.61, if A1 << A2. 
Conservation of angular momentum: Another consequence of Newton’s 2nd law 
of mechanics is the conservation of the angular momentum (or the “moment of 
momentum”) which is of fundamental significance to all turbomachines. Accord-
ingly, the change of the angular momentum is equal to the sum of the external 
moments. Angular momentums ρ×Q×r×cu at inlet and outlet, an external torque M 
and friction moments due to shear stresses Mτ are acting on an impeller or a dif-
fuser. Since no pressure forces are created on cylindrical surfaces in the circum-
ferential direction, it is possible to write Eq. (1.10) as: 

ρ Q (c2u r2 – c1u r1) = M + Mτ (1.13) 

This is Euler’s turbine equation where c2u is the circumferential component of the 
flow velocity at the outlet of the control volume, r2 is the outer radius of the impel-
ler and c1u and r1 are the corresponding quantities at the inlet. As will be explained 
in Chap. 3.2, the specific work done by an impeller is obtained from Eq. (1.13) 
with M×ω = P and neglecting Mτ: 

Yth = c2u u2 – c1u u1 (1.14) 

Substituting Eq. (1.14) in Eq. (1.8), Bernoulli’s equation in the relative reference 
frame is obtained (with z1 = z2). In the derivation, c2 = w2 - u2 + 2×u×cu was used 
which follows from the velocity triangles, Chap. 3.1: 

v
2

2
2

22
2

1
2

11 p + u 
2

  w
2

 + p = u 
2

   w
2

 + p Δρ−ρρ−ρ  (1.15) 

This consideration shows that, with an incompressible flow, the conservation of 
energy is always satisfied simultaneously with the conservation of momentum. 

If no external moments are active – i.e. M and Mτ in Eq. (1.13) are zero – con-
serving the angular momentum requires cu×r = constant for a flow free of forces. 
This relationship is of fundamental significance to all flows moving with tangen-
tial velocity components in radial direction. Examples are the flow exiting from an 
impeller into a collector, the flow in radial inlet chambers, in pump sumps, and, in 
general terms, the creation and movement of vortices (e.g. a tornado). 
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1.3 Boundary layers, boundary layer control 

In technically relevant fluid processes, the flow occurs relative to stationary walls 
(e.g. pipelines or channels) or moving structures (such as air foils or impellers). 
Although the fluid near the wall comprises only a fraction of the flow field, it 
largely determines losses and velocity distributions in or around a component. In 
classical fluid dynamics the flow field is described by an “inviscid” main flow 
(which is considered as being free of friction) and a boundary layer flow capturing 
the processes near solid walls. In this concept it is assumed that the relative veloc-
ity is zero immediately at the wall (“no-slip condition”) and that no gradients of 
the static pressure occur perpendicular to the wall within the boundary layer 
(∂p/∂y = 0). Consequently, the core flow imparts the pressure to the boundary 
layer and determines the pressure distribution in the flow field under considera-
tion. All streamlines have the same pressure gradient ∂p/∂x in the flow direction 
but possess different amounts of kinetic energy. 

Owing to the no-slip condition, the fluid adhering to a stationary wall (e.g. a 
pipe or a diffuser) has an absolute velocity of zero. In contrast, on the walls of a 
rotating impeller it has a relative velocity of zero. Accordingly, a fluid particle ad-
hering to the walls or blades of an impeller moves with the absolute velocity 
cu = u = ω×r. 

Apart from molecular diffusion no exchange between the individual streamlines 
takes place in a laminar flow. In contrast, mixing movements perpendicular to the 
flow occur in turbulent flows in which eddies of finite magnitude ensure the lat-
eral transport. This exchange of momentum caused by turbulence largely deter-
mines the thickness of the turbulent boundary layer and the velocity distribution 
over the channel cross section. In this way, the fluid layers near the wall are sup-
plied with energy through increased turbulence, resulting in a reduced boundary 
layer thickness and a fuller velocity profile. 

The velocity distribution in a pipe of radius R with developed turbulent flow is 
approximately given by the following formula: 

x
max

2
max m

ww r (y 1) (2y 1) = 1-     and     
w R w 2 y

+ +=  (1.16) 

In Eq. (1.16) it is x = λR
0.5 and y = λR

-0.5. This formula takes into account the ef-
fects of the Reynolds number and roughness since the friction coefficient λR de-
pends on both these quantities. Wall roughness reduces the velocity in the bound-
ary layer, thereby creating higher hydraulic losses (Chap. 1.5.1). The boundary 
layer thickness increases with the roughness; the hydraulic losses grow and the 
wall shear stresses drop with the boundary layer thickness. 

Figure 1.4 depicts schematically the development of a two-dimensional bound-
ary layer in a channel. Suppose the channel has a constant cross section in domain 
A, thus w = constant and wx/ x = 0. At the inlet the boundary layer thickness 
tends to zero and grows with increasing flow path length. The boundary layer is 
laminar at the inlet. Provided that the main flow is turbulent, the boundary layer, 
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Fig. 1.4. Boundary layers with positive and negative pressure gradients 

too, becomes turbulent after a certain length of the flow path while a laminar sub-
layer remains. 

The transition from a laminar to a turbulent boundary layer (depicted in 
Fig. 1.5) depends on: Reynolds number, surface roughness, turbulence of the outer 
flow, pressure gradient and wall curvature. 

 

Fig. 1.5. Boundary layer transition from laminar to turbulent 

If the flow is accelerated (domain B in Fig. 1.4), wx/ x > 0 and p/ x < 0 ap-
ply according to Eq. (1.7). The boundary layer thickness then decreases; in accel-
erated flow correspondingly lower hydraulic losses are experienced. The maxi-
mum shear stress on the wall occurs at p/ x < 0; fuller velocity profiles are 
obtained with increasing acceleration. Accelerating inlet chambers therefore pro-
duce more uniform inflows to the impeller of a pump. 

In decelerated flow (Fig. 1.4, domain C) wx/ x < 0 and accordingly p/ x > 0 
applies. The boundary layer thickness grows and the wall shear stress drops; it be-
comes zero at a certain deceleration (profile 5 in Fig. 1.4). At this point the flow 
separates from the wall (it “stalls”), resulting in recirculation in the boundary layer 
further downstream (profile 6). Due to the separation the main flow contracts and 
accelerates in accordance with the reduced cross section. Downstream it inter-
mixes with the wake through the exchange of momentum. These processes result 
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in correspondingly high hydraulic losses which generate a drop of the static pres-
sure (refer to Chap. 1.6). 

If the channel cross section is other than circular, the velocity distribution is not 
rotational-symmetric. Similar to Eq. (1.16), different velocity profiles are expected 
in sections A-A and B-B (diagonal) of a square channel (Fig. 1.6). Consequently, 
the wall shear stresses change over the channel perimeter. The shear stresses are 
lowest in the diagonal B-B and greatest in section A-A. Since the static pressure 
(with flow in straight channels) is constant over the cross section, the equation: 

L  U
2

wc  = L  U = p
2

f ΔρΔτΔ             (U = wetted perimeter) (1.17) 

can only be satisfied if fluid is transported through compensatory flows normal to 
the channel axis from locations with low shear stress to zones with higher shear 
stress. Such secondary flows occur, for example, in triangular or square channels 
(Fig. 1.6), hence also in the impeller or diffuser channels. Vortices (“corner vor-
tices”) develop in the corners of a channel, between blades and shroud or between 
pillar and baseplate. Their effect can be observed when abrasive particles are car-
ried with the flow giving rise to erosion, Chap. 14.5.  

Corner vortices can also play a role in cavitation (Chap. 6), since the pressure 
in the vortex core drops relative to the pressure in the main flow, Chap. 1.4.2. The 
velocity components of the secondary flow attain approximately 1 to 2% of the 
velocity in mid channel, [1.2]. By rounding the corners the losses can be some-
what reduced. 

 

A - A 

B – B 

τa > τb

A 

B

A

B 

a b

w

 

Fig. 1.6. Secondary flow in a square channel  
a) cross section, b) velocity distributions in sections A-A and B-B (diagonal) 

There are a number of methods of boundary layer control that aim at reducing 
the flow resistance and retarding stall: (1) The point of separation in diffusers or 
on air foils can be shifted downstream through boundary layer extraction. (2) By 
injecting fluid, energy can be supplied to the boundary layer or separation en-
forced. (3) Boundary layer fences may be designed to change the flow direction in 
the boundary layer in order to prevent the development of large vortices, or to sub-
ject the boundary layer flow to the same deflection as the main flow. (4) By means 
of very fine longitudinal grooves it is possible to influence the vortex structure in 
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the boundary layer in a way that the flow resistance is reduced by several percent. 
(5) The admixture of friction-reducing agents has a similar effect by reducing the 
thickness of the boundary layer. (6) Turbulence or swirl generators can be em-
ployed to supply energy to the fluid near the wall through the exchange of mo-
mentum. In this manner the boundary layer thickness, hence losses, as well as the 
separation tendency can be reduced. 

The boundary layers in decelerated flow through pumps are mostly three-
dimensional. In the impeller they are also subjected to centrifugal and Coriolis 
forces. Such complex conditions are not amenable to analytical treatment. How-
ever, if an estimation of the boundary layer thickness is desired, the conditions on 
a flat plate without pressure gradients may be used for want of better information. 
To this end the displacement thickness δ* may be used; it is defined by Eq. (1.18): 

δ

∞
−≡δ

0

x dy
w
w1  *  (1.18) 

The integration is performed up to the boundary layer thickness δ which is defined 
by the point where the local velocity reaches 99% of the mean velocity of the core 
flow. The displacement thickness with laminar or turbulent flow over a hydrauli-
cally smooth plate is obtained from: 

lam
x

1.72 x*  =   
Re

δ  turb 0.139
x

0.0174 x*  = 
Re

δ  x
x

w  x
with:  Re  = 

ν
 

 
(1.19a, b, c) 

Here x is the length of the flow path calculated from the leading edge of the plate 
or component. Depending on the turbulence of the upstream flow and the rough-
ness of the plate, the change from a laminar to a turbulent boundary layer occurs 
in the range of 2×104 < Rex < 2×106, refer also to Eq. (1.33b). These equations 
show that the boundary layer thickness grows from the leading edge at x = 0 with 
the length of the flow path and the viscosity of the fluid. The above formulae can 
also be used for the inlet into a channel or other components, provided the bound-
ary layer thickness is significantly less than half the hydraulic diameter of the 
channel so that the boundary layers of opposite walls do not exert a noticeable ef-
fect on each other. Consider for example an impeller with an outlet width of 
b2 = 20 mm and a blade length of L = x = 250 mm delivering cold water at a rela-
tive velocity of wx = 24 m/s. From Eqs. (1.19b and c) we find at the impeller out-
let: Rex = 6×106 and *turb = 0.5 mm. Since δ* is much smaller than b2 no appre-
ciable interaction of rear and front shroud boundary layers would be expected. 
Boundary layer considerations based on Eqs. (1.19a to 1.19c) would therefore be 
relevant as a first approximation. 

The inlet length Le necessary to establish fully developed flow in pipes can be 
determined from Eq. (1.19d), [1.5] (in laminar flow Le is much longer than in tur-
bulent flow):

e

h

L
14.2 log Re 46

D
= −        valid for Re > 104    with  hc D

 Re = 
ν

 (1.19d) 
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1.4 Flow on curved streamlines 

1.4.1 Equilibrium of forces 

According to Newton’s law of motion a body remains in uniform, straight-line 
motion (or at rest) if it is not compelled by external forces to change this condi-
tion. To move a body or a fluid particle on a curved path, a force must conse-
quently be exerted on that body. To visualize this fact, consider a point mass m on 
a rotating disk; the mass is held by a spring and is able to move in a radial guide 
Fig. 1.7. If the disk rotates with the angular velocity ω, the spring is tensioned so 
that a radius rg is obtained where the spring force K×Δr is equal to the centrifugal 
force m×ω2×rg.  The spring force that compels the mass to move along a circular 
path is directed radially inward; it is therefore called centripetal force. The spring 
force is opposed by the mass force m×ω2×rg (action equals reaction) which is 
called centrifugal force. (These relationships can be easily visualized by manually 
spinning a body on the end of a string.) 

                  m×ω2×rg 

K Δr 

 
Fig. 1.7. Movement of a point mass on a curved path 

Let us examine now the more general motion of a fluid particle on an arbitrary 3– 
dimensionally curved streamline: at any point and at any time it is possible to se-
lect a path element ds in the direction of the local velocity vector such that a plane 
according to Fig. 1.8 is spread through the momentary curvature radius r and the 
path element ds. A fluid element of mass dm is subjected to forces in the flow di-
rection and perpendicular to the streamline. Newton’s law F = m×dc/dt forms the 
basis for calculating these forces. 

First consider the forces acting in the direction of the motion. Since the velocity 
c(t, s) is a function of time and space, the change in velocity is: 

ds 
s
c +dt  

t
c = dc

∂
∂

∂
∂  (1.20) 
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Fig. 1.8. Equilibrium of forces acting on a fluid element 

Taking into account that ds/dt = c, the acceleration becomes: 

s
c c +

t
c = 

dt
ds 

s
c + 

t
c = 

dt
dc

∂
∂

∂
∂

∂
∂

∂
∂  (1.21) 

The fluid element is exposed to the pressure forces according to Fig. 1.8 and the 
gravity dm g×∂z/∂s; from Eq. (1.21) it follows: 

0 = 
s
z g + 

s
p 1 + 

s
c c + 

t
c

∂
∂

∂
∂

ρ∂
∂

∂
∂  (1.22) 

The integration of Eq. (1.22) yields Bernoulli’s Eq. (1.7) without the loss term. 
Similar to the above procedure we can write for cn(s, t) normal to the stream-

line: 

dt
ds 

s
c + 

t
c = 

dt
dc nnn

∂
∂

∂
∂  (1.23) 

With ds/dt = c and ∂cn/∂s = c/r the acceleration normal to the streamline becomes: 

r
c + 

t
c = 

dt
dc 2

nn
∂

∂  (1.24) 

Finally the equilibrium of forces perpendicular to the streamline is: 

0 = 
n
p 1 + 

n
zg + 

r
c + 

t
c 2

n
∂
∂

ρ∂
∂

∂
∂  (1.25) 

If the effect of gravity is negligible, we get for steady flow (with dn = - dr): 

r
c = 

dr
dp 2

ρ  (1.26) 
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These equations, which apply unconditionally to loss-affected flows, demonstrate 
that a flow on a curved path is always coupled to pressure gradients perpendicular 
to the flow direction such that the pressure decreases from the outside to the inside 
towards the momentary center of the streamline curvature. This pressure differen-
tial provides the centripetal force which makes flow on a curved path possible in 
the first place, keeping the body force (centrifugal force) acting on the fluid ele-
ment at equilibrium. Conversely, there follows the equally fundamental fact that 
transversal pressure gradients cannot exist in a straight flow. Consequently, a flat 
plate in a parallel flow creates a resistance (or “drag”), but is not subjected to any 
force perpendicular to the flow direction. 

In the general case, a flow around a body creates a force perpendicular to the 
flow direction, which is called hydrodynamic lift, as well as a drag opposing the 
flow. Lift can be generated only if pressure gradients are present perpendicular to 
the flow direction. As deduced above, this is only the case when the flow around 
the body moves on curved paths. Aerodynamic lift due to curved streamlines is 
generated when the flow around a body is asymmetric – either because that body 
is inclined against the incident flow or because it has an asymmetric shape. 

Consider an air foil according to Fig. 1.9 in a control volume, which is large 
enough so that the same atmospheric pressure p0 prevails on all of its boundaries. 
For the sake of illustration assume the lower side of the air foil to be essentially 
flat and parallel to the approaching flow w0, while the upper side of the wing is 
strongly curved. Underneath the air foil an almost undisturbed parallel flow must 
be assumed (except for the leading edge). Above the wing the flow is accelerated 
due to the displacement effect, causing the static pressure to drop locally from p0 
to p according to Eq. (1.7). The differential between p and po can only be main-
tained when the streamlines are sufficiently curved; refer also to [B.27]. This 
means that the possible pressure differentials adjust in a way that Eqs. (1.25) and 
(1.22) are satisfied (a friction term is added in the latter). The integral of the pres-
sure distribution over upper and lower surface of the air foil yields the hydrody-
namic lift. 

On the cambered air foil of Fig. 1.10 there is pPS > po on the lower wing surface, 
while pSS < p0 is found on the upper surface, Eq. (1.26). Of course, these consid-
erations are not restricted to the specific shapes of the air foils shown in Fig. 1.9 or 
19.B, but apply quite generally to inclined plates and all possible shapes of wings, 
blades or structures: the curvature of the streamlines creates pressure gradients 
perpendicular to the main flow, and this generates the hydrodynamic lift. Equa-
tion (1.25) therefore is of fundamental significance for understanding the origin of 
lift forces on air foils or on turbomachine blades. Hydrodynamic lift is frequently 
described as a circulation superimposed on a parallel flow according to the law of 
Kutta-Joukowsky where inviscid flow is assumed. This approach may be of ser-
vice for the mathematical treatment. However, the physical meaning is less obvi-
ous, since the circulation cannot be measured in reality. 
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Fig. 1.9. Flow around an air foil 

 

RPS RSS 

pPS > p0 

pSS < p0 

 
Fig. 1.10. Cambered air foil 

In a turbomachine impeller the absolute flow always occurs along curved paths 
whose shape is determined by the kinematics of the flow around the rotating 
blades. This is even true for an impeller with many closely-spaced radial blades. 
Here the pressure distribution in the impeller is basically established in accordance 
with Eq. (1.25). These relationships also explain why the pressure in the impeller 
increases from the inside to the outside, why the fluid in a pump flows from the 
lower to the higher pressure and why the pressure increases even though the abso-
lute flow in the impeller is accelerated. 

1.4.2 Forced and free vortices  

Forced vortex: Consider the movement along concentric circular paths as it oc-
curs when a liquid-filled cylindrical vessel rotates around its axis. Here the liquid 
rotates like a solid body with cu = u = ω×r (assuming stationary conditions). 
Hence, the integration of Eq. (1.26) produces the pressure distribution in the ves-
sel as follows: 

−ρ−ωρ− 1
r
r c 

2
 = )r(r  

2
 = pp 2

0

2
2

u,0
2

0
22

0  (1.27) 

In the relative reference frame (viewed by the co-rotating observer), no flow is 
present in this case, the fluid is at rest. In the absolute reference frame, it consti-
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tutes a rotational flow described as a “forced vortex”. In the sidewall gaps between 
the impeller and the casing, for example, a forced vortex according to Eq. (1.27) is 
created, when there is no leakage flow through the sidewall gap, Chap. 9.1. 
Free vortex: If the flow follows the conservation of angular momentum, the pres-
sure distribution is obtained after integration when cu×r = cu,0×r0 = constant is sub-
stituted in Eq. (1.26): 

−ρ− 2

2
02

u,00
r
r1 c  

2
 = pp  (1.28) 

In this case the pressure from the inside to the outside increases less strongly than 
according to Eq. (1.27). The flow is non-rotational and is called a “free vortex”. 
Air-drawing vortices: Consider a vortex in a tank whose dimensions are large 
compared to the dimensions of that vortex. Measure the velocity cu,o at any radius 
ro of the vortex where a pressure po is assumed to prevail. In a large liquid-filled 
tank this is usually a free vortex. However, in the vortex center, at radius r = 0, 
Eq. (1.28) would yield an infinitely large drop in pressure. Since this is physically 
impossible, a forced vortex with ω = constant is established in the core of the vor-
tex. Hence a vortex in a real fluid consists of a core in which forced rotation oc-
curs and an outer flow which follows the laws of the free vortex. This combined 
vortex is called “Rankine vortex”. The model of the Rankine vortex approximately 
describes the flow conditions in a tornado [1.5] or in vortices which can lead to 
problems in pump inlets (vortices are discussed in detail in Chap. 11.7.3). 

The formulae for the Rankine vortex are summarized in Table 1.1 where rk is 
the core radius that defines the boundary between forced and free vortex. These 
formulae were evaluated in Fig. 1.11: the lower part of the figure shows the liquid 
level depression in a vortex that can be observed in flows with a free surface in a 
tank or a river. The velocity distribution is plotted in the upper graph. 
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Fig. 1.11. Velocity profile and liquid level in a Rankine vortex 
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Table 1.1 Rankine vortex 
Vortex core with radius rk Outer domain Eq. 

Forced vortex Free vortex Domain 

0 < r < rk r > rk 

 

Velocity distribu-
tion k

k,uu r
rcrc =ω=  

r
rc

r2
c k

k,uu =
π
Γ=  1.1.1 

Circulation ωπ=π=Γ 2
u r2cr2  k,uk cr2 π=Γ  1.1.2 

Vorticity Ω = rot cu Ω = 2 ω           with    ω = cu,k/rk Ω = 0 1.1.3 

Pressure distribu-
tion 

−ρ−ωρ− 1
r
r c 

2
 = )r(r  

2
 = pp 2

k

2
2

ku,
2

k
22

0
 −ρ− 2

2
k2

ku,0
r
r1 c  

2
 = pp  1.1.4 

Liquid level depres-
sion 2

u,k

2 g h   =  -1.0
c

Δ  
2

u,k

2 g h   = 1.0  for r
c

Δ → ∞  1.1.5 

Total liquid level 
depression  

Theoretical:     
2

u,k

2 g h  = 2.0
c

Δ       real:     
2

u,k

2 g h  = 0.6 to 0.72
c

Δ  1.1.6 

According to Table 1.1, the pressure (or liquid level) is lowered by the same 
amount in the vortex core and in the outer flow. The velocity and pressure or level 
curves in the graph are theoretical, since viscosity effects in real flows yield flatter 
velocity gradients at the transition from the core to the outer flow. The real liquid 
level depression is only about 30 to 36% of the theoretical value, i.e. 
Δh = (0.3 to 0.36)cu,k

2/g, [11.15]. Because of its dimensionless presentation 
Fig. 1.11 is universally applicable.  

1.4.3 Flow in curved channels 

The pressure in a curved channel decreases from the outside to the inside in the di-
rection of the center of curvature according to Eq. (1.26). This pressure gradient 
imparts to the fluid the necessary centripetal acceleration that allows motion on a 
curved path. The flow velocity near the wall (in the boundary layer) is lower than 
in the center of the channel, but the pressure gradient perpendicular to the stream-
lines is imposed by the main flow. Therefore the boundary layer flow must follow 
a narrower radius than the main flow in a way that the equilibrium according to 
Eq. (1.26) is established. The boundary layer flow is therefore deflected towards 
the inside as indicated in Fig. 1.12a. Satisfying the continuity condition, fluid in 
the center of the channel is transported to the outside so that the secondary flow 
sketched in Fig. 1.12b is obtained. In a section through the channel this flow ap-
pears as a dual vortex superimposing itself on the main flow and resulting in a spi-
ral-shaped flow path. Note that the main flow is deflected to the outside against a 
positive pressure gradient. 
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The development of the secondary flow can also be described as follows: Be-
cause of their greater velocity the fluid particles in the center of the channel are 
subjected to greater centrifugal forces than the slower flowing particles near the 
wall. Center flow particles are consequently deflected to the outside; for continuity 
reasons fluid will flow back to the inside through the boundary layer. 

Since the formation of the secondary flow requires a certain flow path length, a 
velocity distribution similar to the angular momentum conservation of 
cu×r = constant initially forms in the inlet region of the bend. There, the velocity 
maximum is thus found near the inner streamline. Further in the bend, the secon-
dary flow transports fluid towards the outer streamline, where the velocity maxi-
mum is found at the outlet of the bend, Fig. 1.12c. In sharp bends flow separation 
occurs in the inlet domain on the outer streamline since the fluid has to travel 
against a positive pressure gradient (pa > p1 according to Eq. (1.26)). Separation 
likewise occurs on the inner streamline in the outlet region since the fluid flows 
against a positive pressure gradient here too (pi < p2), see Fig. 1.12c. In terms of 
pressure and velocity distribution the effect of the bend is already noticeable at 
approximately L = 1×D upstream. Since a swirling flow is usually quite stable, 
uniform pressure and velocity distributions are only found after a distance of 50 to 
70 pipe diameters downstream of a sharp bend. This fact has to be taken into ac-
count when doing experiments. The secondary flow has an important effect on the 
velocity distribution in stationary or rotating curved channels (impellers). These 
flow mechanisms basically apply to all curved channels, while the shape of the 
channel cross section exerts an additional influence. 

An example of the frequently dominating influence of the secondary flow can 
be observed along brooks and rivers: sand is deposited on the inside of the bend 
and eroded from the outside creating meanders (a superficial consideration might 
expect sand deposits on the outer streamline due to centrifugal forces). 
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Fig. 1.12. Flow in a bend: a origin of secondary flow (subscript BL refers to the boundary 
layer); b secondary flow; c pressure and velocity distributions 
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The dual vortices created by the secondary flow are unsteady: they change their 
shape and size as a function of time, see Chap.  10.12.4. 

For Re = c×D/ν > 5×105 the pressure differential between outer and inner 
streamline of a bend can be calculated directly from Eq. (1.26) if Δr = Ra - Ri = D 
is substituted and Rm is the radius of curvature of the center streamline: 

2

m
ia c  

R
D = pp ρ−            D = pipe diameter (1.29) 

In a bend with Rm/D = 2 the pressure differential between outer and inner stream-
line is therefore equal to the stagnation pressure. In the range 4000 < Re < 5×105 
the pressure differential obtained from Eq. (1.29) must be multiplied by the factor 
(5×105/Re)0.17. 

1.5 Pressure losses 

Energy losses in a flow system are caused by friction and flow separation. Stall 
creates particularly high losses caused by the mixing of stalled fluid with the non-
separated flow. In practice, information for the pressure loss calculation is often 
required; data of loss coefficients for frequently used components are compiled in 
Table 1.4, comprehensive collections of empirical loss coefficients can be found 
in the manuals [1.6], [1.5] and [1.2]. 

1.5.1 Friction losses (skin friction) 

Energy losses in a flow caused by non-separated boundary layers are termed fric-
tion resistances. The velocity gradients in the boundary layer create shear stresses 
according to: 

dy
dw ) + (  = tννρτ  (1.30) 

While the kinematic viscosity ν is a fluid property, the “eddy viscosity” νt depends 
on the intensity and structure of the turbulence. In laminar flow it is νt = 0, while 
νt >> ν applies to fully developed turbulent flow. Since Eq. (1.30) cannot be easily 
evaluated in practice, the wall shear stresses are represented by friction coeffi-
cients cf. 

2
f0 w

2
 c = ρτ  (1.31) 

The wall shear stress is a friction force dFτ per unit area between flow and wetted 
wall element dA, which amounts to dFτ = τ0×dA. The power dissipated is: 

dPd = w dFτ = ½ ρ cf w
3 dA (1.32) 
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The friction coefficients cf must be obtained from tests (or boundary layer calcula-
tions). For estimating purposes the friction coefficients of flat plates are frequently 
used. They are presented in Fig. 1.13 as a function of the Reynolds number and 
the relative roughness, [1.5]. For turbulent flows they can also be approximately 
determined from Eq. (1.33) which is valid in the range of 105 < ReL < 108 and 
0 < ε/L < 10-3 (L = length of the plate). 

    
15.2

L

f
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5.12

L
2.0log

136.0c

+ε−

=      with       
ν

= wLReL  
(1.33) 

For laminar flows in the range of 0.01 < Re < Recrit the friction coefficients can be 
calculated from Eq. (1.33a), [1.15]: 

LLL875.0
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328.1

Re/016.0Re8
2

Re
65.2cc +

+
−==     (1.33a) 

The transition from laminar to turbulent flow occurs at the critical Reynolds num-
ber Recrit according to Eq. (1.33b); Recrit depends on the turbulence intensity Tu 
and the roughness. 

7.14

6
crit

Tu101
103Re

+
×=                     valid for Tu < 0.1 (1.33b) 

Equations (1.33), (1.33a) and Fig. 1.13 supply the overall resistance coefficient of 
a plate of length L. The local resistance coefficients, which depend on the local 
boundary layer thickness, are approximately 10 to 30% smaller (dependent on ReL 
and L/ε). The drag force on one side of a plate with width b amounts to: 

Fw = ½ ρ w∞
2 cf b L (1.33c) 

In a pipe of length L with a constant cross section, the integral of Eq. (1.32) 
over the wetted surface leads to A = π×D×L and a power dissipation of: 

L D   w
2

c = P 3
fd πρ  (1.34) 

Dissipated power and pressure loss are related by Pd = Δpv×Q. With 
Q = (π/4)×D2×w the well known equation for the pressure losses in pipes is ob-
tained: 

2
R

2
fv  w

2
 

D
L  =  w

2
 

D
L c 4 = p ρλρΔ  (1.35) 

Consequently, the relationship λR = 4×cf exists between the pipe friction coeffi-
cient λR and the shear stress coefficient cf. Equation (1.35) is also obtained from 
the conservation of momentum given by Eq. (1.9) which leads to 
(π/4)×D2×Δpv = π×τ×D×L and with Eq. (1.31) again to Eq. (1.35). 
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Fig. 1.13. Friction coefficients cf of flat plates in parallel flow  

Friction coefficients for turbulent flow through pipes and channels can be cal-
culated from Eq. (1.36) or read from the graph in Table 1.6 (at end of Chap. 1). 

h
R 2

h

w D0.31 =               with         Re
6.5log 0.135

D Re

λ =
νε +

 
(1.36) 

The range of validity is: 4000 < Re < 108 and 0 < ε/Dh < 0.05. Equation (1.36) can 
be used for pipes with circular cross section (Dh = D) and channels of any cross 
section with Dh = 4×A/U (U = wetted perimeter of a channel with cross section A). 
It applies to fully developed flow, i.e. long pipes with about L/Dh > 50. For short 
channels with L/Dh < 5 it is better to use the friction coefficients of the flat plate 
according to Eq. (1.33) together with Eqs. (1.34) or (1.35). 

Equation (1.35) can be employed only to calculate the pressure losses due to 
friction on channel walls. To do so, the velocity averaged over the cross section 
must be substituted. In the general case Eq. (1.32) should be used. An example is 
the calculation of the energy loss caused by a plate placed in a channel in parallel 
flow; in this case it is not possible to assign a specific flow rate to the disturbance 
caused by the plate. 

The friction coefficients for pipes or plates apply to flows without pressure gra-
dients in the direction of flow. If such gradients occur, the friction coefficient cf 
has to be modified or substituted by a dissipation coefficient cd. In accelerated 
flow the thinner boundary layers lead to cd < cf, whereas cd > cf applies to deceler-
ated flow with thicker boundary layers (refer also to Table 3.8). 
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1.5.2 Influence of roughness on friction losses 

Experience shows that roughness increases the flow resistance in turbulent flow. 
However, this is only the case if the roughness elements protrude beyond the 
laminar sub-layer. In laminar flow the roughness has no influence on the resis-
tance since there is no exchange of momentum across the flow. If all roughness 
peaks remain within the laminar sub-layer, the wall in the prevailing flow condi-
tions is considered “hydraulically smooth”, meaning a minimum value of the fric-
tion coefficient. With growing Reynolds number, the boundary layer thickness de-
creases and the permissible roughness drops as well. If the roughness peaks are 
significantly greater than the thickness of the laminar sub-layer, the wall is “hy-
draulically rough”. Vortex shedding from the roughness peaks creates form drag 
due to the exchange of momentum with the main flow. In the fully rough domain 
the losses become independent of the Reynolds number and increase with the 
square of the flow velocity. In the transition region between hydraulically smooth 
and rough only the high roughness peaks protrude from the laminar sub-layer into 
the turbulent domain. Only these active peaks increase the flow resistance which 
now depends on the Reynolds number and the roughness. Table D1.1 indicates the 
roughness limits ε, separating the three domains discussed. 

Table D1.1 Roughness limits  
Hydraulically smooth Transition from smooth to rough Hydraulically rough 

ε
ν <  100

w
 100

w
 <   <  1000

w
ν

ε
ν

 ε
ν >  1000
w

 

According to Table D1.1, the limit for hydraulically rough flow conditions is 
obtained from Re = 1000×L/ε; the corresponding curve is shown in Fig. 1.13. 

Table D1.1 applies to flat plates. In the absence of more specific data this table 
can be used to evaluate other components with external or internal flows. Often 
the goal of such an analysis is to determine what level of manufacturing effort is 
justified to minimize the losses. The above relationships demonstrate that the sur-
face finish must be improved with increasing flow velocity and/or decreasing ki-
nematic viscosity. Because of the thinner boundary layer, the surface finish should 
be higher at the inlet of a component than near the outlet. Since a higher degree of 
turbulence must be generally assumed in pumps (than on flat plates in parallel 
flow), the roughness limits in pumps tend to be lower than could be expected from 
Table D1.1. This is particularly true for diffusers or volutes.  

The increase in resistance brought about by the roughness depends on the 
roughness depth and the number of roughness peaks per unit area or their distance 
(pitch). Basic measurements of friction coefficients on plates and pipes were con-
ducted on test surfaces to which sand grains were glued. Using different grain 
sizes, it was possible to determine the impact of various roughness heights on the 
flow resistance, see for instance [1.13]. The sand grains were glued by means of 
varnish and covered with another coat of varnish to prevent washing-off. This pro-
duced a regular surface structure. The resulting roughness depth εmax equaled the 
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grain diameter, since gaps were present between the individual grains. The rough-
ness coefficients thus determined apply to this specific surface structure only, 
which is called “sand roughness” ε (frequently called ks). The sand roughness is 
described by the grain diameter ds (ε ≡ ks = ds). 

In the transition domain between hydraulically smooth and hydraulically rough, 
this type of regular roughness leads to a minimum in the curve λR = (Re) brought 
about by the fact that the varnish-coated grains do not generate an appreciable 
form drag when their tops protrude only slightly from the laminar sub-layer. 

While the sand roughness possesses a uniform surface structure, technical (i.e. 
ground, cast or machined) surfaces have an irregular roughness which can be 
characterized, for example, by the maximum roughness depth εmax (“technical 
roughness”). As the Reynolds number increases, the boundary layer thickness is 
reduced and more roughness peaks gradually rise through the laminar sub-layer. 
With such surfaces, the friction coefficients continuously fall from hydraulically 
smooth to the fully rough domain. This behavior is found in Fig. 1.13 and in the 
graph in Table 1.6. Technically rough surfaces do not exhibit a minimum in the 
function λR = (Re) in the transition region, as it is observed with regular surface 
structures. 

The roughness depth εmax according to Fig. 1.14 is obtained from the envelope 
of all roughness peaks and troughs. Since the measurement of the effective rough-
ness of technical surfaces is quite involved, surface standards (e.g. “Rugotest”) are 
frequently used in practice. The roughness is determined by touching the surface 
and comparing with roughness specimens (plates with different roughnesses). The 
roughness is then defined by the classes N1, N2, N3 etc. The roughness increases 
by a factor of two from one class to the next. The measured roughness is charac-
terized as arithmetic mean roughness εa (corresponding to CLA = center line aver-
age or AA = arithmetic average); εa is defined by (Fig. 1.14): 

dxy
L
1 L

0
a =ε  (1.36a) 

The relationship between the maximum roughness depth εmax and the arithmetic 
mean roughness εa is typically εmax = (5 to 7)×εa. On average we can expect ap-
proximately: εmax = 6×εa, [1.12]. 

x

y
εmax

 

Fig. 1.14. Definition of the maximum roughness depth εmax 

If the friction coefficient λR is determined from a pressure loss measurement in 
a pipe with a given roughness depth εmax, the equivalent sand roughness ε can be 
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calculated by means of Eq. (1.36). From this analysis an “equivalence factor” ceq 
is obtained as the ratio εmax/ε : 

ε
ε≡ max

eqc  (1.36b) 

Dividing the maximum roughness depth εmax of any given surface by the 
equivalence factor, we get that equivalent sand roughness which leads to the same 
friction coefficient as the measurements which were used as a basis for Eq. (1.36).  

The equivalence factor depends on the structure of the roughness – i.e. the ma-
chining process – and the orientation of the finishing marks relative to the flow di-
rection; ceq can therefore vary within wide boundaries. Of particular influence in 
this regard is the number of roughness peaks per unit area as shown in Fig. 1.15. 
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Fig. 1.15. Equivalence factor ceq as function of the roughness density  

To determine the friction coefficient cf or λR of a component with the rough-
ness εa or εmax, the equivalent sand roughness ε must be calculated from 
Eq. (1.36c): 

eq

max
c

ε=ε            or with     εmax = 6 εa      from   
eq

a
c
6 ε=ε  (1.36c) 

With that calculated equivalent sand roughness, use Eq. (1.33) and Fig. 1.13 or 
Eq. (1.36) or Table 1.6 to determine the friction coefficient. 

Scanty information for ceq is available in the literature. Table D1.2 provides 
some data, see also [1.12]. 

 

Table D1.2 Roughness equivalence factors ceq  ceq 
Manufacturing marks perpendicular to the flow direction  2.6 

Manufacturing marks parallel to the flow direction  5 

Drawn metal tubes 2 to 2.6 

Smooth coating (e.g. paint) 0.63 
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Table D1.3 shows the roughness values εa of the surface standards, the maxi-
mum roughness values εmax obtained with Eq. (1.36c) and the equivalent sand 
roughness ε (εa is the upper limit of the respective roughness class; the values in 
Table D1.3 are rounded). 

Table D1.3 Roughness classes  
Arithmetic average 
roughness 

Maximum roughness 
(Fig. 1.14) 

Equivalent sand 
roughness Roughness 

class 
εa (μm) εmax (μm) ε (μm) 

N5 0.4 2.4 1 

N6 0.8 4.8 2 

N7 1.6 9.6 4 

N8 3.2 19 8 

N9 6.3 38 16 

N10 12.5 75 32 

N11 25 150 64 

N12 50 300 128 

N13 100 600 256 

The diagrams for resistance coefficients with sand roughness and technical 
roughness differ only in the domain of transition from smooth to rough; therefore, 
they yield identical resistance coefficients in the fully rough region for any given 
value of ε/d. In order to determine the friction coefficient from Eqs. (1.33) or 
(1.36), we must use that “technical roughness” ε which leads to the same resis-
tance coefficient as the equivalent sand roughness. Some examples are listed in 
Table D1.4. These values originate from test results which can be found in the lit-
erature, for instance in [1.5, 1.6, 1.11]. 

One of the main uncertainties when calculating the friction losses of turbulent 
flows lies in determining the physically relevant roughness: if the roughness is as-
sessed incorrectly by the factor of 2, the uncertainty of the loss calculation is ap-
proximately 15 to 35%. The impact of the roughness on pump efficiencies is cov-
ered in Chap. 3.10. 

 

Table D1.4 Equivalent sand roughness ε ε (mm) 
Glass, coatings, plastic, drawn metal tubes, polished surfaces 0.001 to 0.002 

Drawn steel pipes, new 0.02 to 0.1 

Drawn steel pipes, lightly rusted 0.15 to 1 

Steel pipes, severely rusted or with deposits 1 to 3 

Cast iron pipes and pump components 0.3 to 1 

Concrete pipes 1 to 3 



1.5 Pressure losses      25 

The flow resistance is greatly increased through vortex shedding caused by 
regular roughness patterns which are perpendicular to the direction of flow. This 
type of roughness can be generated, for example, by magnetite deposits in boilers 
where it creates a marked increase of pressure loss (“ripple roughness”). The phe-
nomenon has also been observed in pipelines with ripple-type deposits. 

1.5.3 Losses due to vortex dissipation (form drag) 

While static pressure can be converted into kinetic energy without a major loss 
(accelerated flow), the reverse process of converting kinetic energy into static 
pressure involves far greater losses. The reason for this is that in real flows the ve-
locity distributions are mostly non-uniform and subject to further distortion upon 
deceleration. Non-uniform flow generates losses by turbulent dissipation through 
exchange of momentum between the streamlines. Such pressure losses may be 
called  “form” or “mixing” losses. These types of losses develop, for example, in 
flows through curved channels, valves, pipe branches, diffusers, impellers and col-
lectors of turbomachines or in flows around air foils, vehicles, or any type of 
structure. Because of the complicated three-dimensional flow patterns such losses 
cannot be predicted theoretically. Either empirical pressure loss coefficients are 
used for estimation (see for instance [1.6], [1.5] and [1.2]) or numerical methods 
employed. Table 1.4 shows the pressure loss coefficients of some commonly used 
components. 

Flow separations and secondary flows increase the non-uniformity of a velocity 
distribution, and consequently the energy losses, due to mixing through exchange 
of momentum. Flow separation and recirculation result in particularly high losses 
since the kinetic energy in the wake tends to zero while the main flow – amplified 
by the cross-sectional blockage through the wake – has a large amount of kinetic 
energy. To minimize these types of energy losses, the extension of a stalled zone 
must be kept as small as possible. An example of this is the rounding at the inlet of 
a pipe by means of which flow contraction is reduced or prevented. 

Friction losses − except for fully rough flow – depend on the Reynolds number; 
form losses (mixing losses) in fully turbulent flow above Re > 104 frequently dis-
play no noticeable Reynolds dependency. Exceptions are structures where the lo-
cation of separation – and consequently the extension of the wake – depends on 
the Reynolds number. Examples of this are the flow around a sphere or a cylinder. 
In the case of blunt bodies or flow separation on sharp edges, stall largely occurs 
independently of the Reynolds number. 

Mixing losses due to non-uniform velocity distributions form the main source 
of energy losses in pumps – especially at high specific speeds. It is hardly possible 
to predict such losses theoretically. 

In channel flows a non-uniform velocity distribution always contains a greater 
amount of kinetic energy than a uniform profile (assuming constant flow rate and 
cross section). Only a fraction of the difference in kinetic energy between non-
uniform and uniform distributions can be recovered for useful work, since losses 
in kinetic energy are inherent to all mixing processes (mixing increases entropy). 
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Fig. 1.16. Equalization of a non-uniform velocity distribution 

The transition of a non-uniform to a uniform velocity distribution can be ap-
proximately calculated by the conservation of energy and momentum – refer also 
to the calculation of a sudden expansion according to Chap. 1.2.3, Eqs. (1.11) and 
(1.12). To this end, consider a channel of constant cross section as shown in 
Fig. 1.16 with a non-uniform velocity distribution at the inlet. Suppose the channel 
is straight which means that the static pressure p1 is constant over the channel 
cross section (refer to Chap. 1.4.1). After a distance necessary for velocity equali-
zation, a pressure p2 and a constant velocity cav are established; cav is obtained 
from continuity, Eq. (1.2), through dQ = c×dA and cav = Q/A =  c×dA/A. Friction 
effects are not taken into account in the following (these would have to be esti-
mated from Eqs. (1.32) to (1.34)). The conservation of momentum according to 
Eq. (1.10) yields for the control surfaces 1 and 2: 

p2 A + ρ Q cav -  p1 dA - ρ  c dQ = 0 

The coefficient of pressure recovery due to the exchange of momentum becomes:  

−=ρ
−≡ 1

A
dA

c
c2

c
2

ppc
2

av2
av

12
p  (1.37) 

Designating the mixing loss as Δpmix, we obtain from the conservation of energy 
Eq. (1.7):  (p1 + ½ρ×c2) dQ = (p2 + ½ρ×cav

2 + Δpmix)×Q. The loss coefficient with 
Eq. (1.37) thus becomes: 

1c
A

dA
c
c

c
2

p
p

3

av2
av

mix
mix −−=ρ

Δ≡ζ  (1.38) 

Equations (1.37) and (1.38) can be evaluated as integrals over the channel cross 
section. Similarly it is possible to substitute the integrals by summations, if two 
(or more) flows with constant velocities c1 and c2 of the components ΔA1/A and 
ΔA2/A are mixed. In CFD calculations the summation is done over the elements in 
the control surfaces.
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1.6 Diffusers 

Diffusers serve to decelerate a flow and consequently convert kinetic energy into 
potential energy (or static pressure). Diffusing elements are therefore very impor-
tant components in pump design. Consider a diffuser according to Fig. 1.17, the 
inlet and outlet cross sections of which are called 1 and 2 respectively. Suppose 
that a component is arranged downstream of the diffuser. Let us include the hy-
draulic losses into the consideration since the task frequently consists of optimiz-
ing the overall system between 1 and 3. Bernoulli’s Eq. (1.7) is first applied to the 
actual diffuser between cross sections 1 and 2. If a pressure loss coefficient ζ1-2 is 
introduced, Eq. (1.7) can be solved for the rise of the static pressure in the dif-
fuser, yielding Eq. (1.39): 
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ρρ  (1.39) 

where AR = A2/A1 is the area or deceleration ratio of the diffuser.  
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Fig. 1.17. Diffuser 

The pressure recovery of the diffuser is usually identified by a dimensionless coef-
ficient cp: 

2-1p2-12
R

2
12

12
p   c =   

A
1  1 = 

c 

pp  c id ζ−ζ−−−≡ ρ  (1.40) 

cp,id = 1 - 1/AR
2 is the pressure recovery in an ideal (loss-free) diffuser. The pres-

sure recovery in a real diffuser cannot be theoretically calculated because of the 
unavoidable energy losses described by Δpv = ½ρ×ζ1-2×c1

2. It is necessary to resort 
to test results as presented in Fig. 1.18 for plane diffusers and in Fig. 1.19 for 
conical diffusers. These figures show families of curves with cp as parameter 
while the area ratio is plotted on the ordinate and the diffuser length on the ab-
scissa. The curves cp* furnish the optimum area ratio for a specified the diffuser 
length, while cp** provides the optimum length for a given area ratio. These opti-
mums correspond to the maximum pressure recovery in the diffuser under the 
given constraints. 
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Fig. 1.18. Pressure recovery in plane diffusers (inlet boundary layer blockage 1.5%) [1.8]. 
Note that (AR-1) is plotted on the ordinate. 

 

Fig. 1.19. Pressure recovery in conical diffusers, [1.9]. Note that (AR-1) is plotted on the 
ordinate. 
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Figures 1.18 and 1.19 apply to diffusers with a straight axis. The pressure re-
covery in curved diffusers is lower (see the measurements in [1.18]). 

If a certain deceleration ratio is specified, it is possible to determine the diffuser 
length required for maximum pressure recovery from Fig. 1.18 or 1.19. In practice 
diffusers are often designed for a specified length with AR < 3. 

Frequently the task requires to optimize a diffuser together with a downstream 
component the pressure loss of which is described by Eq. (1.41): 

2
23-23-2,v c 

2
  = p ρζΔ  (1.41) 

Consequently, the following loss coefficient is obtained for the system between 
the cross sections 1 and 3: 

)  (1 
A

1  c  1 = 3-22
R

p3-1 ζ−−−ζ  (1.42) 

If the total kinetic energy at the diffuser outlet is counted as useful, ζ2-3 = 0 must 
be substituted; if it is entirely lost, because the flow exits into a large plenum, we 
have ζ2-3 = 1 and ζ1-3 = 1 - cp. 

The quality of a diffuser is sometimes described by the “diffuser efficiency” 
which is defined by Eq. (1.43). 
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As discussed in Chap. 1.3 (Fig. 1.4), the boundary layer thickness grows with 
increasing flow path length when the fluid flows against a positive pressure gradi-
ent. Excessive flow deceleration causes the flow to separate from the walls. De-
pending on the magnitude of the deceleration, four flow regimes may be distin-
guished in a diffuser, as shown in Fig. 1.20 according to [1.10] and [B.3]: 

1. Below a deceleration defined by Eq. (1.44) or curve a-a the flow is attached, 
domain A in Fig. 1.20.  

2. If the boundary layer exceeds a certain thickness, local intermittent stall occurs, 
domain B in Fig. 1.20. 

3. With even greater deceleration the flow fully separates on one side, domain C. 
4. Finally, with excessive divergence of the channel walls, flow separation occurs 

on both sides so that the fluid shoots through the diffuser like a jet, domain D. 

R1
al L16.5ϑ = °  (1.44) 

The allowable diffusion angle ϑal according to Eq. (1.44) applies only to favor-
able inflow conditions. It is important to recognize that the allowable diffusion 
angle of a diffuser is by no means a universal constant (an opinion still frequently 
voiced) but that it is critically dependent on the length of the diffuser. The length 
of the flow path has a strong impact on the development of the boundary layer 
thickness and consequently on possible stall. In addition to this, the diffuser flow 
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Fig. 1.20. Flow regimes in diffusers 

 

greatly depends on the conditions at the inlet because velocity distribution, bound-
ary layer thickness and turbulence determine the boundary layer development in 
the diffuser. The thinner the boundary layer and the higher the turbulence levels at 
the inlet, the lower are the losses and the tendency to stall in a diffuser. Thick 
boundary layers are unfavorable to the diffuser flow and lead to premature stall. 
Thick boundary layers are generated in long pipes or in non-uniform velocity dis-
tributions which may be created by an upstream bend for example. Conversely, a 
swirl at the diffuser inlet can have a favorable impact on the diffuser performance 
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since the exchange of momentum between main flow and boundary layer is pro-
moted through centrifugal forces.1 An unsteady approach flow, such as prevailing 
in a pump at the diffuser inlet, has also a favorable effect on the boundary layer 
development, hence on the pressure recovery. This is presumably due to the fact 
that the unsteady flow increases the turbulence level. A higher turbulence in the 
diffuser enhances the exchange of momentum between near-wall and core flows. 
The thinner the boundary layers, the smaller are the losses and the wider is the al-
lowable diffusion angle. 

If two diffusers are arranged in series, they must not be evaluated separately 
according to Fig. 1.18 or 1.19 and Eq. (1.44), but the total deceleration of both dif-
fusers combined must be considered, because this is relevant for the boundary 
layer growth. 

If an excessively expanding diffuser is sub-divided by intermediate walls or by 
vanes, flow separation can be suppressed and pressure recovery improved. A baf-
fle or resistance arranged downstream of the diffuser reduces the separation ten-
dency too. The diffuser flow can be improved by boundary layer extraction or in-
jection, but because of the associated design complexity and cost such measures 
are justified only in special cases. 

A ratio b/h1 = 1 of diffuser width b to inlet height h1 yields the maximum pres-
sure recovery in a plane diffuser. In the range 0.8 < b/h1 < 2 only minor impair-
ment is incurred compared with this optimum.  

For a diffuser with any shape of cross section, an equivalent inlet radius R1,eq 
and an equivalent opening angle ϑeq are calculated from Eq. (1.45). Subsequently 
the diffuser is treated like a conical diffuser according to Fig. 1.19.  
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1
eq,1  (1.45) 

1.7 Submerged jets 

A liquid or a gas generates a “jet” when it enters with a finite velocity into a fluid-
filled plenum. The interaction between the jet and the static medium is relevant in 
many applications. We distinguish between: 

1. Fluid jets with a phase boundary liquid/gas (e.g. a fountain)  
2. Jets without phase boundary i.e. gas/gas or liquid/liquid, called “submerged 

jets”. Examples are the injection of air into a room or the inflow of water 
through a nozzle or a pipe into a tank, provided that the jet is sufficiently sub-
merged below the liquid surface level.  

                                                           
1 An example is the flow in a diffusing discharge nozzle following a volute casing, 

Chap. 7.8.2. 
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The mixing of submerged jets with the fluid in a plenum is significant for the 
evaluation of inlet bays, test stand pits, suction vessels (Chap. 11.7.3) or the annu-
lar seal leakages entering upstream of an impeller inlet. 

Consider a fluid entering a tank with the velocity co from a pipe and let the di-
mensions of the tank be large relative to the pipe diameter do. Suppose the pipe 
leads into the tank below the liquid level. At the pipe exit a fluid jet is created 
which mixes with the content of the tank through turbulence. With increasing dis-
tance x from the nozzle, the jet expands with an opening angle of approximately 
2×10° and its velocity decreases, see figure in Table 1.2. In the center of the jet, its 
core, the nozzle velocity co is initially maintained over a certain distance x1. Sub-
sequently, the velocity cm in the center drops with growing distance x for distances 
x > x1. The jet drags fluid along so that its flow rate increases with increasing x. 
The formulae in Table 1.2 can be used to calculate the expansion and the velocity 
decrease of plane and round jets. 

Table 1.2 Submerged turbulent jets 

Valid for : 
ν

= oo cd  eR  > 3000     and    200
r
x 10
o

<<  

 Plane Jet  Round Jet  Eq. 

Core length with cm = co x1 = 12 bo x1 = 10 ro 1.2.1 

Center-line velocity o
m o

b
c  3.4 c

x
=  o

o
m c

x
r 12 c =  1.2.2 

Velocity distribution 
2

x
y57

m ec c
−

=  

2

x
r94

m ec c
−

=  
1.2.3 

Width or radius at which the  
velocity drops to 50% of the value 
at the jet centerline 

b50 = 0.11 x r50 = 0.086 x 1.2.4 

Volume flow rate entrained in jet ;
flow rate at origin is Qo 

on
ly

 fo
r x

 >
 x

1 

o
o

xQ 0.44 Q
b

=  o
o

xQ 0.16 Q
r

=  1.2.5 

cm

x 

co 

b50 or r50 b0 or r0 

x1 

cm/2 

Mixing zone 

Core 
10°

y 

 



1.8 Equalization of non-uniform velocity profiles      33 

1.8 Equalization of non-uniform velocity profiles 

If a flow of non-uniform velocity distribution meets with a flow resistance evenly 
distributed over the channel cross section (e.g. a perforated baffle or a strainer), 
the velocity differences downstream of the resistance are reduced. The equaliza-
tion mechanism can be qualitatively explained as follows: The local pressure loss 
created by the resistance is Δp(y) = ½ρ×ζA×c2 (local velocity: c = f(y)). This would 
lead to a pressure which is non-uniform over the channel width y. In a straight 
flow, however, the static pressure is inevitably constant over the cross section 
(Chap. 1.4.1). For this reason, cross-flows are generated which tend to achieve 
that condition. Such cross-flows tend to smooth out the velocity distribution. 

A non-uniform velocity profile can also be equalized by accelerating the flow. 
This effect is put to advantage, for instance, when designing the radial inlet cas-
ings of multistage or double-entry pumps, Chap. 7.13. For the same reason, the 
approach flow to a vertical pump is directed to the impeller through a suction bell 
(bellmouth) or accelerating bends in order to improve the flow at the impeller 
inlet. Velocity fluctuations are also reduced in accelerated flow. Consequently, 
flow acceleration reduces the turbulence level. Nozzles with high rates of accel-
eration are therefore used to generate a flow that has very low turbulence.  

The reduction of the excess velocities can be estimated according to the formu-
lae given in Table 1.3. To derive these formulae, Bernoulli’s equation is written 
between inlet cross section A1 and outlet cross section A2 for one fictitious stream-
line with c1max = cq + Δc1 and another streamline with c1min = cq - Δc1, [1.14]. Since 
the cross flow is neglected in the derivation, the formulae in Table 1.3 are only an 
approximation. 

The streamline with the greatest excess velocity is decelerated upstream of the 
resistance; this effect increases with the loss coefficient ζ of the resistance. There-
fore, each resistance should not exceed ζ ≈ 1. Instead of one large resistance, it is 
much more efficient to install several resistances in series to achieve an optimum 
equalization. 

Perforated plates, screens, bars or other structures installed for velocity equali-
zation generate relatively uniform turbulence structures whose fineness depends 
on the size of the mesh used. 
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Subscripts: 1 = inlet; 2 = outlet  
n = number of flow resistances in series  
The pressure loss coefficients given in Table 1.4 for sharp-edged or rounded thick orifice plates 
can be applied to screens, perforated plates and similar elements. Note that the resistance coef-
ficients in Table 1.4 are referred to the throat area; such coefficients must be converted by 
Eq. (1.3.5) to get values which are referred to the average approach velocity. 

. 

1.9 Flow distribution in parallel channels, piping networks 

Generally a pipe network may consist of various apparatus, fittings and valves 
connected in series and/or in parallel. To calculate (see Table 1.5) networks of any 
complexity, a schematic flow diagram is drawn showing all components by groups 
of resistances connected in parallel or in series. Each component is described by a 
pressure loss coefficient ζi and a cross section Ai, so that the pressure loss in any 
component is Δpi = ½ρ×ζi×(Qi/Ai)2 . 

If the components are connected in series, the same flow rate Q flows through 
each component; the pressure losses of all components add up to yield the system 
pressure loss according to Δp = ΣΔpi. An arbitrary reference cross section ARS is 
selected for all parts of the network containing series-connected components. The 
components located in the considered branch of the network can then be combined 
into one resistance ζRS according to Eq. (T1.5.1). 

All components which are connected in parallel are subject to the same pres-
sure differential, and the flows Qi are added to give the total flow rate Q = ΣQi. 
The sum of the individual cross sections is selected as the reference cross section 
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according to Eq. (T1.5.5). Owing to these relationships, it is possible to calculate a 
resultant resistance coefficient ζPS of the system or subsystem, Eq. (1.5.8). Subse-
quently the individual flow rates through each of the parallel branches can be de-
termined (Table 1.5). 

With all of these calculations, careful attention must be paid to ensure that the 
resistance coefficient is defined for the reference velocity to be used in each case 
(i.e. ζ1 relative to Q1/A1 etc.). Complex networks are combined step-by-step ac-
cording to the formulae given, until a resultant total resistance is obtained which 
allows the determination of the total pressure loss and the total flow rate through 
the system. 

The methods given in Table 1.5 not only serve for the calculation of piping sys-
tems but have a more general significance. Combining series-connected flow re-
sistances as per Table 1.5 is always indicated, if the pressure differential is given 
and the flow rate is wanted. An example is the calculation of the leakage flow rate 
through a stepped annular seal according to Table 3.7(1) using Eq. (T3.7.6), which 
has been derived that in way. 

Table 1.5 can also be used to estimate how the flow rate of an impeller is dis-
tributed to the individual channels of a double volute according to their different 
flow resistances, Chap. 7.8.2. 
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Table 1.4 Pressure loss 
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Table 1.5 Calculation of pipe networks Eq. 
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Table 1.6 Friction losses of pipes and flat plates 
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Flat plate 
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cf is the friction coefficient for the total drag (the local drag coefficient depends 
on the boundary layer thickness) 

 

 



2 Pump types and performance data 

2.1 Basic principles and components 

Centrifugal pumps are turbomachines used for transporting liquids by raising a 
specified volume flow to a specified pressure level. The energy transfer in turbo-
machines is invariably based on hydrodynamic processes for which characteristi-
cally all pressure and energy differences are proportional to the square of the cir-
cumferential rotor speed. By contrast, positive displacement pumps (e.g. piston 
pumps) essentially deliver the same volume Vstroke at each stroke independently of 
flow velocity or rotor speed n. The flow rate then becomes Q = n×Vstroke; the pres-
sure rise results solely from the imposed back pressure.  

A centrifugal pump according to Fig. 2.1 is essentially composed of a casing, a 
bearing housing, the pump shaft and an impeller. The liquid to be pumped flows 
through the suction nozzle to the impeller. The overhung impeller mounted on the 
shaft is driven via a coupling by a motor. The impeller transfers the energy neces-
sary to transport the fluid and accelerates it in the circumferential direction. This 
causes the static pressure to increase in accordance with kinetics, because the fluid 
flow follows a curved path (Chap. 1.4.1). The fluid exiting the impeller is deceler-
ated in the volute and the following diffuser in order to utilize the greatest possi-
ble part of the kinetic energy at the impeller outlet for increasing the static pres-
sure. The diffuser forms the discharge nozzle. 

 view X

X 

 
 

Fig. 2.1. Single-stage volute pump with bearing frame, Sulzer Pumps 
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A shaft seal, e.g. a stuffing box or a mechanical seal, prevents the liquid from es-
caping into the environment or the bearing housing (the shaft seal is not repre-
sented in Fig. 2.1). As shown in Fig. 2.1, an inducer may be added at the impeller 
inlet for improving the suction performance (Chap. 7.7). However, most applica-
tions do not use an inducer. 

Impeller and casing are separated by a narrow annular seal through which some 
leakage flows back from the impeller outlet to the inlet. A second annular seal on 
the rear shroud serves the purpose of counterbalancing the axial forces acting on 
the impeller front and rear shrouds. The leakage through this seal flows back into 
the suction chamber through “axial thrust balance holes” which are drilled into the 
rear shroud. 

The impeller can be described by the hub, the rear shroud, the blades 
transferring energy to the fluid and the front shroud. In some applications the 
front shroud is omitted. In this case the impeller is termed “semi-open”. 

Figure 2.2 shows the meridional section and the plan view of an impeller. The 
leading face of the blade of the rotating impeller experiences the highest pressure 
for a given radius. It is called pressure surface or pressure side. The opposite 
blade surface with the lower pressure accordingly is the suction surface or suction 
side. When looking into the impeller eye we see the suction surface. Therefore, it 
is sometimes called the “visible blade face” or the “lower blade face”, whilst the 
pressure surface, not visible from the impeller eye, is called the “upper blade 
face”. These terms are ambiguous and should be avoided. Also defined in Fig. 2.2 
are the leading edge LE and the trailing edge TE of the blade. Figure 2.2A shows 
an impeller designed by means of a 3D-CAD program (the front shroud is re-
moved). 

According to the performance and application requirements a wealth of differ-
ent pump types is available which can be classified by different aspects. Table 2.1 

Hub 

Rear shroud 

Blades 

Front 
shroud 

TE 

LE 

Suction surface

Pressure surface 

LE 

TE

 Eye 

ω 

 

Fig. 2.2. Meridional section and plan view of a radial impeller, 
 LE: Leading edge, TE: Trailing edge 
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Fig. 2.2A. Radial impeller nq = 85, 3D-model, Sulzer Pumps 

gives an overview of the different types of impellers, diffusing elements, inlet cas-
ings and combinations of these elements. The following points A to G relate to the 
corresponding frames in Table 2.1: 

A. Depending on the direction of the flow at the impeller exit we distinguish ra-
dial, semi-axial and axial impellers. Accordingly the terms radial, semi-axial 
and axial pumps are used; the latter are also called “propeller pumps”. 

B. Impellers with a front shroud are called “closed impellers”, those without a 
front shroud are termed “semi-open impellers” and those with large cut-outs 
in the rear shroud are designated as “open impellers”. 

C. According to the flow direction at the diffuser inlet there are radial, semi-axial 
and axial diffusers. Vaneless diffusers are rarely built. 

D. The most frequent type of diffusing element for a single-stage pump is a vo-
lute casing. Sometimes there is a concentric annulus or a combination of an-
nulus and volute. 

E. Most single-stage, single-entry pumps have an axial inlet nozzle as in 
Fig. 2.1. Inline pumps and between-bearing impellers require radial inlet 
chambers (Figs. 2.4 to 2.12). Vertical pumps are often fed via a suction bell 
(also called “bellmouth”) from a sump in a wet pit installation (see Fig. 2.14 
and Chap. 11.7.3). 

F. If the pressure generated by one impeller is insufficient, several impellers are 
arranged in series resulting in a “multistage” radial or semi-axial pump. In 
that type of pump the diffusers include return vanes, which direct the fluid to 
the impeller of the subsequent stage. Multistage pumps may be equipped with 
double volute casings instead of diffusers; in that case the fluid is directed to 
the subsequent stage through appropriately shaped channels. 

G. Double-entry radial impellers are used when greater flow rates must be trans-
ported. Double-entry pumps may be built as single-stage or multistage.  
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Table 2.1 Hydraulic pump components and arrangements 
Component or 
feature Radial Semi-axial Axial 

A  Impeller form: 
Characteristic: flow 
direction at impeller 
exit 

 

 

 

 

 

B  Impeller type Closed (shrouded) 

 

Semi-open Open 

 
C  Diffuser 
Characteristic: flow 
direction at diffuser 
inlet 

Radial 

 

Semi-axial 

 

D  Outlet casing 
Single- Double- 
volute volute 
 

 

 

Concentric annulus 

 

Concentric annulus 
plus volute 

 

 
E  Inlet casing  Annular inlet chamber 

 

Symmetric inlet 

 

Asymmetric inlet 

 
F  Impellers in se-
ries: multistage 
pumps 

 

Multistage semi-axial pumps see Fig. 2.13. 

G  Impellers in par-
allel: double-entry 
impellers 

Single-stage 

 

Multistage double-entry pumps see Fig. 2.12. 
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The components and characteristics shown in Table 2.1 may be combined in many 
ways for the optimization of pumps for different requirements. Performance data, 
design specifications, fabrication methods, installation and operation conditions 
all have an impact on that optimization. 

Because of their complicated, three-dimensionally curved surfaces, impellers, 
volute casings and diffusers are usually fabricated as castings. In some applica-
tions impellers and diffusers are manufactured by NC-milling. Small pumps are 
often made from plastics. There are even impellers and diffusers made entirely 
from sheet metal. Although simplified hydraulic shapes may be required to ease 
their manufacturing, the efficiencies achieved with sheet metal pumps are quite 
good because of the smooth hydraulic surfaces and the small vane blockage. 

2.2 Performance data 

The performance data of a centrifugal pump are described by: 

• the flow rate Q which is normally defined as the useful volume flow through 
the discharge nozzle 

• the specific work Y or the head H = Y/g 
• the power consumption P at the pump coupling (“brake horsepower”) 
• the efficiency η at the pump coupling 
• the net positive suction head NPSH at the pump inlet, or the net positive suc-

tion energy NPSE = g×NPSH. 

In addition to these data, the speed n of the pump rotor is indispensable.  

2.2.1 Specific work, head 

The specific work Y is the total useful energy transmitted by the pump to the fluid 
per unit of mass. Y is measured between the suction and the discharge nozzle. 
Y is identical to the total useful (isentropic) enthalpy rise Δhtot. In incompressible 
flow we have Y = Δhtot = Δptot/ρ (see Chap. 1.2.2). In practice the head H = Y/g is 
commonly used (also termed “total dynamic head”). It has to be comprehended as 
specific energy unit (or specific work): 

H g
pp

hY tot,1tot,2
tot =

ρ
−

=Δ=  (2.1) 

The total pressure according to Eq. (1.7) consists of the static (or system) pres-
sure p, the pressure corresponding to the geodetic head ×g×z and the stagnation 
pressure ½ρ×c2. With reference to Table 2.2, the total dynamic head of a pump 
measured between the suction and the discharge nozzles results from the differ-
ence of the total pressures expressed as heads H = Hd – Hs (subscript 
d = discharge nozzle; s = suction nozzle). 
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g2
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zz
g 
pp

H
2
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2

d
sd

sd −
+−+

ρ
−

=  (2.2) 

In this equation all energies are expressed as “energy heads”: the static pressure 
heads p/(g×ρ) measurable at the suction or the discharge nozzle, the potential en-
ergy z and velocity heads c2/(2g). Head and specific work are independent of the 
density or the type of the medium. Thus a pump (in theory) produces the same 
head when transporting water, mercury or air. But by no means does it create the 
same pressure rise Δp = ρ×g×H that could be measured by a manometer. All pres-
sure differences, powers, forces and stresses are proportional to the density. 

Table 2.2 shows how the different components that make up the head must be 
taken into account in a measurement or a calculation. The plane of reference 
should be chosen at the shaft centerline in the case of horizontal pumps. For 
pumps with a vertical or inclined shaft, the intersecting point of the shaft axis with 
a horizontal line drawn through the center of the inlet of the upper suction impel-
ler is used as plane of reference, [N.1]. Manometer readings at other levels should 
be corrected to the plane of reference, [N.2]. As only pressure differences are ta-
ken into account for calculating the head, values of absolute pressure or gage 
pressure (i.e. pressure above atmospheric) may be used in Eqs. (T2.2.1 to 2.2.6).  

In order to ensure the specified volumetric flow rate through a given pumping 
plant, the pump must deliver a certain head which is called the required head HA 
of the plant. It is calculated from Bernoulli's equation taking into account all head 
losses in the system (except losses in the pump), see Table 2.2, Eq. (T2.2.6). Dur-
ing steady operation the head of the pump equals the required head of the plant: 
H = HA. 

2.2.2 Net positive suction head, NPSH 

When the pressure in a liquid drops below the vapor pressure, a portion of the flu-
id will evaporate. Excess velocities due to the flow around the blade leading edge 
cause a local pressure drop, which may lead to such partial evaporation. This phe-
nomenon is called “cavitation”; it is discussed in detail in Chap. 6. Extensive cavi-
tation can impair the performance or even interrupt the flow. Therefore the ap-
proach flow conditions at the suction nozzle are an important criterion for the lay-
out and selection of a pump. The relevant parameter is the “net positive suction 
energy” NPSE or the “net positive suction head” NPSH. It is defined as the abso-
lute suction head Hs,abs minus the vapor pressure expressed as head pv/(ρ×g). Table 
2.2 gives the equations and definitions. We distinguish between the (usually 
measured) NPSH of the pump which is necessary in order to fully or partially sup-
press cavitation (“NPSH required” or NPSHR ) and the NPSH available in the 
plant (NPSHA ). Since the vapor pressure pv is given in the water/steam tables as 
an absolute pressure, absolute pressures must be inserted into Eqs. (T2.2.7 and 8) 
for calculating the NPSH. 
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From Bernoulli's equation we can calculate the absolute pressure at the highest 
point of the impeller situated at a distance “a” above the rotor axis. This pressure 
must never be allowed to fall below a level at which an unacceptably large vol-
ume of vapor would form at the impeller inlet due to cavitation. Any given pump 
has its required NPSHR = f(Q) which corresponds to a specific amount of cavita-
tion. The NPSHA or the liquid level ze which is necessary for the plant to operate 
properly must be calculated from the condition NPSHA > NPSHR, Eq. (T2.2.10), 
(Chap. 6). 

• If ze calculated from Eq. (T2.2.10) results as negative, this value is the maxi-
mum admissible geodetic suction lift: ⏐zs,geo,max⏐= - ze. 

• If Eq. (T2.2.10) yields a positive value, the pump needs a geodetic suction 
head, which means that the liquid level must be above the pump. As demon-
strated by Eq. (T2.2.10), this always applies to the pumping of saturated (boil-
ing) liquids, because in that case pe,abs = pv. 

With the exception of some special pump types, centrifugal pumps must be filled 
with liquid for start-up; they are not “self-priming” and thus cannot evacuate the 
air from the suction pipe. 

Types of self-priming pumps include side channel and liquid-ring pumps. Ra-
dial impellers are sometimes combined with one side-channel stage in order to al-
low self-priming of radial pumps, Chap. 2.3.4. 

2.2.3 Power and efficiency 

Since the specific work represents the energy transferred per unit mass, the useful 
power Pu of a pump is obtained by multiplying the transported mass flow m = ρ×Q 
by the specific work Y:  

pQQ H g  = Q Y Pu Δ=ρρ=  (2.3) 

The power P needed at the coupling is greater than the useful power because it in-
cludes all losses of the pump. The ratio of both values is the pump's efficiency η: 

P
Q H g 

P
Pu ρ==η  (2.4) 

2.2.4 Pump characteristics 

When the flow rate of a pump varies, the head, the power consumption and the ef-
ficiency change too. Plotting these quantities against the flow rate we obtain the 
“pump characteristics”, Fig. 2.3. At a certain flow rate the pump efficiency has a 
maximum value called the “best efficiency point” (BEP). The pump is designed for 
this BEP which is characterized by Qopt, Hopt, Popt and ηopt at a given speed. 
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Fig. 2.3. Pump characteristics and system characteristic HA (broken curve) 

The operation point of a pump is invariably where the head generated by the 
pump equals the head required by the plant: H = HA. In other words it is at the in-
tersection of the pump characteristic with the system characteristic, refer to 
Fig. 2.3 and for a detailed discussion to Chap. 11.1. 

2.3 Pump types and their applications 

2.3.1 Overview 

Centrifugal pumps are of eminent technical and economic importance in many ar-
eas of life and industry (the world market volume for centrifugal pumps is in the 
order of 20 billion US-dollars per year). Their application range comprises small 
pumps of a few watts, such as central heating circulation pumps or cooling water 
pumps for automobiles, as well as 60-MW storage pumps and pump turbines with 
more than 250 MW when operating in the pumping mode.  

The term “centrifugal pumps” comprises radial, semi-axial and axial pumps, 
but also side channel, peripheral and liquid-ring pumps whose working principles 
are fundamentally different from that of the first group. 

Centrifugal pumps in the narrow sense are designed for flow rates from 0.001 
to 60 m3/s, heads of 1 to 5000 m and speeds from a few hundred to about 30’000 
revolutions per minute. These values are intended to illustrate the broad range of 
applications; they do not define the absolute limits of actual or future pumps.  

Any pump application is characterized by the flow rate Qopt, the head Hopt and 
the rotor speed n. To a large extent these parameters determine which impeller 
type and pump design to choose. As will be shown in Chap. 3.4, these three per-
formance parameters are interrelated by the “specific speed” nq, Ns or s which is 
of great importance for the selection and design of a pump. Equation (2.5) in Ta-
ble D2.1 defines nq, Ns and s. In Europe nq is most popular, while Ns is defined 
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in US customary units. The truly non-dimensional quantity s should be preferred 
for theoretical considerations or for deriving general equations, but is not yet used 
in practice by the majority of pump engineers. This is because the available 
documentation is often prepared with either nq or Ns. Unfortunately, a variety of 
other definitions of the specific speed can be found in the literature. 

Table D2.1 Definitions of specific speeds 
1. Common in Europe, 
most used throughout 
this book 

2. US customary units 3. Truly dimensionless rep-
resentation  Eq. 

0.75
opt

qopt
q

 H

f/Q
nn =  q0.75

opt

qopt
s n6.51

 H

f/Q
nN ==  ( ) 9.52
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 H g
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ω
=ω  2.5 

n in rpm 
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H in m 

n in rpm 
Q in gpm 

H in ft 

 in 1/s 
Q in m3/s 

H in m 
 

Notes: (1) Hopt is the head per stage: Hopt = Htot,opt / zst  
(2) In the US the specific speed of double-entry pumps is usually calculated with the 
 total flow rate; in this case the factor fq must be omitted from Eq. (2.5). 

Hst = Htot/zst is the head per stage where zst is the number of stages. fq is the 
number of impeller entries, that is fq = 1 for single-entry and fq = 2 for double-
entry impellers. The choice of radial, semi-axial or axial impellers depends on the 
specific speed as well as on the pump type. A pump with medium specific speed 
(e.g. nq = 60) may be built with a radial or a semi-axial impeller depending on the 
pump type which is most economical for the expected application. From Eq. (2.5) 
it can be seen that: 

• For supplying small flow rates at high pressures, pumps with low specific 
speeds are required. Below nq < 20 the efficiency drops rapidly with diminish-
ing specific speed (Chap. 3.9, Figs. 3.23 to 3.29). Therefore, the lower eco-
nomic limit for a centrifugal pump application is generally nq = 5 to 8 for small 
pumps, but nq = 10 to 15 for larger performances, depending on the application 
and the importance of keeping energy costs low. Below this limit the speed 
must be increased, or a multistage pump must be used raising thus the specific 
speed as per Eq. (2.5). Otherwise another pump type must be selected. 

• Special pumps with radial blades or Pitot-tube pumps may be built with spe-
cific speeds as low as nq = 1, albeit with low efficiencies, Chap 7.3. 

• Large flow rates and low heads require pumps with high specific speeds. The 
upper limit for economical operation is typically in the region of nq = 350 to 
450. Above that limit, costs and hydraulic losses may become unacceptably 
high. But the economical application is not determined by the specific speed 
alone. Approach flow conditions and the pump size must also be taken into 
consideration when selecting the type of pump. If a given application would 
require an excessively high specific speed, the flow rate must be divided 
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among two or more parallel pumps in order to reduce unit size and nq. Distrib-
uting the flow to several units may prove advantageous in view of the driver 
cost, plant layout and standby requirements to maintain operation in case of a 
pump failure. 

Table 2.3 lists the different impeller types and their properties in order to illustrate 
the influence of the specific speed on the design and the range of performance. 
Explanations to Table 2.3: 

• The head per stage at BEP given in the table represents approximately the fea-
sible maximum. Attainable peripheral speed, head per stage and head coeffi-
cient fall with increasing specific speed. 

• The head coefficient is defined as ψopt = 2×g×Hopt,st/u2
2 (Chap. 3.4). 

• The efficiency of a pump depends not only on the specific speed but also on the 
pump type, design and absolute size. For extremely small pumps it might even 
be less than the lower limit listed in Table 2.3, refer to Chap. 3. 

• Radial, semi-axial and axial pumps are built in a range of 7 < nq < 400 for a 
wealth of universal applications. 

• Multistage pumps are commonly built as horizontal units with radial impellers, 
while in vertical machines often semi-axial impellers are used. Their specific 
speed does not generally exceed nq = 50, because the multistage design yields 
better efficiencies below that figure. 

The numerical values given in Table 2.3 are intended to illustrate typical applica-
tion ranges. Extremes beyond these limits could probably be found for all of the 
examples. Very high heads per stage are only feasible in a limited range of spe-
cific speeds (typically 25 < nq < 40), Chap. 14.1. 

2.3.2 Classification of pumps and applications 

Because of their great number of types and applications, pumps can be classified 
according to a variety of aspects. The enumeration below provides just a few ex-
amples of the many often overlapping concepts for the classification of pumps. 

• Operation principle: centrifugal, side channel, positive displacement pumps 
• Typical properties such as “self-priming” 
• Pump type as described by the flow direction at the impeller outlet: radial, se-

mi-axial or axial 
• Pump type as described by the collector: volute or diffuser pumps 
• Pump type as described by the design: single-stage, multistage, single-entry, 

double-entry, horizontal, vertical pumps, wet motor pumps, submerged pumps, 
“seal-less” pumps (i.e. without shaft seal) with magnetic coupling, or canned 
motor pumps 

• Medium: pumps for the transport of drinking-water, boiler feed water, conden-
sate, sewage, pulp, slurries, acids, oil, or gas/liquid mixtures 



50 2 Pump types and performance data  

• Application: e.g. cooling water pump, feedpump, booster pump. 
 

Table 2.3 Pump types 

nq Type Impeller shape 
Maxi-
mum 
Hst,opt 

ψopt ηopt [%]  

< 0.5 Piston pumps 85 - 95  

< 2 Gear pumps 75 - 90  

2-10 Screw pumps 

Positive displace-
ment pumps 

Limited by me-
chanical con-
straints 65 - 85 

Also for 
gas/liquid mix-
tures 

0.5-4 Peripheral pumps Figure 2.19 400 m 5 - 15 30 - 35 

2-11 Side channel 
pumps Figure 2.18 250 m 3 - 10 34 - 47 

Single and multi-
stage 

1-10 Friction pumps 

 

 0.5 25 - 35  

7-30 

 

800 m
(1200) 

1  
to  
1.2 

40 - 88 

50 

 

400 m 0.9 70 - 92 

Below nq < 10 
usually small 
pumps only 

In most cases:  

Hst,opt < 250 m  

100 

Radial pumps 

 

60 m 0.65 60 - 88 

nq = 100 is es-
sentially the up-
per limit for ra-
dial impellers 

35 

 

100 m 1 70 - 90 

For nq < 50 often 
multistage 

For nq > 75 sel-
dom multistage 

160 

Semi-axial-
pumps 

 
20 m 0.4 75 - 90 For nq > 100 on-

ly single-stage 

160 
to 
400 

Axial pumps 

 

2 m 
to  

15 m 

0.4 
to  
0.1 

70 - 88 
Flow rates up to 
60 m3/s, 
only single-stage 
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Table 2.4 Pump applications 
Type or applica-
tion 

Typical 
pump types 

Power class
P [kW] 

Characteristics, Applications, 
Special requirements 

„Universal” or 
standard pumps 

Single-stage 
radial 2 - 200 Low investment costs 

1-stage, radial 10 - 300 

Process pumps  Multistage, 
radial or  
semi-axial 

50 - 1000 

High reliability; often designed according to spe-
cial standard, e.g. [N.6]  
zero leakage, explosion protection, safety 

Cooling water 
pumps for central 
power stations 

Single-stage  
radial or  
semi-axial 

500 - 3000 High specific speed vertical pumps  

Boiler feedpumps 100 - 2000 Industrial power generation 

Boiler feedpumps 
for central power 
stations 

5000 to 
45’000 

High-speed machines with booster pump, special 
design features to avoid vibration and cavitation 
problems 

Injection pumps Injection of water to increase oil production 

Pipeline pumps 

1000 to 
20’000 Far-distance transport of drinking-water or oil 

Mine pumps 

Multistage 
radial 

500 - 3000 Mine de-watering  
Abrasive wear due to sand-laden water 

Irrigation or de-
watering pumps 

Axial, 
semi-axial 200 - 2000 Large flow rate variations due to rainfall, 

abrasive wear due to sand-laden water 

Sewage pumps 10 - 1000 Large flow passages; insensitive to blockage by 
foreign matter 

Marine pumps 1 - 1000 Low space requirements; most vertical inline 
pumps; low NPSH-values 

Submerged pumps  

Radial, semi-
axial, axial 

5 - 500 Sewage, de-watering; insensitive to ingress of 
water 

Gas-liquid mix-
tures 

 10 - 5000 Process industry, oil production; special hydrau-
lic shapes 

Seal-less pumps  Single-stage, 
radial 5 - 250 For dangerous or toxic fluids (leakage-free 

pumps) with canned motor or magnetic coupling 

Dredge pumps Single-stage, 
radial 200 - 5000 

Large flow passages to pass foreign matter, 
protection against abrasive wear 

Slurry pumps 1-stage, radial 50 - 1000 Protection against abrasive wear 

Rocket pumps Radial or se-
mi-axial 1000 Extreme tip speeds, short pump life; with inducer 

Food industry All 1 - 50 Extreme cleanness, no ingress of lubricants, pro-
tection of process fluid 

Medical services  
(e.g. blood pumps) All < 0.1 Extreme cleanness and reliability, protection of 

process fluid 
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Centrifugal pumps are used in so many different domains and applications that 
it would by impractical to enumerate them all. Table 2.4 gives examples of some 
applications of eminent economic significance; some particular requirements are 
listed too.  

In many systems the pump is only one component in a complex process and its 
failure means serious economic losses – think for example of the boiler feed-
pumps in a large power plant. Therefore the demand for maximum operating reli-
ability is a characteristic feature of many pump specifications. This is true not 
only for special pumps but also for mass-produced items like water cooling pumps 
for automobiles or central heating circulation pumps. 

 

2.3.3 Pump types 

The following section presents some widely used pump types. They serve as ex-
amples, since a complete discussion would be altogether impractical. 
Single-stage, single-entry pumps with volute casings: This group is by far the 
most common pump type. The basic concept is shown in Fig. 2.1; it is used in va-
rious ways for countless applications. The principal dimensions of frequently used 
single-stage volute pumps have been defined in various standards, e.g. EN 733 
(water standard pumps) and ISO 2858 (chemical standard pumps) and several 
ANSI-standards. 

Radial pumps of this type are designed for specific speeds in the range of 
nq = 7 to 100 typically. The flow rates extend from a few liters per minute to sev-
eral cubic meters per second in large cooling water pumps for thermal power sta-
tions or in water storage pumps for hydroelectric plants. There are radial pumps in 
horizontal or in vertical arrangement with an axial approach flow, but there are 
also “inline pumps” with the suction and discharge nozzles in co-axial arrange-
ment, Fig. 2.4.  

Single-stage pumps with volute casings are common in many branches of in-
dustry. Water supply, sewage, chemical processing (including hydrocarbon proc-
essing) and power plants are important areas of application. They are also pro-
duced in great numbers as small pumps, e.g. for pumping cooling water in motor 
vehicles or as central heating circulation pumps in homes and buildings. Severe 
demands with respect to reliability and noise emission are made on these rather 
inconspicuous pumps which have impeller diameters typically below 100 mm. 
Even though their power consumption is 30 to 200 W only, their efficiency or en-
ergy consumption is not without impact on the economy. Their market volume in 
Europe is 5 million pumps per year. Supposing an average power of 60 W per 
pump, this corresponds to the output of a 300-MW power plant, [2.1]. 

Small inline pumps are often built as mono-block pumps, where the impeller is 
mounted on the end of the motor shaft. The pump shown in Fig. 2.4 is built as a 
wet (or “canned”) motor design. The motor and bearings are exposed to, and 
cooled by, the liquid pumped; no shaft seal is required. The stator windings of the 
motor are protected from the fluid by a liner; likewise the rotor windings are pro- 
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Fig. 2.4. Circulating pump for central heating installations, WILO AG 

tected by a sleeve. Some liquid is passed through the gap between rotor and stator 
in order to remove the heat created by the motor losses and fluid friction. The 
bearings are lubricated by the liquid pumped. Leakage losses at the impeller inlet 
are reduced by a floating seal ring. The pump is mounted between flanges in the 
pipeline; no additional support is required. Electronic controls are integrated into 
the motor block. 

Not only radial but also semi-axial impellers up to about nq =140 are used in 
pumps with volute casings. Small pumps with low specific speeds can be built 
also with an annular casing instead of a volute. For pumping liquids with a high 
content of solids or gas there are a range of special pump designs with various 
types of closed or open impellers to choose from. Figure 7.17 shows some special 
impeller designs and Fig. 7.21 shows the section of a sewage pump. 

When pumping high-temperature fluids, cooling must be provided for the shaft 
seal (see the cooling box and cooling water connections in Fig. 2.1). Moreover, 
the bearing housing and the pump casing should be supported at the level of the 
shaft centerline in order to minimize any negative effects resulting from thermal 
deformation. The objective is to avoid a driver misalignment and a distortion of 
shaft and casing resulting in a possible seizure of the impeller ring on the station-
ary wear ring. 

The range of materials used, depending on the medium to be pumped and the 
application, comprises cast iron, carbon steel, bronzes and all kinds of stainless 
steel as well as plastics, glass and ceramics. 
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Single-stage, double-entry pumps with volute casings, Fig. 2.5: Pumps with 
double-entry impellers require distinctly lower suction pressures (or NPSHA) than 
single-entry pumps for delivering a specified flow rate at a given speed, 
Chap. 6.2.4. Also the efficiencies of double-entry pumps are often superior to 
those obtained with single entry pumps (at nq < 40). With a double-entry design 
the hydraulic forces acting axially on the impeller are to a great extent balanced 
for symmetry reasons (Chap. 9.2). Thus a smaller axial bearing is sufficient. 

Figure 2.5 shows a double-entry vertical booster pump feeding a pump in a 
pipeline for the transport of drinking-water. The double volute used considerably 
reduces the hydraulic radial forces as compared to a single volute design 
(Chap. 9.3). As the lower radial bearing is water lubricated, there is no need for a 
lower shaft seal. This bearing is cooled with water taken from the volute casing.  

 
Fig. 2.5. Double-entry vertical pump, Sulzer Pumps, n = 596 rpm, Qopt = 2.4 m3/s, 
Hopt = 48 m, Popt = 1250 kW, nq = 36 
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The upper radial bearing is a plain journal bearing while the axial forces are 
carried by a tilting-pad thrust bearing. Both are oil lubricated. As this is a low 
speed pump with a large shaft diameter, a stuffing box is a good solution for the 
shaft seal. 

Single-stage, double-entry pumps are designed for specific speeds between ap-
proximately nq = 10 to 100. Mostly they are built as horizontal units with the suc-
tion and discharge nozzles in line. Thus the pump can be installed in a straight 
pipeline without elbows or additional fittings. For large-bore piping this is an im-
portant cost advantage if the installation concept is compatible with this arrange-
ment. For cold liquids (nonetheless up to 130 °C) double-entry pumps are mostly 
built as “axial-split” designs. In this type, a flange splits the pump casing through 
the rotor axis and allows the removal of the complete rotor assembly after lifting 
off the upper half of the casing. Discharge and suction nozzles are below the split 
flange and do not hinder the opening of the pump. For high temperatures, high 
pressures and for chemical processes, single-stage, double-entry pumps are also 
designed with barrel casings and one or two casing covers which support the bear-
ings and house the shaft seals. The design concept is similar to Fig. 2.11.  
Multistage, single-entry pumps: If the specific speed for a required duty falls to 
a level where the efficiency would be too low and, consequently, the energy costs 
unacceptably high, multistage pumps are chosen (if the speed cannot be raised). 
Likewise, it is often necessary to limit the head per stage by using a multistage 
concept for reasons of mechanical design. Whereas all stages normally deliver the 
same volumetric flow, the heads of all the stages arranged in series add up to the 
total head. The maximum possible number of stages is essentially limited by vi-
bration problems. One reason for this is that increasing the rotor length will cause 
the “critical speed” of the pump shaft to drop. Another reason is that the forces 
which excite vibrations grow with the square of the circumferential speed u2 of 
the impellers: the greater u2, the higher is the danger of forced as well as self-
excited vibrations. As a result, the number of allowable stages decreases with 
growing circumferential speed. 

Multistage pumps are built in Europe as a rule with diffusers, whereas in North 
America double volutes are often used for many multistage applications. Fig-
ure 2.6 shows a 6-stage segmental pump (also called “ring section pump”) with 
diffusers. Usually the fluid enters through an inlet casing with a radially oriented 
suction nozzle. However, there is also a pump concept with an axial suction noz-
zle and, consequently, a product-lubricated bearing on the suction side. The pump 
shown in Fig. 2.6 has product-lubricated bearings. This feature favors a compact 
design resulting in reduced rotor length, space, weight and costs, [2.2]. 

The impeller of the first stage can be designed with a greater inlet diameter 
than the impellers of the following (“series”) stages in order to reduce the NPSH 
required, Fig. 2.6. The exit casing, which may be in the form of an annulus or a 
volute, leads the fluid from the last stage into the discharge nozzle. 

The stage casings are arranged between the inlet and the exit casings, which are 
braced by strong tie bolts. Each stage casing comprises an impeller and a diffuser 
which is centered in the pressure-bearing casing element. Return vanes guide the 
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Fig. 2.6. Multistage segmental pump with suction impeller and balance disk, Sulzer Pumps 

fluid from the diffuser outlet to the impeller inlet of the subsequent stage. The 
bearing housings are bolted via flanges to the inlet and exit casings. 

Barrel-type multistage diffuser pumps are built for extreme pressures, Fig. 2.7. 
Again the diffusers, with integral return vanes, are centered in stage casings which 
are bolted to each other. The result is an assembly unit (a “cartridge”) comprising 
the casing cover, the rotor, the bearing housings and the inlet casing insert. 

 
 

Fig. 2.7. Barrel-type, high-pressure boiler feedpump, Sulzer Pumps 
n = 5800 rpm, H = 3900 m, P = 34’000 kW. The cartridge assembly is shaded. 
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The cartridge can be removed from the barrel casing by disassembling the cou-
pling and a small retention ring on the drive-end. The design shown in Fig. 2.7 is 
typical for boiler feedpumps in fossil-fueled power plants of several hundred 
MW. The pump shown is of the same type as described in [2.3]. Similar pumps 
are used for water injection duties in oil fields for boosting the oil production. 

 The inlet nozzle leads the water to an annular chamber from which it flows 
through a vaned insert to the suction impeller. The radial vanes of the insert take 
out virtually all circumferential components of the inlet velocity and thus ensure a 
uniform flow to the impeller. The vaned insert also provides a mechanically 
strong and symmetric connection between the stage casings and the drive end 
cover.  

Multistage pumps may be equipped with an “intermediate take-off” withdraw-
ing a fraction of the flow rate1. An example is an intermediate take-off on a boiler 
feedpump for controlling the steam temperature upstream of the re-heater by wa-
ter injection. In this case, the flow rate through all stages is not the same; this fact 
must be taken into account in the pump layout. Some boiler feedpumps are 
equipped with a “kicker stage”, which consists of a small additional impeller 
mounted behind the last stage. It is designed for a fraction of the discharge flow 
rate with the purpose of controlling the steam temperature upstream or down-
stream of the super-heater of a fossil-fired boiler. 

In multistage pumps the hydraulic axial forces of all stages add up to a consid-
erable “axial thrust” on the rotor that cannot be carried by a reasonably sized 
thrust bearing. For this reason, multistage pumps usually have some device for ax-
ial thrust balancing, Chap. 9.2. The pump in Fig. 2.6 is designed with a balance 
disk, whereas the barrel-type pump in Fig. 2.7 has a balance piston. 

Another possibility to balance the axial thrust is the “back-to-back” arrange-
ment of the impellers in two groups (also: “opposed-impeller design”). As an ex-
ample Fig. 2.8 shows a 12-stage pump with double volutes. The casing is split 
axially, making it possible to remove the complete rotor after lifting off the upper 
half of the casing. The volutes are cast integrally into the lower and upper casing  

 

 
Fig. 2.8. Multistage, axial-split pipeline pump with double volutes. Sulzer Pumps 

                                                           
1 In Fig. 2.7 the intermediate take-off is from the second stage, but it can be arranged at 

any other stage as well. 
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halves, as are the long crossovers leading from the first to the second stage group. 
The volutes discharge via diffusers into overflow channels (“short crossovers”) 
leading the fluid to the impeller of the subsequent stage. The suction and dis-
charge nozzles are in the lower half of the casing so that it is possible to open the 
pump without disassembling the piping. The discharge nozzle is in the middle of 
the pump. A center bushing in the middle of the rotor controls the leakage from 
the second to the first group of stages. Another bushing is necessary at the inlet of 
the second stage group for balancing the axial thrust and relieving the pressure at 
the shaft seal. The castings for the casing in Fig. 2.8 are quite complicated and a 
hindrance to standardization. 

The back-to-back arrangement requires a smaller thrust bearing (right-side in 
Figs. 2.8 and 2.9) than inline impellers as per Fig. 2.7. The leakage losses through 
the bushings in the center and at the inlet to the second stage group tend to be 
smaller than in inline pumps. By choosing back-to-back pumps, it is thus some-
times possible to improve the efficiency as compared to pumps with inline impel-
lers. This is particularly true with low specific speeds. The center bushing is very 
favorable with respect to rotor dynamics since it provides additional support 
(stiffness and damping) in the middle of the bearing span (Chap. 10). 

Figure 2.9 shows a back-to-back arrangement of a 12-stage diffuser pump for 
seawater injection. The performance data are given in the figure caption, note the 
head of 5300 m. Similar to Fig. 2.7 it is a cartridge design. Between the two stage 
groups there is a centerpiece with crossover channels. One set of channels, shown 
below the center bush, leads the water from the first stage group to the second. 
Another set of channels (shown above the center bush) directs the fluid from the 
second stage group to an annular chamber and the discharge nozzle. The inlet 
nozzle (left-side in Fig. 2.9), directs the water into an annulus from where it flows 
through a vaned insert to the suction impeller (as in Fig. 2.7). 

Multistage pumps of the types shown in Figs. 2.6 to 2.9 can also be built with a 
double-entry impeller as shown in Fig. 2.10. 

 

Fig. 2.9 High-pressure sea water injection pump. Sulzer Pumps 
Rated conditions: n = 6000 rpm, Q = 400 m3/h, H = 5300 m, P = 7700 kW, nq = 21 
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Fig. 2.10 High-pressure back-to-back barrel pump with a double-entry suction impeller. 
Sulzer Pumps (discharge nozzle not in drawing plane) 

This arrangement can be advantageous if a direct drive (e.g. 3600 rpm) is to be 
used, since it allows a higher speed (smaller pump) for a specified available 
NPSHA. The double-entry suction impeller discharges into a diffuser and subse-
quently into an annular casing. Several channels lead the fluid from there to the 
second stage. Similar to Fig. 2.9, the stages are arranged back-to-back in a car-
tridge which is mounted from the non-drive end “NDE” into the barrel (from the 
left in Fig. 2.10). The heavy cover on the NDE is a “twist-lock” design, which 
avoids the large bolting required for a conventional design as in Fig. 2.9. The 
back-to-back design is used for two-stage pumps too, Fig. 9.16.  

Figure 2.11 shows a “radial split” process pump with a double-entry suction 
stage and a single-entry second stage. Both impellers can be dismantled through 

 
Fig. 2.11 Two-stage process pump with double-entry suction impeller, Sulzer Pumps 
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casing covers arranged on either side of the pump. The double volutes and cross-
overs are cast into the casing. 
Multistage, double-entry pumps: 2- or 3-stage pumps may also be built as dou-
ble-entry designs. Figure 2.12 shows a two-stage water transport pump with this 
concept. The fluid is distributed by a forked pipe to both suction nozzles and from 
there via the inlet casings to both the single-entry suction impellers (which operate 
in parallel). The water then flows through the diffusers and return channels to the 
second, double-entry stage. This delivers via a double volute into the discharge 
nozzle which is arranged inline with the entry to the forked pipe. The double-
entry design reduces the NPSHA requirements (as compared to the single-entry 
pump) making it an economical solution with regard to investment costs. More-
over, it achieves a better efficiency (and therefore lower energy costs) because no 
axial thrust balance device is needed. The volumetric and mechanical efficiencies 
are accordingly higher, since there is no leakage through a balance device and the 
axial bearing is smaller. The slightly more expensive design of a multistage, dou-
ble-entry pump thus pays off quickly in large pumping plants due to reduced civil 
engineering and energy cost and also due to very good reliability (i.e. lower main-
tenance cost). 

 

Fig. 2.12. Two-stage, double-entry water transport pump, Sulzer Pumps 
n = 1490 rpm, Qopt = 1.7 m3/s, Hopt = 465 m, Popt = 8600 kW, nq = 23 

Semi-axial pumps: The semi-axial concept helps to reduce the outside diameter 
of the diffuser in comparison to the volute casing of a radial design. That is why 
vertical bore-hole pumps for water supply which require, for economic reasons, 
the smallest possible diameter are mostly multistage, semi-axial pumps. For low 
flow rates in this kind of application, even pumps with specific speeds as low as 
approximately nq = 20 are designed with semi-axial diffusers. The impellers 
hardly vary from those employed in a radial design. Vertical, multistage process 
or condensate pumps with low specific speeds are often built as semi-axial can-
type pumps. Figure 2.13 shows such a design with suction and discharge nozzles 
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arranged inline. The diffusers are cast into the stage casings which are bolted to-
gether to form the pump unit. The fluid exits from the last stage into a column 
pipe. The pump assembly is fitted into a tank (a “can”) from where the fluid enters 
the suction impeller via a suction bell. Axial thrust reduction is accomplished by 
balance holes and an annular seal on the impeller rear shroud, similar to Fig. 2.1. 
A design similar to Fig. 2.13 uses volutes with 3 or 4 channels instead of vaned 
diffusers. 

Semi-axial pumps have optimum hydraulic behavior at specific speeds ranging 
from nq = 40 to 170. Vertical pumps of these specific speeds are used for trans-
porting drinking- or cooling water and for irrigation or drainage. They are often 
installed in intake basins as “wet pit installations”. Figure 2.14a shows such a 
pump with a specific speed of nq = 150 and a suction bell for wet pit installation. 

 

 

 

a) 

 

 b)

 

Fig. 2.13. Multistage, 
semi-axial process can-
type pump, Sulzer Pumps 

Fig. 2.14. Single-stage vertical pump for wet pit installation:  
a semi-axial pump, b axial pump, Sulzer Pumps 
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The diffuser discharges into a column pipe in which the shaft is supported by 
product-lubricated bearings. For low heads (and consequently high specific 
speeds) special attention has to be paid to good hydraulic design of the discharge 
bend, since it causes pressure losses of several per cent of the head and thus has 
an impact on the energy costs. 
Axial pumps: For specific speeds above nq > 170 axial or (“propeller”) pumps are 
used, Fig. 2.14b. The flow through impeller and diffuser is purely in axial direc-
tion. The mechanical design is very similar to that of semi-axial pumps. 
Seal-less pumps: Pumps without shaft seals (“seal-less pumps”) are used when 
hazardous or noxious substances must be prevented absolutely from leaking to the 
environment. The technology of seal-less pumps is extensively discussed in 
[B.14]. 

One way to eliminate the need for shaft seals is the “canned” or “wet motor” 
design as shown in Fig. 2.4. With small pumps this very compact design signifi-
cantly reduces installation costs, thus off-setting the higher costs of the canned 
motor. 

Using a magnetic coupling eliminates the risk of the motor windings coming 
into contact with the liquid in case of a defect in the liners which protect the mo-
tor. Permanent magnets, mounted on the shafts of the driver and the pump, trans-
mit a rotating magnetic field (and therefore a torque) to the impeller via an air gap 
and a metallic liner, Fig. 2.15. 
 

 
Fig. 2.15. Seal-less process pump driven by a magnetic coupling, Sulzer Pumps 
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Submersible pumps: Submerging the pump and motor into the liquid to be trans-
ported, reduces the complexity and cost of the pumping plant – in particular if 
long column pipes would be involved. One of the designs available uses oil-filled 
motors with a mechanical seal preventing oil leakage into the pumped fluid. Small 
sewage pumps are predominantly built as submersible pumps. These can be in-
stalled or withdrawn from the pit, from above the sewage level, by means of a 
chain without other manipulation for connecting the pump to the discharge pipe. 
Figure 2.16 shows a submersible sewage pump with an oil-filled motor. The oil is 
cooled by a heat exchanger which can be distinguished in the figure just above the 
impeller rear shroud. The oil is circulated by an impeller arranged below the mo-
tor rotor. An external pipe leads the oil from the heat exchanger to the top of the 
motor. A special oil is used which does not harm the environment in case of a 
leakage. To avoid the oil circuit, other designs use water cooling of the motor cas-
ing; an air gap separates the rotor and stator windings of the motor in this design. 

 

Fig. 2.16. Submersible sewage pump,  
Wilo-Emu SE  

Fig. 2.17. Submersible vortex pump  
for sewage applications,  
Wilo-Emu SE 
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2.3.4 Special pump types 

Vortex pumps: In vortex pumps according to Fig. 2.17, there is a large axial dis-
tance between the casing front wall and the open impeller so that the flow path 
from the suction to the discharge nozzle is nearly unrestricted. The impeller, 
equipped with radial or backward-curved blades, generates a recirculating (or 
“vortex”) flow due to centrifugal forces. The incoming fluid is thus forced into a 
strong rotation. The centrifugal pressure field developed in this way transports the 
liquid, together with possible inclusions of solids or gas, into the discharge nozzle. 
As the fluid rotating outside the impeller is moved only by exchange of momen-
tum, there are additional losses due to turbulent dissipation in comparison to cen-
trifugal pumps which transport the fluid in a more regular flow through the impel-
ler channels. Consequently the efficiencies of vortex pumps are about 30% lower 
than those of normal centrifugal pumps of similar sizes and specific speeds, see 
also Chap. 7.4. 

Typical parameters of vortex pumps are: specific speeds nq = 10 to 80; effi-
ciencies ηopt = 0.34 to 0.55; pressure coefficients at BEP opt = 0.2 to 0.6; at shut-
off o = 0.8 to 1.3; impeller blade outlet angles β2B = 30 to 65° or radial blades 
with 90°; ratio of casing width to impeller outlet width bk/b2 = 0.58 to 1.5; ratio of 
casing diameter to impeller outer diameter da/d2 = 1.25 to 2.1, data from [2.10]. 

As their impeller is only slightly exposed to contact with the medium, vortex 
pumps are fit for pumping liquids with all sorts of impurities including textiles, fi-
bers, abrasive solids and gases (without danger of choking or clogging). These 
pumps are also convenient for transporting delicate products like fish, vegetables, 
or crystals. Small vortex pumps are applied quite commonly for pumping sewage. 
Friction pumps: The impeller of a friction pump is composed of smooth disks ar-
ranged close together by means of bolts and held apart by spacers (see the sketch 
in Table 2.3). The disks are set into rotation by the driver. The pumping action is 
due to the centrifugal forces and shear stresses created within the boundary layers 
on these disks. 

The fluid adhering directly to the disks moves with the circumferential speed of 
the rotor (in the absolute reference frame). Because of laminar and turbulent shear 
stresses, the liquid between the disks is dragged along, set in rotation and trans-
ported outwards by centrifugal forces. The flow regime between the disks may ei-
ther be laminar or turbulent. The transition takes place in the range of Reb = 1200 
to 2300 (Reb = r×b×ω/ν with b signifying the distance between the disks). The 
head coefficient reaches nearly ψ = 2 at very low flow close to shut-off. With in-
creasing flow rate it drops rapidly, because the momentum transferable by shear 
stresses is limited. The relation ψ = 2 - 0.06 nq gives a rough approximation for 
the value of the head coefficient, though this depends on the distance between the 
disks. The efficiencies are in the region of 25 to 35%. 

Friction pumps are built with one or several disks operating in parallel. Be-
cause of the smooth flow without blades these pumps are very quiet and largely 
free from vibration and cavitation problems. For that reason they may be consid-
ered when quiet operation is of prime importance. Friction pumps are rather in-
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sensitive to abrasive wear by solid particles contained in the pumpage. More de-
tails concerning friction pumps and literature may be found in [2.4 to 2.6]. 
Side channel pumps: In side channel and peripheral pumps the energy transfer 
from the impeller to the fluid results from exchange of momentum between the 
flow in the impeller and in the stator channel. Due to centrifugal forces in the im-
peller, a circulating flow is generated between the impeller and the casing chan-
nel, see Fig. 2.18. 

A A 

a 

b 

c 

Flow stopper 

R 

 

 
 
 
 

 

Fig. 2.18. Side channel pump. a meridional section; b section A with flow stopper;  
c development of side channel 

This circulation strongly intensifies the exchange of momentum because the 
circumferential speeds of fluid and impeller are nearly the same, but significantly 
higher than in the channel. The fluid flows back from the side channel into the 
impeller in a spiral path. This happens several times over the perimeter; the more 
often this occurs, the higher are energy transfer and pressure rise. The number of 
spiraling loops grows when the flow rate is reduced. The energy transfer therefore 
rises strongly at partload. As the fluid travels through the side channel, the pres-
sure increases from the inlet opening to the outlet port. Both are separated by a 
flow stopper, which makes the pressure build-up possible. The spiraling flow in-
duces an intensive exchange of momentum resulting in far higher head coeffi-
cients than could be obtained with radial impellers (Table 2.3). At partload, head 
coefficients above ψ = 10 are common. The above energy transfer mechanisms 
can be described as a “partial admission” pump. Detailed flow studies by laser ve-
locimetry confirm this flow model, [2.11]. 
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The optimum number of impeller blades is between 22 and 26. The straight 
blades are radial, or they may be inclined backward or forward (β2B = 70° to 
140°); they are profiled and may be raked as in Fig. 2.18 (where the rake angle is 

R < 90°). However, commonly radial blades without a rake are used. The side 
channel wraps around 270 to 320°of the circumference. 

Disadvantages include the relatively low efficiency and the high noise level, 
the blade passing frequency (rotational frequency times number of blades) being 
particularly noticeable. Both disadvantages are caused by the recirculating flow 
and the associated losses. The shape of the flow stopper has an important influ-
ence on the noise level. These pumps are also sensitive to cavitation damage. For 
this reason the tip speed is limited to about 35 m/s for pumping water. 

The axial clearances between impeller and casing should not exceed 0.05 to 
0.15 mm. Therefore, the impeller can move axially on the shaft in most designs. 
Because of the small clearances these pumps are sensitive to abrasive wear. 

In addition to the layout with one side channel, shown in Fig. 2.18, there are al-
so pumps with side channels placed on both sides of the impeller in order to dou-
ble the flow rate. 

The vortex flow created within the impeller and the casing channel is able to 
entrain gases. Side channel pumps are therefore self-priming, i.e. they can evacu-
ate the suction pipe, provided some liquid is left in the pump when starting. Side 
channel pumps are thus capable of pumping liquids with relatively high gas con-
tent generating pressure ratios of 1.6 < pd/ps < 35. 

Peripheral pumps according to Fig. 2.19 are similar to side channel pumps as 
far as the design and working principle are concerned. The difference between 
both types is essentially limited to the annular chamber which in peripheral pumps 
is placed not only laterally next to the impeller but also around its outer diameter. 

Peripheral pumps are built with up to three sets of blades machined on different 
diameters of the same disk, forming thus a “3-stage” design with heads up to 
2000 m and flow rates up to 80 m3/h. The impeller being symmetric, axial thrust is 
balanced. More details concerning side channel and peripheral pumps can be 
found in [B.8] and [B.13]. 

  Flow stopper 

Suction nozzle Discharge nozzle

 
Fig. 2.19. Peripheral pump [2.7] 
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Liquid-ring pumps are self-priming if sufficient liquid is available in the pump 
casing. A rotor with radial blades is placed in the pump casing in eccentric posi-
tion, Fig. 2.20. The rotation of the impeller causes a fluid ring to form at the outer 
perimeter of the casing due to centrifugal forces. As the fluid ring is concentric 
with the casing, the cell volumes formed by the blades vary along the circumfer-
ence. The fluid ring seals the clearance between casing and impeller. Where the 
cells are largest, gas is drawn in via channels connected to the suction nozzle. The 
gas exits via slots into the discharge nozzle, where the cells are smallest. The 
volumetric flow rate depends on the cell size and the speed. Considering its work-
ing principle, this machine is a positive displacement rather than a centrifugal 
pump. 

Liquid-ring pumps are useful for processes requiring the pumping (at least spo-
radically) of liquids containing gas. According to [2.8] they are employed most 
often as vacuum pumps in the chemical process industry. Liquid-ring pumps also 
can transport pure liquids. However, they perform poorly in this application be-
cause the cell volumes get narrower towards the exit. 

 
Fig. 2.20. Working principle of a liquid-ring pump. 1 gas inlet, 2 ring fluid entry, 3 impel-
ler, 4 ring fluid, 5 sickle form cavity, 6 gas and ring fluid outlet, [2.8] 

Pitot tube pumps, Fig. 2.21: The liquid to be pumped enters via a suction nozzle 
into a rotating casing. Consequently, the fluid rotates with the casing as a forced 
vortex. Due to centrifugal forces, the static pressure in the casing increases with 
the square of the circumferential speed according to Eq. (1.27). Some “slip” oc-
curs between the circumferential speed of the casing and the fluid. The slip in-
creases with growing flow rate. A stationary Pitot tube within the rotating casing 
draws the pumped liquid from the casing and conducts it to the discharge branch. 
At the inlet of the Pitot tube, the fluid has the absolute velocity c2u = ×u2, the 
static head c2u

2/(2g) and the dynamic head c2u
2/(2g);  is the slip factor. The fluid 

is decelerated in a diffuser built into the Pitot tube and led to the discharge nozzle. 
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The theoretical head coefficient would thus be  = 2.0; due to the slip and losses 
opt = 1.9 may be achieved. 

The casing side walls may be equipped with rudimentary vanes, slots or chan-
nels to decrease the slip and to improve shut-off head, head rise and stability. The 
rotating casing eliminates the need of a mechanical seal on the discharge side; 
there is only one mechanical seal on the suction side. 

Since the casing rotates in ambient air, disk friction losses are low. Therefore 
efficiencies are relatively high in spite of the low specific speeds. Typical per-
formance ranges can be described by the following data: shut-off head up to 
2000 m; efficiencies: 50% for nq = 2; 62% for nq = 5; flow rates at BEP up to 
100 m3/h; head rise Ho/Hopt = 1.2 to 1.3. 

Most likely the stationary Pitot tube, which is exposed to the circumferential 
speed in the rotating casing, is profiled in order to reduce losses and vortex shed-
ding. Since there is no bladed impeller, pressure pulsations are low. Partload re-
circulation does not occur and minimum flow control valves are not needed. 

 

Fig. 2.21. Pitot-tube pump, Sterling Fluid Systems 
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This chapter deals with the calculation methods essentially common to all impel-
lers and diffusing elements regardless of the specific type. The details of calcula-
tion and design of the various types of impellers and collectors are discussed in 
Chap. 7. 

3.1 One-dimensional calculation with velocity triangles 

The objective of the flow calculation for a centrifugal pump is to determine the 
main dimensions and blade angles of the impeller and the collector for a specified 
pumping task. To do so, delivery flow, head and speed for the calculation point 
(usually the best efficiency point) must be available. For this calculation secon-
dary flows and uneven velocity distributions in the impeller and diffusing ele-
ments are ignored and the real flow is replaced by an idealized one-dimensional 
flow (streamline theory). The one-dimensional flow theory is essential for the un-
derstanding of the basic flow processes and for the initial design of the impeller, 
the volute casing or diffuser and the return vanes – even if these components are 
subsequently optimized by means of numerical methods. 

The hydraulic calculation always follows the course of the fluid through the 
machine. In this process, we consider the inlet and outlet of each component in the 
flow path. This results in the calculation stations 1 to 6 below. The impeller, dif-
fuser and volute casing with the respective main dimensions, angles and calcula-
tion stations are shown in Tables 0.1 and 0.2. 

Multistage diffuser pumps:     Volute casing pumps: 
(1) Impeller inlet (LE)      (1) Impeller inlet (LE) 
(2) Impeller outlet (TE)      (2) Impeller outlet (TE) 
(3) Diffuser inlet (LE)      (3) Volute inlet 
(4) Diffuser outlet (TE)      (4) Volute outlet 
(5) Return vane inlet (LE)     (5) Outer volute 
(6) Return vane outlet (TE)     (6) Discharge nozzle 

LE means the leading edge and TE the trailing edge of the blades or vanes. 
In the case of volutes, the calculation stations 5 and 6 are only required for the 
outer channel of double volutes, (Table 0.2). 

Pump calculation follows the direction of pressure increase (ignoring the minor 
pressure drop in the inlet nozzle or inlet casing and in the return vanes if applica-
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ble). Likewise, turbine operation of a pump (Chap. 12) is calculated in the direc-
tion of the flow, but follows the course of diminishing pressure. The numbering of 
the calculation stations is retained: the turbine calculation sequence therefore is 
from station 6 to 1. The following shall be determined: 

• Circumferential speeds: u = ω×r = π×d×n/60 = π×d×n(s) (n in rpm; n(s) in s) 
• Absolute velocities: c 
• Relative velocities: w 
• Angle in the absolute reference frame:  
• Angle in the relative reference frame (rotating reference frame): β 
• Blade or vane angles on a component: subscript B. Unless otherwise specified 

this means the camber angle of the impeller blades, the diffuser vanes, the re-
turn vanes or the volute cutwater. 

• Passage width between the blades or vanes: a (shortest distance, Table 0.2) 
• Width in the meridional section: b 
• Meridional velocity components: subscript m, where: cm = QLa/(fq×π×d×b); note 

that wm = cm applies. 
• Circumferential velocity components: subscript u, where u = cu + wu 
• cu is counted as positive when acting in the direction of u, negative when  op-

posite to the u-direction 
• wu is counted as positive if acting opposite to the direction of u 
• Outer, mean and inner streamlines are described by the subscripts a, m, i; for 

example c1m,m, β1B,a. The subscript m always refers to the streamline which 
starts or ends on the inlet or outlet diameter calculated as the geometric mean 
value (d1m and d2m on the impeller and d3m and d4m on the diffuser). The one-
dimensional calculation assumes representative conditions on the mean stream-
lines defined in this way. At low specific speeds frequently only the outer and 
inner streamlines are considered while three, five or more streamlines are ad-
visable at high specific speeds. 

• When the fluid flow enters or leaves a cascade there is a blockage effect due to 
the finite blade thickness. The flow velocity in the meridional section under-
goes (arithmetically) a sudden change at these points. It is, therefore, possible 
to define velocities with and without blockage at any calculation station; quan-
tities with blockage are described by a raised stroke, e.g. c1m'. 

• Two velocities must be distinguished at the inlet of a blading: (1) the velocity 
vector, which is calculated from the velocity triangle (vector diagram); (2) the 
mean velocity resulting from the continuity equation. This is given the sub-
script q to avoid confusion; hence cq = Q/A and wq = Q/A, where A is the local 
cross section under consideration. 

• The flow rate of the impeller QLa consists of the useful flow rate Q plus leakage 
through the annular seal at the impeller inlet Qsp and the balance flow QE,  re-
sulting in QLa = Q + Qsp + QE. In addition there may be an intermediate take-
off in the case of multistage pumps. 
The flow around a blade is considered from the view of an “observer sitting in 

the blade”. Consequently, the relative velocities are relevant for the impeller, 
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while the absolute velocities are used for the volute or diffuser calculation. The 
relationship between circumferential impeller speed u, relative velocity w and ab-
solute velocity c is obtained from the rules of vector addition which can be illus-
trated as velocity triangles (refer also to Chap. 1.1). The equations describing the 
geometry of triangles therefore apply to the calculation of all velocities, their 
components in circumferential or meridional direction and the angles α and β. 
Inlet triangle: Consider the velocity relationships on the impeller inlet shown in 
Table 3.1. The meridional velocity immediately in front of the impeller blade 
leading edges is c1m = QLa/A1, where A1 is calculated in accordance with the posi-
tion of the leading edge, Eq. (T3.1.2). Immediately after the leading edges the me-
ridional velocity is increased to c1m' = τ1×c1m due to the blade blockage. The latter 
is obtained from τ1 = t1/{t1-e1/(sinβ1BsinλLa)}, Eq. (T3.1.7), using the sketch in 
Table 3.1 (with the pitch of the blades t1 = d1/zLa).1 If the blades are not perpen-
dicular to the front shroud (λLa ≠ 90°), additional fluid is displaced, since the 
blade blockage obviously becomes larger than with λLa = 90°. This influence is 
taken into account by λLa as shown by the sketch in Table 0.1. The circumferen-
tial components of the absolute or relative velocity are not affected by the block-
age, as follows from the conservation of angular momentum. 

The fluid flow to the impeller is mostly axial (α1 = 90°). The circumferential 
component of the absolute inflow velocity is therefore c1u = 0. However, if a de-
vice for pre-rotation control is installed or when the inlet casing or the return 
vanes generate an inflow with α1 ≠ 90°, the circumferential component is obtained 
from Eq. (T3.1.3). Figure 3.1 shows the inlet triangles for non-swirling inflow 
α1 = 90°, pre-rotation α1 < 90° (“pre-swirl”) and counter-rotation α1 > 90°. It can 
be seen that the approach flow angle β1 of the blades is increased by pre-swirl and 
reduced by counter-swirl. As a result of the blade blockage c1m grows to c1m' so 
that the approach flow angle increases from β1 to β1'. 

The difference between blade angle β1B and flow angle β1' is known as inci-
dence: i'1 = β1B - β1'. If the incidence is zero, the blade has only a displacement ef-
fect on the flow; local excess velocities are correspondingly low. They grow with 
increasing incidence until the flow separates, since incident flow generates a cir-
culation around the leading edge at i1 ≠ 0, Fig. 3.1d. The flow angles without and 
with blockage are calculated from Eqs. (T3.1.6 and 3.1.8). 

With a certain flow rate (i.e. a specific c1m') blade and flow angles are identical 
(β1B = β1') and the incidence becomes zero. This flow situation, called “shockless 
entry”, is calculated from the condition tan β1' = tan β1B from Eq. (T3.1.10), where 
ϕ1,SF = c1m'/u1 is the flow coefficient introduced in Chap. 3.4. If the approach flow 
angle drops below the blade angle (i1 > 0), the stagnation point is situated on the 
pressure surface of the blade. If the pump flow rate exceeds the value of the 

                                                           
1 With profiled blades, the effect of the blockage may not be easily defined in certain con-

ditions. Generally, e1 must be selected where the cross section is narrowest relative to the 
next blade. The effect of the angle λ (if any) must be considered iteratively. 
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Fig. 3.1. Velocity triangles at the impeller inlet 

shockless entry, the incidence is negative and the stagnation point is located on 
the blade suction surface. 
Outlet triangle: The velocity relationships at the impeller outlet are shown in 
Fig. 3.2a and Table 3.2. The meridional velocity downstream of the impeller is 
obtained from Eq. (T3.2.2). Blade blockage is still present immediately upstream 
of the impeller outlet and the velocity is correspondingly greater than downstream 
of the trailing edge: c2m' = c2m×τ2, Eq. (T3.2.3). Again, the blockage does not af-
fect the circumferential component. The absolute velocity c2 and outflow angle α2 
are relevant for the design of the diffusing elements, Eqs. (T3.2.10 and 3.2.13). 

3.2 Energy transfer in the impeller, specific work and 
head 

The head H measurable between discharge and suction nozzles has been defined 
in Table 2.2 as the useful total head difference generated by the pump. However, 
Eq. (T2.2.5) does not specify how the impeller converts the power applied to the 
rotor into pumping work. 

To calculate the energy transfer from the impeller to the fluid the conservation 
of momentum according to Eq. (1.10) can be used, since it establishes a relation-
ship between flow quantities and external forces. If suitable control surfaces are 
selected, the momentum balance allows a global statement without knowledge of 
the flow details within the control volume. 

The control volume is selected according to Fig. 3.2b around the impeller as 
presented in the meridional section. The following quantities are applied to its 
boundary: 
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• The flow QLa enters the impeller through area 1 with the angular momentum 
ρ×QLa×r1m×c1u.  

• The flow leaves the impeller through area 2 with the angular momentum 
ρ×QLa×r2m×c2u. 

• The control surface cuts through the shaft. Therefore, external forces in the 
form of M = Msch + ΣMRR must be applied to this interface. 

• Viscous shear stresses cause friction moments MRR on front and rear shrouds 
that can be estimated according to Chap. 3.6.1. But these need not be consid-
ered when calculating the moment Msch acting on the blades. 

• Turbulent shear stresses occur in the areas 1 and 2 in circumferential direction, 
since the control surfaces are not positioned perpendicularly to the velocity 
vectors c1 and c2. These shear stresses generate a moment Mτ, which is ne-
glected when calculating according to the streamline theory. From numerical 
calculations it can be inferred that Mτ amounts to typically 1% of the moment 
transmitted by the impeller when no recirculation is present1. 

The static pressures in the areas 1 and 2 do not generate any forces in the 
circumferential direction and therefore do not enter the momentum balance. 
Likewise, the radial velocity components do not contribute to the angular momen-
tum acting on the blades; consequently, only the circumferential components c1u 
and c2u need to be considered. When applying one-dimensional streamline theory, 
the non-uniform velocity distributions at the control surfaces are replaced by rep-
resentative average velocities. They generate exactly the same angular momentum 
on the mean radii r1m, r2m as the integral over the real flow distributions. Subject to 
all these prerequisites, the conservation of momentum provides the angular mo- 
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Fig. 3.2. Balance of angular momentums acting on the impeller. a velocity vectors; b con-
trol volume 
                                                           
1 Recirculation normally occurs at partload below q* = 0.5 to 0.7 (Chap. 5). It may, how-

ever, occur even near the best efficiency point when extremely wide impellers are used 
(for example in dredge pumps). 
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mentum acting on the blades in the form of “Euler's turbine equation”: 

)c rc (r Q M 1um12u2mLasch −ρ=  (3.1) 

The mean radii are defined in such a way that they divide inlet and outlet cross 
sections into two areas which both receive identical flow rates (where cm is as-
sumed constant over the cross section):  
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Msch is the torque which must be applied to the shaft in order to create the flow 
conditions shown in Fig. 3.2a. According to Newton's law (“action equals reac-
tion”), Msch is also equal to the moment transmitted to the fluid. At an angular ve-
locity ω of the shaft the corresponding driver power is (with u = ω×r): 

)c uc (u Q  MP 1um12u2mLaschsch −ρ=ω=  (3.3) 

The specific work produced by the blades is obtained from dividing Psch by the 
mass flow rate m  passing through the impeller ( m = QLa ), Chap. 1.2.2: 

1um12u2m
La

sch
thsch c uc u

Q 
P YY −=

ρ
==  (3.4) 

As demonstrated by Eq. (3.1), (3.3) and (3.4) a pre-swirl (α1 < 90°) reduces blade 
moment, power consumption and head while a counter-swirl increases these val-
ues. Since the specific work of the blades according to Eq. (3.4) does not include 
any losses (although it applies to flows with losses!), it is also called “theoretical 
specific work”. Accordingly, Hth = Ysch/g is the “theoretical head”. 

The energy Ysch transmitted to the fluid comprises both the useful energy in the 
discharge nozzle Y according to Eq. (2.1) and the hydraulic losses (see 
Chap. 1.2.2 and Eq. (1.8)). The following therefore applies: Ysch = Y + g×ΣZh. 
These losses are described by the “hydraulic efficiency” ηh defined by Eq. (3.5): 

hthsch
h Z H

H
H
H

Y
Y

Σ+
===η  (3.5) 

The hydraulic efficiency includes all hydraulic losses between the suction and 
discharge nozzles, i.e. in the inlet, impeller, diffuser and discharge casing. Details 
concerning ηh can be found in Chap. 3.9, Eq. (3.28a) and Figs. 3.27 to 3.29. 

From geometrical relationships of the velocity triangles u×cu = ½ (u2 + c2 - w2) 
is obtained. Inserting this expression into Eq. (3.4) produces Eq. (T3.3.2). Accord-
ing to this equation, the specific work consists of three components: centrifugal 
component u2

2 - u1
2, deceleration of the relative velocity w1

2 - w2
2 and accelera-

tion of the absolute velocity c2
2 - c1

2. The impeller outlet velocity c2 is decelerated 
in the collector. There, its kinetic energy is for the most part converted into static 
pressure. With reference to Eq. (1.15) the first two terms stand for the increase of 
the static pressure in the impeller plus the impeller losses, Eq. (T3.3.3). 

The energy Ysch transmitted to the fluid by the impeller causes a total pressure 
increase Ytot,La at the impeller outlet. A fraction of Ysch is dissipated in the impeller 
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in the form of losses. Consequently Ysch = Ytot,La + g×ZLa (Chap. 1.2.2) applies. 
Ytot is the useful hydraulic energy present at the impeller outlet (less the inlet en-
ergy at the suction nozzle). The specific work Y = g×H measured between dis-
charge and suction nozzles is obtained as Y = Ytot,La - g×ZLe when the losses in the 
diffuser are subtracted. The relationships between specific work and the increase 
of the total pressure and the static pressure are summarized in Table 3.3. The in-
crease of the static pressure in the impeller Hp (expressed as static head) is ob-
tained from Bernoulli's equation in the relative reference frame, Eq. (1.15). The 
ratio of the static head to the head of the pump, RG = Hp/H, is called the “degree 
of reaction”. Table 3.3 also includes equations which describe the energy transfer 
in the relative reference frame. 

According to Eq. (3.4) the blade forces create a flow condition which is de-
scribed only by the circumferential components of the absolute velocity at the im-
peller inlet and outlet. The static pressures need not be considered. According to 
Chap.1.4.1 the static pressures result from the streamline curvature imposed by 
the blades on the fluid in such a way that they maintain equilibrium with the cen-
trifugal forces. 

As will be discussed in Chap.5, recirculations occur at partload. Their angular 
momentums acting on the impeller inlet and outlet are not included in the above 
equations. It is most important to note that one-dimensional pump theory as dis-
cussed above applies to pump operation without recirculation only. Ignoring this 
fundamental fact often leads to erroneous conclusions. This problem will be dis-
cussed in greater detail in Chap. 8.4. 

3.3 Flow deflection caused by the blades. Slip factor 

As mentioned above, only the average velocities prevailing at the chosen control 
surfaces are considered when applying the theorem of conservation of momentum. 
The complicated flow conditions in the interior of the control volume are ignored. 
The conservation of momentum consequently fails to show the manner in which 
the flow observed at the control surfaces was generated; and how the impeller, its 
outlet width and blade angles must be designed so that these average velocities ac-
tually occur at given values of QLa and ω. 

The blade moment results from blade forces which can be imagined as an inte-
gral of the pressure and shear stress distributions over the blade surface – much 
like the lift of a wing is integrated from its pressure distribution. If a blade (or a 
wing) is to generate a net force, this integral obviously cannot be zero, i.e. greater 
pressures must be present on the blade pressure surface than on the suction sur-
face. Since the pressure distributions in a turbomachine solely result from the ve-
locity distributions around the blades, it must be concluded that different flow 
conditions are present on blade pressure and suction surfaces. Hence the flow is 
not able to follow the blades exactly (the flow is not “blade-congruent”). The 
work transfer is only made possible through a deviation between the blade and 
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flow angles. In Fig. 3.2a the flow angle β2 is therefore represented smaller than 
the blade angle β2B. The described phenomenon is quantified by the “slip factor” 
or by the “deviation angle” δ = β2B - β2. Both terms implicitly assume the idea of a 
blade-congruent flow and consider the deviation of the real flow from the blade 
outlet angle. 
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Fig. 3.3. Slip phenomenon. a Flow between the blades; b Secondary flow  

As will be discussed in detail in Chap. 5, the flow distribution at the impeller out-
let – and consequently the mean flow angle and the slip factor – results from a 
complex equilibrium of forces. The deviation of the real flow from the blade-
congruent flow is essentially influenced by the following mechanisms: 

• The velocity differences between the pressure and suction surfaces of the 
blades are induced by the transfer of work, Fig. 3.3a, Profile k. 

• The Coriolis acceleration bc is opposite to the direction of rotation and causes a 
secondary flow which transports fluid towards the pressure surface, thus reduc-
ing the flow angle β (refer to Fig. 3.2a and Chap. 5). 

• Immediately downstream of the trailing edge, the differences in static pressure 
acting on the blade pressure and suction surfaces vanish, because pressure dif-
ferences in the free flow can only be maintained through different streamline 
curvature. The velocity distribution already adapts in the triangular section 
downstream of the throat at the impeller outlet in a way that this outflow condi-
tion is satisfied and that the circulation around the trailing edge is not exces-
sive. Ahead of the throat, in the actual impeller channel, the flow is guided 
more effectively and deviates less from the blade angle (refer to profiles k and s 
in Fig. 3.3a). Figure 3.4 illustrates these effects by the paths of the relative ve-
locity calculated with a 3D-Navier-Stokes program. Up to the throat a2 the flow 
paths are almost congruent with the blade contour marked by broken lines; in 
the inclined section after a2 the flow paths curve in the direction of the pressure 
surface and the flow angle β is correspondingly reduced toward the impeller 
outlet. With backward curved blades, the slip factor is to a large extent created 
in the triangular section at the impeller outlet. Conversely, with radial blades 
(having inlet and outlet angles of 90°) the slip factor is primarily caused by the 
Coriolis force. 
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Fig. 3.4. Streamline of relative flow in a radial impeller (Navier-Stokes calculation). The 
broken lines correspond to blade-congruent flow. 
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Fig. 3.5. Slip and deviation angle 

Since these flow processes cannot be calculated by simple means, empirical data 
have to be used when calculating the flow outlet angles according to the stream-
line theory. Figure 3.5 shows the relevant outlet triangle immediately ahead of the 
trailing edge (i.e. with blockage), where subscript ∞ is used for blade-congruent 
flow. Known are u2, c2m' from QLa and the blade outlet angle β2Β. The difference 
between c2u∞ and c2u is defined as: 

c2u∞ - c2u = (1 - γ) u2 (3.6) 

Here γ is defined as slip factor, while the quantity (1 - γ)  is the “slip”. Therefore 
γ = 1.0 means blade-congruent flow. The smaller γ, the greater is the deviation be-
tween flow and blade angles. 

With Eq. (3.6) and tanβ2B = c2m'/(u2 -c2u∞) the following definition equation for 
the slip factor is obtained: 

2B2

2m2

2

u2

2

u2u2
 tanu
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τ+=−−≡γ ∞  (3.7) 

To obtain data for the impeller design, the coefficient γ has to be calculated from 
test data and correlated with geometrical quantities. This calculation is performed 
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at the best efficiency point or in its vicinity. In this context, the measured values 
of Q, H, P, η are known, and c1u can be calculated from Eq. (T3.1.3) in case of 
α1 ≠ 90°. The hydraulic efficiency ηh is determined by loss analysis according to 
Chaps. 3.6 and 3.7 so that Hth = H/ηh is also available. The circumferential com-
ponent of the absolute velocity c2u at the impeller outlet is obtained from 
Eq. (T3.2.8). This value can be used to calculate the coefficient γ from Eq. (3.7). 

A modified form of the Wiesner equation [3.1] is used for correlating the data 
obtained in this way. Based on the calculations by Busemann [3.2], Wiesner de-
veloped a formula for the prediction of slip factors and compared it with meas-
urements on compressors and pumps. To adapt this correlation to a wider database 
of pumps, the full blade thickness was used as blockage for the calculation and the 
correction factor f1 was introduced. This evaluation produced Eq. (T3.2.6) for slip 
factor prediction. The correlation reflects the test results of γ for radial impellers 
with a standard deviation of about ±4% which implies a 95%-confidence limit of 
approximately ± 8%. Since the tolerances of the slip factor are emphasized in the 
calculation of the head, Eq. (T3.3.7), considerable uncertainties must be expected 
in the performance prediction according to the streamline theory, unless more ac-
curate test data of similar impellers are available. Correlations more accurate than 
Eq. (T3.2.6) are not known from the literature. Even an attempt to improve the ac-
curacy of the correlation through additional parameters such as b2* or d1* has 
failed so far. Although these parameters have some influence, it is not sufficiently 
systematic and, consequently, obscured through additional 3D-effects of the flow. 

Guided by the idea that a long blade would improve flow guidance and thereby 
reduce the slip, Pfleiderer developed a slip factor formula incorporating the static 
moment of the streamline (projected into the meridional section) [B.1]. However, 
with the analyzed pumps no reduction of the standard deviation below the men-
tioned level of ±4% was obtained. These findings (at first glance surprising) are 
explained thus: as mentioned above, the flow guidance in the actual blade channel 
is quite good so that the length of the blade in this area has only a minor influence. 
The slip mainly occurs in the “triangle” between a2 and d2. Slip is determined to a 
far greater degree by Coriolis forces and the development of the blade angles and 
cross sections than by the blade length projected into the meridional section. 

The uncertainties inherent to the streamline theory are due to the fact that the 3-
dimensional impeller flow cannot be described by a one-dimensional approach – 
regardless of the number of geometrical parameters taken into account. The main 
sources of the uncertainties are discussed below: 

• The calculation of the slip factor according to Eqs. (T3.2.4 to 6) only takes into 
account the parameters outlet angle β2B, blade number zLa, blade blockage and 
indirectly the inlet diameter d1m*. However, the entire blade and channel de-
velopment determines the velocity distribution at the impeller outlet and there-
fore also the integral which constitutes the mean value c2u in Eq. (3.4). 

• The secondary flow in the impeller increases with growing outlet width, which 
tends to increase the deviation between the blade and flow angles. Impellers 
with large relative outlet widths b2* generate very uneven outflow profiles. As 
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mentioned above, the streamline theory breaks down when there is flow recir-
culation, and so does the slip factor concept. This may be the case for ex-
tremely wide impellers. 

• To evaluate the work transfer in the impeller, not only the nominal outlet angle 
must be used, but the whole blade development near the impeller exit needs to 
be considered. To be relevant for slip and head prediction, β2B should be ap-
proximately constant over an extended range – for example, up to the cross 
section at a2. The blade distance a2 at the throat according to Table 0.2 is an 
important dimension in the design and for checking a casting. An angle βa2 can 
be defined by Eq. (3.8): 
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• The smaller the ratio tanβa2/tanβ2B, the lower is the head and the greater the de-
viation from the slip factor calculated with β2B according to Eq. (T3.2.6). This 
is demonstrated by the measurements in [3.16] where the outlet width was var-
ied in a wide range, while inlet and outlet angles were kept constant. The re-
sulting Q-H-curves varied from very steep to very flat. Applying any of the 
published slip factor formulae would completely fail to predict these results. 

• Profiling the trailing edge has an effect on the impeller flow and, consequently, 
the head achieved. Depending on the trailing edge profile, various definitions 
are possible for the outlet angle, since camber angle β2B, pressure side angle 
β2B,DS and suction side angle β2B,SS can be quite different. In the case of un-
profiled blades, all three angles are approximately identical. With symmetrical 
profiling the camber angle constitutes a representative mean value. Conversely, 
with increased under-filing the camber angle is locally significantly greater 
than the angle on the pressure side. Finally, with profiling on the pressure side 
β2B < β2B,SS applies, (Fig. 3.6). 

• The head coefficient tends to decrease with increasing impeller inlet diameter 
(at otherwise identical design parameters). This fact is not sufficiently repre-
sented in the slip factor formula which predicts an influence of the inlet diame-
ter only above some limiting value. 
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Fig. 3.6. Shapes of impeller blade trailing edges 
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3.4 Dimensionless coefficients, similarity laws and 
specific speed 

Turbulent flows in complex geometries cannot be described accurately by simple 
analytical means. In practice, such flows are treated with similarity characteristics 
(“model laws”) and dimensionless coefficients by means of which test results can 
be generalized and applied for prediction purposes in new applications. This ap-
proach even applies to geometries as simple as a straight pipe, where Reynolds 
number, relative roughness and friction coefficients are used for pressure drop 
prediction, Chap. 1.5.1. 

Model tests and their conversion to other speeds and pump sizes consequently 
form a most important basis in pump design and application. A principle prerequi-
site for applying similarity laws are geometrical and dynamic similarity. Geomet-
ric similarity is fulfilled when all dimensions of the parts conducting the flow of 
two machines (subscript “a” for the prototype, subscript “M” for the model) are 
scaled to the same ratio λ = Da/DM. Dynamic similarity requires identical values of 
Euler number, Reynolds number and Froude number for prototype and model. 
Which specific similarity characteristics have to be fulfilled depends on the physi-
cal process being examined. In pump design, it is only necessary to maintain iden-
tical Euler numbers in model and prototype. The effect of the Reynolds number is 
generally minor and is therefore only taken into account for detailed loss investi-
gations, Chap. 3.10.1 

If gravity exercises a substantial effect, the similarity according to Froude must 
be maintained. This applies to flows with a free surface, for example when model-
ing pump sumps, Chap. 11. 

Similarity or model laws can be developed according to various methods, [3.3] 
to [3.5]. Without going into the details of similarity theory, the model laws for 
pumps (and turbines) can be derived directly from the velocity triangles. To this 
end, consider the dimensionless inlet and outlet triangles where all velocities are 
referred to the circumferential velocities u1 and u2 respectively, Fig. 3.7. When 
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Fig. 3.7.  Velocity triangles in dimensionless representation 
                                                           
1 When pumping oils or other media of high viscosity, head and efficiency are severely 

reduced compared with the pumping of water, Chap. 13.1. 
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doing so, all flow angles remain the same. Thus the representation according to 
Fig. 3.7 is independent of the circumferential velocity – and consequently inde-
pendent of impeller diameter and speed. Since geometrical similarity is an indis-
pensable requirement, also u1 and u2 are in a fixed relationship.All velocities are 
proportional to n×d. For geometrically similar impellers the velocity triangles at 
the inlet and outlet are determined completely by the quantities cm/u and cu/u 
alone (Fig. 3.7). 

Since the meridional velocity is proportional to the volumetric flow rate, the ra-
tio cm/u describes the influence of the flow rate. Consequently it is possible to de-
fine two flow coefficients: ϕ1 = c1m/u1 for the impeller inlet and ϕ2,La = c2m/u2 for 
the impeller outlet, Eqs. (T3.4.6) and (3.4.7). With geometrically similar impellers 
the same kinematic flow conditions prevail at a given flow coefficient regardless 
of impeller diameter and speed. The flow coefficients strictly refer to the volumet-
ric flow rate QLa = Q/ηv passing through the impeller. Often, however, the flow 
coefficients are calculated with the useful flow rate Q. This is a good approxima-
tion, provided that the volumetric efficiency is not very different between model 
and prototype. 

Since the quantities c2u/u2 and c2m/u2 according to Fig. 3.7 are identical in 
model and prototype because of identical kinematic conditions, it follows from 
Eq. (3.7) that the slip factor is the same in both machines. From Eq. (T3.3.1) it can 
be deduced further that the specific work in model and prototype is proportional 
to the square of the circumferential speed. The following head coefficient is there-
fore defined: ψ = 2×Y/u2

2, Eq. (T3.4.8). ψ = f(ϕ) is also a dimensionless charac-
teristic which is independent of speed and impeller diameter. 

Solving Eq. (T3.4.6) for the flow Q and Eq. (T3.4.8) for the head H and insert-
ing the equations obtained in Pst = ρ×g×Hst×Q/η according to Eq. (2.4), a power 
coefficient λ according to Eq. (T3.4.9) can be defined. 

The following proportionalities for geometrically similar pumps result directly 
from Eqs. (T3.4.6 to T3.4.9): Q ∼ n×d3; H ∼ n2×d2 and P ∼ n3×d5. The similarity or 
model laws between model and prototype according to Eqs. (T3.4.1 to T3.4.4) are 
obtained from these relationships. 

Since all forces are proportional to the product of pressure×area, the following 
also applies: F ∼ n2×d4, Eq. (T3.4.5). 

The above relationships presuppose the same efficiencies in model and proto-
type. If this prerequisite is not satisfied with sufficient accuracy, corrections have 
to be made by means of an appropriate loss analysis according to Chaps. 3.6 to 
3.10. The similarity conditions for cavitating flows are covered in Chap. 6.2.3. 
Specific speed: According to Eqs. (T3.4.8 and T3.4.2) we can write for the head: 
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Likewise, Eqs. (T3.4.6 and T3.4.1) yield for the flow rate: 
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where k1 and k2 are constants. Eliminating the impeller diameter from these rela-
tionships, Eq. (3.11) is obtained after several transformations (written for the best 
efficiency point): 
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The left side of this equation is a constant “ISC” for geometrically similar pumps; 
it depends on neither the impeller diameter nor the speed. The middle term de-
scribes the relationship between speed, volumetric flow and head of the pump. 

Considering the wide range of applications of centrifugal pumps with their 
various impeller shapes (radial, semi-axial, axial, Table 2.1) described in Chap.2, 
such a relationship between the flow characteristics Q, H and n is of fundamental 
significance for the selection of a suitable type of pump for a given application.  

The quantity ISC (impeller shape coefficient) is therefore termed “specific 
speed” or “type number”. Its relevance is explained by way of Fig. 3.8. Consider 
an impeller at a given speed nx, providing the flow rate Qx. If the impeller is de-
signed with various outer diameters or trailing edge shapes (1 to 6 in Fig. 3.8), the 
head decreases roughly with the square of the diameter according to Eq. (3.9). 
Since nx and Qx are constant, the relationship between Q, H and n changes; this 
means that the specific speed increases. The shape of the impeller in Fig. 3.8 
changes from radial impellers (1 to 4a) to semi-axial impellers. Finally an almost 
axial impeller is achieved with trailing edge 6. As can also be seen from Fig. 3.8, 
the relationships b2/d2 and d1/d2 increase with growing specific speed. 

The specific speed must invariably be calculated with the performance data at 
the best efficiency point and the head per stage. With double-entry impellers the 
specific speed is defined in Europe with the flow rate per impeller side, 
Eq. (T3.4.15). However, in North America the total flow rate is used (omitting the 
factor fq, refer also to Chap. 2.2). Unfortunately nq is not dimensionless. To obtain 
a dimensionless characteristic it is possible to divide Qopt by the reference quantity 
Q1 = 1 m3/s and likewise introduce H1 = 1 m and n1 = 1 rpm. Formulated thus, nq 
is a dimensionless figure. In practice, nq is considered as dimensionless without 
explicitly writing the reference quantities. A really dimensionless characteristic is 
ωs according to Eq. (T3.4.16). 
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Fig. 3.8. Development of the impeller shape with the specific speed 
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The specific speed permits a comparison of geometrically dissimilar impellers. 
Hence it can be used for comparing pumps from different vendors for a given ap-
plication. But the specific speed provides only a rough indication concerning the 
hydraulic features, configuration and impeller shape of a pump. Depending on the 
application, a pump with given data n, Qopt and Hopt − consequently with a given 
specific speed – can be equipped with impellers of quite different shapes. Exam-
ples are: (1) Sewage or dredge pumps typically have impeller outlet widths twice 
as large as pumps for non-clogging fluids with identical specific speed. (2) De-
pending on the required suction capability, the ratio of impeller inlet to outlet di-
ameter d1/d2 can vary appreciably for a given nq, (Chap. 6). (3) The head coeffi-
cient can be varied in relatively wide limits in order to obtain flat or steep charac-
teristics without great effect on the specific speed. In this way the head rise 
Ho/Hopt can be adapted to specific requirements. 

3.5 Power balance and efficiencies 

Losses arise whenever a fluid flows through (or components move in) a machine. 
The useful power Pu introduced in Chap. 2.2 is therefore always smaller than the 
power P supplied at the pump shaft. The sum of all losses ΣPv = P - Pu is dissi-
pated into heat. Apart from the hydraulic losses according to Eq. (3.5) additional 
losses occur in a pump (“secondary losses”) so that altogether the following 
sources of loss must be considered: 

1. Mechanical losses Pm in bearings and shaft seals. These do not generally result 
in a heating of the fluid and are therefore termed external losses. 

2. Volumetric losses are due to all leakages which are pumped by the impeller. 
These include: a) The leakage Qsp through the annular seal at the impeller inlet. 
b) The leakage QE through the device for axial thrust balancing. These leakages 
(QS2 in Fig. 3.16) either occur through balance holes in single-stage or multi-
stage machines with individual impeller balancing or through central balance 
devices such as pistons or disks (QE in Fig. 3.16), refer also to Chap. 9.2. In 
special cases additional fluid (Qh) may be circulated within the pump which is 
branched off for auxiliary purposes such as feeding a hydrostatic bearing, 
flushing, sealing or cooling. Such flows must be taken into account when cal-
culating volumetric efficiency and pump performance. To pump all of these 
leakages the power PL = ρ×g×Hth×(Qsp + QE + Qh) = ρ×g×Hth×Q/ηv must be sup-
plied by the impeller, where ηv is the volumetric efficiency, Eq. (T3.5.9). 

3. Disk friction losses PRR are generated on rear and front shrouds of the impellers 
which rotate in the fluid as hydraulically smooth or rough disks. 

4. Similar friction losses Per are created by the components of axial thrust balance 
devices (balance piston or disk, Chap. 9.2). 

5. In multistage pumps leakages also occur in the “interstage seal”, i.e. the annu-
lar seal separating two stages, Fig. 3.16. These leakages do not flow through 
the impeller; consequently, they are not imparted the full blade work. They 
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constitute a throttling loss Ps3 which should be evaluated with only about 40% 
of the head, Chap. 3.6.3. 

6. Hydraulic losses due to friction and turbulent dissipation in all components be-
tween suction and discharge nozzle are covered by the hydraulic efficiency ηh 
(Chap. 3.7). The dissipated power is Pvh = ρ×g×H×Q×(1/ηh – 1). 

7. Fluid recirculation at partload creates high losses PRec due to an exchange of 
momentum between stalled and non-separated fluid zones. If correctly de-
signed, these are zero near the best efficiency point (and above). When operat-
ing against a closed valve or at a low flow rate, they make up the greatest part 
of the power consumption (Chaps. 4 and 5). 

The loss components 2 to 7 are generated within the pump. In the case of the 
balancing flow this applies only if QE is returned into the suction nozzle. All these 
losses are called “internal losses” because they heat up the fluid in the machine. 

The overall power balance of a pump according to Eq. (T3.5.1) is depicted in 
Fig. 3.9.1 Table 3.5 contains the relevant equations and rules of thumb to estimate 
the secondary losses. 

In addition, the following efficiencies are used: the mechanical efficiency ac-
cording to Eq. (T3.5.6); the internal efficiency according to Eq. (T3.5.5) and the 
volumetric efficiency according to Eq. (T3.5.9). 

The secondary losses are discussed in Chap. 3.6 and the hydraulic losses in 
Chap. 3.8. The calculation of all types of losses is subject to uncertainties of ±20 
to 30%. If the individual loss under consideration amounts to only a few percent 
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Fig. 3.9. Power balance of a pump 

                                                           
1 The sound power radiated as air-, fluid-, and solid-borne noise is negligibly small com-

pared to all other losses. 
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of the coupling power – as with pumps having more than 80% overall efficiency – 
such an uncertainty is not too serious. However, in the case of small pumps and 
low specific speed it is significant. Loss analysis is necessary not only for new 
developments; it can also be very helpful in determining the cause of a perform-
ance deficit observed in a plant or on the test stand. When performing this task, 
often the focus is not so much on the absolute value of the calculated loss; the 
goal is rather to determine trends caused by a deviation from design or to evaluate 
the effect of an intended or observed modification. In such cases, consistent con-
sideration of the losses is more important than the choice between different calcu-
lation methods. 

3.6 Calculation of secondary losses 

In the following, disk friction losses and leakage losses are considered as separate 
phenomena that can be measured in special test stands outside, or even inside, a 
pump. However, a close interaction is in effect between the main flow at the im-
peller outlet, the flow in the impeller sidewall gaps, leakage through annular seals 
and the disk friction losses. The interaction is difficult to capture either experi-
mentally or numerically (this topic is discussed extensively in Chap. 9.1). 

3.6.1 Disk friction losses 

When a circular disk or a cylinder rotates in a fluid, shear stresses corresponding 
to the local friction coefficient cf occur on its surface, Chap.1.5.1. On a disk rotat-
ing in an extended stationary fluid (without the influence of a casing) the shear 
stress is τ = ½ρ×cf×u2 with u = ω×R, Eq. (1.31). The friction force on a surface 
element dA = 2π×r×dr is then dF = 2π×τ×r×dr and the torque exercised by friction 
becomes: dM = r×dF = π×ρ×cf×ω2×r4×dr. The friction power per side of the disk 
PRR = ω×M is obtained from the integral PRR = ω× dM (between inner radius r1 
and outer radius r2) as PRR = (π/5)×ρ×cf×ω3×r2

5×(1 - r1
5/r2

5). The friction coefficient 
cf depends on the Reynolds number and the surface roughness. It has roughly the 
same magnitude as found on a plate in parallel flow, Eq. (1.33). 

In the case of a rotating cylinder (with the length L and radius r2) no integration 
is necessary since the radius is constant. In the same way as above the power 
PRZ = π×ρ×cf×ω3×r2

4×L is obtained. 
In agreement with the similarity laws in Table 3.4, the disk friction power in-

creases with the third power of the speed and the fifth power of the diameter (as-
suming geometrical similarity L/r2 = constant and neglecting the influence of the 
Reynolds number). 

If the body rotates in a casing (as is the case in a pump) the velocity distribu-
tion between casing and rotating body depends on the distance between the impel-
ler shroud and the casing wall as well as on the boundary layers which form on 
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the stationary and rotating surfaces. A core flow with approximately cu = ½ω×r is 
obtained (in other words, u = ω×r can no longer be assumed). In the case of turbu-
lent flow the power absorbed by a disk in a casing therefore amounts to roughly 
half of the power of a free disk rotating in a stationary fluid.1 

The disk friction losses of impeller shrouds or of cylindrical bodies are calcu-
lated according to Eqs. (T3.6.2 and 3.6.4). The friction coefficients kRR and kRZ 
required for this purpose are determined from correlations derived from experi-
ments. All relevant equations are compiled in Table 3.6. They were derived from 
measurements on hydraulically smooth disks.2 

The equations for turbulent flows were expanded by correction factors fR and fL 
by means of which the effect of the roughness and the leakage flow through the 
impeller sidewall gaps can be estimated. The increase of the friction on rough 
disks compared with hydraulically smooth disks is determined as follows: the fric-
tion coefficient cf is calculated for the rough surface and for the hydraulically 
smooth surface cf,o (ε = 0) from Eq. (1.33) with Re = u×r2/ν and ε/r2. This pro-
duces the correction factor fR = cf/cf,o according to Eq. (T3.6.6). 

Equation (T3.6.3) produces similar friction coefficients as Eqs. (T3.6.8 to 
T3.6.11), Fig. 3.10. However, Eq. (T3.6.3) has the advantage that the entire range 
from laminar to turbulent can be covered with a single equation without any un-
steadiness at the transitions. 

Numerous tests confirm that the axial casing clearance sax has only a very small 
effect on the disk friction; Eq. (T3.6.11) overestimates this effect. With sax tending 
to zero it yields too small and with sax tending to infinity too large friction coeffi-
cients. In contrast, Eq. (T3.6.3) produces sensible values even with extreme axial 
clearances sax. With sax tending towards infinity Eq. (T3.6.3) supplies factors 
roughly corresponding to a free disk whose friction factors are given by 
kRR = 0.0365/Re0.2, [1.11]. Refer to Table 3.6 for further definition. 

In [3.30] a method was developed to calculate disk friction losses by taking 
into account the fluid rotation in the impeller sidewall gap, Eqs. (T3.6.12 and 
T3.6.13). This equation covers the effects of the impeller sidewall gap geometry 
as well as the roughness of the casing and the impeller shrouds. It is useful par-
ticularly when the casing and the impeller disk have different roughness values. 
For a detailed discussion refer to chap. 9.1. 

The various correlations from Table 3.6 are compared in Fig. 3.10. It can be 
seen that in particular Eqs. (T3.6.3) and (T3.6.12) are equivalent and suitably re-
flect Eqs. (T3.6.8 to T3.6.11). The effect of the roughness is appropriately cov-
ered by Eq. (T3.6.6). 

                                                           
1 This experimental finding follows from data in [1.11]; it cannot be deduced by inserting 

half the angular velocity in the equation given earlier. 
2 Equations (T3.6.3) and (T3.6.5) are based on [3.6] and [3.7], Eqs. (T3.6.8) to (T3.6.11) 

on [3.8], Eq. (T3.6.12) on [3.30]. 
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Fig. 3.10. Disk friction coefficients for smooth and rough surfaces calculated for 
sax/R = 0.08 (without leakage through the impeller sidewall gap);  = roughness 

Literature overviews concerning disk friction losses can be found in [3.29, 3.30 
and 3.10]; the basic theory is treated in [1.11]. When comparing with other 
sources, the different definitions of the torque coefficients must be considered 
(frequently the coefficients are defined in a way that they comprise the torque or 
the friction power for both sides of the disk). 
The disk friction losses in a pump depend on the following parameters: 

1. Reynolds number: As with the flow over a plate or through a pipe, the friction 
coefficient drops with increasing Reynolds number. When pumping water, the 
flow in the impeller sidewall gap is generally turbulent. In the case of oils or 
other fluids with high viscosity the flow becomes laminar and the disk friction 
increases greatly (Chap. 13.1).  

2. Roughness of the rotating disk: The roughness of the stationary or the rotat-
ing surface increases the friction power, provided the roughness peaks protrude 
from the boundary layer thickness. In this context, grooves in circumferential 
direction such as generated by machining the shrouds on a lathe are less harm-
ful than an unstructured roughness as typically found on a cast surface, [3.17]. 
According to the measurements in [3.17] the disk friction of a machined disk 
with εmax = 120 μm was practically identical in magnitude to that of a polished 
disk with ε ≈ 0. Machined disks can therefore be calculated in general with 
ε ≈ 0. For cast or sandblasted disks ε = εmax/ceq can be assumed. The equiva-
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lence factor is ceq = 2.6 and εmax is the maximum roughness height, Chap. 3.10. 
Disk friction losses are minimized if hydraulically smooth surface conditions 
are achieved. To this end, the permissible roughness that must not be exceeded 
can be evaluated according to Table D1.1 where w = cu ≈ ½×ω×r must be em-
ployed. The roughness problem is also discussed in Chap. 3.10. 

3. Roughness of the casing wall: When rotor and casing have the same rough-
ness the rotation of the fluid in the impeller sidewall gap is independent of the 
roughness, Eq. (T3.6.13). However, if εimpeller ≠ εcasing, the roughness has an ef-
fect on the rotation and, consequently, the disk friction. With εimpeller > εcasing the 
rotation increases, while it is reduced if εimpeller < εcasing. At the same time the 
disk friction changes as per Eqs. (T3.6.12) and (T3.6.13). For a more detailed 
calculation refer to Chap. 9.1. 

4. Axial sidewall gap sax: With a very small distance between impeller shroud 
and casing sax < δ (δ = boundary layer thickness) the velocity distribution in the 
axial sidewall gap is linear (Couette flow) and the mean velocity is approxi-
mately ½ω×r. When increasing the axial sidewall gap, the friction loss drops to 
a minimum (which has no practical significance since it cannot be executed in 
reality) before it rises again. As already mentioned, the effect of the axial side-
wall clearance is minimal in turbulent flow, while it is significant in laminar 
flow. The larger the wetted casing surfaces of the sidewall gap, the slower is 
the fluid rotation. 

5. Shape of the casing and size of the impeller sidewall gap have an effect on 
the rotation of the fluid and consequently the disk friction. Complicated shapes 
of the casing, large casing surfaces, ribs and other structures reducing fluid 
rotation increase the disk friction losses in a way similar to rough surfaces, 
Chap. 9.1. 

6. Influencing the boundary layer: The turbulence structure of the boundary 
layer can be influenced by fine grooves in the flow direction. The friction coef-
ficient could thus be lowered by up to 10% in the tests reported in [3.18]. 
However, producing grooves of the necessary fineness and with sharp tips is 
expensive and scarcely feasible in practice. 

7. Leakage flow through the impeller sidewall gap (Chap. 9.1): A radially in-
ward-directed leakage introduces an angular momentum of ρ×Qsp×c2u×r2 in the 
impeller sidewall gap which reduces the disk friction, if c2u/u2 > 0.5. Con-
versely, a radially outward-directed leakage flow decelerates the fluid rotation 
in the impeller sidewall gap (if it has no or little pre-rotation) so that the disk 
friction increases. The effect of leakage can be estimated by the correction fac-
tor according to Eq. (T3.6.7)1 which was derived from the calculations in 
Chap. 9.1. It roughly agrees with the measurements in [9.5]. In practice, the ef-
fects of radially inward leakage (reducing the disk friction) and roughness (in-

                                                           
1 The impeller sidewall gap integration according to Table 9.1 is recommended for more 

thorough investigations. 
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creasing disk friction) compensate to some extend so that fL = fR = 1.0 can of-
ten be used for simplification. 

8. Partload recirculation slows down the fluid rotation if it enters the impeller 
sidewall gap with low circumferential velocity, Fig. 5.30. The disk friction in-
creases as demonstrated by Fig. 9.7. 

9. Exchange of momentum: An exchange of momentum and, consequently, an 
interaction occur between main flow and impeller sidewall gap flow, Chap. 9.1. 

The last three parameters can severely influence the disk friction loss and render 
its calculation quite uncertain, especially with large leakage flows and at partload. 
Even at the best efficiency point, the tolerance of the calculated disk friction loss 
is estimated to be about ± 25%. The physical mechanisms of sidewall gap flow are 
treated comprehensively in Chap. 9.1, since they are very important for calculat-
ing the axial forces acting on the impeller.  

When determining the disk friction losses in a pump, the contributions of all 
surfaces rotating in the fluid must be calculated using the equations from Ta-
ble 3.6. These include impeller front and rear shrouds, their cylindrical end faces, 
annular seals on the impeller and the balance device if any. In the case of radial 
impellers, friction on the shrouds by far exceeds the contribution of all other com-
ponents. The size of the impeller inlet diameter has little impact since (r1/r2)5 << 1, 
Eq. (T3.6.2). 

For typical radial impellers the disk friction loss can be calculated from the use-
ful power Pu and the quantities nq, Re and ψopt. This leads to Eq. (T3.5.12) for tur-
bulent flows, or (more generally) to Eq. (T3.5.13) for laminar and turbulent flows. 
In these equations the contributions of front and rear shrouds, including cylindri-
cal surfaces and annular seals, have been taken into account for typical impeller 
geometries. The equations show: 

• The share of disk friction losses in the power consumption of a pump drops 
exponentially with increasing specific speed and increasing head coefficient. 
With low specific speeds disk friction is the main source of loss: at nq = 10, 
ψopt = 1 and Re = 107 the disk friction is approximately 30% of the useful 
power of the impeller. 

• With low specific speeds the head coefficient must be selected as high as pos-
sible in order to improve the efficiency (a high head coefficient leads to a re-
duced impeller diameter and consequently less disk friction, since PRR ~ d2

5). 

3.6.2 Leakage losses through annular seals 

Close running clearances (“annular seals”) between impeller and casing limit the 
leakage from the impeller outlet to the inlet, see Figs. 3.15, 3.16 and Table 3.7. 
Any leakage reduces the pump efficiency. Since the entire mechanical energy 
transferred by the impeller to the leakage flow (i.e. the increase of the static head 
and the kinetic energy) is throttled in the seal and converted into heat, one percent 
of leakage flow also means an efficiency loss of one percent. Leakage flows like-
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wise occur on axial thrust balance devices in which the entire differential head of 
the pump is throttled to suction pressure (here, too, the overall efficiency is re-
duced by one percent for every percent of leakage). 

The annular seal consists of a case ring and a rotating inner cylinder. The radial 
clearance s between the rings is small compared to the radius of the rotating parts 
(s << rsp). Due to the pressure difference across the seal, an axial flow velocity cax 
is generated. With the rotor at rest, this axial flow can be treated according to the 
laws of channel flow if the hydraulic diameter dh = 2×s is used. 

Through the rotation of the inner cylinder a circumferential flow is superim-
posed on the axial flow. To describe these flow conditions two Reynolds numbers 
are required: Re for the axial and Reu for the circumferential flow. Both defini-
tions are given in Table 3.7, Eq. (T3.7.9). The transition from laminar to turbulent 
occurs at a Reynolds number Re* = 2000, which is formed with the mean vecto-
rial velocity from cax and usp/2, as given by Eq. (T3.7.10). 

The circumferential velocity cu in the annular seal depends on the pre-rotation 
at the annular seal inlet, kin = cu/(ω×r); cu develops in the annular seal with in-
creasing flow path length z according to Eq. (T3.11a), [3.27]. It reaches an as-
ymptotic value given by kout = cu/(ω×r) = 0.5 for long annular seals. 
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In laminar flow the velocity distribution in circumferential direction is linear 
with cu = 0 at the stator and cu = ω×rsp = usp at the rotor. Since cu decreases from 
the rotor to the stator with growing radius, the centrifugal forces, too, decrease 
from rotor to stator. Consequently the velocity distribution is inherently unstable. 
Above a specific circumferential velocity “Taylor vortices” are generated in the 
circumferential direction. These manifest as pairs of vortices with opposite swirl 
structures. The stability criterion of the vortex development is determined by the 
Taylor number Ta: Ta = usp×s/ν×(s/rsp)0.5 = Reu/2×(s/rsp)0.5, [1.11]. Taylor vortices 
occur at Ta > 41.3. However, the flow remains laminar up to approximately 
Ta = 400 with an adequately small axial Reynolds number Re. In laminar flow the 
resistance coefficient increases considerably due to the Taylor vortices (by a fac-
tor of 2 to 3) refer also to [1.11] and [3.10]. 

In stable laminar flow (Ta < 41.3) the rotation has no noticeable effect on the 
friction coefficient λ which is calculated as λ = 96/Re for a concentric gap which 
is confirmed by the tests in Fig. 3.11 with Reu = 0. Conversely, in turbulent flow λ 
depends on the ratio of the circumferential to the axial Reynolds numbers Reu/Re. 
As follows from Eq. (T3.7.10) the flow is always turbulent for Reu > 4000, even if 
there is no axial flow (Re = 0). Equation (T3.7.14) can be used to estimate the 
friction coefficient for flows with Re < 2000. 
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To calculate the annular seal leakages, experimentally determined friction coef-
ficients are used for turbulent flow. Figure 3.11 shows measurements on a 
straight, plain annular seal, Fig. 3.12 for a straight serrated seal with large grooves 
[3.11] (see Fig. 3.15 for various seal geometries). Figure 3.11 was supplemented 
by tests from [3.12] for Reu = 30'000 and 50'000. As with all turbulent flows, the 
resistance of an annular seal depends on the roughness of the wall. In the case of 
small clearances this dependency is particularly high since the relative roughness 
ε/dh is high due to the small hydraulic diameter. 

The required high-pressure differentials and problems of measuring accuracy 
aggravate the experimental determination of the friction coefficients of annular 
seals in a wide range of Reynolds numbers. It is therefore frequently necessary to 
extrapolate the available test data. 

The resistance law for the flow in channels, Eq. (1.36), is suitable for extrapo-
lation since the entire range of turbulent flows from hydraulically smooth to hy-
draulically rough is described by it. The influence of the roughness in this context 
is expressed by ε/s. This better describes the fine structure of the flow in the 
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Fig. 3.11. Friction coefficients of smooth annular seals, test data from [3.11], [3.12]  
ε/s = 0.01; L/s = 413; s = 0.315 mm. The curves labeled “predicted” were calculated from 
Eqs. (T3.7.11) to (T3.7.14). 



92      3 Pump hydraulics and physical concepts 

104 105 103 102 Re 

0,1 

0,01 

1 

10 

λ 

t

b

g sReu = 15000

Reu = 8000 

Reu = 4000 

Reu = 2000 

Reu = 0 

 
Fig. 3.12. Friction coefficients of serrated annular seal, test data from [3.11]; s = 0.31 mm; 
b/t = 0.7; t/s = 16.1; g/s = 3.2 

annular seal than ε/(2s) and reflects more accurately the test results at least in this 
case.1 

The resistance coefficients calculated in this way apply to a stationary rotor 
(u = 0) and are therefore termed λo, Eq. (T3.7.12). The effect of the rotation in tur-
bulent flow is covered by an experimentally determined factor λ/λo, Eq. (T3.7.13), 
which harbors considerable uncertainties. As can be derived from Eq. (T3.11b), 
Reu/Re < 2 mostly applies to the annular seals on the impeller. Consequently, the 
correction for the influence of the rotation according to Eq. (T3.7.13) is below 
25% in most applications so that this uncertainty is often not really serious. 
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The test data from Fig. 3.11 were corrected for the rotation influence according 
to Eq. (T3.7.13). In this way λo was obtained which can be compared with 
Eq. (T3.7.12). The results of this calculation demonstrate that the Eqs. (T3.7.12 to 
T3.7.13) are suitable for extrapolating the test data. This even applies in the lami-
nar range, Fig. 3.13. 
                                                           
1 It is open to debate whether ε/s or ε/2s is more relevant for small clearances. Undoubtedly 

the hydraulic diameter is dh = 2 s. Considering the structure of the flow one may rather 
tend intuitively to select ε/s, which could be viewed as a local obstruction to the flow. 
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The friction coefficients of smooth annular seals and of seals with coarse or 
fine serrations and isotropic patterns can be estimated from Fig. 3.14. In addition 
to the friction loss, inlet and outlet losses must be considered in an annular seal. 
These are covered by ζE and ζA or by the sum of these coefficients ζEA = ζE + ζA. 
Without rotation, ζE = 0.5 and ζA = 1 would apply to genuinely sharp-edged 
inlets. As a result of the rotation both values drop so that ζEA = 1 to 1.2 can be 
used. The existing tests exhibit a major scatter since the inlet and outlet losses de- 
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Fig. 3.13. Friction coefficients of smooth annular seals with usp = 0 according to Fig. 3.11 
(eps stands for the sand roughness ) 
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Fig. 3.14. Friction coefficients of annular seals, calculated from Table 3.7 for Reu/Re = 2 
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pend on Re and Reu and even a tiny radius or chamfer at the seal inlet severely re-
duces the coefficient ζE. For example, if the clearance is s = 0.3 mm, a radius of 
0.2 mm produces r/dh = 0.33 and reduces the inlet loss coefficient from ζE = 0.5 to 
ζE = 0.03 (see Table 1.4). 

Annular seals are designed in a variety of shapes according to Fig. 3.15: 

• Straight plain annular seals require the least manufacturing effort. 
• Stepped annular seals with 1 to 2 stages or intermediate chambers offer in-

creased resistance since a head corresponding roughly to one stagnation pres-
sure is dissipated in one chamber: ζk = 1 to 1.3. Annular seal length and diame-
ter can possibly be better optimized with stepped seals. 

• Z-shaped annular seals provide a slightly higher resistance coefficient ζk than 
stepped seals. 

• The multiple seal (labyrinth seal) is the most complex design solution. With 
this type of seal it must be noted that clearance “a” is designed large compared 
with clearance s to avoid rotor instabilities (Chap. 10). 

• Radial and inclined or diagonal seals are designed according to Chap. 3.6.5. 
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Fig. 3.15. Types of seals 

The required seal clearance depends on considerations of mechanical design. 
The main objective is to prevent contact between rotor and stator. Design criteria 
are: the shaft bending under the rotor weight and radial thrust, possible thermal 
deformations of rotor and casing and the tendency of the materials used to seize.  

The diametrical clearance Δd = 2×s is in the order of: 
53.0

sp

Rref

sp d
d 004.0

d
d =Δ                  with dRef = 100 mm (3.12) 
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Equation (3.12) roughly corresponds to the minimum clearance values from [N.6] 
plus tolerances according to half the tolerance fields H7/h7. Executed clearances 
as a rule are in the range of ±30% of the clearances calculated from Eq. (3.12). In 
[N.6] an allowance of 0.125 mm is specified for materials with a high tendency to 
seize and in pumps for media above 260 ºC. This allowance is added to the clear-
ances according to Eq. (3.12). 

When starting pumps for hot media without preheating, the differential heating 
of rotor and stator must be considered. The impeller wear rings heat up faster than 
the casing because of the thin material thicknesses involved. The clearances are 
thus reduced due to thermal expansion. 

All types of seals can be designed either with smooth surfaces or with many 
different types of grooves or isotropic patterns (honeycomb or hole patterns) in 
order to increase the flow resistance. A “smooth” surface in terms of manufactur-
ing is not the same as “hydraulically smooth”. The roughness must always be con-
sidered when calculating the leakage loss, provided the flow is turbulent. For ex-
ample, machining a seal with a clearance of 0.4 mm to quality N7 (i.e. a sand 
roughness of 4 μm) gives a relative roughness of /s = 0.01, which is hydrauli-
cally very rough, see the graph in Table 1.6). 

The seal diameter is chosen as small as possible, the seal length is typically 
Lsp = (0.1 to 0.14)×dsp. 
Calculation procedure for leakage losses (Table 3.7): To start with, the pressure 
difference acting over the seal must be established. The static pressure Hp prevail-
ing at the impeller outlet can be calculated from Eq. (T.3.7.1). In most cases Hp 
can be estimated accurately enough with the help of the degree of reaction 
Hp = RG×H. For low and moderate specific speeds RG = 0.75 is a good assump-
tion. With radially inward directed leakages (Qs1 and Qs2 in Fig. 3.16) the pressure 
between the impeller outlet and the seal drops in accordance with the rotation of 
the fluid in the impeller sidewall gap (Chap. 9.1). This is described by the rotation 
factor k = β/ω (β is the angular velocity of the fluid).  

As per Eq. (1.27) the pressure reduction in the impeller sidewall gap can be 
calculated from Δp = ½ρ×β2×(r2

2 - rsp
2) = ½ρ×k2×u2

2×(1 - dsp*2); Eq. (T3.7.3) is ob-
tained for determining the pressure difference over the seal at the impeller inlet.  
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Fig. 3.16. Leakage flows: a) multistage pump; b) impeller with balance holes; c) double-
entry impeller 
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The greater the fluid rotation (i.e. the greater k) the greater is the pressure drop in 
the sidewall gap and the smaller is the pressure difference over the seal and the re-
sulting leakage flow. Since k increases with growing leakage (Chap. 9.1), a ra-
dially inward leakage depends on itself and partly limits itself. 

However, if the leakage Qs3 flows radially outward as in the case of the inter-
stage seals of multistage pumps, the pressure differential due to the rotation in the 
impeller sidewall gap is added according to Eq. (T3.7.4) to the pressure recovery 
in the diffuser ΔHLe = H - Hp = (1 - RG)×H. Again the leakage tends to limit itself, 
since a large flow through the sidewall gap has the effect of reducing the fluid ro-
tation or the pumping action of the rear shroud and thus the pressure difference 
across the seal. 

The rotation factor k can be estimated in different ways: (1) according to 
Eq. (T3.7.2) as a function of the Reynolds number and the seal geometry; (2) by 
reading from Figs. 9.5 or 9.6; (3) according to Eq. (T9.1.4); (4) by the calculation 
according to Table 9.1. 

The leakage through the axial thrust balance device of a multistage pump 
(Chap. 9.2.3) is generally returned to the suction nozzle. In that case the head gen-
erated by (zst - 1) stages, plus the static head calculated from Eq. (T3.7.3), is throt-
tled by the balance device. The balancing flow must therefore be calculated with 
the head difference defined by Eq. (T3.7.5). 

The axial velocity cax in the annular seal has to be calculated iteratively accord-
ing to Eq. (T3.7.6) since the friction coefficient depends on the Reynolds number 
(i.e. on cax). Stepped seals or multiple seals are calculated as resistances connected 
in series according to Chap. 1.9. To this end, the resistances of the individual 
steps or seals are added as per Eq. (T3.7.6). 

To reduce the leakage flow, grooves and isotropic patterns have been devel-
oped which will increase the resistance coefficient. Large grooves were examined 
in [3.11]; fine and coarse grooves in [10.25]; honeycomb patterns in [10.26]. The 
effect of such types of structures is based on increased energy dissipation through 
turbulent exchange of momentum between the leakage flow and the fluid in the 
grooves or recesses. A sort of “form resistance” is obtained which causes the tran-
sition from hydraulically smooth to fully rough flow being shifted towards lower 
Reynolds numbers than with a seal having no grooves. For Re > 10'000 it is there-
fore possible with such geometries, as a first approximation, to assume Re-
independent resistance coefficients for the calculation. As explained above, the in-
fluence of rotation on λ/λo is relatively small. In many cases it is possible to de-
scribe the attainable level of resistance coefficients for Re > 10'000 as follows: 

Honeycomb patterns: λ = 0.1 to 0.18   Fine grooves: λ = 0.07 to 0.09 
Hole patterns:  λ = 0.07 to 0.1  Coarse grooves: λ = 0.04 to 0.06 

These are only rough indications since the effective resistance coefficients sensi-
tively depend on the surface structure.  

With grooved surfaces the number of grooves or the ratio (t/s) is more impor-
tant than their depth g, provided g/s > 1 is chosen (see the definitions in 
Fig. 3.12). The ratio groove width b to pitch t should be selected in the range 
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b/t = 0.5 to 0.7 in order to minimize the leakage flow. In the case of plain seals 
(without serrations) the greatest possible roughness should be aimed at. However, 
there are practical limits to this, since the close manufacturing tolerances required 
for the seal diameters cannot be achieved with very rough surfaces.  
Pumping grooves: Instead of annular grooves it is also possible to machine 
threads on the rotating internal cylinder which work against the pressure to be 
sealed (“pumping grooves”). The leakage flow decreases with falling cax/usp. 
Pumping grooves always give less leakage than plain seals, however they make 
sense only when cax/usp < 0.7. Annular grooves similar to Fig. 3.12 are more effec-
tive above this limit. The ratio of seal length to clearance should be above 
Lsp/s = 50. Pumping grooves are geometrically similar if the following parameters 
are identical: pitch angle α, groove width “a” to pitch (a+b): a/(a+b), groove depth 
h to clearance s : h/s and pitch to clearance: (a+b)/s. For given values of these pa-
rameters the friction coefficient is independent of the clearance. 

Since the selection of favorable parameters depends on the ratio of the axial ve-
locity in the seal to the circumferential speed of the rotor, an iterative calculation 
is necessary. Table 3.7 (3) supplies all the required information and equations de-
rived from tests in [3.13]. Equations (T3.7.39) and (T3.7.40) apply to the geomet-
ric parameters specified in Eqs. (T3.7.35 to (T3.7.38) from which a deviation of 
± 10% is possible without Eqs. (T3.7.39) and (T3.7.40) losing their validity. 

Assessment and optimization of the annular seal leakage: 

• The seal clearance is the most important parameter since the leakage flow in-
creases approximately with the 1.5th power of the clearance. Seemingly minor 
deviations from the assumed dimensions have a noticeable effect on the effi-
ciency at low specific speeds. In the case of a pump with nq = 15, for example, 
a clearance change by 0.03 mm from 0.25 to 0.28 mm means a reduction of ef-
ficiency of one percentage point. Usually the clearance calculated from the 
nominal diameters corresponds to the minimum clearance. The (statistically) 
expected average clearance is larger than this minimum. Therefore, leakage 
calculations should be based on an average clearance which is calculated by 
adding half the tolerance field to the minimum clearance. 

• The clearance has practically no effect on the friction coefficient, provided the 
relative roughness ε/s is used in the calculation. For Re > 10'000, the roughness 
must always be considered for leakage flows, since the actual ratio of ε/s is 
usually quite large. 

• When optimizing the seal geometry in terms of shape (Fig. 3.15), seal length 
and surface structure, the rotor-dynamic characteristics must be considered in 
addition to the efficiency (Chap. 10). 

• With turbulent flow an eccentricity of the inner cylinder can be neglected. In 
contrast, with laminar flow the resistance of a seal drops with increasing eccen-
tricity, Eq. (T3.7.11). 

• The efficiency impairment caused by the seal leakage decreases with growing 
specific speed since the leakage flow is referred to an increasingly larger useful 
flow rate (Qsp/Qopt) and because the pressure difference over the seal drops. 
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Equation (T3.5.10) provides a relationship for estimating the leakage. Above 
nq > 60 the seal loss is roughly 1% or below (or 2% if balance holes are pro-
vided).  

• Close interaction exists between leakage flow, pressure distribution in the im-
peller sidewall gap, disk friction and main flow (Chap. 9.1). With unusually 
high leakage, i.e. with clearances appreciably above those calculated from 
Eq. (3.12), the calculations should be done according to Chap. 9.1 (Table 9.1). 

Because of the many influencing factors and the limited amount of relevant test 
data, leakage calculations are subject to uncertainties of approximately ± 30% due 
to the following factors: 

• Turbulence and roughness structure (and their interaction) 
• Pressure difference over the seal (impeller sidewall gap flow) 
• Effective clearance which can vary over the circumference and the length be-

cause of manufacturing tolerances. 
• The actual clearance can be influenced by: (1) the stator being at a slightly dif-

ferent temperature than the rotor; (2) differences in material implying dissimi-
lar coefficients of thermal expansion between rotor and stator; (3) centrifugal 
force: the widening of the rotating part reduces the clearance 

• Stator deformation under load 
• Inlet and outlet loss coefficients ζE and ζA depend on the pre-rotation at the seal 

entry. The edges are nominally sharp but even tiny rounding or chamfering will 
reduce the loss coefficients.  

3.6.3 Power loss caused by the inter-stage seal  

The leakage flow through seals placed between the stages of a multistage pump is 
calculated according to Table 3.7(1). However, the relative loss of efficiency is 
smaller than with leakages around the impeller, because the head increase in the 
diffuser only amounts to about a quarter of the work of the impeller. Conse-
quently, the loss obtained by throttling the leakage flow Qs3 over the head differ-
ential ΔHs3 is calculated as power loss in this seal: Ps3 = ρ×g×Qs3×ΔHs3. This loss 
is not incorporated into the volumetric efficiency. It scarcely depends on the oper-
ating point of the pump. The ratio Ps3/Pu decreases with growing specific speed. 
Equation (T3.5.11a) serves to estimate this loss. Often this approximation is suffi-
cient. For more accuracy ΔHs3 is calculated from Eq. (T3.7.4), the leakage accord-
ing to Eqs. (T3.7.7 to 13) and the power loss Ps3 from Eq. (T3.5.11a). 

3.6.4 Leakage loss of radial or diagonal seals 

Seals with radial or diagonal flow (Fig. 3.15) are used for centrifugal pumps oper-
ating with fluids which are laden with abrasive solids. Such designs avoid flow 
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deflections upstream or downstream of the seal which would result in local metal 
loss due to abrasion.  

The flow in a radial or diagonal seal is affected by centrifugal forces generated 
in the seal through the circumferential component of the flow velocity. This effect 
is covered by the rotation factor k as in Chap. 3.6.2. The pressure difference Δp 
present across the seal is suitably corrected with an additional element 
½ρ×(k×ω×ra)2. If the flow is from the inside to the outside, this term is positive and 
the leakage increases accordingly. Conversely, if the fluid flows radially inwards, 
centrifugal forces oppose the flow. The pumping action in the seal thus reduces 
the leakage. 

The leakage loss of radial-flow seals can be calculated according to [3.25]: 

1. The pressure difference across the seal is determined from Table 3.7(1) on the 
analogy of Eqs. (T3.7.1 to T3.7.4). 

2. The friction coefficients λ = f(Re,ε) must be determined iteratively from 
Eqs. (T3.7.12) and (T3.7.13) in the same way as for axial seals. The Reynolds 
numbers are calculated with radial and circumferential velocities, which are de-
termined as the geometric averages between inlet and outlet, Eq. (T3.7.21). For 
this reason the radius ratio ar = ra/ri appears in this equation. 

3. The radial velocity in the seal and the leakage are obtained from Table 3.7(2), 
Eqs. (3.7.22) and (T3.7.23). 

When pumping abrasive suspensions, the clearances can increase considerably 
during service because of wear. The consequent decrease in head and efficiency is 
not only caused by the volumetric loss. Large leakage flows also generate a pre-
swirl at the impeller inlet and thereby reduce the head according to the Euler 
equation, Table 3.3. Strong pre-swirl has an impact on cavitation so that NPSHR is 
apt to increase appreciably. The leakage flow can be reduced through pump-out 
vanes (as shown in Fig. 3.15). The effect of the leakage on head, efficiency and 
NPSHR can be roughly estimated according to Eqs. (T3.7.18 to T3.7.20).1 

3.6.5 Leakage losses in open impellers 

In the case of open or semi-open impellers (see Table 2.1) fluid flows from the 
pressure to the suction surface of the blades through the clearance between casing 
and blades. In the process, the kinetic energy of the leakage flow is largely dissi-
pated and the main flow deflection is reduced (the slip factor dropping accord-
ingly). Consequently efficiency and head suffer with growing clearance. How-
ever, the kinetic energy of the leakage flow is fed into the low-energy zone on the 
suction surface (the “wake”, as per Chap. 5). This can have a favorable effect on 
the stability of the head-capacity characteristic of a semi-axial pump. The pump-

                                                           
1  In order to derive these relationships the measurements in [3.26] were recalculated into a 

more general form. 
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ing of free gas is also facilitated due to the mixing of the leakage flow with the 
main flow, because the risk of gas accumulations on the suction surface of the 
blades is reduced (Chap. 13.2). The leakage flow reinforces the secondary flow in 
the channel, imparting greater three-dimensionality to the flow in the impeller. 

Very large clearances allow some fluid to flow back from the volute into the 
gap between the blades and the casing and consequently back into the impeller. 
The conditions are then similar to those in a vortex pump according to Fig. 2.17. 
The sensitivity of the pump to a clearance change depends on the circumferential 
component of the fluid flowing back from the volute. This interaction with the 
collector further contributes to the uncertainty of predicting the drop in perform-
ance due to the leakage. 

Because of the interaction between the leakage and the main flow, a strict sepa-
ration of the leakage losses from the hydraulic losses and the friction on the casing 
wall is not possible. In the case of small clearances (s/b2 < 0.01), such as are used 
in semi-axial pumps with high specific speeds, it therefore appears sensible not to 
determine the leakage losses separately but to include them in the hydraulic effi-
ciency. 

The influence of the clearance on head, power consumption and efficiency was 
measured in several experiments; [3.21] to [3.24] are referenced as recent works. 
According to these investigations the hydraulic behavior of pumps with open im-
pellers can be characterized as follows: 

• The head of a pump drops in a linear fashion with increasing clearance accord-
ing to (H(s = 0) – H(s))/H(s = 0) = g×s. The subscript s = 0 describes the conditions 
extrapolated to zero clearance and subscript s the behavior with finite clear-
ance. The gradient g describing the decrease in head greatly depends on the 
impeller design. There is no perfect correlation between gradient g and the im-
peller parameters since the three-dimensional flow in the impeller cannot be 
described with simple geometrical parameters. Different impellers react to an 
increase in clearance with quite different sensitivities. Performance impairment 
is mitigated when the number of blades and/or the outlet angle is increased. 
Impellers with a large number of radial blades and β2B = 90° therefore react 
less sensitively to the clearance in spite of the low specific speed. The insensi-
tivity of blades with large outlet angles can be explained by the velocity in the 
gap having a high circumferential component whose energy contributes to the 
flow deflection. In the case of small blade angles, in contrast, the leakage flow 
has a radially inward directed component opposing the main flow. From the 
previously mentioned test results it is possible to derive a correlation, 
Eq. (T3.7.15), for the head decrease. Equation (T3.7.15) describes the above 
effects qualitatively quite well, but has a considerable scatter. 

• Because of the lower flow deflection, the power consumption also drops with 
increasing clearance. The same applies to the efficiency which drops more than 
the power consumption. These effects are demonstrated by Eqs. (T3.7.16 and 
3.7.17) according to which the efficiency decrease amounts to approximately 
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2/3 of the head decrease. Accordingly, the relative power consumption is re-
duced by roughly 1/3 of the head reduction. 

• The head decreases throughout the load range. The relative impairment in-
creases with growing flow rate. The shut-off head drops approximately half as 
much as the head at the best efficiency point. 

• The best efficiency point is shifted towards smaller flow rates with increasing 
clearance. 

According to [B.1] it is possible to very roughly estimate the effect of the clear-
ance on head and efficiency for radial, semi-axial and axial impellers from: 
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Q
Q

H
H =Δ=Δ=

η
ηΔ  (3.13) 

Semi-axial pumps with nq > 70 to 100 generally have semi-open impellers (with-
out a front shroud) because a large-diameter shroud would generate high disk fric-
tion losses and considerably impair the efficiency (typically by 3%).  

3.6.6 Mechanical losses 

The mechanical losses Pm are generated by the radial bearings, the axial bearing 
and the shaft seals. Occasionally Pm includes auxiliary equipment driven by the 
pump shaft. These losses depend on the design of the pump, i.e. on the selection 
of anti-friction versus journal bearings or stuffing boxes versus mechanical seals. 

The mechanical efficiency of large pumps is around 99.5% or even above. In 
contrast, the mechanical losses of small pumps (say below 5 kW) can use up a 
considerable portion of the coupling power. Examples are process pumps which 
are often equipped with dual mechanical seals.  

The mechanical losses can be estimated according to Eq. (T3.5.6a) if more ac-
curate information is not available. But usually it is best to consult the documenta-
tion of the manufacturer of the mechanical equipment. Exact analysis is indicated 
in the case of special designs such as wet motors or magnetic couplings. 

When pump performance tests are done at a speed lower than that in the plant, 
it must be taken into account that the mechanical losses have a lower exponent of 
the speed than the power of the pump: Pm ~ nx with x = 1.3 to 1.8 is expected 
rather than P ~ n3. In other words, the mechanical efficiency of a given pump de-
creases with the speed.1 

                                                           
1 The mentioned exponent does not imply a contradiction to Eq. (T3.5.6a) which refers to 

different pumps with optimally adjusted mechanical equipment, while the scaling of the 
mechanical losses Pm of a given pump assumes given mechanical components which are 
over-dimensioned at reduced speed. 
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3.7 Basic hydraulic calculations of collectors 

At the impeller outlet the fluid has the circumferential velocity c2u = c2×cos α2 and 
the specific kinetic energy Ekin = ½c2

2. Up to moderate specific speeds, cos α2 is 
close to 1.0. Equation (T3.3.9) yields c2u/u2 = ½ψth for swirl-free inflow. The 
theoretical specific work is Yth =  ½ψth×u2

2. Using these expressions we can derive 
the kinetic energy at the collector inlet Ekin/Yth = ψth/4 as a fraction of the energy 
transferred by the impeller. An acceptable efficiency can consequently be 
achieved only if the kinetic energy available at the impeller outlet is effectively 
decelerated in the diffusing elements. The collector design attempts to convert the 
greatest possible part of Ekin into static pressure.1 

In Table 2.1 the following diffusing elements were introduced: volute casings, 
vaned or un-vaned diffusers or concentric annular chambers, all of which can be 
designed by relying on similar principles. 

According to Newton's law of inertia, a mass retains its momentum if not pre-
vented by external forces to do so. As a consequence, the fluid has the tendency to 
maintain its angular momentum (its “swirl”) ρ×Q×r2×c2u downstream of the impel-
ler unless it is influenced by structures or wall friction. In an essentially vaneless 
casing the flow thus follows the law cu×r = c2u×r2 = constant (apart from friction 
effects). The circumferential component of the flow velocity in any element of the 
casing cross section is therefore calculated from cu = c2u×r2/r. The diffusing ele-
ments have to be designed so that the flow field in the collector is compatible with 
the conservation of angular momentum. If the angular momentum is conserved, 
rotational symmetry around the impeller is achieved and interaction between the 
flows in the collector and impeller is minimized. 

The diffusing elements are dimensioned for the flow rate QLe = Qopt + Qs3 + QE 
where QE is the volumetric flow through a device for axial thrust balancing and 
Qs3 the leakage of the inter-stage seal. 
Volute casing: Consider any cross section of a volute located at the circumferen-
tial position ε°, Fig. 3.17. The fluid dQ = cu×b×dr = c2u×r2/r×b×dr flows through an 
area element dA = b×dr on the radius r in the cross section A. The flow rate 
through the entire cross section is obtained by integration Q(ε) = c2u×r2×  b/r×dr. 
From the start of the volute (point S in Fig. 3.17) to the cross section A, the impel-
ler discharges the flow Q(ε) = Qopt ε°/360° in the design point. In order to allow 
the fluid to flow according to cu×r = c2u×r2 = constant, cross section A must there-
fore be designed in such a way that Eq. (3.14) is satisfied: 
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1 Exceptions are axial pumps with very high specific speeds, which under certain condi-

tions, have to be designed without diffusing elements, Chap. 7.6.6. 
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Fig. 3.17. Volute casing 

Experience confirms that the losses become approximately minimal if a volute 
casing is dimensioned so that the fluid at the design point is able to flow in accor-
dance with the angular momentum conservation. This means that the cross sec-
tions of the volute casing – and most importantly the end cross section or “throat 
area” – have to be selected according to Eq. (3.14). The throat area then follows 
from Eq. (3.15): 
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zLe is the number of partial volutes forming the casing. Most frequently used are: 
single volutes with ε = 360° wrap angle (i.e. zLe = 1) and double volutes with 180° 
each and zLe = 2. Occasionally three or four volutes are used to reduce the size of 
the casing. Double volutes are also designed with wrap angles εsp < 180° where 
zLe = 360°/εsp must be used accordingly. 

The swirl r2×c2u at the volute inlet is obtained from Eqs. (T3.2.7) or (T3.7.8). If 
a vaned or vaneless diffuser is installed upstream of the volute, its outlet swirl 
c4u×r4 must be inserted into Eq. (3.14) or (3.15). 

The volute cutwater forms a camber angle α3B with the circumferential direc-
tion which must be selected in accordance with the approach flow angle. It is ob-
tained from the following equations that apply to both volutes and diffusers: 
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meridional component with blockage (Table 0.1), 
for volutes set 3 = 1.0  33
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circumferential component according to conserva-
tion of angular momentum (dz = d3):  3
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approach angle with blockage: 
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vane inlet angle: 33B3 i+′α=α  (3.19) 

The incidence is selected in the range of i3 = ±3°. 
It is advisable to shape the cutwater as an elliptical profile, which is less sensi-

tive to changes in incidence (or pump flow rate). The profile can be applied either 
symmetrically as in Fig. 3.17 or be made asymmetric to obtain small incidences at 
partload. Any profiling must be made very short to keep stresses in the cutwater 
within acceptable levels. Not much profiling is possible with small pumps. 

The diffuser which usually follows the actual volute must be designed accord-
ing to Chap. 1.6. For hydraulic and design reasons, a distance is required between 
the impeller outlet and the cutwater. In the space thus created the fluid flows ac-
cording to the laws of the vaneless diffuser, but the strong secondary flow created 
in the volute has an impact on the wall-near flow.  
Diffuser: As shown by Fig. 3.18, a diffuser consists of zLe vanes forming triangu-
lar inlet sections and closed channels (“diffusing channels” as per Table 0.2), 
which can be calculated according to Chap. 1.6. The flow through the triangular 
inlet section can be imagined to behave in a similar way as a partial-volute. The 
smaller the number of diffuser vanes, the more this is the case. When the number 
of diffuser vanes is large the flow does not truly follow the relationship 
cu×r = c2u×r2 = constant. The diffuser throat area at a3 cannot be designed strictly 
according to Eq. (3.15). Nevertheless Eq. (3.15) forms a physically sound basis to 
calculate the throat area, if an appropriate correction factor fa3 is applied, Chap.7. 
For a given inlet width b3, the diffuser inlet area can thus be determined from 
Eq. (3.20).  
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This relationship corresponds to the integral of Eq. (3.15) for a volute with rec-
tangular cross section. As for the rest, the diffuser can be calculated according to 
similar principles as a volute: (1) Blade angle α3B according to Eqs. (3.16) to 
(3.19) where i3 = ±3°; (2) Diffusing channel according to Chap. 1.6; (3) Profiling 
as described above (for details see Chap. 7). 

Vaneless diffuser: In a vaneless diffuser, depicted in Fig. 3.19, the flow is able 
to develop according to the angular momentum conservation and the pressure in-
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creases in radial direction following Eq. (1.28). The meridional component is cal-
culated from continuity as per Eq. (3.21). 

b r
b r c
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Qc 32m3Le

m =
π

=  (3.21) 

Setting cu = c2u×r2/r and neglecting friction, the flow angle is obtained from the 
following equation: 
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Equation Eq. (3.22) shows that the flow angle remains constant in a vaneless dif-
fuser of constant width as long as friction is neglected. 

In reality, the circumferential component cu drops due to wall friction in com-
parison with the angular momentum conservation employed without shear 
stresses. As a result the flow angle grows with increasing radius. According to 
[B.1] this follows from the relationship: 
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Fig. 3.19. Vaneless diffuser. a parallel walls; b conical walls; c velocity vectors 
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The flow angle in viscous flow can be deduced from Eq. (3.23) leading to:  
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The meridional velocity results from continuity and is therefore not affected by 
the friction. 

The friction losses in a vaneless diffuser of constant width can be determined 
approximately as follows: In a ring element (as shown in Fig. 3.19c) the velocity 
is c = cu/cos α = c2u×r2/(r×cos α) and the wall shear stress is τ = ½ρ×cf×c2. Thus 
the power dPd = c×dF = ½ρ×cf×c3×dA is dissipated, Chap. 1.5. Integrating dPd 
from r2 to r4 with ζLR = 2×Pd/(ρ×Q×u2

2) the coefficient of the friction losses ζLR ac-
cording to Eq. (T3.8.23) is obtained which comprises both sides of the vaneless 
diffuser. 

Equation (T3.8.23) shows that the friction losses diminish with growing flow 
rate since the circumferential component cu drops. At the same time the flow an-
gle α increases and the friction path length is shortened. For this reason the best 
efficiency point shifts towards a higher flow rate if a vaneless diffuser is em-
ployed in place of a volute or a diffuser. 

There is an optimum flow angle at the impeller outlet that has to be realized in 
order to place the efficiency optimum at the specified design flow rate. This 
means that the width b2 or b3 cannot be selected arbitrarily. 

Since cu drops with increasing flow, the pressure recovery drops as well. Hence 
a vaneless diffuser is a stabilizing element – for as long as the flow does not sepa-
rate. The smaller the outflow angle α2 from the impeller, the greater the losses be-
come in the vaneless diffuser. Consequently, a vaneless diffuser yields poor effi-
ciencies with low specific speeds. If the vaneless diffuser is designed so that its 
width decreases from the inside to the outside (b4 < b3), the flow angle according 
to Eq. (3.22) grows with increasing radius. Flow path length and losses diminish 
accordingly. 

If the vaneless diffuser width b3 is designed larger than the impeller outlet 
width b2, shock losses occur due to deceleration of the meridional velocity from 
c2m to c3m which can be calculated according to Eq. (1.12): 2g×ΔH = (c2m' - c3m)2. 
The corresponding loss coefficient is shown as Eq. (T3.8.24) in Table 3.8; it in-
cludes the effect of the blade blockage at the impeller outlet. This sudden decel-
eration creates a minor pressure recovery that can be calculated from Eq. (1.11). 
According to the principle of angular momentum conservation the circumferential 
component c2u is not affected by the expansion from b2 to b3. 

Volute casings and diffusers behave like vaneless diffusers with regard to the 
expansion from b2 to b3. 



 3.8 Hydraulic losses      107 

Annular casing: Annular casings are sometimes used for pumps with low spe-
cific speeds or for small pumps. The fluid is discharged from the annular casing 
via a diffuser. The annular casing differs from the vaneless diffuser in that it is no-
ticeably wider than the impeller outlet and its radial extension accordingly 
smaller. The deceleration of the meridional velocity from c2m to c3m is high, pro-
moting a vigorous secondary flow and exchange of momentum between the annu-
lar casing and the impeller. Since the cross sections in the concentric casing do 
not correspond to a design according to angular momentum conservation, no 
circumferential symmetry is obtained at the design point. Consequently large ra-
dial forces are generated as discussed in Chap. 9.3. 

3.8 Hydraulic losses 

The hydraulic losses in a pump reduce the useful head according to H = h×Hth or 
H = Hth - ZE - ZLa - ZLe - Zsp - ZA. They include losses in all components located 
between the suction and the discharge nozzle, i.e. losses in the inlet casing (ZE), 
the impellers (ZLa), diffusers (ZLe), volutes (Zsp) and the outlet casing ZA. Hydrau-
lic losses are generated through friction and vortex dissipation (Chap. 1.5.2): 

1. Skin friction losses are the result of shear stresses in the boundary layers on 
solid structures. Skin friction, which depends on the Reynolds number and the 
roughness, is important in thin boundary layers and attached flow. These condi-
tions are found in accelerating flows. Friction, Reynolds number and the rough-
ness have less impact on losses in decelerated or separated flow. 

2. Flow deceleration leads to thick boundary layers which make the velocity dis-
tribution less uniform. In non-uniform flow the exchange of momentum be-
tween different streamlines increases due to eddies of various scales. Large ed-
dies break up into small-scale turbulence which finally dissipates into increased 
molecular movement leading to a slight heating of the fluid. 

In the way described under item 2 and in Chap. 1.5.3, non-uniform flows have an 
altogether profound impact on the pump’s hydraulic efficiency. Non-uniform 
flows are generated by various mechanisms: 

• The work transfer by the blades is inherently linked to non-uniform flow over 
the pitch of the blades. The non-uniformity of the flow increases with the blade 
loading (i.e. with increasing pressure coefficient and decreasing blade length). 

• Incident flow creates local zones with decelerated flow or even separation on 
the blades (“shock-losses”). This can occur with or without cavitation. 

• A sudden deceleration of the flow, when the impeller or diffuser throat area 
does not match with the approach flow velocity vector (w1q/w1 and c3q/c2), 
leads necessarily to a non-uniform flow distribution in the channel. The flow 
mechanism loosely resembles the Carnot-shock of a sudden expansion, 
Fig. 1.3. 
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• Any kind of curved flow path, notably the curvature of the meridional section 
and of the blades, creates a non-uniform flow as illustrated by Fig. 1.12. 

• Flow separation implies zones of stalled fluid with local recirculation. The 
stalled fluid blocks part of the cross section available to the flow. The un-
stalled fluid is therefore accelerated and may form a sort of jet. High losses are 
generated through the strong exchange of momentum between the jet-like 
through-flow and the stalled zone. 

• Secondary flows are generated by Coriolis forces, streamline curvature 
(Fig. 1.12) and centrifugal forces. These effects are discussed in detail in 
Chap. 5. Another type of secondary flow is created by different boundary layer 
flows on the blades and the side walls as illustrated by Fig. 1.6. The strength of 
the secondary flow (or the cross-flow) may be thought of as establishing itself 
according to the principle of least resistance. 

• The mixing of the leakage through the seal at the impeller inlet creates a non-
uniform flow near the front shroud in terms of the cm-distribution, local pre-
swirl and incidence angles. 

• Wake flows downstream of blades or ribs. The wake of the blades is increased 
by low energy fluid near the suction side of the impeller blades. 

• When the boundary layer flow on the hub or shroud enters the impeller blading 
(or a vaned diffuser) it is decelerated upon approaching the leading edge. Due 
to the blockage caused by the blade and by stagnating fluid, liquid is displaced 
away from the wall and side-ways into the channel. Thereby a “horseshoe” vor-
tex is formed, Fig. 3.20. It has some blockage effect, increases non-uniformity 
of the flow and can induce cavitation and abrasive erosion. 

• In semi-open impellers the leakage between the blades and the casing interacts 
with the main flow in the impeller channels. 

These phenomena can hardly be assessed by applying simplified models. For 
this reason the hydraulic efficiency is mostly determined from the power balance 
of a measured pump according to Eq. (T3.5.8). This requires calculating the sec- 

 

 

Fig. 3.20. Formation of a “horseshoe” vortex  
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ondary losses by means of the correlations given in Chap. 3.6. Thus the hydraulic 
efficiency is only known once the pump has been built and its performance meas-
ured. For designing a pump it is necessary to rely on earlier tests or correlations 
which allow a reasonable estimate of h. 

The hydraulic efficiency calculated from the power balance does not allow any 
statements as to the contribution of individual pump components to the losses. To 
answer this question, it is useful to estimate the loss in individual components. 
Such calculations have an empirical character since the three-dimensional velocity 
distributions in the impeller and diffusing elements, which determine both friction 
and turbulence losses, cannot be described by simple models. Estimations of this 
type are only meaningful near the best efficiency point. With pronounced partload 
recirculation they fail entirely if the exchange of momentum of the recirculating 
fluids is not taken into account. 

The loss model for impellers according to Table 3.8(1) comprises the follow-
ing steps and assumptions: 

• Equation (T3.8.2) defines an average velocity in the impeller channel which is 
formed by the throat areas that are defined by a1 and a2 at inlet and outlet. 

• Equation (T3.8.3) supplies, as a function of the Reynolds number and the 
roughness, a friction coefficient corresponding to a flat plate in parallel flow. 
The plate model is preferred to the channel model since undeveloped flows 
must be assumed because of the short impeller blade lengths. Equation (T3.8.3) 
includes the roughness. Assessing its effect is frequently required in practice in 
order to evaluate possible efficiency improvements through additional finishing 
of the impeller channels. 

• Equation (T3.8.5) utilises a dissipation coefficient. According to [B.3] the 
amount of 0.0015 is added to the friction coefficient since thicker boundary 
layers, hence greater losses, occur in decelerated flow than on a flat plate in 
longitudinal flow. The value obtained in this way is further multiplied by an 
empirical factor containing the relative impeller outlet width. According to this 
equation, the losses increase considerably with increasing values of b2* or spe-
cific speed. The empirical factor can thus be interpreted as the effect of uneven 
velocity distributions and secondary flow.  

• Equation (T3.8.6) produces the loss coefficient for the impeller which com-
prises the friction, deceleration and turbulence effects. 

• By means of Eq. (T3.8.9) it is possible to estimate the shock losses at the im-
peller inlet. This equation describes the deceleration of the vector of the mean 
inflow velocity w1m (from the velocity triangle) to the velocity w1q in the throat 
area A1q, calculated from Eq. (T3.8.8). The shock loss in this case is assumed at 
30% of a Carnot shock, which supplies plausible results for moderate decelera-
tions. This relationship should not be used for w1q/w1m < 0.6. 

An alternative model for the friction losses is formulated in Table 3.8(1), 
Eqs. (T3.8.11 to 3.8.14). All of the wetted surfaces of the impeller channels, con-
sisting of front and rear shrouds as well as suction and pressure surfaces of the 
blades, are taken into account by Eq. (T3.8.11). The mean value of the vectors of 
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the relative velocity at inlet and outlet is used as the mean velocity, Eq. (T3.8.12). 
The dissipated friction power is obtained according to Eq. (1.34) from 
Eq. (T3.8.13) and the loss coefficient from Eq. (T3.8.14). This calculation corre-
sponds to the procedure for the loss estimation of volute casings (see below). Ac-
cording to Eq. (T3.8.14) the friction losses in the impeller rise with falling specific 
speed, which is not confirmed by tests and numerical calculations. 

The loss model for diffusers according to Table 3.8 (2) comprises the follow-
ing steps and assumptions: 

• Mixing losses due to an inflow with a non-uniform velocity profile are not con-
sidered. 

• Equation (T3.8.15): calculation of the velocity vector at the impeller outlet 
• Equation (T3.8.16): velocity in the diffuser throat area 
• Equation (T3.8.17): determination of the pressure recovery coefficient cp in the 

diffusing channel. For plane diffusers use Fig. 1.18. For other diffuser types 
calculate an equivalent conical diffuser from Eq. (1.45) and determine cp from 
Fig. 1.19. 

• The friction losses between the impeller outlet and the diffuser throat area can 
be estimated according to Chap. 1.5.1 from Eqs. (1.32) to (1.35) by calculating 
the energy dissipated through wall shear stresses on the blades and the side-
walls. After several transformations this results in Eq. (T3.8.18). 

• Equation (T3.8.19) supplies the pressure loss coefficient for the diffuser includ-
ing the return channel. If a volute is provided downstream of the diffuser (i.e. 
in the absence of a return channel), its loss coefficient ζov must be set to zero. 
The first term in Eq. (T3.8.19) takes into account the loss due to the decelera-
tion from c2 to c3q. The explanations for Eq. (T3.8.9) apply accordingly. The 
actual flow deceleration is described by the term 1-cp-1/AR

2 (Chap. 1.6). 
• The losses of the return channels greatly depend on their configuration. With 

optimal flow design ζov = 0.2 could be attainable for a continuous channel, 
while a whole stagnation pressure c4

2/2g could be lost with an unfavorable de-
sign (i.e. ζov = 1.0). 

The loss model for volute casings including diffuser and pressure nozzle ac-
cording to Table 3.8 (2) comprises the following steps and assumptions: 

• Mixing losses resulting from an inflow with a non-uniform velocity profile 
have not been considered. 

• Since the flow rate in the volute casing varies around the circumference, the 
dissipation due to friction should be calculated according to Eq. (1.34). This 
leads to Eq. (T3.8.21), which is written as the sum over all elements ΔA of the 
wetted surface of the volute casing, since the calculation is as a rule performed 
section by section. The velocity in the volute changes over the cross section ac-
cording to cu×r = constant and over the circumference. The division of the sur-
face elements must be performed accordingly, depending on the desired accu-
racy. As with the impeller, the friction coefficient is calculated according to the 
flat plate model and increased by the value of 0.0015 for decelerated flow. In 
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the case of double volutes, the integration (or summation) is performed for both 
partial volutes. This sum covers the friction effective on all wetted surfaces; it 
applies to the entire flow rate of the pump (i.e. both partial volutes). 

• The actual volute is followed by a diffuser/pressure nozzle. The diffuser is 
treated similarly to Eq. (T3.8.17): an equivalent conical diffuser is calculated as 
shown in Chap. 1.6 and the pressure recovery coefficient is determined from 
Fig. 1.19. The pressure loss in the diffuser is then obtained from Eq. (T3.8.22). 

• In the case of double volutes, pressure losses in the outer channel are added to 
the outer volute. The outer channel can be calculated as a bend according to 
Table 1.4. If cross sectional expansions are involved, it is calculated with addi-
tional diffuser losses according to Fig. 1.19. Since outer and inner volutes have 
different resistances, the flow distribution over both partial volutes does not 
correspond to the theoretical value obtained from their wrap angles. The indi-
vidual flow rates through both volute channels can be determined by applying 
the concept of parallel flow resistances described in Table 1.5. By means of 
such loss considerations it is also possible to design the outer channel so that 
approximately the same flow rates are established in both the outer and inner 
volutes. 

• In multistage pumps the fluid moves from the volute into an overflow channel 
which directs the liquid to the following stage. Because of the severe curvature 
of that channel, separations and additional losses occur [8.15]. The deflection 
losses can be estimated according to Table 1.4. 

• The friction losses in a vaneless diffuser are calculated from Eq. (T3.8.23). 
• The shock losses at the impeller outlet are obtained from Eq. (T3.8.24). These 

also occur in volute casings. In the case of diffusers, the expansion from b2 to 
b3 is implicitly included in Eq. (T3.8.19). The effect of blade blockage can be 
considered in a similar way as in Eq. (T3.8.24) by inserting c2' for c2. 

• Since volute casing, outer channels and diffuser/pressure nozzles can be de-
signed in different ways, the loss calculation sketched above should be adapted 
to suit the respective requirements. 

The losses in the pump inlet are usually insignificant. They can generally be 
neglected in end-suction pumps. If an extended pipe section, a suction bell or a 
similar component is located between the measuring point in the suction pipe and 
the impeller inlet, the pressure losses can be calculated according to the customary 
rules, Tables 1.4 and 1.6. Typical inlet casings of between-bearing pumps have 
pressure loss coefficients of ζE = 0.15 to 0.4 based on c1m (hence ZE = ζE c1m

2/2g), 
depending on the actual design. According to the measurements in [B.21], the 
inlet losses decrease with the square of the deceleration of the fluid in the inlet 
casing following the relationship: 

−=ζ 2
s

2
n

2
1

E
d

dd75.0  (3.25) 
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Outlet losses need not be considered in many pumps since the losses in the dif-
fuser/discharge nozzle are included in the calculation of the volute casing. The 
losses in the outlet chambers of multistage pumps greatly depend on their design. 
Typically they are around 1 to 2% of the head of one stage. 

3.9 Statistical data of pressure coefficients, efficiencies 
and losses 

Based on numerous measurements in all types of centrifugal pumps, head coeffi-
cients and efficiencies were published which allow quite a reliable evaluation of 
the achievable values. As with all statistics, the figures supply mean values and 
mean errors but do not permit any statement on possible deviation of the individ-
ual measurement which, in principle, can be of any magnitude. 

Figure 3.21 furnishes the pressure coefficient ψopt as a function of the specific 
speed. Here, ψopt is always based on the outlet diameter d2a at the outer streamline. 
In contrast, ψi is based on the outlet diameter at the inner streamline d2i according 
to [3.15]. The hydrodynamic blade loading at the hub limits the achievable pres-
sure coefficient with semi-axial and axial impellers.  

The drop of the achievable pressure coefficient with increasing specific speed 
is largely due to the fact that the centrifugal component of the head according to 
Eq. (T3.3.2) drops with growing nq and becomes zero in axial pumps. 
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Fig. 3.21. Pressure coefficients (values for hub according to [3.15]) 
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In theory, higher pressure coefficients than in Fig. 3.21 can be achieved but un-
stable Q-H-characteristics would generally be obtained with the result that this 
type of pump could not be employed in the majority of applications. 

If ψopt is selected according to the upper curve in Fig. 3.21, rather flat charac-
teristics are obtained. Therefore, the risk of an instability of the Q-H-curve in-
creases. The more so, the higher the value of ψopt is chosen. If a steep characteris-
tic is required, ψopt is selected near the lower limit curve (or even below). In addi-
tion, Fig. 3.21 contains pressure coefficients ψo for operation against a closed 
valve, Chap. 4. 

Analytical functions for the pressure coefficients according to Fig. 3.21 in the 
best efficiency point and at Q = 0 are provided by Eqs. (3.26 to 3.28). 

Best efficiency point:    sfRe,qq 408.0n/n77.0
opt e21.1e21.1 ω−− ==ψ      nq,Ref  = 100 (3.26) 

Q = 0:    diffuser pumps:               fRe,qq n/n3.0
o e31.1 −=ψ                     nq,Ref  = 100 (3.27) 

Q = 0:    volute pumps:    fRe,qq n/n3.0
o e25.1 −=ψ                                   nq,Ref  = 100 (3.28) 

The velocity components c2u* and w2u* can be calculated on the basis of the 
curve ψ = f(nq) given in Fig. 3.21, Eq. (T3.2.8) and Eq. (T3.2.11). If an inflow 
angle is specified, it is possible to determine the relative velocity w1* at the impel-
ler inlet. Such data can be useful for estimations without details of the pump hav-
ing to be known or calculated. 

Figure 3.22 provides this type of data; the assumptions made for calculating the 
graph are given in the figure caption. In addition, the mean relative velocity 
wsp* = (cax

2 + ¼usp
2)0.5 in annular seals has been plotted to ease the estimation of 

abrasive wear as per Chap. 14.5. With α1 = 90° we have d1* ≈ w1* since the inlet 
flow angle is usually small. Hence the impeller inlet diameter can be estimated 
from d1 = d2×d1* when the outer impeller diameter has been determined. 

In Fig. 3.23, overall efficiencies of single-stage radial pumps are shown as 
functions of the specific speed with the design flow rate as parameter. The overall 
efficiency reaches a maximum in the range from nq = 40 to 50 for a given pump 
size. The maximum is caused by two tendencies: (1) To the left of the maximum 
the secondary losses increase exponentially with falling nq according to 
Eqs. (T3.5.10 to 3.5.12). (2) At high specific speeds (nq > 70) the hydraulic losses 
increase with growing nq due to increasing mixing losses mainly caused by non-
uniform flow distributions over the blade height and by secondary flows. 

As shown by Fig. 3.23, the overall efficiency increases with the flow rate. This 
dependency is caused by the influence of pump size and speed since the flow rate 
follows the proportionality Q ~ n×d2

3 (Chap. 3.4). In the case of very small pumps 
or very low flow rates, mechanical losses also have a strong impact, Chap. 3.6.4.  

The efficiencies according to Fig. 3.23 apply to impellers without axial thrust 
balancing. If balance holes are provided, the efficiency must be corrected accord-
ing to Eq. (T3.9.9). 
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Fig. 3.22. Velocities at impeller inlet and outlet and in annular seals, calculated with 
ηh = 0.87, kn = 1, β1a = 15°, clearance s from Eq. (3.12), leakage flow rate from 
Eq. (T3.5.10). All velocities are referred to u2. For α1 = 90° it is d1* ≈ w1*. 
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Fig. 3.23. Efficiencies of single-stage, single-entry, radial pumps 
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Fig. 3.24. Efficiencies of semi-axial and axial pumps 

The efficiencies of semi-axial and axial pumps are shown in Fig. 3.24. Above 
nq > 70 the efficiencies of semi-axial impellers are slightly superior to those of ra-
dial pumps. This is caused by differences in the shape of the impellers: Radial im-
pellers have stronger front shroud curvatures than semi-axial impellers. Hence 
flow distributions over the blade height become more non-uniform with increas-
ing specific speed, which leads to higher turbulent dissipation. 

The efficiencies in Figs. 3.23 and 3.24 were calculated according to 
Eqs. (T3.9.1 and T3.9.3). These empirical equations show that the losses in a wide 
range of pump sizes and specific speeds cannot be covered by simple power laws 
– a fact that must be taken into account when converting the efficiencies from a 
model to a prototype with larger diameter and/or speed, see Chap. 3.10. 

The efficiencies of multistage industrial pumps according to Fig. 3.25 and 
Eq. (T3.9.2) are generally below the values of single-stage pumps because of ad-
ditional losses in the return channels. However, in the case of storage pumps 
which are built less compact than pumps for industrial applications similar effi-
ciencies as in Fig. 3.23 are achieved. 

Double-entry pumps according to Fig. 3.26 and Eq. (T3.9.4) with nq < 40 
achieve higher efficiencies than single-entry impellers of the same specific speed, 
since the disk friction losses, referred to the power, are only half as high. Fur-
thermore, the losses in the volute casing, which has been designed for twice the 
flow rate, turn out to be smaller.  

The hydraulic efficiencies given in Figs. 3.27 to 3.29 and Eqs. (T3.9.6) to 
(T3.9.8) also depend on the specific speeds and the flow rates (or pump sizes and 
speeds). The maxima are less pronounced than with the overall efficiency. They 
are caused by two tendencies: (1) The friction and deceleration losses in the dif-
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fusing elements increase strongly at low specific speeds; (2) increasing mixing 
losses are responsible for the drop of the hydraulic efficiency above nq = 70 (as in 
the case of the overall efficiency).  

The hydraulic efficiency of very small pumps decreases due to increased rela-
tive roughness, since the absolute roughness remains more or less constant (it is 
given by the casting process). In addition, the narrow channels cannot be dressed 
well. Finally, the economic incentive to improve the efficiency of small pumps is 
less significant. 
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Fig. 3.25. Efficiencies of multistage, single-entry, radial pumps  
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Fig. 3.26. Efficiencies of single-stage pumps with double-entry impeller. Q corresponds to 
Qopt of the pump, while nq is calculated with the flow per impeller side, Eq. (T3.4.15) 
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When it is difficult to make a reasonable estimate of the hydraulic efficiency, 
Eq. (3.28a) may be used. It can be particularly helpful with small pumps and at 
partload. 

)1(
2
1

h η+=η  (3.28a) 

Equation (3.28a) supplies realistic estimates even at Q = 0 and at partload. 1 
The efficiencies determined according to Table 3.9 or Figs. 3.23 to 3.29 are 

subject to a scatter in the magnitude of Δη = ± 0.2×(1 - η). Deviations can be due 
to the quality of the hydraulic design, seal clearances, axial thrust balancing and 
mechanical equipment. If sufficient test data of one or several pump ranges are 
available, the coefficients of the equations in Table 3.9 can be easily adjusted so 
that the data can be correlated with a smaller standard deviation. 

Figure 3.30 shows how the secondary losses and the hydraulic losses in the im-
peller and the diffusing elements depend on the specific speed. These figures il-
lustrate tendencies and relationships but can also be useful for a rough evaluation. 
At nq < 25, for example, an optimum design and careful dressing of the diffusing 
elements is most important. At nq < 20, seal clearance and geometry have to be 
optimized and the disk friction has to be minimized (as far as these can be influ-
enced). At nq > 50, however, the impeller losses deserve greater attention because 
of the non-uniform flow distribution. Since the losses depend on size, type and 
surface finish of the pump, Fig. 3.30 is obviously unsuitable for an exact loss 
analysis, for which Chap. 3.6 and Tables 3.5 to 3.9 should be used. 
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Fig. 3.27. Hydraulic efficiencies of single-stage, single-entry, radial pumps 

                                                           
1 The relationship ηh = η0.5 which is sometimes employed does not furnish any useful val-

ues either at very low overall efficiencies (small pumps) or at low partload. 
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Fig. 3.28. Hydraulic efficiencies of semi-axial and axial pumps 
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Fig. 3.29. Hydraulic efficiencies of multistage, single-entry, radial pumps  

In order to asses the efficiency potential of a pump, the concept of an “achiev-
able efficiency” may be used. It constitutes the efficiency which would be ex-
pected if the pump under consideration were designed and finished in an optimum 
way. An “achievable efficiency” can be defined with various assumptions and 
methods depending on the goals of the investigation and the issues at stake. The 
information on achievable efficiencies can be quite misleading, if mechanical con-
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straints (e.g. safe seal clearances), reliability issues and the impact on costs are 
disregarded. Therefore, it may often be more useful to perform an analysis as to 
how sensitively the efficiency reacts to all the parameters which determine the hy-
draulic and the secondary losses. 

Based on the information in Tables 3.5 to 3.8 the achievable efficiency can be 
determined (for example) with the following assumptions: 

(1) Calculate the disk friction loss as hydraulically smooth assuming that the 
lower limit is at 75% of the calculated loss. (2) Determine the leakages for the 
minimum seal clearances and assume only 70% of the calculated value as the 
lower limit of the correlations used. In this context, it is also possible to examine 
the effect of a different annular seal design: seal length, stepped seal, grooves or 
isotropic pattern. 
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Fig. 3.30. Various losses as functions of the specific speed 
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 (3) The hydraulic losses are calculated for hydraulically smooth surfaces and 
cd = cf is inserted in Eq. (T3.8.6). This means the impeller is considered to be with-
out the detrimental effects of deceleration and secondary flow. (4) Shock losses in 
the impeller and diffuser are also assumed as zero. 

Theoretical investigations concerning the maximum achievable efficiency of 
single-stage volute casing pumps are discussed in [3.19]. This topic is also dis-
cussed in detail in [B.21]. The results from [3.19] can be reflected through 
Eq. (T3.9.5) if the values for ηopt from Fig. 3.23 or from Eq. (T3.9.1) are inserted. 
The “achievable efficiency” depends on the design of the pump. In practice it is 
greatly influenced by considerations of mechanical design, cost and reliability. 
Careful analysis of all losses and the potential for improvement of an actual pump 
should therefore follow a comparison with theoretical achievable values. 

3.10 Influence of roughness and Reynolds number 

3.10.1 Overview 

The losses in a centrifugal pump, and consequently its efficiency, depend on the 
roughness of the components and the Reynolds number Re. Re covers the influ-
ences of pump size, speed and viscosity. The knowledge of these relationships is 
of great practical importance for: 

1. Determining the efficiency of the prototype (subscript “a”) ηa = f(Rea, εa/da) 
based on the efficiency ηM = f(ReM, εM/dM) measured in the model test (sub-
script “M”). 

2. Determination of the efficiency expected in the plant based on the efficiency 
measured in the works test at a lower speed and/or a different viscosity. A typi-
cal application would be a boiler feed pump which was measured on the test 
stand at 1500 rpm with water of 20 °C but is operated at 6000 rpm with water 
of 180 °C in the power station. 

3. Estimation of the characteristics for operation with fluids of high viscosity (e.g. 
such as oil with 3000×10-6 m2/s) based on tests with cold water. 

4. Evaluation of the expected efficiency gain upon reduction of the roughness. 
5. Influence of the roughness in various components (impeller, diffuser, impeller 

sidewalls and casing) on the efficiency. Or the answer to the question where, in 
a specific case, additional effort promises the greatest chance of success to im-
prove the efficiency. These effects depend on the specific speed nq and the 
pump type. 

In the following it is generally assumed that the characteristics and efficiency 
ηa = f(Rea, εa/da) of an application (subscript “a”) or prototype are to be deter-
mined based on a model or basic test (subscript “M”) with known (measured) ef-
ficiency ηM = f(ReM, εM/dM) and known characteristics (the “basic test” could, of 
course, also be a sales curve for example) . 
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Points 1 and 2 are extensively covered in the literature under keywords such as 
“efficiency scaling”, “efficiency majoration” or “efficiency step-up”. Published 
formulae for efficiency scaling suffer from a lack of generality because they do 
not cover the effects of the specific speed and of the roughness. The special as-
pects of pumping high-viscosity media are covered in Chap. 13.1. On the basis of 
a simplified loss analysis it is possible to tackle the five tasks mentioned above 
through a common approach which is discussed in Chap. 3.10.3, while the com-
parison with test data is documented in [3.31]. 

3.10.2 Efficiency scaling 

Efficiency scaling means the prediction of the efficiency of a given pump (“proto-
type”) from a test done with a geometrically similar “model” with different size 
and/or Reynolds number. 

As has been shown in Chaps. 3.6 and 3.8 the disk friction, the leakage losses 
and a portion of the hydraulic losses (and therefore also the hydraulic and the 
overall efficiencies) depend on the Reynolds number and the relative roughness. 
There are different possibilities for evaluating this Reynolds influence or for scal-
ing the efficiencies: 

1. Determine the effective mechanical losses and the secondary losses separately 
for model and prototype according to Tables 3.6 and 3.7. Likewise, calculate 
the difference in hydraulic efficiency between model and prototype according 
to Table 3.9. Add this difference to the hydraulic efficiency of the model. In 
this way it is possible to determine the power consumption of the machine ac-
cording to Eq. (T3.5.1) and its efficiency according to Eq. (T3.5.3). Note that 
the mechanical losses often differ between model and prototype since different 
bearings and shaft seals are employed (as mentioned Pm ~ nx with x = 1.3 to 1.8 
is applicable and not Pm ~ n3 as for scaling the internal power of the pump). 

2. The separate evaluation of all losses according to Chap. 3.10.3 largely corre-
sponds to the procedure suggested under item 1. Scaling the efficiency in this 
way, is presumably the most accurate method at present, since all relevant de-
sign- and plant-specific differences between model and prototype can be taken 
into account. 

3. Proceed as under (1), but calculate the differences in the hydraulic losses ac-
cording to Table 3.8 as caused by the differences in the Reynolds numbers 
and/or in the relative roughness of model and prototype. Note that the absolute 
values of the hydraulic losses calculated would be too inaccurate since the mix-
ing losses cannot be evaluated adequately. 

4. Use of “majoration formula” (see below). 
5. Figures 3.23 to 3.26 and the equations in Table 3.9 provide a relation between 

overall efficiency and flow rate Qopt. Since Q ~ n×d3, such a representation in-
directly covers the effect of the pump size and the speed on the efficiency. If 
the viscosity is constant, this means that the effects of the Reynolds number 
(Re ~ n×d2) and the relative roughness are taken into account, provided that the 
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absolute roughnesses of model and prototype are identical. Consequently, the 
efficiency can be scaled on the basis of Table 3.9 by employing ηa = ηM + Δη. 
Δη is the difference between the efficiencies calculated for model and proto-
type according to Eqs. (T3.9.1 to 3.9.4). 

6. The hydraulic efficiencies of model and prototype can be established using 
numerical methods. The rest of the procedure is the same as in step (1). 

Majoration equations: Various equations for efficiency scaling have been pub-
lished. Overviews can be found in [3.14], [3.20] and [3.33] to [3.35]. The more 
relevant equations for internal efficiency ηi allow a division into “scalable” (i.e. 
Reynolds-dependent) and non-scalable losses. Disk friction losses and that portion 
of hydraulic losses which is caused by friction are “scalable”. Both losses fall with 
rising Reynolds number and both drop if the relative roughness ε/dh decreases. 
These effects make up the efficiency scaling in its proper sense. However, the 
leakage losses have an opposite tendency: they increase with Re and drop with 
growing relative roughness ε/dh. 

As is shown in Figs. 3.23 to 3.29 and Table 3.9, changes in efficiency and loss 
depend on the specific speed and the pump size. Doubling the design flow rate 
gives rise to quite different efficiency corrections depending on specific speed and 
design flow rate. The published efficiency scaling formulae don’t do justice to this 
fact (or only incompletely so). In the light of these considerations it is quite sensi-
ble to scale efficiencies according to Table 3.9 as described under point (5). 

As mentioned before, the hydraulic losses are composed of friction and mixing 
losses: Only the friction losses are primarily scalable. Different scaling laws result 
depending on how the Reynolds numbers and the relative roughnesses of the 
model and prototype are related with respect to hydraulically smooth or rough be-
havior. If the surfaces of model and prototype are hydraulically smooth, the scal-
ing follows the relation Rex, and the exponent drops with increasing Re number. 
Impeller diameter, speed and viscosity enter into the Reynolds number in the same 
way. In contrast, if both machines are situated in the fully rough range, the rela-
tive roughness has an impact on the efficiency while the Reynolds number has no 
effect. These relationships become clear from Fig. 1.13, see the points marked M 
and A. Majoration formulae with constant exponents of the Reynolds number can 
offer an approximation only if roughness effects are weak. 

This difficulty can be avoided by the approach implied by Eqs. (T3.9.11 and 
3.9.12): the friction coefficients cf = f(Re, ε/L) are determined from Eq. (1.33) or 
Fig. 1.13 for the model and prototype and the hydraulic efficiency is scaled by 
means of the ratio cf,a/cf,M as given by Eq. (T3.9.11). The coefficient ζR,M com-
prises all friction losses in the pump (especially in the impeller and the diffusing 
elements). The friction losses can be estimated from the given correlation ζR,M/ψ, 
which was derived from calculating various pumps according to Table 3.8. Alter-
natively, ζR,M/ψ can be determined for the case to be examined by means of the 
equations in Table 3.8.  

The disk friction can be treated in a similar manner: The friction coefficients 
kRR are determined as a function of the Reynolds number and roughness for the 
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model and prototype from Eq. (T3.6.3). Next, the internal efficiency is scaled ac-
cording to Eq. (T3.9.12) in which the effect of the disk friction and the hydraulic 
losses are averaged. When scaling the internal and the hydraulic efficiencies, the 
distribution of the scalable and the Reynolds-independent losses is estimated as a 
function of the specific speed from Eq. (T3.9.12). Finally, Eq. (T3.9.12) can also 
be applied to the overall efficiency if the difference in the mechanical losses is 
neglected. 

Equation (T3.9.13) provides the scaling formula according to [N.5]; here, an 
efficiency ηhR which comprises the hydraulic and the disk friction losses is de-
fined and scaled. Annular seal losses and mechanical losses are calculated sepa-
rately for the model and the prototype and are considered in ηhR,M and ηhR,a. 

The scaling of efficiencies from the model to the prototype harbors a number of 
uncertainties, which are discussed in Chap. 3.10.3. As a rule, a careful loss analy-
sis according to Chap. 3.10.3 will supply the most accurate prediction, but scaling 
formulae have their justification for rapid estimations. They are important, for ex-
ample, when contractual formulae for evaluating the guaranteed efficiencies have 
to be agreed on between the pump buyer and the manufacturer since the scaling 
procedure must apply equally to all project bidders. 

3.10.3 Calculation of the efficiency from loss analysis 

A complete set of equations (Table 3.10) is developed in this chapter by means of 
which the effect of Reynolds number and roughness on efficiency can be esti-
mated. The process applies to turbulent and laminar flow over hydraulically 
smooth or fully rough surfaces and covers. It smoothly covers all transitions be-
tween the different flow regimes. 

The efficiency conversion takes into account the hydraulic and volumetric los-
ses as well as disk friction. These losses depend on the Reynolds number, the 
roughness and the specific speed in different ways. All the necessary equations 
are compiled in Table 3.10. 
Factors for efficiency conversion: The examination is performed for the best ef-
ficiency point. Power consumption and efficiency can be expressed in simplified 
form (without recirculation) according to Eq. (T3.5.1) as follows: 
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hvol

st PP
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In Eq. (3.29) the effect of the interstage seals in multistage pumps is taken into 
account by a weighted volumetric efficiency defined by Eq. (T3.10.4). Further-
more, the disk friction power PRR in Eq. (3.29) comprises the sum of all compo-
nents of the pump rotor, i.e. it includes the friction at the axial thrust balance de-
vice (Per). The efficiency according to Eq. (3.29) can then be expressed by: 
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The quantities ηvol, ηh and PRR depend on the Reynolds number and the rough-
ness, while Pm/Pu is assumed to be a constant. To recalculate the pump character-
istics from the base or the model (“M”) to the application (“a”), the factors ac-
cording to Eq. (3.31) are introduced. These factors only take into account the de-
viations from the model laws. Changes in speed and/or impeller diameter, if any, 
have to be calculated from Table 3.4 before this analysis. 
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The disk friction losses in the prototype and in the model amount to: 
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The corresponding useful power is Pu,a = ρa×g×Ha×Qa and Pu,M = ρM×g×HM×QM. 
With fQ and fH from Eq. (3.32), it follows that Pu,A = Pu,M×fH×fQ×ρa/ρM. With these 
relationships the following is obtained: 
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If Eq. (3.30) is written for the application (“a”) and the model (“M”) and the 
resulting equations are divided by one another, the multiplier for the efficiency is 
obtained by virtue of Eqs. (3.31 to 3.33) as follows: 
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This equation covers all the losses. If the geometry of the annular seals is 
known, the Re-dependency of the volumetric efficiency can be calculated accord-
ing to Table (3.7) and taken into account in the form of fηvol. The following as-
sumptions and simplifications were made: (1) fηvol = fηm = 1.0; ρa = ρM; fH = fηh. 
(2) When pumping viscous fluids with viscosities above (50 to 100)×10-6 m2/s the 
best efficiency point moves more or less along the volute characteristic 
(Chap. 4.2). Hence we can set fQ = fH = fηh < 1 (this is discussed in detail in 
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Chap. 13). Under these conditions a somewhat simplified equation for the effi-
ciency conversion is obtained, Eq. (T3.10.20). 
Factors for head conversion: The assumption fH = fηh is necessary since the fac-
tor fH (in contrast to fη) cannot be determined directly from a test, as shown be-
low. Exceptions are tests with a viscosity sufficiently high so that the following 
interference effects are masked: 

1. With varying Reynolds number the seal leakage changes, resulting in a slight 
shift of the Q-H curve since the flow rate through the impeller QLa = Q/ηvol 
changes, Fig. 4.26. 

2. The impeller shrouds have a pumping effect similar to that of a friction pump. 
Boundary layer fluid with c2u ≈ u2, flung off the impeller shrouds, contributes 
to the transfer of energy. The relative contribution of this effect grows with de-
creasing specific speed, falling Reynolds number and increasing roughness. 

3. An increase in head was also repeatedly measured when the roughness of the 
impeller channels was increased. Greater roughness implies a deceleration of 
the relative velocity near solid walls and a thickening of the boundary layer. A 
lower relative velocity however means a higher absolute velocity and conse-
quently an increase of the slip factor and the theoretical head. This increase of 
Hth can (but not always does) exceed the additional losses brought about by the 
roughness. The same mechanism is active if the viscosity is increased. 

Some test results relating to this increase in head are quoted below: 

• Double-entry impeller nq = 10, a change of roughness from ε = 0.025 mm to 
0.87 mm in the channels and the outside of the impeller shrouds [3.36]: head 
increase fH = 1.1 with efficiency loss fη = 0.84 

• Single-entry impeller, nq = 7, a change of roughness from ε = 3.7 μm to 46 μm 
[3.31]: increase in head fH = 1.01 

• Even with a semi-axial impeller nq = 135 a slight increase in head was meas-
ured with increased roughness.  

• Tests in [13.33] showed an increase in head with viscosities up to 45×10-6 m2/s; 
a drop in head was only measured at 100×10-6 m2/s. However this effect cannot 
be separated from the shift of the Q-H-curve caused by a reduced seal leakage.  

• A slight increase in head was observed also in the measurements in [3.37] and 
[3.38] on single-stage pumps with nq = 12 and 20 respectively. 

The higher the quality of the hydraulic design (i.e. the impeller operating with thin 
boundary layers and without separation), the greater is the effect of the roughness 
on ψth. In contrast to this, a low-quality hydraulic design with separated flow is 
less affected by the surface roughness.  

Neither the shift of the Q-H-curve due to a change in the annular seal flow, nor 
the pumping action of the impeller shrouds, nor the change of the slip factor due 
to changes in the boundary layer thickness or the secondary flows in the impeller 
can be separated from the friction losses. Attempting to determine the factor fH di-
rectly from a test is therefore too inaccurate. 
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Hydraulic losses: As explained in Chap. 3.8, the hydraulic losses consist of fric-
tion ζR = f(Re, ε) and mixing losses ζM. All of the friction and mixing losses from 
inlet, impeller and diffusing elements are included in these two quantities. The 
theoretical head coefficient in the prototype and in the model can therefore be 
written as follows (refer also to Table 3.8): 

a,Ma,RaM,MM,RMth ζ+ζ+ψ=ζ+ζ+ψ=ψ  (3.35) 

In Eq. (3.35) it is assumed that the slip factor, and consequently the theoretical 
head, remain roughly constant, refer also to Chap. 13.1. If the blade work remains 
constant, the ratio fH of the heads must be equal to the ratio of the hydraulic effi-
ciencies, resulting in fH = fηh. 

If the mixing losses are assumed to be independent of the Reynolds number, 
ζM,M = ζM,a in Eq. (3.35) cancel so that a relation between ψa and ψM in the form 
of the multiplier fηh can be derived: 
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Equation (3.36) applies at constant flow rate. 
If the fraction ζR,M/ψM of the friction losses in the head is known, Eq. (3.36) 

can be used to estimate how the head will change with a different roughness 
and/or Reynolds number. To do so, it is assumed that the friction losses ζR,a/ζR,M 
are proportional to the corresponding friction coefficients cf,a/cf,M. These friction 
coefficients depend on the Reynolds number and the roughness. They can be cal-
culated for turbulent and laminar flows according to Eqs. (1.33 and 1.33a). 

The portion of the friction losses in the hydraulic losses can be estimated for a 
given pump according to Table 3.8 and Chap. 3.8. It depends on the specific 
speed, the pump type and the geometry of the hydraulic components. An estima-
tion of ζR,M/ψM according to Table 3.8 is complicated and afflicted with uncertain-
ties. For this reason an empirical approach according to Eq. (T3.10.18) was de-
veloped on the basis of a large number of tests, [3.31]. 
Secondary losses: The disk friction losses are calculated according to Table 3.6 
and Chap. 9.1, from Eq. (T3.10.9). The influence of different roughnesses on the 
casing walls and impeller shrouds can be captured by means of Eq. (T3.10.8). Ex-
peller vanes on the rear shroud, if any, are taken into account by Eq. (T3.10.10), 
the effect of the leakage through the impeller sidewall gap by Eq. (T3.10.12), the 
roughness of the impeller disks by Eq. (T3.10.7) and the heating of the fluid in the 
impeller sidewall gap in case of very high viscosity (ν > 400×10-6 m2/s) by the 
empirical factor ftherm, which is discussed in Chap.13.1. The volumetric losses are 
estimated from Eq. (T3.10.4) and the mechanical losses from Eq. (T3.10.14). 
Roughness: According to Eq. (T3.10.5) and Chap. 1.5.2 the equivalence factor 
ceq = 2.6 is used to assess the roughness of the various components while the 
maximum roughness is assumed to be 6-times the average roughness. For simpli-
fication the Reynolds number for impeller shrouds and hydraulic channels is cal-
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culated with r2. The effect of these assumptions is mitigated because only the ra-
tios of friction coefficients occur in Eqs. (T3.10.8, 3.10.19 and 3.10.20). The 
roughnesses for impeller and collector are averaged according to the empirical 
expression given by Eq. (T3.10.6). In doing so, a weighted average of the rough-
ness is calculated which depends on the specific speed, [3.31]. 

In [3.31] a collection of 32 tests with different roughnesses and Reynolds num-
bers were analyzed according to the procedure given in Table 3.10. The empirical 
coefficients for calculating the relevant mean roughness from Eq. (T3.10.6) and 
the component of the scalable hydraulic losses from Eq. (T3.10.18) were opti-
mized in order to minimize the standard deviation. The investigation in [3.31] 
covers the range: nq = 7 to 135; d2 = 180 to 405 mm; u2 = 22 to 113 m/s; n = 1200 
to 7000 rpm; T = 20 to 160 °C; Re = 2.5×106 to 9.1×107; equivalent sand rough-
ness ε = 1 to 130 μm and average roughness εCLA = 0.4 to 75 μm. 

The standard deviation between measurement and calculation for fη is ± 1.0% 
and for fηh it is ± 1.5%. The scatter increases with decreasing specific speed. A 
variation of the equivalence factor ceq yielded no improvement; ceq = 2.6 is there-
fore a useful assumption. 

The relationship aε = 0.98 - 0.0012 nq fq
0.5 found for weighting the roughness in 

the impeller and collector shows that the effect of the roughness in the impeller is 
quite weak in comparison with the diffusing elements, even at high specific 
speeds. The portion of scalable losses also drops with increasing specific speed, 
Eq. (T3.10.18). Both functions are shown in Fig. 3.31. Equation (T3.10.18) sup-
plies quite similar values as the expression (1-V) in Eq. (T3.9.12). 
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Fig. 3.31. Weighting the roughness aε acc. to Eq. (T3.10.6) and fraction of scalable losses 
acc. to Eq. (T3.10.18): a1-b1×nq×fq

0.5 

Uncertainties of efficiency calculation: Depending on the task set (efficiency 
scaling, assessment of roughness effects or calculation for highly viscous media), 
determining the efficiency is subject to a series of uncertainties: 

1. The scaling concerns minor differences between two (relative to the scaling 
amount) large numbers. Even if the efficiency is measured with great accuracy 
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in the test, the uncertainty in the efficiency differences Δη = ηa - ηM determined 
on model and prototype is considerable; more so since ηa and ηM generally are 
measured with different instruments in different test circuits. The experimental 
verification of scaling formulae is therefore very difficult. 

2. The casting and manufacturing tolerances of model and prototype are different. 
3. The annular seal clearances are usually selected as functions of the size. They 

are not always strictly geometrically similar to the model. Even the seal design 
may not be geometrically similar. 

4. For economic reasons, minor design differences are often unavoidable. They 
can be caused, for example, by the annular seal geometry, the impeller fixation 
on the shaft, the impeller sidewall gaps, or the inlet or outlet chamber. 

5. The calculation of the disk friction losses and annular seal leakages is quite un-
certain. 

Like turbulence, the roughness calls for a statistical rather than a deterministic de-
scription; the fluid-dynamical relevant quantification of the roughness is one of 
the main difficulties in determining the efficiency: 

• The effect of roughness on the flow cannot be determined, not even by accurate 
measurement of the surfaces, which is rarely attempted in practice. 

• Frequently the roughness varies locally in the various channels depending on 
the accessibility for dressing or machining. 

• The losses due to roughness are caused by the interactions of the velocity pro-
file near the wall and the turbulence with the roughness elevations. The fine 
structure of roughness and turbulence is, consequently, responsible for the 
losses. The interaction between roughness and turbulence is determined on the 
one hand by the size, shape and number of roughness elevations and, on the 
other hand, by the size and frequency of the turbulence eddies near the wall. 
The turbulence structure depends on the local velocity distribution as given by 
accelerated or decelerated flow, Coriolis and centrifugal forces and flow sepa-
ration (refer also to Fig. 1.15, Chap. 1.5.2 and [3.31]). An example of the inter-
action between roughness and turbulence is the increase in pressure drop 
caused by the “ripple roughness” quoted in Chap. 1.5.2. Another example is the 
reduction of the disk friction through fine grooves in circumferential direction 
(Chap. 3.6.1). 

• If the pressure decreases in the flow direction (dp/dx < 0), the losses increase 
with growing wall shear stress (or roughness). In decelerated flow, however, 
with dp/dx > 0 (e.g. in a diffuser) the wall shear stress is reduced with increas-
ing roughness and becomes τw ≈ 0 during separation. The “friction losses” 
therefore decrease with increasing roughness, while the “mixing losses” and 
the overall losses increase. The concept of distinguishing between “friction” 
and “form or mixing losses” therefore does not make much sense in decelerated 
flow. 
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3.11 Minimization of losses 

In practice, the efficiency achievable is influenced by the boundary conditions 
imposed by the specific application and the mechanical design. Pump size, the re-
quired suction specific speed, demands as to the shape of the Q-H-curve and the 
manufacturing costs also have a considerable impact. Any attempt at increasing 
the efficiency of a pump which already reflects the state of the art has to rely on 
introducing at several locations rather small improvements which sum up to yield 
the desired effect. To minimize losses, it is necessary to first analyze the secon-
dary losses and the hydraulic losses of the existing pump or the design at hand us-
ing Tables 3.5 to 3.8. At the same time these tables serve to quantitatively evalu-
ate the potential of improvement by possible modifications. 

Hydraulic losses (refer also to Chaps. 7 and 8): 

• A uniform approach flow reduces the losses in the impeller.  
• Optimize blade loading and pressure distribution. Excessively long blades 

cause friction losses, too short blades mixing losses. 
• An excessively large impeller outlet width causes mixing losses. 
• An excessively large inlet diameter causes increased mixing, friction and  leak-

age losses through the annular seal and impairs the partload performance. 
• In the case of diffusers and volute casings, the diffuser must be optimized ac-

cording to Chap. 1.6. 
• Carefully optimize the flow deceleration in diffusing channels: (1) Design for 

steady, efficient deceleration downstream of the diffuser or volute throat area 
where velocities (and friction losses) are high; (2) Avoid a sudden increase of 
the diffuser opening angles near the diffuser outlet where boundary layers are 
thick and at the brink of stall. 

• Avoid flow separation, sharp curvature and unsteadiness in the development of 
curvature, angles and flow areas. 

• Reduce roughness so that hydraulically smooth characteristics are obtained. 
• When replacing an oversized impeller in an existing pump by a retrofit impeller 

adapted to lower flow, the volute or diffuser remains too large (unless it would 
be modified too). The increase in efficiency expected from the original perfor-
mance curves will not materialize. 

Secondary losses (refer also to Chap. 3.6): 

• Disk friction: Avoid ribs or cavities in the impeller sidewall gaps since these 
would slow down the rotation of the fluid. Avoid rough walls and large impel-
ler sidewall gap volumes. 

• At low specific speeds the disk friction losses can be noticeably reduced by se-
lecting a high head coefficient, but the effects on the Q-H-curve according to 
Chaps. 4 and 5 have to be considered. 

• Annular seal losses: A reduction of the annular seal clearance would be most 
beneficial, but the reliability of the machine must not be jeopardized under any 
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circumstances. If very tight clearances are selected, it must be ensured that no 
damage can result from contact between rotor and stator. The risk of seizure 
can be mitigated by the correct choice of materials or the surface structure of 
the annular seal, Chap. 14.4.4. Tight seal clearances that rapidly wear in opera-
tion are of little benefit to the operator. Fine grooves, hole or honeycomb pat-
terns reduce the annular seal loss. Increasing the length of the annular seal usu-
ally brings only a moderate reduction in leakage. 

• Flow through the axial thrust balance device: In the case of multistage pumps a 
balance disk is superior to a balance piston in terms of efficiency. However, a 
balance piston is less sensitive and therefore in many applications it is more re-
liable than a disk. 

• Mechanical losses: Anti-friction bearings cause fewer losses than plain bear-
ings. Mechanical seals use up less power than stuffing boxes. However design 
aspects usually determine the choice of these elements. 

3.12 Compendium of equations for hydraulic calculations 

All calculations discussed in Chap. 3 can be performed using the following tables. 
Together with the list of symbols and the dimensions and quantities defined in 
Tables 0.1 and 0.2, these tables are largely self-explanatory. 
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Quantities given or selected n, QLa, d2, d1, dn, b2, zLa, α1, e1, e, ηh --- 

Circumferential speed u1 = π d1 n/60 3.1.1 

)d(d
4

A 2
n

2
11 −

π
=  Meridional component of the absolute 

velocity 
b1 see sketch at bottom of table 1q

La
1m Af

Q
c =  

A1 = π d1b b1 

3.1.2 

Circumferential component of absolute 
velocity 1

1m
1u tan

c c
α

=  3.1.3 

Relative velocity 2
1u1

2
1m1 )c(uc  w −+=  3.1.4 

Flow coefficient 11m1 u/c=ϕ  3.1.5 

Flow angle without blockage 
u11

m1
1 cu

c tan  arc = 
−

β  3.1.6 

Blade blockage 
-1

La1B 1

1La
1 sin insd 

e z
1

λβπ
−=τ  3.1.7 

Flow angle with blockage 
u11

1m1
1 cu

c
tan arc

−

τ
=′β  3.1.8 

Blade angle for selected incidence, 

i1 defined by: ′β−β=′
1B11i  

′+′β=β 11B1 i  3.1.9 

Shockless inlet defined by β1′ = β1b 
giving c1m 1

B1

1

u1
SF,1

tan
u
c1

τ
β−=ϕ  3.1.10 

  

   
 

α
c1u u1 

β1 β1B 

w1'
i1' 

c1m'

c1m

c1'c1β1’ 

d1

e1
e 

e1

sinβ1B

β1B 

d1 

dn d1b

b1
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Table 3.2 Velocity triangle at impeller outlet  Eq. 
Circumferential speed 60/nd u 22 π=  3.2.1 

Meridional component of absolute velocity 
A2 =  d2b b2 2q

La
2m Af

Qc =   
2

2m
La2, u

c
=ϕ  3.2.2 

Blade blockage 
1

LaB22

La
2 sin insd 

ze
1

−

λβπ
−=τ  3.2.3 

β−=ε
La

B2
Lim z

sin 16.8 exp  3.2.4 
Influence of impeller inlet diameter on slip  
factor 
kw = 1 for d1m* ≤ ε1m 

3

Lim

Lim1m
w  - 1

 - *d
1  k

ε
ε

−=  3.2.5 

Slip factor for zLa  3 
Radial: f1 = 0.98 
Semi-axial:  f1 = 1.02 + 1.2 · 10-3(nq - 50)

w7.0
La

2B
1 k

z

 sin
1 f  

β
−=γ  3.2.6 

Prediction 
β
τ

γ=
B22

22m
2u2  tanu

c
- uc     3.2.7 

Circumferential component 
of absolute velocity  Calculation from 

measured head H 2

u1 1m

2h
u2 u

cu
u
Hgc +

η
=  3.2.8 

Slip factor from test 
2B

2  La2,

2

u2
 tanu

c
β

τϕ
+=γ  3.2.9 

Absolute velocity 2
u2

2
m22 ccc +=  3.2.10 

u22u2 cu w −=  3.2.11 
Relative velocity 2

u2
2

m22 wcw +=  3.2.12 

Absolute outlet angle without blockage 2u2m2 /cc tan arc=α  3.2.13 

Relative outlet angle with blockage u222m2 w/ c tan arc τ=′β  3.2.14 

Relative outlet angle without blockage u22m2 w/c tan arc=β  3.2.15 

Deviation angle δ′ = β2B - β2′       or:  δ = β2B - β2 3.2.16 

 

QS2QS1
QSp

b2 

d1 

 

 

u2 

c2uw2u 

c2
w2 

w2' 

c2'

c2m'
c2m

α2
β2' β2 β2B

δ' 
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Table 3.3 Work transfer in impeller  Eq. 

−=−== ∗

2
1u

1m
2

2u2
21u12u2thsch u

cd
u
c uc uc uH gY  3.3.1 

Specific work of blades 
Ysch (no losses) 
Theoretical head: 
Hth = Yth/g ( )2

1
2

2
2

2
2

1
2

1
2

22
1

sch c c  w  w uuY −+−+−=  3.3.2 

( ) La
122

2
2

1
2

1
2

2 thP,thP, Zgpp wwuu
2
1H gY +

ρ
−=−+−==  3.3.3 Specific work related to 

increase of static pres-
sure in impeller (with-
out losses) ( )2

1
2

22
1

1u12u2thp,th,P ccc uc uH gY −−−=≡  3.3.4 

Rise of total pressure 
(enthalpy) in impeller 

( )
ρ
−=−+

ρ
−=Δ≡ 1tot2tot2

1
2

22
112

totLatot,
ppccpphY  3.3.5 

Impeller losses ρ
−−− 12

thP,La tot,schLa
ppY =YY =   Zg  3.3.6 

Head 
α

β+τ
β

−γη=
∗

11

B2m12
2

B222q

La
2

2h
tanA

tand A
tanu A f

Q
g
u  H  3.3.7 

Static head rise in im-
peller 

( ) La
2

2
2

1
2

1
2

2P Zwwuu
g2

1H −−+−=  3.3.8 

−=ψ
2

1u*
1m

2

2u
th u

cd
u
c 2  3.3.9 

Theoretical head coef-
ficient (without losses) 

α
β+τ

β
ϕ

−γ=ψ
∗

11

2Bm12
2

2B

La,2
th tanA

tand A
tan

2  3.3.10 

Head coefficient 
α

β
+τ

β
ϕ

−γη=ψ
∗

11

B2m12
2

B2

La,2
h tanA

tand A
tan

2  3.3.11 

Static head coefficient La2
2

2
2

2
2

2
1

2
2

2
1

P
u

w

u

w

u

u
1 ζ−−+−=ψ  3.3.12 

Specific work of impel-
ler in relative system 
(without losses) 

( )u11u22
2

1
2

2sch w uw uuuY −−−=  3.3.13 

( ) ( ){ }2
u11

2
u22

2
m1

2
m2

12
Latot, wuwuww

2
1ppY −−−+−+

ρ
−=  Total enthalpy rise in 

relative system 
w2m = c2m                               w1m = c1m 

3.3.14 

u, c, w are referred either to the average stream line (geometric or mass average) or to any stream line 
selected (a, b, c, m, i) for calculation on a stream line. 

Relation between  
Qopt  and specific speed  

3
2

31.5
opt2

q
3

2

5.1
opt

2
s

opt dn
60

 
g2

nr 
22

Q πψ
=ω

ψω
=  3.3.15 
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Table 3.4 Scaling laws and dimensionless coefficients 
Scaling from model (subscript: M) to prototype (subscript: a) Eq. 

Flow rate 
M,v

a,v
3

M

a

M

a
Ma D

D
n
nQQ

η
η

=
 

1. Approximation: 
    ηv,a = ηv,M 3.4.1 

Head 
Mh,

ah,

Mst,

ast,
2

M

a
2

M

a
Ma z

z
D
D

n
n HH

η
η

=
 

1. Approximation: 
    ηh,a = ηh,M 3.4.2 

NPSH 
2

M

a
2

M

a
Ma D

D
n
n

 NPSHNPSH =
 

3.4.3 

Power 
a

M

Mst,

ast,

M

a
5

M

a
3

M

a
Ma z

z
D
D

n
n PP

η
η

ρ
ρ=

 

1. Approximation: 
    ηa = ηM 3.4.4 

Sc
al

in
g 

la
w

s 

Forces 
M

a
4

M

a
2

M

a
Ma D

D
n
nFF

ρ
ρ

=
 

3.4.5 

Flow coefficient 
(outlet) 

2
q

*
2

1,5

222b

q
2 316

n

b u b d 
Q/f ψ=

π
=ϕ  

2

2m

222b

qLa
La2, u

c
u b d 

/fQ
=

π
=ϕ 3.4.6 

Flow coefficient 
(inlet) 1

1m

n
3*

1

La2,
*
2

1
2

n
2

1q

La
1 u

c
k d

 b 4

u )d(d f
Q 4 =

ϕ
=

−π
=ϕ  3.4.7 

Head coefficient 2
2

2
2 u

Y 2
u

H g 2 ==ψ
 

3.4.8 

Power coeffi-
cient with b2 η

ψϕ=
πρ

=λ  
u b d z  f

P  2 2
3
2a 22bstq

 3.4.9 

Power coeffi-
cient with d2 

q
*
23

2
2
2st

D fb  
u d  z

P 2 πλ=
ρ

=λ  3.4.10 

Cavitation coef-
ficient 2

1u
NPSH g2=σ

 
3.4.11 

Reynolds num-
ber ν

= D cRe
 ν

= L wRe
 ν

= R uReu
 ν

=
 us2

Re sp
u

 
3.4.12 

D
im

en
si

on
le

ss
 c

oe
ff

ic
ie

nt
s 

Froude no. Fr 
Euler no. Eu D g

cFr =
 

2c 

p2Eu
ρ

Δ
=

 

3.4.13 
3.4.14 

Specific speed S
opt

22opt 
0.75

opt

qopt
q  52.9

b
 315.6

H

f / Q
nn

0.75
ω=

ψ

ϕ
==

∗

 
n [rpm]  
Q [m3/s]  
H [m]  

3.4.15 

“Type number” 
DIN 24260 
n [rpm] 0.75

opt

qopt
q

)H(g

f / Q
n55.5n =  ( ) 9.52

n 

 H g

f/Q q
0.75

opt

qopt
s =

ω
=ω  3.4.16 

Suction specific 
speed 0.75opt

n1opt 
0.75

opt

qopt
ss

k
 8.571

NPSH

f / Q
nn

σ

ϕ
==  

n [rpm] 
Q [m3/s] 
NPSH [m] 

3.4.17 

Sp
ec

ifi
c 

sp
ee

ds
  

USA-units nq = 0.0194 Ns  nss = 0.0194 Nss  Ns, Nss in: Q [gpm], H [ft] 3.4.18 
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Table 3.5 Power balance, efficiencies and losses  Eq. 
Reference values QRef = 1 m3/s nRef = 1500 rpm  

Power balance RecermS3
st

RR
st hv

PPPPPQ H g P +++++
ηη

ρ=  3.5.1 

Useful power Pu  QH g  P totu ρ=  3.5.2 

P
QH g  

P
P tot u ρ==η  

Overall efficiency 
(at coupling) η 

)PPPPP( Q H g 
Q H g  

RecermS3
st

RRhvtot

tothv
++++ηη+ρ

ρηη=η  
3.5.3 

Inner power Pi mi PPP −=  3.5.4 

Inner efficiency ηi 
mi

tot
i P

QH g 
η
η=ρ=η  3.5.5 

Mechanical effi-
ciency ηm P

P1 m
m −=η  3.5.6 

Mechanical losses 
Pm 

3.0
Ref

4.0
Ref

opt

m
n

n
Q

Q 0045.0
P
P =  3.5.6a 

Stage efficiency 
( ) ++

η
η=

−−
+++ρ=η

Q
Q1

H
Z1

PPP
QQQ)Z(H g E

tot

EA

merm

hEEAtot
st  3.5.7 

Calculation of hy-
draulic efficiency 
from test (PRec = 0)  

( )

u

erms3RR

hEsp

erms3RR

hEsptot
h

P
PPPP1

Q
Q

Q
Q

Q
Q

1

PPPPP
QQQQH g 

+++−
η

+++
=

−−−−
+++ρ

=η
3.5.8 

Volumetric effi-
ciency ηv 

Q
Q

Q
Q

Q
Q

1

1
QQQQ

Q

hEsphEsp
v

+++
=

+++
=η  

3.5.9 

nq  a m 

< 27 4.1 1.6 
Leakage loss at im-
peller  
(API-clearance) 

m
q

H

opt

sp

n
z a

Q
Q

=  

≥ 27 0.15 0.6 

With balance  
Holes:        zH = 2 
Else:          zH = 1 

3.5.10 

Leakage loss of in-
ter-stage seal 1.8

qopt

S3

n
5.5

Q
Q

=  4.0
H
H

opt

3S ≈
Δ  3.5.11 

Power loss of inter-
stage seal S3S3S3 QHg P Δρ=  1.8

qoptst,u,

S3

n

2.2
P

P
=  3.5.11a 

q
0.22.5

opt
2

q

LLa R,

optu,

RR

f Re n

ff770
P
P

ψ
=   Turbulent: Re > 105 3.5.12 

Disk friction power 
loss of radial impel-
lers. fR,La  from 
Eq. (T3.6.6); 
fL from Eq. (T3.6.7) q

2.5
opt

2
q

RR

optu,

RR

f  n
k38500

P
P

ψ
=  General 3.5.13 
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Table 3.6 Friction losses of rotating disks or cylinders  Eq. 

Reynolds num-
ber ν

ω=
ν

=
2R  Ru Re  3.6.1 

−ωρ
δ

=
5

n53RR
RR R

R1R  
cos
kP  

 tax

sax 

R or r2 

δ 

rw 

rsp  

3.6.2 Friction power 
per side of a 
rotating disk  
for δ < 45° 
Valid for 
Re > 10 LaR,L

R2
s
R

s

0.2ax
RR ff

1

1

Re
0.02

s2Re
R k

ax

ax

+

+
⋅+π=  3.6.3 

L R   kP 43
 RZRZ ωρ=  3.6.4 

Friction power 
of a rotating 
cylinder; valid 
for  Re > 10 R

2R
S
R
S

0.2RZ f
1

1

Re
0.075

sRe
R2k ⋅

+

+
⋅+π=  

s 

R 

L 

 

3.6.5 

Influence of 
roughness to 
be calculated 
with roughness 
of rotating disk 

15.2

2

RR

RR
LaR,

Re
5.12

r
2.0log

Re
5.12log

)0(k
)(kf

+ε
=

=ε
ε≡  

The roughness of 
the casing is not 
taken into account 
here, but in Eq. 
(3.6.13). 
ε = εmax/ceq 

3.6.6 

Influence of 
leakage valid 
for:  
rsp/r2 > 0.3 and 
kE ≈ 0.5 

−ϕ−=
=

≡ 1
r
r 350exp

)0Q(k
)Q(k

f
a

sp

2
sp

spRR

spRR
L  

Leakage direction: 
*radially inwards: 
ϕsp positive; a = 1.0 
* radially outwards: 
ϕsp negative; 
a = 0.75 

3.6.7 

ax
RR s 2Re

R k =    
-1.87

Sax
lam R

7.8eR ≤
Laminar, merged 
boundary layers 3.6.8 

0.1
Sax

0.5RR RRe

0.925
k =   Relam < Re < 2×105 

Laminar, separated 
boundary layers 3.6.9 

1/6

ax0.25RR s
R

Re
0.02k =   105< Re < 106 

Turbulent, merged 
boundary layers 3.6.10 

Alternatives to 
Eq. (T3.6.3) 
hydraulically 
smooth; with-
out leakage; 
analogous to 
[3.8] 

0.1
s

0.2RR RRe
0.0255k ax=  Re > 2×105 

Turbulent, sepa-
rated boundary lay-
ers 

3.6.11 

( ) LLa,R
75.1

o0.2ax
RR ffk-1

Re
0625.0

s2Re
R k +π=  Valid for Re > 10 3.6.12 

Taking into 
account all 
factors which 
influence rota-
tion in the 
sidewall gap 
[3.30] 

f ,ca sin g

f ,impeller

o 2
cw w ax
c

2 2 2

1k
r r t1 5
r r r

=

+ +

 
cf from Eq. (1.33) 3.6.13 
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Table 3.7 (1) Leakage losses I: Annular seals Eq. 
Static pressure rise cre-
ated by impeller La

2
2

2
1

2
1

2
2

p Z
g2

wwuuH −−+−=  
Hp = RG H 
RG ≈ 0.75 for nq < 40 

3.7.1 

Qsp radially inward k = 0.9 ysp
0.087 

Rotation factor k 
Qsp radially outward k = 0.24 ysp

-0.096 sp2
2

sp0.3
usp L

s
d

d s
Rey

2
= 3.7.2 

Pressure difference ac-
ross seal if leakage 
flows radially inwards 

−=Δ
2

2

2
sp2

22
Psp

d

d
1

2g
u

k -HH  
ν

= 22
u

ruRe 2  3.7.3 

Pressure difference ac-
ross seal if leakage 
flows radially outwards 

−+−=Δ
2

2

2
S3

2
22

PS3
d

d
1

2g
u

kHHH  3.7.4 

Pressure difference ac-
ross balance device 

( ) −−+−=Δ 2
2

2
EK

2
22

pSTEK
d

d
1

2g
u

kHH1zH  3.7.5 

Axial velocity in gap 
ΔHsp , ΔHS3  or ΔHEK 
i = number of chambers   λ+ζ+λ+ζ

Δ=

i s2
L

iK
2

s
s

2

d
dsp

EA

ax

i
i

isi

sp

2s
L

  

Hg2c  
3.7.6 

Leakage flow rate Qsp = π dsp s cax 3.7.7 
Loss coefficients ζEA = 1 to 1.2  inlet + outlet loss; ζK  = 1 to 1.3 loss per chamber 3.7.8 

Reynolds numbers 
ν

= sp
u

u s2
Re        

60
n d u SP

sp
π

=       
ν

= axc s 2Re  3.7.9 

Transition 
laminar/turbulent at 
Re* = 2000 

2

ax

sp
4
12

u4
12

c
u

1ReReRe*Re +=+=  3.7.10 

Friction coefficient for 
laminar flow,  use for 
Re < 2000 (usp = 0) 

−=λ
s

e 6.01
Re
96 x

0           ex = eccentricity 3.7.11 

Seal surface A 
Rough 0.135 ε/s 
Serrated 0.005 to 0.01 

Friction coefficient for 
turbulent flow,  
Re > 2000 
(usp = 0) 

20

Re
5.6Alog

31.0

+

=λ  

Isotropic pattern 0.01 to 0.03 

3.7.12 

Influence of rotation for 
turbulent flow  
Re > 2000 

375.02
u

0 Re
Re19.01+=

λ
λ

  3.7.13 

Influence of rotation for 
flow  with Re < 2000 

03.1
u

0 2000
Re2.01+=

λ
λ

 3.7.14 

 Lsp

Li

si

s

dsp  = 2rsp 
dsi

cu,in

 

 

QSP QS3 
ΔHS3

ΔHSp
HP HP
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Table 3.7 (2) Leakage losses II: Radial or diagonal gaps, open impel-
lers Eq. 

Head loss  0.4
1

1.2
2

0.1
q

0.2

2
La

*
1

*
2

2

o)(s

(s)o)(s

)(sin)(sinn
t
e)zd(1b

d
s2.5

ββ−

=
ψ

ψ−ψ

=

=

 

3.7.15 

Efficiency loss 
o)(s

(s)o)(s

o)(s

(s)o)(s
3
2

=

−=

=

=
ψ

ψψ
=

η
η−η

 3.7.16 

Δη according 
to [B.16] sb

s3.0
2 −

=ηΔ  for 13.0
sb

s

2
<

−
 3.7.16a Se

m
i-o

pe
n 

im
pe

lle
rs

 

Reduction of 
power con-
sumption o)(s

(s)o)(s

o)(s

(s)o)(s
3
1

=

−=

=

=

ψ
ψψ

=
λ

λ−λ
 

 S

 
3.7.17 

Head loss ( )
2)os(

)s()os(

b
s 3.3  to3.2=

ψ
ψ−ψ

=

=  3.7.18 

Efficiency loss ( )
2)os(

)s()os(

b
s 1.9  to6.1=

η
η−η

=

=  3.7.19 

D
ia

go
na

l g
ap

 

Increase of 
NPSH3 ( )

2)os(

)os()s(

b
s 40  to15=

σ
σ−σ

=

=
 

Upper value for smooth 
gap; lower value for gap 
with pump-out vanes 
 
see Fig. 3.15 

3.7.20 

Reynolds num-
bers r

i acs2 Re
ν

=  r
a

u a
rs2

Re
ν

=
a
i

r r
ra ≡  3.7.21 

Friction coeffi-
cient 

),Re(Re,f u ε=λ  according to Table 3.7 (1) 

Pressure differ-
ence across gap according to Table  3.7 (1) 

Rotation factor k 
Leakage flow rate 

Re < 104 Re  > 104 
Radially inwards 0.4 0.5 

Constants 

Radially outwards 0.5 0.6 

 

Leakage radially inwards 
( )

( ) 1a1 
s 2
r a 

a1 rkp2

c
r

i2
rE

2
r

2
a

22

i
+−λ+ζ

−ω−
ρ
Δ

=  3.7.22 
Radial velocity 
in gap at inner 
radius ri 

 s 

ra ri  

Leakage radially outwards 
( )

( ) 2
rr

i
E

2
r

2
a

22

i
aa1 

s 2
r  

a1 rkp2

c
+−λ+ζ

−ω+
ρ
Δ

=  3.7.23 

R
ad

ia
l g

ap
  

Leakage flow  iisp c sr 2Q π=  3.7.24 
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Table 3.7 (3) Screw-type pumping grooves in turbulent flow, [3.13] 
Pumping grooves should be selected only if: 

sp

ax
u
c 

< 0.7 

The selection of the geometric parameters depends 

on 
sp

ax
u
c 

 

Given quantities dsp, Lsp, n, ΔH, s, ρ, ν Eq. 

Axial velocity in gap  

Estimation for first iteration: 
λ = 0.06 2s

L
  

Hg2c
sp

EA

ax
λ+ζ

Δ=  3.7.30 

Loss coefficient ζEA = 1.5 for inlet and outlet loss 3.7.31 

Reynolds numbers 
ν

= sp
u

u s2
Re        

60
n d 

u sp
sp

π
=       

ν
= axc s 2Re  3.7.32 

Flow is turbulent if 700
susp >

ν
 3.7.33 

Number of threads (integer) s
s

ba
sin d 

ba
sin d z SPSP

+
απ=

+
απ=  

3.7.34 

Inclination angle  
α = 7 to 13° (up to 15°) 

[ ]
sp

ax
u
c 813 −=°α  α = 10° 3.7.35 

Depth of grooves  
h/s = 2.5 to 4 

68.0

sp

ax
u
c 2.1

s
h 

−

=  5.2
s
h =  3.7.36 

Width of grooves 0.7  to0.5
ba

a =
+

 5.0
ba

a =
+

 3.7.37 

Check that 20  to15
s

ba =+  

Eqs. (3.7.39. and 
(3.7.40) are valid 
for the parameters 
given in the col-
umn on the right

17
s

ba =+
 3.7.38 

Friction coefficient for 
usp = 0 in turbulent flow 

20

Re
200022.0log

32.0

+

=λ  
3.7.39 

Friction coefficient with ro-
tation 

2
u

0 Re
Re

k1 +λ=λ  k = 0.18 3.7.40 

With the friction coefficient from Eq. (3.7.40) the axial velocity cax is calculated iteratively from 
Eq. (3.7.30) 

Leakage flow rate Qsp = π dsp s cax 3.7.41 

s 
h

a b  

 

Lsp

s

ω dsp

cax
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Table 3.8 (1) Hydraulic losses in impeller Eq. 

Hydraulic efficiency 
EALeLaEALeLathsch

h ZZZH
H

H
H

Y
Y

ζ+ζ+ζ+ψ
ψ=

+++
===η  3.8.1 

Average relative ve-
locity in impeller 
channel )Ab a(zf

Q 2w
q122Laq

La
av +

=  3.8.2 

Friction coefficient 
(ε = roughness) ν

= schav L wRe  
15.2

Re
5.12

L

f

sch
2.0 log

136.0c

+−

=
ε

 
3.8.3 

Hydraulic diameter 
2211

q122
h baba

)Ab a( 2
D

+++
+

=  3.8.4 

Dissipation coeffi-
cient cd = (cf + 0.0015) (1.1 + 4b2

*)  3.8.5 

Friction and mixing 
losses 

2

2

av

h

sch
d2

2

RLa,
RLa, u

w
D

L
4c

u

Z
g2 =≡ζ  3.8.6 

Relative velocity vec-
tor 

2
1u1

2
1m1m )c(ucw −+=  3.8.7 

Velocity in impeller 
throat q1Laq

La
1q A z f

Qw =  3.8.8 

Shock loss at impeller 
inlet 

2

2

q1m1
2

2

C,La
C,La u

ww
 3.0

u

Z
g2

−
=≡ζ    only for:  65.0

w
w

1m

1q >  3.8.9 

Impeller loss ζLa = ζLa,R + ζLa,C 3.8.10 

Alternative calculation with wetted surface and cf instead of cd 

Wetted surface in ra-
dial impellers 

per impeller side 
( ) )bb(Lzdddd

4
A 21schLa

2
n

2
1

2
i2

2
a2ben ++−−+π=  3.8.11 

Average relative ve-
locity 

)ww(5.0w 21 +=  3.8.12 

Dissipated power 

per impeller side R,Laben
3

fd ZQgAwc
 2 

P ρ=ρ=  3.8.13 

Friction losses 
3

22q2

benf
2

2

RLa,
RLa, u

w
Af

Ac
u

Z
g2

ϕ
=≡ζ  3.8.14 
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Table 3.8 (2) Hydraulic losses in diffuser or volute  Eq. 

Hydraulic efficiency
EALeLaEALeLathsch

h ZZZH
H

H
H

Y
Y

ζ+ζ+ζ+ψ
ψ=

+++
===η  3.8.1 

Velocity vec-
tor at impeller 
outlet 

1u1m
2h

2u c d
u 

gHc ∗+
η

=  
22

La
m2 bd

Qc
π

=  2
m2

2
u22 ccc +=  3.8.15 

Flow velocity 
in throat 33Le

E
q3 b a z

QQc +=  3.8.16 

Diffuser 
cp from Fig. 
1.18 or 1.19 33

44
R b a

b aA =  
33

43
1

43
ba

L
R

L π= −
− = −

1

43
Rp R

L,A fc  3.8.17 

Friction losses 
in inlet region ( ) ( )

( )
3

q3

2
3*

3
*
3Le

2*
22

3
*
3

*
3f2

2

3-2
3-2 c

c1
baz8

bba)0015.0c(
u

 Z2g
+ϕπ++=≡ζ 3.8.18 

Diffuser loss 
including  
overflow chan-
nel 

ζ−
−−+−+ζ=≡ζ ν

− 2
R

o
P

2

3q

2
2

2

3q
322

2

Le
Le

A
1c11

c
c3.0

u
c

u

 Z2g
3.8.19 

D
iff

us
er

 

Overflow 
channel (alo-
ne) 

2
2

2
4

u
c

ovR ζ=ζΔ  ζov = 0.2 to 1.5 3.8.20 

Friction loss  
ΔA= wetted 
surface 

( ) Ac 0015.0c
u Q
1

u Q 

P 2
u

gZ2 3
f2

2
2

2

d
2
2

Sp
Rp,S Δ+=

ρ
==ζ  3.8.21 

Diffuser/dis-
charge nozzle 
(cx = diffuser 
inlet velocity) 

−−ζ 2
R

P2
2

2
x

DSp,
A

1c1
u
c=  3.8.22 

V
ol

ut
e 

Losses of vo-
lute including 
discharge noz-
zle 

   = LSDSp,RSp,Sp ζ+ζ+ζζ                  ζLS from Eq. (T3.8.24) 3.8.22a 

Friction in va-
neless diffuser 
with constant 
width 

−
αα

ζ
4

2
2

2

u2

3
2

33

2f
RL r

r1
u
c

cos sin b
r c 2=  3.8.23 

V
an

el
es

s d
iff

us
er

 

Shock losses 
2

b
b

2
2

La,2SL 3
2= −τϕζ  3.8.24 

Add losses of vaneless space between impeller and diffuser or volute. 
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Table 3.9 Statistical efficiency data and efficiency scaling 
 Pump type nq QRef = 1 m3/s    Valid for Q ≥ 0.005 m3/s Eq. 

Q ≤ 1 m3/s  a = 1 
Exponent  

06.0

n
45

0.15

Q
Q

q
fRe a 0.1m =

Q > 1 m3/s a = 0.5 
 

Radial pumps 
single-stage ≤ 100 

0.05
Ref

2
q

m
Ref

opt Q
Q

23
n

log0.35 0.3
Q

Q
 0.0951 −−−=η  3.9.1 

Radial pumps 
multistage ≤ 60 

2
q

m
Ref

opt 25
n

log26.0 4.0
Q

Q
 0.1161 −−−=η  3.9.2 

Semi-axial and 
axial pumps ≥ 45 

5.2
q

m
Ref

opt 45
n

log 09.0
Q

Q
 0.0951 −−=η  3.9.3 

Pumps with 
double-entry 
impellers 

≤ 50 
0.05

Ref
2

q
m

Ref
opt Q

Q
17.7
n

log35.0 35.0
Q

Q
 0.0951 −−−=η  3.9.4 

O
ve

ra
ll 

ef
fic

ie
nc

y 

Theoretically achievable 
efficiency ( )opt

0.08
Ref

opterth, 1
Q

Q 0.35 η−+η=η  3.9.5 

Q ≤ 1 m3/s a = 1 
Exponent  

06.0

n
45

0.15

Q
Q

q
fRe a 0.08m =  

Q > 1 m3/s a = 0.5 
 

Radial pumps 
single-stage ≤ 100 

0.1
Ref

2
q

m
Ref

h,opt Q
Q

25
n

log26.0 2.0
Q

Q
 0.0551 −−−=η  3.9.6 

Semi-axial and 
axial pumps ≥ 45 

5.2
q

m
Ref

h,opt 45
n

log 09.0
Q

Q
 0.0551 −−=η  3.9.7 

H
yd

ra
ul

ic
 e

ff
ic

ie
nc

y 

Radial pumps 
multistage ≤ 60 

0.05
Ref

2
q

m
Ref

h,opt Q
Q

23
n

log0.3 0.23
Q

Q
 0.0651 −−−=η  3.9.8 

Loss due to balance 
holes   0.018

1.6

n
25

EL q
=ηΔ      nq < 40 nq > 40:  ΔηEL = 0.01 3.9.9 

Uncertainty of  ( )optTol 10.2 η−+=ηΔ  3.9.10 

Scaling of hy-
draulic effi-
ciency 

1

M,f

a,fM,R
M,h

M,h

a,h
c
c

11
−

−
ψ

ζ
η−=

η
η

 

83.0

q

M,R
n
12b=

ψ
ζ

b = 0.06 to 0.1 

3.9.11 

Scaling of stage 
efficiency 

+−+=
η−
η−

M,RR

a,RR

M,f

a,f

M,St

a,St
k
k

c
c

2
V1V

1
1

 
200
n q4.03.0V +=  3.9.12 

mvm

Esptot
hR PP

)QQQ(H g 
ηη
η=

−
++ρ

=η  

E
ff

ic
ie

nc
y 

sc
al

in
g 

Efficiency scal-
ing according 
to [N.5]:  

( )( )η=ηΔ
2.0

a

M
hR.M Re

Re-1 -1 0.6  to0.4

To be calculated for 
model (M) and proto-
type (a).  

ηa = ηhR,a+Δη. 

ηhR includes hydraulic 
and disk friction losses 

3.9.13 
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Table 3.10 (1) Influence of roughness and Reynolds number on efficiency 
Quantities given for “model”, 
baseline or water 

nM, Qopt,M, Hopt,M, d2,M, ηM, νM, roughness εM of 
the different components 

Quantities given for “prototype” 
or viscous fluid 

na, Qopt,a, d2,a, νa, roughness εa of the different com-
ponents 

Eq. 

Specific speed ( ) 9.52
n 

 H g

f/Q q
0.75

opt

qopt
s =ω=ω  ωs is dimensionless; 

nq is with rpm, m3/s, m 3.10.1 

Reynolds number  
ν

ω=
ν

=
2
222 r  r uRe  Re is used for hydraulic chan-

nels and disk friction 3.10.2 

Estimated leakage 
flow, if no details 
of labyrinths are 
available 

1.6
s

3

1.6
qopt

sp  1016.7
n

 4.1
Q
Q

ω
×==

−
 Can be used for Qsp and QE as 

first approximation 3.10.3 

Volumetric effi-
ciency 

stst

st3s
s3Esp

vol

zH
)1z(HQQQQ

Q
−Δ+++

=η  ΔHs3/Hst = 0.4 
is a good estima-
tion 

3.10.4 

Equivalent (sand) 
roughness 
ceq = 2.6 eq

CLA

eq

max
c

6
c

 ε=ε=ε    with   εmax = 6 εCLA 
Used in 
Eqs. (3.10.7 and 
3.10.16) 

3.10.5 

Average roughness 
for hydraulic chan-
nels 

LeLah,av a)a1( ε+ε−=ε εε  aε = 0.98 – 0.0012 nq qf   3.10.6 

Roughness effect 
on disk friction, 
right term for tur-
bulent flow only 

15.2

2

smooth,f

rough,f
R

Re
5.12

r
2.0log

Re
5.12log

c
c

f
+ε

==

Calculated with 
equivalent sand 
roughness  
εimpeller  and  
εcasing 

3.10.7 

Rotation of fluid 
with zero leakage 
(Qsp = 0) 

impeller,R

gsinca,R

2

ax

2

w
2

2

w

u
o

f
f

r
t5

r
r

r
r1

1
r 

ck

++

=
ω

=  Open side-
wall gaps: 
rw = r2  
tax = 0 

3.10.8 

Disk friction coef-
ficient ( ) thermRSLimpR,

75.1
o2.0

ax

2
RR f f f f k1

Re
0625.0

s Re 2
r k −+π=  3.10.9 

Effect of pump-out 
vanes fRS = 0.63 + 0.6 dRS/d2 

dRS = o.d. of pump-out vanes; 
if no pump-out vanes: fRS = 1.0 3.10.10 

Thermal effect on 
disk friction (em-
pirical) ν

ν×−= −
34.1

Ref

5
therm 102expf   

νRef = 10-6 m2/s  
according to [13.31] 
see Chap.  13.1 

3.10.11 

* radially inwards: 
ϕsp positive; a = 1.0 Influence of leak-

age, valid for: 
rsp/r2 > 0.3 

−ϕ−= 1
r
r 350expf

a

sp

2
spL  

* radially outwards:  
ϕsp negative; a = 0.75 

3.10.12 
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Table 3.10 (2) Influence of roughness and Reynolds number on effi-
ciency Eq. 

Disk friction 
fgeo ≈ 1.22 for typi-
cal radial impellers q

2.5
opt

2
q

geoMRR,

q
2.5

opt
2
s

geoMRR,

Mu

RR
f  n

fk31680

f  

fk28
P

P
ψ

=
ψω

=  3.10.13 

Mechanical losses 
3.0

Ref
4.0

Ref

u

m
n

n
Q

Q 0045.0
P
P

η
=  QRef = 1 m3/s  

nRef = 1500 rpm 
3.10.14 

Hydraulic effi-
ciency of model or 
baseline +η−η

η=η

u

m

Mu

RR
vol

Mh,

P
P

P
P1

 Calculated from meas-
ured overall efficiency 
and loss analysis for 
model and prototype 

3.10.15 

15.2

Re
5.12

r

f

2
2.0 log

136.0c
+−

=
ε

 
Friction coefficient 
of hydraulic chan-
nels for turbulent 
flow  with 
Re > Recrit 7.14

6
crit

Tu101
103Re

+
×=  

cf is calculated with 
εav from Eq. (3.10.6)  
Tu = turbulence le-
vel;  
valid for Tu < 0.1  

3.10.16 

Friction coefficient 
of hydraulic chan-
nels for laminar 
flow 

Re
328.1

Re/016.0Re8
2

Re
65.2c 875.0lam,f +

+
−= 0.01<Re<Recrit  3.10.17 

Fraction of losses 
dependent on 
roughness and 
Reynolds number 

)fnba(11
qq11

M,hopt

M,R −−
η

=
ψ
ζ

 a1 = 0.635 
b1 = 0.0016 

3.10.18 

Correction factor 
for hydraulic effi-
ciency  

−
ψ
ζ

−=η 1
c
c

1f
M,f

a,f

opt

M,R
opt,h  

cf,a and cf,M 
from 
Eq. (3.10.16) 

3.10.19 

Correction factor 
for efficiency at: 
fηvol = 1.0  
fηm = 1.0;  
ρa = ρM  
fQ = fH = fηh h

M,hM,vol

Mu

m

M,RR

a,RR

Mu

RR

M,hM,vol
Mu

m

Mu

RR
h

M

a

fP
P

k
k

P
P1

P
P

P
P1f

f

η

η

η
ηη

++

ηη++

=
η
η≡  3.10.20 

Efficiency Qopt ηa = fη ηM                                  fη from Eq. (3.10.20) 3.10.21 
Hydraulic effi-
ciency 

ηha = fηh ηhM          fηh from Eq. (3.10.19) 
fQ = fH = fηh for highly viscous fluids (Chap.  13.1) 

3.10.22 

The above efficiency scaling procedure is to be followed for the best efficiency point. The factor fη is 
then applied to the entire curve: ηa(Qa) = fη ηM(QM). 
fgeo represents the ratio of the total disk friction losses of an impeller (on all rotating surfaces) to 
those of the flat sides of front and rear shroud 

 
 



4 Performance characteristics 

Following the changing operational requirements, practically all pumps temporar-
ily operate away from the design point which is defined by q* ≡ Q/Qopt = 1. Over-
load corresponds to q* > 1, while operation at q* < 1 is called “partload”. The 
pump characteristics describe the behavior of head, power consumption and effi-
ciency as functions of the flow rate (the behavior of NPSH = f(Q) is discussed in 
Chap. 6). The shape of these performance curves over the range from shut-off (or 
zero flow Q = 0) to the maximum possible flow rate is important for the opera-
tional behavior of the pump in the plant – for instance when operating in parallel 
or during start-up (see Chap.11). The majority of applications require a Q-H-curve 
steadily falling with increasing flow rate, i.e. ∂H/∂Q < 0. This is termed a “stable 
characteristic”. In contrast, if the Q-H-curve has a range with ∂H/∂Q > 0, the char-
acteristic is said to be “unstable”. Unstable or flat Q-H-curves can cause problems 
in parallel operation or with a flat system characteristic, see Chap. 11. 

The characteristics are measured on the test stand by throttling the discharge 
valve in order to obtain different flow rates corresponding to the valve openings. 
At a given speed, unique values of head and power are established at every spe-
cific flow rate. The resulting curve H = f (Q) is called “head-capacity curve” or 
“Q-H-curve”. 

As a rule, the impeller and collector are designed so that neither flow separa-
tion nor recirculation occurs at the best efficiency point (except special designs 
such as some sewage or dredge pumps). However, at low partload – typically at 
q* < 0.4 to 0.75 and especially at Q = 0 – recirculations occur at the impeller inlet 
and outlet. They largely determine the shape of the partload characteristics. These 
relationships and the measures for influencing the shape of the performance 
curves are extensively discussed in Chap. 5. 

4.1 Head-capacity characteristic and power consumption 

4.1.1 Theoretical head curve (without losses) 

As discussed in Chap. 3, the specific blade work (or Hth) is obtained from the dif-
ference of the angular momentums at impeller inlet and outlet, Eq. (T3.3.1). The 
circumferential component c2u of the absolute velocity required for this calculation 
is obtained from the outlet triangle shown for various flow rates in dimensionless 
representation in Fig. 4.1 (see also Table 3.2). The circumferential component of 
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the absolute velocity c2u drops with increasing c2m or increasing flow rate at a 
given blade outlet angle and given slip factor. Suppose vector 2 in Fig. 4.1 corre-
sponds to the design point, vector 1 to partload and vector 3 to overload. At vector 
4 no angular momentum is transmitted to the absolute flow since c2u = 0. Finally, 
at vector 5 c2u is negative and the pump works as a brake or a reverse running tur-
bine (Chap. 12). If there is no pre-rotation (that is α1 = 90°), the relation 
ψth = 2×c2u/u2 applies. In this most frequent case, the dimensionless velocity trian-
gle according to Fig. 4.1 represents the relationship ψth = f(ϕ) or, in other words, 
the dimensionless theoretical head characteristic. According to Eq. (T3.3.10) 
ψth = f(ϕ) can be expressed by the following equation: 

11

B2
*
1m2

21
B2

La,2
1th tanA

tand AK      with 
tan

K2
α

β+τ≡
β

ϕ
−γ=ψ  (4.1) 

The theoretical characteristic can also be formulated by using the flow angle β2 in-
stead of the blade angle β2B. To this end, the expressions c2u = u2 - w2u and 
w2u/u2 = ϕ2,La×τ2×cotβ2 are substituted in Eq. (T3.3.9) (from the outlet triangle). 
We obtain thus for α1 = 90°: 

2La,2
B22

2

La.2
2th

1cotcot  and      
tan

-1 2
τϕ
γ−+β=β

β
ϕτ=ψ      (4.2) 

Because of the complex flow conditions in the impeller (Chaps. 5 and 3.3) both 
the flow angles and the slip factor generally depend on the flow rate. However as 
a first approximation, the slip factor γ can be assumed as independent of the flow 
rate in the range without partload recirculation. In this case, the theoretical charac-
teristic according to Eq. (4.1) is obtained as a linear function of the flow rate 
(see Fig. 8.11 for a CFD calculation and test data). Experience shows that the out-
flow angle β2 in the vicinity of the design point is almost constant so that Eq. (4.2) 
represents a virtually linear theoretical characteristic (as in Fig. 4.1). 

The constant in Eq. (4.1) reduces to K1 = τ2 (and is then close to 1.0) if there is 
no pre-swirl, i.e. at α1 = 90°. If the fluid approaches the impeller with α1 ≠ 90°, 
the inlet triangle must be considered too, Eq. (T3.1.3). 

The theoretical head reaches the value ψth,o = 2×γ at QLa = 0, but the slip factor 
cannot be predicted when recirculations are present. At Q = 0 the slip factor γo is 
expected between the value at BEP and 1.0, that is γopt < γo < 1.0. 
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Fig. 4.1. Dimensionless impeller outlet velocity triangle for varying flow, 2 or q* ~ 2 
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At QLa = 0 we therefore find 2γ < ψth,o < 2.0. The actual value ψth,o can scarcely be 
predicted since the effects of recirculation are difficult to quantify. Equation (4.1) 
further shows that ψth becomes zero at a flow coefficient 2,max: 

2B
1

max,2  tan
K

βγ=ϕ  (4.3) 

However, a pump cannot operate up to this flow rate since in most plants it would 
run into full cavitation at much smaller flows (Chap.6). This statement primarily 
applies to pumps with low or medium specific speeds. Axial pumps can often op-
erate up to the flow where H = 0 (any impeller pumping a gas could do so as 
well). 

Figure 4.2a shows the theoretical characteristic in the form ψth = f(ϕLa) for the 
three cases β2B < 90°, β2B = 90° and β2B > 90°. The broken straight lines stand for 
γ = 1, i.e. blade-congruent flow. The solid lines take into account the slip factor γ 
which frequently is in a range from 0.7 to 0.8. The curves with constant slip run 
parallel with the straight line for γ = 1 if no recirculation occurs. Most pumps have 
backward-swept blades with outlet angles in the range β2B = 15° to 45° (predomi-
nantly 20 to 35°). An intersection with the abscissa is obtained according to ϕ2max 
as per Eq. (4.3). The smaller the impeller blade outlet angle, the steeper is the 
characteristic and the lower ϕ2max.  

Impellers with straight radial blades (β1B = β2B = 90°) are sometimes selected 
for small pumps with low specific speeds (chap. 7.3.3). In this case the theoretical 
characteristic ψth = f(ϕ) runs parallel with the abscissa. Blades with β2B > 90° are 
not used in pumps since the characteristic would be inherently unstable. Excep-
tions to this are side channel and peripheral pumps, Chap. 2.3.4. 

 a) β 2B >  90 °

ψ th  =  2 .0  

b) 

β 2B =  90 °

ϕ 2,La  

0  

ψ th  =  2 γ  

γ  =  1

γ  =  1

γ  <  1

γ  =  1

γ  <  1  β 2B <  90 °

β 2B =  90 ° 

ψ th  

λ th  

ϕ 2,La  

γ  =  1

γ  <  1  

1

B2
K2

tan βγ

1

B2
K

tan βγ

1

B2
K

tan β

β 2B <  90 °

 

Fig. 4.2. Theoretical head and power characteristics (without losses or partload recircula-
tion); a) pressure coefficient; b) power coefficient 



148      4 Performance characteristics 

The theoretical power consumption is obtained from Pth = ρ×g×Hth×QLa or with 
Eq. (4.1) as a dimensionless expression according to Eq. (T3.4.9) as follows: 

β
ϕ

−ϕγ=ψϕ=λ
2B

2
La,2

1La,2th La2,th  tan
K2   (4.4) 

With backward-swept blades (β2B < 90°) the theoretical power curve λth = f(ϕ2,La) 
therefore has the shape of a parabola with zero points at ϕ2,La = 0 and ϕ2,La = ϕ2,max 
corresponding to Eq. (4.3), Fig. 4.2b. Differentiating Eq. (4.4) the maximum of 
the power consumption is obtained at ϕ2,La = 0.5×ϕ2,max as follows: 

1

2B
2

max,th K 2
 tan βγ=λ  (4.5) 

Equation (4.4) shows that the theoretical power increases as a linear function of 
the flow at β2B = 90° (and with the square of the flow at β2B > 90°). 

4.1.2 Real characteristics with losses 

According to Chap. 3, Eq. (T3.3.7), the real characteristic is obtained by deduct-
ing the hydraulic losses caused by friction and vortex dissipation from the theo-
retical head. It is frequently postulated that the friction losses grow quadratically 
with the flow rate and that the losses at the best efficiency point caused by an in-
correct approach flow (“shock losses”) are zero. The friction losses at q* = 1 
would then amount to Zr,opt = Hth,opt - Hopt = (1-ηh,opt) Hth,opt. They increase with the 
square of the flow rate according to Zr = (1-ηh,opt) Hth,opt q*2. 

It is thus assumed that the velocities in the pump increase proportionally with 
the flow rate. However, this hypothesis is fulfilled only conditionally: (1) With the 
usual approach flow angles of below 20° the relative velocity at the impeller inlet 
is independent of the flow rate within a few percent. (2) The vector of the relative 
velocity at the impeller outlet increases less than proportionally with the flow rate. 
This is shown by Eqs. (T3.2.7 and 3.2.11) according to which the expression 
w2* ≈ w2u* = 1 - γ + ϕ2,La×τ2×cotβ2B applies. The measurements evaluated in 
Fig. 5.15 confirm this statement taking into account that w2u = u2 - c2u. (3) The 
mean relative velocity in the impeller wav = ½(w1 + w2) changes little with the 
flow rate. (4) The absolute velocity at the collector inlet drops with increasing 
flow while the velocity in the diffuser downstream of the throat area is propor-
tional to the flow rate. The losses in the inlet casing, in the return channels and in 
the outlet casing of multistage pumps also increase with the square of the flow 
rate. 

The losses due to incorrect approach flow are normally low at the design point. 
They increase at off-design conditions with (q* - 1)x, where x = 2 is usually as-
sumed. These losses were usually described in the literature as “shock losses” be-
cause the incorrect approach flow to the impeller blades and diffuser vanes was 
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considered to be the cause. As is shown in Chap. 5, the losses due to vortex dissi-
pation (which include the actual shock losses) are predominantly caused by non-
uniform flow distributions in the impeller and collector channels. This is particu-
larly true for pumps with high specific speeds. At nq < 40, mainly the pressure re-
covery in the diffuser is impaired by non-uniform approach flows resulting in cor-
responding losses. Even at the best efficiency point, the flow distribution is far 
from uniform so that Zopt = Hth,opt - Hopt in fact already includes friction and vortex 
dissipation losses. The latter are even dominant at high specific speeds (above 
nq = 50 to 60) because the flow channels in the impeller and collector are short 
compared to their hydraulic diameter (L/Dh is small) so that the proportion of fric-
tion losses is low. 

At the onset of partload recirculation at the impeller inlet and/or outlet, the vor-
tex dissipation losses increase substantially due to exchange of momentum be-
tween the recirculating fluid and the net through-flow. As yet these recirculation 
phenomena have not been treated either theoretically or numerically in a general 
form; empirical coefficients can be used at best. Therefore, a theoretical calcula-
tion of these losses – and consequently of the real characteristic – does not yield 
satisfactory results. Empirical methods have been proposed but not found general 
acceptance. Figure 4.3 is a qualitative illustration of the real characteristic H(Q) as 
obtained from the theoretical characteristic Hth(Q) by deducting all friction and 
vortex dissipation losses. 

With q* >> 1 the hydraulic losses due to flow separation and high velocities 
increase “exponentially” in the throat areas of the impeller and collector. This is 
why the flow rate at zero head H = 0 shifts to values far below those calculated 
from Eq. (4.3). This applies particularly to pumps with low specific speeds where 
the flow frequently cavitates just a little above the best efficiency point in the 
throat area of the collector. At high specific speeds the overload range is also lim-
ited since low head coefficients and high flow coefficients have to be selected. 
Therefore, the range between ϕ2,opt and ϕ2,max inevitably becomes narrower than 
calculated from Eq. (4.1). 

The real power consumption of the pump is obtained from the theoretical 
power Pth = ρ×g×Hth×QLa plus the secondary losses discussed in Chap. 3.6 
(Fig. 4.3). While the leakage losses are included in QLa, the other secondary losses 
– PRR, Pm, Ps3 and Per according to Eq. (T3.5.1) – can be assumed to be approxi-
mately independent of the flow rate. The difference between the curves P and Pth 
therefore consists of the secondary losses and the recirculation power PRec after 
the onset of recirculation. 

In some pump applications it is advantageous for the point of maximum power 
consumption to be located at the best efficiency point, i.e. at q* = 1. The pump is 
specified to have a “non-overloading” characteristic. Since the power maximum 
according to Eq. (4.3) is at ϕ(Pmax) = ½×ϕ2,max, the angle β2B required to achieve a 
non-overloading characteristic can be derived from the equation: 

opt
1

B2  K2 arctan ϕ
γ

=β  (4.6) 
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Fig. 4.3. Influence of losses and recirculation on pump characteristics 

As Equation (4.6) shows, the blade angle to be executed depends on the selected 
flow coefficient, hence also on the impeller outlet width, the blade number and the 
slip factor. Equation (4.6) must therefore be solved iteratively. To obtain a non-
overloading power curve, high flow coefficients and small values for blade num-
ber, outlet width and angle must be selected. As a consequence a steep Q-H-curve 
is obtained. This is borne out by Eqs. (4.1 and 4.6) which yield ψth = γ. Quite un-
favorable conditions are therefore obtained at low and medium specific speeds in 
that the pump size gets large and the efficiency is low. Therefore non-overloading 
characteristics at low specific speeds are demanded only in special cases, when 
the driver power at high flow must be limited. 
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4.1.3 Component characteristics 

By measuring the static pressure H2 at the impeller outlet, the losses in the impel-
ler and collector can be determined approximately. In this way the behavior of the 
losses as a function of the flow rate can be assessed. The losses in the volute and 
in the downstream diffuser can be determined through additional measurement of 
the static pressure H3 in the volute throat area.  

In the case of multistage pumps the static pressures are measured in the diffuser 
throat area at H3, at the diffuser outlet H4 and in the return channel H6 if applica-
ble (see Fig. 4.4 and sketches in Table 0.2) to determine the pressure recovery in 
the collector and the individual losses. The static pressure rise Hp in the impeller, 
the pressure recovery (H3 - H2) in the triangular section at the diffuser inlet and in 
the entire diffuser (H6 - H2) can be obtained from these measurements. Such in-
vestigations show the contribution of the individual pump components to the pres-
sure generation (hence to the characteristic’s stability, see Chap.5) and to the hy-
draulic losses.1 

 

H2 d2 

H3

H4

  Triangular section 
  Diffusing channel 

  Throat 

 

Fig. 4.4. Pressure tappings H2 to H4, triangular section at diffuser inlet, throat area at H3 

The analysis of this type of pressure measurements within a pump is performed 
in the following steps: 

1. The hydraulic efficiency ηh is obtained from Eq. (T3.5.8) for which the secon-
dary losses according to Tables 3.5 to 3.7 have to be determined. The calculation 
according to Eq. (T3.5.8) is only true in regions where recirculations are absent 
since these cannot be taken into account in the balance of angular momentums 
without knowing the recirculating flow rates and their velocities (otherwise unre-
alistically high values would be obtained for c2u in the working range with recir-
culation). At low partload it is therefore better to assume a (constant) slip factor 
γ < 1. 
2. Equation (T3.2.8) allows to calculate c2u for a given ηh. All components of the 
inlet and outlet triangles can be determined from Tables 3.1 and 3.2. 
                                                           
1 However, the accuracy of the measurements is often limited since the pressure distribu-

tion over the impeller circumference varies at partload. While this variation is low in dif-
fusers, it is high in volute casings where several pressure tappings are required to obtain 
useful results. In addition the impeller and diffuser losses are obtained as a small differ-
ence between two large numbers and are therefore afflicted with high relative errors. 
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3. The impeller losses are obtained as the difference of Hp,th and the measured in-
crease of the static pressure Hp = H2 - H1 according to Eq. (T3.3.8) from: 

( ) p
2
2

2
1

2
1

2
2La Hwwuu

g2
1Z −−+−=  (4.7) 

4. The diffuser losses are obtained by applying Bernoulli’s Equation (1.7) be-
tween impeller and diffuser outlet: 

( ) ( )26
2
6

2
2Le HHcc

g2
1Z −−−=  (4.8) 

where H6 - H2 is the static pressure increase measured in the diffuser. 
Three examples shall serve to explain the results of internal pressure measure-

ments in the following. Figure 4.5 shows tests on diffuser pumps with specific 
speeds of nq = 22 and 33. Here, all pressure heads (rendered dimensionless by 
u2

2/2g) are plotted against q*. The degree of reaction at the best efficiency point is 
near RG = 0.75. While the head coefficient flattens towards Q = 0, the static head 
Hp created by the impeller increases significantly below q* = 0.3 for both pumps. 
As explained in Chap. 5, this is due to recirculation at the impeller inlet. In the tri-
angular section at the diffuser inlet a major pressure increase ψ2-3 is recorded at 
q* < 1. With nq = 33 it amounts to more than 10% of the shut-off head and with 
nq = 22 it even reaches 17%. Fully developed recirculation at the impeller outlet 
thus produces an increase in pressure in the diffuser which develops in the trian-
gular section at the inlet. The pressure recovery in the actual diffuser (H4 - H3) 
only becomes effective at q* > 1; it increases subsequently with the square of the 
flow rate. The diffuser losses ζLe increase markedly towards Q = 0. In contrast, the 
impeller losses ζLa at q* < 1 depend very little on the flow rate; no increase to-
wards Q = 0 is observed as proposed by the classical shock-loss concept. This is 
because the recirculating fluid induces a strong pre-rotation.  

Figure 4.6a shows measurements on an impeller nq = 33 which was initially 
combined with a diffuser and subsequently with a double volute. Note that the vo-
lute has a significantly weaker interaction with the impeller flow than the diffuser. 
This is demonstrated by the lower power consumption and lower static impeller 
head p at partload. It is also important to realize that flow separation in the volute 
occurs similarly to that in the diffuser, as demonstrated by the curves 2-3 and 2-6 
(the throat area of the volute was approximately 10% smaller than in the diffuser) 
and that a pressure increase also takes place in the volute even at shut-off. Again, 
the losses in the volute increase towards Q = 0 while no major shock losses can be 
detected at the impeller inlet. The pressure recovery in the actual diffuser 3-4 fol-
lowing the throat area is very small at low flow. It increases approximately with 
the square of the flow rate as in a diffuser in a pipeline. These findings are also 
confirmed by the measurements reported in [5.34]. 

In a volute casing with only one or two cutwaters at a considerable distance 
from the impeller outlet, losses caused by an incorrect approach flow are expected 
to be considerably lower than in a diffuser, where 8 to 12 vanes are arranged at a 
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Fig. 4.5. Component characteristics of diffuser pumps with nq = 22 and 33 [5.2] 

short distance from the impeller blades. Despite of this, the losses in both collec-
tors are quite similar (Fig. 4.6a). This analysis demonstrates that flow separations 
due to major deceleration (from c2 to c3q) in the triangular section of the diffuser 
or in the volute are far more responsible for the losses in the collector than shock 
losses caused by an incorrect approach flow (i.e. high incidence). 

Figure 4.6b shows measurements on an impeller nq = 33 combined with a 
smooth vaneless diffuser (broken curves) and a vaned diffuser (solid lines). The 
interaction of the vaneless diffuser with the impeller and the pressure increase in 
the vaneless diffuser at Q = 0 are considerably less than with a vaned diffuser or a 
volute. Consequently, the overall characteristic and the power consumption differ 
significantly in both tests. 

The tests in Fig. 4.5, 4.6a and 4.6b in essence apply qualitatively to all cen-
trifugal pumps. Additional examples can be found in Figs. 5.30, 5.31 and 5.34 as 
well as in [B.20] and [5.19]. Quite similar component characteristics were found 
in measurements on radial compressors, [5.33]. The evaluation of a large number 
of component characteristics shows: 

• The recirculation from the collector has an effect on the static pressure increase 
in the impeller. 



154      4 Performance characteristics 

 
1.1

1

0.9

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.2 0 0.4 0.6 0.8 1 1.2 
q*

1.2

0

0.25 

0.2 

0.15 

0.1 

0.05 

0 

λ

0.1

0.2

0.3

0

0.1

0.2

0.3

0.4

0

-0.1

0.5

-0.1

Vaned diffuser 
Volute 

ψ

ζLe 

ψ2-3 

ψp

λ 

ψ2-6 

ψ3-4 

ζLa

a 

ψ 

ψ 

ζ 

 

Vaned diffuser 
Vaneless diffuser

1.4

1.3

1.2

0.14 

0.12 

0.1 
λ

0.08 

0.06 

0.04 

0.02 0.4

0.5

0.6

0.7

0.8

0.9

1

1.1ψ

1.1
1

0.9

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.2 0 0.4 0.6 0.8 1 1.2 q* -0.1

0

ψ

Outlet 

Inlet recirculation

Inlet recirculation

λ

ψp

ψ2-

q*=0 

q*=0.2

q*=0.5 

q*=1.0 

c2m 

c2m 

c2m 

c2m 

b

 
Fig. 4.6. Influence of collector on component characteristics with identical impeller, 
nq = 33: a: Comparison between volute and diffuser, [5.2]; b: Comparison between vane-
less and vaned diffuser, B.20] 

• The overall Q-H-characteristic becomes flat in the flow range where the curve 
of the pressure increase ψ2-3 in the triangular section upstream of the diffuser 
throat or in the volute flattens. 

•  “Shock losses” resulting from incorrect approach flow (incidence) at partload 
are difficult to verify on impellers since the flow largely adapts to the blades 
due to the pre-rotation induced by recirculation. 

• Components with ∂H/∂Q < 0 are generally stabilizing. This applies to the static 
pressure increase in the impeller and the triangular section of the diffuser as 
long as the flow does not stall. Conversely, components with ∂H/∂Q > 0 have a 
destabilizing effect on the overall characteristic. This always includes the dif-
fusing channel ψ3-4 following the throat area of the collector. 

Figure 4.7 shows the losses determined from internal pressure measurements and 
plotted against the flow rate q* for pumps with nq = 16, 33 and 155. The character 
of the curves is similar to those in Figs. 4.5 and 4.6. These evaluations reveal the 
following features which are typical for a large number of similar measurements: 

• The impeller loss at the best efficiency point increases with the specific speed. 
The primary reason for this is that vortex dissipation losses and secondary 
flows grow with increasing blade height due to uneven velocity and pressure 
distributions. 
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• The losses in the collector at BEP drop with rising specific speed because c2/u2 
decreases and less energy is converted with increasing nq. 

• The losses in the collector Le = f(q*) increase approximately in the form of a 
parabola from a minimum near BEP at partload and at overload. This observa-
tion would bear out the idea of “shock losses”. However, the losses involved 
are far less caused by an incorrect incidence to the diffuser vanes or the volute 
cutwater; they rather result from the cross sections in the collector not matching 
the velocity vector at the impeller outlet: c3q = Q/(zLe×a3×b3) << c2. This means 
a sudden flow deceleration. It simultaneously causes both a significant pressure 
increase H3-H2 in the triangular section at the diffuser inlet and major vortex 
dissipation losses as soon as the optimum deceleration in the triangular section 
is exceeded (refer to Figs. 4.5 and 4.6 q* = 0.4 to 1). The optimum for this de-
celeration is estimated to be around c3q/c2 = 0.8. The strong pressure increase 
immediately downstream of the diffuser vane leading edge contradicts the hy-
pothesis that shock losses due to incorrect approach flow to the vanes are sig-
nificant for the features observed. 

• The non-uniformity of the impeller outlet flow contributes significantly to these 
losses. 

• The diffuser losses reach their maximum value at Q = 0. A great portion of the 
high kinetic energy at the impeller outlet is dissipated through the exchange of 
momentum between backflow and through-flow. The exchange of momentum 
intensifies if structures prevent the fluid from rotating freely with the impeller. 
A smooth cylinder around the impeller would generate only minor friction 
losses, while an annular collector produces a greater exchange of momentum 
because of the larger fluid volume present. The power dissipated by recirculat-
ing fluid increases further when the impeller pumps into a volute; it reaches the 
maximum value in the combination with a vaned diffuser, since the diffuser 
vanes (which are located close to the impeller outlet) severely hamper the rota-
tion of the fluid. In this way they cause the greatest velocity gradients and the 
most intensive exchange of momentum. This largely determines the power con-
sumption at shut-off. 

• The impeller losses depend only to a minor degree on the flow rate throughout 
a wide range. They usually increase about linearly with the flow and tend to 
reach a minimum at Q = 0 (refer to [5.34] for instance). Weakly pronounced 
shock losses can be detected only at very high specific speeds (refer to nq = 155 
in Fig. 4.7). When recirculation starts at the impeller inlet the shock losses drop 
again with falling flow rate. Thus it appears that major shock losses do not oc-
cur since the effects of incidence and the deceleration from w1 to w1q are miti-
gated by the onset of recirculation. This is a kind of “self-healing effect” which 
may be explained by the principle of least resistance. 

Let us consider the differences between operation with positive and negative 
incidence with reference to Fig. 4.8. With positive incidence a local separation 
zone forms on the blade suction surface just downstream of the leading edge. The 
throat area between the blades, however, is too large because q* << 1 so that the  
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Fig. 4.7. Impeller and diffuser losses with various specific speeds, Sulzer Pumps 
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Fig. 4.8. Effect of local flow separation at impeller or diffuser inlet. a Positive incidence: 
deceleration downstream of stalled fluid (little influence on flow through throat area); 
b Negative incidence: stalled fluid blocks part of throat area, fluid is accelerated. 

flow has to be decelerated. This deceleration can take place downstream of the 
stalled fluid since sufficient length is available before the throat is reached. The 
stalled fluid acts almost like a change in blade profile to which the streamlines can 
often adapt quite well. Even when the stalled fluid blocks a part of the throat area, 
the flow is still decelerated. The situation is entirely different with negative inci-
dence. Then the separation zone immediately blocks part of the throat area which 
is anyway too small for flow rates above q* > 1. Consequently, the fluid is accel-
erated and the static pressure drops by virtue of the Bernoulli equation. Even if the 
flow downstream of the stalled fluid is reasonably well decelerated, the losses in 
the diffusing channel will grow at least with the square of the increase of the ef-
fective velocity c3q,eff caused by the blockage (compared with the nominal value 
c3q without cross sectional blocking). According to Chap. 1.6 the following equa-
tion qualitatively describes this situation: 
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These considerations apply to the impeller inlet as well as to diffusers or vo-
lutes. As will be discussed in Chap. 6 (and confirmed through measurements), the 
conditions are quite similar if the separation zone caused by the incorrect ap-
proach flow is not filled with stalled fluid but instead with vapor when cavitation 
occurs. 

In summary, it should be noted that the sudden deceleration of c2 to c3q in the 
collector has a significant effect on the losses at partload and consequently the 
shape of the characteristic. Except near the best efficiency point, the losses in the 
collector at partload are significantly higher than the impeller losses (ZLe >> ZLa). 
In contrast, the impeller losses have a rather small impact on the partload charac-
teristic (disregarding exceptional cases). However, the impeller shape has a sig-
nificant effect on the recirculation and the Q-H-curve, Chap. 5. 

4.1.4 Head and power at operation against closed discharge valve 

The “shut-off head” (operation at Q = 0) determines the design pressure of the 
discharge pipe and, consequently, constitutes an important parameter which fre-
quently has to be guaranteed by the pump manufacturer. The shut-off head can be 
estimated by means of the head coefficients ψo in Fig. 3.21. Diffuser pumps tend 
to have higher shut-off heads than machines with volute casings because the ex-
change of momentum (and consequently the energy transfer during operation at 
shut-off) between impeller and collector is enhanced by the diffuser vanes. By the 
same token pumps with vaneless diffusers or annular collectors tend to give lower 
shut-off heads, because in the absence of diffuser vanes the exchange of momen-
tum between rotor and collector is minimized. The shut-off head increases (with 
otherwise identical parameters) with growing impeller outlet width b2. For addi-
tional influence parameters see Chap. 5. 

As will be extensively discussed in Chap. 5, recirculations at impeller inlet and 
outlet occur at low partload. They reach their maximum intensity when the pump 
is operated against a closed discharge valve, i.e. at Q = 0. Typical velocity profiles 
at the impeller inlet are shown in Fig. 4.9. Qualitatively these profiles are largely 
independent of the specific speeds and the impeller parameters. Recirculation is 
recognized by the negative meridional velocities near the outer streamline. With 
growing backflow from the impeller, the circumferential velocity components 
measured upstream of the blade leading edge increase since an angular momen-
tum is transmitted by the blades to the recirculating fluid. The rotation of the re-
circulating fluid is partially dissipated in the suction chamber, further increasing 
the losses in the pump (turbulence losses, power dissipated by recirculating fluid).  

The flow rate of the recirculating fluid QRec and its angular momentum MRec 
can be obtained by integration over the recirculation zone: 

QRec = 2 π  c1m r dr (4.9) 

MRec = 2 π ρ  c1m c1u r2 dr (4.10) 
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The power dissipated by recirculation PRec = ω×MRec is evaluated as power coeffi-
cient λ1,Rec: 
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The flow rate of the recirculating fluid is defined by a flow coefficient: 
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The evaluation of various measurements on radial and axial impellers in the range 
20 < nq < 200 shows: 

• The recirculation power at the impeller inlet according to Eq. (4.11) increases 
linearly from the onset of recirculation with falling flow rate until the amount 
λ1,Rec,o = 0.21 ± 0.01 is reached at Q = 0. This value is practically independent 
of the impeller or the specific speed. Consequently Eq. (4.11) can be used with 
λ1,Rec,o to estimate the recirculation power at the impeller inlet.  
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Fig. 4.9. Velocity profile at the impeller inlet of an axial pump, nq = 213 [5.18] 

•  The flow coefficient ϕ1,Rec of the recirculating fluid according to Eq. (4.12) in-
creases about linearly from the onset of recirculation towards a maximum value 
at Q = 0. This value depends on the impeller geometry or the specific speed. In 
Fig. 4.9 it amounts to approximately ϕ1,Rec = 0.08 at Q = 0. The evaluated tests 
(nq = 20 to 220) were in the range of ϕ1,Rec = 0.05 to 0.1. 

The exchange of momentum at the impeller outlet, the secondary losses described 
in Chap. 3.6 and the recirculation power at the impeller inlet add up to the power 
consumption at shut-off. This is plotted as power coefficient λo in Fig. 4.10, 
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where λo is defined by Eq. (T3.4.9). With d2b = ½ (d2a + d2i) and b2 = ½ (d2a - d2i) 
this power coefficient can also be applied to axial impellers. The portion of the 
power dissipated by recirculating fluid in the total power consumption at Q = 0 
grows from approximately 50% at nq = 10 to over 95% at nq = 250. 

Diffuser pumps with nq > 20 tend to absorb more power at shut-off than pumps 
with volutes or annular casings because a high number of diffuser vanes are ar-
ranged at a short distance from the impeller blades. Fluid rotation in the collector 
is thus reduced and the exchange of momentum is intensified as discussed above. 
When trimming the impeller, the distance between impeller blades and diffuser 
vanes (or cutwaters) increases and λo drops accordingly. With unusually large im-
peller outlet widths (such as are selected for sewage or dredge pumps) λo drops as 
evidenced by the test data in Fig. 4.10. The shut-off power Po thus grows less than 
proportionally to the outlet width. 

The dimensionless static head at the impeller outlet at shut-off is derived from 
Eq. (T3.3.12): ψp,o = 1 - (w2/u2)2 - ζLa with w1

2 = u1
2 + c1

2 and c1 = 0. According to 
Chap. 5 and Fig. 5.15 w2/u2 is to be expected in the range of 0.3 to 0.5. Conse-
quently ψp,o = (0.75 to 0.91) - ζLa is anticipated. With deceleration to w2 = 0 (albe- 
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Fig. 4.10. Power consumption at operation against closed discharge valve 

it physically impossible) and flow without any losses, ψp,th,o = 1 would be ob-
tained as the upper limit. 

Values measured on diffuser pumps (nq < 35) are in the range of ψp,o = 0.8 to 1. 
They point to low impeller losses at Q = 0. The theoretical head coefficient at 
shut-off is obtained from Eq. (T3.3.10) with γ = 1: ψth,o,max = 2. The minimum hy-
draulic efficiency consequently becomes: ηh,o,min = ψo/ψth,o,max = ½ψo. If the slip 
factor γ is below 1, ηh,o is correspondingly higher. 
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The following values were measured for the pressure recovery in the diffuser at 
shut-off for nq < 35: (H3 - H2)/Ho = 0.08 to 0.29 and (H6 - H2)/Ho = 0.12 to 0.31 
[B.20]. This implies that an increase of the static pressure occurs due to the ex-
change of momentum at Q = 0, but almost exclusively in the triangular section up-
stream of the diffuser throat. 

4.1.5 Influence of pump size and speed 

The similarity laws for geometrically similar pumps derived in Chap. 3.4 apply to 
any flow rate (i.e. any incidence). If all velocity components are referred to the 
circumferential velocity u2, the inlet and outlet triangles are independent of speed 
and pump size (Fig. 4.1). Any flow coefficient ϕ is linked to a specific head coef-
ficient ψth. Since the Reynolds and roughness dependent friction losses make up 
only a small fraction of the hydraulic losses, the hydraulic efficiency (within a few 
percent) is independent of size and speed so that ψ = f(ϕ) constitutes a first ap-
proximation of a universal characteristic for geometrically similar pumps. With 
regard to the secondary losses greater deviations may result when converting to 
another speed or size, but these rarely reach 5%. Consequently, the similarity laws 
according to Table 3.4 can be used with sufficient accuracy to scale the character-
istics of a pump to any speed or impeller size. When doing so, a formula for the 
efficiency majoration is generally used in order to get the correct power (see Ta-
ble 3.9). However, for pumping applications involving media with a high viscos-
ity (such as heavy oil) or two-phase mixtures, corrections of the characteristics are 
necessary. These are discussed in Chap. 13. 

4.1.6 Influence of specific speed on the shape of the characteristics  

When calculating the ratio of the shut-off head coefficients to the best efficiency 
point in Fig. 3.21, it can be seen that ψo/ψopt = Ho/Hopt increases with growing spe-
cific speed, Fig 4.11. The reason for this is that the achievable head coefficient at 
the best efficiency point decreases more rapidly with the specific speed than the 
shut-off pressure which is largely determined by recirculations and exchange of 
momentum (Chap. 5) . 

The ratio Po/Popt of the power consumption at shut-off to the power at the de-
sign point increases from values around 0.5 at low specific speed to values above 
2 to 4 in axial pumps. The efficiency curves in Fig. 4.11 become peakier with in-
creasing specific speed since the losses caused by non-uniform velocity distribu-
tions over the blade and channel heights gain in significance. 
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Fig. 4.11. Influence of specific speed on the shape of the pump characteristics 

4.2 Best efficiency point 

According to Chap. 3.7 the fluid tends to retain its angular momentum (its 
“swirl”) ρ×Q×r2×c2u downstream of the impeller. Experience shows that the losses 
reach a minimum when the volute casing is designed so that the fluid at the design 
point flows according to the conservation of angular momentum cu×r = c2u×r2. This 
means that the volute cross sections, especially the end cross section or “throat”, 
have to be selected according to Eq. (3.15). If c2u from Eq. (T3.2.8) is substituted 
in Eq. (3.15), the collector characteristic is obtained as a linear relationship 
HLe = f(QLe) according to Table 4.1, Eq. (T4.1.1). The intersection of this straight 
line with the characteristic of the impeller according to Eq. (T3.3.7) or (T3.3.11) 
supplies the flow rate at which angular momentum conservation is satisfied in the 
volute throat area. Theoretically, the maximum efficiency should be expected at 
the resulting flow rate. Equation (T4.1.3) supplies this best efficiency point flow 
rate (in short the “best efficiency point” or BEP), Fig. 4.12. Equation (T4.1.3) can 
be derived from Eq. (3.15): Q = c2u×r2×Jsp with c2u from Eq. (T3.2.7) which yields 
Eq. (T4.1.3). 

The volute/diffuser characteristic cannot be measured. It has meaning only near 
the best efficiency point. The concept is very useful for evaluating the shift of the 
best efficiency point due to a change of the volute or the diffuser throat area. 
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Fig. 4.12. Location of the best efficiency point 

Table 4.1 Diffuser/volute characteristic and best efficiency point 
Dimensional representation Dimensionless representation Eq. 
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4.1.3 

According to Fig. 4.12, a reduction of the best efficiency point flow rate from QB 
to point C (with impeller 2) is achieved by a reduction of the volute throat area, 
which causes the volute characteristic to change from V1 to V2. Conversely, two 
different impellers (impellers 1 and 2 in Fig. 4.12) in a given casing would have 
their best efficiency points QA and QB on the same volute characteristic V1. If 
such calculations are performed for a given pump, it is recommended to substitute 
the actual slip factor calculated from the experiment according to Eq. (T3.2.9). 
Table 4.1 and Eq. (3.15) apply to both diffusers and volute casings. Diffusers and 
volutes with rectangular cross sections can be calculated using Eq. (4.13): 

=
33

3
3Lesp e 2+d

a 2
+1ln  b zJ  (4.13) 

Experience shows that the measured best efficiency point is near the theoretical 
value calculated from Eq. (T4.1.3). For a volute with a circular cross section of 
radius r3q at the throat the integral is:  
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According to the definition η = Pu/P = Pu/(Pu + ΣPv) = 1/(1 + ΣPv/Pu) the effi-
ciency reaches its maximum when the ratio of all losses to the useful power 
ΣPv/Pu becomes minimal. In view of the different types of losses (Chaps. 3.6 and 
3.7) and the interaction of the main flow with the flow in the impeller sidewall 
gaps (which influences disk friction and leakage losses) it is a “coincidence” 
rather than a strictly derivable physical law that the best efficiency point can be 
roughly described by the intersection of the diffuser and the impeller characteris-
tics. The finding that the diffuser characteristic describes the conditions quite well 
is also explained by the fact that the diffuser losses according to Fig. 4.7 have a 
distinct minimum near the BEP flow while the impeller losses exhibit an entirely 
different character (also refer to Figs. 4.5 to 4.7 in this regard). 

With increasing hydraulic losses the best efficiency point shifts towards smaller 
flow rates. This finding is not reflected by the concept of the diffuser characteris-
tic since the hydraulic efficiency does not enter in Eq. (T4.1.3). Equation (T4.1.3) 
merely supplies the flow rate where the angular momentum conservation is satis-
fied in the throat of the collector at a given circumferential velocity c2u (i.e. c2u at 
Hopt,th). Equation (T.4.1.3) does not imply any assumptions on hydraulic losses. 
With excessive hydraulic losses, such as occur when pumping highly viscous me-
dia, the calculation according to Table 4.1 is unable to predict the best efficiency 
point. Notwithstanding this, the best efficiency points are still approximately situ-
ated on the collector characteristic as shown in Chap.13.1.  

The position of the efficiency optimum depends on the following parameters: 

• With low specific speeds the BEP flow rate is largely determined by the collec-
tor throat since the losses in the volute or diffuser dominate in comparison to 
the impeller losses. 

• Above approximately nq > 75 the best efficiency point is increasingly influ-
enced by the flow rate at shockless impeller entry since the impeller losses then 
gain in significance. But the deceleration losses in the diffuser have also a 
strong impact at q* < 1 as demonstrated by Fig. 4.7. 

• Strictly speaking, the calculation applies only to the actual volute up to the 
throat since the hydraulic losses in the downstream diffuser/discharge nozzle 
are not taken into account. The greater these losses are, the more the actual best 
efficiency point shifts to the left of the theoretical value from Table 4.1. The 
same applies to diffusers: the calculation is valid only up to the diffuser throat. 
Hence: if the volute or diffuser is followed by components causing major 
losses, a slightly over-dimensioned throat area is recommended so that the ki-
netic energy at the diffuser inlet and the associated losses are reduced. 

• Because of the short distance between the impeller outlet and the diffuser 
throat, the flow is scarcely able to develop according to the angular momentum 
conservation. Greater deviations between theory and experiment must therefore 
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be expected when calculating diffusers rather than volutes. The losses in the re-
turn channels contribute to this. It should be remembered in this context that 
the conservation of angular momentum describes a flow without external 
forces. Such are however exerted by the presence of vanes and, in general, by 
any structures causing friction and flow deflection. 

• A local expansion of the cross section near the volute throat has only a small 
effect on the position of the best efficiency point if the remainder of the volute 
is too narrow. Similarly it is not possible to shift the best efficiency point to-
wards a smaller flow rate using a local constriction without adapting the re-
mainder of the volute accordingly. (A local constriction would be comparable 
to a venturi nozzle which has only a minor effect on the throughput of a long 
pipe.) With low specific speeds, however, it is possible to shift the BEP by 
modifying the throat area and the subsequent diffuser. 

Sometimes (a) different impellers are employed in a given casing or (b) a given 
impeller is used in modified or different casings. Both cases shall be explained 
with reference to the experiments depicted in Fig. 4.11. Curves 1 to 3 in Fig. 4.13 
show measurements with three different impellers in the same volute casing which 
was designed for nq = 16. Curve 1 represents the baseline test with the impeller 
calculated for nq = 16. The impeller tested with Curve 2 was designed for nq = 21, 
while Curve 3 was measured with a nq = 13 impeller. The best efficiency points of 
the three different impellers are situated close to the intersection of the three Q-H-
curves with the volute characteristic of nq = 16. The resulting best efficiency 
points are all very close to nq = 16, although the impellers were dimensioned for 
nq = 13, 16 and 21. These tests confirm that the casing largely determines the flow 
rate at BEP with small nq and that the impeller losses are of minor influence – 
even though the best efficiency point of the oversized impeller (nq = 21) is situ-
ated a few percent to the right of the intersection with the volute characteristic, 
while the undersized impeller is found slightly to the left.  

Figure 4.14 shows how a given impeller behaves in different casings. Both tests 
were done with the impeller designed for nq = 21. Curve 2 represents its perform-
ance in a casing designed for nq = 16, while curve 4 was tested with the volute 
throat area increased by 37%. Because of differing hydraulic losses the character-
istics 2 and 4 increasingly diverge at high flows – contrary to the idealized depic-
tion in Fig. 4.12. This behavior cannot be expressed by the equations in Table 4.1 
unless the various combinations are calculated with different hydraulic efficien-
cies. 

Except for very low partload operation, the power consumption is basically de-
termined by the impeller alone. This follows from Euler’s equation. The maxi-
mum efficiency obtained increases with the flow rate or the useful power Pu since 
the secondary losses (disk friction, mechanical and leakage losses) are largely in-
dependent of the impeller and casing. Consequently, the ratio of the secondary 
losses to the power consumption diminishes with increasing Pu. 

In order to expand the operation range of a given pump, attempts are some-
times made to shift the best efficiency point by modifying the volute or diffuser 
throat area as shown by Fig. 4.14. 
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Fig. 4.13. Three different impellers in the 
same casing (casing designed for nq = 16) 

Fig. 4.14. Volute throat area increased 
by 37% (impeller designed for nq = 21) 

All Q-H-curves are normalized to the baseline test with Qopt = 280 m3/h, Hopt = 194 m 

By reducing the throat area the efficiency optimum is shifted towards smaller 
flow rates. However, the actual efficiency reached at the new BEP is reduced 
since the specific speed drops and the portion of the secondary losses in the power 
consumption increases. At partload the efficiency increases since the deceleration 
losses in the casing diminish. At q* > 1 the efficiency drops steeply, since the ac-
celeration of the fluid from the impeller outlet to the throat area causes major 
losses in the diffuser. 

Finally, it must be emphasized that the relationships according to Fig. 4.11 are 
representative for low specific speeds of up to approximately nq = 35. With grow-
ing nq the influence of the impeller inlet increases and becomes dominant above 
nq = 100. If the impeller blade inlet angles at the design flow rate are selected 
close to the flow angle (incidence near zero), the best efficiency point is situated 
close to the intersection of the impeller and collector characteristics even at high 
specific speeds, but with increasing incidence this is no longer true. 

4.3 Prediction of pump characteristics 

Since neither the hydraulic losses nor the effect of recirculation can be accurately 
calculated in advance, a prediction of the characteristics is only possible using 
empirical (or numerical) methods. Empirical methods are based on statistical 
evaluations of tested pumps. The more the features of a new pump to be calcu-
lated differ from those of the database, the less secure the prediction becomes. A 
possible approach is described in the following: 
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4.3.1 The data at the best efficiency point are known from the design calculation: 
Qopt, Hopt, ηopt, ηh,opt, γopt. The secondary losses according to Chap. 3.6 can also be 
calculated. 
4.3.2 Slip factor γ and hydraulic efficiency ηh depend on the flow rate ratio q*. An 
evaluation of many tests yielded the relations shown in Figs. 4.15 and 4.16. The 
hydraulic efficiency can be expressed by Eq. (4.14): 

32

maxh,

h 0.9) *(q0.250.9) *(q0.61 −−−−=
η

η  (4.14) 

According to this evaluation the hydraulic efficiency reaches its maximum value 
at q* = 0.9 (not at q* = 1). As explained in Chap. 4.1.3, the calculation applies 
only to the flow range where no major recirculations occur. For the analysis of the 
data in Figs. 4.15 and 4.16 at β2B ≤ 90° recirculation was assumed to be present 
when γ ≥ 0.95. 
4.3.3 Set up a table and enter the values ηh/ηh,max and γ/γopt taken from Fig. 4.15 
for Q = 0 to Qmax. Subsequently calculate ηh and γ. The head is then obtained from 
Eq. (T3.3.7). 
4.3.4 The power consumption follows from Eq. (T3.5.1) where the recirculation 
power is set to PRez = 0 and the secondary losses are determined from Table 3.5 or 
Chap. 3.6. 
4.3.5 These calculation steps are performed only in the load range where γ < 0.95 
(the limit can also be set slightly lower). Head coefficient and power coefficient at 
Q = 0 can be estimated from Fig. 3.21 and Fig. 4.10. The curves for head and 
power between Q = 0 and the range without recirculation calculated as per step 
4.3.2 must be interpolated based on experience. In doing so it is possible to utilize 
the empirical observation that the characteristic at the best efficiency point is tan-
gent to the straight line through the points Q(Hth = 0) and Qopt, Hopt. 

The weaknesses of the above approach are obvious. They include the large 
scatter of ψo and λo and the uncertainty of the statistical data from Figs. 4.15 and 
4.16. In particular, a possible instability of the Q-H-curve is not really discernable. 
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Fig. 4.15. Dependence of slip factor  on the flow rate ratio 
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Fig. 4.16. Dependence of hydraulic efficiency h on the flow rate ratio 

4.4 Range charts 

As pointed out in Chap. 2, centrifugal pumps are employed over very wide ranges 
of flow rates and heads in many different types and designs to suit the particular 
applications. A certain pump type, for example single-stage process pumps, cov-
ers a specific performance field to suit the relevant market requirements, e.g. 
Q = 3 to 800 m3/h and H = 20 to 250 m. For economic reasons – costs of design, 
testing, patterns, manufacturing, spare parts and stocking – such a range should be 
covered in an optimum way with the fewest pump sizes possible.  

Figure 4.17 shows a range chart for single-stage volute pumps operating at 
n = 2950 rpm. It contains 27 pump sizes which are described by the nominal di-
ameter of the discharge nozzle (first figure) and the nominal impeller outer diame-
ter. In the USA the pump size is defined by (for example) “8x6x14 MSD”, where 
the first figure represents the size of the suction nozzle, the second the discharge 
nozzle and the third the impeller diameter (all given in inches); MSD in this ex-
ample indicates the pump type of a specific pump manufacturer. Sizes arranged in 
the chart in a nearly vertical column deliver similar volumetric flow rates and 
therefore have the same nominal discharge nozzle diameter. Sizes arranged in 
horizontal rows have identical impeller diameters and produce a similar head. The 
specific speeds of the individual sizes increase from top down and from left to 
right. Pumps with the same specific speed are found, in a double-logarithmic 
graph, on inclined straight lines drawn in Fig. 4.17.  

In theory, the impellers and collectors of all sizes with the same specific speeds 
are geometrically similar (which allows cost savings for design and testing), but in 
practice different sizes of the same nq often deviate in some design details from 
geometric similarity (e.g. shaft and hub diameters). The impeller outer diameters 
are stepped with the standard number 100.1 ≈ 1.26. All pumps in this range chart 
can also be used with the lower standard speed so that the application range of the 
series is expanded accordingly. However, unless the available NPSHA demands a 
pump with a low speed, the selection of such a pump can be uneconomical. 

Range charts of the type shown in Fig. 4.17 allow a rapid selection of possible 
pumps which can be considered for a specific application. For multistage pumps 
the range chart can show the heads for different stage counts. In the case of very 
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Fig. 4.17. Range chart of process pumps, Sulzer Pumps 

large pumps running with lower speeds, the range chart can also be drawn up with 
the speed as a parameter. In general, all parameters (impeller diameter, specific 
speed, number of stages and standard speeds) must be used to optimally cover the 
planned performance range. To define the steps in the flow rates, different criteria 
can be considered: (1) Most important is the complete coverage of the field. (2) 
Number of sizes required. (3) Specification of the major customers: for instance 
that the rated performance of the pump is to be in the range 0.8 < q* < 1.1. 
(4) Avoidance of impermissible partload or overload operation. (5) Efficiency 
losses when the pump operates near the border of its individual field. For example 
the flow rates can be graduated according to the criterion that an efficiency drop 
of Δη = 3% defines the limit of the field. 

When defining the head steps, the permissible amount of impeller trimming 
must be taken into account (Chap. 4.5.1). In general the steps in flow rate and 
head should be refined with increasing pump size, power consumption and impel-
ler tip speed, since the losses in terms of investment, energy and maintenance 
costs would become onerous with steps selected too coarse. 

When drawing up a range chart, stepping factors for flow rate and impeller size 
are selected based on the above considerations. The factor for the flow rates is 
typically between 1.5 and 2. The factor for the impeller diameter is typically be-
tween 1.12 and 1.32 (it is usually a standard number 10x). The best efficiency 
point should be near the right border of the performance field of each size to avoid 
selecting a pump in the overload range. With the speed selected and the specific 
speeds used it is then possible to calculate the best efficiency points for all sizes. 

Constant-efficiency curves according to Fig. 4.18 are frequently used to present 
the characteristics of a pump size with different impeller trim diameters, 
Chap. 4.5.1. To create such curves, horizontal lines (e.g. at 50, 60, 70, 75, 80 and 
82%) are placed through the efficiency curves of the different impeller diameters. 
The intersections are then transferred to the Q-H curves at selected flow rates. The 
points obtained there yield curves of constant efficiency. The procedure for 
η = 0.75 is shown in Fig. 4.18. 
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Fig. 4.18. Determination of constant-efficiency curves (note that all pressure coefficients 
are referred to the full impeller diameter); d2* = d2′/d2 

4.5 Modification of the pump characteristics 

Adjusting the characteristic to various operating points is necessary in many ap-
plications. To do so, there is a wide range of possibilities and combinations there-
of (too many to be discussed exhaustively). Power and/or head reductions as well 
as increasing the power or head are common. According to Table 4.2 the meas-
ures range from simple trimming or filing to the retrofit of new impellers (e.g. 
with changed blade angles) or to the replacement of an entire cartridge of a multi-
stage barrel casing pump. Table 4.2 lists possibilities for adapting the characteris-
tics to changing operation requirements. Which of these options is feasible in the 
individual case depends on the design details of the pump under consideration. 

4.5.1 Impeller trimming 

For economic reasons, a given pump size is used to cover a certain performance 
range as discussed in Chap. 4.4. This can be accomplished by a reduction of the 
impeller outer diameter. By means of this “trimming” the head of a given pump is 
reduced to the value required by the plant without the need to unnecessarily waste 
energy by throttling. 

The characteristics of a pump with a trimmed impeller cannot be calculated ac-
cording to the similarity laws since a trimmed impeller is not geometrically similar 
to the impeller with the full diameter. The impeller outlet width remains identical 
or increases slightly, the blade outlet angle may change and the blades become  
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Table 4.2 Modification of pump characteristics 
Task Possibilities Remarks 

1. Increase 
head at  
Q = const. 

1.1 Under-file impeller blades at outlet on 
suction side 

1.2 Weld-up blades and under-file as 1.1 
1.3 Reduce hydraulic losses 
1.4 New impeller: greater d2, zLa, b2, β2B 

1.5 Add stages (if multistage) 
1.6 Fluid counter-rotation at impeller inlet 

Q-H-curve gets flatter, in-
creasing risk of instability 
 
Check shaft and casing stres-
ses 

2. Reduce 
head and 
power at 
Q = const. 

2.1 Reduce impeller outer diameter (trim-
ming) or smaller impeller 

2.2 Reduce number of stages (if multistage) 
2.3 In multistage pumps: increase pre-rotation 

at impeller inlet: 
a) shorten the return vanes 
b) add a gap between return vanes and 
stage casing elements (see sketch) 

2.4 New impeller with smaller b2, β2B or less 
blades 

2.5 Add a throttle in discharge nozzle (this re-
sults in a high loss in efficiency since the 
power stays the same!) 

Q-H-curve gets steeper! 
 

1mm 

 

3.Increase 
head and 
shift BEP to 
higher flow 

3.1 Enlarge diffuser or volute throat area; 
achievable shift of BEP up to about 
ΔQopt ≈ 15% 

3.2 In addition to 3.1 new impeller with grea-
ter d2, zLa, b2, or β2B.  
With high nq also greater β1B und d1 

Q-H-curve gets flatter, possi-
bly instable (saddle).  
Effect increases for small nq. 
Check NPSHA requirements!  
Risk of pressure side cavita-
tion: check the incidence and 
w1q/w1, unless β1B and/or d1 
are adapted. 

4. Decrease 
head and 
shift BEP to 
lower flow 

4.1 Reduce diffuser or volute throat area; 
achievable shift of BEP: ΔQopt ≈ 25% 

4.2 In addition to 4.1, new impeller with 
smaller zLa, b2, or β2B and d1; β1B 

Effect increases at small nq 

Q-H-curve gets steeper 
Check the risk of diffuser or 
volute cavitation for nq < 25. 

shorter. Blade shortening leads to higher blade loading and lower flow deflection 
resulting in a drop in the slip factor γ. These conditions are illustrated in 
Fig. 4.19a by means of the outlet triangle. At a given flow rate c2m increases 
roughly proportional to the reduction of d2 causing the head to be reduced accord-
ing to Eq. (T3.3.7). The discharge angle in the absolute reference frame increases 
from α2 to α2′. Since the collector remains unchanged, the ratio c3q/c2 grows at a 
given flow, see Fig. 4.19b (refer to Chap. 5.3.1 for a detailed discussion). The best 
efficiency point is consequently shifted towards lower flow than with full diame-
ter. This is also reflected in Chap. 4.2 and Fig. 4.12. The volute characteristic re-
mains unchanged while the head is reduced. However, the BEP shift is smaller 
than in the case of a geometrically similar reduction of impeller and collector. 
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Fig. 4.19. Impeller trimming 

Figure 4.20 shows the characteristics of a pump with a double-entry impeller 
(nq = 25) for the full impeller diameter and with a trim of 10%. The characteristics 
(Hgs, ηgs) of a 10% smaller, geometrically similar, pump are shown for compari-
son. The magnitude of the deviations from the similarity law caused by the trim-
ming depends on the geometry of the impeller and the pressure distribution on the 
blades. The shorter the blade length (i.e. the higher the specific speed), the greater 
is the head reduction for a given trim ratio. Since these relationships cannot be 
calculated accurately enough from theory, the calculation of the characteristic for 
a trimmed impeller is performed according to empirical relationships. In principle 
these relationships, like the impeller geometry, are specific to each pump type. 
The procedure according to [B.17] is shown in Fig. 4.20. To derive the character-
istic H′ = f(Q′) with trimmed diameter d2′ (from the characteristic H = f(Q) with 
full impeller diameter d2), random rays (1 to 3 in Fig. 4.20) are drawn from the 
origin to the characteristic H = f(Q). For every pair of Q and H so obtained, Q′ 
and H′ are calculated according to Eq. (4.15). 
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The exponent m lies between 2 and 3. If the blades are under-filed at the outlet, m 
is closer to 3 for trims smaller than the profile length. If trimming exceeds 5% of 
the impeller diameter, m is near 2. If β2B and b2 do not change with the radius, in 
theory m = 2 applies. The exponent m can be calculated from trimming tests. 
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The efficiency optimum Q′opt for a pump with a trimmed impeller is to the right 
of the ray running from the origin through the best efficiency point of the full di-
ameter impeller (ray 2 in Fig. 4.20). The best efficiency points of all trim curves 
are located on a line (#4 in Fig. 4.20) through the best efficiency point measured 
with the full d2, which intersects the abscissa at a value q*a ≈ (0.005 to 0.01) nq. 
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Fig. 4.20. Modification of pump characteristics by trimming the impeller 

Different trimming laws have been published: According to [B.5] m = 2 should 
be used and the best efficiency points of the trimmed impellers should be assumed 
on a straight line through the origin. 

The trim required to achieve a certain head H′ is calculated from: 

m
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2

2
H
H

d
d ′

=
′  (4.17) 

In [N.2] the following formulas are given for the calculation of the trim curves: 
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Due to trimming the efficiency at the BEP approximately drops according to: 

Δη = ε(1-d2′/d2) (4.19) 

 Set ε = 0.15 to 0.25 for volute pumps and ε = 0.4 to 0.5 for diffuser pumps. With 
small nq the efficiency sometimes increases through a slight trimming since the 
impeller disk friction losses decrease with the 5th power of the diameter according 
to Eq. (T3.6.2). 
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By virtue of Eq. (4.19), the power consumption of the trimmed impeller in-
creases (η' = ηo - Δη) as compared to an untrimmed impeller (ηo). The additional 
power is approximately: 

)d1(PP *
2

o
−ε

η
′

=Δ  (4.20) 

(d2* = d2'/d2 and d2 = full impeller diameter). If kkW is the capitalized energy cost 
per kW of installed power, the power increase according to Eq. (4.20) requires an 
additional energy cost ΔKE of: 

)d1(PkzK *
2

o
kWppE −ε

η
′

=Δ  (4.21) 

Here, zpp stands for the number of parallel operating pumps affected by the trim. If 
the additional energy costs according to Eq. (4.21) exceed the expenditure for a 
new pattern (and design costs), a volute casing or a diffuser adapted to the re-
duced impeller diameter would be economically (and ecologically) justified.  

For volute pumps (with ε = 0.2) Eq. (4.21) was evaluated for a capitalized en-
ergy cost of kkW = 2000 $/kW, Fig. 4.21. This figure gives an indication of how 
the trim diameter of pumps with high power consumption should be limited. If 
more than one pump is affected (zpp > 1), the sum of the additional power must be 
considered according to Eq. (4.21) since the pattern costs occur only once but the 
total energy loss amounts to zpp×ΔP. An example is included in the legend to 
Fig. 4.21. If a limit for the energy cost ΔKE is selected, the applicable trim diame-
ter can be calculated from: 

Pkz
K1d
kWpp

Eo*
2 ′ε

Δη−=  (4.22) 

In addition to the economical limitation of the trim ratio of large pumps, the op-
erational behavior should be considered, since it may deteriorate if blade shorten-
ing through trimming is excessive. To visualize this issue, consider Fig. 4.22 
where the characteristics for the full impeller diameter (d2* = 1.0) and for the 
trimmed diameter d2* = 0.8 of a pump with nq = 25 are plotted. The operation (or 
guarantee) point shown is assumed at 80% of the best efficiency point of the im-
peller trimmed to d2* = 0.8 (which, according to [N.6], would still appear permis-
sible). Since the flow rate of shockless impeller entry is not changed by the trim-
ming, the impeller inlet runs at approximately 57% of the BEP flow rate delivered 
by the impeller with full diameter. A pump selected in this way will practically 
always operate with inlet recirculation. This may be acceptable with small pumps 
of low power. However in high-power pumps, vibrations and noise are likely to 
become excessive through the dissipation of the recirculation power. Due to the 
trim the blades are shortened and the blade loading increases. This can cause 
higher cavitation induced noise. Large low-pressure pumps selected in this way 
may become very noisy because the large surfaces of rather thin-walled casings 
radiate noise very effectively. 
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Fig. 4.21. Additional energy costs caused by efficiency impairment due to trimming; valid 
for volute pumps, calculated with kkW = 2000 $/kW, ηo = 0.8 und ε = 0.2. Enter the graph 
with the combined power of all trimmed pumps (zpp×P), where P is the power of one pump. 
Example: The impellers of 4 pumps in parallel, each with a power of 250 kW, are to be 
trimmed by 10%; the total power consumption is thus zpp P = 1000 kW. With d2’ = 0.9 read 
from curve “1000 kW” the additional capitalized energy costs of 50'000 $. If the costs of a 
new pattern or a pattern modification are below this amount, it is economical to invest in 
new patterns. This would also make sense with respect to material costs and ecology. 
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Fig. 4.22. Characteristics for impeller trimming of 80% of the full diameter. The operation 
point shown is at 80% of the BEP of the curve for d2* = 0.8, but at 57% of the BEP with 
the full impeller diameter. 
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To avoid excessive shortening of the blades, it is advisable to limit the diameter 
reduction of volute casing pumps as follows:  
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d
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2 ≥
′                                                  for nq < 40 

)40n(0025.0)85.0to8.0(
d
d

q
2

2 −+≥
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(4.23) 

The limits defined by Eq. (4.23) apply to medium-sized pumps. The impellers of 
small pumps (where noise and vibrations are not considered an issue) are some-
times trimmed to diameters smaller than stipulated by Eq (4.23). However, the 
greater the power consumption of the pump, the less trimming should be em-
ployed in order to reduce the risk of vibrations, noise and cavitation. The eco-
nomic limit for d2* = d2′/d2 defined by Eq. (4.21) or Fig. 4.21 may then be consid-
ered as a selection criterion. 

If little margin over NPSHR is available, if the inflow conditions are unfavor-
able or if stringent limits on noise and vibrations are specified, the value 0.85 
should be used in Eq. (4.23) or trimming limited even further. 

Trimming recommendations: 

• In the case of diffuser pumps, the characteristic may become unstable if impel-
ler trimming is excessive. The limit must be determined experimentally. In the 
absence of tests, it is recommended not to trim by more than 5%. If greater 
trimming is required, a diffuser with a smaller inlet diameter can be designed. 
Since the diffuser pattern costs are much lower than the costs of a casing pat-
tern, a new diffuser, adapted to the trimmed impeller, is economically justified 
at power ratings smaller than would be the case with a volute pump. 

• In the case of diffuser pumps, the impeller shrouds are left at full diameters 
(only the blades are trimmed according to Fig. 4.23b) to forestall instabilities of 
the characteristic and axial thrust excursions at partload and to keep the ex-
change of momentum between main flow and the liquid rotating in the impeller 
sidewall gaps as low as possible (Chaps. 5 and 9.1). 

• Since the impeller shrouds of diffuser pumps are not trimmed, the efficiency 
loss due to trimming is greater than with volute pumps (the impeller disk fric-
tion losses are proportional to d5). 

• In the case of volute pumps, the impeller shrouds are trimmed to the same di-
ameter as the blades to reduce disk friction losses, Fig. 4.23a. 

• In general, an oblique trim according to Fig. 4.23c increases the shut-off pres-
sure compared with parallel trimming (as discussed in Chap. 5) and guards 
against a characteristic drooping towards Q = 0. The trim angle is mostly se-
lected between 5° and 15°. 

• An oblique trim is recommended for specific speeds above nq > 40 so that the 
outer streamline does not become too short. 
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• With semi-axial impellers the position of the blade trailing edges has a major 
influence on power and head at shut-off (Chap. 5). The smaller the ratio d2a/d2i, 
the smaller Po and Ho become. 

• Pumps with double-entry impellers of low nq are mostly trimmed so that the 
blade trailing edges remain parallel to the rotor axis, Fig. 4.23e. 

• As a rule, noise and vibrations diminish with slight trimming since the distance 
between the impeller blades and the collector increases. However, with major 
trimming the hydraulic excitation forces may rise again since the blade loading 
increases. 

• Since the head reduction caused by trimming depends on parameters that can-
not be accurately predicted, an impeller is preferably trimmed in steps. The risk 
to miss the contractual/desired operating point by an excessive trim is thus re-
duced. 

• Severe trimming (more than 10%) also causes the suction characteristics to de-
teriorate: NPSH3 increases as hinted by the curves in Fig. 4.20. One of the rea-
sons for this is the changed pressure distribution due to blade shortening and 
increased blade loading, (Chap. 6). In addition, a 3% drop in a severely re-
duced head constitutes an absolutely smaller change in head and thus less cavi-
tation. Therefore, in multistage pumps the suction impeller should preferably 
not be trimmed. Or the suction impeller is trimmed less than the series stages if 
the pump has only a few stages. 
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Fig. 4.23. Impeller trimming 

4.5.2 Under-filing and over-filing of the blades at the trailing edge 

By profiling the impeller blade trailing edge on the suction side (“under-filing”) 
the distance between the blades is increased from a2 to a2′ (see Table 0.2 and 
Fig. 3.6). Consequently, the fluid is decelerated more effectively and the head in-
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creases. The magnitude of the gain in head depends on the pressure distribution 
near the blade trailing edge. If the blade loading is high, or the flow is close to 
stall, the fluid is unable to follow the contour generated by under-filing and the 
gain in head is minor. The smaller the outlet angle β2B, the greater is generally the 
relative gain ΔH/H. Figure 4.24 shows as an example the under-filing of an impel-
ler in a volute pump of nq = 28. In general under-filing results in the following: 

• The head increases at the best efficiency point by the ratio H′/H = (a2′/a2)x with 
the exponent x = 0.4 to 0.8; x diminishes with increasing blade outlet angle. 

• At shut-off the gain ΔH/H is approximately half as high as at BEP. 
• ΔH/H grows with increasing flow rate and is greatest at overload q* > 1. 
• The BEP shifts on the diffuser/volute characteristic according to Chap. 4.2. 
• The efficiency at BEP mostly increases by 0.5 to 1% (rarely more) since the 

wake flowing off the trailing edge becomes narrower, unless the flow sepa-
rates. 

• The power consumption increases in accordance with the increase in head but 
corrected by the efficiency gain if applicable. 

Obviously the blades must only be profiled to the extent that their mechanical 
strength is not jeopardized. Tip speed u2, blade width (or nq) and the distance be-
tween the impeller blades and diffuser vanes must be considered when evaluating 
the mechanical characteristics (Chap. 14.1, Chap. 10 and Table 10.1). 

If qualified (and approved) welding procedures are available, it is possible to 
increase the head (in an extreme case) by filler-welding the blades on the pressure 
side followed by under-filing on the suction side. In this way the blade outlet an-
gle and a2 can be increased. 

Contrary to some opinions, the head cannot generally be reduced or the charac-
teristic made steeper by profiling on the pressure side (“over-filing”). This be-
cause the distance between the blades (a2) remains unchanged by such a modifica-
tion. Over-filing merely narrows the wake flowing off the trailing edge 
(Chap. 10.1). This reduces the losses due to wake vortices and even can produce a 
slight increase in head as sometimes measured. 
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Fig. 4.24. Under-filing of the impeller blade trailing edges: a2 has been increased by 6.5%  
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4.5.3 Collector modifications 

By increasing or reducing the volute or diffuser throat it is possible to shift the 
flow rate at the best efficiency point. Figure 4.14 shows an example of a pump 
with nq = 16 whose volute throat was enlarged by 37%. This increased the BEP 
flow rate by 25% and the specific speed rose from nq = 15.9 to 18.2. The BEP 
flow rate roughly corresponds with the volute characteristic (the large gain in effi-
ciency points to a non-optimum design of the diffuser/discharge nozzle prior to 
the change). 

The following are typical effects of an increase of the diffuser or volute throat 
(a throat area reduction shows the inverse tendencies): 

• The head at q* > 1 increases since the losses in the collector and the decelera-
tion ratio c3q/c2 diminish (the flow rate where c3q = c2 is reached increases). 
With growing specific speed this effect becomes weaker. 

• Shut-off head and partload head drop slightly. 
• The power consumption when operating without recirculation is (theoretically) 

determined only by the impeller and hardly changes. At shut-off the power 
consumption rises due to an increased exchange of momentum. 

• With low specific speeds the efficiency increases when opening up the vo-
lute/diffuser throat area since the losses in the collector drop and the best effi-
ciency flow rate grows. The secondary losses (which remain constant) are thus 
referred to a greater useful power Pu.  

• At nq < 12 all the efficiency curves measured with different volute/diffuser 
throat areas are essentially enveloped by one curve as demonstrated by 
Fig. 7.15. In contrast, at higher specific speeds the partload efficiency improves 
if the casing cross section is reduced. The maximum improvement is found in 
the vicinity of q* = 0.5. 

• As the specific speed increases the reaction of the best efficiency point location 
to casing modifications diminishes. With volute casing pumps this statement 
roughly applies to nq > 60 to 80. In the case of diffuser pumps the influence of 
the area A3q is more profound than with volutes; however, the sensitivity de-
creases here too with increasing nq. 

• Apart from differences in sensitivity, diffuser and volute pumps react similarly 
to throat area modifications. 

4.6 Analysis of performance deviations 

It may happen on the test stand or in the plant that the measured performance is 
below the expected values and outside of the tolerances. The allowed deviations 
are given by specification issued by the client. Depending on the quality class 
(Chap. 15) of the pump and the test configuration, performance tolerances typi-
cally are in the range of ± 2 to ± 5%. If the actual deviations exceed the usual 
measurement and manufacturing tolerances, it is necessary to determine the 
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causes of the deviations and to define corrective action. This task is often difficult 
and Table 4.3 may provide some help for a focused analysis (note that the high 
number of possible errors and error combinations precludes an exhaustive discus-
sion). Deviations and corrective measures for solving problems with NPSH-
curves are discussed in Chap. 6.9 and Table 6.4. 

Before dealing with the detailed analysis according to steps 3 to 9 below, it is 
advisable to first perform the checks according to steps 1 and 2: 

1. Verify the expected values: Are the design calculations and the data base used 
correct?  

2. Verify measurements: 

− Direction of rotation 
− Check measurements using redundant instruments 
− Any air in the measurement lines? 
− Is the measured inlet pressure distorted through partload recirculation (see 

Fig. 5.16)? 
− Potential flow rate measurement problems: (1) ensure that there are adequate 

straight pipe lengths for velocity equalization upstream and downstream of the 
instrument; (2) air separation at low pressures; (3) cavitation in an orifice or a 
nozzle; (4) bypass in the test loop (for instance leaking valves); (5) pre-
rotation; (6) correct installation of the orifice or the instrument. 

− Electric power measurements are frequently the cause of considerable uncer-
tainties (accuracy, motor efficiency, power factor). 

− Gear box efficiency, if pump is driven via a gear 
− Check the test set-up, notably inlet flow conditions. Particular attention is 

needed with high specific speed pumps and wet pit installations (pre-rotation, 
effects of partload recirculation) 

− Measurements in plants are often problematic and demand extreme care to pre-
vent incorrect conclusions. 

3. If the expected values and the measurements are correct, geometrical checks of 
impeller, diffuser and volute casing have to be performed and compared with the 
desired dimensions on the drawings. As a first step the following dimensions must 
be measured on the impeller: d2, b2, a2, a1, d1, dn, blade thickness and profiling at 
blade inlet and outlet if applicable. The dimensions d2, b2, a2, are essential for 
achieving the head; a2 and a1 provide an indication whether the blade position is 
roughly correct. On the diffuser, d3, a3, b3 must be measured and the return vane 
outlet has to be checked. Do these vanes generate unintentional pre- or counter ro-
tation? The dimensions a5, b5, a6 and b6 (Table 0.2) can be measured easily. If 
these are too small due to casting tolerances, a head loss is generated; furthermore, 
the approach flow to the subsequent impeller is modified. On the volute casing 
only the throat area and the width can be measured easily. As discussed above, the 
throat area has a crucial influence on the losses and on the position of the best ef-
ficiency point. Unfortunately, the shape of the meridional section of a closed im-
peller can hardly be measured; the same applies to the blade shape and to compli- 
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 Table 4.3 Analysis of performance deficits  
Problem/Findings Possible causes Possible remedies 

1. H < Hrequired  
    and 
    P < Prequired 

1.1 b2, a2, β2B too small. 
Blades too thick. If the ef-
ficiency is correct, b2, a2, 
or β2B are too small 

1.2 Excessive pre-rotation 

1.1 Under-file impeller blades at 
outlet (sharpen on suction 
side) according to Chap. 4.5.2 

 
1.2 Check approach flow  

2. H < Hrequired  
    and  
    P  Prequired  

2.1 Hydraulic losses too high 
2.2 Throttling effects 
2.3 Excessive clearances (Qsp, 

QE). During operation 
clearances may increase 
due to wear, abrasion or 
corrosion 

2.4 Flow rate measuring error 
 
 

2.1 Calculate ηh for test and re-
quired geometry according to 
Eq. (T3.5.8). 
If (H/ηh)test = (H/ηh)required, the 
hydraulic losses are too high. 
Reduce roughness. Possibly 
increase diffuser/volute throat 
area. 

2.2 Check A1q, a3, b3, A3q, A5, A6 
2.3 Check the clearances (reduce if 

possible) 
3. H = Hrequired  
    and  
    P > Prequired  

     ηopt < ηopt,required 

3.1 Incorrect power measure-
ment  

3.2 Pm, PRR, Ps3, PER too large 
3.3 b2, a2, β2B too large and ηh 

too low 

3.1 Check measurement method 
and instruments 

3.2 Check the secondary losses 
3.3 Check the impeller geometry 

and surface finish; correct as 
necessary 

4. H > Hrequired and  
    P > Prequired 

b2, a2, β2B too large If the required efficiency is 
achieved, trim impellers (Chap. 
4.5.1). If η is too low, see items 2 
and 3 of Table 4.3 

5. Qopt < Qopt,required nq < 35: 
5.1 Diffuser/volute throat area 

too small 
5.2 Hydraulic losses too high 

 
5.1 Diffuser: increase a3. Volute: 

increase A3q 
5.2 See items 2 and 3. 

6. Qopt > Qopt,required nq < 35: Diffuser/volute throat 
area too large 
nq > 60: Impeller vane inlet 
angles and/or throat too large 

Decrease throat area (insert, weld-
up, re-design) 

7. Head only about 50% 
    of required 

Wrong sense of impeller rota-
tion 
Double-entry impeller incor-
rectly mounted on shaft 

• Check motor sense of rotation 
• Wrong sense of impeller rota-

tion (pattern error) 
• Turn by 180° 

8. Q-H-curve unstable  see chapter 5 

9. Ho or Po too high  see chapter 5 

10. Pump runs at full  
      speed, produces head 
      but does not  
      deliver any fluid 

Pump is unable to fill siphon in 
discharge pipe (Chap. 11.8, 
Fig. 11.28) 

Add structures to prevent rotation 
of fluid due to impeller inlet recir-
culation 
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cated diffuser channels. The shapes of these 3D-channels can have a strong im-
pact on the stability of the Q-H-curve. This issue is difficult and costly to resolve. 
4. Determine the clearances of the annular seals on impellers and balance device. 
The lower the specific speed, the higher is their impact on performance. 
5. Measure and evaluate the surface quality and roughnesses of the hydraulic 
channels. With low and moderate specific speeds, the collector roughness is par-
ticularly important, Chap. 3.10. 
6. The loss analysis according to Tables 3.5 to 3.8 (and Fig. 3.30) is recommended 
for determining which effects are important and which parameters are less signifi-
cant. For instance, the surface quality of the collector rather than that of the impel-
ler should be improved when dealing with pumps of low specific speeds, 
Chap. 3.10. 
7. If major geometrical deviations are discovered, their effects and the measures 
considered can be evaluated quantitatively according to Chap. 4.7. 
8. The dimensionless characteristics ψopt, ψo, λopt, λo, σ often tell more than abso-
lute values and allow an assessment of whether the results are plausible. 
9. The cause for a performance deficit is frequently not found in a single striking 
defect but in a combination of different (sometimes minor) deviations which all 
act in the same sense. For example: If it is found that b2 and a2 are both at the 
lower tolerance limit, the blades are too thick, the annular seal clearances are at 
the upper tolerance limit and the roughness of the flow channels excessive, a large 
performance deficit may result due to the combined effect of these deviations. 

During years of operation in the plant, the annular seal clearances at the impel-
lers (and, if applicable, at the axial thrust balance device) gradually increase. Such  
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Fig. 4.25. Influence of annular seal clearance on pump characteristics (nq = 14) 
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wear can be caused by occasional contact, erosion corrosion due to high flow ve-
locities in the seal and/or abrasion due to solid particles present in the fluid. The 
increase in leakage becomes particularly evident in pumps with low specific 
speeds. This is demonstrated by the example provided in Fig. 4.25 of a 3-stage 
pump (nq = 14) with balance piston. Head and power consumption are shifted by 
the increase in leakage rate to the left; the efficiency drops and the best efficiency 
point shifts towards a slightly higher flow rate. The leakage flow also generates a 
certain pre-rotation upstream of the impeller since it leaves the seal with a circum-
ferential velocity which is approximately half of u1. 

4.7 Calculation of modifications of the pump 
characteristics 

Sometimes it happens that a given (measured) characteristic has to be changed to 
adapt a pump to new conditions or that the influence of intentional or uninten-
tional geometrical changes needs to be investigated. Application examples in-
clude: 

• The analysis of performance deficits and of the effects of possible remedies ac-
cording to Chap. 4.6 and Table 4.3. 

• Performance upgrade of a power plant. 

• Retrofit of existing plants for different operation conditions, including the ef-
fects of high viscosity when the product changes. 

• Achieving a steeper or flatter characteristic by installing a different impeller in 
a given casing. To this end, the blade number, the impeller outlet width or out-
let angle and/or pre-rotation can be modified. 

• Calculation of the influence of blade thickness or blade distance a2 at the im-
peller outlet. 

• The shift of the best efficiency point brought about by changing the volute or 
diffuser throat area. 

• The influence of the annular seal clearances or the hydraulic efficiency on the 
characteristic curves. 

• Calculate the impact of pre-swirl or counter-rotation on performance. 

The detailed calculation procedure is shown in Table 4.4. To begin with, the 
secondary losses for the given characteristic (in Table 4.4 called “Baseline”) are 
calculated according to the information given in Tables 3.5 to 3.7. This loss analy-
sis supplies the hydraulic efficiency from Eq. (T4.4.4) and the slip factor from 
Eq. (T4.4.6). Because of its circumferential velocity cusp, the leakage flow mixing 
with the main flow induces a pre-rotation. This effect can be taken into account by 
Eq. (T4.4.5). This equation is obtained from the balance of the angular momen-
tums of the main and the leakage flows. 
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If quantities that have an effect on the slip factor are changed for the modified 
pump a corrected value γ' is calculated according to Eq. (T4.4.14) from the base-
line slip factor γ (which has been derived from the loss analysis above). This is to 
avoid the inaccuracies involved when calculating the slip factor directly from a 
correlation. Proceed similarly when calculating the BEP flow rate, Eqs. (T4.4.11 
to 4.4.13). 

In order to obtain the correct volute characteristic matching the measured BEP 
with volutes of arbitrary cross sections, the factor Jsp (Table 4.1) can be calculated 
from Eq. (T4.4.12.a). The factor “a” in Eq. (T4.4.13) becomes 1.00 in this case. 
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Fig. 4.26. Calculation of the effects of an increase of the impeller outlet width b2 (by 10%) 
and a volute cross section enlargement A3q (by 15%); n = 1490 rpm; double-entry impeller 
nq = 23. Performance curves prior to modification are termed “baseline”. 
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Fig. 4.27. Increasing the flow capacity by increasing the impeller inlet diameter by 2.3%. 
Same pump as Fig. 4.26. The NPSH-curve prior to modification is termed “baseline”. 
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If the hydraulic efficiency of the modified hydraulics is expected to differ from 
the baseline, the new value should be entered; otherwise ηh from Eq. (T4.4.4) is 
also used for the new characteristic. The effects of the roughness on the hydraulic 
efficiency can be calculated from Table 3.10 and Chap. 3.10.3. The effects of 
geometric modifications made to the hydraulic components can be estimated from 
Table 3.8. 

According to the procedure in Table 4.4 it is possible to combine any number 
of modifications, for instance, in order to evaluate the effects of various casting 
tolerances. 

Figure 4.26 shows a calculation of an increase in the flow capacity of a pump 
with a double-entry impeller. The impeller outlet width is increased by 10% and 
the volute throat area is enlarged by 15%. In this way, the flow rate at the BEP is 
increased by 10 %. 

The effect of design modifications on the NPSH3 can be evaluated according to 
Eqs. (T4.4.26) to (T4.4.29). In doing so, it is assumed that the correlation between 
cavitation coefficient and incidence  = f(i1a’) is the same for the modified and the 
baseline impeller. When increasing the blade inlet angle, this assumption may be 
somewhat optimistic. Figure 4.27 shows the effect of increasing the impeller inlet 
diameter by 2.3%; pump data are the same as in Fig. 4.26.  The effects which can 
be handled by Table 4.4 (4) include: modifications of the impeller inlet diameter, 
the hub diameter, the blade inlet angle and the angle of pre-rotation. 

Table 4.4 Modification of pump characteristics 
Given:          Characteristic of a pump, “Baseline”:  
                    H = f(Q); η = f(Q); P = f(Q) and geometrical data 
Required:    Characteristic of a modified pump; in the following termed “modified” 

1 Leakage losses at BEP  (Qs1, Qs2, Qs3, QE)opt according to pump 
type and axial thrust balance device 

Table 3.7(1) 

2 

Disk friction losses  
Piston or disk friction 
Interstage seal  
Mechanical losses 

ΣPRR sum of all stages  
ΣPer sum of all pistons or disks 
ΣPs3 = (zst – 1) Ps3,st 
Pm according to bearings and shaft seals  

Table 3.6 
Table 3.5 

As function of flow rate, to be calculated for the  Baseline; step 3 to 12 

3 Leakage losses as a func-
tion of flow rate opt

opt,sxsx H
HQQ =  4.4.1 

4 Volumetric flow rate 
through the impeller E2s1sLa QQQQQ +++=  4.4.2 

5 Volume flow through the 
diffuser E3sLe QQQQ ++=  4.4.3 

6 Hydraulic efficiency −−−−
ρ=η

erms3RR

Latot
h PPPPP

QH g  4.4.4 



 4.7 Calculation of modifications of the pump characteristics      185 

7 

Pre-rotation due to α1 or α6 
and induced by leakage 
flow cu,sp/usp from  
Eq. (T3.11a) 

6La21q

2
E

La

2s1s*
sp

sp

sp,u

2

u1
tanQ u Af

)QQ(
Q

)QQ(
d

u

c

u
c

α
+

+
+

=  4.4.5 

8 
Slip factor 

H = Htot/zst 2

1u
*
m1

2B22q

2  La
2
2 h u

c d
 tanuAf

Q
u 
H g +

β
τ

+
η

=γ  4.4.6 

9 Volume flow through the 
impeller referred to BEP opt,La

La
La Q

Q*q =  4.4.7 

10 
opt,h

h
η

η  = f(qLa*) 4.4.8 

11 

Slip factor and hydraulic ef-
ficiency as function of q*. 
These data are necessary for
the calculation of the modi-
fied characteristics. optγ

γ  = f(qLa*) 4.4.9 

12 Deceleration from impeller 
outlet to diffuser throat 

2

B222q

2La2
2

2

2q

La
q3Le

3sE

2

q3

tanuAf
Qu

Af
Q Az

QQQ
c
c

β
τ−γ+

++=  
4.4.10 

Best efficiency point „modified“; step 13 to 20 

13 
Definition of modified 
quantities, marked by (′)  

e.g. A′3q, b′2, d′2, z′La, β′2B, e′, α′1, α′6, η′h, Q′E, 
Q′s1 or impeller blade trailing edge profile (a′2) 

 

14 Theoretical BEP for the 
Baseline impeller flow rate 

La

Le

sp

q2

2B

2

22q
th,opt,La

Q
Q

J
fb  2

tan

 u Af 
Q

π
+

β
τ

γ
=  

4.4.11 

15 Ratio between the test and 
the theoretical BEP th,opt,La

test,opt,La
Q

Q
a =  4.4.12 

16 

For volutes of arbitrary 
cross sections the factor Jsp 
can be calculated from the 
baseline test 2B

2

opt,Le

22q

q2
sp

tanQ
 u Af

fb  2 
J

β
τ−

γ
π

=  
4.4.12a 

17 a3 from Jsp −+= 1exp
2

e2da
3Le

sp
b z

J3z
3  4.4.12b 

18 Theoretical BEP for modi-
fied impeller flow rate 
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sp

q2

2B

2

22q
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Q
Q

J
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tan

 u Af 
aQ

′
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+

β′
τ′

γ′′′
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4.4.13 

19 
Slip factor at BEP 
γopt from Eq. (4.4.6) 
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−

′

β′
−

γ=γ′
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 4.4.14 



186      4 Performance characteristics 

20 Hydraulic efficiency η′h,opt = ηh,opt from Eq. (4.4.4) or estimate from Ta-
ble 3.8, or 3.9 4.4.15 

As function of flow rate, to be calculated for the modified hydraulic; step 21 to 30 

21 Volume flow through the 
impeller opt,LaLaLa Q*qQ ′=′  4.4.16 

22 
Leakage losses Q′E, Q′s1 
Q′s3, as functions of flow 
rate opt

opt,sxsx H
HQQ ′=′  4.4.17 

23 Hydraulic efficiency 
η′h = f(Q′La) opt,h

h
opt,hh η

ηη′=η′

 
opt,h

h
η

η    from Eq. (4.4.8) 4.4.18 

24 Slip factor  
γ ′ = f(Q′La) opt

opt''
γ

γγ=γ  
optγ
γ       from Eq. (4.4.9) 4.4.19 

25 Useful flow rate E2s1sLa QQQQQ ′−′−′−′=′  4.4.20 

26 
Pre-rotation due to α′1 or 
α′6 and induced by leak-
age flow 6La21q

2
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27 
Deceleration from impel-
ler outlet to diffuser 
throat 

2

B222q
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tanuAf
Qu

Af
Q Az

QQQ
c
c

β′′′
τ′′

−γ′′+
′

′′′

′+′+′
=

′
′  

4.4.22 

28 Head ′
′′
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τ′′
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2

u1m1

B222q

2La
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2h
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tanu Af

Q
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z H  4.4.23 

29 Power consumption ermS3
st

RR
h

Latot PPPP
Q H g

P ′+′+′+′+
η

′′ρ
=′  4.4.24 

30 Efficiency 
P

QH g  tot 
′

′′ρ
=η′  4.4.25 

 NPSH calculation 
Given:       Characteristic of a pump, „Basis“ (baseline), NPSH3 = f(Q) and geometrical data 
Required:   NPSH-curve of a modified pump „modified“ 

2
1u

NPSH g2=σ
 

4.4.26 

31 
Determine cavitation coefficient 
as function of incidence for base-
line 

u11

1m1
B11B11 cu

c
tan arc'i

−
τ

−β=′β−β=  4.4.27 

32 It is assumed that the cavitation coefficient  = f(i1a’) is the  same for the modified and the 
baseline. The calculation is done for the outer streamline 

33 
Calculate flow rates at given val-
ues of incidence as determined in 
step 31 )'itan(tan

1
uAf

Q

11B

1

1

11q
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=′  
4.4.28 

34 
The NPSH values linked to the 
flow rates determined  in step 33 
follow from: g2

 u)'i(HNPS
2
1

1σ=′  4.4.29 

 



5 Partload operation, impact of 3-D flow 
phenomena performance 

A pump working significantly below the best efficiency flow rate is said to oper-
ate at partload. At low specific speeds this can be roughly assumed at q* < 0.8, at 
high nq below q* < 0.9. Since blade inlet angles and channel cross sections are too 
large for the reduced flow rate, flow patterns during partload operation fundamen-
tally change compared with the design point. The flow becomes highly 3-
dimensional since it separates in the impeller and the collector. Finally, recircula-
tions are observed at impeller inlet and outlet at sufficiently low flow. An easy 
means to obtain information on the impeller flow are stroboscopic observations of 
tufts. Flow patterns in a radial impeller of nq = 22 gained in this way are shown in 
Fig. 5.1 [B.20]. It can be seen that the flow is attached at q* > 0.8 while increas-
ingly large zones with separation and recirculation are observed at a lower flow 
rates. Similar flow patterns were found on impellers of nq = 26 and 33. 

The interaction between impeller and casing at inlet and outlet is highly signifi-
cant for the partload behavior of a pump. It largely determines the Q-H-curve, ra-
dial and axial forces, hydraulic excitation forces, noise and cavitation. Such com-
plex flows are difficult to understand. Designing pumps with good partload 
behavior, therefore, is largely based on experience. When doing so, it is helpful to 
classify the experimental observations according to the physical mechanisms in-
volved. This is the objective of the following discussion.  

Although local stall in impeller and collector also occur at operation signifi-
cantly above the best efficiency point (q* > 1), no flow recirculation is observed. 
Steady flow phenomena are discussed in Chap. 5; for unsteady flow see Chap. 10. 

5.1 Basic considerations 

Let us first analyze which physical characteristics of the partload behavior can be 
deduced from basic principles, observation and experience. 

5.1.1 Well-designed pumps achieve hydraulic efficiencies of 85 to 95% in the best 
efficiency point – depending on the specific speed, size and surface quality. It can 
therefore be assumed that the flow near the best efficiency point is “attached”. 
This implies that no significant flow separations occur since these would be asso-
ciated with greater losses. Measurements and observations of tufts in impellers 
and collectors confirm this statement. 
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Fig. 5.1. Stroboscopic flow observations in an impeller (tufts) [B.20] 

5.1.2 Conversely, full recirculation is bound to occur both at the impeller inlet and 
outlet when operating against a closed valve. This is shown by the following con-
sideration. Imagine a fluid-filled vessel in which a disk with radial ribs (“blades”) 
is arranged on a shaft as shown in Fig. 5.2a. Obviously the fluid will be entrained 
in the circumferential direction when the shaft is rotated. Since centrifugal forces 
act on the rotating fluid, a pressure gradient perpendicular to the rotor axis is cre-
ated. A parabolic pressure distribution is thus generated in the vessel according to 
Eq. (1.27). The highest pressure develops at the outer radius of the rotor. This 
causes the fluid in the casing to move radially inwards and, in the bladed rotor, ra-
dially outwards. In this manner, a “recirculation” is established. For reasons of 
continuity, the flow rate entering the impeller at the hub must be equal to the out-
flow in the outer region. 
5.1.3 Considering a bladed rotor according to Fig. 5.2b without a rear shroud, the 
flow conditions described above develop in the same way on sides A and E. Mak-
ing abstraction of the casing walls at A and E, Fig. 5.2b represents an axial pump 
operating against a closed valve. The recirculating fluid leaves the impeller at the 
outer streamline and flows back into the suction pipe. It is also observed that a re-
circulation develops at the impeller outlet which re-enters the impeller at the hub. 
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Fig. 5.2. Generation of recirculation. a radial blades, open on one side; b radial blades, 
open on both sides; c semi-axial pump 

5.1.4 These considerations obviously apply in all cases where noticeable differ-
ences in radii exist between the outer and inner streamline; in other words, with all 
impellers not having axis-parallel blade leading or trailing edges. This is true for 
semi-axial and axial impellers at the inlet and outlet. The same situation is found 
at the inlet of radial impellers if (as is common practice) the blades are advanced 
into the impeller eye. Radial impellers with axis-parallel trailing edges do not have 
this type of recirculation driven by centrifugal forces. 
5.1.5 The pattern of recirculation at Q = 0 determined by the centrifugal forces is 
not changed in essence either by the type of impeller blading or the design of the 
casing. As is shown by experience and a large number of measurements, this basic 
recirculation pattern is found at the impeller inlet of multistage radial pumps with 
return vanes, in axial pumps with suction bells as well as at the impeller outlets of 
semi-axial and axial impellers, irrespective of whether a volute, an annular collec-
tor or a diffuser is arranged downstream. 
5.1.6 Figure 5.2c shows the flow patterns resulting from Fig. 5.2b in a semi-axial 
pump (described by Pfleiderer in 1938, [5.1]). As deduced above and confirmed 
by experience, these conditions develop at Q = 0 as a matter of course. Since this 
recirculation pattern cannot arise all of a sudden, already at higher flow rates con-
ditions must develop at which some fluid exits from the impeller near the outer 
streamline and re-enters near the hub, Fig. 5.2c. 
5.1.7 The recirculation described above develops due to centrifugal forces. Quali-
tatively it is independent of the type of pump and its design parameters. If the flow 
is attached during operation near the best efficiency point, although we observe 
fully developed recirculation shut-off, we are bound to conclude that the first 
separations occur in the impeller and in the collector somewhere between best ef-
ficiency point and operation at Q = 0. It is fundamental to realize that this behavior 
is inevitably found in all pumps – regardless of the Q-H-curve being stable or un-
stable, whether or not excessive hydraulic excitation forces and pressure pulsa-
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tions occur or cavitation problems due to partload are observed. Consequently, the 
occurrence of separation and recirculation is a necessary but not sufficient condi-
tion for that kind of partload problems. During the design process, it can be at-
tempted to shift separation and onset of recirculation towards the smallest possible 
q*, but separation and recirculation cannot be totally avoided. The aim should 
rather be to avoid damaging recirculations. Unfortunately, this limit is not clearly 
defined since the (possibly detrimental) effects of a recirculation with a given in-
tensity depend on the design of the pump. For example, the vibration amplitudes 
measured on a pump with given hydraulic excitation forces are influenced by the 
rotor damping in annular seals and bearings. Or, the occurrence or absence of 
cavitation erosion is not only determined by the hydraulic cavitation intensity but 
also by the impeller material and the fluid characteristics (Chap. 6.6). 
5.1.8 The finding that the flow is attached at the best efficiency point and that 
fully developed recirculation occurs at Q = 0, allows yet another conclusion. The 
physical mechanisms of energy transfer from the impeller to the fluid are likely to 
be fundamentally different in attached flows and fully separated flows. According 
to Chap. 4.1.6, the ratio of shut-off head to rated head increases strongly with in-
creasing specific speed, reaching values around 3 to 5 in axial pumps. If such high 
pressures are generated during recirculation, these mechanisms must be highly ef-
fective (irrespective of the fact that the absolute value of the head coefficient falls 
with increasing nq). 

5.2 The flow through the impeller 

5.2.1 Overview 

The 3-dimensional flow distribution in the impeller determines not only the en-
ergy transfer from the blades to the fluid (including the slip) and the hydraulic 
losses but also the pressure recovery and possible separations in the collector. This 
is because the velocity distribution at the impeller outlet has a considerable impact 
on the flow development in the diffusing elements. To ignore this fact is one of the 
main weaknesses of the one-dimensional theory covered in Chaps. 3 and 4. Nu-
merous measurements in impellers have shown that there is an infinite variety of 
velocity profiles which depend on many geometrical and hydraulic parameters. To 
describe the flow patterns by simple means is impossible. The models developed 
in the following are intended to help understand the complex relationships and to 
draw conclusions for the evaluation of numerical flow calculations and the design 
of impellers using such insight.  

The impeller flow follows curved paths in the absolute reference frame. As dis-
cussed in Chap. 1.4.1, this is possible only if a pressure gradient is acting in the di-
rection of the momentary center of streamline curvature. This pressure gradient 
generates the centripetal force required to keep the fluid element on its curved 
path. The pressure gradient caused by the streamline curvature constitutes the sole 
mechanism by means of which an impeller is able to increase the static pressure. 
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This fact explains why the fluid is able to flow from the lower suction pressure to 
the higher outlet pressure and why the static pressure in the impeller increases al-
though the flow in the absolute reference frame is accelerated. 

Consequently, the pressure rise in the impeller is exclusively generated by the 
blades imparting an absolute velocity with tangential components cu to the fluid. 
The pressure field develops in a way that the equilibrium with the body forces is 
maintained. If the impeller flow is treated from the view of an observer in the ro-
tating system where centrifugal and Coriolis acceleration have to be considered, 
these body forces are generated through: (1) the centrifugal acceleration due to ro-
tation bz = ω2×r; (2) the Coriolis acceleration bc = 2ω×w; (3) the centrifugal accel-
eration due to the streamline curvature bz = w2/Rsl (Rsl being the momentary radius 
of the streamline). Neglecting shear stresses due to wall friction and exchange of 
momentum between streamlines, it is possible to write the equilibrium of forces in 
steady flow conditions as follows: 

sl
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2

R
w

n
rrw2

n
p1 −

∂
∂ω+×ω=

∂
∂

ρ
 (5.1) 

Because of the boundary layers, the flow turning in the meridional section and 
flow deflection by the blades, the velocity distribution in an impeller is always 
non-uniform. The flow kinematics determined by the impeller geometry creates a 
pressure field which is imposed on these non-uniform velocity distributions. To 
maintain the equilibrium of forces according to Eq. (5.1) at any point, the stream-
line curvature adapts and compensatory flows perpendicular to the main flow de-
velop. These “secondary flows” and their effects on the velocity profiles in the 
impeller will be discussed in the following sections. They have considerable influ-
ence on the losses and the pressure recovery in the collector and the stability of the 
head-capacity characteristic (“Q-H-curve”). 

Generally, secondary flows are induced when the fluid is subjected to forces 
acting perpendicular to the main flow direction. These forces generate correspond-
ing pressure gradients which are determined by the resultant of the centrifugal and 
Coriolis accelerations according to Eq. (5.1). Consequently, the ratio of these ac-
celerations determines the direction into which the flow will be deflected. The 
“Rossby number” defines this ratio: 

c

z
b
b

Ro =  (5.2) 

Since the Rossby number so defined relates two opposing forces acting perpen-
dicular to the main flow it can be aptly described as “secondary flow parameter”. 
As is shown in the following, at least three Rossby numbers must be used to de-
scribe the secondary flows between the blades, in axial impeller flow and in the 
curved meridional section. Different definitions of the Rossby number are used in 
the literature, which should be considered for comparisons. 
The flow distribution in the impeller essentially depends on the interaction of the 
following effects: 
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• Blade forces (circulation or lift), caused by the flow around the blades.1 
• Centrifugal forces. Experience shows that the circumferential velocity imparted 

by an impeller to the fluid increases with the ratio of outlet to inlet radius. The 
explanatory term “centrifugal effect” is used for this phenomenon even though 
centrifugal forces do not exert any direct pumping effect.  

• Coriolis forces 
• Velocity distribution at the impeller inlet 
• Boundary layers 
• Annular seal leakages 
• Interaction between impeller and stator during recirculation 

Experience shows that shape and stability of the Q-H-curve are hardly affected 
by the rotor speed (in the range of practical interest) [5.6], [5.18], [5.37], [5.51]. 
Experiments on a three-stage pump in [5.17] yielded very similar - -curves in a 
speed range of 1:4 and in a range of Reynolds numbers of almost 1:20 (tests with 
cold and hot water). This finding allows the conclusion that the global partload 
behavior is not sensitive to the Reynolds number or to boundary layer effects, 
even though these should be responsible for the first local separation. Conse-
quently, the partload characteristic is essentially determined by the equilibrium of 
Reynolds-independent body forces according to Eq. (5.1). Fully developed recir-
culation – but not the onset of recirculation – is therefore modeled quite well by 
3D-Euler (i.e. non-viscous) calculations. 

5.2.2 Physical mechanisms 

5.2.2.1 The effect of the impeller rotation 

Consider a radial impeller with back-swept blades, Fig. 5.3. The velocity compo-
nent perpendicular to the drawing plane is considered zero. A fluid element at a 
given point on a curved path with radius Rsl at the relative velocity w is exposed to 
the following body forces (in addition to the pressure gradients): 

• the component of centrifugal acceleration bz1 = ω2×R×sinβ acting in the direc-
tion of w, 

• the component of the centrifugal acceleration bz2 = ω2×R×cosβ normal to w, 
• the acceleration due to streamline curvature bz3 = w2/Rsl perpendicular to w,  
• the Coriolis acceleration bc = 2w×ω normal to w, but opposite bz2 and bz3. 

The accelerations perpendicular to the momentary flow direction are primarily re-
sponsible for the secondary flow and, consequently, for the velocity distribution in 
the impeller channel. Obviously, the ratio (bz2+bz3)/bc determines whether the fluid 

                                                           
1 The term “blade forces”, introduced to ease understanding, is not quite exact: the force 

acting on the blade is the integral of the pressure distribution over the blade; this pressure 
distribution solely depends on the velocity distribution in the impeller. 
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element is deflected towards the suction or the pressure surface of the blade. This 
ratio is the Rossby number (with subscript B for “Blade”) defined in Eq. (5.2): 
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Fig. 5.3. Accelerations acting on a fluid element in a radial impeller 

If the Rossby number is near 1.0, no noticeable secondary flow would be ex-
pected; if it is smaller than 1.0, the Coriolis force predominates and the flow is de-
flected in the direction of the blade pressure surface; if it exceeds 1.0, the secon-
dary flow transports fluid to the suction surface of the blades. Since the flow 
distribution is always non-uniform due to boundary layers, meridional curvature 
and blade forces, secondary flows also occur at RoB = 1 in reality. 

Setting w = wu/cosβ, wu = u - cu and ψth = 2cu/u, the following expressions for 
the Rossby number are obtained: 
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Since the local relative velocity in the impeller channel is not constant, the local 
accelerations acting on the individual fluid elements vary as well. In a zone filled 
with stalled fluid, the relative velocity w is low, RoB tends toward infinity, and the 
centrifugal acceleration prevails. It transports stalled fluid towards the blade suc-
tion surface as shown by the direction of the tufts in the stalled fluid zones on the 
blade pressure surface in Fig. 5.1. 
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These relationships show qualitatively the effect of the impeller rotation on the 
secondary flow and the pitch-wise velocity distribution. The influence can be seen 
most clearly in a rotating pipe or channel. In this case cos β tends towards zero 
and Rsl to infinity. Then RoB is close to zero and a secondary flow towards the 
pressure surface develops. Measurements on a rotating channel of square cross 
section [5.3] in Fig. 5.4 and on a rotating diffuser [5.4] confirm this statement. 
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Fig. 5.4. Rotating channel of quadratic section, SS Suction side, PS pressure side, [5.3] 
a velocity distribution in the direction of the channel axis. b Constant-velocity curves and 
secondary flow 

The influence of the Coriolis acceleration disappears in the boundary layers, 
because the relative velocity close to the wall tends toward zero and RoB tends to-
ward infinity. The fluid transported by the secondary flow to the pressure surface 
can flow back to the suction surface in the zones near the wall (satisfying continu-
ity). This is evident from Figs. 5.4 and 5.10. Although the conditions with impel-
lers are significantly more complicated because of the additional influences to be 
discussed below, it is nevertheless possible to evaluate approximately the influ-
ence of the rotation: 

• With essentially radial blades (β2Β  90°), the flow conditions are similar to 
those in a rotating channel. The Rossby number tends toward zero and a strong 
secondary flow in the direction of the pressure surface must be expected. This 
implies a pitch-wise velocity profile having a maximum (“jet”) near the pres-
sure surface and, consequently, a deficit in the suction surface (“wake”), 
Figs. 5.4 and 5.11. The jet-wake flow pattern has been observed frequently in 
radial compressor impellers. 

• In the case of back-swept blades, the Rossby number according to Eq. (5.5) is 
close to 1.0. The flow is in a “delicate equilibrium”. The velocity distribution 
depends on many influences and is difficult to predict. Small changes in the ge-
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ometry or in the flow rate can cause the flow pattern to switch between differ-
ent states. 

• The Rossby number increases slightly with falling flow rate as per Eq. (5.3) 
since the relative velocity decreases at partload and the first term gains in sig-
nificance. The flow tends to shift towards the pressure surfaces of the blades. 

Within the impeller channels the Rossby number RoB introduced above is pre-
sumably below 1.0 in most cases (with the exception of zones with stalled fluid) 
so that the flow is deflected in the direction of the blade pressure surface. Equa-
tions (5.2) to (5.4) show that the secondary flow between the blades depends on 
several parameters which have an opposing effect on the two terms on the right-
hand side of the equations. The flow equilibrium in radial impellers with strongly 
back-swept blades can consequently develop in various ways which are difficult to 
predict. Therefore, the analysis of a large number of measured velocity profiles at 
the outlet of such impellers did not yield any general tendencies. 

5.2.2.2 The effect of blade forces 

An impeller transfers energy to the fluid when a lower pressure prevails on the 
suction surface than on the pressure surface. This is the case when the flow around 
the blades generates higher relative velocities on the suction surface than on the 
pressure surface, as sketched in Fig. 3.3. Consequently, the distributions of the 
static pressure and the relative velocity over the blade length develop as shown 
schematically in Fig. 5.5. The theoretical blade work is obtained from the integral 
over the pressure distribution; the proportionalities Yth ~ (pPS - pSS) and 
Yth ~ (wSS

2 – wPS
2) apply. As the flow rate is reduced, Yth increases; this would 

also be true for (wSS – wPS) if the secondary flow brought about by the Coriolis 
force did not partly or completely equalize this velocity difference. 

At the blade trailing edge, the pressure differential tends toward zero since a 
discontinuity in the static pressure distribution cannot exist in the free flow down-
stream of the impeller. The velocity distribution in the impeller adapts itself to-
wards the outlet so that this discharge condition is fulfilled (Fig. 3.3). This process 
results in the reduced flow deflection discussed in Chap. 3 which mainly develops 
in the last part of the blade downstream of a2 (see figure in Table 0.2). 

To understand the impeller flow, it is important to remember that the effects of 
the blade forces and the Coriolis force are opposed to each other. The flow around 
the blade tends to produce a velocity maximum near the suction surface (Fig. 3.3a, 
Profile k), while the Coriolis force according to Fig. 5.4 would rather shift the 
maximum of the relative velocity to the pressure surface. Measurements fre-
quently show that the velocity distribution at the impeller outlet is more uniform 
in the range of q* = 0.8 to 0.9 than at the best efficiency point. The mixing losses 
are correspondingly lower here. This feature is partly responsible for the maxi-
mum of the hydraulic efficiency being frequently found in this domain too. It does 
not coincide with the maximum of the coupling efficiency. This statement is also 
borne out by Fig. 4.16. 
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Fig. 5.5. Pressure and velocity distribution on an impeller blade (schematically) 

5.2.2.3 The effect of axial flow 

In axial and semi-axial impellers as well as in the axial inlet of a radial impeller, 
the centrifugal acceleration bz = u2/R and the Coriolis acceleration bc = 2wu×ω act 
on a fluid element according to Fig. 5.6. This produces a Rossby number which 
has been given the subscript “ax”: 
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Equation (5.6) shows that the Rossby number is below 1.0 in non-separated flow 
so that the fluid tends to be deflected towards the hub. With increasing flow rate, 
Roax drops and the secondary flow in the direction of the hub intensifies.  
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Fig. 5.6. Accelerations acting on a fluid element 
in axial flow 

Fig. 5.7. Secondary flow in an axial 
inducer [5.5] 
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If Roax exceeds 1.0, the secondary flow is directed outwards. In a stalled fluid 
zone (wu approaches zero) the Rossby number tends toward infinity and the flow 
is accelerated radially outwards. Roax becomes very large also in the boundary lay-
ers on the blades (because of the liquid adhering to the walls w → 0). The bound-
ary layer flow is therefore accelerated outwards through the centrifugal forces. 
The secondary flows in an inducer derived from measurements confirm these con-
siderations; see Fig. 5.7according to [5.5]. 

5.2.2.4 The effect of meridional curvature 

In a radial impeller the flow is deflected by 90° from the axial entry to the radial 
outlet. The meridional velocity component follows the behavior of the flow 
through a bend according to Fig. 1.10. At the entry to the bend, the velocity profile 
exhibits the highest velocity on the inner streamline due to the conservation of an-
gular momentum (c×r = constant). As the fluid progresses through the bend, a sec-
ondary flow builds up owing to centrifugal forces which shift the maximum of the 
velocity distribution near the outlet of the bend towards the outer wall. In Fig. 5.8 
these mechanisms are applied to the meridional flow of a radial impeller.  

The pressure difference between rear and front shrouds created through the cen-
trifugal acceleration bz2 = cm

2/Rm amounts to Δp = ρ×cm
2×B/Rm according to 

Eq. (1.29). The centrifugal acceleration generated by the bend and a component of 
the Coriolis acceleration bc = 2w×ω both contribute to divert the flow towards the 
hub, Fig. 5.8. This tendency is opposed by the component of the centrifugal accel-
eration bz1 = u2/R which is caused by the rotation (see Figs. 5.6 and 5.8). The sec-
ondary flow can be described through the Rossby number Rom: 
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Fig. 5.8. Accelerations and velocities acting in the meridional section 
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The effect of the blade forces and the blade Rossby number are superimposed on 
this process. The flow becomes fully 3-dimensional and unpredictable because 
one or the other effect is predominating at times. Added to this is the backflow 
from the collector at partload. Thus the maximum in the velocity distribution can 
be found either near the rear shroud, when the influence of the meridional curva-
ture is controlling the flow, or near the front shroud, when the centrifugal force 
predominates in those parts of the blade channels, where the flow has an axial 
component. 

It should well be noted that the meridional curvature exerts a crucial influence 
on the span-wise velocity distribution, while the pitch-wise distribution is deter-
mined by the blade forces and rotation. 

5.2.3 The combined effect of different mechanisms 

The discussion of the various forces acting on the flow has shown that the velocity 
profile in the impeller (and at the impeller outlet) can have its maximum near the 
rear or front shroud as well as on the pressure or suction surface of the blade. 
What the velocity distribution of a given pump really looks like at a given flow, 
can be neither easily predicted nor readily explained by measurement or numerical 
calculation, unless a distinct mechanism can be found to predominate. Particularly 
difficult to assess is the flow in radial impellers of specific speeds from 
nq = 50 to 100 since the blade trailing edges are near the zone where the curvatures 
of the meridional section are severe. If the secondary flow is asymmetrical a spi-
ral-shaped flow pattern develops in the impeller channel. In this case the velocity 
distribution at the impeller outlet depends on the point at which the impeller trail-
ing edge “cuts through the spiraling flow”. This model explains why apparently 
totally inconsistent velocity distributions are observed at the impeller outlet as 
functions of the specific speed as well as the flow rate.  

Asymmetrical spiral-shaped flow patterns can also be obtained from the super-
imposition of the curved flow through the meridional section (Fig. 5.8) with the 
secondary flow (Fig. 5.4) caused by the rotation. This generates a flow pattern ac-
cording to Fig. 5.9, see also [5.50]. 

In general it can be said: the secondary flows caused by body forces direct fluid 
in the core flow from low-pressure zones to zones of higher pressure. In the 
boundary layers the fluid then flows back from the higher to the lower pressure for 
reasons of continuity, Figs. 1.12, 5.9 and 5.10. 

Where the effects of the meridional curvature (Chap. 5.2.2.4) and the blade 
forces (Chap. 5.2.2.2) are superimposed, a zone with minimum energy transfer 
(called “wake”) is generated. It is located in the corner between the front shroud 
(c2m-minimum according to Fig. 5.8) and the blade suction surface (w-maximum 
according to Fig. 3.3). Added to this is the effect of the Coriolis acceleration 
which transports fluid in the direction of the blade pressure surface. For reasons of 
continuity, fluid is transported back through the boundary layers on the shrouds to 
the blade suction surface. 
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SS  
Fig. 5.9. Combination of the secondary flows caused by curvature and rotation; FS front 
shroud, RS rear shroud, SS suction side, PS pressure side 

Low-energy fluid from the boundary layers thus accumulates in the front shroud 
suction surface corner. The wake flow is enhanced in this way. Figure 5.10 shows 
which type of secondary flow is established.  

This type of flow pattern has frequently been observed in measurements, espe-
cially in highly loaded radial compressors but also in pumps. Figure 5.11 shows 
the cm-distribution at the outlet of a compressor impeller with back-swept blades. 
Another example is given by the tests on semi-axial impellers reported in [6.44], 
which clearly show the energy deficit in the front shroud suction surface corner. 

The zone of low energy transfer in an impeller is frequently located on the front 
shroud covering the entire pitch rather than being concentrated in the corner next 
to the blade suction surface. The wake has an effect on the pressure recovery in 
the collector, the recirculation at the impeller outlet and the stability of the Q-H-
curve. 

The theoretical blade work is obtained from the integral over u×cu at the impel-
ler outlet, while the useful energy transferred to the fluid follows from the integral 
of the total pressure at the impeller outlet (in each case after deduction of the cor-
responding integral values at the impeller inlet). The quotient of both quantities 
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Fig. 5.10. Secondary flow in a radial impeller. a from [5.29]; b according to the models de-
veloped in this chapter; SS suction surface, PS pressure surface 



200      5 Partload operation, impact of 3-D flow phenomena performance 

 

0.6

0.4

0.2

0
0.90.70.50.30.10

0.9
0.7

0.5
0.3

0.1

1.0

1.0

SSPS 

z/b

y/l 

c m
(y

,z
)/u

2

Front shroud

Rear shroud

 

Fig. 5.11. Meridional velocity at the outlet of a radial compressor impeller [5.28] 
 
yields the hydraulic impeller efficiency. Due to the diffuser losses, it is higher than 
the hydraulic efficiency of the pump. A specific value of the integral can be gener-
ated by an infinite variety of different velocity profiles at the impeller outlet. Con-
sequently, the shape of the impeller outlet velocity profile has no direct impact on 
the transferred energy at a given value of the integral. This influence becomes 
really effective in the collector.  

5.2.4 Recirculation at the impeller inlet 

During operation at shut-off, recirculation is bound to develop inevitably at the 
impeller inlet as discussed in Chap. 5.1.2. The fluid flows back on the outer 
streamline from the impeller into the suction chamber, from where it re-enters the 
impeller near the hub. Due to the energy received by the blades, the fluid recircu-
lating from the impeller has a circumferential velocity. The recirculated fluid 
mixes with the liquid in the suction chamber and induces a pre-swirl to the net 
flow through the pump by exchange of momentum. The pre-rotation at low flow 
decreases from the outer to the inner streamline as shown in Fig. 4.9. 

The rotation of the fluid generates a parabolic pressure distribution in front of 
the impeller. If no ribs or structures upstream of the impeller hamper the rotation, 
the swirl progressively enters the suction pipe when the flow rate is reduced. The 
induced swirl can be detected in the suction pipe as far as L/D > 10. If no struc-
tures are available for preventing fluid rotation, the measurements are falsified by 
the suction pressure being recorded too high. Consequently, the head measured is 
too low, whereas the NPSH values are too high. When testing axial suction pumps 
a flow straightener or a cross in the suction pipe is therefore absolutely required. 
At low load the inlet pressure must be measured upstream of such elements; near 
best efficiency point and beyond, the inlet pressure is measured downstream, 
Chap. 5.2.6 and Fig. 5.16. 
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The features of recirculating flow described above are confirmed without ex-
ception by countless tests on radial, semi-axial and axial impellers. The recircula-
tion patterns developing in the meridional sections of radial and axial impellers are 
schematically shown in Fig. 5.12 (for semi-axial impellers see Fig. 5.2c). Fig-
ure 4.9 shows the velocity distributions measured at the inlet of an axial impeller. 
In that example the recirculation starts on the front shroud at about q* = 0.6. The 
intensity of recirculation rises with decreasing flow rate; thus the extent of the re-
circulation zone, the negative cm and the pre-rotation cu all increase. 
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Fig. 5.12. Recirculation flow patterns (components in the meridional section) 

Even if the conditions described above are qualitatively the same with all im-
pellers, there are considerable quantitative differences in terms of onset and inten-
sity of recirculation. The onset of inlet recirculation was the topic of many investi-
gations, e.g. [5.6 to 5.10], but a generally applicable method for prediction has not 
been found to date (nor is it likely to be developed).  

Two prerequisites must be fulfilled for triggering impeller inlet recirculation in 
the form observed: 

(1) The flow must separate locally. 
(2) Strong pressure gradients must develop perpendicular to the direction of the 

main flow. 

One condition alone is not sufficient: neither separation over the entire blade 
height in a plane cascade nor pressure gradients across the flow (e.g. in a sharp 
bend) will result in a recirculation of the type observed at the impeller inlet. The 
local flow separation not only depends on boundary layer effects but also on the 
equilibrium of forces. As discussed above, this equilibrium is determined by many 
geometrical parameters as well as the flow rate. These effects can be calculated by 
numerical methods at best. Any attempt to capture them by a few simple parame-
ters in a generally valid way in order to predict the onset of recirculation has little 
chance of success, given the complex geometries and flow conditions. Simple cor-
relations may be successful for a specific group of pumps of a similar design, 
[5.7], but fail to yield generic results [5.11], [B.20]. 

The incidence, seen as responsible for the onset of recirculation by many au-
thors, has an effect on local flow separation near the leading edge, but it neglects 
the effects of the pressure gradients across the flow and the deceleration in the im-
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peller throat. A correlation of the onset of recirculation with the incidence is there-
fore not possible, as was demonstrated in [B.20] utilizing data from [5.6]1. During 
the tests in [5.6] semi-axial impellers (nq = 180) with five different bladings were 
investigated: the recirculation at the inlet started at incidences between zero and 
11° or deceleration ratios from w1q/w1a = 0.42 to 0.61. Recirculation can thus start 
even at zero incidence if the flow is decelerated strongly downstream of the lead-
ing edge. The flow phenomena involved are explained in Fig. 5.13; there are plot-
ted against the flow rate: (1) the relative velocity w1, obtained from the velocity 
triangles for the outer and the inner streamlines, (2) the mean velocity 
w1q = QLa/(zLa×A1q) in the throat area at the impeller inlet, obtained from the conti-
nuity equation. To the right of point 1 the flow is accelerated from w1 to w1q; to 
the left of point 1 it is decelerated on the outer streamline. Since the velocity at 
Q = 0 cannot be decelerated to zero, the flow is bound to separate at some stage. 
Essentially independent of the incidence, this separation is determined by the 
throat area (in other words, the deceleration ratio w1q/w1a). Figure 5.13a also 
shows how pressure differentials can develop perpendicular to the main flow: the 
deceleration near the inner streamline starts at a lower flow rate, since the relative 
velocity (because of the smaller radius) is considerably lower than on the outer 
streamline. Up to the point of stall, higher pressures develop on the outer stream-
line than on the hub. As soon as a separation zone develops in which the relative 
velocity drops, the stalled fluid is transported by centrifugal forces towards the 
outer streamline (see Chap. 5.2.2.3). This process ultimately causes back-flow into  
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Fig. 5.13. Flow deceleration at the impeller inlet, [B.20] 

                                                           
1 This was also the conclusion of Stoffel and Weiß based on LDV-measurements in three 

radial impellers, [5.39]. 



 5.2 The flow through the impeller      203 

the suction plenum when the zone of stalled fluid has sufficiently grown in size. 
From this follows: The greater the ratio of the outer to the inner streamline radii 
r1a/r1i, the greater are the pressure differentials perpendicular to the flow direction 
and the higher are the onset and intensity of the recirculation. This fact also ex-
plains why the onset of recirculation q*RB = QRB/Qopt generally increases with 
growing specific speed, and why recirculation starts at relatively low flow rates in 
impellers with axis-parallel (or slightly oblique) leading edge. Conversely, the re-
circulation starts at identical flow rates, if a set of impellers of various specific 
speeds is designed with the same impeller inlet parameters – in particular with 
identical values for r1a/r1i and w1q/w1a (this situation is depicted in Fig. 3.8). The 
impeller outlet exerts little influence on the onset of recirculation as confirmed by 
measurements reported in [5.39]. 

The hypothesis that the incidence is crucial for the onset of recirculation, is also 
contradicted by the following consideration (refer to Fig. 5.13b): Since the blade 
angles near the inner streamline are usually larger than at the outer streamline, the 
incidence near the hub increases faster than on the shroud when the flow rate is 
reduced. If recirculation primarily depended on the incidence, it would occur near 
the hub rather than at the outer streamline. However, if the deceleration w1q/w1 
over the blade height is considered, the greatest deceleration actually occurs near 
the outer streamline, since this is where the relative velocity is greatest. As dis-
cussed above, this deceleration also generates a pressure gradient across the main 
flow, which is a prerequisite for the onset of recirculation. 

Strong deceleration of the relative velocity from w1 to w1q generates a non-
uniform velocity distribution on the first portion of the blade between leading edge 
and throat area. This is depicted schematically in Fig. 5.14 for various q*. 

w1 
q* >> 1

q* = 1

q* << 1

 
Fig. 5.14. Distribution of relative velocity in the impeller inlet throat area 

Recirculation develops on the pressure surface of the blades from a velocity deficit 
(which is already evident at q* = 1) because the relative velocity is decelerated 
more strongly on the blade pressure surface than on the suction surface. This 
pitch-wise non-uniformity is induced by the work transfer (see Fig. 3.3), except 
for high flow rates with q* >> 1 and wPS > wSS. As has been explained in 
Chap. 5.2.2.1, the effect of the Coriolis forces diminishes with respect to centrifu-
gal forces in zones with low relative velocity. Stalled or low-velocity fluid on the 
pressure surface is thus transported outwards by centrifugal forces. This process 
triggers a flow recirculation of the type shown in Fig. 5.2. 
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Since the absolute blade inlet angles in a pump are usually small, the incidence 
at partload amounts to a few degrees only. Moreover, with falling flow rate a pre-
rotation is increasingly induced by the blades acting on the approaching flow. 
Consequently, flow separation caused by incidence downstream of the leading 
edge is local and of limited extent as sketched in Fig. 5.14. Local separation as 
such does not necessarily induce recirculation.  

Further investigations may be quoted in this context: (1) In experiments on a 
radial impeller with different approach flow conditions, the velocity distribution 
upstream of the impeller was modified by screens in order to change the incidence 
over the blade height, [5.10]. No correlation could be found between the onset of 
recirculation and the incidence. However, if these experiments are evaluated in 
terms of the deceleration ratio w1q/w1, the onset of recirculation is shifted to higher 
flow rates when w1q/w1 decreases. (2) A radial compressor was examined in 
[5.33]; in both impellers investigated recirculation was found to occur at the same 
flow rate despite different blading. This observation can be interpreted in the sense 
that the pressure difference across the main flow was instrumental for triggering 
recirculation since the ratio d1a/d1i was almost identical in both impellers. 

Typically, recirculation starts at QRB/Qopt = (0.4 to 0.75) ± 0.1 (ascending from 
nq = 10 to 300). According to the evaluations in [B.20], recirculation started when 
the deceleration ratio w1q/w1a was in the range of 0.4 to 0.65. Below w1q/w1a = 0.4, 
recirculation was observed in all of the pumps analyzed. However, an attempt to 
correlate the critical deceleration with geometrical dimensions was unsuccessful. 
The overall deceleration can be expressed through: 
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An empirical correlation of the inlet flow coefficient for the onset of recirculation 
has been determined from the data reported in [B.20]: 

ϕ1,RB = 0.03 + 0.16 (1 + b1/RRSW) (d1a/d1i) (zLa A1q/A1) (5.7b) 

This correlation exhibits only a relatively low scatter of about ± 10% although it 
comprises radial and axial impellers. A broader data base would be desirable to 
check whether this correlation may be applied in general. At any rate, Eq. (5.7b) 
contains three essential elements: (1) The term zLa×A1q/A1 quantifies the decelera-
tion of the relative velocity according to Eq. (5.7a) – the higher A1q/A1, the greater 
is the deceleration and the earlier is the recirculation onset. (2) The ratio d1a/d1i is a 
measure for the pressure differentials over the blade height – the greater d1a/d1i, the 
higher are the pressure gradients and the earlier the recirculation onset. (3) The ra-
tio b1/RRSW describes the curvature in the meridional section which is significant 
for separations in the impeller channel: severe curvature results in premature sepa-
ration and recirculation. 

Apart from the large recirculation zone at the leading edge, additional zones of 
more localized stall and recirculation are observed within the impeller channel at 
low load, see Fig. 5.1. Pronounced separation is noticeable on the blade pressure 
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surface, roughly in the middle between inlet and outlet. Another recirculation is 
found on the rear shroud near the outlet. If stalled fluid from within the channels 
joins the recirculation at the inlet, fluid entering the suction plenum can attain con-
siderable circumferential velocities. Thus c1u > u1 can be measured in the recircu-
lation zone immediately upstream of the blade leading edge. Similar phenomena 
were reported in [5.39]. 

The following parameters determine the pressure gradient perpendicular to the 
flow direction and thus influence the onset and intensity of recirculation: 

• The ratio of the diameters at the outer and inner streamlines d1a/d1i at the blade 
leading edge is presumably the most significant parameter. This ratio increases 
with the specific speed. The onset qRB* and intensity of recirculation generally 
increase with nq. Large-eye suction impellers with large d1a/d1i exhibit the same 
tendency. Impellers with axis-parallel leading edges (d1a = d1i) generate little 
recirculation (therefore tending to instability, as explained below). 

• The smaller the throat area at the impeller inlet, the lower is the tendency to-
wards recirculation since w1q/w1 increases. 

• Incidence or blade inlet angle and the angle distributions along the streamlines 
exert rather a secondary influence. 

• The position of the leading edge in the meridional section and in the ground 
view (forward or backward sweep). 

• Curvature of the front shroud in the meridional section. 
• Number of impeller blades. 
• Flow rate and velocity distribution upstream of the impeller. 
• Boundary layer thickness on the front shroud, which is also influenced by the 

amount of the annular seal leakage and the geometry introducing the leakage.  

In summary, it should be noted: 

1. Recirculation at the impeller inlet always occurs at the outer streamline. It 
starts when the deceleration of the relative velocity at the throat w1q/w1a ex-
ceeds a certain threshold, which depends on the shape of the impeller.  

2. Even pumps with stable characteristics that do not present the slightest prob-
lems during partload operation inevitably are subject to partload recirculation. 

3. Recirculation does not originate immediately downstream of the impeller blade 
leading edges but rather near the throat area or near a sharp curvature where 
the greatest pressure differentials over the blade height occur. The equilibrium 
of forces between the streamlines is crucial for recirculation.  

4. Pressure gradients perpendicular to the main flow direction can be explained 
by centrifugal forces and by different decelerations of the relative velocity on 
the outer and inner streamline (w1q/w1a smaller than w1q/w1i). 

5. Although boundary layer effects may influence the first local separation, onset 
and intensity of recirculation are virtually independent of the Reynolds number. 
This statement is confirmed by the experiments in [5.16] in the range of inter-
est for water pumping.  

6. A correlation of the onset of recirculation with incidence is not possible. 
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7. Recirculation is preceded by separation on the pressure surfaces of the blades 
near the outer streamline. 

8. Stall and recirculation depend on the 3-dimensional velocity distribution in the 
impeller and the approach flow; such effects cannot be fully described or pre-
dicted by simple methods. 

9. Several zones with separation and recirculation can occur in the impeller chan-
nel. This is shown in particular by the observations of tufts in Fig. 5.1 or the 
measurements in [5.37] to [5.39]. 

10. A collector which guarantees largely uniform pressure distribution over the 
impeller circumference has only little influence on the inlet recirculation. In 
contrast, a volute casing generates a non-uniform pressure over the impeller 
circumference at partload. Then, the individual impeller channels operate at 
different operating points on the Q-H-curve, as imposed by the local pressure 
in the volute, Chap. 9.3. The inlet recirculation is affected by these asymme-
tries. Presumably back-flow is strongest at the circumferential position with 
the highest volute pressure, since the impeller channels there operate at the 
lowest flow, see Table D9.1. 

11. Trimming of the impeller outer diameter changes the inlet recirculation only if 
the blades are shortened severely. 

5.2.5 Flow at the impeller outlet 

As shown in Fig. 5.12, recirculation also occurs at the impeller outlet. This topic is 
discussed in context with the diffuser flow in Chap. 5.3, since the recirculation oc-
curs from the stator into the impeller. As a consequence, there is a strong interac-
tion between both components. At low partload, due to excessive deceleration, 
flow separations also occur within the impeller channels. This is shown by Fig. 5.1 
and corroborated by [5.38]. Extensive stall is in particular observed in impellers 
with large outlet angles or large relative outlet widths b2/d2 (as shown by meas-
urements on a dredge pump in [5.41]). 

According to Chap. 5.2.2, the velocity distribution at the impeller outlet de-
pends on a sensitive equilibrium of various mechanisms. Therefore, it cannot eas-
ily be predicted whether the velocity maxima occur near the rear or front shroud or 
in the middle of the passage. As shown in Fig. 5.12, this also applies to the posi-
tion of the recirculation zone: all cases shown there were observed. Nevertheless, 
the analysis of a large number of tests allows some general statements on the dis-
charge flow distributions of radial, semi-axial and axial impellers: 

• At any load point – even at Q = 0 – there is at least one domain of the impeller 
or “one streamline” where a “quasi-normal” energy transfer from the blades to 
the fluid can be assumed. This is demonstrated by Fig. 5.15 where the maxi-
mum circumferential component of the absolute velocity was plotted as 
c2u,max/u2 against q* (c2u,max represents the local maximum measured in the out-
let profiles). Between q* = 0 and 0.5, the ratio c2u,max/u2 reaches values from 0.5 
to 0.7 in all of the experiments. The recirculation and zones of stalled fluid 
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therefore appear to develop according to the principle of the least resistance in a 
way that a part of the impeller, or a streamline, operates with that deceleration 
which is just tolerated without flow separation.  

• The circumference-averaged c2m and the c2u distributions are strongly non-
uniform at partload. Where c2m becomes negative (that is, where recirculation 
occurs) c2u becomes significantly smaller than with positive c2m. This applies to 
radial, semi-axial and axial impellers. The finding is in contrast to what would 
be expected when drawing a velocity triangle for the considered “streamline” 
because a small meridional component would be connected to a large circum-
ferential component. The simultaneous occurrence of small cm and cu compo-
nents is an indication of flow separation. 

• With semi-axial and axial impellers as well as radial impellers with an oblique 
trailing edge (“oblique trimming”), recirculation always occurs on the hub (rear 
shroud). This because the outer streamline generates more pressure at partload 
than the inner streamline due to the action of centrifugal forces, Chap. 5.1.3. 
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Fig. 5.15. Maximum local values of c2u/u2 for various impellers 

5.2.6 Experimental detection of the onset of recirculation 

The onset of recirculation at the impeller inlet can be determined experimentally 
by various methods:  

• The easiest way is to measure the pressure increase generated by the fluid rota-
tion according to Fig. 5.16. To do so, one pressure tapping is placed as close as 
possible to the impeller inlet while a second pressure tapping is installed at 
some distance upstream in the suction pipe. Between both tappings a flow 
straightener, a cross or ribs prevent fluid rotation at the upstream measuring lo-
cation. The pressure difference between both pressure tappings is recorded. The 
measured head difference ΔHs is plotted against the flow rate: at flows without 
recirculation, ΔHs = f(Q) yields a parabola corresponding to the pressure loss 
between the two measuring points. Where noticeable recirculation is present, 
the curve ΔHs = f(Q) clearly deviates from the parabola and ΔHs changes the 
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sign (as well demonstrated by Fig. 5.16). The pressure drop caused by the flow 
straightener is very small at partload and does not significantly influence the re-
sults, but its impact can be easily taken into account by calculation. It is also 
possible to approximately determine the circumferential component c1u,a on the 
outer streamline from the measured ΔHs if it is assumed that the fluid rotates 
like a solid body. According to Eq. (1.27) this yields c1u,a/u1 = (2g⏐ΔHs⏐/u1

2)0.5. 
This calculation makes sense only if there are no swirl-breaking structures 
(ribs) present between the impeller and the pressure tapping closest to it (h2 in 
Fig. 5.16). 

• Observation of tufts or similar indicators of the flow direction. 
• Measurement of the velocity distribution using various velocity probes, hot 

wire instruments (when testing with air), or laser velocimetry 
• Measurement of pressure fluctuations in the suction pipe. At the onset of recir-

culation the pressure fluctuations increase suddenly. At a lower flow rate, i.e. in 
fully developed recirculation, they fall again – albeit not to the same level as 
near the best efficiency point. 
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Fig. 5.16. Determination of the onset of recirculation by means of pressure measurements 
in the suction pipe, nq = 90 

The experimental determination of the onset of the impeller outlet recirculation is 
not as easy as at the impeller inlet, because access is more difficult. The following 
methods are available: measurement of pressure fluctuations (the stochastic com-
ponents increase at the onset of recirculation, [5.7], [5.37] and [5.38]); velocity 
measurements by means of the methods mentioned above; observations of tufts by 
endoscope; determining the fluid rotation in the impeller sidewall gaps through 
measurement of pressure differences (described in Chap. 5.4.3 and Fig. 5.30). 
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5.3 The flow in the collector 

5.3.1 Flow separation in the diffuser 

The measurements depicted in Fig. 5.15 show that the absolute velocity at the im-
peller outlet at low partload reaches 50 to 70% of u2.  A flow with this velocity 
cannot be decelerated in the diffuser to zero at Q = 0 without a separation occur-
ring. Observations of tufts in the diffuser of a pump with nq = 22 in Fig. 5.17 con-
firm this, [B.20]. While the flow is attached at q* = 1.5, initial separations appear 
at q* = 0.94 near the diffuser outlet. At q* = 0.8, the stall spreads over the greatest 
part of the vane suction surface. At q* = 0.6, additional separations occur on the 
vane pressure surface, and recirculation in the direction of the impeller is visible 
on the rear shroud just in front of the diffuser vane leading edge. The recirculation 
zone grows with falling flow. Depending on the approach flow and the choice of 
the diffuser opening angle, the phenomena described occur with different pumps 
at different q*; but qualitatively they are typical for the flow through radial diffus-
ers. In particular, recirculation in all experiments occurred upstream of the diffuser 
vane leading edges or just before the volute cutwater (never in the middle between 
two vanes or near the vane suction surfaces). This behavior was also observed in 
radial compressors [5.27]. 

Flow separation at partload does not occur simultaneously in all diffuser chan-
nels. When reducing the flow rate from BEP, stall is first observed in one channel. 
Upon further reduction in flow, stall occurs in 2, 3 or more channels. This pheno- 
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Fig. 5.17. Flow observation in a diffuser (nq = 22), same test as in Fig. 4.5 [B.20] 
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menon is termed “alternate stall”, [10.68]. The stall cells may be unsteady. In this 
case the stall propagates from one diffuser channel to the next. This is known as 
“rotating stall” discussed in Chap. 10.7.2. Several reasons are responsible for the 
stall not occurring simultaneously in all diffuser channels: (1) flow at the impeller 
outlet non-uniform over circumference – for example due to non-uniform inlet 
flow; (2) geometric tolerances; (3) non-uniform pressure distribution downstream 
of the diffuser due to a volute or the discharge nozzle. In this case each diffuser 
channel can be considered as working against a slightly different system curve 
(see Chap. 10.7.1, Fig. 10.18). The last stage of a multistage pump can thus be-
have differently from the series stages where the flow is more or less rotationally 
symmetric.  

The flow conditions at the diffuser inlet can be assessed in a similar way as de-
scribed for the impeller inlet in Fig. 5.13: while the absolute velocity c2 at the im-
peller outlet falls with increasing flow rate, the velocity c3q in the throat area of the 
diffuser calculated according to the continuity equation increases from the theo-
retical value zero at Q = 0 proportionally to the flow, Fig. 5.18. Both curves inter-
sect at Q1 (where c2 = c3q). At Q > Q1 the flow in the triangular section at the dif-
fuser inlet is accelerated, i.e. the static pressure in the throat area drops in 
accordance with Bernoulli’s equation: at high flow rates cavitation is even possi-
ble in the diffuser, Chap. 6.2.5. If the pressure is measured in the throat area of the 
diffuser (subscript 3), H3-H2 becomes zero at Q = Q1. Somewhere below Q < Q1, 
the deceleration attains a level where the flow separates. At this point the curve 
(H3-H2) clearly flattens out, or, as in Fig. 5.18, has a local maximum. 

Tests on two diffusers with different throat areas show the phenomena ex-
plained above, Fig. 5.19. It is clearly visible that the curve ψ3-2 becomes zero at 
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Fig. 5.18. Flow deceleration and acceleration in the collector throat area [5.26] 
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c2 = c3q and that the separation point (maximum of ψ3-2) shifts to the left when the 
diffuser throat area is reduced. The efficiency at partload increases accordingly. 
The flattening of the Q-H-curve is evident where the separation in the diffuser oc-
curs. The static pressure increase in the impeller ψp is hardly affected by the dif-
fuser modification. 

As demonstrated by the experiments in Fig. 4.6a, volutes behave in this respect 
very similarly to diffuser pumps so that the considerations made using Fig. 5.18 
apply equally to volute pumps. In particular, a critical deceleration from c2 to c3q is 
also reached in volutes below a specific flow rate at partload where the flow sepa-
rates (c3q is then calculated with the local volute cross section or the volute throat 
area). Cavitation in the volute occurs where acceleration becomes excessive. 

Also the incidence has an effect – at least with regard to local flow separation. 
If the first part of the diffuser vane is designed so that the incidence in the critical 
flow rate is near zero, separation still occurs as soon as the permissible decelera-
tion is exceeded. This largely depends on the ratio c3q/c2 and the velocity distribu- 
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Fig. 5.19. Influence of the diffuser throat area on head-capacity curve [5.26] 
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tion at the diffuser inlet. Measurements on diffuser pumps in the range of 
15 < nq < 35 showed that the curve ψ3-2 = f(Q) became flat or unstable when c3q/c2 
reached values between 0.3 and 0.6, but a correlation with geometric data or the 
specific speed was not possible – most likely, because of the impact of the impel-
ler outlet flow distribution on the flow in the diffuser. 

5.3.2 Pressure recovery in the diffuser 

The pressure recovery in diffusers with specific speeds up to nq ≈ 80 largely de-
cides on whether the Q-H-curve becomes stable or unstable. Two zones must be 
distinguished for the pressure rise in the diffuser: (1) the triangular section from 
H2 to H3 in which the pressure rise (H3-H2) is measured; (2) the actual diffusing 
channel, where the pressure increases from H3 to H4, see Fig. 4.4 or sketches in 
Table 0.2. Up to the throat area, the flow in a volute behaves in a similar way as in 
the triangular section upstream of the diffuser throat, while the flow in the dis-
charge nozzle is comparable to the flow in the diffusing channel from H3 to H4 of 
a vaned diffuser.  

The measurements of (H3-H2) shown in Figs. 5.19, 4.5 and 4.6 reveal an impor-
tant pressure recovery in the triangular section at the diffuser inlet (or in the vo-
lute). It increases with falling flow rate up to a maximum value at which the flow 
separates. The deceleration ratio c3q/c2 is crucial for this pressure rise. In contrast, 
the pressure recovery in the diffusing channel from H3 to H4 rises with increasing 
flow rate in a manner which is similar to a conical diffuser in a pipe. This is true 
as well for a diffusing discharge nozzle of a volute casing. Near the best efficiency 
point and above the pressure recovery (H4 – H3) essentially increases with the 
square of the flow. The pressure recovery coefficients cp given in Figs. 1.14 or 
1.15 can be applied for an approximate assessment. In contrast, at partload the cp-
values fail to predict the pressure rise since a highly non-uniform velocity distribu-
tion prevails in the throat area. The actual kinetic energy at the throat is considera-
bly higher than the value that would be obtained by calculating c3q from the conti-
nuity equation. This is why the maximum throat velocity (rather than the average) 
is significant for the pressure increase (H4 – H3) in the diffusing channel. 

Below the flow rate at which the fluid stalls in the collector, especially at Q = 0, 
the pressure increase in the diffuser presumably follows other mechanisms than 
during normal diffuser flow. The Carnot shock could constitute such a mechanism 
because it describes the pressure increase following a sudden deceleration (expan-
sion of the cross section or fully separated flow). Applied to the diffuser inlet, the 
head increase would then become: 

g
)cc(c

)HH( q32q3
stat23

−
=−  (5.8) 

However, an evaluation of Eq. (5.8) with mean velocities shows that no pressure 
increase would occur at Q = 0 in the diffuser through this mechanism because of 
c3q = 0. Even at higher flow rates, the pressure recoveries calculated in the part-
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load range according to Eq. (5.8) turn out considerably lower than those actually 
measured. To correctly perform such calculations, the effect of recirculation and 
stalled fluid on cross sectional blockage would have to be considered. 

Another possible mechanism for the pressure increase with fully separated flow 
in the diffuser – especially in the triangular section – is the exchange of momen-
tum (compare to fluid couplings or regenerative pumps). This would mean that the 
head increases (like the power consumption) with the intensity of recirculation in 
fully separated flow. 

5.3.3 Influence of approach flow on pressure recovery and stall 

If the flow near the wall is already strongly decelerated and thick boundary layers 
prevail at the diffuser inlet, the pressure recovery deteriorates and the risk of stall 
increases (Chap. 1.6). This is equally true when the velocity profile at the diffuser 
entry is asymmetrical, for instance because of an upstream bend. These considera-
tions apply to vaned diffusers as well: if thick boundary layers or non-uniform ve-
locity distributions are present at the inlet, the pressure recovery is impaired and 
the tendency to separation increases. This fact has a major effect on the hydraulic 
losses and the stability of the Q-H-curve. 

The strong impact of non-uniform approach flows on diffuser pressure recovery 
is demonstrated by the tests in [5.12] and [5.35] from which the relationship: 

cp/cp,o = 1 - 2.25(Uf1 - 1)           with          
A

dA
c
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2
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can be derived as a very rough estimation of this effect (valid for 1 < Uf1 < 1.4). In 
Eq. (5.8a) cp,o is the coefficient with uniform and cp the pressure recovery with 
non-uniform approach flow velocity distribution. The non-uniformity is defined 
according to Eq. (8.19) with the meridional component of the velocity. If c2m near 
an impeller sidewall tends towards zero, the cp value drops to a fraction of its 
value with uniform approach flow, since hardly any pressure is recovered in the 
diffuser in the near-wall fluid due to insufficient kinetic energy. Obviously, a 
highly non-uniform approach flow with an energy deficit close to a wall can be 
expected to induce early flow separation in the diffuser. As discussed below, this 
feature needs not be a disadvantage with respect to the stability of the Q-H-curve. 
However, the efficiency deteriorates through non-uniform approach flow (refer to 
Chaps. 1.5.2 and 8.5).  

As stated in Chap. 5.2.4, two conditions have to be satisfied for recirculation to 
occur: the flow must separate and sufficiently high pressure gradients perpendicu-
lar to the main flow must be present. This also applies to the recirculation from the 
collector. Such pressure gradients can primarily be generated when the approach 
flow is non-uniform, causing the pressure build-up to vary across the diffuser 
width. To visualize this, the pressure rise in the diffuser could be considered for 
various streamlines of a non-uniform velocity profile according to Eq. (1.7). 



214      5 Partload operation, impact of 3-D flow phenomena performance 

Whether the flow in the diffuser separates on the side where c2 is at a maximum 
or where c2 is at a minimum depends on the other characteristics of the velocity 
profile. Consider a profile as sketched in Fig. 5.20a: due to deceleration the pres-
sure rise is greatest where c2 is at a maximum. This is where the flow will separate 
if either the pressure recovery in the diffuser is determined by the mean value of 
c2, or the maximum of c2 constitutes a local peak. In contrast, the maximum and 
average values of c2 differ only to a minor extent in Fig. 5.20b; the average c2 will 
therefore determine the pressure rise in the diffuser. On the side of the velocity 
deficit, the pressure build-up is smaller than average. Thus a secondary flow is 
generated and the fluid stalls where c2 has a minimum near the wall. 
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Fig. 5.20. Flow separation in the diffuser, S = flow separation, a separation at local excess 
velocity, b separation at local velocity deficit 

The effect of the non-uniform approach flow is superimposed on the general 
deceleration c3q/c2, which increases as the flow rate is reduced, refer to Fig. 5.18. 
The ratio c3q/c2 is critical for the onset of Q-H-curve instabilities. The investiga-
tions described in [5.13] can also be interpreted in this manner: The instabilities in 
the characteristics occur if an ever increasing non-uniformity of the diffuser ap-
proach flow – together with the growing general deceleration in the diffuser – 
leads to flow separation. Thereby the pressure recovery in the diffuser is greatly 
affected, while the static pressure rise in the impeller is hardly impaired. 

According to the above considerations, the span-wise non-uniformity of the 
(pitch-wise averaged) velocity components is significant for hydraulic losses and 
the stability of the Q-H-curve. Conversely, the pitch-wise non-uniformity has an 
effect on the unsteady forces and pressure pulsations. It causes an unsteady ap-
proach flow to the diffuser, increases the turbulence and consequently can have a 
favorable effect on the pressure recovery in the diffuser.  
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5.3.4 Flow in the volute casing 

A fluid element downstream of the impeller outlet moves in accordance with the 
conservation of angular momentum cu×r = c2u×r2 = constant, Chap. 3.7. Conse-
quently, the circumferential velocity in the volute drops with growing radius, 
while the static pressure increases from the inside to the outside according to 
Eq. (1.28). These pressure and velocity distributions, shown qualitatively in 
Fig. 5.21, are confirmed by experiments near the best efficiency point, e.g. [5.37]. 
At overload and partload operation, the volute cross sections do not match the im-
peller discharge velocities and the flow patterns in the volute deviate from the be-
havior shown in Fig. 5.21 (see also Chap. 9.3.3). The pressure gradients over the 
radius become flatter at partload, while they increase at overload.  

Similar to the flow through a bend or any curved channel, secondary flows are 
generated in a volute according to the mechanisms discussed in Chap. 1.4. The 
flow pattern has the shape of a double vortex according to Fig. 5.21 (refer also to 
Fig. 1.12); it becomes increasingly asymmetrical with growing non-uniformity of 
the impeller outflow. In flat, rectangular or trapeze-shaped volute cross sections a 
less intensive secondary flow is expected than in a volute of circular or square 
cross section (because of the smaller radius ratio).  

The deceleration of the flow in the volute is governed by similar mechanisms as 
discussed in context with Fig. 5.18 for diffusers. This follows from the experi-
ments shown in Fig. 4.6. However, the interaction between volute and impeller is 
weaker than with a diffuser: shut-off power and head (Po, Ho and Hp,o) are there-
fore smaller. Volute casings react in a less sensitive manner to a non-uniform im-
peller outflow than diffusers. Saddle-type instabilities of the Q-H-curve are there-
fore rarely found with volute casing pumps below nq = 70 (unless the 
characteristic Hp = f(Q) is unstable). 
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Fig. 5.21. Flow patterns in volute casings 

5.3.5 Flow in annular casings and vaneless diffusers 

In a vaneless diffuser, the flow pattern is largely in accordance with the conserva-
tion of angular momentum cu×r = c2u×r2. The pressure increases from the inside to 
the outside following Eq. (1.28). Since the velocity decreases in the boundary lay-
ers, the flow path curvature increases in order to keep the equilibrium with the ra-
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dial pressure gradients imposed by the main flow (see velocity cBL in Fig. 1.12). 
As a consequence, a spiraling secondary flow is established where the fluid in the 
boundary layer flows back from the outside to the inside. 

Since the effects of incidence are absent in a vaneless diffuser, the flow insta-
bilities are primarily caused by non-uniform velocity distributions at the impeller 
outlet. If c2u changes over the impeller width, the pressure recovery on different 
streamlines varies according to Eq. (1.28). Secondary flows are thus amplified and 
flow separations may be induced.  

As explained in Chap. 3.7, the length of the flow path which a fluid element 
follows in the vaneless diffuser, and consequently the friction losses, depend on 
the flow angle α3. At low flow rates the outflow angle decreases and the path 
length covered by a fluid element is extended. The growing boundary layer thick-
ness will ultimately lead to stall. For this reason, a critical flow angle was some-
times observed, below which the boundary layer separated and recirculations oc-
curred. The critical flow angle decreases if low-energy zones prevail at the side 
walls of the vaneless diffuser. The energy distribution over the width therefore 
plays a significant role. The flow tends to separate where the local kinetic energy 
at the impeller outlet is significantly below the average. The distribution of α3 
over the width of the vaneless diffuser is determined by the c2m and c2u profiles 
since tan α = cm/cu. Because of the strong impact of the local flow distribution on 
the secondary flows and local stall, it appears difficult to define a generally appli-
cable critical outflow angle. The tendency to separations – or the critical outflow 
angle – increases with the radius ratio r4/r2. The separation tendency falls with in-
creasing Reynolds number, turbulence and a growing ratio of width to radius b/r2.  

With unfavorable impeller designs, flow separation can occur even near the 
best efficiency point. These effects can be analyzed and avoided using numerical 
flow calculations. However, flow separations are unavoidable at low partload. 

During operation against a closed valve, the fluid circulates in the vaneless dif-
fuser far more intensively than in vaned diffusers. An exchange of momentum is 
effective only between the zones of stalled fluid in the vaneless diffuser and the 
impeller. Consequently, power consumption and shut-off head are lower than in 
vaned diffusers or volutes since the recirculating fluid has a higher circumferential 
velocity (refer to Fig. 4.6b). 

5.4 The effects of flow recirculation 

5.4.1 Effects of flow recirculation at the impeller inlet 

According to Table 3.3 the theoretical head can be written as: 
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The three terms on the right side of Eq. (5.9) have the following meaning: 
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• Hz = (u2
2 - u1

2)/(2g) is the head component generated by the centrifugal forces 
which merely depends on the inlet to outlet diameter ratio d1/d2 and is not af-
fected by the blade angles.  

• Hw = (w1
2 - w2

2)/(2g) is the head component generated by the deceleration of 
the relative velocity in the impeller. It depends on the blade angles, the flow 
rate and possible recirculation zones having an effect on the streamline pattern. 

• Hp,th = Hz + Hw constitutes the theoretical increase of the static pressure to be 
expected in the impeller if there were no losses. While Hp can be measured at 
the impeller outlet, Hz and Hw cannot be recorded separately. 

• Ha = (c2
2 - c1

2)/(2g) is the head component created through acceleration of the 
absolute flow in the impeller. It is largely converted into static pressure in the 
collector through deceleration. 

Figure 5.22 shows how these individual head components depend on the flow 
rate. In the domain where recirculation occurs, the presentation has a somewhat 
hypothetical character and applies at best to a streamline that works “more or less 
normally”. The centrifugal head component has been assumed in the graph as in-
dependent of the flow rate. This is only correct in the domain where no recircula-
tion at the impeller inlet is present, since the onset of recirculation will block the 
outer region of the impeller inlet cross section so that the flow is diverted to the 
hub (Fig. 5.12). The effective streamlines are shifted and enter the blading on a 
smaller radius than without recirculation. As a result, the centrifugal head compo-
nent increases. This head component can be estimated from Eq. (5.10) where d1eff 
describes the effective diameter on which the net through-flow enters the impeller: 
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Fig. 5.22. Static and dynamic head components as a function of flow rate ratio q* 
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The theoretical head increases due to the recirculation by the amount: 
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The head gained due to recirculation is determined by the extent to which the 
streamlines are shifted towards the hub. At the onset of recirculation the effect is 
small but it grows with decreasing flow rate until the recirculation reaches its 
maximum intensity at Q = 0 (Fig. 5.23). According to Eq. (5.11), the head compo-
nent caused by recirculation increases with the square of the ratio d1/d2. 

Since d1/d2 rises with growing specific speed, the gain in head due to recircula-
tion increases significantly with growing nq. This is shown in Fig. 5.24 where the 
centrifugal head component at the best efficiency point ψz,opt (without recircula-
tion) and the component ψz,o at shut-off are plotted against nq. The difference be-
tween both curves is the head increase ψRec,o caused by the recirculation at shut-
off. In axial pumps ψz,opt = 0 applies at the best efficiency point (because d1 = d2); 
at shut-off the streamlines shift strongly and ψRec,o reaches a maximum. In con-
trast, the head component caused by recirculation is small at low specific speeds, 
since the potential for streamline shifting diminishes because of the low blade 
height. As discussed in Chap. 5.1.2 and confirmed by experience, the intensity of 
recirculation increases with growing nq. 

The recirculation induces a pre-rotation in the incoming fluid (Fig. 4.9). Conse-
quently the theoretical head decreases according to Eq. (T3.3.1) (or Eq. 5.9: w1 
falls, c1 increases). Experience confirms this: if the recirculation-induced pre-
rotation is slowed down by structures, the head at partload and especially at shut-
off increases. Examples for this are the return vanes of multistage pumps and ribs 
in the suction nozzle or inlet casing. The theoretical aspects of the induced pre-
rotation are further discussed in Chap. 8.4. 

The influence of the inlet recirculation on the head according to Fig. 5.24 is 
most clearly observed in axial pumps. Figure 5.25 shows the characteristics of an 
axial pump with a hub ratio of 0.4 where the same impeller was measured both 
with and without diffuser. At q* = 0.65 the characteristic has a saddle which is due 
to flow separation. Below q* = 0.55, the characteristic increases steeply, since the  
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streamlines with increasing recirculation are shifted at the inlet towards smaller 
and, at the outlet, towards larger radii (Figs. 5.12 and 5.2). According to 
Eq. (5.11), ψRec,o = 0.84 should be expected for dn/d2 = 0.4, while 0.49 to 0.59 was 
measured. The diffuser generates only a minor increase in head and power at shut-
off, as demonstrated by a comparison of both characteristics. 

Most axial and semi-axial impellers have characteristics that resemble those 
shown in Fig. 5.25. Consequently, the gain in head observed when the pump oper-
ates with fully separated flow can be explained by the action of centrifugal forces. 
These cause a greater deflection of the fluid than the streamlined flow around the 
blade profiles near the design point. 

At low specific speeds, the effect of recirculation on the head predicted by 
Eq. (5.11) is far weaker than in the above example (Fig. 5.24). Figure 5.26 shows 
tests performed on a pump with nq = 16, where the head at partload increased no-
ticeably with an enlarged impeller inlet diameter (blade shape and angles re-
mained the same during this modification). According to Eq. (5.11), the theoreti-
cal gain in head coefficient at Q = 0 is approximately 0.043; the measured value is 
0.04. With the increased impeller eye diameter, the static pressure at the impeller 
outlet near the BEP is smaller than in the baseline test; it increases when operating 
with recirculation. Both observations are in agreement with Eq. (5.9) and 
Fig. 5.22. With the enlarged impeller inlet diameter, the power consumption in-
creased due to the growing recirculation (this increase is unexpectedly high). 

If the hub diameter (at otherwise identical geometry) is increased, the amount 
by which the streamlines can shift towards a smaller radius with recirculation is 
reduced; this causes the shut-off head to drop, [5.2]. 
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Fig. 5.26. Influence of impeller inlet di-
ameter on performance curves, nq = 16  
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According to the model discussed above, the head developed when operating 
with extensive inlet recirculation is significantly influenced by the effective di-
ameters at which the still “intact” streamline enters and leaves the blading, 
Fig. 5.12. Consequently, the position of the blade leading edge must exercise a 
considerable influence on the partload characteristic. This is indeed confirmed by 
experience and numerous publications. Figure 5.27 shows measurements on four 
impellers with different blade leading edge diameters at the outer and inner 
streamlines (blade numbers and the impeller outlet width were changed as well). 
In these tests, shut-off head and power rise with increasing impeller inlet diameter 
and growing ratio d1a/d1i in an altogether consistent manner. In summary: 

• If recirculation is fully developed at the impeller inlet, head, power consump-
tion and the static pressure rise in the impeller increase with growing recircula-
tion intensity. These effects are enhanced if the pre-rotation induced by the re-
circulation on the net through-flow is slowed down or eliminated through 
structures upstream of the impeller. 

• With rising specific speed (or with growing ratio d1a/d1i) these effects increase 
strongly. This explains the steep Q-H-curves and the high shut-off power of 
pumps with high nq and the influence of the blade leading edge on the partload 
characteristic. 

0

0.2

0.4

0.6

0.8

1

1.2

1.4

0 0.2 0.4 0.6 0.8 1 1.2 1.4
0

0.2

0.4

0.6

0.8

1

1.2

A1
A

A2
A3 Q/QRef

P/PRef

H/HRef

η/ηRef

 d1* 
i1

a1
d
d

 

A 0.61 1.55 

A1 0.67 1.71 

A2 0.6 1.1 

A3 0.6 1.29  

Fig. 5.27. Influence of impeller inlet on performance curves [5.8] 

5.4.2 Effect of flow recirculation at the impeller outlet 

When a fluid element flows back from the collector into the impeller, its velocity 
has a circumferential component near zero. In the impeller, the fluid is re-
accelerated to a higher velocity. If the conservation of angular momentum is ap-
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plied to this process, the result is an increase of the power consumption. This is 
well confirmed by experience.  

The effect of recirculation on the head is far less obvious. Generally it is as-
sumed that the recirculation will impair the head and be responsible for possible 
instabilities of the Q-H-curve. However, a closer examination of numerous ex-
perimental observations reveals that this assumption is, at best, part of the truth. 
Consider three stages with reference to the characteristics in Fig. 4.5 and the flow 
observations in the diffuser shown in Fig. 5.17: (1) local separation in the diffuser, 
(2) fully developed recirculation, (3) a “transition zone” between these two states. 
Local separation, as occurring in Fig. 5.17 at q* = 0.94, does neither significantly 
affect the pressure recovery in the diffuser nor the Q-H-curve. The pressure in-
crease in the collector becomes unstable only with severe separation at q* = 0.4. 
The Q-H-curve remains stable since the impeller at q* < 0.4 generates signifi-
cantly more static pressure due to recirculation at the impeller inlet (ψp increases 
markedly towards Q = 0). At shut-off the recirculation is fully developed. In the 
transition zone left to the maximum diffuser pressure at q* = 0.4, the recirculation 
is not yet developed to the extent that it is able to make a contribution to the stabi-
lization of the characteristic.  

Numerous test results and observations seem to prove that fully developed re-
circulation at the impeller outlet increases the head: 

1. As demonstrated by Fig. 5.28, the pressure recovery (H3 - H2) in the triangular 
section of the diffuser unmistakably increases with the intensity of recirculation at 
shut-off (as defined in Fig. 5.28). As expected, the power coefficient follows the 
same trend. Figure 5.28 covers 13 tests on radial pumps with nq = 15 to 35. 
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2. Measurements on a semi-axial pump (nq = 150) are shown in Fig. 5.29. Here, 
the static pressure ρ×g×Hp at the impeller outlet was measured on the outer stream-
line. Its curve Hp = f(Q) is stable. The slight saddle in the characteristic is caused 
by a deficit in the diffuser pressure recovery since the flow approaching the dif-
fuser is non-uniform over the blade height. In contrast to the measurements on ra-
dial pumps discussed above, the diffuser does not contribute to the pressure rise 
below q* = 0.67 (the contribution is even negative in a certain range). At the best 
efficiency point the pressure recovery in the diffuser is 15% of the head, at 
q* = 1.27 even 30%. As can be derived from the measurements of the pressure  
differentials ΔHs upstream of the impeller (installed and conducted according to 
Chap. 5.2.6, Fig. 5.16), the inlet recirculation started around q* = 0.55. Below 
q* = 0.5, head and static pressure rise in the impeller increase strongly due to re-
circulation at the impeller inlet. 
3. Figure 5.30 shows measurements on two impellers (combined with the same 
diffuser): impeller A has a stable, impeller B an unstable Q-H-curve. Impeller A 
develops a recirculation on the front shroud which grows continuously from 
q* = 0.5 to q* = 0. In contrast, the recirculation in impeller B is lower throughout 
the flow range than in impeller A; the same applies to the head. In particular, the 
minimum head of impeller B occurs at q* = 0.25 where the recirculation is zero! 
This finding is confirmed by the power consumption which also has its minimum 
at q* = 0.25. The static pressure rise of impeller A at Q = 0 is higher than that of 
impeller B. Obviously this was also caused by the stronger recirculation. 
4. The interaction between collector and impeller caused by recirculation is well 
demonstrated by Fig. 4.6b: below the onset of outlet recirculation at q* = 0.6, the 
static pressure rise in the impeller is significantly higher in the test with a vaned 
diffuser than with the vaneless design. A quite similar behavior is found when 
comparing volute and diffuser tests in Fig. 4.6a. 
5. The interaction between the flow in the impeller sidewall gaps E and F and the 
main flow is influenced by gap A between the front shrouds of diffuser and impel-
ler and by the overlap or the length of this gap. If gap A is large, the interaction 
due to exchange of momentum between the flow in the impeller sidewall gap and 
the main flow increases. If gap A is small, interaction only occurs by way of the 
energy transport through the leakage flow (see also Chap. 9.1 and Fig. 9.1). Many 
experiments have confirmed without exception that the pressure against a closed 
valve of a multistage pump increases if gap A is narrow [B.20] and [5.15]. As 
shown in Fig. 5.31 the power consumption changes only slightly in the process. 
The gain in head at partload can therefore be explained by the enhanced exchange 
of momentum between diffuser and impeller. Consequently, the static pressure 
rise in the impeller and the pressure recovery in the diffuser increase if gap A is 
narrowed (Fig. 5.31). 
6. Figure 5.32 shows the strong influence of the trailing edge position on the head 
of semi-axial pumps. Shape 1 produced significantly higher values for power con-
sumption and head than shape 2 where d2a was slightly reduced. Imagining the two 
extreme cases of an axis-parallel trailing edge (as with a radial impeller) and an 
essentially radial trailing edge (as with an axial impeller), the influence of the 
trailing edge on the recirculation is easily understood; see sketch in Fig. 5.32. 
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Fig. 5.29. Component characteristics of a semi-axial pump nq = 150 
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Fig. 5.30. Influence of impeller outlet flow distribution on stability, nq = 32 
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Fig. 5.33. Oblique versus axis-parallel impeller blade trailing edge at the same average im-
peller outlet diameter, nq = 33, [5.2] 

7. Even with radial impellers, an oblique trim of the impeller blade trailing edges 
causes an increase of the shut-off head since the difference in radii generates a 
more intensive recirculation. Figure 5.33 illustrates this: the impeller with oblique 
blade trailing edges (with the same average d2m) generated at low flow rates higher 
head and power consumption than the impeller with axis-parallel trailing edges – 
an indication that the exchange of momentum was increased due to recirculation. 
8. A large ratio of diffuser inlet width b3 to impeller outlet width b2 promotes flow 
separation in the diffuser since the meridional component is abruptly decelerated. 
Downstream of the sudden expansion, flow recirculation is enhanced, thus in-
creasing power consumption and head at low flow rates. This is revealed by the 
tests in Fig. 5.34 where a given impeller was tested with two different diffusers 
which had almost the same throat area. On the wider diffuser the flow already 
separates at ϕ = 0.08. However, head and power consumption at ϕ < 0.04 are 
higher than with the narrower diffuser which hardly shows any separation. 
9. With multistage pumps, the axial rotor position can have a considerable influ-
ence on the Q-H-curve because the location of the recirculation zone can be af-
fected by the rotor position. This can be inferred from Fig. 5.12. Sometimes the 
rotor is deliberately shifted from the position, where impeller mid and diffuser mid 
are aligned, in order to modify the Q-H-curve and/or the axial thrust. If for in-
stance, the central rotor position yields a poorly developed recirculation at the 
front shroud, the recirculation may be intensified by shifting the rotor in the direc-
tion of the pressure side because the meridional velocity on the front shroud side is 
suddenly decelerated. 
10. With pumps of low specific speeds, the relative impeller outlet width b2/d2 
must be selected sufficiently large to obtain a stable Q-H-curve. According to 
Chap. 5.2.2 the velocity distribution at the impeller outlet becomes increasingly 
non-uniform with growing b2/d2. However, this promotes recirculation at the im-
peller outlet as discussed in Chap. 5.3.3. 
11. The exchange of momentum, hence the shut-off head, increase if the distance 
between the impeller blades and diffuser vanes (gap B) or the diffuser throat a3 is 
reduced. A smaller vane distance a3 possibly reduces the circumferential compo-
nent cu of the recirculating fluid. 
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Fig. 5.34. Typical influence of diffuser parameters on stability and power [5.2] 

12. An increase of the impeller blade number yields a slightly higher shut-off head 
since the exchange of momentum is intensified. 

The effect of recirculation could also be interpreted by another physical model: 
The recirculation zone blocks a part of the impeller outlet section. In the diffuser, 
too, recirculation blocks a part of the cross section, which might improve the pres-
sure recovery in the healthy flow. According to this model, a stream tube would 
operate more or less normally in the impeller and diffuser as in a kind of “partial 
admission”, albeit with reduced hydraulic efficiency. The stalled fluid zones 
“guide” the flow like solid walls, despite a certain exchange of momentum which 
is bound to occur in the shear layers between recirculation and main flow. Accord-
ing to this model, the partload head also increases with expanding recirculation 
zones. The experimental findings described above could also be interpreted ac-
cording to this model.  

With fully developed recirculation the three-dimensional flow distribution at 
the impeller outlet is crucial. This fact limits the validity of the simplified models 
discussed above.  

It must be assumed that the shut-off head Ho increases with the kinetic energy 
at the collector inlet according to Ho ~ c3

2 and ψo ~ (c3/u2)2. When low-energy liq-
uid flows back from the collector into the impeller, it is re-accelerated and c3 in-
creases. In this case both shut-off pressure and power consumption increase. This 
becomes evident from Fig. 5.28 and the tests in Figs. 5.30 to 5.34 as well as from 
Fig. 4.6a, b. If the exchange of momentum between impeller and collector is in-
creased deliberately (as in Chaps. 7.3.2 and 7.3.3 or by selecting a large ratio of 
b2/d2 and/or d2a/d2i, d1a/d1i etc.), power consumption and shut-off pressure gener-
ally increase. The mechanisms involved may be comparable to a regenerative 
pump. Which portion of the kinetic energy of c3

2 becomes effective in increasing 
the shut-off pressure (at a given recirculation) depends on the configuration of the 
collector. If much energy is dissipated, the head does not increase despite inten-
sive recirculation. This fact is illustrated by the tests in Fig. 5.19: when the dif-
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fuser throat area was reduced by modifying a3, the shut-off head increased consid-
erably while the power consumption remained almost identical. These tests show 
that shut-off head and power do not always change in the same sense. 

5.4.3 Effect of outlet recirculation on the flow in the impeller sidewall 
gaps and on axial thrust 

While the recirculation at the impeller inlet does not noticeably affect the flow in 
the impeller sidewall gaps (gaps E and F), the impact of the outlet recirculation 
can be considerable. Experience shows this to be indeed the case when recircula-
tion occurs near the front shroud; then recirculating fluid of low circumferential 
velocity cu is transported into gap F by the annular seal leakage. As discussed in 
Chap. 9.1, fluid with low cu slows down the rotation in the impeller sidewall gap. 
The same applies to the rear shroud (gap E) of impellers with balancing holes. In 
contrast, this effect is hardly noticeable in multistage pumps where the leakage on 
the rear shroud is directed radially outwards. 

The strong impact of the recirculation on fluid rotation in the impeller sidewall 
gap F is well illustrated by tests shown in Fig. 5.30 where the measured rotation 
ratio kFS is plotted against the flow rate (as defined in Chap. 9.1, kFS is the ratio of 
the mean angular fluid velocity in gap F to the impeller tip speed). With impel-
ler A, the recirculation near the front shroud expands continuously as the flow rate 
is reduced below the onset of outlet recirculation (occurring at q*  0.75). At the 
same time the rotation factor kFS in gap F drops steadily from about 0.5 to 0.18 be-
cause fluid with low c2u enters the impeller sidewall gap. The behavior of impel-
ler B is totally different: At Q = 0, the recirculation appears near the rear shroud; 
this is why kFS is not affected (kFS is 3-times higher than with impeller A). The re-
duction of the rotation factor in the range of q* = 0.15 to 0.65 is caused by the low 
c2u on the front shroud. This is evident from a comparison of the curves 
kFS  = f(q*) with the velocity profiles. The behavior of kFS consistently follows the 
pattern expected from the c2m- and c2u-distributions shown on top of Fig. 5.30. In 
the vaneless diffuser the circumferential velocity of the recirculating fluid is 
higher than in the vaned diffuser since it is not impeded by the presence of vanes. 
Consequently, fluid rotation in the impeller sidewall gap becomes more intense; 
kFS ≈ constant as shown by Fig. 5.30. 

Investigations on a pump with nq = 22 show the effect of flow recirculation on 
fluid rotation in the impeller sidewall gap E in a similar manner [5.31]: with a 
wide gap E, the recirculation occurred near the rear shroud throughout the flow 
rate range and fluid rotation was slowed down accordingly. With a very narrow 
gap E, the recirculation zone jumped from the rear shroud to the front shroud and 
the rotation factor increased. The change in location of recirculation manifests it-
self as a slight saddle in the Q-H-curve, Chap. 5.5.2. 

Such changes of fluid rotation in the impeller sidewall gaps are bound to exert a 
major influence on the axial thrust (Chap. 9.2) [5.15], [5.32]. Since the axial 
forces in multistage pumps are balanced out to a large extent, changes of the rota-
tion in the impeller sidewall gaps can result in thrust reversals as happened in the 
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tests shown in Fig. 5.35. In these tests, the influence of the axial rotor position on 
the Q-H-curve and the axial thrust was investigated. Although velocity measure-
ments are not available, the results can well be interpreted in the light of the above 
explanations. If the rotor is shifted towards the discharge side, the recirculation 
forms on the front shroud because of the back-step between the impeller front 
shroud and the diffuser side wall. This causes the fluid rotation in gap F to slow 
down. The integration of the pressure distribution on the front shroud yields a 
greater force than at the best efficiency point and the axial thrust acts towards the 
pressure side. The opposite is observed when the rotor is shifted towards the suc-
tion side: a back-step is created on the rear shroud and recirculation is provoked 
there. The rotation in the impeller sidewall gap on the front shroud remains unaf-
fected and the axial thrust is directed towards the suction side as corresponds to 
design practice. With both rotor positions the Q-H-curve is stable; the recircula-
tion zone remains stable, in both cases, on the side where the back-step is formed. 

In contrast, if the impellers are centrally aligned relative to the diffusers, the ax-
ial thrust curve initially follows the case where the recirculation develops on the  
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Fig. 5.35. Influence of axial rotor position on Q-H-curve and axial thrust, nq = 22, Sulzer 
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rear shroud. The axial thrust suddenly drops below q* < 0.6. This suggests that the 
recirculation zone has jumped to the front shroud. 

Above the best efficiency point, the axial thrust also depends on the rotor posi-
tion, since the annular seal length and, consequently, the leakage and pressure dis-
tribution in the impeller sidewall gaps are affected (Chap. 9.1). 

Axial thrust curves strikingly similar to Fig. 5.35 were published in [5.32]. By 
tightening gap A to about A/r2 = 0.005 the axial thrust reversal was removed and 
flat axial thrust curves (close to theoretical prediction) were obtained over the 
whole flow range. 

Conclusions: 

• The partload characteristic can (but does not necessarily) depend on the rotor 
position. This is due to the impact that the velocity distribution at the diffuser 
inlet has on the pressure recovery. 

• Some pumps are sensitive to the axial rotor position while others are not. This 
is explained by differences in the impeller discharge velocity distribution. Since 
the latter is usually unknown, the effect of rotor shifting cannot easily be pre-
dicted. 

•  For the above reason, it is difficult to predict in a particular application 
whether the rotor should be shifted towards the suction or the discharge side in 
an attempt to stabilize the Q-H-curve. Shifting the rotor towards the discharge 
side is expected to increase the shut-off head and thus stabilize a drooping Q-H-
curve as demonstrated by Fig. 5.35.  

• Gap A should be sufficiently small, as stipulated in Table 7.7, Eq. (T7.7.16), to 
get the desired improvement of the Q-H-curve and to control the influence of 
the impeller discharge recirculation on axial thrust – notably to avoid axial 
thrust excursions such as shown in Fig. 5.35.  

5.4.4 Damaging effects of partload recirculation 

As shown above, power consumption and head increase due to recirculations at 
impeller inlet and outlet when the pump is operated against a closed valve. In 
pumps with high specific speeds this increase is undesirable since the pipeline has 
to be calculated for the shut-off pressure and the motor must be selected for start-
up against a closed valve. The additional power generated by the recirculation is 
dissipated in the pump and heats up the fluid (see Chap. 11.6, permissible operat-
ing range and minimum flow).  

Extended operation in the range with strong recirculation often affects the ser-
vice life of a pump owing to vibrations or cavitation, since the entire recirculation 
power is dissipated; refer to Chap. 10 and Eq. (10.17): 

• Large eddies develop in the shear layers between recirculating fluid and the 
main flow (just as in stalled water downstream of the pier of a bridge). Espe-
cially at the impeller outlet, these eddies generate excitation forces and pressure 
pulsations due to the interaction between impeller and collector. As a conse-
quence, increased wear on annular seals, damage to bearings and seals, fatigue 
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fractures on various pump components, undesirable vibrations, pressure fluc-
tuations in the system and noise can develop. Frequently observed problems of 
this kind, their causes and possible remedies are compiled in Table 10.1. 

• The eddies generated in shear layers can result in cavitation damage at the im-
peller inlet (in special cases even at the impeller outlet or in the diffuser) if the 
pressure in the eddy core drops below the vapor pressure of the liquid. At the 
impeller inlet, the bubbles thus created usually implode on the pressure surface 
of the blades (Chap. 6.8 and Table 6.3). 

Thus on the one hand recirculation can cause damage through excessive vibrations 
or cavitation, while, on the other hand, a certain amount of recirculation is neces-
sary in order to obtain stable characteristics in the first place. Consequently, an op-
timum intensity of recirculation should exist as suggested in Fig. 5.36. Yet, such 
an optimum is not a universal quantity but depends considerably on the mechani-
cal design of the pump. The extent of recirculation required for stabilization of the 
Q-H-curve cannot yet be quantified either. 
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Fig. 5.36. Optimum intensity of recirculation 

5.5 Influence of flow separation and recirculation on the 
Q-H-curve 

5.5.1 Types of Q-H-curve instability 

In Chapter 4.1 has been discussed how the Q-H-curve is obtained from the theo-
retical blade work and the losses in the various parts of a pump, see also Fig. 5.22. 
According to the equations in Chap. 4.1, the Q-H-curves of impellers with outlet 
angles below 90° would fall steadily from q* = 0 with increasing flow rate (they 
would be “stable”). As discussed in Chap. 5.1, the flow is bound to separate in 
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impeller and diffuser at some partload flow, since fully developed recirculation 
prevails at q* = 0 at inlet and outlet of the impeller. Flow separation can lead to 
instability of the Q-H-curve. We distinguish two types of instability: 
Type F: The head-capacity characteristic can have a maximum at Q > 0 so that 
Ho < Hmax. Examples are given by the impellers A, A2 or A3 in Fig. 5.27. This 
type of Q-H-curve falls towards shut-off; it will be called “type F instability” or 
“drooping curve” in the following. The lower the specific speed, the higher is the 
tendency of a pump towards this type of instability; above nq = 25 to 30 such in-
stabilities are rather an exception. 
Type S: The Q-H-curve can have a saddle as shown by impeller B in Fig. 5.30. 
This form of instability will be called “Type S” or “saddle-type”. From about 
nq > 30, diffuser pumps are susceptible to this type of instability. However, it is 
also occasionally found in volute pumps of high specific speeds (e.g. [5.37] 
nq = 90). With growing nq the risk of a saddle-shaped instability increases and the 
flow rate where the Q-H-curve becomes instable moves ever closer to the design 
point. Typically this instability occurs at q* = 0.6 to 0.9; for that reason it is also 
sometimes called “full load instability”. The Q-H-curves of axial pumps usually 
exhibit a saddle. 

A saddle-type instability is sometimes connected with a hysteresis: with falling 
flow rate the sudden change of the head occurs at a lower flow rate than upon 
opening of the throttle valve. The Q-H-curves of pump turbines frequently have a 
hysteresis since the impeller is designed with large inlet cross sections (A1 and 
A1q) for optimization of the turbine operation. A hysteresis implies that a specific 
type of flow pattern locks-in over a certain range of flow rates; the flow pattern 
switches suddenly to a different type upon reaching a level of disequilibrium 
which cannot any more sustained by the lock-in effect. Examples for hysteresis 
are found in [5.37], [11.23] and in Fig. 6.17. 

5.5.2 Saddle-type instabilities 

Based on the analysis of numerous measurements, it is possible to develop simpli-
fied models for the flow processes causing instabilities in spite of the extraordinar-
ily complex flow patterns. Some empirical facts and considerations from the pre-
ceding paragraphs form the basis for these models. These are reviewed in the 
following under items F1 to F8: 

F1 At q* = 0 all pumps operate with fully developed recirculation at impeller inlet 
and outlet. The mechanisms of energy transfer are therefore different from non-
separated flow processes near the best efficiency point. 
F2 The high shut-off pressure of axial pumps can be interpreted as the effect of 
centrifugal forces. Another model considers the recirculations at inlet and outlet of 
an axial impeller as the result of a kind of “self-healing effect” of the flow which 
enables a “quasi-normal” work transfer to be effective along the streamlines 
evolving around the recirculation zones. Both models consider the recirculation as 
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being responsible for the fact that the shut-off pressure can reach a multiple of the 
head at the best efficiency point. Centrifugal forces are a key factor in this process.  
F3 Even at q* = 0, the pressure recovery in the collector reaches 10 to 30% of the 
shut-off pressure. Either the exchange of momentum or the maximum of the stag-
nation pressure of the local absolute velocity c2max can be considered as the con-
trolling mechanism. The pressure rise in the diffuser at q* = 0 increases with in-
tensifying recirculation.  
F4 At a certain deceleration ratio c3q/c2 the flow in the collector separates. The ac-
tual process depends on the velocity profile at the impeller outlet and on geometri-
cal parameters. 
F5 Recirculation occurs when both flow separation and a sufficiently high pres-
sure gradient perpendicular to the main flow direction are present. This combina-
tion is a necessary and sufficient condition. 
F6 At nq < 70 the static pressure rise in the impeller usually contributes less to the 
instability than the pressure recovery in the diffuser. The curve of the static pres-
sure rise is often stable when the overall characteristic has a saddle. In contrast, 
the pressure recovery in the diffuser is practically always unstable when the Q-H-
curve has a saddle. 
F7 The curve of the static pressure rise in the impeller is stabilized by the recircu-
lation from the diffuser, Fig. 4.6b. 
F8 A saddle, that is, a decrease in head when the flow is reduced, is a clear indica-
tion that the flow patterns in the impeller and/or diffuser have changed. 

Let us now examine which kind of changes or which flow patterns can have an 
unfavorable effect on the stability. To this end, some hypotheses (H1 to H8) are 
formulated below and their plausibility is verified by analyzing various experi-
ments. 

H1 If the flow is attached during operation near the best efficiency point, but fully 
separates and recirculates at Q = 0, the following can be concluded: A pump 
should have a steadily falling characteristic, if the velocity distribution at the im-
peller outlet develops continuously from the uniform profile at the best efficiency 
point to the asymmetrical distribution with fully developed recirculation. Sudden 
changes in the velocity distribution (or a “switching” of the flow pattern should 
neither occur at the inlet nor at the outlet nor within the impeller. Separation and 
recirculation zones should increase continuously and remain at the same location 
at all flows. Figure 5.37 shows an example: although the axial pump with nq = 213 
exhibits a distinct change in the gradient dH/dQ at the onset of inlet recirculation 
(shown in Fig. 4.9), there is no instability. The impeller has three blades with only 
about 70° wrap on the outer streamline, i.e. no blade overlap whatsoever. The re-
circulations at inlet and outlet are strong; once started, they increase continuously. 
Even above the recirculation onset, the velocity profiles at the outlet develop with 
a steadily increasing c2m-deficit at the hub. In the zone without recirculation the 
flow is deflected in the direction of the hub according to Chap. 5.2.2.3; the maxi-
mum of c2m is thus found in the inner half of the channel (according to Eq. 5.6 a 
Rossby number of 0.59 is obtained at q* = 1.04). The behavior of a semi-axial 
pump (nq = 180) with a pronounced saddle in the characteristic which was re-
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ported on in [5.6] is quite different: the velocity profiles at the outlet develop non-
uniformly and a c2u-deficit on the outer streamline occurs in the unstable range. 
H2 If the flow pattern suddenly changes upon a minor decrease in flow, a reduc-
tion of the head must be expected according to the principle of the least resistance. 
The more pronounced the sudden change in the flow pattern, the higher is the as-
sociated drop in head. It is frequently observed, for instance, that the recirculation 
zone at the impeller outlet jumps from the front shroud to the rear shroud (or vice 
versa). During such a change, a flow range is passed where the recirculation al-
most disappears. As per Fig. 5.28 and 5.30, this is associated with a drop in head. 
Sometimes a hysteresis is found in the Q-H-curve or in the axial thrust. The hyste- 
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Fig. 5.37. Measurements on an axial pump nq = 213 [5.18] 

resis is caused by the fact that the switch in the flow pattern occurs at different 
values of q* depending on whether the flow rate is reduced or increased (see also 
Fig. 6.17). Considering the strong influence that the location of the recirculation 
zone has on the fluid rotation in the impeller sidewall gap at the front shroud (see 
Fig. 5.30 and Chap. 5.4.3), it becomes evident that a hysteresis in switching flow 
patterns can exercise a major influence on the axial thrust. This type of flow pat-
tern switching can have various causes, for instance: 
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a) There can be a “separation delay”: The separation was deliberately or inadver-
tently delayed for too long. When the separation is finally triggered, stalled fluid 
suddenly covers a large zone. Cavitation observations on impellers with flat pres-
sure distributions on the suction surface show that such effects indeed occur. This 
is in contrasted with a “normal” flow separation which starts as a tiny separation 
bubble and grows continuously when the flow rate is reduced (refer to Figs. 5.1, 
5.17, 4.9). 
b) Upon the onset of the impeller inlet recirculation the flow distribution at the 
impeller outlet changes suddenly; for instance, because the recirculation zone 
jumps from the rear to the front shroud (or vice versa). This case presumably oc-
curs quite frequently, leaving the observer with the impression that the inlet recir-
culation is the primary cause of the instability and therefore undesirable. The 
change in the flow pattern at the impeller outlet caused by inlet cavitation is an 
example for this mechanism; refer to the discussion of Fig. 6.17. 
H3 The flow pattern switching gains major significance in semi-axial impellers 
and in radial impellers with high specific speeds, since the pressure recovery in the 
collector falls with increasing nq and contributes little to the head. Moreover, the 
number of degrees of freedom for the flow grows, since the channel width in-
creases and the guidance of the flow decreases. As mentioned above, flow pattern 
switching can occur especially upon the onset of impeller inlet recirculation. A 
possible mechanism can be postulated as follows: In Fig. 5.38 the incidences at 
the front shroud and on the hub are plotted against the flow rate. In the absence of  
recirculation, the incidence on the hub increases faster with decreasing flow than 
on the front shroud because the blade angles on the hub are greater (Fig. 5.14). At 
a critical incidence the flow initially separates at the hub. This can induce a recir-
culation at the impeller outlet near the rear shroud because of the reduced energy 
transfer on the inner streamline. Recirculation has not yet developed at the impel-
ler inlet, since significant pressure gradients perpendicular to the main flow direc-
tion have not yet build up. This happens only at a lower flow rate, when decelera-
tion and the incidence at the outer streamline have reached critical values. Once 
the recirculation at the impeller inlet has sufficiently intensified, a pre-rotation is 
induced at the hub so that the incidence at the hub diminishes (it may even be-
come negative at very low flow). Consequently, the separation at the hub, and 
hence the outlet recirculation at the rear shroud, disappear. The recirculation zone 
at the outlet subsequently jumps form the rear to the front shroud.  
H4 If recirculation is thought to have a “self-healing effect” by blocking a part of 
the diffuser channel so that the remaining channel cross section operates quasi 
normally, asymmetric or one-sided velocity distributions at the impeller outlet are 
better than symmetrical distributions with zones of low energy on the rear and 
front shrouds, Fig. 5.39. This conclusion is also obtained from F5: the pressure 
gradients perpendicular to the main flow which are necessary for inducing recircu-
lation develop more intensively when the velocity distribution is asymmetric. Rea-
son: with symmetrical distributions only two weak recirculation zones develop 
and there is no well-defined pressure gradient over the channel width, Fig. 5.30. 
H5 When the deceleration in the collector is not too large, symmetrical profiles 
are harmless (with regard to efficiency even favorable). The velocity distribution 
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with low-energy zones on both the rear and front shroud becomes detrimental only 
when the general deceleration c3q/c2 has reached a threshold. This flow pattern 
leads to separation without (or with reduced) recirculation: “Separation without 
recirculation means a risk of instability”. This applies particularly to semi-axial 
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Fig. 5.38. Variation of incidence i1 at impeller inlet 
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Fig. 5.39. Symmetric and asymmetrical velocity distribution (c2m) at impeller outlet 

and axial impellers whose Q-H-curve steepness is determined by the recirculation. 
A saddle-type instability is expected if the recirculation which immediately fol-
lows the separation in the impeller is not sufficiently intense.  
H6 The flow in the collector should separate in the range of the Q-H-characteristic 
where the curve of the static pressure rise in the impeller is not yet flat or even un-
stable. Early separation in the diffuser has also the advantage that the head has not 
yet risen too much, the characteristic flattens at higher flow and there is still “po-
tential” until the (limited) shut-off pressure is reached, Fig. 5.40. Retarded separa-
tion occurs more suddenly, earlier separation more gradually. As a rule, asymmet-
rical velocity profiles are expected to separate at higher flow than symmetrical 
ones. 
H7 To avoid saddle formation with semi-axial and axial pumps, the impeller de-
signed should avoid low-energy zones developing on the outer streamline near the 
impeller outlet. That way a switching of the flow pattern is prevented, because the 
recirculation occurs inevitably at the hub at low flow, Chap. 5.1. Early onset of 
hub recirculation helps with this endeavor since the through-flow is deflected to-
wards the outer streamline. This increases the effect of the centrifugal forces, 
Figs. 5.2 and 5.12. The c2m-distributions in Fig. 5.37 point in this direction – like-
wise the tests in [5.20] to [5.22] with open as well as closed semi-axial impellers. 
The measurements in [5.21] and [5.22] show in particular that energy supply to 
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the outer streamlines improves stability. In these tests this was accomplished by 
the flow through the gaps between the casing and the blades of the open impeller 
which, because of this effect, had a more stable characteristic than a closed impel-
ler. The stability was also improved on a closed impeller through energy supply at 
the outer streamline. In a test series this was achieved by machining slots into the 
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Fig. 5.40. Impact early flow separation on the shape of the Q-H-curve 

blades near the front shroud close to the impeller outlet. The slot length was ap-
proximately 50% of the blade length. Furthermore, the work transfer on the outer 
streamline of a closed impeller was improved in that the annular seal leakage was 
deflected axially instead of introducing it radially into the main stream (this pro-
duced thinner boundary layers on the outer streamline at the impeller inlet). 
H8 Inducers mostly have a steep, stable characteristic, Chap. 7.7. There are sev-
eral reasons for this: (1) The ratio d2/dn is large, which means that a high shut-off 
pressure is obtained according to Eq. (5.11). (2) There is no collector in which the 
flow could separate. Often only the static pressure behind the inducer is measured; 
the curve of static pressure rise, however, is quite stable with most impellers ac-
cording to F6. Even the integration of the total pressure usually yields a stable 
characteristic. With unstable Q-H-curves the deficit in the diffuser pressure recov-
ery which occurs after separation always makes a significant contribution to the 
instability. (3) The blade channels of inducers are narrow, the flow is well guided; 
thus there is no sudden switch of the flow patterns. 

The velocity profiles at the outlet of an inducer shown in [5.24] consequently 
exhibit a continuous increase of c2u at the outer streamline with decreasing flow 
rate – quite similar as in Fig. 5.37. Towards shut-off, major pressure differentials 
between the outer and the inner streamlines occur downstream of the inducer. The 
pressure gradient across the main flow keeps the balance to possible pressure gra-
dients perpendicular to the flow in the impeller. Consequently, the inducer sup-
presses any recirculation in the impeller which obviously would occur without in-
ducer. These findings confirm indirectly that separation and pressure gradient 
across the flow have to act together for recirculation to occur.  

As a further example to illustrate the above, Fig. 5.41 shows measurements 
from [5.13] with two features identified above as detrimental to stability: (1) the 
switching of the recirculation zone from the rear shroud to the front shroud and 
(2) symmetrical velocity profiles with low-energy zones on rear and front shrouds 
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in the unstable range. Even at q* = 0.97 a quarter of the outlet area is affected by 
recirculation (in other words the impeller is too wide). At q* = 0.9 this zone has 
grown further. In the domain of the saddle at q* = 0.88, it is significantly smaller 
than at q* = 0.9. A low-energy zone has formed each on the rear and the front 
shroud at q* = 0.84, forming a symmetrical velocity distribution with less recircu-
lation than at q* = 0.9. Finally at q* = 0.78 recirculation dominates near the front 
shroud and the head starts to rise steeply towards shut-off. 

A switch of the recirculation zone from the front to the rear shroud occurred 
also in the tests on a diffuser pump with unstable characteristic, [5.19]. Measure-
ments on a pump turbine with unstable characteristic can also be found in [5.30]; 
prior to the onset of stall the low-energy zone was located on the front shroud and 
jumped to the rear shroud following flow separation. 
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Fig. 5.41. Q-H-curve of a multistage pump with diffuser [5.13] 

Double-entry impellers are – apart from the manufacturing tolerances – sym-
metrical and tend to generate symmetrical outflow velocity profiles as long as 
there is no stall in the diffuser. It can be imagined that the unstable flow in this 
case has even more degrees of freedom than in single-entry impellers. Owing to 
the risk of flow pattern switching and insufficient recirculation, it is therefore dif-
ficult to achieve stable characteristics with double-entry diffuser pumps. Experi-
ence teaches that problems of unstable characteristics with this type of design are 
frequently quite difficult to solve [5.25]. The tests described in [5.25] become 
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clear in the light of the models developed above: the saddle-shaped instability was 
reduced by: (1) narrowing the gap “A” between the front shrouds of impeller and 
diffuser; and (2) an oblique correction in a way that the blade diameters at the 
front shrouds were smaller than at the center rib of the impeller. Flow recirculation 
was intensified in this way. When flow separation and/or recirculation occur at the 
diffuser inlet, the pressure distribution at the impeller outlet changes. As a conse-
quence, the flow through the impeller channels is affected. The resulting flow pat-
terns cannot be symmetric anymore and the flow becomes highly unsteady. Both 
halves of a double-entry impeller are then likely to deliver different flow rates. 
This has been shown by CFD calculations in the unstable domain of the Q-H-
curve [5.52], although experimental confirmation is not yet available.  

Figure 5.42 shows calculated flow patterns in the diffuser of a pump with dou-
ble-entry impeller, diffuser and volute, [5.52]. The Q-H-curve had a hysteresis.  

 
 

 
Fig. 5.42. Flow patterns in a diffuser of a pump with double-entry impeller, diffuser and vo-
lute, q* = 0.8, CFD calculations [5.52]. 
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The view is from the volute into the diffuser channels. The flow rate ratio is 
q* = 0.8. The upper figure is for the upper branch of the Q-H-curve which is ob-
tained when decreasing the flow rate. The lower figure is for the lower branch of 
the Q-H-curve which is obtained when increasing the flow rate (Fig. 8.18 shows 
the Q-H-curve). In the lower branch the flow is highly skewed leading to a strong 
vortex and increased losses in the diffuser. The higher losses account for the drop 
in head (leading to a positive slope or instability), see also Fig. 5.20. Since the 
vortex origins downstream of the throat area within the diffuser channel, recircula-
tion into the impeller has not yet started at q* = 0.8. Recirculation to the impeller 
would tend to increase the head. In the present case, this effect becomes only into 
play below q* = 0.6 where the head starts to rise towards shut-off. 

The stability of the Q-H-curve often reacts with surprising sensitivity to appar-
ently minor differences in the inflow to the impeller – even with radial impellers. 
This shows that the velocity distribution upstream of the impeller can severely in-
fluence its outflow (if the flow is unstable), which in turn has an impact on the 
pressure recovery in the diffuser. The impeller inlet and the deflection in the me-
ridional section largely determine the cm-distribution at the impeller outlet (see 
Chap. 5.2). 

Consequently, tests with only one stage are of little relevance for the partload 
behavior of multistage pumps [5.26] because the approach-flow from the return 
vanes is not modeled correctly. Multistage pumps sometimes exhibit better stabil-
ity characteristics than single-stage pumps, possibly because the manufacturing 
tolerances in the individual stages result in slightly different flow patterns (influ-
encing flow separation and recirculation).  

Pumps with volute casings are usually less susceptible to saddle-type instabili-
ties. This observation confirms the statement that the pressure recovery in the col-
lector has a major influence on the stability of the Q-H-curve. During investiga-
tions into the stability of Q-H-curves it is therefore useful to measure the static 
pressure rise of the impeller, plotting it against the flow rate in addition to the 
pressure increase in the collector. Unfortunately, this fact was not taken into ac-
count in many investigations which makes their interpretation very difficult, for 
instance [5.6], [5.13], [5.20 to 5.22]. In volute casings the pressure over the impel-
ler circumference varies strongly at partload which creates major asymmetries in 
the flow. This, in accordance with the models developed above, could be respon-
sible for the improved stability of volute casing pumps. The variation of the pres-
sure over the impeller circumference appears to be responsible for the absence of 
flow pattern switching. 

The above analysis shows that circumference-averaged absolute velocities at 
the impeller outlet are quite relevant for assessing the risk of instability. In particu-
lar the cm-distribution plays a truly crucial role since it allows the detection of re-
circulation and low-energy zones. This because the locally transmitted energy is 
proportional to the product of cm×cu, so that cm points to such a zone even if cu ex-
hibits little or no deficit compared with the average velocity. Yet, as shown by the 
quoted measurements, cm-deficits at partload are usually coupled with cu-deficits.  

It should well be noted that the models discussed above are simplifications 
which cannot take into account all details of the 3D-flow, in particular in radial 
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impellers of high specific speeds. However, these simplified models allow to de-
fine measures of stabilization and to draw conclusions for the design (Chap. 5.6).  

5.5.3 Type F instabilities 

Pumps with low specific speeds are at risk to produce Q-H-curves which exhibit a 
head deficit near shut-off (instability of type F according to Chap. 5.5.1). As dis-
cussed extensively above and backed by numerous measurements, recirculation at 
impeller inlet and outlet determines the head at low flow rates. If the shut-off head 
is too low, we are bound to conclude that the recirculation at the impeller inlet 
and/or outlet is insufficiently developed and has to be intensified in order to stabi-
lize the Q-H-curve. The pre-swirl at the impeller inlet induced by the recirculation 
must also be suppressed as much as practical, Chap. 5.6.4. 

Considerations similar to those in Chap. 5.5.2 apply to the separation point in 
the diffuser where the characteristic becomes flat. The outflow from the impeller 
has an effect on the recirculation also in this case. Low-energy zones prevailing 
simultaneously on rear and front shrouds are unfavorable while asymmetric veloc-
ity distributions generate more intensive recirculation, in this way enhancing the 
chances to get a stable Q-H-curve. 

5.6 Means to influence the shape of the Q-H-curve 

5.6.1 Introduction 

In principle, any characteristic can be stabilized if it is rendered sufficiently steep. 
This can be achieved by designing the impeller with a small relative outlet width, 
a small blade outlet angle, a low number of blades, large pre-rotation and/or with 
an adequately narrow throat area in the collector. However, with respect to the 
size of the pump (hence costs) it is usually necessary to select the head coefficient 
close to its upper limit – and this is given precisely by the Q-H-curve becoming 
unstable. Unfortunately, the exact location of this limit cannot be predicted. Even 
the qualitative understanding of the relevant mechanisms is incomplete. Ulti-
mately, experiments are required to furnish the proof that the Q-H-curve is stable.  

When a characteristic is unstable, usually a head deficit of only a few percent is 
involved. Therefore, any theoretical prediction must be highly accurate to be suf-
ficiently reliable. With the complexity of separated unsteady flow and the large 
number of geometrical parameters that accuracy can hardly be achieved today. It 
is not possible either, to provide truly reliable criteria for achieving stable Q-H-
curves based on a few main dimensions of the hydraulic components, even though 
such is sometimes suggested. As discussed above, the variety of flow patterns in 
the impeller depends on the shape of the meridional section and the blades as well 
as the velocity distribution upstream of the impeller. Furthermore, the combination 
of the various parameters is often more important than an individual parameter it-
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self. Consequently, it may happen that a measure which has a stabilizing effect on 
pump “A” proves to be of no consequence or even destabilizing with pump “B”. 

Nevertheless there are a number of measures by means of which it is possible 
to deliberately influence the stability of the Q-H-curve. These measures agree with 
the above developed models and have proved themselves many times over in prac-
tice (refer also to Table 5.1). The mentioned restrictions show clearly that there 
cannot be any “magic formulas” to make all characteristics stable under all condi-
tions. The higher the head coefficient at the best efficiency point is selected (this 
applies to all specific speeds), the more difficult it is to stabilize the characteristic.  

Measures to stabilize the Q-H-curve frequently may have also undesirable side 
effects such as an unacceptable loss of efficiency. If the operator of the pump ac-
cepts instability because the plant operation never requires the pump to enter the 
unstable range, the head coefficient can be selected higher. By appropriate shaping 
of the hydraulic components it is then possible to achieve efficiencies higher than 
in cases where a Q-H-curve steadily rising to shut-off has been specified. This 
situation is often encountered in storage pump applications (which have to be de-
signed for peak efficiencies owing to their high power consumption), if the operat-
ing range is narrow because of the water levels created by the topography. 

5.6.2 Influencing the onset of recirculation at the impeller inlet 

The onset of recirculation at the impeller inlet primarily depends on the decelera-
tion of w1 to w1q, the pressure gradients perpendicular to the main flow and, sec-
ondarily, on the incidence. The onset of recirculation can consequently be shifted 
towards a smaller flow rate by:  

1. Reducing the impeller inlet diameter, 
2. Reducing the throat area at the impeller inlet, 
3. Creating a pre-rotation, e.g. by inlet guide vanes or return vanes, 
4. Increasing the blade inlet diameter d1i at the hub or reducing the ratio d1a/d1i, 
5. Reducing the impeller blade inlet angle if the throat area is reduced too. 

Measures 1 to 3 will reduce the deceleration at the impeller inlet while possible 
pressure gradients perpendicular to the main flow are reduced with measure 4. 
These pressure gradients are mainly governed by the distribution of the flow and 
geometry parameters over the blade height. However, it is difficult to specify 
quantitative rules of a generally applicable nature. 

If the onset of recirculation is excessively shifted towards low flow there is a 
risk of an unstable characteristic since the intensity of recirculation at Q = 0 is re-
duced with the above measures. Given that the vast majority of pumps operate 
without problems even at low partload, it would be uneconomic to try to avoid op-
eration with recirculation at any cost (see also Chap 5.1.7). 
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5.6.3 Influencing the onset of recirculation at the impeller outlet 

The onset of recirculation at the impeller outlet primarily depends on the decelera-
tion c3q/c2 and on the velocity distribution at the impeller outlet. The latter is re-
sponsible for the pressure gradients perpendicular to the main flow at the diffuser 
inlet. Such pressure gradients must be present to initiate flow recirculation. 

The separation in the collector can be shifted towards a lower flow rate using 
the following measures:  

1. Reduction of the ratio b3/b2 (keeping the throat area constant by adapting a3). 
2. Reduction of the throat area of the collector. With low specific speeds this route 

is only open insofar as the best efficiency point does not shift excessively to the 
left. With increasing specific speeds (from approximately nq > 80) the collector 
has less influence on the best efficiency point; a reduction in throat area would 
then be possible. 

3. Reduction of the diffuser inlet angles. This measure is effective only to a lim-
ited extent if the throat area is not reduced at the same time. In the case of vo-
lute casings the influence of the cutwater angle is even less than with diffusers. 

Since flow separation and recirculation at the diffuser inlet are largely con-
trolled by the velocity distribution at the impeller outlet, the key for improving dif-
fuser performance is often a re-design of the impeller and/or the components up-
stream of the impeller. 

5.6.4 Eliminating a type F instability 

To stabilize a Q-H-curve drooping towards shut-off, it is primarily necessary to in-
tensify the effect of recirculation at the impeller inlet and outlet. In general this 
will also increase the power consumption at Q = 0. The effect of recirculation at 
the impeller outlet (exchange of momentum) can be intensified by: 

1. Increasing the relative impeller outlet width b2* = b2/d2 
2. Increasing the ratio b3/b2 
3. Reducing gap A, Fig. 5.31 
4. Reducing a3* = a3/d2 (Fig. 5.19) or reducing the volute throat area. However, 

this measure implies a shift of the best efficiency point and is therefore appli-
cable only to a limited extent. To a certain degree, a reduction of a3* can be 
compensated for by an increase in b3. 

5. Reduction of the impeller/diffuser distance d3/d2; however, there are limits to 
this because of pressure pulsations and dynamic stresses (Table 10.2, 
Chap. 10.1.9). This measure is hardly effective with volute casings since the 
exchange of momentum is more influenced by the secondary flow in the volute 
than by the cutwater clearance. 

6. Oblique impeller trailing edge, Fig. 5.33 (the effectiveness increases with b2*) 
7. Asymmetrical velocity profile at the impeller outlet in the range where the 

characteristic flattens out (Chap. 5.5.2). 
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8. Possibly axial shift of the rotor, Fig. 5.35 

The effect of the impeller inlet recirculation can be influenced by: 

9. Suppressing the pre-rotation caused by the recirculation utilizing ribs or simi-
lar structures. In multistage pumps the return vanes of the preceding stage must 
be arranged as close as possible to the subsequent impeller. For mechanical 
reasons it is necessary to maintain a minimum distance which can be selected 
roughly equal to the blade height at the impeller inlet. 

10. In a large liquid volume upstream of the impeller the circumferential compo-
nent of the recirculating fluid is largely dissipated; the effect is similar to that 
of the structures mentioned under item 9. 

11. A diffuser installed upstream of the impeller (as in Fig. 6.39c) slows down the 
pre-rotation induced by recirculation less strongly than an axial approach flow. 
The shut-off head drops with increasing diffuser opening ratio. In the extreme 
one could imagine a smooth plate at a short distance upstream of the impeller: 
the small enclosed fluid volume is able to rotate almost unimpeded at Q = 0, 
causing the shut-off head to drop drastically. 

12. Advancing the impeller blade leading edges into the impeller eye, especially at 
the hub, so that d1i becomes about minimal. 

13. Enlargement of the impeller inlet diameter 
14. Reduction of the hub diameter 

Measures 9 and 12 as well as 1 to 4 are most effective for achieving a charac-
teristic which steadily rises towards shut-off at low specific speeds. These meas-
ures are important up to approximately nq = 25. 

Even though the shut-off head increases slightly with the impeller blade outlet 
angle and the blade number, the Q-H-curve flattens out and the risk of instability 
increases. The radial bladed impellers discussed in Chap. 7.3.3 are a certain excep-
tion, but their characteristics are very flat. 

5.6.5 Influencing the saddle-type instability of radial impellers with 
nq < 50 

The Q-H-curve stability of radial impellers with nq < 50 is largely determined by 
the pressure recovery in the diffuser which, in turn, depends on the velocity distri-
bution at the impeller outlet. Considering firstly diffuser pumps, the saddle forma-
tion of the Q-H-curve can be influenced by the following measures: 

Flow separation in the diffuser can be shifted towards lower flow rates by re-
ducing the diffuser inlet width b3. Experience shows that this reduces the risk of 
saddle-type instabilities. At the same time the intensity of recirculation at Q = 0 
decreases, causing the shut-off head to fall. This may be desirable in some cases 
but can also cause an instability of type F, a waviness or flatness of the Q-H-curve 
or a second saddle. The recommended b3-reduction apparently contradicts Chap. 
5.5.2, item H6, but all of the measures discussed are really part of an optimization 
process. 
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1. An a3-reduction can have different effects on the saddle; an optimum will have 
to be found for each pump. However, an a3- reduction usually produces an in-
crease of the shut-off head, a shift of the best efficiency point towards lower 
flow rates and a head reduction at q* > 1.0, since the point with c3q = c2 shifts 
towards reduced flow (Figs. 5.18 and 5.19). The lower the specific speed, the 
more intensive is the reaction of the optimum efficiency position to any change 
in a3 (Chap. 4.2). In contrast, an a3-increase shifts the separation in the diffuser 
towards a higher flow rate. As mentioned before, this can be favorable because 
the characteristic flattens out at an early stage. However, the stability of the Q-
H-curve is improved only if the curve of static pressure rise produced by the 
impeller is sufficiently steep in this domain and if the pressure recovery in the 
diffuser is not unduly impaired by the early separation. 

2. Shape and position of the impeller blade leading edge have a major effect on 
the flow in the impeller and, consequently, also on the velocity distribution at 
the impeller outlet. However, it is hardly possible to give general rules. In con-
trast to type F instabilities, it is not always favorable to advance the impeller 
blades on the hub as far into the eye as possible. This would produce very large 
inlet angles at the inner streamline and correspondingly severe changes in the 
incidents. These can provoke a switching of the flow patterns at the impeller 
outlet in accordance with the mechanism postulated when discussing Fig. 5.38. 

3. In multistage pumps, geometrically different components could be designed for 
the individual stages. Flow separation in the stages would then occur at differ-
ent q*. This design philosophy may be followed in pumps with two or three 
stages, if the pump concept anyway requires different patterns for the individ-
ual stages. For cost reasons this concept is scarcely viable for pumps with many 
stages, but it can be applied easily to the diffuser of the last stage. 

Generally speaking, the measures mentioned in Chap. 5.6.4 are by no means suit-
able for rectifying the saddle-type instability; their effect on the saddle is varied or 
even counter-productive. To really understand and rectify the saddle, it is neces-
sary to determine the velocity distribution at the impeller outlet by means of nu-
merical calculations or even measurements. If that information is available, the 
impeller – and its approach flow passages – can be designed so as to avoid sudden 
switches in flow patterns within the impeller, at the impeller outlet or in the recir-
culation zones. Impeller outlet velocity profiles with low-energy zones simultane-
ously at rear and front shrouds are also unfavorable. 

4. A sudden switch in the flow pattern can be prevented by creating a “deliberate 
separation point” in the impeller. This ensures that the low-energy zone and the 
recirculation at the impeller outlet always occur at the same location (usually 
on the front shroud). Since the meridional curvature tends to produce a low en-
ergy zone near the front shroud (Chap. 5.2.2.4), this location is the natural 
choice for a “deliberate separation point”. Most of the available measurements 
revealed that the recirculation at Q = 0 occurs near the front shroud. For this 
reason, radial impellers should be designed so as not to have a low-energy zone 
or recirculation on the rear shroud at any flow rate (this, in contrast to semi-
axial impellers, Chap. 5.6.6).  
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5. Following this argument a large front shroud radius, which might be expected 
to benefit the efficiency, may not always present the optimum shape in terms of 
stability. This could be one of the reasons why saddle-type instabilities are 
rarely found below nq = 25, where the front shroud radius is quite small. 

6. Symmetrical impeller outlet velocity profiles should be avoided at partload, 
since they imply low-energy zones simultaneously at the rear and front shroud. 
In this case the recirculation cannot develop sufficiently and there is a risk of a 
switch in the flow pattern: If the recirculation zone shifts from hub to shroud 
(or vice versa) upon a reduction of the flow rate, zero or very little recirculation 
will occur in a certain flow range; the lack of recirculation will cause a drop in 
head, as demonstrated by Figs. 5.28 to 5.31 and 5.41. 

Systematic investigations into these phenomena are not currently available 
since detailed measurements are highly elaborate and suitable numerical methods 
are involved and need substantial validation. When attempting to determine the 
true partload head, it is imperative that the numerical calculation captures cor-
rectly the interaction between impeller and diffuser (this follows from Fig. 4.6a, 
b). To assess the impeller design in terms of the outlet velocity profile, it may of-
ten be sufficient to calculate the impeller alone – provided the process has been 
validated properly. Measurements in [5.36] demonstrated that the outflow from an 
impeller of nq = 20 yielded qualitatively similar velocity profiles when the pump 
was tested with a vaned or a vaneless diffuser. Several parameters allow to delib-
erately design the impeller so that asymmetric velocity profiles are obtained which 
continuously develop from the best efficiency point to shut-off. These include: 

• Velocity profile at impeller inlet 
• Optimization of the impeller blade leading edge according to position, twist, in-

cidence distribution and shape, e.g. forward or backward sweep 
• Meridional section curvature 
• Boundary layer influenced by: annular seal flow introduction, openings in the 

front shroud at a suitable point, slots in the blade 
• “Auxiliary blades” on rear or front shrouds (boundary layer fences) 
• Unilaterally more intensified deceleration in the impeller (e.g. increasing a2 at 

the front shroud side) 
• Unilaterally intensified deceleration in the diffuser (e.g. increasing a3 on the 

front shroud side) 
• Rear shroud not rotational symmetric. 

In pump design such types of three-dimensional flow effects have not been sys-
tematically examined nor employed to any great extent, but the exploitation of 
3D-effects bears a potential for future optimization by means of numerical calcu-
lations. If such avenues are to be successful it is important to optimize the parame-
ters in a way that the efficiency at BEP is not unduly impaired. This becomes in-
creasingly difficult with radial impellers of high specific speeds since the 
hydraulic losses due to non-uniformity are dominating.  
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5.6.6 Influencing the saddle-type instability of radial impellers with 
nq > 50 

Radial impellers with axis-parallel blade trailing edges are employed up to about 
nq = 100. The impeller channels are very short relative to their width, separation 
and recirculation start at high values of q*, the flow has many degrees of freedom 
and is therefore in a kind of “quasi-stable equilibrium”. Impeller flow and Q-H-
curve can react with great sensitivity to changes in the approach flow. Further-
more, the annular seal flow injection affects the boundary layer on the outer 
streamline. Thus it is also possible to influence the Q-H-curve stability by choos-
ing an open or closed impeller design.  

The measures described in Chap. 5.6.5 and 5.6.7 can be applied by analogy also 
for stabilizing the Q-H-curves of radial impellers with high specific speeds. The 
blade twist at the outlet, the distribution of the blade angles over the outlet width 
and the trailing edge shape need to be optimized. At high nq the trailing edge is not 
necessarily executed parallel to the rotor axis. 

5.6.7 Influencing the instability of semi-axial and axial impellers 

As explained above, the outlet recirculation of axial impellers and of semi-axial 
impellers with sufficiently large ratio d2a/d2i is always located near the hub. The 
following measures are available for stabilizing the Q-H-curve: 

1. Design the impeller so that the velocity profiles develop continuously from the 
best efficiency point to shut-off. 

2. Avoid low-energy zones at the outer streamline as this would result in a flow 
pattern switch after the onset of recirculation: the recirculation displaces the 
through-flow to the outer streamline and the low-energy zone jumps to the hub. 
Chapter 5.5.2, item H7, provides additional information. 

3. According to Chap. 5.5.2, item H7, the recirculation should be triggered as 
soon as possible after the flow separates, because stalled zones displace the 
through-flow at the inlet and outlet so that its energy transfer is enhanced by 
centrifugal forces. This can be achieved by attempting to provoke a unilateral 
separation that does not extend over the entire channel width simultaneously. 
This statement is true for both impeller and diffuser. 

4. As d2a/d2i is increased, the characteristic becomes steeper after the onset of re-
circulation. Although this is mostly undesirable with pumps of this type, it is 
necessary to optimize the ratio d2a/d2i in order to minimize or eliminate the for-
mation of a saddle-type instability. 

5. The ratios d1a/d2a and d1a/d1i are instrumental for optimizing the impact of flow 
recirculation on the risk of saddle-type instabilities. 

6. Shape and position of the impeller blade leading edge have a major influence 
on the flow in the impeller and, consequently, on its outflow velocity profile. 
These parameters are very important for achieving stable characteristics for  
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Fig. 5.43. Sweep back at the diffuser inlet of an axial compressor, [5.49] 

semi-axial impellers (refer also to Chap. 5.5.2, H3). The measures include 
sweep-back and sweep-forward. 

7. The diffuser vane leading edge can have a major effect on the stability. Accord-
ing to investigations in [5.49], Q-H-curve stability, head coefficient and effi-
ciency were improved by a design with back-swept leading edges as compared 
to the original diffuser whose vane leading edges were perpendicular to the ro-
tor axis. With reference to the radial direction the sweep was 10°at the outer 
streamline and 30° at the hub according to Fig. 5.43 (the bow of the blade was 
also changed during these tests). 

8. Presumably it is favorable to design the impeller so that the recirculation onset 
occurs at roughly the same flow rate on inlet and outlet. If the recirculation on-
set at the inlet occurs at a considerably lower flow rate than at the outlet, there 
is a risk of flow pattern switching as described in Chap. 5.5.3, H3. 

9. From items 2 and 3 it can be concluded that a strong twist of the blades at the 
impeller outlet may be helpful for stabilizing the characteristic. It also appears 
to be favorable to select the solidity on the outer streamline, compared to the 
inner streamline, as large as possible in order to avoid a lower-energy zone at 
the outer streamline (the solidity is defined as the ratio of blade length to the 
pitch Lsch/t2). 

10. “Casing treatment” is used in the compressor industry to extend the stable op-
eration range by shifting the onset of stall and surge to lower flow rates. In ax-
ial compressors slots of various geometries or honey combs are used for that 
purpose. These artifacts are machined into the casing in a way that the blades 
rotate within the treated part of the casing. One disadvantage associated with 
casing treatment is a drop in efficiency. Investigations on an axial pump in 
[5.51] avoided this drawback by machining axial grooves into the casing just 
upstream of the impeller. In the pump tested the grooves resulted in a com-
pletely stable Q-H-curve and an improvement of the required NPSH3 at part-
load without efficiency impairment. Details of the geometry tested are given in 
chap. 5.7; they may help to design a casing treatment in new applications. 
Whether this type of casing treatment is effective, depends on the nature of the 
flow in the impeller; for example: flow separations near the hub are unlikely to 
be influenced by the grooves tested.  
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5.6.8 Reduction of head and power at shut-off 

Although a steep characteristic and a high shut-off pressure may be demanded in 
special cases, a low shut-off head with a flat, steadily rising characteristic is desir-
able in most applications in order to reduce the costs of the discharge pipe. This 
requirement is highly relevant for semi-axial and axial pumps. The shut-off power 
of these machines should rise as little as possible above the power at the best effi-
ciency point in order to lessen the motor costs. In pumps with high specific 
speeds, it is therefore important to reduce the effect of recirculation at the impeller 
inlet and outlet. This can be performed using the following means: 

1. Ribs and structures upstream of the impeller, which slow down the pre-rotation 
induced by the recirculation, can be provided at a greater distance upstream of 
the impeller inlet. This applies especially to high specific speeds (nq > 50) be-
cause shut-off and power fall strongly when the distance between the impeller 
blade leading edges and the rotation-braking structures is increased. However, 
such structures must not be eliminated altogether – otherwise the characteristic 
will become unstable due to excessive pre-swirl. If the pump takes suction from 
an open sump, rotation-braking structures are also required to reduce the risk of 
air-drawing vortices as well as wall and floor vortices, Chap. 11.7.3. A detailed 
analysis of tests with various devices installed upstream of the impeller is re-
ported in [5.23]. 

2. A large volume of fluid upstream of the impeller has a similar effect as ribs 
since the swirl velocity of the recirculating fluid is effectively dissipated in a 
large plenum. To reduce head and power consumption at shut-off, the fluid 
volume upstream of the impeller must therefore be kept as small as practicable. 

3. Shut-off head and power can be reduced by designing a flatter impeller blade 
trailing edge leading to a smaller ratio d2a/d2i (see test results in Fig. 5.32). 

4. The ratio d1a/d1i at the impeller inlet must not be chosen too large if a low shut-
off pressure is to be achieved. Shut-off head and power of pumps with high 
specific speeds can be effectively reduced by increasing d1i (possibly by cutting 
back the blades). 

The diffuser parameters have little influence on the shut-off head of axial pumps 
as is evident from Fig. 5.25. As for the rest, and at low specific speeds, the meas-
ures mentioned in Chap. 5.6.4 can be applied in the inverted sense. This is a com-
promise between the demands for a stable characteristic, low shut-off head and 
power as well as a high efficiency.  

5.7 Flow phenomena in open axial impellers 

The flow patterns and mechanisms discussed above are present in both open and 
closed impellers. However, the leakage around the tip of the impeller blades exerts 
a significant influence on the flow patterns in open impellers and, consequently, 
on the part-load behavior of the pump. 
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Fluid flows from the blade pressure surface to the suction surface through the 
gaps between casing and impeller blades. The associated flow phenomena near the 
casing wall were visualized in tests with axial compressors and in an axial pump 
by oil coating images (in the case of the pump also by cavitation). The leakage 
through the gaps has an effect on the Q-H-curve and the generation of rotating 
stall. Compressors were discussed in [5.42 to 5.46] while the axial pump was dealt 
with in [5.47 and 5.48]. 

The tip leakage flow follows the path of least resistance; the velocity in the 
relative reference frame is therefore directed essentially perpendicular to the 
blade. As a consequence, the axial component of the velocity in the tip clearance 
is (during pumping) directed against the main flow. The lower the blade inlet and 
outlet angles, the larger is this axial velocity component.1 In addition, the rotation 
of the blades creates a velocity component in circumferential direction due to 
shear stresses on the face end of the blades so that the flow near the casing wall 
follows a curved path in the absolute reference frame. By means of oil coating im-
ages of the casing wall it is possible to render the resulting streamlines visible. Oil 
coating images represent time-averaged streamlines of the (unsteady) absolute 
flow. Figure 5.44 shows such a picture; the streamlines sketched in Fig. 5.45 fa-
cilitate interpretation. 

Where the main axial forward flow (left domain in Fig. 5.45) meets the tip 
leakage flow directed axially backwards, the casing boundary layer separates. A 
separation line is created over the circumference of the casing. In Fig. 5.44 it ap-
pears as a narrow black band which is situated nearly above the middle of the ro-
tor at the operating point shown (refer also to Fig. 5.45). The wall shear stresses 
reach their minimum in this band.  

Immediately downstream of the trailing edge of the blade the flow re-attaches 
to the casing wall. The re-attachment line is noticeable in Fig. 5.44 as a white line 
over the circumference of the casing. Since the effects of tip leakage vanish down-
stream of the blading, the re-attachment line is frequently observed immediately 
behind the rotor. Depending on blade tip geometry, blade outlet angle and the load 
distribution on the outer streamline, the re-attachment line can also form upstream 
of the rotor outlet plane, [5.45, 5.48]. 

The separation line changes its position with the flow rate: to the right of the 
best efficiency point (q* > 1) it is found near the impeller outlet and shifts up-
stream with diminishing flow rate. As the flow is reduced, the incidence at the 
blade leading edge increases; this causes the flow deflection and the pressure dif-
ferential between pressure and suction surfaces to increase on the first portion of 
the blade.  Hence, the tip leakage velocity grows and shifts the separation line. 

In summary: the higher the blade loading near the inlet, the closer the separa-
tion line moves towards the inlet plane of the rotor. The greater the load near the 

                                                           
1 Inducers and helico-axial impellers for 2-phase mixtures (Fig. 13.21) have very flat angles 

so that the leakage flow is in essence directed axially backwards. In contrast, in radial-
bladed impellers according to Chap. 7.3.3 the leakage flows in circumferential direction 
(if the gaps are not too large). 
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outlet, the closer the re-attachment line moves to the rotor outlet plane. The blade 
loading near inlet and outlet increases with falling flow rate. 

Figure 5.44 also shows the pressure distribution measured on the casing wall. 
Line “a” indicates a pressure trough along which the vortex induced by the tip 
leakage is moving. The tip clearance vortex starts at the point of minimum pres-
sure on the separation line, developing downstream along a slightly curved axis. 
At low partload, just before the onset of stall, the vortex changes in appearance; it 
forms a spiraling pattern called “vortex breakdown”, [5.48, 5.51]. In the process 
the tip leakage flow becomes increasingly unsteady. Figure 5.46 shows the cavi-
tating vortex core in the impeller of an axial pump before and after the vortex 
breakdown for various flow rates. 

Just prior to the onset of inlet recirculation the separation line is found at the 
blade leading edge. If the flow rate is reduced slightly more, rotating stall occurs 
in an axial compressor, while inlet recirculation starts in an axial pump. The Q-H-
curve usually becomes unstable at that flow rate. The separation line jumps up-
stream (Fig. 5.47c) and the zone of the inlet recirculation expands in radial and ax-
ial direction. As a result of the high circumferential velocity of the recirculating 
fluid the head drops, mostly causing a saddle in the Q-H-curve, (see also 
Chap. 8.4). 

Figure 5.47 shows oil coating images of the impeller blade suction surface of 
an axial pump shortly after the onset of inlet recirculation. At the inlet, a recircula-
tion zone “B” can be recognized. A larger recirculation zone “A” is seen where  

 
Fig. 5.44. Structures of absolute flow near the casing at q* = 1 in an axial compressor; left: 
oil coating image; center: measured isobars: line (a) direction of gap vortex axis; right: iso-
bars overlaid on oil coating image, [5.42, 5.44]. Flow is from left to right, rotor moves from 
top to bottom of the figure. 
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Fig. 5.45. Flow pattern on casing wall; left region: forward flow upstream and near impeller 
inlet; center region: back-flow within the impeller; right region: forward flow towards dif-
fuser, [5.42]. Flow is from left to right, rotor moves from top to bottom of the figure. 

the streamlines are directed radially outward (see Sketch c). These pictures agree 
well with the flow structures sketched in Fig. 5.12. 

As discussed in Chaps. 5.1 and 5.2, recirculation at the impeller inlet is primar-
ily determined by the equilibrium of forces over the blade height. Despite the in-
fluence of the tip leakage flow, this is also true for open axial impellers. Therefore 
it must not be concluded from the tests described above that the Q-H-curve could 
be stabilized by applying a cover band to the rotor.  

In the domain with extended recirculation at the impeller inlet and outlet a vor-
tex is formed which runs across the blade channel. The cross-channel vortex ro-
tates with the blades; its axis is perpendicular to the blade. The cross-channel vor-
tex originates on the blade suction surface near the outlet on the outer streamline 
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and extends to just before the leading edge of the following blade. The vortex ori-
gin is clearly visible on the oil coating image in Fig. 5.48 (q* = 0.33); when the 
NPSHA is lowered, the vortex cavitates, Fig. 5.48b. 

 
Fig. 5.46. Cavitating tip clearance vortex in an axial pump; a) prior to vortex breakdown at 
q* = 1.3; b) vortex breakdown at q* = 0.8; c) vortex breakdown at q* = 0.75 (instantane-
ous, photo during transient operation), [5.48]. Flow is from left to right, rotor moves from 
bottom to top of the figure. 

 
Fig. 5.47. Streamlines at the blade suction side of an axial pump at q* = 0.7; a) at impeller 
inlet, b) at impeller outlet, c) Sketch of flow pattern, [5.48]. Flow is from left to right of the 
figure. 
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Fig. 5.48. Flow near the impeller outlet of an axial pump at q* = 0.33; a) Streamlines on the 
blade suction side; b) cavitating vortex across the channel; c) Sketch of flow pattern, [5.48]. 
Flow is from left to right of the figure. 

Partload flow becomes highly three-dimensional in the diffuser too. This is well 
demonstrated by oil coating images of the casing wall and a diffuser vane suction 
surface taken just before the onset of rotating stall in a single-stage compressor, 
Fig. 5.49. Because of the large incidence caused by the strongly developed tip 
leakage flow on the rotor, the flow in the diffuser separates near the casing on the 
suction surface. The outer channel half is largely blocked by fluid of low velocity 
which is absorbed at the outlet of the diffuser channel by a corner stall created 
near the hub.  

The investigations in [5.42] to [5.48] were made on an axial pump and various 
compressor bladings. The latter were tested both in a machine and in a wind tun-
nel on stationary vane cascades. The flow patterns observed were similar in all of 
the investigations. They are thus characteristic for axial pumps (and compressors). 
Similar flow patterns must be expected in semi-axial pumps of high specific 
speeds with open impellers. This was confirmed by unsteady CFD-calculations of 
a semi-axial pump (nq = 155) examined in [8.66]. 

The highly three-dimensional flow evident from the oil coating images in 
Figs. 5.46 to 5.49 gives an impression of the mechanisms that generate vibrations 
and noise in pumps. 

Further details to the above tests with the axial pump can be found in [5.51]. 
The test pump had an unstable Q-H-curve where head and power dropped sud-
denly at q* = 0.73 upon the onset of inlet recirculation, Fig. 5.50. The curve 
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NPSH3 = f(q*) had a peak at q* = 0.75, where high vibrations prevented normal 
operation. The available NPSHA had an influence on the onset of stall which 
shifted to higher flow rates when the NPSHA was lowered, Fig. 5.51.  

 
Fig. 5.49. Flow patterns in the diffuser of an axial compressor just prior to the onset of ro-
tating stall; left: flow on the casing wall; right: vane suction side (the hub is at the bottom), 
[5.46]. Flow is from left to right, rotor moves from bottom to top of the figure. 

The Q-H-curve became completely stable and the NPSH-peak as well as the 
excessive vibrations at partload vanished when grooves were machined into the 
casing upstream of the impeller. The effect of the grooves is to reduce the tangen-
tial velocity of the recirculating fluid by exchange of momentum between the 
swirling flow upstream of the impeller and the liquid in the grooves. The effect is 
similar to that of the back-flow catcher shown in Fig. 6.39d.  

Because of this remarkable improvement, details of the pump and the casing 
treatment are given below, [5.51]: 

• Pump data: nq = 150, d2 = 350 mm, Qopt = 1780 m3/h at 1485 rpm, opt = 0.78 
(the efficiency is quite low when compared to Fig. 3.24, possibly due to a large 
distance between impeller and diffuser vanes), opt = 0.35, zLa = 6, zLe = 11, 
dn/d2 = 0.535. 

• Casing treatment: axial grooves machined into the casing just upstream of the 
impeller (no grooves overlapping the blades).  

• Casing diameter in the grooved part: ds/d2 = 0.973. It is important that the cas-
ing diameter in the grooved part is smaller than the impeller diameter. Other-
wise the grooves are not sufficiently effective to reduce the pre-swirl caused by 
the recirculating fluid. 

• Groove length Lg/d2 = 0.515. The minimum length investigated was 
Lg,min/d2 = 0.15, but the Q-H-curve had a small instability close to shut-off. 

• The groove dimensions were: pitch pg/d2 = 0.051, depth tg/d2 = 0.0114, width 
bg/d2 = 0.0286, width to pitch ratio bg/pg = 0.562, depth to width ratio 
tg/bg = 0.4. 
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• At flows above the onset of inlet recirculation the grooves have virtually no in-
fluence on head, power, efficiency and NPSH3. Partload efficiency is improved 
by the grooves. 

• When the pre-swirl is reduced by the grooves, the velocity distribution at the 
impeller outlet is modified too. This change in flow pattern is instrumental in 
making the Q-H-curve stable. Refer also to Chap. 6.2.5 and the discussion of 
Fig. 6.17. 

• With grooves no cross-channel vortex is observed. 
• The high tangential velocity of the recirculating fluid induces cavitation at the 

grooves. There is thus a risk of cavitation erosion. 
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Fig. 5.50. Effect of grooves upstream of impeller on characteristics, [5.51] 
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• The grooves reduced vibrations near the peak in the NPSH3, although not at all 
flow rates. However, noise increased at partload by roughly 10 dBA. 

The grooves can be expected to improve the characteristics and vibration be-
havior if the instability is caused by inlet recirculation. If the instabilities occur at 
the impeller outlet, the effect of the grooves (if any) cannot be predicted. 
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Fig. 5.51. Onset of stall as function of available NPSHA, [5.51] 

 



6 Suction capability and cavitation 

Definition of terms: “Cavitation” means the partial evaporation of liquid in a 
flow system. A cavity filled with vapor is created when the static pressure in a 
flow locally drops to the vapor pressure of the liquid due to excess velocities, so 
that some fluid evaporates and a two-phase flow is created in a small domain of 
the flow field. The vapor condenses suddenly (“implodes”) as soon as it is trans-
ported downstream into zones where the static pressure again exceeds the vapor 
pressure. With increasing extension of the cavitating zone with two-phase flow, 
the head and efficiency of the pump may be impaired, noise and vibrations excited 
and components damaged through cavitation erosion under certain conditions. 
When using the term “cavitation” the “cavitating flow” – i.e. the occurrence of lo-
cal zones with two-phase flow – and “cavitation erosion” or cavitation damage 
must be well distinguished. 

The term “hydrodynamic cavitation intensity” is used for the totality of the im-
plosion energy of all bubbles. If this exceeds the “cavitation resistance”, the ma-
terial will be damaged by “cavitation erosion” if it is exposed sufficiently long to 
the attack. The cavitation resistance is a material property which is independent 
of the flow system. The possibility of employing cavitation processes for separat-
ing dissolved gases from liquids was investigated in [6.51]. 

6.1 Cavitation physics 

6.1.1 Growth and implosion of vapor bubbles in a flowing liquid 

Any substance can exist in the phases solid, liquid and gaseous. The transition 
from one phase to another (e.g. “formation of ice” or “evaporation”) is described 
through phase equilibriums in a p-T-diagram. Accordingly, the vapor pressure 
curve pv(T) characterizes the equilibrium (the “saturation status”) between liquid 
and vapor from the triple point to the critical point (Fig. 6.1). A liquid in condition 
p1, T1 with p1 > pv(T1) can be evaporated, if it is heated at constant pressure to the 
saturation temperature Tv(p1) (point V), or expanded to the vapor pressure pv(T1) 
at constant temperature (point K in Fig. 6.1). During phase conversion from liquid 
to vapor the evaporation enthalpy must be added. In the reverse process, i.e. con-
densation, the evaporation enthalpy is liberated. 

During cavitation a small portion of the liquid is expanded at constant tempera-
ture (in Fig. 6.1 from p1 to K), to the extent that some liquid evaporates. Down- 
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Fig. 6.1. Phase equilibrium of water 

stream of the low-pressure zone, the pressure rises again so that the saturation 
pressure is exceeded and the vapor condenses. This distinguishes cavitation from 
evaporation by “flashing”. The nature of cavitating flows therefore implies that: 
(1) the static pressure in a system initially drops locally to the vapor pressure as a 
result of flow acceleration; (2) subsequently the flow is decelerated so that the 
pressure increases and the vapor bubbles implode. To illustrate the cavitation 
process, Fig. 6.2 shows the development of the static pressure in a venturi nozzle. 
The minimum pressure pmin in the throat area can be calculated from Eq. (1.7), the 
pressure recovery in the diffuser from A1 to A2 according to Chap. 1.6.  

Let the temperature of the fluid in otherwise identical conditions vary in four 
stages from T1 to T4 with the relevant vapor pressures pv1 to pv4: in condition 1 
with pmin > pv1 (T1) the vapor pressure is not reached and consequently no evapo-
ration occurs. With pmin ≤ pv2 (T2) saturation is reached and initial vapor bubbles 
develop. At pv3 (T3) the zone with pmin ≤ pv3 takes up roughly one half of the dif-
fuser length; this domain is covered with a large cavity which influences the flow 
in the channel. In condition 4 the pressure recovery in the diffuser is smaller than  
pv4 - pmin, so that the vapor created no longer condenses; the two-phase flow is 
maintained and covers the entire channel downstream of the diffuser. In accor-
dance with the pressure loss and the thermodynamic equilibrium some fluid 
evaporates with increasing pipe length (only a fraction of the flowing fluid mass 
evaporates). Such a process is called expansion evaporation or “flashing”. 

Because of the shear stresses between the flowing liquid and the cavity, the lat-
ter cannot be at rest. Bubbles develop continuously and are transported down-
stream to the end of the cavity where they implode when p > pv applies again. For 
evaporating the corresponding amount of liquid, the required evaporation en-
thalpy must be transported by heat conduction and convection from the surround-
ing liquid to the boundary of the vapor bubble. The heat transport requires a finite 
temperature difference ΔTu. This temperature difference corresponds to a pres- 
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Fig. 6.2. Cavitation in a nozzle 

sure difference Δpu between the pressure in the bubble and the vapor pressure as 
shown in Fig. 6.2 (see also Chap. 6.4.1). Let us assume that the water flowing 
through the nozzle in Fig. 6.2 is saturated with dissolved air corresponding to the 
inlet pressure. As soon as the local pressure in the nozzle falls noticeably below 
the vapor pressure, air is liberated in accordance with Henry’s law, Appendix A.3. 
This produces finely distributed individual bubbles when the pressure throughout 
the channel is sufficiently lowered or a cavity is formed as in Fig. 6.2. Conse-
quently, gas separation can also create cavitation without the pressure dropping 
below the vapor pressure. However, a vapor component is always present in any 
gas-filled volume having an interface with a liquid. The partial pressure of the 
vapor is equal to the vapor pressure resulting from the fluid temperature. If the ef-
fect of gas separation is significant, the phenomenon is also called “gaseous cavi-
tation”. Non-condensable gases weaken the intensity of the implosion, thereby re-
ducing the potential for noise, vibrations and material erosion.  

6.1.2 Bubble dynamics  

Cavitation nuclei: Cavitation bubbles are generated only when the fluid contains 
“nuclei”. These are accumulations of gas or vapor molecules which are present as 
microscopically small bubbles with diameters in the range of 10-3 to 10-1 mm. Free 
gas bubbles in a non-saturated fluid would gradually dissolve in the fluid through 
diffusion. The fact that nuclei are nevertheless stable in unsaturated fluid is ex-
plained by the hypothesis that the gas molecules are adsorbed on non-wetting par-
ticles (e.g. corrosion products or dirt). Experience has shown that sufficient nuclei 
are present in most technical systems where liquids are transported. This also ap-
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plies to very pure de-aerated feed water (otherwise the boiling process in the 
steam generator would not be possible). 

The interior of a nucleus contains gas and vapor. The pressure pB in the nucleus 
corresponds to the sum of the partial pressures of the gas pg and the liquid pv. Be-
cause of the surface tension ST it is greater than the pressure p of the surrounding 
liquid: pB - p = pg + pv - p = 2×ST/R (R = radius of the nucleus). A given nucleus 
contains a certain mass of gas. If the pressure in the bubble changes, the bubble 
volume follows the law of a perfect gas p×V = m×R×T. From this and the equilib-
rium of the forces on the bubble it follows that the radius of the nucleus varies 
with the surrounding pressure. If a nucleus enters a zone of low pressure – for in-
stance in the throat area of a nozzle according to Fig. 6.2 – its radius grows. Since 
vapor pressure and vapor density are given by the liquid temperature (which re-
mains constant), some liquid evaporates. In the process, only nuclei over a certain 
size are stimulated into growth. The lower the local pressure drops, the more nu-
clei are activated. The number of nuclei that can be activated therefore grows with 
the square of the flow velocity. The longer the low pressure zone and the lower the 
local pressure drops, the more cavitation bubbles are generated. 

Water absolutely free of nuclei would be able to withstand high tensile stresses. 
In practice, the tensile stresses in the water are near zero because of the presence 
of nuclei, Chap. 6.4.3. If insufficient nuclei are available, the generation of cavita-
tion bubbles is restricted. Above a threshold of the nuclei content, saturation oc-
curs and the cavitating flow cannot be influenced through the supply of additional 
nuclei. This threshold falls with increasing flow velocity. From the above it fol-
lows that various forms of cavity flows (brought about by different pressure dis-
tributions) react differently to the nuclei spectrum. The form of pressure distribu-
tion – flat or peaky – consequently has an impact on the growth of bubbles. 
Bubble implosion: When a vapor bubble is transported by the flow into zones 
where the local pressure exceeds the vapor pressure, the phase equilibrium ac-
cording to Fig. 6.1 is disturbed and the vapor contained in the bubble condenses 
suddenly. Imagine a sphere-shaped bubble according to Fig. 6.3a whose vapor 
content suddenly condenses: since the pressure within the bubble collapses in the 
process, the bubble wall is radial-concentrically accelerated inwards by the higher 
surrounding pressure. Towards the end of the implosion the bubble wall reaches a 
very high velocity ci, which can be calculated from “Rayleigh’s equation”: 
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Rpp
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i  (6.1) 

In Eq. (6.1) p is the pressure in the surrounding liquid, pB the pressure in the 
bubble (pB ≥ pv), Ro the bubble radius at the start and Re at the end of the implo-
sion. Extremely sharp pressure peaks are created during this process according to 
the (“water hammer equation”)1 pi = ρ×ao×ci. These peaks are locally and tempo-
rally very limited. They can exceed 1000 bar and may consequently surpass the 
strength of the materials used in the pump. 

                                                           
1 The water hammer equation is based on Joukowski; ao is the speed of sound in the liquid. 



 6.1 Cavitation physics      263 

a) Single bubble b) 

c) 

Bubble implosion in a flow against  a pressure gradient 

Flattening and indentation Jet formation 

Bubble implosion near a wall 

Start: spherical Indentation Jet formation 

Start: spherical 

 

Fig. 6.3. Bubble implosion 

Fig. 6.4. Implosion of a bubble near a wall; Photos: Laboratory for hydraulic machinery, 
Ecole Polytechnique Fédérale, Lausanne; 24'000 frames per second; the scale is about 2:1 

The calculation of a concentric bubble implosion according Eq. (6.1) assumes 
idealized conditions, but it is a useful physical concept for understanding some es-
sential aspects of cavitation damage. It is important to recognize that the implo-
sion pressure and the damage potential increase with the bubble size Ro at the 
start of the implosion and the driving pressure differential, while it decreases with 
growing bubble radius Re at the end of the implosion. The local pressure differ-
ence triggering the implosion is not only determined by the flow conditions but 
also by adjacent cavitation bubbles which can have an intensifying or diminishing 
effect. 

In technical flows, bubbles implode asymmetrically as depicted in Fig. 6.3 and 
demonstrated by the photos in Fig.6.4. In the process, a sharp micro-jet is formed 
which constitutes a shock-load according to pi = ρ×ao×cjet for the material.  

The photos of a bubble implosion in Fig. 6.4 show very well the formation of 
the micro-jet. The bubble was generated through electric spark discharge (the two 
electrodes are faintly visible; their distance from the wall at the bottom of the pic-
ture was 6 mm). The bubble diameter in the photograph on the left is approxi-
mately 15 mm (the electrodes are also visible in the center of the bubble). 

The asymmetry of the implosion is either caused by the proximity of a solid 
wall (Fig. 6.3c) or through pressure gradients (Fig. 6.3b), as can be expected 
wherever bubbles are transported by the flow into zones of higher pressure. This 
applies especially to the end of a cavity where the flow is decelerated (for instance 
in a nozzle according to Fig. 6.2 or in a pump). 
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At the start of the implosion typical bubble diameters in flow systems are in the 
range of 1 to 5 mm, towards the end of the implosion they are in the order of 
tenths of millimeters. The diameter of the micro-jet is consequently similar in size. 
High pressure peaks must be expected only in the immediate vicinity of the bub-
ble at the final stage of the implosion. The bubbles must therefore implode very 
close to the solid surface to be able to attack the material.  

The liquid imploding into the cavity during the implosion acts like a piston on 
the content of the bubble so that non-condensable gases are compressed adiabati-
cally. The bubble content is heated accordingly so that a residual vapor compo-
nent is also compressed in the final stage of the implosion (Re in Eq. 6.1 remains 
finite). As a result of the energy stored in the compressed gas and vapor a bubble 
is formed again after the implosion (“rebound phase”). This process is repeated 
until the energy is dissipated.  

At the final stage of the bubble collapse the compressibility of the surrounding 
liquid also plays a role. The shock waves associated with compressible flows con-
tribute to the possible destruction of the material in addition to the micro-jet. 
Three additional effects limit the implosion pressure to finite values: (1) If the va-
por density is high, the dissipation of the condensation heat has a limiting effect. 
(2) When the bubble-wall velocity ci reaches the speed of sound, the physical 
model of Eq. (6.1) fails. (3) The implosion energy cannot be greater than the (fi-
nite) potential energy at the start of the bubble implosion, which is given by: 

( ) ( )v
3

e
3

opot pp RR 
3
4E −−π=  (6.2) 

Epot is the maximum work that can be performed by the surrounding liquid during 
the bubble implosion to R = Re. 

6.2 Cavitation in impeller or diffuser 

6.2.1 Pressure distribution and cavity length 

Cavitation zones at the impeller leading edge are created in a way similar to that 
in the nozzle sketched in Fig. 6.2. Consider the pressure conditions at the impeller 
inlet according to Fig. 6.5 which shows the pressure distribution on the blade suc-
tion surface without cavitation. The static pressure ps and the velocity cs prevail at 
the inlet nozzle. In the inlet casing the static pressure drops to the value p1 imme-
diately upstream of the impeller due to flow losses and acceleration (if any). Sup-
pose the blade with the inlet angle β1B receives a fluid approaching with the flow 
angle β1 or incidence i1. As the fluid flows around the profile, the static pressure is 
reduced by Δp = ½×ρ×λw,i×w1

2 to the value pmin as the result of local excess ve-
locities. As with an air foil, this reduction in pressure can be described by a profile 
coefficient λw,i and the relative velocity w1. λw,i depends on the shape of the pro-
file and the approach flow, especially on the incidence i1. If the minimum local 
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Fig. 6.5. Cavitation at the impeller blade leading edge 

pressure pmin is above the vapor pressure, no cavitation occurs. If pmin reaches (or 
falls below) the vapor pressure, a cavity is formed. 

As can be seen from the pressure distribution in Fig. 6.5, the cavity length in-
creases with the length of the zone in which we find p < pv. The appearance of the 
first bubbles at pmin = pv is termed “visual cavitation inception”. 

The longer and thicker the cavity, the greater is its retroactive effect on the 
flow. The pressure distribution then increasingly deviates from the form without 
cavitation. Since the same vapor pressure prevails throughout the cavity, the pres-
sure distribution on the front part of the blade changes accordingly. In addition, 
the cavity displaces liquid due to the cross section blockage. Downstream of the 
cavity this displacement effect disappears and the liquid deceleration increases 
with the thickness of the cavity (see Chap. 4.1.3 in this regard). Figure 6.6 illus-
trates these relationships by means of the calculated pressure distributions on a ra-
dial impeller [8.39]. Without cavitation (full lines) the pressure drops sharply on 
the suction surface at the leading edge. The resulting “low-pressure peak” disap-
pears when cavitation occurs (broken lines) and is replaced by a horizontal por-
tion of constant pressure pv. In this example, the cavity extends over approxi-
mately a third of the blade length. The steep rise in pressure downstream of the 
cavity due to deceleration is clearly visible. 

The integration of the pressure distribution essentially supplies the specific 
work performed by the impeller. It can be seen in Fig. 6.6 that (in the case shown) 
the head is not yet affected by cavitation. Although the low-pressure peak is “cut 
off”, this deficit is compensated for towards the end of the cavity. As the length of 
the cavity progresses, eventually a condition is reached in which the blade work is 
impaired. As a rough approximation, this is the case when the cavity length on the 
blade suction surface exceeds the blade pitch t1 = π×d1/zLa and blocks a part of the 
throat area at the impeller inlet (the blockage leads to a flow acceleration). 
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Fig. 6.6. Pressure distribution with positive 
incidence: i = 5°; w1q/w1 = 0.71 

Fig. 6.7. Pressure distribution with negative 
incidence : i = -12°; w1q/w1 = 1.34 

Calculation for outer streamline; SS suction surface, PS pressure surface, [8.39]. 

A low-pressure peak on the blade suction surface is obtained with positive in-
cidence i1 ≥ 0 according to Fig. 6.6 and a stagnation point occurs on the pressure 
surface. With negative incidence, the stagnation point moves to the suction sur-
face. Then the low-pressure peak develops on the pressure surface, where the first 
cavitation bubbles will subsequently occur (Fig. 6.7). The first part of the blade, 
where pSS > pPS applies, “works as a turbine”; consequently, it reduces rather than 
generates head. Even minor bubble development on the blade pressure surface 
causes a drop in head, because even short cavities noticeably block part of the 
throat area and modify the pressure distribution. The effect is well illustrated by 
Fig. 4.6c. 

6.2.2 Required NPSH, extent of cavitation, cavitation criteria 

The length of the low-pressure zone, where p ≤ pv applies, determines the extent 
of the cavitation zone. The cavity can be negligibly small (initial bubbles which 
cannot be detected on the pump from the outside) or involve most of the impeller 
channels (“full cavitation” and ultimately collapse of the flow and head). Criteria 
are therefore required to describe the cavitation in a pump quantitatively. 

As discussed above, the minimum local static pressure at the impeller inlet de-
termines the occurrence and the extent of cavitation. This pressure cannot be 
measured by any simple means. At best it could be calculated with numerical 
methods or determined in sophisticated laboratory tests. Industrial practice re-
quires quantities which can be measured by simple means. For this reason, all 
cavitation processes are generally quantified by the NPSH value introduced in 
Chap. 2, which defines NPSH, or “net positive suction head”, as the difference be-
tween the total head in the inlet nozzle and the vapor head. 
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If the pressure ps is present in the inlet nozzle, the net positive suction head avail-
able in the plant (NPSHA) is obtained for given values of vapor pressure and flow 
rate according to Eq. (6.3) and Fig. 6.5. 

“Cavitation inception” is observed at pmin = pv where the first vapor bubbles are 
generated. The relevant net positive suction head is the NPSHi. It constitutes the 
minimum NPSH required by the pump to operate without cavitation bubbles. If 
the inlet pressure is gradually reduced to value below that of NPSHi, the cavity 
length increases until the cavitation zones finally become sufficiently large to im-
pair the work transfer. In other words, a pump requires different values of NPSH 
depending on the extent of cavitation considered or permitted. 

The required NPSH of the pump, NPSHR, therefore constitutes that net positive 
suction head at which a specific cavitation criterion is maintained. Without speci-
fying a cavitation criterion (i.e. the permitted extent of cavitation), a statement on 
the required NPSH of a pump is (in principle) meaningless. Popular cavitation cri-
teria are: 

• NPSHi: visual cavitation inception: initial vapor bubbles are visible 
• NPSHo: starting of head drop 
• NPSH1: head of suction impeller drops by 1% 
• NPSH3: head of suction impeller drops by 3% 
• NPSHFC: “Full cavitation”: head of impeller is severely reduced (it “col-

lapses”). The impeller largely runs in a 2-phase flow. 
• NPSHx with x percent of drop in head 
• A defined drop of efficiency (e.g. beginning or 1% drop in efficiency) 
• A defined loss of material or cavitation erosion 
• A defined increase of noise due to cavitation 
• A specified service life of the suction impeller (e.g. 50’000 h). 

The most frequently used cavitation criterion is the NPSH3; not because it is par-
ticularly relevant from a technical point, but because it is easy to measure. The 
symbol “NPSH” can therefore be found in the pump characteristics of many 
manufacturers without an explicit specification that it is actually the NPSH3. 

6.2.3 Scaling laws for cavitating flows 

As discussed above, origin, number and size of the cavitation bubbles depend on 
the blade pressure distribution and on the nuclei spectrum. As the low-pressure 
peak gets deeper (i.e. at higher circumferential velocity), increasingly smaller nu-
clei are activated. The local pressure distribution is affected by the Reynolds 
number. Even individual roughness elevations can lower the local pressure to the 
extent that a bubble is created and NPSHi is reached (these effects depend also on 
Re). Strictly applicable similarity laws which are able to cover such fine details 
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are not known for centrifugal pumps. In practice, simplified model laws are there-
fore used for transferring measurements on a given pump to other speeds or other 
sizes of geometrically similar machines. 

The flow condition at the impeller inlet is described by the flow coefficient ϕ1, 
which is independent of size and speed as follows from the inlet velocity triangle. 

1

m1
1 u

c=ϕ  (6.4) 

All pressure differences and pressure distributions in a pump are proportional 
to the square of the speed. Consequently, in first approximation, an Euler number 
must be used as a similarity characteristic for the cavitation criteria or the extent 
of the cavitation. The cavitation coefficients σi, σ3, σx are defined according to: 
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From this it follows that NPSH values are scaled to the square of the speed and 
the diameter (subscript M applies to the known “model”): 
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Additionally, the following model law applies to the cavity length Lcav: 
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With given values of σA and ϕ1 the ratio Lcav/d1 with geometrically similar impel-
lers is (in first approximation) independent of the size and the speed. 

Prerequisites for applying the above model laws are: 

• The pumps have to be geometrically similar. This requirement must be strictly 
satisfied for the impeller and the inlet. The collector and impeller outlet (impel-
ler outer diameter) can also have an effect on cavitation – especially at partload 
recirculation. It is therefore not advisable to transfer the partload cavitation be-
havior of diffuser pumps to volute casing pumps (or vice versa). Since an im-
peller/collector interaction is not always present or perceptible in the cavitation 
behavior, it is sometimes argued that geometric similarity at the impeller outlet 
is not required when transferring cavitation experiments from the model to the 
prototype. This may be true in many instances but can also result in incorrect 
conclusions with serious consequences. 

• Identical liquid of the same temperature, gas content and nucleus spectrum. 
Frequently, this requirement cannot be strictly satisfied in practice; refer also to 
Chap. 6.4. 

During the measurements in [6.46] the speed of a test pump was varied in the 
range from 1000 to 3500 rpm. The model laws according to Eqs. (6.5 to 6.6a) 
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were fulfilled within minor scatter. This finding was confirmed by the measure-
ments in [6.4] during which not only the circumferential velocity but also the wa-
ter temperature was varied between 27 and 81 m/s and 30 and 160 °C respec-
tively. The test results were affected by the usual scatter but did not reveal any 
systematic deviations from which scaling laws for speed or temperature could be 
derived.  

Model laws deviating from Eqs. (6.5 to 6.6a) were not yet introduced in the 
pump industry. If the scaling laws derived from the investigations in [6.24, 6.45 
and 6.48] are applied to pumps, unrealistic results are obtained, which grossly 
contradict decades of testing and plant experience. 

When applying the model laws and when evaluating cavitation tests, neverthe-
less significant deviations occur at times. These can be caused by the following 
uncertainties: 

1. Even small tolerances in the blade inlet profile or angle (even the roughness) 
can cause considerable deviations in the cavitation inception NPSHi, but have 
little effect on NPSH3. 

2. Tolerances of the throat area and the inlet angle have an effect on the steep rise 
of NPSH for Q > Qopt and on the NPSH3 values at the best efficiency point. 

3. Because of the sensitivity to geometrical deviations, scaling laws for the effect 
of the impeller size could only be determined with very precise NC-milled im-
pellers (systematic tests are not known to date). 

4. With small impellers (inlet diameters below 100 to 140 mm) the required 
NPSHx increases with decreasing impeller size because of the boundary layer 
blockage and because the cavity has a greater blockage effect on the flow in 
narrow channels. 

5. The Reynolds number affects the boundary layer thickness. At low Reynolds 
numbers, some roughness elevations and irregularities are located within the 
boundary layer. At high Reynolds numbers, the roughness generates tiny vor-
tices which can increase the NPSHi. 

6. As long as no saturation with nuclei is reached, the NPSHR values depend on 
the nuclei spectrum. Even if this were known, its effect could not be predicted. 

7. Air separation – especially with NPSH values below atmospheric pressure – 
can falsify the measurements. 

8. Because of air separation and tolerances, measurements of the NPSH at low 
absolute inlet pressures are difficult and uncertain. For this reason, it is some-
times suggested that the exponent in Eq. (6.6) should be selected smaller than 
2.0 when scaling down the NPSH from a higher to a lower speed. There are 
even measurements which seem to point to exponents greater than 2.0, [6.45], 
refer also to Chap. 6.4. 

In summary: There is, as yet, no universally accepted alternative to the scaling 
laws given by Eqs. (6.4 to 6.6a) that would be suitable for application in industry. 
Therefore, Eq. (6.6) is also given in standards [N.2] and in [6.52]. Nevertheless, it 
should be noted that the scaling laws apply to the flow but not to the activation of 
cavitation nuclei. The nuclei activation process cannot be scaled, because it de-
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pends on the absolute pressure difference Δpu = pv - pmin (Fig. 6.2). Nuclei activa-
tion cannot be expressed through relative quantities such as cp,min or σ.  

When testing at low NPSHA (typically NPSHA < 20 m) in test loops with air-
saturated water, it is prudent to use exponents inferior to 2.0 when scaling down 
to lower speeds or sizes. In this way, overly optimistic statements about the re-
quired NPSH can be avoided. To this end, the speed exponents of tests reported in 
[6.54] were evaluated and plotted against the NPSH3 in Fig. 6.8. The exponents 
derived are between 1.3 and 1.8. 
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Fig. 6.8. Exponent x for scaling NPSH3 at low speeds (tentatively) 

In practice there is no uniform approach as revealed by an analysis of the sales 
documentation of 8 pump manufacturers. The apparent exponents derived from 
the sales curves range from 0.2 to 2.2, [6.53]. It would make little sense to apply 
an exponent of (say) 1.5 at “low” speeds and an exponent of 2.0 at “high” speeds. 
Rather a continuous function should be used. On the basis of the scarce test data 
available, the following tentative formula for scaling the NPSH3 down to lower 
speeds or sizes is suggested:  
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The curve represented by Eq. (6.6b) is shown in Fig. 6.8. It is seen that 
Eq. (6.6b) was established in a way that conservative NPSH predictions are ob-
tained. The following example illustrates the application of Eq. (6.6b): Suppose a 
NPSH3 = 6 m is measured at a speed of 3000 rpm on a given pump. If the same 
pump is operated at 1500 rpm, Eq. (6.6b) gives x = 1.39 and NPSH3 = 2.3 m.  

It is recommended to use Eq. (6.6b) only for scaling down. To be on the safe 
side, the exponent 2.0, that is Eq. (6.6), should be used for scaling up. Note that 
the procedure is entirely empirical; its only objective is to avoid predicting overly 
optimistic NPSH3 when scaling down. 
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6.2.4 The suction specific speed 

To evaluate the suction capability of a pump or the quality of a suction impeller 
with regard to NPSH3 the suction specific speed nss has become the accepted pa-
rameter. It is defined at the best efficiency point of the pump to enable comparison 
of pumps that are not geometrically similar. It would be physically more meaning-
ful to define the suction specific speed with the flow rate of the shockless entry 
since this corresponds to the design point of the impeller inlet. But doing this 
would make the comparison of pumps of different manufacturers more difficult 
since the impeller parameters are generally unknown. 
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In the case of double entry impellers the flow per impeller side must be consid-
ered. The suction specific speed has a form which is analogous to the specific 
speed and is formed with the same dimensions. It can be derived by eliminating 
the diameter from the two relationships Q = k1×n×D3 and NPSH = k2×(n×D)2. With 
the dimensionless coefficients defined by Eqs. (6.4) and (6.5) the suction specific 
speed takes the form of Eq. (6.8); kn = 1 - (dn/d1)2 is the hub blockage. 
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Table D6.1 provides the range of suction specific speeds for different impel-
lers. The suction specific speed to be selected for a particular design depends on 
the application – especially on the circumferential velocity u1 and the medium to 
be pumped. Small pumps often have suction specific speeds lower than those 
given in Table D6.1 if sufficient NPSHA is available. 

Note that the (very useful) concept of suction specific speed would break 
down, if the scaling laws of Eqs. (6.5 and 6.6) were not applicable. 

Table D6.1 Typical values of the suction specific speed, nss [min-1, m3/s, m] 
Application u1 (m/s) nss 
Standard impellers for axial inlet or between-bearing pumps < 50 160 to 220 
Suction impellers for axial inlet < 35 220 to 280 
Suction impellers of between-bearing pumps, single or double-entry < 50 180 to 240 
High pressure pumps designed for short cavity length > 50 160 to 190 
Industrial inducers (chapter. 7.7.4) < 35 (45) 400 to 700 
Inducers for rocket pumps  >> 1000 

Suction specific speed increase: To reduce hydraulic and leakage losses, the im-
peller inlet diameter should be selected so that the relative velocity at the impeller 
inlet is roughly minimum (see Table.7.1). Such a design does not always achieve 
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a sufficiently low NPSH3 and the suction capability has to be improved compared 
with this design concept. Different routes are available to do so: 

• By enlarging the impeller inlet diameter d1, suction specific speeds of up to 
roughly 300 are achieved. As explained in Chap. 5, large inlet diameters pro-
duce correspondingly intensive partload recirculations since the pressure gradi-
ents perpendicular to the flow direction increase (a greater ratio d1/d1i). The in-
crease of the suction specific speed through larger d1 is therefore limited by 
considerations of the behavior at partload. 

• Increasing the blade inlet angle or the throat area at the impeller inlet corre-
sponds to a design for a larger flow rate, which means that the point of shock-
less entry is shifted towards QSF >> Qopt. If the inlet angles and/or throat areas 
are increased at a given inlet diameter, NPSH3 and NPSHFC are reduced to 
some extent, since the “vapor handling capability” increases. Thus the flow up 
to the throat area is more strongly decelerated and the main flow less affected 
by the blockage caused by the cavity. However, the impeller inlet operates at 
partload. Consequently, incidence and cavity volume increase in the usual op-
eration range and the recirculation at the impeller inlet starts at higher flow 
rates; noise, vibrations and erosion can be the result. This measure for increas-
ing the suction specific speed was sometimes employed in the past but is no 
longer recommended today: a moderate enlargement of the inlet diameter is 
preferable. 

• Decreasing the number of blades reduces the blockage at the impeller inlet and 
improves the suction specific speed by several percent, but the head coefficient 
suffers. This deficiency could be compensated by enlarging the width or the 
blade angle at the impeller outlet, although with an increased risk of hydraulic 
vibration excitation due to uneven impeller outlet flow. A compromise is pos-
sible in the case of impellers with an even blade number by cutting back every 
second blade at the inlet (“splitter blades”). 

• Double-entry impellers divide the flow rate per impeller side by two. If each 
half of the double-entry impeller were to achieve the same suction specific 
speed as a single-entry impeller, a reduction of NPSH3 by 37% would be 
achieved (multiply original NPSH by the factor of (1/2)2/3 = 0.63 according to 
Eq. (6.7)). This gain is rarely achieved since the double-entry impeller has a 
greater hub ratio, which causes the suction capability to deteriorate according 
to Chap. 6.3.2. Additionally, the inlet casing of a double-entry pump generates 
a considerably less uniform flow distribution than an axial inlet. This further 
impairs the achievable suction specific speed since the blades are subjected to 
different incidences in different sectors, Chap. 7.13. 

• An inducer is a kind of axial impeller with 2 to 4 long blades upstream of the 
actual impeller, which produce little inlet blockage. The inducer works with 
developed cavitation. It increases the pressure upstream of the actual impeller 
to the extent that the latter operates without a cavitation-induced head drop, 
Chap. 7.7. 
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Suction specific speed limitation: it has been variously suggested to limit the 
suction specific speed since – meanwhile obsolete – operating statistics1 hinted to 
an accumulation of cavitation and vibration damage on pumps whose suction spe-
cific speeds exceeded the value 213 (Nss = 11’000 in US units)2. The explanation 
for this observation was that high suction specific speeds would require large im-
peller inlet diameters and large inlet angles which, due to excessive partload recir-
culation, could cause cavitation erosion, vibrations and pressure pulsations. This 
reasoning is correct tendency-wise at best since, in addition to the impeller inlet 
diameter, a number of other parameters are responsible for the intensity and dam-
age potential of partload recirculation. It is therefore incorrect to derive the onset 
of recirculation from the suction specific speed as was done in the endeavor to fa-
cilitate pump selection. Such a suction specific speed limitation constitutes an im-
permissible simplification of the three-dimensional flow processes leading to part-
load recirculation. Moreover, as explained in Chap. 7, high suction specific speeds 
can be achieved not only through the enlargement of the impeller inlet, but far 
better through the careful design of the blades. 

As proven by many years of operation of countless pumps with suction specific 
speeds far above nss = 213 without damage, the suction specific speed limitation 
often means an unnecessary restriction. It would thwart many economical plant 
concepts since it would lead to unnecessarily large pumps or greater civil engi-
neering costs to build installations with greater NPSHA. The suction specific 
speed issue (including case histories) is comprehensively discussed in [6.39]. 

6.2.5 Experimental determination of the required NPSHR 

The required NPSH of a pump is determined in a “suction test”. To this end, the 
head of the suction stage is measured at constant speed and constant flow rate 
while gradually lowering the inlet pressure. The head is plotted as a function of 
NPSHA or against σA as in Fig. 6.9. With sufficiently high NPSHA a horizontal 
part of the suction curve is obtained where the head is not yet affected by cavita-
tion. If the inlet pressure drops below a specific value the head starts to fall. This 
drop is hardly perceptible at first but increasingly develops further with decreas-
ing net positive suction head. On falling below a sort of threshold the head finally 
decreases steeply. In the end the head drops almost vertically. During this condi-
tion, called “full cavitation”, two-phase flow prevails in large parts of the impeller 
channels. Due to the vapor content, the density of the 2-phase mixture in the hy-
draulic channels is reduced and the pressure build-up is impaired (apart from the 
additional losses).  

                                                           
1 The statistics originate from the period 1975 to 1981 on the operation of pumps developed 

in the sixties; details in [6.39]. 
2 Different limits were propagated depending on the type of pump and author. 
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Fig. 6.9. Determination of the different cavitation criteria in a suction test with constant 
speed by successive reduction of the inlet pressure (each curve is measured at 
Q = constant) 
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Fig. 6.10. Cavity length and head reduction as function of the cavitation coefficient and the 
flow rate 

Once the suction curves have been plotted with several flow rates the σR (as in 
Fig. 6.9) or the NPSHR values, which correspond to the various cavitation criteria 
NPSHo, NPSH1, NPSH3, NPSHFC can be determined. They are subsequently plot-
ted against the flow rate according to Fig. 6.10. 

When testing multistage pumps, the criteria for the head drop must always be 
based on the head of the suction stage only: if a 3%-decrease of the total head of a 
multistage pump were to be incorrectly permitted, the suction stage would at the 
measured NPSH3 already operate in full cavitation. The suction stage head of mul-
tistage pumps can be directly measured using an additional pressure tapping. If 
this is not practical, it can be determined through calculation. If all stages have the 
same impeller diameter, it is assumed that H1.st  Htot/zst. But with a large number 
of stages, determining the NPSH values in this way becomes quite uncertain due 
to unavoidable measuring tolerances. This, because a drop of the overall head by a 
few tenths of a percent cannot be measured accurately. For example: in a 10-stage 
pump the NPSH3 of the first stage occurs at a drop of 0.3% of the total head of the 
pump.  
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The inlet pressure can be varied during the test by: (1) throttling in the suction 
pipe; (2) changing the suction water level; (3) varying the gas pressure above the 
water level in the suction tank of a closed loop. Throttling using a suction valve is 
easily accomplished in the test, but frequently results in problems with gas separa-
tion when working with NPSH values that are below atmospheric pressure. This 
problem is aggravated by the minimum pressure in the throttling device resulting 
from excessive flow velocities. To reduce gas separation, the suction throttle 
valve should be installed as low as possible. When testing in open test loops, un-
derwater valves installed in the basin immediately downstream of the entry into 
the suction pipe (mostly suction bell) proved to be suitable. When varying the suc-
tion water level, gas separates as soon as noticeable vacuums are reached. When 
testing in a closed loop, an efficient de-aeration of the liquid must be ensured 
since (contrary to open circuits) free gas cannot escape from the circuit. 

Model pumps for suction impeller development (especially for high-pressure 
pumps) are frequently designed with a window through which cavitation at the 
impeller inlet can be observed by means of a stroboscope. In this way it is possi-
ble to determine the cavitation inception NPSHi, and the length of the cavity can 
be visually estimated and recorded as a function of NPSHA (sketches, photos and 
video). The results of such a test are depicted in Figs. 6.9 and 6.10, while 
Fig. 6.11 shows a photo of a cavity. Cloud-type accumulations of bubbles in dif-
ferent forms and at different locations frequently occur at partload recirculation, 
Fig. 6.12 shows an example (photos Sulzer Pumps). 

 
Fig. 6.11. Cavity at the impeller blade lead-
ing edge 

Fig. 6.12. Cavitation clouds at partload re-
circulation 

Without special provisions (transparent blades or reflecting surfaces on the hub or 
blades) only the cavitation bubbles on the blade suction surface can be recorded. 

The extent of cavitation as defined by the different cavitation criteria depends 
on the flow rate. Figure 6.13 qualitatively shows this dependence in terms of the 
ratio NPSH/NPSHi,SF (that is, all NPSH-values are referred to the cavitation incep-
tion at shockless flow).  

• The visual cavitation inception NPSHi is at a minimum at the flow rate of 
shockless entry QSF, which is calculated from Eq. (T3.1.10). With Q < QSF, 
bubbles occur on the (visible) suction surface, with Q > QSF on the pressure 
surface of the blades. 
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• NPSHi and the cavity length increase with increasing incidence – i.e. decreas-
ing flow rate – up to the start of recirculation from the impeller into the suction 
chamber. With increasing recirculation the incidence (and consequently the 
cavity length) decreases again. Three effects contribute to this: a) the flow 
through the impeller increases by QRec (Fig. 5.12). b) The outer ring of the im-
peller inlet is blocked by recirculating liquid reducing the effective flow cross 
section with the effect that c1m and β1 grow. c) The fluid QRec recirculating 
from the impeller has a circumferential component in the direction of impeller 
rotation. The swirl of the recirculating fluid is transmitted to the entering flow 
through exchange of momentum, thus generating a pre-rotation. All three ef-
fects add up in the sense that the flow angles grow (incidence is reduced), lead-
ing thus to shorter cavities. If the pre-rotation is effectively suppressed through 
ribs or other structures, only the mechanisms a) and b) remain effective. De-
pending on the impact of the individual effects on the flow angle, the NPSHi 
curve decreases, flattens or even increases continually towards Q = 0 according 
to the curve “RU”. 

 

NPSHFC

Pressure side 

Suction side
Cavitation inception

NPSHi

RU 

1

2

Growing 
recirculation 

NPSH0 

NPSH3 

NPSH 
NPSHi,SF 

Qopt/QSF

QRB/QSF 1.0 Q/QSF  

Fig. 6.13. Typical NPSH-curves of radial impellers (schematic) 

• Near the shockless flow rate, cavitation bubbles occur simultaneously on the 
suction and pressure surfaces if NPSHA is sufficiently low. 

• The curve for full cavitation NPSHFC typically runs roughly towards the origin 
of the coordinates. At large flow rates the curve rises steeply. If one measures 
at a sufficiently large flow, the NPSH-curve rises almost vertically. The steep 
rise constitutes a kind of pumping limit similar to the choking of a compressor. 

• Also the curve for NPSH3 frequently tends towards the origin of the coordi-
nates and increases steadily with increasing flow rate. Exceptions are suction 
impellers with very high suction specific speed, inducers and impellers with 
nq > 70. Then the NPSH3 often follows the broken curve in Fig. 6.13, which is 
characterized by intensive recirculation and changes in the flow patterns. The 
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shape of the curves NPSHx = f(Q) is determined by: (1) the throat area block-
age due to cavities; (2) the deceleration of the flow downstream of the cavity; 
(3) the deceleration or acceleration of the relative velocity from the vector w1 
to the velocity in the impeller throat area w1q. Note that NPSHx would increase 
with diminishing flow (same as NPSHi) if it were determined by the inciden-
ce i1. At low partload the throat area at the impeller inlet is much too large; 
hence some blockage by a cavity tends to improve the flow (compare to 
Fig. 4.7b). If the fluid is accelerated in the throat area, that is w1q/w1 > 1, the 
static pressure drops and the bubble development increases accordingly (see 
Fig. 5.13). 

• Like NPSHi, the curve for NPSHo frequently has a maximum near the onset of 
recirculation QRB, but it is considerably flatter than in the curve NPSHi(Q). The 
larger the suction specific speed, the more pronounced this maximum becomes. 
If the impeller inlet diameter is relatively narrow, no maximum is found in the 
curve NPSHo(Q); such is the case in Fig. 6.10. 

Depending on the suction impeller design, the approach flow and the specific 
speed, deviations from the above tendencies are possible. The magnitude of the 
various NPSH values and their interrelationships depend on the impeller design 
and the pump type. Typical ratios at the point of shockless entry according to 
[6.17] are shown in Table D6.2. 

Table D6.2 Typical NPSH-relationships at shockless entry 
Type of impeller NPSHi/NPSH3 NPSH0/NPSH3 NPSHFC/NPSH3 
Normal design 4 to 6 
Leading edge profile for low NPSHi  2 to 3 

Low blade numbers zLa = 3 8 to 10 
1.1 to 1.3 0.8 to 0.9 

A high blade loading at the impeller inlet produces pronounced low-pressure 
peaks and correspondingly elevated ratios of NPSHi/NPSH3. This explains the 
high values of NPSHi/NPSH3 given in Table D6.2 for small blade numbers.1 
These are also influenced by the fact that NPSH3 drops with low blade numbers 
due to decreasing blade blockage. 

For a given “NPSH margin” as defined by the ratio FNPSH = NPSHA/NPSH3, 
very different cavity lengths are obtained depending on the blade design (this also 
follows from the data in Table D6.2). Figure 6.14 shows some examples of meas-
ured cavity length. Case 5.1 refers to a heat extraction pump with nss = 278, case 
5.3 refers to a cooling water pump with nss = 275 (concept “L”). 

Shortening the impeller blades impairs their ability to compensate at the end of 
the cavity for the work deficit induced by the bubbles. This is one reason why the 
NPSHx-values increase when the impellers are significantly trimmed at the outlet. 

                                                           
1 As explained in Chap. 7.2.4, it is possible through suitable blade design to achieve a low 

blade loading even with small blade numbers. 
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Fig. 6.14. Influence of the NPSH-margin on the cavity length (T1a = pitch); concept “H“: 
sharp profile, high incidence; concept “L“: blade designed for flat pressure distribution, see 
Chap. 7.2.4, Fig. 7.10; FNPSH = NPSHA/NPSH3, case histories described in [6.39] 

The suction curves H = f(NPSHA) at constant flow rate can assume different 
characteristic shapes: 

1. If the flow is decelerated effectively downstream of the cavity, the impeller is 
able to handle relatively long cavities before a drop in head occurs. The more 
this is the case, the closer NPSHFC, NPSH3, NPSH1 and NPSH0, move together: 
a sharp knee occurs in the curve H = f(NPSHA). Such curves are typical for 
impellers with small to medium specific speeds having peaky pressure distribu-
tions. Observations and measurements in [6.42 to 6.44] confirm that sheet cavi-
tation does not cause any loss of head even with quite long cavities since the 
flow behind the cavity is decelerated according to Fig. 6.6. When the cavity fi-
nally becomes so long that the energy transfer is affected, the head drops 
steeply. Conversely, unsteady cavities, as manifested through separation of 
bubble clouds, generate no additional lift. They induce a gradual loss in head as 
soon as bubbles occur since there is no deceleration downstream of the cavity. 
When bubble clouds travel from the suction surface to the pressure surface of 
the next blade the head is impaired according to observations in [6.44]. 

2. In the case of impellers with a flat pressure distribution NPSHFC, NPSH3, 
NPSH1 and NPSH0 are far apart as for instance in Fig. 6.9. 

3. At Q > QSF the loss in head is caused by bubbles on the blade pressure surface. 
The head drop starts at a high σA since even small cavities noticeably block the 
throat area. Consequently, the fluid is accelerated, the static pressure drops and 
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more vapor is generated. In addition, no pressure recovery is present down-
stream of the cavity (Fig. 6.6). 

4. With low specific speeds (approximately nq < 20) the head is impaired at large 
flow rates Q > Qopt through cavitation in the diffuser or volute. This happens 
when the fluid is accelerated from the impeller outlet to the throat area of the 
collector – that is when c3q is significantly above c2 (Chap. 5.3 and Fig. 5.18). 
The lower the specific speed, the closer this point moves to the best efficiency 
point. (During the tests in Fig. 5.17 cavitation bubbles on the diffuser vane 
leading edges were observed only at q* > 1.3.) 

5. Figure 6.15 shows the results σ = f(ϕ1/ϕ1,SF) of tests with two diffusers with 
different inlet widths a3 and an identical impeller (designed for nq = 15). The 
throat area of diffuser 2 was 25% larger than that of diffuser 1. The cavitation 
inception σi is identical in both tests, but the σ3-curve from test 2 is shifted by 
about 17% towards larger flows in the domain of ϕ1/ϕ1,SF > 0.63 as compared 
with the curve from test 1.  
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Fig. 6.15. Influence of the diffuser on cavitation with nq = 15. With curve 2 the diffuser 
throat area was 25% larger than with curve 1. The figures given in the graph are the accel-
erations c3q/c2 from impeller outlet to the diffuser throat.  

The figures given at the measuring points stand for the acceleration ratios c3q/c2 
of the fluid from the impeller outlet to the diffuser throat area. Up to 
c3q/c2 ≈ 1.1, NPSH3 is determined by the impeller. For accelerations signifi-
cantly above 1.1, NPSH3 increases according to (c3q/c2)x with x = 8 to 9 (the 
exponents apply only to these tests; they cannot be transferred to other condi-
tions). The steep rise of the NPSH3-curve and the application limit of the pump 
are clearly determined by the diffuser. This statement is generic to pumps of 
low specific speed. 

6. Using the static pressure p2 at the impeller outlet, it is possible to define a cavi-
tation coefficient for the collector. 
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7. Whether the drop in head is induced by the diffuser or the impeller can also be 
determined by measuring the static pressure Hp at the impeller outlet and plot-
ting it against NPSHA: As long as the diffuser does not exert any influence, the 
loss in head and the drop of static pressure rise occur at the same NPSHA. In 
contrast, if the diffuser is responsible for the drop in head, the curve 
H = f(NPSHA) drops earlier than Hp = f(NPSHA). 

8. It is sometimes observed that the head increases slightly, as in Fig. 6.16, before 
the head starts to drop. This feature confirms that the flow is affected by the 
cavity. The cavity causes a higher flow deflection and lift or a redistribution of 
the flow over the blade height. Axial pumps or impellers with thick profiles 
(such as used in sewage pumps) sometimes have this peculiar feature. Fig-
ure 6.16 shows measurements on an axial pump at q* = 1 where this increase in 
head amounts to 5% while η = f(NPSHA) is not affected. Other pumps may 
show a slight improvement in efficiency. With increasing incidence the bubble 
development in axial pumps increases strongly; this has a particular influence 
on σi and, to a lesser extent, on σx, Fig. 6.16. 

9. With semi-axial impellers a peak is sometimes observed in the NPSH3-curve at 
partload as illustrated by Fig. 6.17. The peak is due to the effect of the cavity 
on the energy transfer in the impeller. As in Fig. 6.17, this can be combined 
with a hysteresis. Two stable flow conditions were therefore found during the 
tests reported in [6.26]. On the upper branch of the suction curves the c2m-
distribution at the impeller outlet is relatively uniform across the blade width. 
On the lower branch of the curve a velocity deficit was observed on the outer 
streamline with short cavities. With sufficiently long cavity lengths, however, 
the c2m-distribution changed in such a way that the energy transfer at the outer 
streamline increased. Due to this, the head rose to values corresponding to the 
upper branch of the curve. Hence the deficit in head was caused by insufficient 
energy transfer at the outer streamline which becomes visible in the c2m-
distribution. Noteworthy is the finding that the cavity in both cases was identi-
cal in length, i.e. the NPSH-peak was not caused by extremely long cavities but 
by a change of the energy transfer in the impeller due to cavitation (which 
manifested itself as a change in the outlet velocity profile). These tests confirm 
the influence of flow pattern changes on the head and the stability of the Q-H-
curve as discussed in Chap. 5.5. The importance of a preferably undisturbed 
energy transfer at the outer streamline is also demonstrated (Chap. 5.6.7). The 
tests moreover explain that the head can sometimes increase with cavitation as 
shown by Fig. 6.16. On all three impellers examined in [6.26] it was observed 
that the energy transfer in the impeller evened-out during cavitation (this may 
be interpreted as a sort of “self-healing effect” according to the principle of the  
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Fig. 6.16. Cavitation measurements on an axial pump, Sulzer Pumps 
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least resistance). Refer also to the tests discussed in Chap. 5.7 where the peak in 
the curve NPSH3 = f(Q) and the instability of the Q-H-curve could be removed by 
machining grooves into the casing upstream of the impeller. 

With strong recirculation sheet cavitation is reduced while bubble clouds ap-
pear in the impeller channels and in front of the impeller inlet. The vapor bubbles 
develop in the center of vortices caused by shear layers between the through-flow 
and recirculating fluid. The bubbles can implode on the pressure surface of the 
blades and on structures upstream of the impeller and cause material erosion. 

While the cavity length of sheet cavitation can be determined easily during vis-
ual observation, the bubble clouds caused through the partload recirculation are 
difficult to quantify using stroboscopic light. Cavitation noise measurements 
(Chap. 6.5.2) or paint erosion tests under controlled conditions (Chap. 6.6.6) can 
help in this case. 

Instead of the suction tests at constant flow rate described above, the NPSHR 
can also be determined by varying the flow rate according to Fig. 6.18. To do so, 
the position of the suction valve is kept constant and the discharge valve is suc-
cessively opened. As a result the flow rate increases along the characteristic for 
cavitation-free operation, (curve “a” in Fig. 6.18), until the head starts to fall due 
to cavitation (points KB). With further opening of the discharge valve, the flow 
rate increases and the head drops due to cavitation. The gradient dH/dQ grows 
with increasing cavitation until the curves becomes almost vertical. As a result 
several curves as shown by b and c are obtained, from which NPSHo, NPSH3 and 
NPSHFC can be determined as sketched in Fig. 6.18. This procedure is less accu-
rate than the suction tests according to Fig. 6.9 with constant flow rate but it is 
useful when, due to a lack of flexibility of the test loop, the horizontal part of the 
suction curve cannot be covered with a sufficient number of measuring points. 
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Fig. 6.18. Suction test at constant suction valve position 
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6.2.6 Cavitation in annular seals 

Cavitation can occur in the annular seals of closed impellers and with open impel-
lers in the gaps between the impeller blades and the casing. Here, too, vapor bub-
bles develop as soon as the local pressure reaches vapor pressure. Material erosion 
on the casing or on the impeller blades due to gap cavitation with open impellers 
has been observed when unsuitable materials are employed, Chap. 6.8. 

Annular seal cavitation in closed impellers was investigated on a pump and a 
rotating cylinder in [6.40]. During these tests, cavitation bubbles were generated 
in the annular seal (close to its outlet) and in the zone where leakage and main 
flow mix. Cavitation increased when the suction nozzle had a smaller diameter 
than the impeller inlet (i.e. ds < d1). Attempting to generalize the test data from 
[6.40] the cavitation inception in an annular seal can be described by Eq. (6.9a): 
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This equation is based on the idea that the velocity in the seal is the parameter of 
primary importance. The flow rate in the suction nozzle plays a comparatively 
minor role. Any relationship based on the leakage flow fraction Qsp/Q would be 
less meaningful since it would be difficult to transfer to conditions other than 
tested. The flow through the suction nozzle can be responsible for the generation 
of cavitation bubbles upstream of the impeller, on ribs or on a recess as might oc-
cur with ds < d1 (because of standardization, ds < d1 is frequently encountered). 

6.3 Determination of the required NPSH 

6.3.1 Parameters influencing NPSHR 

The formation of cavitation zones and, consequently, all values of the NPSHR ac-
cording to the cavitation criteria discussed in Chap. 6.2.2 depend on many pa-
rameters:  
The inlet casing determines the velocity profile at the impeller inlet, hence the 
approach flow angle of the blades. Additionally it influences the partload recircu-
lation. As a result, the shapes of the inlet casing as well as ribs or other structures 
have an effect on cavitation. An axial inlet without upstream disturbances such as 
bends, valves or other fittings supplies a rotationally symmetric flow to the impel-
ler. However, it permits an intensive partload recirculation which reaches far back 
into the suction pipe if no ribs are present. Radial inlet chambers for between-
bearing pumps generate zones with counter-rotation and pre-rotation which are 
caused by the flow around the shaft (Chap. 7.13, Fig. 7.50). This leads to signifi-
cant variations of the cavity length over the circumference since the approach 
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flow angle depends on the swirl upstream of the impeller inlet. Swirl is also cre-
ated by piping bends arranged close to an axial nozzle.  
The influencing parameters of the inlet are: 

• Inlet type:  - axial  
      - radial, symmetrical (counter-rotation and pre-rotation zones 
                           over 180° each according to Fig. 7.50) 
     - radial, asymmetrical (part-volute with counter rotation zone) 

• Acceleration ratio in the inlet As/A1 
• Ribs, structures 
• Hydraulic losses 
• Formation of vortex ropes 
• 3-dimensional velocity distribution due to disturbances upstream of the inlet 

nozzle 
• The turbulence generated in the inlet casing has an effect on incipient and de-

veloped cavitation, [6.24], see also Chap. 6.4.3. 

Impeller: Obviously the impeller geometry has a decisive influence on cavitation. 
Experience shows that even small tolerances can have a huge effect on the cavita-
tion inception and the erosion. Some of the parameters listed below interact; their 
effects cannot be determined separately – even by experiment. The impeller ge-
ometry (and consequently its influence on the cavity length) cannot be sufficiently 
described by the main dimensions and blade angles. For this purpose the coordi-
nates of the blade surfaces and front shrouds are also required. The impact of the 
actual impeller shape on the 3D-flow is responsible for the fact that no simple pro-
cedures for predicting the cavity length are available (apart from numerical meth-
ods). The following impeller parameters affect cavitation bubble formation and 
head drop (this applies mainly to radial-type impellers): 

• Impeller inlet diameter and hub diameter 
• Blade inlet angles on the various streamlines 
• Blade number: Small blade numbers mean less blockage due to the blade thick-

ness. Impellers with small zLa also have relatively long blades on a large pitch 
so that the cavity reaches the throat area only when the cavitation coefficients 
are low; σFC and σ3 consequently fall with diminishing blade number (with oth-
erwise identical parameters). As discussed above with reference to Table D6.2, 
this does not apply to the cavitation inception σi. 

• The throat area at the impeller inlet determines the deceleration or acceleration 
w1q/w1 of the relative velocity. The throat area depends on the shape of the en-
tire blade – even on the blade outlet angle, which exerts a significant influence 
with small blade numbers. 

• Profiling of the blade leading edges 
• Position of the blade leading edges in the meridional section 
• Position of the blade leading edges relative to the flow (swept forward or 

backward, see Chap. 7, Fig. 7.8)  
• Blade angle development between inlet edge and throat area 
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• Shape and curvature of front shroud and hub/rear shroud 
• Fillet radii between the blades and the impeller side walls 
• Roughness of blades (influence on the first bubbles) 
• Annular seal clearance, which has a dual effect: a) The annular seal leakage in-

creases the flow through the impeller; b) The leakage increases the pre-swirl of 
the fluid entering the impeller since it has a circumferential component of ap-
proximately 50% of the circumferential speed at the annular seal cu,sp  ½usp, 
Chap. 6.2.6. 

• Both effects increase the flow angle at the impeller inlet. This has the following 
consequences: (1) Deterioration of the cavitation characteristics in the overload 
range; (2) Cavitation inception at lower σi; (3) Shorter cavity length at partload. 

• Balance holes for axial thrust reduction have similar effects as the annular seal 
leakage. 

• Partload recirculation: σi and σo usually fall once recirculation sets in. 
• If an impeller is trimmed significantly (Chap. 4.5.1), the NPSHR values in-

crease since the blade loading (hence the local excess velocities) increase. 
Moreover, 3% of head of a severely trimmed impeller means a lower absolute 
drop than with full diameter so that a higher NPSH3 value is measured after 
trimming. Example: if an impeller with full diameter produces a head of 
Hopt = 200 m, the NPSH3 is given by a head drop of ΔH = 6 m; if the impeller is 
trimmed and only has Hopt = 140 m, NPSH3 is obtained at a ΔH of only 4.2 m. 

Collector: If intensive enough, partload recirculation from the collector can influ-
ence the recirculation at the impeller inlet which has an effect on the cavity shape 
and its length. The cavitation patterns at partload therefore depend on whether the 
impeller pumps into a volute or into a diffuser. The variation of pressure in the vo-
lute over the circumference causes the individual impeller channels to operate on 
different points of the Q-H-curve, i.e. at different flow rates. As a consequence, 
the individual blades operate with different incidence, which has an effect on the 
blade pressure distribution and the cavity (Chap. 9.3.3). 
The essential parameters in this context are:  

• Type of collector (volute casing, diffuser, annular casing) 
• Throat area in the diffuser or volute casing (Fig. 6.15) 

Since the flow separation in the collector depends on the inflow conditions, the 
geometry of the impeller outlet (outlet width, outlet angle etc.) has some effect on 
the cavitation at partload. During partload recirculation there is a strong interac-
tion between the inlet casing, impeller and collector. A separate consideration of 
individual components is therefore not always able to supply adequate informa-
tion on the flow behavior. 
Operating parameters: The cavitation coefficient σA determines the extent of the 
cavitation in a given geometry and at a given flow coefficient. The flow coeffi-
cient (defined by the ratio c1m/u1) determines the incidence which has an impact 
on the pressure distribution on the blades. Since the cavitation erosion according 
to Chap. 6.6.3 increases with the 6th power of the circumferential speed, even a 
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seemingly minor extrapolation of the available operating experience can lead to 
problems with high-speed pumps. The influence of fluid properties and gas con-
tent is discussed in 6.4.  

6.3.2 Calculation of the NPSHR 

As explained in context with Fig. 6.5, the minimum local pressure at the impeller 
inlet results from: (1) the acceleration of the main flow and the losses in the inlet; 
(2) local excess velocities generated by the flow around the blade leading edge. 
The following relationship is therefore frequently applied: 

g2
w

g2
c

NPSH
2
1

w

2
m1

c λ+λ=  (6.10) 

or expressed as the cavitation coefficient according to Eq. (6.5): 
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1
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2
1wc tan

1  ϕ−λ+ϕλ+λ=σ  (6.11) 

The coefficient λc covers the acceleration and losses at the inlet; λw accounts for 
the low-pressure peak at the blades. The coefficient λc can be determined from: 
λc = 1 + ζE (ζE = loss coefficient of the inlet). For axial inflow, λc = 1.1 can be 
used and λc = 1.2 to 1.35 for pumps with radial inlet casings (depending on de-
sign). Since c1 << w1, any uncertainty with λc is not as significant as with λw. 

Conversely, λw does not only depend on the cavitation criterion considered 
(e.g. NPSHi or NPSH3), but also on all the geometrical and operational parameters 
listed in Chap. 6.3.1. Table D6.3 supplies typical ranges for λw in operation at 
shockless entry (or with q* = 1): 

Table D6.3 Coefficients λc and λw at shockless flow 
 λw,3   λw,i 

Impeller 0.1 to 0.3 0.4 to 1.5 (to 2.5) 
Inducer 

NPSH3 
0.03 to 0.06 

NPSHi 0.2 to 0.3 

Some impellers still lie outside these ranges. If Eq. (6.11) is substituted in 
Eq. (6.8) the following is obtained for the suction specific speed: 
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(6.12) 

Equations (6.8) and (6.12) show that the achievable suction specific speed dimin-
ishes with increasing hub ratio ν = dn/d1 since kn = 1 - ν2. 
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Although λw depends on the inlet and impeller geometry (and this dependency 
is largely unknown), a defined value of λw is frequently assumed for optimizing 
the impeller inlet diameter. To do so, the following is substituted in Eq. (6.10): 
c1m = 4×Q/[π×(d1

2 - dn
2)] ; w1

2 = c1m
2 + (u1 - c1m/tanα1)2 and u1 = π×d1×n/60. The 

resulting equation is differentiated ∂NPSH/∂d1. Finally, the expression obtained is 
set equal to zero and solved for the optimum inlet diameter d1,opt: 
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 (6.13) 

The optimum flow coefficient (calculated with this d1,opt) is obtained as follows: 
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In Eqs. (6.13) and (6.14) it was assumed that the absolute hub diameter dn is de-
termined by the mechanical design. Alternatively, the hub ratio kn = 1 - dn

2/d1
2 can 

be assumed as constant, resulting in simpler equations: 
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The Equations (6.13) to Eq. (6.14c) apply to inflow without pre-rotation. They 
can be used to optimize the impeller inlet for a selected suction specific speed 
(NPSH3) or for low cavitation inception (NPSHi). Merely the appropriate value 
for λw must be entered in each case. However, the resulting inlet diameter is only 
optimal if the λw selected for the calculation is indeed achieved in practice. 
Whether this is the case ultimately depends on all the parameters discussed in 
Chap. 6.3.1. 

One could now assume that λw – as with an air foil – primarily depends on the 
incidence i1 = β1B - β1'. Experience shows, and specific tests confirm, that λw.3 de-
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pends on both the incidence (i.e. on the flow rate with given impeller and inlet 
casing) and on the absolute blade angle (i.e. the cascade stagger angle). The mini-
mum pressure coefficients cp,min increase with a growing flow angle β1 or with the 
blade inlet angle β1B. Figures 6.19 and 6.20 show an evaluation of various tests. 
The values of λw thus obtained show this dependency, albeit with a large scatter. 

Figures 6.19 and 6.20 apply to the operation at best efficiency point when it 
can be assumed that the flow rate of shockless entry is near Qopt. Figures 6.19 and 
6.20 show that λw,i depends more on the blade angle than λw.3 does on the flow 
angle. Note that the data is better correlated by the blade angle in Fig. 6.19 and 
the inflow angle in Fig. 6.20. The tests in Fig. 6.19 were conducted on radial inlets 
and evaluated with λc = 1.35; the standard deviation amounts to ± 35%. The data 
in Fig. 6.20 originates from measurements with radial inlets (λc = 1.35) and with 
axial suction (λc = 1.1). The standard deviation is ± 25%. When applying blade 
coefficients λw, it must always be borne in mind that these coefficients are very 
sensitive to blade design, flow rate and approach flow profile. 

If λw,3 depends on the approach flow angle, it should also be possible to estab-
lish a correlation between the suction specific speed and the approach flow angle. 
If this is performed for a wide range of applications it must be taken into account 
that the suction specific speed according to Eq. (6.12) drops with increasing hub 
ratio and that the flow coefficient ϕ1 should grow with increasing specific speed 
in order to obtain optimum impellers. With the three parameters of approach flow 
angle (or ϕ1), specific speed and hub ratio it is possible to form a normalized suc-
tion specific speed nss*: 
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n =      for nq < 170  with  (nq,Ref = 27) (6.15) 

The quantity nss* was plotted against the approach flow angle β1a in Fig. 6.21. The 
test data comprises pumps with radial and axial approach flow and radial as well 
as semi-axial impellers in the range nq = 10 to 160. The standard deviation 
amounts to ± 14%. 

To determine the inlet diameter of an impeller for selected values of nq, nss and 
dn/d1 (or kn) it is possible to determine n*ss from Eq. (6.15), read the approach 
flow angle to be designed from Fig. 6.21 and to calculate the inlet diameter d1 
from Eq. (6.16). If dn is specified, iteration by way of kn is required. 
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Or expressed in a dimensionless form valid for α1 = 90°: 
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Fig. 6.19. Coefficients for cavitation inception as function of the impeller blade inlet angle 
at the outer streamline  
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Fig. 6.20. Coefficients for 3% head drop as function of the flow angle at q* = 1 at the outer 
streamline 
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The relationship between the approach flow angle and the suction specific 
speed according to Fig. 6.21 can also be expressed by Eq. (6.16b); the suction 
specific speed for a given approach flow angle or flow coefficient ϕ1 = tan β1a can 
then be determined from: 
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n
ss 27

nk125
n

ϕ
= ±    15%           for nq < 170  (6.16b) 

Conversely, it is possible to calculate the design flow coefficient for a desired suc-
tion specific speed: 
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125k=ϕ             ±    40% (6.16c) 

6.3.3 Estimation of the NPSH3 as function of the flow rate 

As seen from the test data in Fig. 6.20, the blade coefficients λw,3 at BEP are sub-
ject to a great scatter. If one wants to estimate the shape of the NPSH3-curve over 
the flow rate, major uncertainties must be expected too. To determine 
NPSH3 = f(Q), the following consideration is applied: In the domain where the 
relative velocity w1 up to the impeller throat area A1q is decelerated to w1q and 
while the incidence is still positive, the NPSH3-curve is rather flat. In contrast, it 
rises steeply when a cavity forms on the pressure surface of the blade and when 
the flow is accelerated from w1 to w1q. The boundary Qsa between these two do-
mains therefore has to be defined. Furthermore, the diffuser influence must be 
evaluated. It can cause a premature steep rise of the NPSH3-curves, especially 
with low specific speeds. Three flow rate criteria can be utilized to evaluate the 
steep rise of the NPSH-curve: 
1. If the flow rate of shockless entry QSF is exceeded, the incidence becomes 

negative and cavitation bubbles tend to appear on the pressure surface of the 
blades: 
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2. The flow rate Qw, where w1 = w1q, is calculated from: 
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3. The flow rate Qc, where c2u = c3q, is obtained from:1 
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To estimate the NPSH3-curve it is possible to utilize the flow rates calculated ac-
cording to Eqs. (6.17) to (6.19) as per Fig. 6.22 as follows: 

1. It is assumed that the pressure surface cavitation becomes effective at Q > QPS, 
QPS being defined as the average value of Qw and QSF : 

( )WSF2
1

PS QQQ +=  (6.20) 

2. If Qc is smaller than QPS, it must be assumed that the collector has an effect on 
the NPSH value in the range Q > Qc and significantly determines the steep rise 
of the NPSH3-curve. 

3. The flow rate Qsa, which marks the transition from the flat to the steep part of 
the NPSH-curve, is chosen as the smaller of the two values Qc and QPS; hence 
Qsa = QPS if Qc > QPS and Qsa = Qc if Qc < QPS. 

4. The NPSH3 is now calculated for the design flow rate Qopt according to 
Eq. (6.10). λw,3 at the best efficiency point is determined as a function of the 
approach flow angle β1,a from Fig. 6.20. 

5. In the domain where Q < Qsa applies, NPSH3 = f(Q) is determined from 
Eq. (6.10). To this end, the approach flow angle β1 is calculated as a function 
of the flow rate and the applicable blade coefficient λw is determined from 
Eq. (6.21) so that an NPSH-curve is obtained that rises with the flow rate. 
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This calculation is pursued up to the flow rate Qsa defined above, for which we 
obtain the value NPSHsa. 

6. In the domain with pressure surface cavitation defined by Q > Qsa one assumes 
that NPSH3 increases with the square (or a higher power) of the flow rate: 

x

sa
sa Q

QNPSHNPSH =  (6.22) 

The exponent selected is x = 2 to 3, but it should be borne in mind that the 
NPSH-curve rises very steeply when a certain flow rate is exceeded. Then the 
flow rate hits a limit which is sometimes referred to as “choking” in analogy to 
compressor technology. In principle, the exponent increases with the flow rate and 
becomes very large at choking conditions. 

                                                           
1 Since α2 of pumps with low specific speeds is very small, c2 ≈ c2u supplies a sufficient 

approximation that allows the simplified relationship according to Eq. (6.19). 
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Fig. 6.22. Estimation of the curve NPSH3 = f(Q) 

The above described method can be easily adapted to test results to improve the 
accuracy of the NPSH-prediction. For Q > Qopt the curve for full cavitation gener-
ally lies only slightly below the values of the NPSH3. In the domain of the steep 
rise the curve for NPSHo is frequently just a little above the NPSH3-curve. 

The cavitation inception NPSHi at the impeller inlet is best calculated by way 
of the pressure distribution using numerical methods according to Chap. 8. Since 
the cavitation inception is very sensitive to the approach flow distribution and the 
geometrical characteristics of the impeller, a generally applicable empirical 
method is not available. Numerical methods can be used successfully since the 
pressure distribution at the blade leading edge depends little on viscous effects. 

Figure 6.23 depicts typical curves indicating how the NPSH3 depends on the 
flow rate. For low specific speeds NPSH3 falls steadily with the flow as indicated 
by the curve for nq = 20; at higher specific speeds the NPSH3-curves increasingly 
run flatter at partload, ultimately rising again towards Q = 0. With axial impellers 
the NPSH3-value increases sharply as soon as the flow rate deviates significantly 
from the shockless entry. Consequently, the operating range becomes relatively 
narrow (see Fig. 6.16). 
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Fig. 6.23. Influence of the specific speed on the shape of the curve NPSH3 = f(q*) 
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Diffuser cavitation: As already mentioned, the influence of cavitation in the col-
lector at q* > 1.1 to 1.3 must not be neglected with specific speeds below nq = 20 
to 30. During this evaluation it is also possible to take into account the meridional 
component c2m neglected in Eq. (6.19). The flow rate of the impeller, where 
c3q = c2, is then obtained from:  
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This equation, in essence, agrees with the investigations in [6.37]. The pump-
ing limit through full cavitation in the collector is reached when the static pressure 
p3 in the throat area drops to the vapor pressure pv. To determine the velocity 
c3q,FC at which this condition is reached, Bernoulli’s equation is applied between 
the suction nozzle and the diffuser throat area and solved subsequently for c3q,FC or 
the volumetric flow Q3q,FC = c3q,FC×zLe×A3q: 
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Investigations in [6.37] found the visual cavitation inception in the diffuser at ap-
proximately c3q = c2 according to Eq. (6.22a) while the pumping limit was reached 
at a volumetric flow that was slightly smaller than calculated according to 
Eq. (6.22b). The influence of the pressure loss in the diffuser and in the return 
channels in Eq. (6.22b) is covered by ζ3-6. In view of the findings in [6.37] it may 
be neglected. Measurements with regard to the pumping limit according to 
Eq. (6.22b) have been reported on in [6.38]. 

6.4 Influence of the fluid properties 

Development and disappearance of cavitation bubbles depend on the gas content 
and the physical properties of the fluid. These include the surface tension between 
vapor/gas and liquid as well as the diffusion processes during the dissolution of 
the gases. In the following we distinguish between: 

• Thermodynamic parameters which determine the energy transport during 
evaporation and condensation of the bubbles 

• The influence of dissolved and free gases 
• The nuclei content. 
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On these complex processes little quantitative information is available that could 
be used in practice. The influence of the liquid properties must be clearly distin-
guished from the model laws or “scale effects” treated in Chap. 6.2.3. These laws 
cover the parameters of pump size, speed and viscosity (i.e. Reynolds number) − 
irrespective of the fact that the behavior of the cavitation nuclei depends on the 
flow velocity. 

6.4.1 Thermodynamic effects 

To generate a vapor bubble of volume Vb the corresponding evaporation enthalpy 
must be made available. It corresponds to the energy E = ρ″×Vb×hv (wherein ρ″ is 
the density of saturated vapor in the bubble; hv is the evaporation enthalpy). The 
energy E is transported through thermal conduction and convection from the sur-
rounding liquid to the boundary of the bubble. This process requires a finite tem-
perature difference ΔTu. According to the equation by Clausius-Clapeyron, ΔTu 
corresponds to the pressure difference Δpu by which the pressure in the bubble is 
below the vapor pressure:  

T
Thp uv

u
Δ⋅

ρ′′−ρ′
ρ ′′ρ′

=Δ  (6.23) 

Because of the shear stresses between the flowing liquid and the cavity, a flow 
prevails in the cavity that can be sustained only if the vapor transported down-
stream is continually produced through evaporation in the front part of the cavity. 
Based on the measurements in [6.19], the generated vapor flow can be estimated 
from Q″ = cQ×Lcav×Bcav×w1 with cQ = 0.0052 as average value from measurements 
on a profile (the range measured is cQ = 0.004 to 0.007). Lcav and Bcav are length 
and width of the cavity respectively. From the energy necessary for the evapora-
tion of Q″ and the heat transport it is possible to derive a relationship to estimate 
the temperature difference between a bubble and the surrounding liquid [6.19]. In 
simplified form it is: 
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Herein, Pr = ρ′×ν×cp′/λ′ is the Prandtl number, cp′ is the specific heat and λ′ is the 
thermal conductivity of the liquid. From the value calculated for ΔTu according to 
Eq. (6.24) the pressure difference Δpu is obtained with Eq. (6.23) as follows: 
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For water at 20 °C one obtains negligibly small values: ΔTu = 0.07 °C and 
Δpu = 10 N/m2. In practice the significance of the thermodynamic effects is felt 
above roughly 150 °C. Hydrodynamic cavitation intensity and damage risk are re-
duced accordingly. 
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Fig. 6.24. Influence of the water temperature on cavitation 

Stepanoff used a factor B = ρ′×cp′×ΔTu/(ρ″×hv) to correlate the influence of the 
liquid properties while ΔTu = f(Δpu) was employed for an assumed pressure reduc-
tion according to Eq. (6.23), [B.2]. A comparison with Eq. (6.24) yields the rela-
tion B = 2 Pr0.67. 

The energy supplied during the bubble creation must be removed by heat con-
vection and conduction during the implosion. In the initial phase the excess tem-
peratures developing during the implosion may correspond to the values from 
Eq. (6.24). In the final phase of the implosion, the gas and a residual vapor com-
ponent contained in the bubble are compressed almost adiabatically. Very high 
temperatures are then generated in a tiny volume. At times these have been ob-
served as luminescent phenomena. 

At the critical point, liquid and gaseous phase cannot be distinguished since 
ρ′ = ρ″ and hv = 0. On approaching the critical point any cavitation therefore dis-
appears. The greater the value for ΔTu calculated from Eq. (6.24), the more bubble 
growth and implosion are retarded by the required heat transport. As a rule of 
thumb, it can be assumed that thermodynamic effects at ΔTu < 1 °C can be ne-
glected but that they increasingly reduce the hydrodynamic cavitation intensity at 
ΔTu > 2 to 5 °C until cavitation disappears at the critical point. The influence of 
the fluid properties on the cavitation intensity and the risk of damage must be as-
sumed as significant when exceeding ΔTu > 5 °C. 

As has been shown by tests with various liquids, the NPSH3 required is reduced 
if noticeable thermodynamic effects are to be expected or ΔTu becomes large. This 
improvement can be estimated by calculating Δpu from Eq. (6.25) and the NPSH 
improvement ΔNPSH3 from Eq. (6.26) (the values obtained for water are shown 
in Fig. 6.24). 
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The empirical constant for water is a = 0.43 m and for hydrocarbons approxi-
mately a = 0.25 m. The reduction of the NPSH3 according to Eq. (6.26) provides 
only a rough estimation. Similar values are obtained as from the graph in [N.4]. 
The tests used there cover the range up to about ΔTu < 7 °C and Δpu < 2.4 bar. 
The improvement of the NPSH3 expected from thermodynamic effects for a given 
pump application should be limited to a maximum of 50%, even if a greater im-
provement is calculated according to Eq. (6.26). Also the absolute value of the 
correction should be limited to ΔNPSH3,max = 2 to 4 m. 

Stroboscopic cavitation observations at water temperatures of 60 to 180 °C in 
[6.4] demonstrated that the cavity length (as measured from the impeller blade 
leading edge) is independent of the water temperature – with only minor scatter. 
Experience confirms that the cavities observed on model pumps with cold water 
correspond well to the erosion patterns on geometrically similar impellers in 
power station pumps (temperatures up to roughly 200 °C). These observations do 
not contradict the statement that the hydrodynamic cavitation intensity with water 
at temperatures above 120 to 140 °C significantly diminishes compared with cold 
water. This is because the damage potential is affected not only by the length of 
the cavity, but also by the de-aeration of the feedwater, the cavity thickness or va-
por production Q′′ and the thermodynamics of the implosion process. 

Equations (6.24 to 6.26) do not only apply to water but also to any other liquids 
such as hydrocarbons or refrigerants. If hydrocarbon mixtures contain compo-
nents with different vapor pressures, ΔTu must be calculated separately for each 
component. With mixtures of this type the individual components evaporate and 
condense to different degrees depending on local pressure. Thus the cavitation 
process takes place gradually and only minor cavitation intensities are generated.  

Of the quantities used in Eq. (6.24) the vapor density has by far the strongest 
dependence on the water temperature. Therefore the vapor density has the greatest 
effect on the hydrodynamic cavitation intensity, since it directly determines the 
mass of liquid to be evaporated. Secondary influences are added to the parameters 
in Eq. (6.24) when considering cavitation erosion: 

• Density of the liquid as a measure for the “strength of water hammer” during 
the implosion 

• Speed of sound in the liquid (effect similar to density) 
• The surface tension is significant for nuclei spectrum and bubble growth. 
• The viscosity only has an effect on the cavitation if it reaches the values of 

heavy oil. Cavitation inception NPSHi depends on the Reynolds number. 

6.4.2 Non-condensable gases 

If a medium of temperature Tf contains gases whose critical temperature Tcrit < Tf, 
no conversion from the gaseous to the liquid phase occurs upon pressure increase: 
In the prevailing state such gases are “non-condensable”. If a cavitation bubble 
contains non-condensable gases (e.g. air dissolved in water) these are adiabati-
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cally compressed during the implosion. The energy necessary for gas compression 
reduces the implosion pressures or the hydraulic cavitation intensity at a given po-
tential energy as defined by Eq. (6.2). As a consequence, dissolved and free gases 
reduce cavitation noise, vibrations and damage. In special cases, even some air 
can be introduced into the suction pipe to alleviate cavitation problems. 

If a liquid contains high amounts of dissolved gases which separate in the low 
pressure zones, large gas-filled cavitation zones can be created at the impeller 
inlet. Work transfer is consequently impaired. Pumping can even be interrupted in 
extreme cases (“gas-locking”). 

If xD kg of gas per kg of liquid is dissolved in the suction reservoir at pressure 
pe, the volumetric gas component Qgas/Q′ at pressure p is calculated as follows: 

−
−

−
−

ρ
+

−
−

≈
ve

v

v

D
in

v

vegas

pp
pp

1
pp

TRx
GLR

pp
pp

'Q

Q
 (6.27) 

Q′ is the volumetric flow of the liquid; GLRin is the volumetric gas/liquid ratio of 
the free gases which might already be present at the inlet of the suction pipe. 

The calculation can be made for the pressure in the inlet nozzle (p = ps) or an 
assumed minimal pressure at the blade (note that the pressure in the cavity 
 pB = pv +pg). 

Equation (6.27) is based on Henry’s law according to which the component of 
dissolved gases is proportional to the partial pressure of the gas above the liquid 
level in the suction reservoir. Gas is soluble in a liquid only up to a certain extent. 
The solubility described by this saturation limit depends on the type of the liquid, 
the type of the gas and the temperature. An air mass fraction of 24 ppm is soluble 
in water at a temperature of 20 °C and a partial pressure of 1 bar (which, in 
Eq. (6.27) would have to be substituted as xD = 24×10-6). The solubility usually 
drops with increasing temperature; it is zero at the boiling point. In Appendix A3 
these relationships are explained in more detail. Equations and diagrams to deter-
mine the solubility of various gases in water can also be found there. 

Normal pumps, which are not specifically designed to transport gas-liquid mix-
tures, can generally accommodate (at inlet pressures near 1 bar) up to approxi-
mately 2% gas volume in the inlet nozzle without appreciable effect on the head. 
At gas contents above 5 to 10%, the pumps usually become gas-locked (i.e. the 
flow stops), Chap. 13.2. 

6.4.3 Nuclei content and tensile stresses in the liquid 

If a liquid contains few cavitation nuclei, the vapor generation is delayed and only 
occurs at lower pressures than in a liquid rich in nuclei. “The water is able to sus-
tain tensile stresses” or a “boiling delay” occurs. Cavitation inception occurs at a 
lower NPSHA if the tensile strength Z increases:  
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i +

ρ
−−

=  (6.27a) 
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To exclude uncertainties with regard to the sign of the tensile strength, the abso-
lute value of Z was substituted in Eq. (6.27a). The gaseous cavitation discussed in 
Chap. 6.1.1 is described by the local pressure and the solubility of the gas in a 
physically meaningful way and is therefore distinguished from the term “tensile 
stresses”; hence solubility effects are not covered by Eq. (6.27a). The effect of 
tensile strength and gas content on cavitation inception is shown schematically in 
Fig.6.25.  

Q 

σi Gaseous cavitation 

Tensile strength zero 

 Positive tensile strength 

 
Fig. 6.25. Influence of tensile stresses and gas content on cavitation inception 

The tensile strength depends on the gas and nuclei content which is affected by 
the water treatment. Water with dissolved gases in highly turbulent flow practi-
cally sustains no tensile stresses. Such conditions are encountered in plants and 
test circuits with valves, branches, fittings, heat exchangers or pumps. Experience 
shows this to be true even for the piping systems of power stations, which operate 
with highly de-aerated water under high pressures (the gas content is in the order 
of 1 to 3%o of saturation at 1 bar). This observation is in apparent contradiction to 
investigations such as [6.24, 6.45 and 6.48]. A possible explanation is the high 
turbulence level prevailing in such plants. The gas or vapor molecules adsorbed 
on solid particles (e.g. metal oxides) also contribute to the generation of nuclei. 

In industrial practice open systems or test stands often do not basically differ in 
their behavior from closed circuits with de-aeration, since many nuclei are gener-
ated in closed circuits by vortex shedding, cavitation in the impeller and/or in 
valves. This effect counteracts the influence of de-aeration. Efforts to reduce the 
nuclei content involve complicated systems to smooth the flow and to partially ab-
sorb the gas present in the nuclei (calming sections and large tanks). The follow-
ing can be concluded from the work quoted above: 

• As mentioned in Chap. 6.1.2, the number of nuclei activated for bubble growth 
increases with the square of the flow velocity. The influence of the tensile 
stresses on cavitation therefore depends on the test parameters. During the 
transposition from model tests at low speed with cold air-saturated water to the 
operating conditions in a power station with high speed, high temperature and 
extremely pure de-aerated water, several parameters change simultaneously. 
Their effects appear to largely compensate for each other, (see Chap. 6.4.1). 

• Which nuclei are activated to growth at any specific location in the test circuit 
depends on the local velocity, the turbulence and the pressure profile (i.e. the 
history of the fluid). For this reason one tends to measure a different tensile 
strength at any point in the circuit. Attempts have been made to predict the 
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“cavitation-effective” tensile strength in the impeller from the tensile strength 
measured at the sampling point by using correction factors, [6.45]. Unfortu-
nately, such factors cannot be generic since they depend on the plant. 

• Because of the influences that the pressure history in a circuit, the velocity and 
the turbulence have on the nucleus growth, the effects of the tensile strength 
and the flow features cannot be separated.  

• The close interaction between nucleus growth/tensile strength and flow quanti-
ties leaves little prospect for finding generally valid relationships suitable for 
the industrial practice. The pressure profiles in circuits, the pressure distribu-
tion at the impeller blades, and consequently the residence time of the nuclei in 
the various pressure zones, are not subject to any generally applicable laws. 

• If it is possible to produce water with a tensile strength greater than zero, σi 
tends to diminish with increasing tensile strength according to Eq. (6.27a). 

• Although gas content and nuclei number do not directly correlate, it is possible 
to reduce the nuclei content through de-aeration so that Z could be up to 0.5 bar 
in de-aerated, calmed water. Tensile stresses over 1.0 bar are obtained by pres-
surizing filtered de-aerated water for several hours, resulting in an increasing 
(but by no means complete) dissolution of microscopic gas accumulations in 
the water. 

• The tensile strength measured diminishes with increasing gas content. 
• No information is available on tensile stresses in hot water (thermal power sta-

tions) or in the various fluids pumped in process engineering, petrochemical 
industry or refrigeration engineering. 

In summary the following can be noted: Although the effect of the nuclei spec-
trum and the tensile strength on the cavitation bubble creation has undoubtedly 
been demonstrated, no generally valid methods are known by means of which 
these effects could be reliably captured in practical pump design. The worldwide 
application of the model laws according to Chap. 6.2.3 in the pump and water tur-
bine industry over decades allows the conclusion − despite the scatter present in 
cavitation measurements – that the tensile stresses are (as a rule) of subordinate 
importance in pump operation. 

The effects of water quality, gas and nuclei content are responsible for a part of 
the (at times quite significant) scatter which frequently afflicts the cavitation 
measurements. The nuclei content is not generally measured in the pump industry 
during model or acceptance tests. Partial degassing of the water is frequently per-
formed in closed test circuits, and the air or oxygen content (dissolved compo-
nents) is monitored. In this way the nuclei spectrum is indirectly affected via the 
reduction of the dissolved gases. Problems with air separation upstream of the im-
peller are thus avoided or reduced.  
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6.5 Cavitation-induced noise and vibrations 

6.5.1 Excitation mechanisms 

The implosion of vapor-filled zones (bubbles) generates pressure pulsations which 
excite vibrations and noise; various mechanisms are responsible for this: 

• The implosion (of small) individual bubbles creates high-frequency fluid-borne 
noise in the kilohertz range that can be utilized to diagnose cavitation, [6.5]. 

• Fluctuations of the cavity are generated by unsteady impeller approach flows 
caused by circumferentially non-uniform velocities in radial pump inlets, turbu-
lence, unfavorable approach flow conditions and vortex shedding on ribs. 

• Intense pressure pulsations with frequencies below 10 Hz can occur on suction 
impellers or inducers with strong partload recirculation at low NSPHA. The 
mechanism of their creation can be explained according to [10.5] in simplified 
manner as follows: Intense recirculation induces a pre-rotation, generating a 
roughly parabolic pressure distribution upstream of the impeller (refer to 
Fig. 5.16). If the pressure drops below the vapor pressure, a vapor core forms 
in the center of the suction pipe, which blocks a part of the approach flow cross 
section. Because of the blockage, the axial velocity in the outer domain of the 
inlet pipe increases. As a consequence the approach flow angle increases. This 
causes the recirculation to collapse and the vapor core to implode. Thus the 
blockage in the suction pipe center disappears, the approach flow angle dimin-
ishes and the cycle is repeated. 

• Low-frequency pulsations of large amplitudes are created through large fluc-
tuations of the cavitation zones. The compressibility of the cavities may result 
in cavitation surges. These are not related to instabilities of the Q-H-curve and 
can thus occur even with steadily falling Q-H-characteristics. 

• Various forms of pulsating cavitation in inducers were discussed in [10.30]. 
Even rotating cavitation zones with super-synchronous frequency were ob-
served near the best efficiency point. Measurements for rotating cavitation in a 
radial impeller (a design with rear and front shrouds in parallel) were discussed 
in [6.44]. Problems with rotating cavitation in industrial pump applications 
have not yet been reported. 

The pressure waves generated during bubble implosion create fluid-, solid- and 
air-borne noise. The air-borne noise is occasionally noticed as an irritating rat-
tling, rumbling “cavitation noise” since it occurs in the frequency range of several 
hundred hertz where the human ear reacts with particular sensitivity. This noise is 
caused by large clouds of bubbles created through partload recirculation or 
through long cavities of the size of the blade pitch. The noise is particularly inten-
sive in the operating range around NPSHA = NPSH0 to NPSH3. As discussed be-
low, the noise is reduced when NPSHA is reduced towards NPSHFC. The noise in-
creases with growing circumferential velocity u1 while it diminishes with higher 
gas contents. By injecting or drawing in some air into the suction pipe the cavita-
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tion noise is effectively combated (obviously, this measure is only acceptable in 
very special cases). 

6.5.2 Cavitation noise measurements for quantifying the hydro-
dynamic cavitation intensity 

The fluid-borne noise caused by cavitation – in the following called “cavitation 
noise” – can be easily measured with a suitable pressure transducer in the pump 
inlet (for instance piezoelectric quartz pressure sensors). Since the intensity of the 
recorded pressure signal increases with the number of bubbles, bubble volume 
and implosion pressure, the sound pressure is a measure for the hydrodynamic 
cavitation intensity. This is why numerous works deal with cavitation noise. Em-
phasis is on three practical applications: 

• Determining the cavitation inception by capturing the condition at which the 
sound pressure increases due to cavitation over the background noise (e.g. 
cavitation on the non-visible pressure surfaces of the blades). 

• Determining a relationship between cavitation noise and erosion. 
• Diagnosis of plant problems. 

A proven methodology consists of registering the sound pressure NL during a 
suction test (Fig. 6.9) at each measuring point as a RMS-value in the frequency 
range from for instance 1 to 180 kHz. A curve NL = f(σ) is then obtained for each 
flow rate which constitutes the sound pressure as a function of the NPSHA-value. 
The result of such a test is schematically shown in Fig. 6.26: At high inlet pres-
sures, where no cavitation takes place as yet, the background noise NLo is meas-
ured. It is generated by turbulence, unsteady blade forces and mechanical machine 
noises and does not depend on the suction pressure. The appearance of the first 
cavitation bubbles is manifested through an increase in sound pressure which 
marks the “acoustic cavitation inception”. It often occurs at a slightly higher 
NPSH value than the visual cavitation inception since micro-bubbles can develop 
in the circuit before cavitation patterns are observed on the blades. Following 
cavitation inception the sound pressure increases with decreasing σA, slowly at 
first but more intensely later on up to a maximum which is expected around 
NPSHo. To the left of the maximum the sound drops steeply, mostly to levels be-
low the background noise.  

Such a maximum is observed in air-, fluid- and solid-borne noise as well as 
with erosion. It can be explained by means of Fig. 6.26. The potential implosion 
energy according to Eq. (6.2) depends on the driving pressure differential and the 
bubble volume. The number and the volume of the bubbles increase with falling 
σA. Conversely, the driving pressure differential (in theory, linearly) diminishes 
with σA. In reality the driving pressure differential may be initially amplified by 
the imploding neighboring bubbles. When the compressibility of the medium rises 
with growing vapor content, the pressure difference drops more strongly. These 
counter-acting effects produce the curve for (p - pv) shown in Fig. 6.26. 
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Fig. 6.26. Influence of the cavitation coefficient on cavity volume, cavitation noise, erosion 
and potential implosion energy 

The character of the curves of Lcav = f(σA) and (p - pv) = f(σA) is responsible for 
the maximum of the potential implosion energy and consequently for the peaks in 
cavitation noise and erosion.  

Two additional reasons can be responsible for the drop of the sound pressure 
on reaching the maximum (Zone B in Fig. 6.26): a) If large cavities are present at 
the impeller inlet, a part of the sound is absorbed in these zones with two-phase 
flow. The bubbles can implode for instance in the interior of the impeller channels 
whereby vapor bubbles shield the pressure transducer from the implosion zone. 
b) At low inlet pressures air can separate in the pump inlet (or in an upstream 
throttle valve), producing a flow containing bubbles which impair sound transmis-
sion. A two-phase flow changes the acoustic characteristics of the medium, nota-
bly the speed of sound. Compressibility and impedance jumps on the bubble walls 
are responsible for this. The speed of sound falls significantly below the value in 
water depending on the gas content and the 2-phase flow patterns, Chap. 13.2.  

From the fact that the noise in Zone B falls below the background noise it may 
be concluded that the main cause of the background noise is not found in the inlet 
but in the impeller, i.e. in the unsteady blade forces. If the background noise were 
created by flow processes in the inlet, vapor zones in the impeller would not be 
able to shield the pressure sensors from the background noise. 

When measuring cavitation noise, Zones A and B in Fig. 6.26 must be distin-
guished. In Zone A, cavitation is locally restricted and the cavitation noise re-
corded can serve as a measure for the cavitation intensity. In Zone B, large zones 
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with two-phase flow absorb a high portion of the cavitation noise. Therefore, the 
sound pressure does not constitute a reliable measure for the cavitation intensity.  

Cavitation noise measurements supply an indirect measure for the cavitation in-
tensity which, in addition, depends on the instrumentation used – in particular on 
the recorded frequency range. This should be considered when comparing various 
publications. In order to facilitate comparison of the measurements with different 
pumps and operating conditions, a dimensionless presentation of a reference cavi-
tation noise is introduced. To this end, the background noise NLo must first be 
subtracted from the total signal NL to capture the effect of the cavitation alone. 
Since the addition of sound sources follows a quadratic relationship, the cavitation 
noise CNL is calculated from: 

2
0

2 NLNLCNL −=  (6.28) 

Since every blade has a cavitation zone (hence presents a sound source) CNL is 
normalized to a reference blade number zLa,Ref = 7. It is thus possible to compare 
impellers with different blade numbers: 

La

fRe,La
fRe z

z
CNLCNL =  (6.29) 

These sound pressures are then presented in dimensionless form: 

2
1u

NL2*NL
ρ

=  (6.30) 

Similarly NLo, CNL and CNLRef are rendered dimensionless. As proven in 
Fig. 6.27a, Eq. (6.30) constitutes a useful scaling law for the conversion of the 
cavitation noise to different speeds: The dimensionless sound curves for the 
speeds 5000, 7000 and 8920 rpm tally well. Measurements reported in [6.55] gave 
cavitation noise curves very similar to Fig. 6.27a. 

Cavitation noise measurements can not only be performed easily, they also of-
fer the advantage that all forms of cavitation are registered – in particular bubble 
clouds and pressure surface cavitation, which are difficult to quantify visually. 
The cavitation noise CNL covers all parameters of the 2-phase flow and the bub-
ble implosion for the considered operating condition, i.e.: flow velocity, cavitation 
coefficient, cavity length, incidence, profile shape, temperature, gas content, ef-
fective local pressure difference and bubble size. Conversely, the location where 
the bubbles implode cannot be determined. If cavitation noise measurements are 
conducted under controlled conditions, notably with the same instrumentation and 
test setup, the fluid-borne noise measured constitutes a measure for the cavitation 
intensity (but must not be confused with the latter). 

It is also possible to measure the solid-borne noise CV instead of the fluid-
borne noise. Figure 6.27b shows the solid-borne noise signals that were measured 
on the outside of the inlet casing using an acceleration sensor. These curves 
CV* = CV/(u1

2/d1) exhibit quite similar characteristics as the fluid-borne noise.  
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Fig. 6.27. Cavitation noise measurements on a high pressure stage (water temperature 
60 °C). a fluid-borne noise NL*; b solid-borne noise CV*, [6.4] 

In the case of solid-borne noise measurements the exponent 2.5 would perhaps be 
more suitable, but the available data is insufficient to confirm this assumption. 

The following can be considered as sources for the background noise: solid-
borne noise caused by mechanical excitations (bearings, gear box, friction in seals 
or labyrinths), gas bubbles carried along in the flow, unsteady blade forces (impel-
ler), turbulence of the flow and pressure fluctuations in the circuit (valves). 

The application of noise measurements is discussed in Chaps. 6.6.4 to 6.6.6 

6.5.3 Frequency characteristics of cavitation noise 

Cavitation creates noise through stochastic impulses during the implosion of indi-
vidual bubbles. Duration, magnitude and time sequences of the impulses are ir-
regularly distributed (compare to turbulent fluctuations). The consequence is a 
continuous broad-band spectrum. Its energy distribution has a wide maximum 
which is brought about by the most frequently occurring implosion time. If the 
cavitation noise is measured as a broad-band RMS-value, this maximum can be 
expected in the range from 20 to 400 kHz. It strongly depends on the type and the 
operating conditions of the pump, because the frequencies where the energy den-
sity is greatest increase with the cavitation coefficient and the flow velocity. Indi-
vidual bubbles with a small initial radius can have implosion times in the range of 
micro-seconds and thus generate frequencies in the MHz-domain. 

As shown by stroboscopic observations of the bubble field on impellers, the 
cavities fluctuate with increasing length – i.e. decreasing σA. In the case of cavita-
tion on individual profiles such fluctuations occur at discrete frequencies accord-
ing to a Strouhal number SStr = f×Lcav/w1. A typical range is SStr = 0.3 ± 0.04. The 
length of the fluctuations ΔLER grows with increasing approach flow velocity ac-
cording to ΔLER = (0.01 to 0.015)×w1/wRef (wRef = 1 m/s), [6.18] and [6.1]. 

In pumps, broad-band cavitation noise was observed in the range of several 
hundred Hertz to several kHz. The reason for this might be that the cavity fluctua-
tions at the various blades are not in phase. According to f = SStr×w1/Lcav the fre-
quency increases with the circumferential speed while it decreases as cavities get 
longer. In high-head pumps operating with long cavities, pressure pulsations gen-
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erated in this way can cause operational problems, for example damage to me-
chanical seals as reported in [6.15]. In summary: 

1. Cavitation noise and spectrum depend on: (a) the implosions of individual bub-
bles causing noise in the range from 10 kHz to 1 MHz; (b) the fluctuations of 
the cavity which occur with frequencies below 1000 to 2000 Hz. Presumably 
the cavity fluctuations modulate the implosion events since they influence the 
transport of the bubbles to the location of implosion. 

2. With increasing speed and NPSHA the maximum energy densities of the cavita-
tion noise spectrum shift towards higher frequencies. 

3. If one wishes to capture the hydrodynamic cavitation intensity using cavitation 
noise measurements, it is necessary to measure in the widest possible frequency 
range. The low-frequency components must be measured as well since the cav-
ity oscillations significantly contribute to the cavitation damage. These state-
ments are confirmed by measurements of the unsteady pressures in a rotating 
impeller: At the end of the cavity, frequencies below 200 Hz were recorded 
while the dominating frequencies decreased with increasing cavitation, [6.44]. 
If the cavitation noise were only measured in a narrow frequency band, the 
range of maximum energy density would shift relative to the measuring band 
when changing the operating parameters. Misinterpretation of the results (e.g. 
relation between noise and speed) would be the consequence.1 

4. If it is attempted to determine the cavitation inception by means of cavitation 
noise measurements, the high-pass filter must be set to a value which is above 
the frequency range of the background noise (e.g. 10 kHz). Only in this way 
will this method be sensitive enough to sufficiently distinguish the minor noise 
increase generated by the first bubble implosions from the background noise. 
An interfering factor in this context is annular seal cavitation or cavitation in 
the circuit, for example in valves, since these effects are likewise dependent on 
the inlet pressure.  

6.6 Cavitation erosion 

Material erosion due to cavitation only occurs when the hydrodynamic cavitation 
intensity HCI exceeds the cavitation resistance CR of the material and the cavita-
tion acts on the material for a sufficient period of time. HCI exclusively depends 
on the flow and liquid properties while CR is purely a material quantity: HCI and 
CR are totally independent of each other. The erosion rate ER increases with rising 
HCI and falls with growing CR since ER ~ HCIx/CRy. If the HCI is significantly 
greater than the CR, the material damage occurs after a short period of exposure 

                                                           
1 Measurements reported in the literature were frequently performed only in narrow fre-

quency bands. The choice of the frequency band must be considered as arbitrary. It ren-
ders the interpretation difficult. It also limits the comparability with other measurements 
and tends to falsify any correlations between noise and erosion or operating parameters. 
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(or a short “incubation time”). If the HCI hardly exceeds the CR, the incubation 
period becomes very long and tends towards infinity for HCI < CR. 

To date, the hydrodynamic cavitation intensity can neither be measured directly 
nor calculated theoretically. Therefore empirical correlations are needed. Two ap-
proaches are discussed: A) Estimation of the erosion rate based on the cavity 
length, the NPSHA and the fluid properties in Chap. 6.6.3. B) Estimation of the 
erosion rate based on the cavitation noise in Chap. 6.6.4. Some applications of 
these methods were reported on in [6.20]. 

Different flow conditions lead to different cavitation zones and erosion patterns 
which allow conclusions on the causes of the damage, Chap. 6.8.2. 

6.6.1 Testing methods 

Different test devices were developed to measure the erosion rate of various mate-
rials under cavitation in the laboratory: 

• In the magneto-strictive vibrator a material specimen is moved in the test me-
dium with a high frequency and low amplitude (usually 20 kHz and ± 25 μm). 
Because of the strong acceleration (almost 4x105 m/s2) the fluid is not able to 
follow the movements of the specimen and vapor bubbles are generated which 
violently implode on the sample causing a very high HCI. Unfortunately, vibra-
tion-induced cavitation is not representative for flow cavitation. At times, the 
material sample is arranged opposite the vibrator to run tests with a lower HCI. 

• Flow channels with venturi nozzles similar to Fig. 6.2 or bodies of various 
shapes placed in a flow are frequently employed to measure the influence of 
the velocity and the material on the erosion, [6.1]. 

• Rotating discs with holes (pikes or other bodies) which generate cavitation 
zones. 

• Jet apparatus where the test medium is expanded with a high pressure differ-
ence (e.g. 250 bar) through a fine orifice (0.5 mm diameter). The vapor bubbles 
generated in the process implode on the material specimen to be examined. 

• Droplet erosion causes similar damage as cavitation (think of the micro-jet); 
therefore tests with droplet erosion devices can also be employed. 

All these laboratory tests have two disadvantages: (1) The cavitation conditions 
are fundamentally different from the flow in centrifugal pumps. The hydrody-
namic cavitation intensity is unknown. Transferring the results to pumps harbors 
large uncertainties. (2) To achieve short testing times cavitation intensities are 
used which are usually significantly greater than in pumps. The tests therefore ap-
ply to “developed erosion” and not for operation near the onset of erosion where 
the damage mechanism resembles a fatigue process. 

However, if it is desired to determine the influence of the material or the liquid 
properties on developed cavitation in the form of material or corrosion factors, 
such test devices represent the only viable option because of the prohibitive costs 
of performing such tests on pumps. 
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Attempts have also been made to detect and quantify cavitation erosion by 
means of electrochemical measurements. The process relies on the fact that the 
passivation layers on steels are destroyed by the bubble implosion, creating in-
creased localized corrosion. The potential difference between the eroding sample 
and a reference electrode is recorded. It serves as a measure for the erosion inten-
sity, [6.19]. 

If bubbles implode with sufficient intensity on a ductile material, pitting due to 
plastic deformation is observed during the initial phase of material exposure. De-
pending on the size of the bubbles and the material, pitting diameters are in the 
range from 10 to 50 μm. The number and size of the pits are considered as a 
measure for the cavitation intensity. Attempts have been made to develop methods 
for the prediction of cavitation damage on this basis, [6.36]. The considerable test-
ing costs that would be required in each individual case prevent its wide industrial 
application. 

Despite the considerable efforts invested in tests with the devices described 
above, no methods have been developed for impeller damage prediction, which 
would be sufficiently general, accurate and simple in the industrial application. 
Reason: Cavitation erosion is a complex process with 3-dimensional two-phase 
flow, thermodynamic effects and material reactions in the micro-range, [6.20]. 
With theoretical approaches and erosion tests in simple test devices it is not possi-
ble to obtain generally valid solutions that could be transferred to pumps or other 
machines. This is because the flow and pressure distribution in the rotating impel-
ler cannot be reproduced by rotating discs or stationary channels (venturi) or air 
foils – much less by the magneto-strictive vibrator. This is why erosion rates in 
venturi nozzles [6.1] or on air foils plotted over the cavity length yield entirely 
different tendencies than are observed in centrifugal pumps, [6.2]. 

Attempting to describe cavitation erosion in centrifugal pumps for the purpose 
of damage prediction in a strictly scientific way, the following effects must be 
captured analytically, numerically or experimentally in a generally applicable 
form: 

• Inlet flow: Suction casings of between-bearing pumps produce strongly non-
uniform fully 3-dimensional flows to the impeller. Consequently incidence, 
cavity length and bubble volume vary over the circumference. 

• Nuclei spectra (number and size of nuclei for various industrial applications 
and water qualities). 

• Impeller flow, taking into account partload recirculation (if applicable), charac-
terized by the local velocity and pressure distribution on the blades. Develop-
ment and growth of vapor bubbles are determined by the dynamic characteris-
tics of the nuclei in the zone where the local static pressure drops to the vapor 
pressure. Gas content and thermodynamic fluid properties influence the bubble 
growth. The cavity in turn interacts with the flow around the blade. Entirely 
different forms of cavitation can be found (see Chap. 6.8.2). 

• Implosion of the bubbles upon entry into zones where the static pressure ex-
ceeds the vapor pressure. This process generates the hydrodynamic cavitation 
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intensity which represents the load spectrum for the material. In fact, the 
growth and implosion zones cannot be separated since the cavity oscillates. The 
content of non-condensable gases and thermodynamic processes influence the 
implosion event and consequently the hydraulic cavitation intensity. 

• Reaction of the material to the implosions. The resulting load spectrum is made 
up by an “infinite” number of individual localized shocks of extremely short 
duration. 

There is little prospect of describing these complex physical relationships ana-
lytically, numerically and/or experimentally in a sufficiently general manner. Em-
pirical correlations are (as yet) the only viable alternative for cavitation damage 
prediction in the industrial practice. Consider that even comparatively simpler 
processes such as pressure loss and heat transfer in turbulent single-phase or two-
phase flows are also calculated almost exclusively utilizing empirical correlations. 

When resorting to empirical methods, the greatest possible number of test re-
sults is correlated with physically relevant similarity parameters through power 
functions. In this way, the available tests with defined geometries and flow condi-
tions can be transferred to other configurations. The scatter of empirical correla-
tions grows with the number of physical parameters relevant to the process. Since 
empirical correlations of simple two-phase flows can be affected by uncertainties 
of more than ± 100%, even greater scatter has to be accepted with the extremely 
complex phenomenon of cavitation erosion. 

The methods for the prediction of erosion rates in centrifugal pumps discussed 
in the following are based on measured, calculated or estimated cavity lengths, or 
on fluid- and solid-borne noise measurements. Details on the development of the 
correlations for the erosion calculation are given in the literature, [6.2 to 6.5].  

6.6.2 Cavitation resistance 

The imploding vapor bubbles or the micro-jets attack the material by impacts with 
an extremely small diameter and a short duration but with a high energy and fre-
quency. The impacts manifest themselves as local plastic deformations of the ma-
terial as demonstrated by Fig. 6.28 which shows the damage created in stellite by 
a single cavitation vortex. 

The shock-like loading by a micro-jet hitting a structure suggests that hardness 
can serve as a first approximation for the cavitation resistance. The extremely 
small local extension of the loading also suggests that the material structure is 
highly significant for the cavitation resistance. Micro-structural and other uncon-
trollable influences thus result in variations of the erosion rate in a ratio of up to 
1:5, [6.12].  

The state of knowledge for predicting the cavitation erosion with regard to 
cavitation resistance can be outlined as follows, see [6.19] and [6.21]: 
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Fig. 6.28. Crater generated on stellite by the implosion of a cavitating vortex; the crater di-
ameter is about 50 μm. Photo: Ecole Polytechnique Fédérale, Lausanne, [6.49] 

• None of the conventional material characteristics (such as hardness, tensile 
strength) are sufficient to accurately describe the cavitation resistance since the 
loading under cavitation differs too much from the type of load applied during 
a tensile test, hardness measurement etc. 

• Within groups of similar materials the cavitation resistance rises with increas-
ing hardness or tensile strength Rm. The erosion rate ER then roughly follows 
the proportionality ER ~ 1/Rm

2 or ER ~ 1/HMat
2. 

• With identical tensile strength the tougher material has the greater cavitation 
resistance. Extremely brittle materials have a low cavitation resistance despite 
great hardness. 

• With identical hardness and identical toughness the material with the finer 
structure is the more resistant. 

• The material attack preferentially occurs on grain and phase boundaries or 
pores on the surface. The presence of hard particles in the material structure 
diminishes the resistance to cavitation erosion while the resistance to abrasion 
increases. (Chap. 14.5). 

• The erosion resistance can be improved if one succeeds in increasing the tensile 
strength through suitable metallurgical measures (such as precipitation or dis-
persion hardening, martensite formation or strain hardening) without exces-
sively decreasing the ductility [6.21]. A decisive factor for a high cavitation re-
sistance is the conversion of austenite into martensite through strain hardening, 
[6.30]. 

• Like most metals, steel is chemically resistant in water only if a passivation 
layer, or a protective layer of corrosion products, is formed on the boundary 
surface between metal and water. If this layer is destroyed by imploding bub-
bles, unprotected base material is exposed and a corrosive attack is superim-
posed on the cavitation load. This is why the cavitation erosion in sea water is 
generally greater than in fresh water. Good corrosion resistance of the material 
in the medium being pumped is therefore a prerequisite for high cavitation re-
sistance. 
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• Soft inclusions (e.g. graphite in lamellar cast iron), soft or very brittle grain 
boundaries, pores, cracks and structural flaws reduce the cavitation resistance. 
This must also be considered in the development of coatings. 

• Coatings must not only be free of defects but also possess sufficient hardness 
without being brittle. The layer must be thick enough to ensure that the base 
material is not plastically deformed under the implosion pressure peaks. 

• Bubble implosions create a complex, multi-axis stress condition. Compressive 
residual stresses increase the cavitation resistance, tensile residual stresses re-
duce it. 

• If a material is exposed to a cavitating flow, it takes some time before damage 
(if any) becomes visible. During this period (the so called “incubation time”) 
the material reaction is determined by strain hardening. When metal loss starts, 
the surface is progressively roughened as exposure time increases (growing 
notch effects). Later on, cracks may be observed in the zone where the maxi-
mum erosion rate is reached and larger chunks of material are ripped out.  

• Materials and alloys for overlay welding especially developed for high cavita-
tion resistance have an extremely high strain hardening coefficient. 

• Test methods suitable for directly measuring the cavitation resistance are not 
known. The measurement of the cavitation erosion cannot be utilized as an in-
direct measure for the cavitation resistance as long as the absolute hydraulic 
cavitation intensity cannot be determined. 

• Conclusion: high tensile strength, high strain hardening capacity, a homoge-
nous structure and surfaces without pores or cracks are prerequisites for high 
cavitation resistance. 

When material erosion occurs, work is performed on the material. The energy 
per surface unit corresponds to a stress σ multiplied by a distance ε, i.e. the inte-
gral of the stress-strain diagram σ×dε. An idealized stress-strain curve is utilized 
which assumes that the elastic range is retained up to the ultimate tensile strength. 
Under this assumption the integral UR = σ×dε yields the material work per vol-
ume unit in the case of brittle fracture. This quantity is called the “ultimate resil-
ience” UR = Rm

2/(2×E). It is used to evaluate the cavitation resistance. The product 
of the material work per unit volume and the erosion rate yields the specific ero-
sion power PER = UR×ER. 

The use of UR is a rough approximation since the influencing parameters on the 
cavitation resistance listed above cannot be described with by a single characteris-
tic quantity. In fact, the mechanism of the material damage changes as a function 
of the hydrodynamic cavitation intensity: (1) if HCI ~ FS, the fatigue strength FS 
under cavitation is relevant for the cavitation resistance; (2) if HCI ~ HV, the 
hardness HV is the relevant parameter; (3) if HCI > Rm (i.e. in the presence of 
“developed erosion”), the tensile strength Rm or UR describes the material behav-
ior quite well.  

For the various types of steel the use of hardness, tensile strength and “ultimate 
resilience” is equivalent, since the E-modulus and the ratio of hardness to tensile 
strength are roughly constant (Brinell hardness/tensile strength  0.293).  
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The effects of the metallurgical structure and the corrosion in the case of sea 
water are described through material and corrosion factors Fmat and Fcor which are 
determined from tests with a jet device, a rotating disk or the magneto-strictive 
vibrator, [6.3, 6.13]. For more information on material characteristics see 
Chap. 6.6.7.  

6.6.3 Prediction of cavitation damage based on cavity length 

The risk and extent of cavitation damage can be estimated using empirical correla-
tions; the equations required for this purpose are compiled in Table 6.1 (at the end 
of Chap. 6.8.8). 
Damage correlation: As discussed in the preceding paragraphs, the hydraulic 
cavitation intensity increases with the total volume of all vapor bubbles created in 
the flow and the pressure difference driving the implosion. In a first approxima-
tion it can be assumed that the bubble volume grows with the length of the cavity 
Lcav and that the driving pressure differentials increase with the NPSHA. One can 
then attempt to correlate the erosion rate ER with the material and fluid properties, 
the NPSHA and the cavity length Lcav. Using the cavity length measured in a 
pump, has the advantage that it is not necessary to separately capture all the pa-
rameters which determine the cavitation flow (see Chap. 6.3.1) and whose predic-
tion would be very complicated, difficult and uncertain. 

Incidents of cavitation damage recorded on impellers from various plants and 
applications were evaluated to develop a correlation for the prediction of cavita-
tion damage. To this end, the damage lengths measured from the leading edge (in-
stead of the cavity length Lcav which was not measured in all cases) and the maxi-
mum local depth of the material erosion were used to describe the damage. For a 
given cavity the erosion depends on the NPSHA, the cavitation resistance (cap-
tured by UR) and the liquid properties which are characterized by vapor density, 
speed of sound and gas content. To find a correlation between all these parameters 
and the erosion rate, a similarity parameter Θu, Eq. (T6.1.1), was derived and plot-
ted against the damage length measured from the blade inlet edge.  

Pressure surface and vortex cavitation according to this evaluation proved to be 
approximately 50-times more aggressive with a given damage length than cavita-
tion on the suction surface of the blades since the driving pressure differentials in 
the implosion zone or the bubble volume are greater. The data for the suction and 
pressure surface cavitation can be described as power functions Θu = f(Lcav) and 
solved for the specific erosion power. In this way Eq. (T6.1.2) was obtained for 
the prediction of cavitation erosion for a measured or calculated cavity length. In 
this procedure it is implicitly assumed that damage length and cavity length are 
roughly equal. As was shown by the comparison of laboratory tests with plant 
measurements this is frequently the case – albeit with considerable data scatter. 
The cavity length can be estimated from Eq. (T6.1.3) if no measurements are 
available, [6.10]. Figure 6.29 contains about 70 data points gathered from plant 
operation and taken on a test pump with a head per stage of 800 m, [6.4]. 
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Fig. 6.29. Correlation between erosion and damage length; abscissa Lcav/Lcav,R  

Consequently the damage correlation covers data from a wide parameter range: 

• Condensate and fresh water: 10 to 190 °C, gas content α = 0.03 to 24 ppm 
• NPSHA = 4 to 230 m; u1 = 20 to 90 m/s; σΑ = 0.11 to 0.95 
• q* = 0.25 to 1.3; nq = 22 to 55; d2 = 270 to 2400 mm 
• Damage (or cavity) length: Lcav = 10 to 300 mm 
• Rm = 460 to 1000 N/mm2; ER = 0.02 to 80 μm/h 

As proven by this broad spectrum of parameters the correlation comprises totally 
different pump types with correspondingly different impeller designs. Figure 6.29 
contains measurements from [6.4] and data from literature [6.7] to [6.9]; conse-
quently Eq. (T6.1.2) is not specific to the pumps of only one manufacturer. Cavi-
tation damage in semi-axial pumps is also correlated by Eq. (T6.1.2) as demon-
strated by 5 examples analyzed in [6.8]. Applications of the calculation methods 
listed in Table 6.1 and comparisons with experiences in various plants were dis-
cussed in detail in [6.7 and 6.8], [6.20], [6.27 to 6.29] and [6.55]. 

The data in Fig. 6.29 is also remarkable for the fact that the erosion data corre-
late with the absolute cavity length in the range of examined impeller diameters 
(d2 = 270 to 2400 mm, range 1:9). This means that there is no noticeable influence 
of the impeller size. An attempt to plot the erosion data from Fig. 6.29 against the 
ratio cavity length to blade pitch (Lcav/t1a), yielded a poorer correlation of the 
measurements than according to the equations in Table 6.1. This behavior can 
possibly be explained by the fact that the flow around the rear of the cavity is 
more influenced by the absolute cavity length than by the blade pitch. A longer 
cavity generally involves also a greater cavity thickness. The local deceleration 
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downstream of the cavity, and consequently the driving pressure differential and 
the implosion energy, grow with increasing cavity thickness (see Figs. 6.5 to 6.7). 
Impeller life LI: From a statistical analysis of the data in Fig. 6.29 it is possible to 
estimate by means of Eq. (T6.1.10) the probability with which a required impeller 
life LI,req is achieved in a specific application. The expected life LI,exp in this con-
text is calculated from Eqs. (T6.1.2) and (6.1.9). Accordingly, the life is consid-
ered exhausted when the erosion depth has reached 75% of the blade thickness. 
(Obviously it would also be possible to insert a different permissible erosion depth 
into Eq. (T6.1.9) to determine the corresponding probability). 

Uncertainties and limits of the correlation: 
1. Equation (T6.1.2) largely applies to developed erosion. The erosion threshold 

cannot be determined from Eq. (T6.1.2) (refer to Chap. 6.6.7 in this respect). 
2. The cavity length can only serve as a rough measure for the volume of the im-

ploding vapor bubbles. For a more accurate estimation, the cavity thickness 
(which is very difficult to measure) would have to be considered. In general, 
the erosion cannot be solely a function of the cavity length. Cavity volume and 
erosion rate (at a given cavity length) will depend on the incidence for exam-
ple. Furthermore, the different forms of cavitation discussed in Chap. 6.8.2.1 
suggest that there may be differences in the local hydrodynamic cavitation in-
tensity that cannot be captured by the cavity length. 

3. The pressure differential in the implosion zone is proportional to the NPSHA 
only in a first approximation. To capture this pressure difference more accu-
rately, one would have to calculate the 3D-flow downstream of the cavity 
where the fluid is strongly decelerated and the local pressure is correspondingly 
increased. The imploding bubbles also have an effect on each other. As a result 
of increasing blade work the driving pressure differential increases with the 
cavity length; this might be a reason for the high exponent of Lcav. 

4. It is difficult to observe quantitatively how close the bubbles implode to the 
blade surface since only a few tenths of millimeters are involved. However, the 
damage potential critically depends on this distance. For example, cases are 
known where no erosion was observed although considerable damage would 
have been expected based on the correlation. This finding indicates that the 
bubbles imploded in the liquid far enough away from the blade to preclude 
damage. In such cases the prediction according to Eq. (T6.1.2) is pessimistic. 

5. The correlation for erosion on the suction surface largely applies to attached 
cavities. Cavitation forms caused by vortices (high local concentration of im-
ploding bubbles) are better captured by the damage correlation for the blade 
pressure surface. Since both cavitation types can occur simultaneously and 
merge gradually their distinction is sometimes difficult. 

6. In calculating the similarity parameter according to Eq. (T6.1.1) some assump-
tions in terms of the exponents of (p1 - pv), of the thermodynamic liquid proper-
ties and of the gas content had to be made. Although these are based on tests, 
they are subject with uncertainties. Such exponents can be roughly constant 
only in the domain of developed erosion. When approaching the erosion 
threshold, the exponents increase strongly as discussed in Chap. 6.6.7. 
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7. The reaction of the material to a given hydrodynamic cavitation intensity can-
not be perfectly quantified by UR. 

Owing to the above uncertainties the standard deviation of Eq. (T6.1.1) is ap-
proximately ± 120%. The scatter is due to various uncertainties: (1) the depth of 
the attack is difficult to measure due to the rough, rugged surface (it has been es-
timated visually in most cases); (2) the operation time at various working points, 
while the material was being eroded, was often not exactly available from the 
plant; (3) the real local material characteristics (structure of the casting); (4) the 
gas content in many cases had to be assumed from the type of water pumped. 
Even under laboratory conditions, the scatter of cavitation erosion tests is very 
large. Examples: (a) during vibration tests with identical material and identical test 
parameters the scatter was ± 90% in [6.11]; (b) during the venturi tests in [6.1] the 
scatter was ± 50%; (c) Piltz reports of variations of 1:5 in his tests, [6.12]. 

6.6.4 Prediction of cavitation damage based on cavitation noise 

Damage correlation: As discussed in Chap. 6.5, sound waves are generated by 
the bubble implosions. The associated fluid-borne noise can be recorded and used 
as a measure for the hydrodynamic cavitation intensity. If the specific erosion 
power PER is plotted against the acoustic intensity, Fig. 6.30, a correlation is ob-
tained that can be used for prediction of cavitation damage, Eqs. (T6.1.4 to 
T6.1.6). The fluid-borne noise used for this correlation corresponds to the root 
mean square RMS in the range from 1 to 180 kHz. The difference between the 
signal at a given suction pressure and the background noise corresponds to the 
component of the measured noise caused by the cavitation, which is determined 
from Eq. (T6.1.4). At the same time, a standard reference blade number is used 
since the number of noise sources – i.e. the impeller blade number – has an effect 
on the measured signal (in the case of double-entry impellers twice the blade 
number must be used since there are cavities in both entries). In Fig. 6.30 suction 
and pressure surface cavitation can be described by the same correlation. It is 
therefore concluded that the noise measurement correctly captures the fact that the 
implosion pressure on the pressure surface of the blades is higher than on the suc-
tion surface (due to the greater driving pressure differential). 

The correlation according to Eq. (T6.1.6) yields a velocity exponent of 5.85; it 
thus confirms well the exponent of 6, which was implicitly used in Eqs. (T6.1.1 
and 6.1.2), since (p1-pv)3 ~ u1

6. By equating Eqs. (T6.1.2 and 6.1.6), it is also pos-
sible to estimate the cavity length from the measured cavitation noise, 
Eq. (T6.1.14). 
Limits of the correlation: Like Eq. (T6.1.2), Eq. (T6.1.6) applies only to devel-
oped erosion. The onset of erosion cannot be extrapolated on the basis of the 
available data. Since the background noise (e.g. machine and test loop noise) is 
subtracted, the measured signal is a measure for the hydrodynamic cavitation in-
tensity. The effective vapor volume, the driving pressure differential in the implo-
sion zone, the liquid properties and gas contents are captured in this measurement  
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Fig. 6.30. Estimation of erosion rate based on cavitation noise [6.5] [6.20] 

in first approximation. The estimation of the cavitation risk based on Eq. (T6.1.6) 
supplements the evaluation according to Eq. (T6.1.2) since the uncertainties 2, 3 
and 6 partly cease to apply. The acoustic properties of various test arrangements 
are additional parameters whose influences are difficult to assess. Based on the 
noise signals it cannot be determined where the bubbles implode. If this occurs in 
the free liquid, the bubbles are harmless and the correlation produces pessimistic 
predictions. Likewise, it cannot be evaluated if the bubbles are locally concen-
trated or distributed over larger areas of the blade inlet, which can mean major 
differences in local erosion (e.g. vortex cavitation).  

The calculations are also influenced when cavitation occurs at different loca-
tions, e.g. simultaneously on the suction and pressure surfaces of the blades, or in 
annular seals, in the inlet casing or in the circuit in which the pump is operating. If 
the measured noise differs only little from the background noise, the erosion pre-
diction becomes uncertain (no developed erosion is present either). Equa-
tion (T6.1.6) is preferably used only for NL > 1.25 NLo.  

The effect of the temperature on the fluid-borne noise is not sufficiently 
known. The noise tends to decline with increasing temperature and increasing gas 
content. Generally valid statements for predictions cannot yet be made.  

Even noise measurements at u1 < 20 m/s appear problematic (because of the low 
HCI) with regard to the transfer to high circumferential speeds. 



316      6 Suction capability and cavitation 

6.6.5 Solid-borne noise measurements for cavitation diagnosis 

While fluid-borne noise can be recorded during model tests by simple means, 
solid-borne noise measurements on the pump casing are often the only practical 
way to obtain information on the hydrodynamic cavitation intensity in plants. If 
the solid-borne noise is measured on the outer casing wall with an accelerometer, 
the signal of a given fluid-borne noise depends on the casing geometry and the 
material. Based on the statistical energy analysis, these influences can be captured 
in an approximate way. Even the fluid-borne noise can be calculated from the 
measured solid-borne noise according to Eq. (T6.1.7), [6.5]. The available data 
was also entered in Fig. 6.30. The points in the graph are characterized as solid-
borne noise data from which the fluid-borne noise was calculated. Both groups of 
data can be presented through the same correlation. The solid-borne noise em-
ployed also constitutes an RMS-value. To avoid resonance with the transducer, 
the measurements were made in the range from 1 to 47 kHz. Figure 6.30 also con-
tains tests on air foils from [6.16]. 

The relationship between erosion and solid-borne noise offers a very simple 
technique for cavitation diagnosis, but the method is subject to the same limita-
tions as the fluid-borne noise measurements. In plants it is often difficult to de-
termine the load-dependent background noise which must be known to make a re-
liable assessment – unless the cavitation noise clearly dominates.  

As discussed earlier, fluid-borne noise measurements capture any bubble im-
plosions in the pump even if these occur at a distance from the blades and do not 
contribute to erosion. To eliminate this influence, it has been suggested to meas-
ure solid-borne noise on the pump shaft with the object to record only those im-
plosions which occur on the blades, [6.55]. When considering this option, it 
should be borne in mind that even implosions within the liquid cause shock waves 
and pressure pulsations which travel through the liquid till hitting a solid bound-
ary. Therefore, even bubbles imploding in the free stream excite solid-borne noise 
in the same way as pressure pulsations traveling through a pipeline cause solid-
borne noise in the pipe wall (part of which is radiated as air-borne noise to the en-
vironment). This argument is supported to some extent by a comparison of the 
measured solid- with the liquid-borne noise data in Fig. 6.27a/b. 

6.6.6 Paint erosion tests to determine the location of bubble 
implosion 

As shown above, the cavitation evaluation is pessimistic insofar as it cannot be 
determined (either based on cavity observations or on noise measurements) 
whether the bubbles implode harmlessly in the liquid or near a wall, thereby pos-
ing the risk of material erosion. Paint erosion tests can help in this regard. Such 
tests are only meaningful if the test duration is selected such that an essentially 
time-independent paint erosion pattern is obtained at the hydrodynamic cavitation 
intensity prevailing under the specific test conditions. To achieve this, the process 
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must be calibrated as described in [6.4]. Calibration tests with various cavitation 
conditions (cavity lengths) and speeds were conducted with a given paint (zinc 
dust paint). During these tests the erosion pattern was recorded after defined oper-
ating intervals. After a certain test period the eroded area asymptotically reached a 
final form, meaning that the eroded area would not grow any more if the testing 
time were prolonged. The required test duration tv thus determined was plotted 
against the fluid-borne noise CNLRef according to Eq. (T6.1.4) in Fig. 6.31. Be-
cause of differing acoustic properties different curves apply to pumps with steel 
cover and model pumps with a Perspex cover. When applying Fig. 6.31, it is also 
possible to measure the solid-borne noise and to calculate by means of 
Eq. (T6.1.7) the fluid-borne noise prior to reading the required test duration from 
the graph.  

Figure 6.32 shows the paint erosion pattern from a test run for 8 hours at 
3000 rpm. The result is compared with the erosion pattern of a steel impeller with 
identical cavitation and flow coefficients A and 1 after 160 hours at 9000 rpm. 
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Fig. 6.31. Required testing time for paint erosion tests (zinc dust paint) [6.4] 

  
Steel impeller, 9000 min-1 / 160 h Paint erosion, 3000 min-1 / 8 h 

Fig. 6.32. Comparison of erosion patterns with steel impeller and paint erosion [6.4] 

  σA = 0.5
  q* = 0.8  
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The paint erosion pattern observed is indeed representative for the damage pat-
tern on the steel impeller – provided that the test duration has been set to an ade-
quate period. However, this will only be successful if it is possible to quantify the 
hydrodynamic cavitation intensity using sound measurements. If the paint erosion 
test in Fig. 6.32 had been run for a period significantly shorter than 8 hours, the 
eroded area would have been smaller. After too short a testing time possibly no 
paint erosion would have been detected at all and the damage potential would 
have been evaluated too optimistically. The calibrated paint erosion test supplies 
the true damage length, even on the non-visible pressure surface of the blades. 

6.6.7 Onset of erosion and behavior of material subject to different 
hydrodynamic cavitation intensities  

For every material there is a threshold of the hydrodynamic cavitation intensity 
below which no cavitation erosion occurs. Limits were proposed, for instance, for 
the circumferential speed u1 for cast iron at 12 m/s and for austenitic steel at 
22 m/s for operation at the best efficiency point, [6.17]. Such figures can only be 
valid for a specific water quality. Above figures apply to cold air-saturated water; 
in case of stainless steel they also can be used for de-aerated feedwater at tem-
peratures above about 140 °C, as follows from the Eq. (T6.1.2).  

If the erosion rate from any test is plotted on a log-log graph against the hy-
draulic cavitation intensity HCI (or, as in Fig. 6.33, over σ), the specific erosion 
power PER asymptotically approaches a threshold HCI where PER becomes zero. 
While it is possible in the range of “developed erosion” to calculate with a 
roughly constant exponent x in the relation ER ~ σx, the exponent tends towards 
infinity upon approaching this asymptote. Consequently, almost any relationship 
between erosion rate and the independent test variables such as speed, noise, gas 
content, temperature, cavitation coefficient or cavity length can be measured in 
the domain close to the onset of erosion. This explains why values between 1 and 
20 were published (somewhat uncritically) for the speed exponent. Outside of the 
range of developed erosion it is meaningless to use a material ranking based on 
measured erosion rates since the ratio of the erosion rates of two materials near 
the erosion onset can assume any value, becoming infinite at the threshold, 
Fig. 6.33. This fact has not been adequately considered in many publications. 

Material rankings are only meaningful if they originate from tests done with 
developed erosion and if they are applied solely for this condition. The ratio of the 
erosion rates of two materials with highly differing cavitation resistance is always 
subject to considerable uncertainty in this context. When changing the material to 
improve impeller life, it was thus observed in practice that the hoped-for reduction 
of the cavitation damage was not achieved although it would have been expected 
when applying the material ranking measured in laboratory tests.  

Ranking for any materials and cavitation intensities can be calculated from 
Eq. (T6.1.2). Figure 6.34 shows an example that was calculated for air-saturated 
water at 20 °C with NPSHA = 37 m and a cavity length of 20 mm. 
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Fig. 6.33. Specific erosion power PER of two different steels subject to cavitation, [6.20] 
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Fig. 6.34. Metal loss due to cavitation of different materials 

These parameters were selected in a way that a cavitation erosion of 1 mm is 
obtained for ferritic chromium steel with 13% Cr and 4% Ni after 40’000 hours of 
operation. The erosion rates written in Fig. 6.34 therefore simultaneously consti-
tute the ratio of each material to this chromium steel. The ranking thus obtained 
produces very similar relations as published by others; e.g. [6.30]. While cast iron 
and carbon steel proved to exhibit little cavitation resistance, special alloys con-
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taining cobalt and manganese (such as 17Cr9Co6Mn) showed the best (currently 
known) cavitation resistance because of their high strain hardening, [6.30 to 6.34]. 

To determine the onset of erosion, a relationship is required between the abso-
lute hydrodynamic cavitation intensity (e.g. the “implosion pressure”) and the fa-
tigue strength under cavitation. Since the implosion pressure cannot be measured, 
it has to be determined indirectly. To this end, first the intensity of the sound 
source is calculated from the measured fluid-borne noise with the help of the 
equations governing room acoustics. Using an acoustic efficiency it is subse-
quently possible to estimate the mechanical power which has emitted the sound, 
[6.2]. These considerations lead to Eqs. (T6.1.11) and (T6.1.12). 

The test data from Fig. 6.30 were evaluated in this way and shown in Fig. 6.35 
thus providing a correlation between the specific erosion power and the implosion 
pressure, Eq. (T6.1.13). Due to the uncertainty of the necessary assumptions, this 
equation has a highly empirical character. However, the wide range of the avail-
able data and the number of test points from various pumps give credence to the 
statistical relevance of the correlation. 

Erosion measurements in various cavitation devices and machines can only be 
meaningfully compared if an absolute measure for the hydrodynamic cavitation 
intensity has been defined. The implosion pressure calculated here is indeed such 
a measure. Therefore it was possible in Fig. 6.35 to plot together test results from 
a droplet erosion apparatus, magneto-strictive vibrators, venturi nozzles and a jet 
cavitation device (data from [6.1]). With the droplet impact test device the implo-
sion pressure can be estimated according to pi = ρ×a×w. For the data in Fig. 6.35 
this produces pi = 610 N/mm2. The comparison with the trend curve according to 
Eq. (T6.1.16) yields a value of similar magnitude (930 N/mm2). 

Fluid-borne noise and cavitation erosion were measured on various steels in a 
jet cavitation apparatus [6.13]. The implosion pressure was calculated using 
Eqs. (T6.1.4, 6.1.11 and 6.1.12). The results, included in Fig. 6.35, agree well 
with the erosion rates in pumps although the geometrical arrangement and the 
flow conditions are totally different. The estimations of implosion pressures found 
in the literature (quoted in [6.2]) are in the range of the data plotted in Fig. 6.35. 

The correlation of test data from totally different devices and machines allows 
the conclusion that Eq. (T6.1.12) supplies a useful reference for the absolute hy-
drodynamic cavitation intensity. The value of pi estimated in this way can be com-
pared with the fatigue strength under cavitation, which for ferritic steels in fresh 
or demineralized water is likely to be of the order of Fs = (0.054 to 0.15)×Rm, 
[6.2]. With pi < Fs the erosion threshold is not reached; no damage occurs. If pi is 
clearly above the Brinell hardness, developed erosion must be expected. Equating 
Eqs. (T6.1.2 and 6.1.13), it is possible to estimate the implosion pressure even if 
only cavity length or damage length are known, Eq. (T6.1.15). By comparison 
with Eq. (T6.1.17) it is even possible to evaluate the erosion threshold in this way. 
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Fig. 6.35. Specific erosion power as function of the implosion pressure [6.2] [6.13] 

6.6.8 Summarizing assessment 

The stroboscopic observation of the cavitation propagation at the impeller inlet is 
not only an indispensable tool in the development of cavitation-exposed impellers, 
but it also allows a quantitative evaluation of the erosion rate and even the erosion 
threshold, Eqs. (T6.1.15 and T6.1.17). The comparison of model tests with plant 
experiences and tests with water temperatures up to 180°C [6.4] has shown that 
roughly the same cavity lengths must be expected in cold and hot water. The cavi-
ties observed in the test implicitly comprise the effects of all the geometrical pa-
rameters of suction chamber and impeller as well as the flow rate and NPSHA. 
The relevance of stroboscopic bubble observations can be considerably enhanced 
and complemented by cavitation noise measurements and paint erosion tests. 

Fluid- or solid-borne noise measurements are a measure for the hydrodynamic 
cavitation intensity. They capture both the local pressure differentials in the im-
plosion zone as well as the effects of the liquid properties and the gas content. The 
sound pressures and the accelerations (for an initial estimation) can be scaled to 
other operating conditions in proportion to u1

2. 
To establish whether the bubbles implode near the blade, paint erosion tests are 

revealing if conducted under controlled conditions. The test period required to ob-
tain a roughly stationary erosion pattern can be determined from Fig. 6.31 based  
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Table 6.1 (1) Assessment of the risk of cavitation damage 
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• W is the probability to reach LI,req. W can be used for Eqs. (6.1.2), (6.1.6) and (6.1.13) 
• All units are in the SI-System 
• For double entry impellers set 2×zLa (with zLa per impeller side) 
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on the fluid-borne noise measured in the test pump. Non-cavitation induced 
sounds are subtracted as background noise, but cavitation noise generated in other 
components of the circuit (e.g. in valves) can falsify the measurements. 

The fluid-borne noise can be calculated from a solid-borne noise measurement 
using the methods of statistical energy analysis. Solid-borne noise signals can 
therefore be utilized for cavitation diagnosis.  

The methods of room acoustics allow an estimation of the implosion pressure 
from the fluid- or solid-borne noise. Consequently, it is also possible to evaluate 
the erosion threshold and correlate erosion measurements from various test de-
vices and machines, Fig. 6.35. 

Each of the methods discussed above has its weaknesses and limits. However, 
if cavity length, paint erosion patterns, fluid- or solid-borne noise are measured 
for a given application, the damage risk can be evaluated quite comprehensively 
with relatively little effort. With flat pressure distributions at the impeller inlet one 
obtains (for instance), thin, translucent cavity fields and accordingly low sound 
signals. In this case Eq. (T6.1.6) may predict smaller erosion rates from the fluid-
borne noise than Eq. (T6.1.2) based on the cavity length. In such a case, 
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Eq. (T6.1.2) may yield a pessimistic prediction – provided the noise measurement 
is relevant. This is sometimes doubtful with low circumferential speeds and/or 
water containing gas. Conversely, if the cavity length, noise measurement and 
paint erosion all predict considerable erosion, future damage is highly probable. If 
both the fluid- and the solid-borne noises are measured, the uncertainties and the 
damage risk can be better evaluated. 

For developed erosion (above the threshold value) the relationships between 
erosion rate and cavity length, velocity and tensile strength or hardness have been 
confirmed through many tests, even if considerable scatter must be expected. Ac-
cording to [6.36] the pitting volume created by the implosions in a material (for 
instance) grows according to ER ~ wx×Rm

-y with x = 5.2 to 6.7 and y = 2.2; this 
agrees well with the exponents found in the above correlations. 

However, the traditional notion that cavitation erosion should depend on the 
flow velocity, is misleading. As Eqs. (6.1) and 6.2) demonstrate, the HCI depends 
on the pressure difference acting on an imploding bubble. While it is true that the 
pressure distribution depends on the square of the velocity, very different pressure 
differentials can be encountered at a given velocity. Examples are the differences 
between suction and pressure surface erosion (Fig. 6.29) or between erosion in an 
impeller and a venturi nozzle, [6.2]. 
Cavitation erosion only occurs if three conditions are fulfilled: 

1. Cavitation bubbles develop, which can be confirmed through visual or acoustic 
observation (fluid- or solid-borne noise). 

2. The bubbles must implode near a wall, which can be verified through paint 
erosion tests under controlled conditions. 

3. The absolute hydrodynamic cavitation intensity must exceed the cavitation re-
sistance: the implosion pressure pi must be greater than the fatigue strength Fs 
under cavitation. Equations (T6.1.12) and (T6.1.15 to 6.1.17) allow a quantita-
tive evaluation of the conditions:  
 * pi << FS: no risk is assumed. 

  * pi > Rm: a very intensive attack must be expected. 
  * pi > BHN (Brinell hardness): considerable damage must be expected. 

Finally it is stressed once more that all equations provided are only able to pro-
vide rough estimates which are subject to major uncertainties. Because of the ex-
traordinary complexity of the processes involved in cavitation erosion, anything 
different could hardly be expected. However, for the engineer’s evaluation of 
cavitation problems, the equations in Table 6.1 constitute the only method known 
today to consistently describe the relationships between the various parameters 
involved. The equations cover a wide range and are suitable for practical applica-
tion with little effort. As with all complex system problems, a careful analysis and 
interpretation of the observations and measurements in the plant are indispensable 
to prevent erroneous conclusions. 
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6.7 Selection of the inlet pressure in a plant 

As discussed with reference to Figs. 6.9, 6.10 and 6.14, extended cavities appear 
well before a measurable drop in head, such as NPSH3, is noticeable. To prevent 
noise, vibrations and erosion damage, the suction pressure in the plant (the 
NPSHA) for most applications must be set clearly above the NPSH3 (an exception 
is the cavitation control discussed in Chap. 11.2). Essential aspects for determin-
ing the NPSHA are: 

• the circumferential speed u1 at the impeller inlet 
• the impeller material 
• the medium pumped, its temperature and gas content 
• the required operation range (e.g. at partload recirculation or at Q > QSF) 
• the characteristics of the pump, the hydraulic quality of the impeller and the 

approach flow conditions, all of which have an impact on the cavity volume. 
Considering a given pump, whose required NPSH according to the various cavita-
tion criteria is known as a function of the speed and the flow rate, a sufficient 
NPSHA must be provided in the plant to allow safe operation of the pump (see Ta-
ble 2.2). To increase the NPSHA there are various possibilities: 
1. Installing the pump on a lower level or the suction vessel on a higher location 
2. Reducing the pressure losses in the suction line 
3. Installing a booster pump 
4. Increasing the gas pressure above the liquid level in a closed suction vessel. 

Conversely, if a given NPSHA is assumed, the type, speed and size of the pump 
to be utilized must be selected so that trouble-free operation throughout the load 
range is ensured. 

The criteria for trouble-free operation without damage are: 

C1: Covering the required operating range, e.g.: Is it possible to achieve the maxi-
mum flow rate demanded? (Chap. 11). 

C2: Avoidance of impermissible vibrations, pulsations and noise. 
C3: Limitation of cavitation erosion or achieving the specified impeller service 

life. 

Table 6.2 shows how the NPSHA can be established for various applications. It is 
stressed, however, that such data can only constitute rough recommendations that 
may frequently be conservative but cannot guarantee freedom of damage in prob-
lem cases.  
Explanations to Table 6.2: 

• Criterion C1 obviously must be satisfied in all applications. 
• An unsuitable impeller, unfavorable suction conditions or inlet casings, ex-

tended partload or overload operation require a higher NPSHA. 
• Depending on the type of fluid, a lower NPSHA may be sufficient. 
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Table 6.2 Selection of available NPSHA to ensure safe operation 
Purpose: this table allows to determine the available NPSHA necessary to ensure trouble-free opera-
tion. The following criteria are used: 
• C1: Ensure that pump can run in the entire range of operation, in particular at maximum flow 
• C2: Limit cavitation induced noise and vibration 
• C3: Avoid (excessive) cavitation erosion. 
u1 (m/s) Fluid Criteria Determination of the necessary NPSHA 

< 10 All NPSHA ≥ 1.25×NPSH3 
Minimum: NPSHA = NPSH3 + 0.6 m 

< 20 Hydrocarbons (except 
kerosene and similar) 

C1 (C2) 
Objective: ensure operation range; cover toler-
ances and uncertainties 
σA ≥ σ3 + FR FF {0.05 + 2 (u1/uRef)3} 
uRef = 100 m/s. Apply only for σA < σi 
Fluid factors FF 
Water with α > 5 ppm; t < 200 °C 1.0 
Sea water or other corrosive media ≥ 1.15 

10 to 50 Water 

Hydrocarbons with ΔTu > 5 °C 0.75 
Risk factors FR 
Operation at 0.8 < q* < 1.1 1.0 
Operation at partload recirculation 
or pressure surface cavitation at 
Q > QSF 

1.2 
20 to 60 Hydrocarbons 

C2, C3 

Non-uniform approach flow ≥ 1.1 

50 to 75 
Water 
 
Cr-Ni-steel 

C3 
 
C1 

Cavity length, cavitation noise or operation 
experience under the same condition, must be 
available for checking the impeller life accord-
ing to Table 6.1 

> 60  Hydrocarbons  
Cr-Ni-steel 

C1 
C2 

Cavity volume must be limited in order to 
avoid excessive vibrations, noise and pulsa-
tions  

> 75 Water at T < 200 °C 
Cr-Ni-steel 

C1 
C3 

NPSHA ≥ NPSHi Practically bubble-free op-
eration is necessary; otherwise damage after 
short periods of operation.  

10 to 25 C2 σA ≥ σ3 + FR FF {0.05 + 2 (u1/uRef)
3} 

uRef = 100 m/s 
> 25 

De-aerated water 
α < 5 ppm, T < 100 °C
Cr-Ni-steel C3 Very erosive; cavity volume or cavitation noise

must be limited, Table 6.1 
Minimum: NPSHA ≥ 1.25×NPSH3   or  NPSHA = NPSH3 + 0.6 m whatever is greater 

The safety factor on NPSH3 is defined as: FNPSH = 
3

A

3

A

NPSH
NPSH

σ
σ=  

The available NPSH determined in this way is only sufficient if the following is observed: 

1. The impeller is designed for an incidence at BEP i < 3° (to 5°).  
2. The approach flow is reasonably uniform (criteria are given in Chap. 11.7.3)  
3. There is no excessive vortex formation. 
4. The selected NPSHA is also sufficient for the maximum continuous flow. 

Caution: The above procedure is empirical and can give no guarantee in extreme cases. It may be 
conservative in other instances. 
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• “Hydrocarbons” stands for hydrocarbon mixtures with various boiling curves 
or other fluids that liberate weak implosion energies, where ΔTu > 5°C roughly 
applies according to Eq. (6.24). 

• A prerequisite for the application of Table 6.2 is the use of a suitable material. 
The information “Cr-Ni-steel” means that the material employed must at least 
be an equivalent to 1.4317 (G-X5 Cr Ni 13 4) or (ASTM A743 Gr CA 6MN). 

• Margins to the calculated NPSHA are necessary in the case of corrosive media. 
• At circumferential speeds above u1 = 50 m/s the risk of cavitation damage in-

creases rapidly, even if high-strength stainless steels are used. Only limited 
cavity lengths can then be permitted. Above tip speeds of u1 = 75 to 80 m/s the 
pump must be operated practically free of bubbles. The erosion risk can be 
evaluated using the methods discussed in Chaps. 6.6.3 to 6.6.8. This requires 
stroboscopic bubble observation, cavitation noise measurements or a reliable 
prediction of the cavity length or the NPSHi value. 

• For the ferritic steel 1.4317 (ASTM A743 Gr CA 6MN) the maximum permis-
sible cavity length required to reach an impeller service life of 40’000 hours 
was determined according to Table 6.1. Metal erosion of 6 mm in 40’000 hours 
was assumed for this calculation. The result is shown in Fig. 6.36. For other 
conditions it is possible to scale according to Eq. (6.31) unless the calculation 
according to Table 6.1 is preferred. 

• In particularly critical cases more accurate analyses and additional margins are 
recommended. 

35.0

IfRe

fRe,I
7.0

fRe,m

m
graph,caval,ca Le

Le
R

RLL
Δ
Δ

=  
Rm,Ref = 800 N/mm2 
LI,Ref = 40’000 h 
ΔeRef = 6 mm 

(6.31) 

0

50

100

150

200

0 50 100 150
NPSHA [m]

A
llo

w
ab

le
 c

av
ity

 le
ng

th
  [m

m
]

Cold water, gas content 24 ppm, or
boiler feedwater > 140 °C
Cold water, gas content 0.05 ppm

 
Fig. 6.36. Allowable cavity length as function of the NPSHA for steel 1.4317 (ASTM A743 
Gr CA 6MN) for an impeller life of 40'000 hours 
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• In pumps with unfavorable suction conditions and large sound-radiating casing 
surfaces (possibly with low wall thickness) the noise level can increase consid-
erably due to cavitation. If noise guarantees must be met, the NPSHA should be 
selected so that the pump operates far above NPSHo since, according to 
Chap. 6.5.2, the maximum cavitation noise must be expected near NPSHo. 

• Favorable operating experiences with a given pump in an identical application 
(u1, load range, fluid) may justify a lower NPSHA. 

Often the ratio of the NPSHA to the NPSH3 is used to define a safety margin 
FNPSH. This value can be easily determined when establishing NPSHA based on 
Table 6.2. 

Depending on the design of a specific impeller, entirely different cavity lengths 
must be expected for a given NPSH-margin FNPSH, see Fig. 6.14. Consequently, 
the NPSH-margin is not a universal measure for risks in terms of cavitation-
induced noise, vibrations and erosion. 

6.8 Cavitation damage: analysis and remedies 

6.8.1 Record damage and operation parameters 

To define suitable measures for solving cavitation problems, a careful analysis of 
the operating conditions is indicated. It comprises the following elements (for use 
as a checklist): 

• Record damage pattern and location: impeller inlet, suction surface, pressure 
surface, inlet, collector. 

• Intensity of the attack: maximum depth ΔEMax, LDamage measured from leading 
edge, Lstart, sketch, photo. 

• Operating parameters: Q, H, n, NPSHA = f(Q). 
• System characteristic and maximum flow rate. 
• Operation time at various operating conditions (histogram if required). 
• Pump design data: Qopt, Hopt with applicable speed; characteristics and NPSH-

curves (acceptance test). Does NPSH3 increase at partload? (This could point to 
an excessive impeller inlet diameter). 

• Material of component: tensile strength; material designation (chemical analy-
sis if required). 

• Fluid pumped: type, water analysis; corrosive agents, temperature, gas content 
• Geometrical data (here for impeller): d2,eff, d1, dn, ß1B (outside, center, hub), a1a, 

a1m, a1i, A1q (cardboard template), blade inlet profile (cardboard template, cali-
per).  

• Deceleration ratios: w1q/w1m and c3q/c2 at Qopt, Qmax and at the operating point. 
• If the blade inlet angles are not known, these can be estimated from 

ßA1 = arc sin (a1/t1). 
• Suction nozzle or diameter of suction bell. 
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• Impeller trim d2* = d2,eff/d2,nom (effective to nominal impeller diameter). 
• Pump control, transient and upset conditions, (type, frequency, duration). 
• Increase of water temperature at impeller inlet through the mixing with leakage 

flow and balance water upstream of the impeller; corresponding increase of va-
por pressure and drop in NPSHA. 

• Cavitation diagnosis with solid- or fluid-borne noise according to Chap. 6.6.5. 

Inlet conditions: 

• Dry pit installation: Bends, branches and valves generate non-uniform velocity 
profiles unless a pipe section of sufficient length is available to ensure reasona-
bly uniform flow. Two and more bends arranged in different planes create a 
swirl. (Remedy: turning vanes in the bends or installing a flow straightener up-
stream of the pump inlet nozzle).  

• Wet pit installation: Visual observation of the suction bay for surface vortices, 
swirl, ground vortices, vortices drawing air. 

• Inlet casing of between-bearing pumps: rib installed at the location where the 
two part-flows around the shaft meet? Ribs too thick or with unfavorable trail-
ing edge profile? 

Flow perturbations generated by the approach flow increase with rising flow rate. 
An unfavorable design of the inlet casing can result in vortex ropes or create im-
permissible distortions of the impeller approach flow. To analyze the inlet casing, 
criteria such as stream-wise area distribution and hub blockage must be utilized, 
Chap. 7.13. 

6.8.2 Forms of cavitation and typical cavitation damage patterns 

Cavitation can occur at the impeller blade inlet, in the impeller channels, on ribs 
in the inlet casing, in the collector and in the annular seals of the impeller or the 
balance device. Depending on the geometrical parameters of impeller, inlet and 
collector, the pump flow rate and the prevailing suction pressure, different forms 
of cavitation can develop. 

6.8.2.1 Cavitation damage at the impeller inlet 

Cavitation damage is mostly observed at the impeller inlet since this is where the 
lowest pressures occur in the pump. The erosion pattern frequently allows conclu-
sions as to the cause of the damage. The flow rate of shockless entry QSF and the 
cavitation coefficient σA = 2gNPSHA/u1

2 should be calculated according to the 
data from Chap. 6.8.1 since these quantities may be significant for the evaluation. 
Typical patterns of cavitation damage at the impeller inlet are shown in Table 6.3. 

• Frequently, attached cavities are observed on the blades (“sheet cavitation”), 
see Figs. 6.5 and 6.37 (the bubbles implode near the wall). Attached cavities 
can cause damage on the pressure surface at Q > QSF and on the suction surface 
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when Q < QSF. In the range Q ≈ QSF (or with variable operation conditions), 
damage can occur on the blade suction and pressure surfaces simultaneously. 

• The damage zone frequently starts close to the blade leading edge and roughly 
corresponds to the visually observed cavity length. The damage length will be 
longer if bubbles separate from the rear of the cavity and are transported down-
stream. Depending on the blade twist, incidence and approach flow, attached 
cavities can create damage over the entire width of the blade, or only near the 
outer or inner streamline. 

• With greater incidence angles, the cavities increasingly become detached from 
the blades, larger vortex-type bubble accumulations are torn off the rear of the 
cavity and swept downstream. Because of increasing pressure gradients, they 
have a high damage potential. The deceleration at the rear of the cavity in-
creases with the cavity thickness. 

• Flat pressure distributions result in translucent cavities of low thickness; hence 
the hydraulic cavitation intensity is low because the bubble volumes are small 
and the pressure gradients at the cavity rear are low. 

• The bubbles can implode on the blades or shrouds, in the free stream or on the 
opposite blade. If this occurs downstream of an air foil (e.g. in the case of axial 
pumps), the term “super-cavitation” is used. 

• Vortex cavitation: The pressure in the center of a vortex drops as the result of 
centrifugal forces (Chap. 1.4). When the vapor pressure is reached, bubbles 
form which are entrained by the flow. Vortices occur in shear layers, as corner 
vortices or as the result of excessive incidence near the hub, but also down-
stream of attached or detached cavities. The 3-dimensional effects in the fillet 
radii at the rear or front shrouds are difficult to estimate. Damage is frequently 
observed in this zone; it can be particularly severe near the hub (including pit-
ting on the shaft). Sometimes casting defaults occur near the fillet radii be-
tween blade and hub and pores are exposed as cavitation erosion progresses. 
Large pores give rise to additional vortices and thus increase cavitation bubble 
formation resulting in accelerated damage. 

• Long vortex ropes with a vapor core can be generated in the inlet casing of a 
pump. The vortex is cut by the blades when entrained by the flow into the im-
peller, Figs. 6.38 and 11.21. Due to the large cavity volumes involved, vortex 
ropes have a high potential for locally concentrated material erosion on the 
pressure surface of the blades. This problem must be rectified primarily 
through modifying the inlet casing. 

• Flow separation at the trailing edge of ribs in the inlet casing can generate vor-
tex streets which likewise may create cavitation bubbles once the vapor pres-
sure is reached. The vortex intensity increases with the flow rate. 

• Individual bubbles, which appear like pearls on the profile (“bubbly cavita-
tion”), are rarely observed in pumps. They present no risk of damage because 
of their small vapor volume. 

• The spiraling tip vortexes of propellers can cavitate as shown by Fig. 5.46. The 
vortex may be stable over one revolution. 
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Table 6.3 Cavitation damage 
Damage pattern Mechanism Possible cause Possible remedy 

 Blade suction surface, 
start near leading edge 
 
 

 

 

i1 

 
Attached cavity on suc-
tion surface (“sheet cavi-
tation”) Q < QSF 

• Damage near shroud 
• Damage near hub 

Incidence too large.
Unfavorable lead-
ing edge profile. 
Unfavorable flow 
distribution up-
stream of impeller. 
 
• β1B,a too large 
• β1B,i too large 

Operation at larger flow 
rate. Reduce blade inlet 
angle. Improve leading 
edge profile on suction 
surface. Reduce inci-
dence by means of inlet 
ring. Reduce impeller 
inlet diameter. 
Increase pre-rotation. 

 Within impeller 
channel on suction sur-
face 
 

 
possibly also on pressure 
surface, hub or shroud 

 

i1 

 
Cavitating vortices shed 
by long, thick cavities at 
Q << QSF 

Large incidence 
combined with low 
σA. 
σA < 0.15 to 0.3 
NPSHA too low. 
Unsuitable mate-
rial. 

Reduce impeller inlet di-
ameter. Reduce inlet an-
gle. Increase NPSHA. 
Better material. 
Possibly: drill holes into 
blade to allow flow from 
pressure to suction sur-
face. 

 Blade pressure sur-
face, outer half of blade, 
start near leading 
edge
 

 

 

i1 

 
Attached cavity on pres-
sure surface, Q > QSF 

Negative incidence.
Unfavorable lead-
ing edge profile. 
Excessive flow 
rate. 

Reduction of flow rate. 
Cut back blade and pro-
file on pressure surface. 
Improve leading edge 
profile. 

 Blade pressure sur-
face, outer half of blade, 
start near leading edge 
 
 

Cavity clouds in channel 
due to recirculation  

 

Intensive recircula-
tion due to exces-
sive flow decelera-
tion (d1, A1q, β1B 
too large). 
q* too small. 

Increase flow rate. 
New impeller with re-
duced d1, A1q, β1B. 
Inlet ring: Fig. 6.39. 
Reduce recirculation. 

Blade 
pressure 
surface 
near 
hub 

 Lcav

com 
u1 

Negative incidence 
on hub due to recir-
culation. 

Reduce recirculation. 
Improve leading edge 
profile (by grinding). 
Reduce pre-rotation. 

 Metal loss on hub, 
shroud or in fillet radii 

 

corner vortex due to 
large incidence 

Inlet angle not cor-
rect. 
Fillet radii too 
large. 
Inlet flow perturba-
tion. 

Match inlet angle, possi-
bly cut back blade and 
grind profile. 
Grind fillet radii. 

 Gap cavitation in 
open impellers 

ω
 

High blade loading.  

ω
 

Rounding of blade edge 
on pressure surface 
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• Gap cavitation in open impellers (e.g. axial pumps or semi-axial impellers) or 
the adjoining casing part which is frequently – and wrongly – made of a less 
cavitation-resistant material than the impeller. 

• Partload recirculation mostly creates damage on the blade pressure surface. 
Frequently the erosion produces sharply defined zones in the outer half of the 
blade span. Sometimes it is difficult to determine from the damage pattern 
whether the cavitation is due to partload or overload operation. Since the local 
static pressure on the blade leading face is greater than on the suction surface, 
and since large bubble formations are often generated during recirculation, re-
circulation-induced cavitation damage can be very serious indeed.  

• Extensive recirculation with small q* can also cause damage on the blade pres-
sure surface near the hub. The recirculating fluid creates a strong pre-swirl near 
the hub which results in large flow angles and creates flow separation on the 
pressure surface, Table 6.3, item 5. 

• When operating with very low cavitation coefficients A (e.g. condensate 
pumps or inducers) very long cavities develop. Downstream of these, vortex-
type bubble formations separate which are transported far into the impeller 
channels. There they can lead to damage on the suction or pressure surface and 
on the rear or front shrouds. Sometimes this type of damage can be alleviated 
by drilling small holes in the zone between blade leading edge and the throat. 
Some water flows from the pressure to the suction surface through the holes 
with the result that the bubbles no longer implode near the blade. (Balance slots 
near the leading edge are discussed in [6.43].) 

As discussed in Chap. 6.1.2, only the bubbles that implode close to the material 
surface are effective in causing damage. For this reason, even minor changes in 
the geometric shape can have a major effect on the extent of the damage if the dis-
tance of the bubble implosion from the material is modified as a result. Experience 

 
Fig. 6.37. Attached cavities, Sulzer Pumps Fig. 6.38. Vortex rope generated in the 

inlet; the vortex is cut by the blades  
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confirms that the erosion pattern can vary significantly from blade to blade even if 
the geometrical deviations of the blade geometry are hardly measurable. This is 
particularly true for operation near cavitation inception. 

6.8.2.2 Cavitation damage at impeller outlet, in the collector or in the 
inlet casing 

Although cavitation damage is most frequently observed at the impeller inlet, ero-
sion sometimes occurs at other locations:  

• In rare instances, localized erosion is observed at the impeller outlet in high-
pressure pumps on the blade trailing edges and/or on the shrouds. The damage 
is created through unsteady excess velocities which occur when the impeller 
blades pass the diffuser vanes (or the volute cutwater), Chap. 10.1. Profiling on 
the pressure surface or increasing the distance between impeller blades and col-
lector are possible remedies. Care must be taken when increasing this distance 
since this can shift the best efficiency point or render the Q-H-curve unstable. 
If the problems cannot be solved in this way, a redesign of the impeller with 
lower blade loading at the outlet should be considered. 

• Localized damage near the diffuser vane leading edges or the volute cutwater is 
usually due to unsteady excess velocities from the impeller outflow. Such dam-
age occurs at partload operation. In addition to profiling the impeller blade 
trailing edges on the pressure surface and increasing the distance, the diffuser 
vane inlet or the volute cutwater would have to be profiled to produce a more 
favorable flow if the damage occurs near the leading edge (e.g. elliptical pro-
files). Otherwise, a better material should be selected, Chap. 14.  

• Extensive damage in the impeller channels near the outlet and/or in the diffuser 
point to operation with full cavitation. At high circumferential speeds, material 
pitting during full cavitation can occur even after a short time (for instance due 
to incorrect operation of the pump or transient conditions). 

• A speed-controlled pump can get into full cavitation if it is to operate with re-
duced head at the design flow rate. This can happen if the pump is over-sized 
or the plant requirements were overestimated or changed. When the speed is 
reduced in accordance with the required discharge pressure, the NPSH3-curve 
shifts towards smaller flow (see Fig. 11.5), Q/QSF increases and the NPSHA and 
NPSHFC curves intersect at the operating point. With an over-sized multistage 
pump the associated loss in head of the first stage is hardly noticeable in opera-
tion. As a remedy, operating mode and control of the pump, including tran-
sients, should be analyzed in order to decide whether the operating parameters 
can be changed or a new impeller has to be designed for a suitably larger QSF. 

• Cavitation damage in the inlet casing is usually caused by partload recircula-
tion. Gap cavitation can occur near the annular seal. The bubbles created 
through the recirculation can cause material erosion on ribs or the casing up-
stream of the impeller inlet. If the damaged parts are made of gray cast iron or 
nodular cast iron, more cavitation resistant materials will provide a remedy. 
Sometimes it is sufficient to cut back and profile the ribs. If the impeller is in-
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correctly designed or unsuitable for the effective operating conditions, the 
measures discussed in Chap. 6.8.3 can be considered (refer also to Table 6.3). 
In addition, improvement can sometimes be achieved through an inlet ring or 
inlet diffuser; various options are shown in Fig. 6.39. 

• With open impellers, gap cavitation can cause damage to the casing especially 
when cast iron or nodular cast iron is used. A better material should be em-
ployed as a remedy (replace the entire part, add a ring or apply a weld overlay, 
if a weldable material was used). 

• Gap cavitation in annular seals on the impeller or balance devices. 

 

ϑ

a) b) c) d)

dR  
Fig. 6.39. Improvement of partload behavior if impeller inlet is excessively large, [6.17]. 
a ring rotating with impeller; b orifice; c inlet diffuser; d recirculation brake, [6.35] 

6.8.3 Reduction or elimination of cavitation damage 

Table 6.3 provides an overview of damage patterns, possible damage mechanisms, 
causes and remedies. In addition to the measures shown all kinds of cavitation 
damage can be reduced by:  

1. Increasing the NPSHA in order to reduce the bubble volume. This measure is 
always favorable although the driving pressure differential increases with rising 
NPSHA. 

2. Using a more cavitation resistant material. If the damaged component was 
made of grey cast iron, nodular cast iron or bronze, it is indicated in most cases 
to employ a better material since it is rarely possible to sufficiently reduce the 
bubble volume by modifying the components. 

3. If high-strength nickel chromium steels were used, the potential for improve-
ment through another material is limited. Through tempering to higher tensile 
strength, choice of another alloy or special materials the cavitation resistance 
can be improved to some extent. The corresponding improvements can be 
quantitatively evaluated using Table 6.1. 

4. Analyzing and optimizing the impeller design, i.e. optimizing inlet diameter, 
inlet angles and angle development, meridional section, blade profile and de-
celeration ratio. 

5. If the inlet provides an approach flow which varies strongly around the circum-
ference, an optimization of the impeller does not necessarily solve the problem. 
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Rather, the approach flow should be analyzed in order to devise ways for im-
provement. 

6. When operating with large bubble volumes, i.e. σA < 0.3 to 0.35, the remedy 
frequently consists of a more cavitation-resistant material since the bubble vol-
ume cannot be sufficiently reduced, unless the blades operate at excessive inci-
dence. The blade inlet profile has only a minor effect in the case of large cavity 
lengths or at low σA. 

7. If partload recirculation was established as the cause, the following measures 
should be considered: 

     A. Reduction of impeller inlet diameter (paying attention to the maximum de-
manded flow rate) 

     B. Reduction of the impeller inlet diameter by installing a rotating ring, an ori-
fice or an inlet ring with diffuser (Fig. 6.39). The following recommendations 
can be derived for dimensioning from [6.23] and [6.17]: 

 dR/d1 = 0.93 to 0.96 for ν = dn/d1 > 0.35 
 dR/d1 = 0.90 to 0.95 for axial suction with ν = 0 
 diffuser opening angle ϑ = 5 to 10° 

     dR is the smallest diameter of the inlet ring, ϑ is half the opening angle of the 
diffuser, Fig. 6.39. 

8. In the case of gap cavitation on open impellers the excess velocity in the gap 
(i.e. the jet contraction) can be reduced by rounding the blade edge on the pres-
sure surface according to Table 6.3, [6.25]. 

6.9 Insufficient suction capacity: Analysis and remedies 

If the measured NPSH3 = f(Q) does not correspond to design or attempts are made 
to improve the suction capability, the problem can be analyzed using Table 6.4. 
Before carrying out corrections on the impeller, the following checks should be 
made: 

1. As with the analysis of performance deficits, the measurements must be 
checked and the impeller inlet measured. The relevant information is provided 
in Chap. 4.6. 

2. During all NPSH-tests, care should be exercised to avoid falsifying the meas-
urements by free gases separating in the suction line. 

3. Check the quality of the approach flow through the suction piping and intake 
bay according to Chap. 11.7. 

4. Machining allowances made at the blade leading edges lead time and again to 
cavitation problems due to manufacturing errors. Any machining allowance 
should be clearly indicated on the drawings; it should be applied to the suction 
surfaces since the pressure surfaces of the blades are difficult or impossible to 
access for machining operations. Templates are required for grinding, 
Chap. 15.3. 
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Table 6.4 Analysis of NPSH-Problems  
Problem/findings Possible causes Possible remedies 
1. NPSH at q* > 1 

 too high (at q* < 1 
correct) 

1. Air separation, if excessively 
throttled in the suction pipe 
 

2. A1q too small, β1B too small 
 

3. Cavitation in diffuser or volute 
4. Pre-rotation 
5. Leakage too high (Qsp, QE) 

1. Increase test speed, under-water 
valve, de-gassing of water 

2. Cut back blade at leading edge 
inlet and profile on pressure sur-
face 

3. Increase A3q (BEP moves to lar-
ger flow!) 

4. Check inlet flow conditions 
2. NPSH3 increase at 

partload (NPSH3 at 
q* >> 1 too low) 

Inlet diameter d1 or A1q too large Possibly inlet ring, Fig. 6.39 
Analyse approach flow angle β1 ; 
see Table 7.1 
Possibly new impeller 

3. NPSH3 too high at all 
flows ratios q* 

1. A1q too small, β1B too small 
(blades too long) 

2. Blade manufacturing allowance 
not removed correctly, or applied 
on pressure surface 

3. Inlet losses too high 

1. Cut blades back at leading 
edge; profile on pressure sur-
face 

2. Check impeller, correct as nec-
essary 

4. Cavitation noise at 
partload 

Inlet recirculation too strong: impeller 
inlet diameter d1 or A1q too large 

Possibly inlet ring according to  
Fig. 6.39 

5. Cavitation noise at  
q* > 1 

1. Pump runs at excessive flow 
(compared to BEP or shockless) 

2. Unfavourable inlet with poor ve-
locity distribution around circum-
ference. Ribs or flow splitters in 
inlet too thick (vortex shedding) 

3. Vortex formation in sump 

1. Measure flow rate in plant to as-
certain need for retrofit impeller, 
if any.  
Profile rib according to Ta-
ble 10.13 

2. Analyse contours of inlet casing 
or sump.  

6. NPSH3 at partload 
too high (axial inlet) 

1. Error in suction pressure meas-
urement due to pre-rotation 
 
 

2. Impeller inlet diameter excessively 
large 
Excessive vane loading near inlet 
with high nq impellers 

1. Measure suction pressure up-
stream of flow straightener, flow 
splitter etc. Chapt. 5.2.4 and. 
Fig. 5.16 

2. Inlet ring according to  
Fig. 6.39 

3. Impeller re-design 

7. NPSH3-curve with 
sharp peak at part-
load 

Switch of impeller flow pattern trig-
gered by cavity  

Chap. 5 
Lit. [6.26] 
Possibly new impeller with lower 
blade loading on outer streamline 

  



7 Design of the hydraulic components 

7.1 Methods and boundary conditions 

7.1.1 Methods for the development of hydraulic components 

This chapter deals with one-dimensional calculation procedures and design meth-
ods for impellers, volute casings, diffusers and inlet casings. For developing these 
components, the main dimensions and blade angles are calculated in a first step. 
Subsequently, the hydraulic contours are designed based on certain rules and 
methods. Many pump manufacturers employ computer programs for this work, 
and the drawings are generated on 2D-CAD systems. However, these methods are 
also increasingly replaced by 3D-CAD systems with which fully three-dimensio-
nal geometry models of a component can be created, Fig. 2.2A and Fig. 7.45. The 
complex hydraulic channels can be evaluated better with such models than with 
the conventional two-dimensional representations in various sections and views. 
Even more importantly, 3D-CAD systems provide the capability to directly manu-
facture the hydraulic components (or the casting patterns) by NC milling, stereo li-
thography or other fast-prototyping processes, [7.1]. The advantages of such proc-
esses are evident in terms of geometrical accuracy and lead times (not in the least 
also for model tests with milled or stereo-lithographed components). Since manual 
designs on the drawing board are rather the exception, the subsequent discussion 
of the design methods emphasizes the fundamental aspects of the design processes 
rather than a very detailed description of geometrical operations. 

The development of hydraulic components often comprises the following steps: 

1. Calculation of the main dimensions and blade angles by one-dimensional meth-
ods based on empirical correlations for slip factors and hydraulic efficiencies 
(based on databases and experience), Chap. 3. 

2. Generating an initial design. 
3. Optionally, quasi-3D methods can be applied to impellers for a pre-optimi-

zation of the design (“Q-3D”, see Chap. 8.2). 
4. Verification or optimization using 3D-Navier-Stokes programs where the ge-

ometry is changed, if required, until a satisfactory result is obtained. 
5. Works or model tests for verification (and further optimization if necessary). 

Frequently step (3) is skipped since Q-3D methods operate with velocity distribu-
tions that may considerably deviate from the reality (Chap. 8.2). 

Efficiency, head, partload characteristics and cavitation depend on the local ve-
locity and pressure distribution which cannot be captured in simple calculation 
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and design processes. For this reason, all one-dimensional design methods are af-
fected by uncertainties – even if derived from a large number of tests. Ultimately, 
it is the combination of the various geometry parameters and the shaping of the 
channels and blades that produce good hydraulics; these effects cannot be forced 
into unequivocal design rules. Experience still plays a crucial role in the hydraulic 
design, since empirical correlations, statistical data or “design methodologies” 
form the basis of the majority of pumps available on the market. Published design 
recommendations differ considerably; hydraulic components designed by different 
methods can nevertheless produce equivalent results. For instance, impellers can 
be designed for a specific pumping task with very different geometric parameters 
(e.g. blade angle, blade number, outlet width, blade twist etc.) and may achieve 
essentially the same efficiency and the same head coefficient. 

7.1.2 The hydraulic specification 

Depending on the pump type and application, the hydraulic design must meet a 
number of requirements and boundary conditions. Prior to starting the actual de-
sign, a hydraulic specification should be established thoroughly (obviously it is 
not necessary to specifically consider the following points in every application): 

7.1.2.1 The calculation is invariably based on the best efficiency point, defined 
by: Qopt, Hopt at a specified speed n. If the planned main operating point, 
or the rated flow QR, in the plant does not coincide with the best effi-
ciency point, the design flow rate Qopt should be selected so that the con-
dition 0.8 < QR/Qopt < 1.1 is satisfied. 

7.1.2.2 The maximum flow rate Qmax should be defined to check the cavitation 
characteristics. To do so, the planned mode of operation must be known 
(important, for instance, in parallel operation, Chap. 11.1) 

7.1.2.3 The suction conditions (NPSHA) have a large impact on the design in 
many cases, refer also to Chap. 15. 

7.1.2.4 In most applications a “stable” Q-H-curve is demanded where the head 
rises continuously when the flow rate is reduced. 

7.1.2.5 The shut-off head Ho is often limited because of its impact on pipeline 
design pressure and costs. At nq < 40, a head rise of 1.2 < Ho/Hopt < 1.25 
is desired (as close as possible to, but not lower than, 1.2). 

7.1.2.6 With semi-axial and axial pumps nq > 100, both shut-off head Ho and 
power Po must be kept as low as possible because Po determines the size 
of the motor when Po > Popt. 

7.1.2.7 The cavitation characteristics must satisfy three criteria: (1) the pump 
must be able to operate in the planned range; (2) cavitation noise and vi-
brations must be limited; (3) no cavitation damage, Chap. 6.7. 

7.1.2.8 To reduce pump size and costs, the head coefficient is frequently selected 
rather near the upper limit – except in cases where a steep Q-H-curve is 
explicitly demanded. 
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7.1.2.9 With respect to energy costs, and for ecological reasons, the highest pos-
sible efficiency must be aimed at (the energy costs are often capitalized 
and rated at 2000 to 5000 $ per kW of pumping power). 

7.1.2.10 The hydraulic configuration is – sometimes profoundly – affected by the 
requirements of the mechanical design such as: the pump type, the longi-
tudinal section of the pump, the required shaft diameter (criteria: torque, 
sag due to gravity or radial thrust, critical speed), impeller mounting 
(slide-fit, shrink-fit, shaft protection sleeves), annular seal clearances, ax-
ial thrust balancing (leakage) and the manufacturing costs. 

7.1.2.11 The manufacturing process envisaged for the hydraulic components 
and/or the patterns may have an influence on the hydraulic design as 
well, e.g. on the draft to be applied on the blades for cast components or 
if sheet metal is used for making the impellers and diffusers. Likewise, 
the materials must be considered e.g. metal versus plastics or ceramics. 

7.1.2.12 The hydraulic excitation forces and pressure pulsations must be limited 
to an allowable magnitude. 

Consequently, a pump must by not be optimized only for the best efficiency point 
but the entire operating range of Q = 0 to Qmax should be implicitly considered in 
the design. Since there is no comprehensive theory satisfying all of the listed re-
quirements, usually the hydraulic design is based explicitly or implicitly on ex-
perience, statistical data, empirical approaches or proven similar hydraulics. Even 
if numerical methods are employed for further optimization, it is expedient to per-
form the initial design on such bases, since partload and cavitation characteristics 
cannot be controlled sufficiently in a wide operating range utilizing numerical 
methods. 

7.1.3 Calculation models 

The main dimensions and blade angles of impeller and collector are selected ap-
plying one-dimensional methods so that the requirements listed above are satisfied 
as much as possible. During this calculation, impeller and diffuser can either be 
idealized as “cascades” or as “channels”. Both models have some justification and 
are therefore briefly outlined: 
Cascade model: Impeller and diffuser are considered as cascades. Consequently, 
the calculation focuses on matching the (geometrical) vane angles to the flow an-
gles. Accordingly, the design is based on the velocity vectors, incidences and the 
slip factor. At partload and overload, losses due to excessive incidence are consid-
ered to play a critical role. Calculating cavitation according to Eq. (6.10) is also 
based on the idea of a flow around a profile. C. Pfleiderer can be considered as a 
proponent of the cascade concept, [B.1]. 
Channel model: Impeller and diffuser consist of channels whose cross sections 
change along the flow path. Deceleration or acceleration conditions are therefore 
the relevant physical quantities (instead of the angles of incidence and deviation). 
The channel model does not exclusively utilize velocity vectors but rather consid-
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ers the velocities calculated from the continuity equation as w = Q/A with the lo-
cal cross section of the channel. A complete calculation method according to the 
channel model is not known – it would also be hardly sensible to ignore the inci-
dence at the impeller inlet – but H.H. Andersons “area ratio method” goes in that 
direction, [B.4] and [B.11]. Instead of determining head and impeller outlet angle 
via slip coefficients, the design is based on the area ratio Av, which relates the 
cross section A2q = a2×b2 between the blades at the impeller outlet to the throat 
area of the collector A3q = a3×b3. The following relationships apply: 

• The area ratio is defined by:  Av = zLa×A2q/(zLe×A3q) 

• Cross section at the impeller outlet: zLa×a2×b2 ≈ 0.95×π×d2×b2×sin β2B 

• Cross section at diffuser inlet: zLe×a3×b3 

The main dimensions are then determined in the following way: 

1. Select a value for AV based on statistical data of executed pumps from the cor-
relation: Av = (42 to 53)/nq 

2. Obtain ψth and c3q/u2 from empirical functions that can be approximated by:
 ψth = Av

0.23  and:  c3q/u2 = 0.31×Av
0.45 

3. Estimate the hydraulic efficiency (Table 3.9), determine ψ = h×ψth, calculate 
d2 from Eq. (T7.1.3). Calculate u2 and c3q = u2×(c3q/u2) 

4. Select the number of diffuser vanes or volute channels and determine the throat 
area of the collector from A3q = Qopt/(zLe×c3q). 

5. Select b2* from Fig. 7.2 and the number of impeller blades. Calculate b2 and 
A2q from A2q = Av×zLe×A3q/zLa. 

6.  The distance between the impeller blades a2 is determined from a2 = A2q/b2. 
The outlet angle β2B is finally determined so that the required a2 is obtained. 

Both models are incomplete idealizations of the complex flow processes in a 
pump. Determining the impeller outlet angle – as outlined above – according to 
the channel model appears neither expedient nor does it afford any physical in-
sight since the approach is purely empirical. However, the channel model can pro-
vide a meaningful addition to the cascade model since it better explains some ex-
perimental facts and allows checks of the design according to additional criteria: 

• The Q-H-curve falls steeply when the fluid at q* >> 1 is accelerated from the 
impeller outlet to the collector throat area. Then some of the static pressure 
generated in the impeller is re-converted into kinetic energy which is only re-
cuperated downstream of the throat area with increased losses, Fig. 5.18. In the 
case of a diffuser, the “shock losses” generated by increased incidence could be 
considered as the cause of the steeper gradient of the Q-H-curve. However, in 
the case of a volute or annular collector the effects of incidence are negligible. 

• Reducing the throat area of the collector increases the head at partload since 
c3q/c2 increases and the flow is better able to follow the imposed deceleration. 
That way the onset of stall is retarded and zones of stalled fluid are reduced, 
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Fig. 5.18. This phenomenon is hardly affected by the cutwater or diffuser vane 
inlet angle and poorly explained by the cascade model. 

• The NPSH3 curve increases steeply if the flow vector w1 at the impeller inlet is 
greatly accelerated towards the throat area, Fig. 5.13 (w1q >> w1). 

• As explained in Chaps. 4.1.3, 5.2.4 and 5.3.1, the flow in the impeller and col-
lector separates mainly when an allowable deceleration has been exceeded and 
less because of excessive incidence. 

• If angles and channel cross sections are not well matched it is necessary to use 
the blade distances a1 and a2 (or A1q) as design criteria in addition to the blade 
angles. 

Since blade angles and channel cross sections have to match the intended flow, 
cascade and channel models are jointly used in the design procedures discussed in 
this chapter. 
Airfoil model: If the blades are widely-spaced (low L/t), it is also possible to ap-
ply the airfoil theory. The lift coefficients of the individual airfoil may then be 
corrected to account for the influence of neighboring blades using suitable correc-
tions, (Chap. 7.6). 

7.2 Radial impellers 

The methods for impeller design discussed in this chapter are essentially generic. 
Based on these methods, radial impellers for pure fluids can be developed without 
additional information. Semi-axial impellers are treated in a similar way; however, 
some particular aspects must be considered which are explained in Chap. 7.5. 
Methods for axial impellers are presented in Chap. 7.6. 

The procedure is the same for open and closed impellers; in the case of large 
clearances the performance loss must be considered as per Chap. 3.6.5. 

7.2.1 Determination of main dimensions 

Prior to actually drawing an impeller, the main dimensions and blade angles must 
be determined. The relevant calculation is explained step by step in the following; 
the required equations are listed in Table 7.1. 

1. Given quantities: n, Qopt, Hopt and the boundary conditions as per Chap. 7.1.2. 
As a result, the specific speed nq can be calculated without which a meaningful de-
sign would scarcely be possible. Additionally, the approach flow conditions must 
be defined. In many applications the approach flow angle is α1 = 90°, and the cm-
distribution over the approach flow cross section is assumed constant. 
2. Efficiencies: To calculate the head, the hydraulic efficiency has to be assumed; 
the equations in Table 3.9, or Figs. 3.27 to 3.29, can be used for this purpose. In 
general the hydraulic efficiency should be assumed conservatively in order to 
avoid the risk of a deficit in head. 
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The volumetric flow through the impeller exceeds the useful flow rate by the 
annular seal leakage losses and the balance water flow, Eq. (T7.1.1). These volu-
metric losses must initially be estimated for the impeller calculation, Chap. 3.6, 
Eqs. (T3.5.9 and 3.5.10). The balance water flow can be calculated when the axial 
thrust balance device (if any) has been dimensioned. 
3. Shaft diameter dw: Apart from the criteria mentioned in item 7.1.2.10, the 
torque has to be transmitted. When the material and the allowable sheer stress τal 
have been selected, the minimum required shaft diameter can be calculated from 
Eq. (T7.1.2). To satisfy all criteria given in item 7.1.2.10, it is frequently neces-
sary to increase the shaft diameter above the minimum that has been calculated 
based on the torque only. 
4. Impeller outer diameter d2: The head coefficient is selected from Fig. 3.21 
and the impeller outer diameter d2 is calculated from Eq. (T7.1.3). In order to 
achieve a stable Q-H-curve, good partload behavior and acceptably low hydraulic 
excitation forces, the head coefficient ψopt must be limited. The range of typical 
head coefficients is shown in Fig. 3.21 as a function of the specific speed. If ψopt is 
selected in the upper range of the band, flatter Q-H-curves and smaller impeller 
diameters are obtained, but the risk of a Q-H-curve instability increases. Head co-
efficients near the lower limit of the band lead to steeper Q-H-curves with less risk 
of instability. If extremely steep Q-H-curves are demanded, it is obviously possi-
ble to select ψopt below the range in Fig. 3.21 – but the pump becomes correspond-
ingly larger and more expensive. 

With low specific speeds (below nq = 20 to 25) one tends to obtain better effi-
ciencies with high head coefficients since the impeller disk friction loss falls with 
the 5th power of the impeller diameter, Eq. (T3.6.2). The smaller nq, the greater is 
this influence. With nq > 50 the impeller disk friction effects are insignificant and 
turbulent dissipation due to uneven velocity distributions largely determines the 
efficiency; in this case a high head coefficient tends to be rather unfavorable. 
5. Impeller blade number zLa: The selection of the blade number zLa depends on 
various criteria: 
A. To reduce pressure pulsations and hydraulic excitation forces, impeller and dif-
fuser blade/vane numbers must be matched according to Chap. 10.7.1: zLa and zLe 
must be selected so that the values m = 0 and m = 1 for the parameter 
m = ⏐ν2×zLa - ν3×zLe⏐ are avoided up to ν2 = 3 and ν3 = 3. 
B. The hydrodynamic blade loading should be in an optimum range: If the loading 
is too low, unnecessarily high friction losses must be expected. If the loading is 
too high, the turbulent dissipation losses increase due to uneven flow distribution. 
The blade loading can only be verified after completing the impeller design. This 
can be done using empirical values for the blade loading in step 14. 
C. Eight and more blades are not normally recommended out of consideration of 
the stability of the Q-H-curve. 
D. Less than 5 blades are unfavorable for high heads per stage since the impeller 
outlet flow becomes very non-uniform over the circumference due to the large 
blade spacing. The consequence would be unnecessarily high pressure pulsations, 
noise and vibrations. Therefore avoid zLa < 5 for Hst > 100 m. 
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Based on the above criteria most radial and semi-axial impellers are designed in 
a range of approximately 10 < nq < 120 with 5 to 7 blades. If no stable Q-H-curve 
is required since the plant only demands a narrow operating range near the best ef-
ficiency point, 9 blades are also designed (impellers with straight radial blades are 
discussed in Chap. 7.3.3). 

At high specific speeds the ratio of blade length to blade pitch (“solidity”) gains 
significance as a design criterion. The criteria A to D are sufficient for selecting 
blade numbers if used together with correlations for suitable hydrodynamic blade 
loading. Empirical formulae for blade number selection (as sometimes published) 
are not helpful because they are likely to violate the various criteria discussed 
above. 
6. Impeller inlet diameter d1: The choice of the inlet diameter depends on the re-
quirements made on the cavitation characteristics. Three cases are distinguished: 
A. Dimensioning for minimum relative velocity at the impeller inlet: This de-
sign tends to minimize leakage, friction and shock losses. It is recommended when 
the available NPSHA is sufficiently high so that cavitation is avoided. This is true, 
for example, for the second (and following) stages of multistage pumps (“series 
stages”). The minimum of the relative velocity w1 is obtained from 
w1

2 = c1m
2 + (u1 - c1m/tan α1)2, with c1m = 4×Q/{π(d1

2 - dn
2)} and u1 = π×d1×n/60, 

by differentiation of ∂w1/∂d1. Setting the expression obtained to zero, one solves 
for the inlet diameter d1,min and obtains Eq. (T7.1.4), where pre-rotation (if any ) is 
covered iteratively by the swirl number δr. The inlet diameter is selected several 
percent above the minimum thus calculated to allow for secondary effects such as 
boundary layer blockage and uneven velocity distributions. Thus d1 = fd1×d1,min is 
obtained with recommendations for the factor fd1 given in Table 7.1. 
B. Design for a selected suction specific speed: For suction impellers a suction 
specific speed nss suitable for the intended application is chosen from Table D6.1. 
With the selected nss the approach flow angle β1a is read from Fig. 6.21 and the 
inlet diameter is calculated from Eq. (T7.1.5). The inlet diameter can also be de-
termined somewhat summarily from Eq. (T7.1.4) with a correspondingly larger 
factor fd1 (Table 7.1). 
C. Design for selected λ-coefficients according to Chap. 6.3.2: Equation (T7.1.6) 
offers an alternative route to calculate d1 when the coefficients λc and λw are cho-
sen. The recommendations given in Table D6.1 should also be considered in this 
context: If the circumferential speed u1 is high, the inlet diameter and the suction 
specific speed should not be selected too large. 

According to Chap. 6.3.2, Eq. (T7.1.6) yields the inlet diameter at which the 
required NPSHR reaches its minimum for specified values of flow rate and rotor 
speed with given λ-coefficients. As discussed in Chap. 6.3.2, these coefficients are 
not well known since they depend on the impeller geometry and the approach 
flow. Consequently, the optimum inlet diameter calculated from Eq. (T7.1.6) is 
uncertain as well. In order to be able to evaluate the sensitivity of the required 
NPSHR to changes of the λ-coefficients and the impeller inlet diameter, it is con-
venient to calculate NPSHR = f(d1) for various values of λw from Eq. (6.10) and to 
plot it in a graph. Figure 7.1 shows an example of such a calculation. The smaller 
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Fig. 7.1. Optimization of the impeller inlet diameter d1 

the value of λw, the greater is the inlet diameter at which NPSHR reaches its mini-
mum. At the same time, this minimum becomes flatter; hence the inlet diameter 
can be selected somewhat below the mathematical minimum without significant 
loss in suction capacity. 
D. Dimensioning for minimum NPSHi: Suction impellers of high-pressure 
pumps with u1 > 50 m/s must be designed for short cavity lengths to avoid cavita-
tion damage. Above u1  75 m/s the impeller must be operated virtually without 
any cavitation. The inlet diameter can be calculated from Eq. (T7.1.6), into which 
the coefficient for cavitation inception λw,i must be entered, Fig. 6.2 and Ta-
ble D6.3. Since these values depend sensitively on blade profile, incidence and 
non-uniformities of the approach flow, CFD-calculations of the pressure distribu-
tion are useful to verify the design, Chap. 8. 

As is evident from Figs. 6.19 and 6.20 and discussed in Chap. 6.3, the λ-coeffi-
cients and suction specific speeds are subject to a large scatter since many influ-
ence parameters are ignored in this simple approach. Sizing the impeller inlet on 
the basis of above concepts therefore implies some uncertainty. The risk of cavita-
tion problems (vibrations, noise and erosion) should be evaluated according to 
Chap. 6 and Tables 6.1 and 6.2 when determining the impeller inlet geometry. 
7. Blade inlet diameter at the inner streamline d1i: The lower limit for d1i is 
usually given by the method of mounting the impeller on the shaft. For between-
bearing impellers and nq < 25 to 30, the diameter d1i should be selected as close as 
possible to the lower limit in order to improve the stability of the Q-H-curve. With 
overhung impellers and high specific speeds, d1i should not be selected too small 
since very large blade inlet angles would be obtained. These cause excessive flow 
separations near the hub during partload operation. 
8. Impeller blade inlet angles: Once the impeller inlet diameter has been deter-
mined from step (6), it is possible to calculate all quantities of the inlet velocity 
triangle according to Table 3.1. The blade inlet angle is obtained by adding the in-
cidence i1 to the flow angle β1' (with blade blockage) from Eq. (T7.1.7): 
β1B = β1' + i1. The incidence should be selected between 0 and 4°. The flow rate of 
shockless entry according to Eq. (T.3.1.10) is thus commonly slightly above the 
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best efficiency point. With increasing tip speed u1 at the impeller inlet, lower inci-
dences should be chosen in order to reduce the thickness of the cavities and hence 
the risk of cavitation damage. 

Instead of using the incidence, it is also possible to apply an “angle exaggera-
tion”. This constitutes the ratio of the blade angle tangent to the tangent of the 
flow angle with blockage and is defined as aex = tan β1B/tan β1'. For radial impel-
lers aex = 1.1 to 1.2 may be assumed and for semi-axial impellers aex = 1.05 to 1.1. 
If the impeller is designed for low NPSHi, aex = 0.95 to 1.05 can be selected. 

The above calculation of the flow and blade angles is performed for the outer, 
mean and inner streamlines (with high nq use 5 or more streamlines). The merid-
ional velocity cm upstream of the leading edge is mostly assumed constant over 
the inflow cross section. Depending on the local hub blockage, a different value of 
cm should be used for the calculation of each streamline if applicable, Table 3.1. 

If the pump has to be operated far to the right of the best efficiency point 
(Qmax >> Qopt), inlet diameter and incidence must be enlarged accordingly. How-
ever, this causes the cavitation characteristics in the best efficiency point and at 
partload to deteriorate; therefore, the design options and risks should be carefully 
evaluated in such cases. 
9. Outlet width b2: Blade number, blade outlet angle and outlet width cannot be 
selected independently of one another. They must be matched so that the de-
manded head coefficient is achieved with a stable Q-H-curve. As shown by the 
outlet velocity triangle in Table 3.2, a large outlet width reduces the meridional 
velocity c2m thereby increasing c2u (and the head) – unless the flow separates. 
With given values of outlet angle and blade number the head consequently in-
creases with the outlet width; the Q-H-curve becomes correspondingly flatter. As 
discussed in Chap. 5, the outlet recirculation intensifies with increasing b2/d2 and, 
consequently, shut-off pressure and power consumption rise as well. 

A sufficiently large outlet width is required to achieve a stable Q-H-curve (in 
particular at low nq). Conversely, the non-uniformity of the flow at the impeller 
outlet grows with the width of the impeller, increasing the turbulent dissipation 
losses in the collector as well as pressure pulsations and excitation forces. Finally, 
it should be ensured to maintain b2 < b1. 

Since the above effects cannot be calculated theoretically, the relative outlet 
width b2* = b2/d2a is commonly selected from empirical data. To render the impel-
ler discharge flow near the best efficiency point as uniform as possible and to 
avoid unnecessary turbulent dissipation losses, it should be attempted to select b2* 
as low as is permissible with respect to the stability of the Q-H-curve. Figure 7.2 
gives a band for b2* = f(nq) which approximately covers the data provided in 
[B.8], [B.18] and [3.15]. Set b2* = ½(1 - ν) for axial impellers. The mean curve for 
the outlet width in Fig. 7.2 can be approximated by Eq. (7.1). 
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Fig. 7.2. Impeller outlet width. Radial and semi-axial impellers: b2* = b2/d2a; axial impel-
lers: b2* = ½(1 - ν). Curves of range A: sewage pumps with zLa  2 

10. Outlet angle β2B: The blade outlet angle must be determined so that the speci-
fied head, or the head coefficient selected in step (4), is achieved with the values 
of d2, zLa and b2 determined previously. The outlet angle β2B which fulfills this re-
quirement can be determined by trial and error when calculating the respective slip 
factor and the head from Eq. (T7.1.8) and Eq. (T7.1.9), see also Tables 3.2 and 
3.3. The hydraulic efficiency must be assumed according to Chap. 3.9. 

Outlet angles of radial impellers with 5 to 7 blades are commonly in the range 
of 15 to 45°; in many cases angles are selected between 20 and 27°. Matching out-
let angles and outlet width is an optimization task during which the requirements 
in terms of efficiency and stability of the Q-H-curve (shut-off pressure and saddle) 
have to be considered. A possible criterion is to minimize the deviation angle 
δ2 = β2B - β2 which should not exceed 10 to 14° in order to limit the turbulent dis-
sipation losses caused by non-uniform flow distributions. 

A specified head can be achieved according to Eq. (T7.1.9) with very different 
combinations of b2, zLa and β2B. Therefore no strict rules can be given for selecting 
the outlet angle. The blade length, obtained from the design, depends on the inlet 
and outlet angles; consequently this applies also to the resulting hydraulic blade 
loading. All these parameters must be collectively optimized and cannot be deter-
mined independently of one another (see also step 4). 

With specific speeds above nq ≈ 40 to 60 the blade outlet angle should not be 
made constant over the impeller outlet width. The outer streamline is unloaded so 
that β2B,a < β2B,m < β2B,i. The head is calculated on the basis of the mean angle 
β2B,m. In this way, it is possible to match the lengths of all streamlines; in particu-
lar it can be ensured that the outer streamline is sufficiently long and, therefore, 
lowly loaded. 

After the outlet angle has been determined, all parameters of the outlet triangle 
according to Table 3.2 can be calculated. To avoid premature stall and efficiency 
losses the deceleration ratio w2/w1a should not fall below the value of 0.7 (“de 
Haller criterion”). 
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11. Blade thickness e: Requirements in terms of castability and mechanical 
strength determine the blade thickness. Experience shows that these requirements 
are met when e/d2 = 0.016 to 0.022 is selected. The upper range applies to high-
pressure impellers with more than 600 m of head per stage. The lower range ap-
plies to low heads and low specific speeds. With increasing blade width (i.e. also 
with growing specific speed) the blade stresses rise at given head; thicker blades 
must be selected accordingly. A rational for checking the blade thickness with re-
spect to the risk of impeller fatigue fractures is provided in Chap. 14.1. The mini-
mum thickness required to achieve good casting qualities must be observed in the 
case of cast impellers; it depends on the casting process and is 3 to 5 mm.  
12. Blade leading edge profile (Fig. 7.3): Unfavorable leading edge profiling 
generates local excess velocities and a correspondingly intense low-pressure peak 
which impairs the cavitation behavior and may even affect the efficiency. Design-
ing the leading edge as a semi-circle is very unfavorable in this regard and only 
acceptable for small pumps or applications with low requirements. Elliptical inlet 
profiles provide favorable pressure distributions. If the elliptical profiling extends 
only over a short distance, the blades react less sensitively to (excessive) inci-
dence. In contrast, long wedge-like profiles perform well only at shockless entry 
(i1 = 0) since high excess velocities are generated in incident flow. Long, thin 
(wedge-like) profiles are also unfavorable with respect to the casting quality 
(blade cracks caused by rapid cooling of thin profiles) and in terms of strength and 
risk of blade cracking. 

 

Semi-circle Elliptic Wedge-like 

e
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Fig. 7.3. Impeller blade leading edge profiles 

According to calculations on individual profiles [7.36] quoted in [B.1], the 
minimum pressure coefficient cp,min,SF at zero incidence (shockless entry) is: 

2
1min,p w
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cp ρ=Δ           +=

pp
SFmin,,p L

e373.02
L
e373.0c  (7.1a) 

Lp is the length of the profile measured from the leading edge to the point of the 
transition to the full blade thickness e. Equation (7.1a) yields cp,min,SF = 2.05 for a 
semi-circle (e/Lp = 2.0), while an elliptical profile with e/Lp = 0.2 yields 
cp,min,SF = 0.155. As per Chap. 6.3.2 (Fig. 6.19), these results cannot be transferred 
directly to impellers since λw depends on the absolute value of the blade angle and 
other geometrical parameters of the impeller and the inlet. However, Eq. (7.1a) 
can be used for selecting and assessing a leading edge profile. 
13. Blade trailing edge profiles: Two design philosophies are used in practice: 
A. The blades according to Fig. 3.6 are tapered towards the trailing edge to 
roughly half of the blade thickness according to e2 = ½e in order to reduce the 
width of the wake, turbulent dissipation losses and pressure pulsations. 
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Table 7.1 Impeller calculation 
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B. The full blade thickness is configured up to the trailing edge to preserve the 
possibility for under-filing in case of a deficit in head, Chap. 4.5.2. Outlet profil-
ing is sometimes waived also for cost reasons. 

After performing step 13, all parameters required for a first impeller design ac-
cording to Chap. 7.2.2 are established. When the first design is available, blade 
lengths and channel cross sections are known so that blade loading and decelera-
tion ratios or cross sections can be verified. 
14. Blade loading: Truly reliable criteria for the optimum blade length are not 
available. However, various limits for the hydrodynamic blade loading have been 
suggested. Using these blade-loading coefficients, it is possible to verify the se-
lected blade length and blade number. Applying such criteria allows a more con-
sistent approach to impeller design. 
A. The evaluation of a number of proven radial pumps produced a correlation for 
the blade loading that can be used to verify the blade length, [7.2]. According to 
this, the blade number and length are selected appropriately if the effective blade 
load ξeff calculated from Eq. (T7.1.10) is roughly within the range of the allowable 
loading ξal given by Eq. (T7.1.11). In general, it is recommended to select the 
blade loading typically 10% below the value given by Eq. (T7.1.11) in order to re-
duce pressure pulsations and hydraulic excitation forces. 
B. Another possibility of checking the blade loading was published in [7.33]: the 
lift coefficient ζa calculated from Eq. (T7.1.12) should not exceed the value 0.9. 
Whether this criterion has proved itself in practice is not known. For axial impel-
lers with εMS = 0, Eq. (T7.1.12) leads to the relationship Eq. (T7.5.8b) valid for 
propeller pumps. 
15. Throat area A1q: As discussed in Chap. 7.1.3, blade angles and channel cross 
sections must be matched to the intended flow. In the design point the deceleration 
of the relative velocity vector w1 to the mean flow velocity w1q in the throat area 
must not be too high in order to avoid premature inlet recirculation. However, 
with respect to cavitation at high flows, excessive acceleration must not be al-
lowed either. According to evaluations on operating pumps the throat area should 
be selected so that the ratio w1q/w1m in the best efficiency point with axial ap-
proach flow is in the range of 0.75 to 0.85 and with radial inlet casings (between-
bearing pumps) between 0.65 and 0.75. At the maximum flow rate w1q/w1m should 
not appreciably exceed the value 1.0. The vector of the relative velocity w1m is cal-
culated on the mean streamline d1m (not d1b). 
16. Blade distance a2 at the outlet: the distance between the blades at the outlet 
a2 must match the outlet angle β2B in order to ensure that the slip factor (hence the 
head) are obtained. To this end, an angle βa2 = arc sin a2/t2 can be defined and 
compared with β2B. Experience shows that the ratio sinβa2/sinβ2B should be in the 
range of 0.7 to 0.9, Chap. 3.3 and Eq. (3.8). 

Since the impeller design is to a large extent empirical, it is recommended to 
systematically apply consistent design methods and rules such as outlined above. 
This approach fosters a better predictability of hydraulic performance and allows 
one to faster build a data base and gain experience. 
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7.2.2 Impeller design 

7.2.2.1 Design of the meridional section 

A section through the impeller axis is called “meridional section”. In this presenta-
tion the blade leading and trailing edges are projected into the drawing plane 
through “circular projection”, Fig. 7.4.  
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Fig. 7.4. Design parameters for the meridional section of the impeller. Left: radial impeller,  
right: semi-axial impeller 

To be able to design the meridional section, details for the position of the lead-
ing edge are required next to the dimensions (d2, b2, d1, d1i, dn) determined above. 
Recommendations for the axial extension zE and the radius of curvature RDs of the 
front shroud are given by Eq. (7.2) which is derived from [3.15]: 

( )
07.1

Refq,

q
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 ddz −=        
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b1 = ½ (d1 - dn) 
nq,Ref = 74      

(7.2) 

Favorable flow conditions are achieved by moving the leading edge forward into 
the impeller eye. In this way low blade loadings and correspondingly moderate 
low-pressure peaks are obtained and cavitation is reduced. The leading edge at the 
outer streamline should not be located in the region of high curvature but prefera-
bly before the start of the front shroud curvature. Therefore, the radius RDs should 
not be tangent to the point defined by zE, but a short section g1 = (0.2 to 0.3)×b1 
should be introduced with only a minor increase in radius in order to achieve flat-
ter pressure distributions. For small pumps, or when a short axial extension of the 
impeller is a priority, smaller values are selected for zE and RDs than calculated 
from Eq. (7.2). 
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The angle εDs which defines the shape of the front shroud near the impeller out-
let is determined according to the specific speed. It can be used to influence the ve-
locity profile at the impeller outlet. For nq < 20, εDs = 0 is often selected. For radial 
impellers with higher specific speeds εDs increases to approximately 15 to 20°. 

With d2, b2, zE, d1, g1, εDs and RDs it is now possible to draw the outer stream-
line which can be defined by a free curve or assembled from straight lines and cir-
cular arcs. When using a design program, Bezier functions may are often used. 
Unfortunately, general rules are not known which would ensure favorable hydrau-
lic features. Meridional section and blade development must rather be optimized 
together. 

The angle εTs which defines the shape of the rear shroud near the impeller outlet 
can be chosen positive or negative. At nq < 30, εTs = 0 is often designed (some 
manufacturers also use negative values). At high specific speeds εTs is always 
positive with εTs < εDs. 

The inner streamline must be shaped in a way that the cross sections 
A = 2×π×r×b vary continuously along the mean streamline. To this end, a mathe-
matical rule may be selected which describes the cross section A or the channel 
width b in the meridional section from b1 to b2 as a function of the developed 
length of the outer streamline, Fig. 7.5. In addition to a linear or parabolic func-
tion, a cubic law could also be considered to obtain smaller changes in cross sec-
tion near the inlet and outlet of the impeller. After the desired rule b = f(L) has 
been defined, the width is marked off with dividers at a number of checkpoints on 
the outer streamline. Subsequently, the inner streamline is drawn as an envelope 
curve. The same construction can also be performed in sub-operations with several 
streamlines. Finally, the streamlines can be constructed from the theory of poten-
tial flows. 

The blade leading edge is initially obtained from the chosen parameters d1, zE, 
d1i and the designed inner streamline. The position of the leading edge has a major 
effect on the partload behavior according to Chap. 5. The following criteria serve 
for shaping the leading edge: (1) In multistage pumps with nq < 25 the angle εEK 
must be designed as large as possible to prevent the Q-H-curve from drooping to-
wards Q = 0. (2) For impellers with an axial inlet εEK = 30 to 40° is about the op-
timum according to [3.15]. (3) If εEK is selected too small, problems with hub 
cavitation and instabilities of the Q-H-curve may be encountered. (4) Choosing 
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Fig. 7.5. Options for the development of the flow area in the impeller; Lsch = blade length 
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εEK too large can result in too low values of d1i and too large blade angles β1B,i on 
the hub. 

As discussed in Chap. 5, the meridional section largely determines the flow dis-
tribution over the blade width and, consequently, the turbulent dissipation losses, 
the partload behavior and the stability of the Q-H-curve.  

Criteria for the meridional section to be checked: 

• The leading edge should join the outer streamline with the largest possible an-
gle to reduce the local blockage in the case of twisted blades. 

• The curvatures of the outer and inner streamlines and the cross sections 
A = 2×π×r×b should vary continuously along the mean streamline. 

7.2.2.2 Blade design 

The blade design serves to define the shape of the blades along the outer, inner 
and mean streamlines so that the inlet and outlet angles established in Chap. 7.2.1 
are obtained. The blade describes a three-dimensional curve along each surface of 
revolution; for instance, along the outer streamline defined by the meridional sec-
tion (or front shroud). This curve can be described through its projections into the 
meridional section and the plan view. Every point of this curve is defined in space 
by the coordinates r, z and ε. 

With reference to Fig. 7.7a consider an element of the outer streamline which 
is positioned between the points 5 and 6 on the radii r5 and r6. In the meridional 
section it has the (approximate) length: 

22 zrm Δ+Δ=Δ  (7.3) 

In the plan view, Fig. 7.7b and 7.7e, the position of the points 5 and 6 is defined 
by these radii and the angle Δε. The distance between points 5 and 6 is: 

22 urg Δ+Δ=Δ  (7.4) 

The length of the streamline element in space is obtained from the length in the 
plan view Δg and the extension in axial direction Δz (normal to the plan view): 

22 zgL Δ+Δ=Δ  (7.5) 

By means of Eqs. (7.3) and (7.4) the relationship between the true length ΔL of the 
streamline element and its projection Δm in the meridional section and the projec-
tion Δu in the plan view is obtained: 

2222222 umzurzgL Δ+Δ=Δ+Δ+Δ=Δ+Δ=Δ  (7.6) 

The distances ΔL, Δu and Δm according to Fig. 7.7c constitute a right-angled tri-
angle which includes the true angle β between the streamline element ΔL and the 
tangential direction Δu. 
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If a streamline is developed step by step into the drawing plane according to 
this procedure, its true length and the true angles relative to the circumferential di-
rection are obtained. This procedure is used to design the blade coordinates in the 
plan view from a defined meridional section and a blade development to be speci-
fied. In the above method, the curvilinear triangles have been replaced by rectilin-
ear ones. The smaller the elements are selected, the better this approximation be-
comes. Of the different methods for designing the blades, the Kaplan method is 
described [B.2]; it comprises the following steps: 
1. Depending on the width of the impeller (i.e. nq) one to five additional surfaces 
of revolution are drawn into the meridional section in addition to the outer and in-
ner streamlines. These surfaces can be designed as streamlines of identical part 
flows. To this end, (estimated) normals to the streamlines are drawn. In doing so, 
the width between two streamlines is determined in a way that the same flow 
ΔQ = 2×π×r×Δb×cm travels through each partial channel (frequently with the as-
sumption cm = constant). 
2. All surfaces of revolution or streamlines are sub-divided into n elements of 
identical length Δm (e.g. Δm = 8 mm) according to Fig. 7.7a so that the points a1 
to an, b1 to bn etc. are obtained. 
3. In the blade development according to Fig. 7.7d, n parallel straight lines are 
drawn at the distance Δm. Lengths La,m, Lb,m, Lc,m etc. of the developed meridional 
section are obtained (which constitute the projection of the streamlines into the 
meridional section). 
4. The length La,u of the streamlines in circumferential direction is still unknown; 
within certain limits it can be freely selected. A possible approach consists in de-
fining a development law according to Fig. 7.6. Starting with β(j=0) = β2B at point A 
in Fig. 7.7d, the circumferential length Δu of the element Δm is calculated from 
Eq. (7.7) for each step j to obtain the position of the next point. 

j

j
j tan

m
u

β
Δ

=Δ  (7.7) 

The angles for each step are obtained from the selected law according to which the 
angle is to develop as a function of the blade length from β2B to β1B. In general it 
is possible to write: 

)()x(y B1B2B2j β−β−β=β  (7.8) 

Any random function which satisfies the conditions y(0) = 0 and y(1) = 1 can be 
substituted for y(x). If a linear angle development from β2B to β1B is desired, the 
function y(x) has to be formulated as: 

Δ=
j

0
j

m,a
m

L
1)x(y  (7.9) 

This method can also be used in a way that the outlet angle is kept constant 
over na sections (βj = β2B for j < na) and/or that the inlet angle is kept constant over  
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Fig. 7.6. Blade development options (the figures on the abscissa have no meaning). 

ne sections (βj = β1B for j > n –ne). Accordingly, Eq. (7.9) is only formulated for 
the middle part of the blade in which the angle changes from β2B to β1B. 
5. An alternative way of determining the blade development is as follows: a line 
S1 is drawn from point A with an angle β2B, Fig. 7.7d. A point E at distance La,m is 
then selected such that a line S2 started with the angle β1B intersects the line S1 in 
a point P. The ratio Lp/La,m has an effect on the blade length and the channel cross 
sections. It must be selected so that the intended blade distances a1 and a2 as well 
as acceptable blade loadings according to the criteria in Eqs. (T7.1.10 to 7.1.13) 
are obtained. A smooth curve is then nestled into the geometry defined by the 
points A and E and the lines S1 and S2. This curve forms the chosen blade devel-
opment. 
6. The blade geometry must be represented in the plan view so as to allow the 
manufacturing of the impeller or pattern. The blade points 1 to 13 in the develop-
ment (Fig. 7.7d) define triangles with the sides ΔL, Δu and Δm. These points are 
situated on the radii r1 to r13 (see the meridional section in Fig. 7.7a). Starting on 
the outer radius the points are transferred to the radii r1, r2 etc. with Δu and Δr ac-
cording to Fig. 7.7e. This yields the points 1, 2, 3, etc. in the plan view. Joining 
these points produces the streamline projected into the plan view. 
7. The wrap angle εsch, formed by the blade in the plan view depends on the blade 
angles β1B and β2B, the radii ratio d1/d2 (hence nq) and the streamline length in the 
meridional section. Wrap angles of radial impellers usually are within the follow-
ing ranges: with zLa = 5: εsch = 130 to 160°; with zLa = 6: εsch = 120 to 140° and 
with zLa = 7: εsch = 100 to 130°. 
8. Steps 4 to 6 are performed for all surfaces of revolution (streamlines). 
9. To generate sufficient checkpoints for the manufacturing process, radial sec-
tions (A to Q in Fig. 7.8) are drawn in the plan view and their intersections with 
the surfaces of revolution or streamlines transferred into the meridional section 
(shown in Fig. 7.8 by way of Section K). The radial sections should yield smooth 
curves in the meridional section in order to avoid waviness in the blade surface. 
These radial sections need not always be curves; they can also be straight lines.  
10. For manufacturing it is also possible to use contour lines (“board lines”). 
These are equidistant sections in the meridional section normal to the axis, No. 0 
to 12 in Fig. 7.8. Their intersections with the streamlines and radial sections are 
transferred to the plan view and joined to form the board lines. These must present 
smooth curves in the plan view in order to prevent wavy blade surfaces. 
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11. The blade surface designed in this way constitutes the camber, the suction or 
the pressure surface – depending on the angles (camber, suction or pressure sur-
face) that were used for the development. The selected blade profile can be drawn 
into the development as section normal to the blade surface in order to better ap-
preciate its effect on the approach flow. 
12. The blade profile is represented as developed onto the camber line where it is 
dimensioned as thickness = f(L) (dimensioning not shown in Fig. 7.8). 

7.2.3 Criteria for shaping the blades  

When constructing the blade development, the designer enjoys a certain freedom 
which he may utilize to obtain specific hydraulic features. Impellers designed for 
high NPSHA, i.e. when cavitation is not an issue, will be primarily optimized for 
efficiency and the stability of the Q-H-curve. In order to minimize the losses, a 
smooth variation of geometric parameters should be targeted (for example by in-
creasing the blade angles to a linear function from inlet to outlet, i.e. 
∂β/∂L = constant). On the outer streamline the outlet angle β2B is usually several 
degrees larger than the inlet angle β1B,a and a development similar to curve 2 in 
Fig. 7.6 is obtained. On the inner streamline of an impeller with axial inlet (end 
suction pump) β1B,i is generally much larger than β2B so that a development similar 
to curve 3 in Fig. 7.6 is obtained. 

It is also possible to specify a law for u×cu as a function of the blade length. For 
example, the design could be done with low blade loading at the inlet because of 
cavitation, with the strongest blade load in the middle part where the blades over-
lap and moderate blade loading towards the outlet with the object to achieve as 
uniform a flow as possible. It is thus attempted to minimize turbulent dissipation 
losses and pressure pulsations. 

The developments of all streamlines must be matched to each other so that the 
desired leading edge is obtained. Since the inflow angles are usually small (be-
tween 12 and 18°), the approach flow of the blade leading edge can be assessed 
qualitatively by way of its position in the plan view. If the leading edge is radial 
(No. 1 in Fig. 7.9), it is hit by an almost perpendicular approach flow. If the lead-
ing edge is inclined by the angle  against the radial direction, it meets the ap-
proach flow at an angle which tends to cause lower velocity peaks and losses 
(compare to a cylinder exposed to an inclined versus a perpendicular approach 
flow). A leading edge shape according to Nos. 2, 3 or 4 in Fig. 7.9 corresponds to 
a “sweep back” which is used in axial pumps, compressors and inducers. It tends 
to displace fluid away from the hub. Special shapes such as No. 5 in Fig. 7.9 
(“sweep forward”) are sometimes used to extend and unload the outer streamline 
(see Chap. 5). As discussed in Chap. 5, the leading edge also influences the part-
load behavior – especially shapes such as 4 and 5 in Fig. 7.9. 

The blade twist at the inlet is obtained from Eq. (T7.1.7) from the calculated 
flow angles and the selected incidences. This involves major angle variations over 
the blade height if d1i << d1a and β1B,I >> β1B,a. In contrast, the blade twist at the 
impeller outlet can be selected freely. The blades of radial impellers of low speci- 
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Fig. 7.9 Different shapes of the impeller blade leading edge 

fic speeds are frequently not twisted at the outlet. The higher the specific speed, 
the more an outlet twist will be required to optimally match the streamline lengths. 
In order to reduce pressure pulsations, the blades can be twisted at the impeller 
outlet. The effectiveness of this measure increases with the ratio of the outlet 
width b2 to the pitch of the blades t2 and with the specific speed. 

The blades can be arched deliberately in order to increase the throat area A1q. 
The radial sections will then appear as pronounced curves in the meridional sec-
tion. This design is used especially with radial impellers of high specific speeds 
(compare to the impellers of Francis turbines). 

In general, all streamlines, blade developments, radial sections, board lines and 
channel cross sections should vary continuously along the flow path in order to 
prevent unnecessary accelerations, decelerations and velocity differences over the 
channel. Turbulent dissipation losses caused by uneven velocity distributions can 
thus be minimized. 

7.2.4 Criteria for suction impeller design 

From the time when boiler feedpumps were built with heads up to 600 to 800 m 
per stage – or with u1 up to 80 m/s – (so called “advanced class feedpumps” are 
operating even with 1200 m per stage), the design philosophy of the suction im-
pellers has changed. In the past – with low circumferential speeds at the impeller 
inlet – large inlet angles and high incidences were selected and blades with long 
wedge-like inlet profiles were designed to obtain sufficiently low values of 
NPSH3, concept “H“ in Fig. 7.10c.  Even when operating with low incidence, such 
impellers generate pronounced low-pressure peaks and large detached cavities. At 
u1 > 50 m/s these can result in severe cavitation erosion. In view of such damage, 
the manufacturers of high-pressure pumps were faced with the need to develop 
new blade shapes by means of stroboscopic observation of the cavities generated 
at the impeller inlet. These new designs feature: (1) Small incidences. (2) Rela-
tively small absolute blade and approach flow angles which subsequently produce 
lower incidences at partload (example: with β1B = 20° an incidence of 10° is ob-  
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Fig. 7.10. Suction impeller design. a work transfer ; b pressure distribution; c design with 
high incidence and sharp profile; d design for a flat pressure distribution. 

tained at Q/QSF = 0.5, while the incidence is only i1 = 5° at β1B = 10°). (3) Thick, 
short profiles which are shaped to be less sensitive to incident flow. (4) Low blade 
loadings in the inlet region up to roughly the throat area, concept “L” in 
Fig. 7.10d. 

Based on these characteristics, flat pressure distributions are obtained. In addi-
tion the pressure increase over the first part of the blade should be kept small by 
limiting the increase in radius and blade angles at the outer streamline over a 
length of approximately t1 = π×d1/zLa. This limits the increase in u×cu in that re-
gion. This design achieves low coefficients σi for cavitation inception and thin 
translucent cavities with low vapor volume and correspondingly low hydraulic 
cavitation intensity. Figure 7.10a schematically shows how the specific work 
should develop over the blade length to obtain flat pressure distributions according 
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to Fig. 7.10b. Despite the flat blade angles in the inlet region over a length of t1 the 
throat area between the blades must be designed large enough so that the maxi-
mum specified flow rate can be achieved, Chap. 7.2.1, item 15. This can result in 
S-shaped developments of the camber line according to Fig. 7.6, curve 1. 

Before designing suction impellers, the risk of cavitation damage should be as-
sessed according to Chap. 6 and especially Chap. 6.7. In many applications the 
risk of damage is low and the aim is to achieve the lowest possible NPSH3 and the 
highest possible suction specific speed. In contrast, the suction impellers of high-
pressure pumps with considerable damage potential must be designed to achieve a 
low NPSHi and low cavity volumes. Typical parameters of these two extreme 
cases are compared in Table D7.1 (applications in-between can be interpolated). 

Table D7.1 Suction impeller design 
Risk of erosion low high 
Impeller inlet tip speed u1 < 35 m/s u1 > 50 m/s 
Fluid water above 220 °C 

hydro carbons 
water below 220 °C 

Suction specific speed nss = 220 to 260 nss = 160 to 180 
Approach flow angle β1a = 10 to 15° β1a = 14 to 18° 
Cavitation inception at q* = 1 σi = 1.2 to 2 σi = 0.5 to 0.8 
Incidence at q* = 1 i1 = 3 to 5° i1 = < 2° 
Angle exaggeration at q* = 1 aex = 1.1 to 1.2 aex = 0.95 to 1.05 
Resulting pressure distribution  peaky flat 

Good cavitation characteristics of high-pressure pumps can only be achieved if the 
inlet casing is optimized so that no vortices (vortex ropes) are created. The inflow 
to the impeller must be as uniform as possible so that the incidence does not vary 
over the circumference by more than ± 1°. The partload behavior can be improved 
with a diffuser upstream of the impeller, [7.3]. 

The design criteria for suction impellers discussed above were predominantly 
developed empirically based on stroboscopic cavitation observations, partly sup-
ported by numerical calculations of inviscid flow. This follows from publications 
such as [3.15], [6.9], [6.10], [6.17] and [7.3] to [7.6]. Today efficient numerical 
methods can be employed for the prediction of cavitation inception and cavity 
length, [8.39] and [8.69], provided the approach flow variations are under control. 

7.2.5 Exploiting three-dimensional effects in design

As explained in Chap. 5, the flow deflection (or the slip factor) and the losses are 
affected by secondary flows which, in the one-dimensional theory, can only be 
taken into account by empirical coefficients. The statistical data used do not do 
justice to the details of the geometry of a specific impeller. Applying numerical 
methods it is possible, however, to examine the impact of all geometrical charac-
teristics on the flow. This opens up new possibilities for optimization by attempt-
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ing to influence the flow by means of new kinds of geometrical effects and shapes. 
This does not only concern the minimization of the hydraulic losses in the design 
point but, especially, also the stability of the Q-H-curve and cavitation. 3D-effects 
increase with the blade height, i.e. with the specific speed. Examples for 3D-
effects are: 

• Sweep-forward: a leading edge pulled forward according to Fig. 7.9, shape 5, 
tends to improve the stability of the Q-H-curve of semi-axial pumps, Chaps. 5.5 
and 5.6. 

• Sweep-back reduces the extent of the cavitation zones in inducers and axial im-
pellers. 

• A leading edge pulled forward at the hub according to shape 4 in Fig. 7.9 helps 
to reduce the cavitation near the hub at partload according to [7.4]. 

• Axial blades can also be designed with a lean of their entire surface against a 
radial line. Numerical analyses of this effect were reported in [7.43]. 

• By means of blade twisting it is possible to affect the energy distribution over 
the blade height. 

• The common practice to vary the impeller outlet angle over the blade height at 
high specific speeds can be employed more purposefully with the help of nu-
merical calculations. 

• The rear shroud need not necessarily be designed as a surface of revolution if 
the flow can be improved by a 3D-shape, [7.7]. A freely shaped rear shroud 
would not imply any major increase in expenditure for the pattern manufacture 
if NC-milling or stereo-lithography were employed for the purpose. However, 
no specific information is available on the benefit of such measures. 

7.3 Radial impellers for small specific speeds 

7.3.1 Two-dimensional blades 

The outer and inner streamlines of cylindrical (untwisted) blades coincide in the 
plan view. At specific speeds below nq = 16 to 18 untwisted blades can be de-
signed, for example, as series stages of multistage pumps. Since the impeller 
losses at low specific speeds are small (see Fig. 3.30) and the shock losses at the 
impeller inlet are insignificant because of the low ratio d1/d2, the cylindrical blades 
imply virtually no loss in efficiency. However, if good cavitation characteristics 
are required, twisted blades must be employed. 

Impellers with cylindrical blades are calculated and designed in a similar way 
as per Chap. 7.2.1. Impellers for undemanding services can be made with circular 
arc blades instead of designing the blade development according to Chap. 7.2.2.2. 
In the plan view the blades can be designed so that inlet and outlet angles are 
achieved by a single circular arc. The design is explained by means of Fig. 7.11: 
(1) Circles are drawn with the inlet and outlet radii of the impeller. (2) At any 
point A on the outer radius r2, the blade angle β2B is applied and the normal A-a is 
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erected in A. (Note direction of rotation). (3) From the shaft center W the angle 
(β1B + β2B) is applied in the direction of rotation on the radius W-A. The resulting 
line intersects the circle with r1 in a point B. (4) A line through A and B produces 
a second intersection E with the circle r1, marking the blade leading edge. (5) The 
normal in the middle of the distance A-E intersects the normal A-a in a point M 
constituting the center of the circular arc. The latter is drawn with the radius 
rsch = MA = ME. (6) The circular arc obtained constitutes the camber line of the 
blade. Suction and pressure surfaces of the blades are obtained from circular arcs 
with r = rsch ± 0.5×e around point M. 

M
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β2B

β2B

β1B+β2B
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Fig. 7.11. Construction of circular blades 

The radius rsch of the circular arc blade can be calculated from Eq. (7.10): 

)cosrcos(r2
rrr

B11B22

2
1

2
2

sch β−β
−=  (7.10) 

Circular arc blades of this type result in an unfavorable development of the rela-
tive velocity which is decelerated to a value w < w2 within the impeller channel. 
So as not to jeopardize the stability of the Q-H-curve, the blade leading edges 
must not be parallel to the rotor axis; they must indeed be brought forward to as 
small as possible a diameter d1i (which is limited by the hub diameter). 

Radial impellers with cylindrical blades are mainly employed in the range 
8 < nq < 18 for small pumps and for less demanding service up to about nq = 25. 

The small outlet width ratio b2* of impellers with very low specific speeds can 
cause casting problems because of the narrow channels. These difficulties are 
avoided by resorting to pumping disks or semi-open impellers with radial blades 
discussed in the following. 
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7.3.2 Pumping disks with channels of circular section 

The work transfer in radial impellers of low specific speeds (i.e. with a small ratio 
d1*) is largely accomplished by centrifugal forces. This method of energy transfer 
implies very low losses in the impeller (Fig. 3.30). Hence the hydraulic efficiency 
of the pump is essentially determined by the losses in the collector. When cen-
trifugal effects prevail, the impeller channels can be designed as very simple 
shapes without jeopardizing efficiency. A rotating disk with cylindrical holes ac-
cording to Fig. 7.12 can be employed as an impeller, as described for instance in 
[7.9]. The holes can be drilled in radial direction with β2B = β1B = 90°. Alterna-
tively, the holes can be leaning back in circumferential direction with 
β2B = β1B < 90° to produce less flow deflection and correspondingly lower head 
coefficients but steeper Q-H-curves. 

The collector is designed as a volute or an annular casing which is often pre-
ferred because of its simplicity. The fluid leaving the collector is decelerated fur-
ther in a diffuser. The throat area of the diffuser mainly determines the best effi-
ciency flow rate since the losses in the diffuser by far outweigh the impeller 
losses. When the fluid from the impeller outlet is accelerated into the diffuser 
throat (i.e. at c3q > c2), the diffuser losses increase. Consequently, head and effi-
ciency drop. With sufficient acceleration, the flow cavitates in the throat area and 
head and efficiency drop almost vertically (“choking”). The design of the annular 
collector follows Chap. 7.12, the diffuser is calculated according to Chap. 1.6, and 
the best efficiency point flow rate is obtained from Chap. 4.2. 

To obtain high head coefficients and low impeller losses, the velocity cB in the 
holes must be selected low. It largely corresponds to the relative velocity in the 
holes with diameter dB:  
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=ϕ  (7.11) 

According to Chap. 5.2 the Coriolis acceleration is bc = 2×ω×w. In radial holes 
bc is largely responsible for the slip factor which increases with growing flow rate 
because of w  cB. From measurements it can be deduced that the flow coefficient 
in the design point should not exceed ϕB = 0.06 to 0.08 if high head coefficients 
are desired. The impeller losses are then in the range of a few percent of the head. 
If high head coefficients are targeted, number and size of the holes must be se-
lected such that flow coefficients of ϕB < 0.08 are obtained at the design point. It 
is then that head coefficients in the range of 1.1 to 1.25 are achieved. However, 
the Q-H-curves become flatter and the head drops slightly towards Q = 0. If a 
steeper characteristic is required, a higher flow coefficient must be selected for the 
design point; even backward leaning holes may be required. Conversely, the im-
peller losses increase and the efficiency drops. 

Since the annular casing according to Chap. 7.12 has a larger cross section than 
corresponds to the impeller outlet velocity c2u, the flow is decelerated abruptly 
(similar to a sudden expansion according to Chap. 1.2.3) and an intense secondary 
flow is generated. According to Chap. 5, the head can be increased if the exchange 
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Fig. 7.12. Using a disk with drilled holes as an impeller 

of momentum between the impeller and the flow in the collector is intensified 
(similar to a regenerative pump, Chap. 2). This increases the kinetic energy at the 
inlet to the diffuser whose pressure recovery rises accordingly. The exchange of 
momentum grows with decreasing ϕB; it can be deliberately promoted by provid-
ing material recesses on the impeller outer diameter which accelerate the fluid cir-
culating in the annular casing by exchange of momentum. In [7.9] for instance, 
blind holes were used for this purpose. In this way it is possible to considerably 
increase head coefficient and efficiency: at BEP ψopt = 1.3 to 1.4 is obtained while 
the maximum values at partload just reach ψmax = 1.5. The Q-H-curve on the left 
of the best efficiency point becomes very flat and droops slightly towards shut-off. 

Between impeller and casing, relatively large axial gaps (up to approximately 
sax = 0.01×d2) can be permitted since the impeller sidewall operates like a friction 
pump. The head can even be improved slightly since the impeller sidewall bound-
ary layer enters the collector with high circumferential speed – in this way increas-
ing the kinetic energy of the fluid circulating there. However, a slight loss in effi-
ciency is incurred since the increase of the power consumption exceeds that of the 
head. 

Figure 7.13 shows the dimensionless characteristics of a rotating disk with 12 
holes and recesses on the impeller outlet to increase the exchange of momentum  
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Fig. 7.13. Tests with a rotating disk with 12 drilled channels, Sulzer Pumps 

between the annular casing and the impeller. The flow coefficient was calculated 
from Eq. (7.11). All head coefficients correspond to the definitions used in 
Chaps. 3 to 5. The Q-H-curve is very flat at flows below the best efficiency point; 
it drops vertically at ϕB ≈ 0.073, which is due to cavitation in the diffuser. 
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Noteworthy is also the flat curve of the static pressure rise ψp in the impeller 
which shows that slip factor and impeller losses change only moderately with in-
creasing flow rate. At Q = 0, ψp almost reaches the theoretical value of the flow 
without losses. According to Chap. 4.1.4 this corresponds to a hydraulic impeller 
efficiency of 0.96. The pressure recovery in the diffuser ψ3-4 roughly increases 
with the square of the flow rate. The pressure increase ψ2-3 from the impeller out-
let to the diffuser throat is significant below ϕB ≈ 0.03. Above ϕB ≈ 0.044 the 
static pressure is reduced since the flow is accelerated from the impeller outlet to 
the diffuser throat area (i.e. c3q > c2). The measured impeller losses are insignifi-
cant compared with the losses in the collector. 

7.3.3 Impellers with straight radial blades 

Impellers with straight radial blades with β2B = β1B = 90° according to Fig. 7.14 
are sometimes employed in small pumps with speeds up to 25’000 rpm1. The 
range of specific speeds is about nq = 6 to 12. This type of pump is often equipped 
with an annular casing from which the fluid is discharged through a diffuser. Al-
ternatively, vaned diffusers or double volutes are in use. The impeller is semi-open 
or open to reduce disk friction and annular seal losses. Depending on the number 
of blades, this design demands tight axial clearances of sax/b2 = 0.01 to 0.02 be-
tween blades and casing walls to obtain acceptable efficiencies. 

The impeller outlet width is selected relatively large, similarly to the curve 
shown for sewage pumps in Fig. 7.2. The impeller usually has 16 to 24 (32) 
blades. Typically 3 to 6 blades have the full blade length from d1 to d2 while the 
rest are splitter blades – otherwise blade blockage at the inlet would become ex-
cessive. The large impeller outlet width and large number of blades produce slip 
factors close to 1.0 and foster a strong exchange of momentum with the flow in 
the annular collector. As with drilled disks, head coefficients of ψopt = 1.2 to 1.5  

 
Fig. 7.14. Impeller with straight radial blades 

                                                           
1 These impellers are sometimes called “Barske impellers”, [7.10] to [7.12] 

are achieved. The Q-H-curve becomes correspondingly flat and often slightly un-
stable, similar to that in Fig. 7.13. Blade numbers over 16 increase the head coef-
ficient in the best efficiency point only to an insignificant degree but yield a higher 
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shut-off head due to improved exchange of momentum, thereby increasing the 
stability of the Q-H-curve. 

The hydraulic characteristics of radial bladed impellers are similar to those of 
the drilled disks discussed in Chap. 7.3.2. According to Fig. 3.23, efficiencies up 
to approximately 45% can be achieved – depending on specific speed, pump size 
and mechanical losses. High-speed pumps are often equipped with an inducer to 
lower NPSH3; the suction specific speeds are typically between nss = 350 and 450. 

Figure 7.15 shows the dimensionless characteristics of a radial bladed impeller 
measured with two different diffuser inserts the throat diameters of which 
amounted to 71 and 39% of the impeller outlet width. With the large diffuser in-
sert a specific speed of nq = 11, a head coefficient of ψopt = 1.48 and an efficiency 
of 43% were obtained. By reducing the diffuser throat area, the specific speed was 
reduced to nq = 7 while the efficiency dropped to 23%. The power consumption 
was practically identical in both tests so that the best efficiency point shift was 
only achieved through throttling in the diffuser. The fact that cavitation in the dif-
fuser plays a significant role is borne out by the curves for the cavitation coeffi-
cient which have changed drastically even though the impeller was identical. 
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Fig. 7.15. Tests with an impeller with straight radial blades and two different diffusers, Sul-
zer Pumps 

7.3.4 Double-acting impeller with straight radial blades 

A double-acting overhung impeller with straight radial blades is shown in 
Fig. 7.16 in a view from the inlet and in the meridional section. The impeller is 
used in a single-stage, single-entry end-suction pump of the type shown in 
Fig. 2.1. The heads achieved are well above 300 m, [7.44], [7.45]. Nearly identical 
blades are arranged on both sides of the center rib. Five large openings in the cen-
ter rib near the hub allow half of the fluid to flow to the blades on the rear (that is 
why the impeller is labeled “double-acting”). On each side of the center rib there 
are 5 long and 20 short blades. The collector is built as a concentric casing fol-
lowed by a partial volute which discharges into a diffuser. 

In the present application the impeller is used for pumps in the range of roughly 
1 < nq < 10. Figure 7.16c shows the dimensionless characteristics for nq = 2, nq = 5 
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and nq = 9. While efficiencies above 50% are achieved with nq = 9, the efficiency 
drops sharply for lower specific speeds.1 

The head coefficients at BEP are above 1.4; they drop at very low specific 
speeds due to increased losses in the collector. The Q-H-curves are stable but flat 
because of the high head coefficients. Since flow conditions on both sides of the 
impeller are very similar, the axial thrust is balanced to a large extent. There are 
no disk friction losses, which accounts for the relatively high efficiency. The gaps 
between the casing and the impeller blades can be made rather large without un-
duly impairing the efficiency. Operation on the right of the best efficiency point is 
limited by cavitation in the collector. Due to the low blade loading vibrations are 
very low. 
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Fig. 7.16. End-suction pump with double-acting impeller; a) meridional section; b) front 
view; c) performance characteristics, D according to Eq. (T3.4.10) 

                                                           
1 In order to plot the curves for nq = 2 to nq = 9 on the same graph, a logarithmic scale was 

chosen for the flow. The shape of the efficiency curves therefore looks unusual. 
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7.4 Radial impellers for non-clogging pumps 

In various applications coarse solids or fibrous matters are transported by the fluid 
pumped; this requires special designs to avoid clogging and damage. Typical ap-
plications are: 

• Sewage pumps the operation of which is mainly threatened by clogging through 
textiles, plastic parts and foils 

• Dredge pumps where the excavated material can include coarse gravel and all 
kinds of waste 

• Turnip or fish pumps which are equipped with single-channel impellers in order 
to avoid damaging the goods pumped. 

• Paper pulp pumps (Chap. 13.5) 

Sewage pumps usually are single-stage pumps with radial, semi-axial or axial 
impellers. Radial and semi-axial pumps use volutes because diffusers would be 
prone to clogging. Axial pumps are built with diffusers with thick vane leading 
edges to reduce the risk of clogging. Two types of clogging should be distin-
guished for sewage pump design:  

1. Clogging by large solids such as plastic parts or wood. To reduce the risk that 
foreign matter gets stuck in the impeller or volute, one specifies the diameter dK 
of a ball which must be able to pass through the pump. 

2. Clogging by fibrous matter such as textile waste or plastic bags. In essence, this 
issue is independent of the ball passage diameter and more difficult to handle 
than the passage of large solids. The reason is that fibrous matter can be caught 
at the impeller blade leading edge independently of the ball passage diameter or 
channel width. Fibrous matter can accumulate in the impeller eye and in the ax-
ial impeller sidewall clearances (gaps E and F). Clogging can also be caused by 
spinning fibrous matter into a long agglomeration in front of the impeller. Part-
load flow recirculation from the impeller could be instrumental in this process. 
In extreme cases, fibrous matter entering the impeller side rooms can lead to a 
blockage of the rotor. Expeller vanes can be applied and/or the impeller side 
rooms can be closed by introducing a gap A (Table 0.2) in order to reduce the 
ingress of fibrous matter into the side rooms. Various devices and arrangements 
which are able to chop long fibers are applied to reduce the risk of clogging. In 
small pumps a chopper wheel with (for example) 3 knives can be installed in 
front of the impeller. In other designs cutting edges are integrated into the cas-
ing and impeller. 

Figure 7.17 shows a selection of special impeller designs which were devel-
oped for pumping liquids containing solids with a risk of clogging or which are 
laden with gas.  

Published design information on sewage pumps is scarce. The design data 
given in the following were derived from the sales curves of four major sewage 
pump manufacturers. Figure 7.18 shows the pressure coefficients thus derived for 
pumps with 1- to 3-bladed impellers and for vortex pumps. The curves shown  
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Two-channel impeller with very large passages for 
handling charged liquids. 

 

Three-channel impeller with large passages for 
handling charged or viscous liquids. 

 

Two-channel impeller for handling liquids with 
stringy matter or large solids without screening. 
Free passage with same diameter as suction nozzle. 

 

Single-channel impeller for handling liquids with 
stringy matter or large solids without screening. 
Free passage with same diameter as suction nozzle 

 

Open radial impeller with 3 or 4 blades for hand-
ling gaseous and pulpy fluids. 

Special open impeller with S-shaped blades, for 
handling liquids charged with fibers or small solid 
particles or stringy matter. 

Open, semi-axial screw-type impeller for handling 
large flow rates of clean or slightly contaminated 
fluids. 

 

Open radial impeller with multiple blades of vary-
ing channel widths for handling liquids with high 
gas content, in particular paper stock 

Open two-channel impeller with projecting blades 
for handling strongly contaminated viscous and 
gaseous liquids, high-consistency liquids, juices in 
particular paper pulp up to highest concentrations. 

 
Fig. 7.17. Impellers for handling liquids charged with solids or gases, Sulzer Pumps 
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represent in essence the upper limit, even though some individual data points can 
be found above these curves. However, many pumps offered on the market are de-
signed for lower pressure coefficients – presumably with the object to increase the 
ball passage. The efficiencies documented in the sales curves have been compared 
to those expected for normal water pumps from Table 3.9. To do so, for any given 
sewage pump with a BEP flow Qopt and a specific speed nq the reference effi-
ciency opt,R of a clear-water pump has been calculated from Eq. (T3.9.1). The ra-
tio of the actual sewage pump efficiency to opt,R yields an efficiency multiplier 
f  = opt,sewage/ opt,R The multipliers resulting for the different pump types are given 
in Table 7.2. While the absolute efficiencies depend on the pump size and specific 
speed, no clear dependency of the multiplier f  on the specific speed or the pump 
size could be established (with the exception of vortex pumps). Hence the concept 
of normalizing the sewage pump efficiency with Eq. (T3.9.1) provides a meaning-
ful method for efficiency prediction and assessment of sewage pumps. Table 7.2 
gives the average efficiency multipliers as well as the range in which most pumps 
analyzed were found. 

The design of sewage pumps is largely determined by the size of foreign matter 
that must pass through the pump without clogging. The impeller inlet diameter d1, 
the impeller throat width a1 or area A1q, the impeller outlet width b2 and the volute 
throat diameter d3q or area A3q all must be chosen to be larger than the ball passage 
diameter dk. To select these parameters significantly larger than for clear-water 
pumps (which are optimized for efficiency) inevitably will impair the efficiency. 

To obtain a sufficiently large blade distance, the blade number is selected be-
tween 1 and 4 and the blade development is designed to yield the required a1 as a 
minimum. The ball passage increases with the specific speed. Typical values for 
the ball passage are given in Table 7.2 and Fig. 7.19. In vortex pumps, the ball 
passage usually equals the diameter of the discharge nozzle. The same should be 
attempted for single-channel impellers, but in practice this goal is by far not al-
ways achieved as demonstrated by Fig. 7.20. 

To obtain the necessary ball passage, the outlet width of impellers with low and 
medium specific speeds is designed considerably larger than for pumps intended 
for transporting pure liquids. The upper curve in Fig. 7.2 gives an idea of the rela-
tive outlet width of sewage impellers with 2 to 4 blades; single-channel impellers 
of small pump sizes are often larger. The data in Fig. 7.19 are representative of 
b2/d2 because of the condition b2  dk. The large relative outlet width tends to yield 
high head coefficients, but because of the low blade numbers the slip factor γ 
drops, reducing the head (Chap. 3.3, Tables 3.2 and 3.3). Typical slip factors are 
given in Table 7.2; they depend on b2/d2, d1/d2, sch and 2B. The BEP head coeffi-
cients which can be achieved are shown in Fig. 7.18; Table 7.2 gives head coeffi-
cients at shut-off. 

The flow through pumps with single-channel impellers which are designed for 
very large ball passage is highly 3-dimensional and unsteady. Rough running and 
impairment in efficiency are the consequence. To appreciate the impact of the ball 
passage on efficiency, suppose that the ball passage is selected to the criterion 
dk = dd (dd = diameter of the discharge nozzle). As a consequence, the impeller 
inlet diameter d1, the outlet width b2 and the volute or casing throat area d3q must 
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Fig. 7.18. Pressure coefficients for sewage pumps 
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Fig. 7.19. Ball passage diameter dk referred 
to impeller diameter d2 for single-channel 
impellers from three manufacturers 

Fig. 7.20. Ball passage diameter dk referred 
to discharge nozzle diameter dd for pumps 
with single-channel impellers 
 

at least be equal to the discharge nozzle diameter: d1 = b2 = d3q = dd. The impact of 
selecting dk = dd on the efficiency is threefold: (1) d3q = dd implies that there is no 
flow deceleration in the diffuser; the associated sudden deceleration from the im-
peller outlet velocity c2 to the throat velocity c3q = cd brings about high losses; 
(2) The large impeller outlet width causes a strongly non-uniform flow distribu-
tion and mixing losses in the casing; (3) If the impeller inlet diameter is larger 
than optimum, the efficiency is impaired.  

Efficiency impairment with 2- and 3-bladed impellers is less severe than in sin-
gle-channel impellers as seen from Table 7.2. Essentially it is due to the non-
uniform flow in the impeller which is induced by the large impeller outlet width. 

Studies on optimizing single-channel impellers were reported in [7.56] and 
[7.57]. In [7.56] the impeller blade wrap angle was varied between 289° and 420°; 
the optimum efficiency (64%) was found at 370° while it dropped to 50% at a 
wrap angle of 289° and was opt = 61% at 420°. 

A parametric study of a pump with single-channel impellers has been done in 
[9.29]; the main data were nq = 45, 1B = 5°, 2B = 30°, sch = 325°. The torque 
fluctuations measured were: at q* = 1: ± 3%; q* = 0.28: ± 20%; q* = 1.4: ± 8%. 
The largest variation occurs when the impeller blade trailing edge passes the vo-
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lute cutwater. The torque fluctuation is due to the interaction of the flow in the 
impeller with the flow in the casing. Depending on q*, 70 to 90% of the torque 
fluctuation amplitude occurs at the rotational frequency; the rest mainly at 2fn and 
3fn. Axial force fluctuations were of similar magnitude as the torque fluctuations. 

The impeller outlet width was varied from b2/d2 = 0.29 to 0.69. The width b3 of 
the casing was adapted to the impeller width, while the impeller inlet diameter was 
kept constant at d1/d2 = 0.48. Varying the impeller outlet width had little effect on 
the coefficients of the radial force coefficient kRu as defined by Eq. (9.7).  

When increasing the axial gap width s between the casing and the blade of the 
open impeller from s/b2 = 0.005 to 0.053, the BEP flow rate shifted to lower flow 
by about 30%, the head coefficient dropped by 12% and the efficiency diminished 
from 52 to 39%. While the static radial force coefficient kRu was little affected by 
the change in clearance, the hydraulic unbalance at low flow decreased (at shutoff 
by 20%) but increased at high flow by typically 25%.  
 
Table 7.2 Sewage pump design data nq* = nq/nqRef        with     nqRef  = 1 

Q ≤ 1 m3/s  a = 1 06.0

n
45

0.15

Q
Q

q
fRe a 0.1m =  

Q > 1 m3/s a = 0.5 Efficiency of water pumps 
according to Table 3.9 0.05

Ref
2

q
m

Ref
Ropt, Q

Q
23
n

log0.35 0.3
Q

Q
 0.0951 −−−=η  

Sewage pump efficiency ηη=η fRopt,opt  

Efficiency multiplier f  Blade wrap  Ball passage  
Pump type  

Average Range sch [°] dk/d2 
zLa = 1 0.82 0.65 to 0.95 280 to 350 0.2 to 0.5 (Fig. 7.19) 
zLa = 2 0.91 0.8 to 0.98 220 to 270 dk/d2 = 0.13Ln(nq*) - 0.26 
zLa = 3 0.94 0.9 to 0.99 170 to 220 dk/d2 = 0.08Ln(nq*) - 0.11 

Vortex 0.6 0.45 to 0.8 
06.0

Q
Q

fRe

opt 0.8)  to0.7(f =η      QRef  = 1 m3/s 

Vortex 0 = 1.38 - 0.0112 nq/nqRef   
zLa = 1 0 = 1.45 - 0.0046 nq/nqRef 
zLa = 2 0 = 1.36 - 0.0035 nq/nqRef 

Pressure coefficient at shut-
off 

zLa = 3 0 = 1.39 - 0.002 nq/nqRef 
zLa = 1 opt = 0.48 to 0.6 
zLa = 2 opt = 0.53 to 0.65 

Typical slip factors 
for nq < 60 
from Eq. (T3.2.9) zLa = 3 opt = 0.67 to 0.75 

Vortex u2,max [m/s] = 45 - 0.42 nq/nqRef   
zLa = 1 u2,max = 30 to 34 m/s        up to  nq = 60 
zLa = 2 u2,max [m/s] = 38 - 0.15 nq/nqRef 

Impeller tip speed 
 
Minimum to reduce risk of 
clogging:    
u2,min = 12 m/s zLa = 3 u2,max [m/s] = 42 - 0.15 nq/nqRef 
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A closed impeller performed better than an open impeller with a gap width of 
s/b2 = 0.0057: the BEP shifted slightly to higher flow; the shutoff head was not af-
fected, but the difference in head increased linearly with the flow attaining 35% at 
q* = 1.5. The efficiency at BEP increased by 1%, but at q* = 1.5 the efficiency of 
the closed impeller was 44% as opposed to the open impeller with only 35%. The 
radial force coefficients were virtually the same with the closed and open impel-
lers. The ratio of the axial thrust of the closed impeller to that of the open impeller 
was about 0.5 at shutoff and 0.3 near BEP. Hence, closed impellers have higher 
performance and lower axial thrust than open impellers. 

The impeller tip speed of single-channel impellers must be limited in order to 
keep the excitation forces due to the hydraulic unbalance (Chap. 9.3.9) within 
manageable limits. Values for the maximum tip speeds are given in Table 7.2. A 
minimum tip speed of about 12 m/s should be considered to avoid deposits in the 
volute. Since the blades are not well adapted to the flow, vortex pumps are prone 
to cavitation noise which increases with the flow rate. 

At the inlet, the blades of impellers with 2 or 3 blades must be thickened to ap-
proximately emax/d2 = 0.05 and well profiled to prevent textiles or plastic foils get-
ting caught on the leading edges. For single-channel impellers the leading edge 
thickness is even higher: in [7.56] emax/d2 = 0.1 was used; in [7.57] an even thicker 
leading edge profiled on the pressure side was found to reduce the risk of clogging 
by long fibers (up to 300 mm). The blade angles at the impeller inlet are chosen 
relatively small to improve the partload and noise characteristics. The range of 
wrap angles of the blades is given in Table 7.2. 

Figure 7.21 shows a sewage pump designed with a 3-bladed impeller. The rear 
shroud includes expeller blades in order to reduce the axial thrust and to keep the 
impeller sidewall gap free of coarse solids. Wear plates are installed adjacent to 
the front and rear shrouds to prevent casing wear. 

 

Fig. 7.21. Sewage pump; Qopt = 1.1 m3/s, Hopt = 18 m at n = 590 rpm, Sulzer Pumps 
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7.5 Semi-axial impellers 

As discussed in Chap. 2, semi-axial pumps are designed with specific speeds of 
about nq = 30 to 200. This wide range is given rather by design than by hydraulic 
requirements. Hydraulically, the semi-axial design is at an optimum between 
about nq = 40 and nq = 160. With regard to the shapes of the impeller, the transi-
tion from radial to semi-axial and axial pumps is continuous (Fig. 3.8). Semi-axial 
impellers with specific speeds below nq = 50 differ little from radial pumps in their 
hydraulic characteristics; both are therefore designed according to the same prin-
ciples using slip factors. 

Assuming an optimum design, semi-axial pumps are superior to pumps with 
radial impellers above nq  60 since the discharge flow from radial impellers be-
comes more non-uniform with increasing specific speed due to the flow deflection 
in the meridional section and growing blade span. At specific speeds above 
nq  150, semi-axial pumps have characteristics similar to propeller pumps and the 
calculation according to the slip factor concept becomes uncertain due to the 
widely spaced blades. 

Semi-axial impellers are basically designed according to Chap. 7.2; however, a 
number of special features must be considered which result from the radius ratio 
d2a/d2i at the impeller outlet. The geometrical features of a stage are shown in 
Figs. 7.22 and 7.4. 
1. The head coefficient ψ = ψ2a is selected from Fig. 3.21 and the blade diameter 
d2a on the outer streamline calculated from Eq. (T7.1.3). 
2. The shape of the impeller in the meridional section is strongly influenced by the 
angle εs formed by the outer streamline with a normal to the rotor axis. This angle 
increases with the specific speed approximately according to Eq. (7.12); for axial 
impellers it becomes 90° by definition. 

LLe 

d4a d4i d3i d3b d3a

b3

εs 

Gap B 

 
 

Fig. 7.22. Some design parameters of a semi-axial stage 
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Executed pumps are in the range of ± 5° of the angles calculated from Eq. (7.12), 
[B.2], [B.18], [3.15]. 
3. The mean impeller outlet diameter can be written as: 
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The diameter of the inner streamline is obtained from: 
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Equations (7.13 and 7.14) produce a ratio d2i/d2a = 0.52 for nq = 200, which, ac-
cording to Fig. 7.24, quite accurately corresponds to the hub ratio of an axial 
pump of this specific speed. The empirical correlation provided by Eq. (7.13) con-
sequently produces a smooth transition from semi-axial to axial impellers. 
4. As in Chap. 7.2.1 and Table 7.1 the impeller inlet is calculated according to the 
required suction specific speed. The blade inlet angles are generally in a range of 
12 to 18°. With specific speeds above nq = 150 the explanations in Chap. 7.6 con-
cerning axial pumps must also be observed. According to [B.18] the flow coeffi-
cient in the design point can be selected as follows: 
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1 n
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)27.0to18.0(=ϕ             nq,Ref = 200 (7.15) 

The upper limit must be selected for optimum efficiency and the lower limit for 
high suction specific speeds. 
5. Number of blades: For specific speeds below nq  140 the criteria given in 
Chap. 7.2 apply. In the lower nq-range, 7 blades are a good choice; nonetheless, 5 
to 7 blades can be selected throughout the range 20 < nq < 140. Table D7.3 
(Chap. 7.6.2) gives an indication for the blade number for nq > 140. However, the 
solidity L/t is the more important criterion. The solidity required at the outer 
streamline can be estimated from Eq. (7.16) according to [B.18]. 
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As further indication of the required blade length on the outer streamline the fol-
lowing relationship can be derived from data given in [B.18]: 
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The blade length resulting from Eq. (7.17) is considered the minimum necessary 
to forestall an instability of the Q-H-curve. 
6. The impeller outlet width can be determined according to Fig. 7.2. 
7. The impeller outlet angle on the outer streamline β2B,a is determined as in 
Chap. 7.2. The following information for the selection of the blade angles is given 
in [B.18]: 

• The highest efficiencies are obtained when the blade outlet angle on the mean 
streamline is selected as β2B,m = 20 to 26°. 

• On the streamline with the diameters d1b and d2b, inlet and outlet angles should 
not deviate by more than ± 2°. In the blade development the mean streamline 
will then almost result in a straight line. 

• In addition, β1B,a < β2B,a should be executed at the outer streamline and 
β1B,i > β2B,i at the inner streamline. 

To determine the distribution of the impeller blade outlet angle over the blade 
height an assumption has to be made with regard to the energy transfer on the 
various streamlines. In principle, this energy distribution can be selected arbitrar-
ily. However, to obtain reproducible results the designer usually selects a specific 
distribution of the angular momentum on the impeller outlet according to: 
u×cu = f(r) or cu = cu,a(ra/r)m. 
As per Table D7.2 three possibilities are compared in the following: 

A. In the free vortex design with m = 1 (that is u×cu = ua×cu,a = constant) the 
same blade work is transmitted theoretically on each streamline. The circum-
ferential component of the absolute velocity grows from the blade tip to the 
hub according to: cu(r) = cu,a×ra/r. 

B. When selecting the exponent m = 0, the absolute velocity over the blade 
height becomes constant: cu (r) = cu,a. 

C. The fluid rotates with constant angular velocity like a solid body if m = -1 is 
chosen: cu(r) = cu,a×r/ra. 

These three options for allocating the angular momentum over the blade height 
at the impeller outlet yield different distributions of the specific work, the static 
pressure, the total pressure and the flow angles in the relative and absolute refer-
ence frames. The corresponding equations, which were derived assuming constant 
meridional velocity and swirl-free approach flow, can be found in Table D7.2.  

If the blading is designed according to the law of the free vortex, the radial 
equilibrium is inherently satisfied. This implies that the axial velocity (apart from 
boundary layer effects) remains roughly uniform since no forces normal to the 
main flow direction cause a re-distribution of the fluid. However, the strong flow 
deflection on the hub requires a correspondingly high blade twisting. The hub di-
ameter must be selected sufficiently large in order to limit the twist and avoid flow  
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separation, see Chap. 7.6. The static pressure drops significantly from the tip to 
the hub while the total pressure over the blade height remains constant. At the hub, 
kinetic energy is at its maximum and exceeds the value on the outer streamline by 
the factor (ra/ri)2. The diffuser approach flow angle is smaller on the hub than on 
the outer streamline. Consequently, the flow deflection to be achieved in the dif-
fuser is greater on the hub than on the tip, which is likely to cause flow separation 
near the hub. Furthermore, a large amount of kinetic energy has to be converted 
into static pressure on the hub to avoid losses due to secondary flows and turbu-
lence. Due to these unfavorable flow distributions, the diffuser is an altogether 
critical element in free vortex designs since the diffuser vanes are subjected to ex-
treme loading at the hub. The recoverable kinetic energy at the diffuser inlet di-
minishes with rising specific speed because the ratio of the circumferential veloc-
ity c2u to the axial velocity c2m decreases. 

If the impeller is designed for constant absolute outlet velocity, the blade work 
diminishes from the outer to the inner streamline in proportion to the radius. Ra-
dial equilibrium is no longer ensured so that radial flows are induced and a con-
stant meridional velocity cannot be expected. Static pressure and total pressure de-
crease slightly towards the hub, but to a significantly lesser degree than with free 
vortex blading.  
When the blading is designed according to the forced vortex, the radial equilib-
rium is disturbed most severely. The twist of the impeller blades is minimized in 
this design. Energy transfer and total pressure rise on the hub are lowest. Accord-
ing to [B.18], the blading designed for the forced vortex has advantages when 
trimming the impeller, since the loss in efficiency is reduced.  

As extensively discussed in Chap. 5, stability of the Q-H-curve, power con-
sumption and head at shut-off operation greatly depend on the meridional section 
and the position of the leading and trailing edges. The explanations in Chap. 5.6 
should therefore be observed when selecting these design parameters. It is impor-
tant to manufacture the impellers of high specific speeds with good surface finish 
and to profile the trailing edges on the suction surface, [B.18].  

7.6 Axial impellers and diffusers 

7.6.1 Features 

Axial (or “propeller”) pumps are used for large flow rates with low heads. Typical 
applications are irrigation, sewage treatment plants, cooling water pumps and 
drainage systems. As a rule, these pumps draw the water from an open sump. Ver-
tical pumps are used in wet pit and dry pit installations. Smaller units are also 
equipped with submersible motors. 

Since suction is taken from surface waters, the atmospheric pressure and the 
necessary submergence (Chap. 11.7.3) determine the available NPSHA which 
amounts to 10 to 14 m in the majority of applications. This circumstance has a sig-
nificant effect on pump selection and impeller design.  
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The blades of high-quality propeller pumps are designed as slim airfoils. They 
are individually attached to the hub unless a cast impeller is used which is the case 
for pumps of small or moderate size. For mechanical reasons and because of the 
given NPSHA, the impeller tip speeds are limited to about u2 = 25 to 28 m/s (apart 
from special designs). 

Axial pumps are mainly employed in the range above nq  150. Although ax-
ial pumps can be designed for lower specific speeds, semi-axial pumps are supe-
rior to axial pumps in the range up to approximately nq = 170 unless the plant lay-
out or other design reasons call for a purely axial design. The majority of axial 
pump applications is in the range 180 < nq < 300. These are single-stage machines 
with axial approach flow to the suction bell. 

As a result of flow separation due to excessive deceleration and incidence, the 
Q-H-curves of propeller pumps, as a rule, have a pronounced saddle-shaped insta-
bility which restricts the allowable operating range (see Figs. 4.10 and 5.25, also 
Chap. 11). 

Since the impeller inlet and outlet diameters of an axial pump are identical by 
definition, the energy is only transmitted through deflection of the absolute flow 
and deceleration of the relative velocity, see definition of Ysch in Eq. (T3.3.2). 
During operation near the best efficiency point, there is no centrifugal effect. As 
discussed in Chap. 5, centrifugal forces become effective only with pronounced 
partload recirculation. The achievable head coefficients are therefore low, 
Fig. 3.21. Accordingly, the deflection of the flow is minor. Consider a propeller 
pump of the specific speed nq = 230 with axial approach flow, a head coefficient 
of ψopt = 0.22 and a hydraulic efficiency of 88% as an example. The required flow 
deflection is calculated from Eqs. (T3.3.9), (T3.2.11) and (T3.2.15) as follows: 

1
2

1
12

h
1

tantan arc β−
−

β
=β−β=βΔ

η
ψ

 (7.18) 

Assuming β1 = 12°, flow turning is only  = 1.7° on the outer streamline in the 
present example. As a consequence, axial pumps react very sensitively to minor 
errors in the blade angles which would hardly be noticed with a radial impeller. It 
is therefore useful to design the blade fixation on the hub so that the blade position 
can be modified if the required performance data are not achieved. This design 
also allows performance adjustments when operating requirements change.  

Because of the sensitivity to minor geometrical deviations and since the blades 
do not form actual channels due to a lack of overlap, calculation methods accord-
ing to the slip factor concept are unsuitable for axial impellers. For this reason, 
propellers are designed according to the airfoil theory unless numerical methods 
are employed. CFD is particularly suitable for this application insofar as strong 
centrifugal and Coriolis forces are acting normal to the main flow direction. The 
blade height is large compared with the flow path length through the impeller; 
hence streamline theory has its limitations. Nevertheless, the streamline theory is 
useful to make the first design before a numerical optimization can be started.  

As mentioned above, cavitation limits the impeller tip speed, hence the rotor 
speed for a given set of performance data. In order to reliably predict the cavita-
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tion characteristics in the design stage, the pressure distributions on the blades 
should be calculated. This calls for numerical methods if high-quality pumps are 
to be designed. Not only Navier-Stokes programs but also simpler – and consid-
erably faster – methods (e.g. singularity methods) can be employed for this type of 
calculation. With the frequently used free vortex blading, simple methods may be 
used with success since the radial equilibrium is satisfied. If the blades are de-
signed for different vortex distributions, 3D-programs should be considered, 
Chap. 7.5. 

7.6.2 Calculation and selection of main dimensions 

In contrast to radial or semi-axial impellers, the conditions at the impeller inlet and 
outlet of propeller pumps cannot be treated independently. Even the speed is not 
necessarily needed when specifying the pumping task. In the following we con-
sider therefore the general case where only flow rate Qopt, head Hopt and the suc-
tion conditions in the system (i.e. NPSHA) are specified. Since the head is low, 
losses in inlet, column pipe, outlet elbow and valves can take a considerable frac-
tion of the head. Such additional losses should therefore be considered when es-
tablishing the design head to be developed by the impeller since they have an ef-
fect on the optimization of the hydraulics, [3.15].  

The first task of the design is to determine the speed n, the impeller outer di-
ameter d2, the hub ratio ν = dn/d1a (or hub diameter dn), the specific speed nq, the 
head coefficient ψ, the flow coefficient ϕ and the cavitation coefficient σ. These 
seven unknowns must be selected such that the specified head is achieved and the 
pump can be safely operated with the specified NPSHA value. Seven equations ac-
cording to Table 7.3 are available to determine these quantities.1 

Explanations to Table 7.3: 

• Axial approach flow with α1 = 90° and blading according to cu×r = constant are 
assumed (Chap. 7.5). 

• The hydraulic efficiency (e.g. from Table 3.9) must be assumed for the initial 
calculation and verified after designing the blading. 

• Corresponding to the specified NPSHA a cavitation criterion or the required 
NPSHR of the pump must be chosen. To this end, a safety margin FNPSH accord-
ing to Table 6.2 can be determined to calculate NPSHR = NPSHA/FNPSH. An al-
ternative criterion would be to assume NPSHA = NPSH( η=0). The pump would 
then operate with that extent of cavitation which is just below the level where 
efficiency would begin to drop. This assumption allows to calculate NPSH(  η=0) 
from Eq. (T7.3.6) which originates from [7.20]. However, no information is 
available about the scatter of the test data around this correlation. 
 
                                                           

1 One could also formulate an equation d2 = f(n) by inserting Eqs. (T7.3.1) and (T7.3.2) into 
Eq. (T7.3.3). Further equations for ν = f(n) and NPSH = f(n,d2) could be derived to obtain 
three more complicated equations to determine the three quantities n, d2 and ν. 
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 Table 7.3 Main dimensions of axial impellers. Note: nq with rpm, m3/s, m 

Assumptions axial approach flow: α1 = 90o 
Constant angular momentum: cu×r = c2u,a×r2 

Eq. 

Given/selected quantities Qopt, Hopt, NPSHA, FNPSH, ηh 

Required NPSHR NPSHR = NPSHA/FNPSH FNPSH acc. Table 6.2 
Desired quantities n, d2, ν, nq, ψ, ϕ, σ 
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=  7.3.1 
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H g 2 =≡ψ ψ       nq,Ref = 180 7.3.2 
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)0( 2 14.114.0 ϕ+ϕ+=σ =ηΔ  7.3.6a Cavitation coefficient 
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Calculation of pressure coeffi-
cient for selected flow coeffi-
cient 
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−

η

ψ
+ϕϕ=ψ  7.3.8 

Plot in a graph: NPSHR, u2 and β1 = arc tan ϕ as a function of rotor speed. 
If pump is driven directly by electro motor: use standardized speeds  

• Equation (T7.3.2) gives an indication of the maximum head coefficients to be 
selected in practice. With fψ = 1 it approximately constitutes the upper limit of 
the curve given for ψopt in Fig. 3.21 which reflects the data of various publica-
tions (among these [B.22] and [3.15]). If cavitation must be optimized, larger 
impeller diameters are required; the head coefficients and the constant fψ must 
be reduced accordingly (e.g. fψ = 0.9). The head coefficients given by 
Eq. (T7.3.2) can be exceeded in cases where a targeted high head takes prece-
dence over cavitation and partload characteristics. 

• Hub ratio: Like the relative outlet width b2* of radial impellers, the ratio 
ν = dn/d2 is a most important design parameter which has an effect on the effi-
ciency and the blade twist at the impeller inlet and outlet. Various criteria can 
be utilized here: (1) The blade outlet angle on the hub β2B,i should be less than 
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90°. (2) The deceleration ratio of the relative velocity on the hub should not be 
below an allowable value, i.e. w2i/w1i ≥ 0.6. (3) In a swirling flow, a core of 
stalled fluid is formed when the diameter ratio drops below a specific limit. The 
criterion for core stall is cm/c2u,i ≥ 1. For blading according to cu×r = constant 
this leads to the condition stated by Eq. (T7.3.5) which is used subsequently. 
(4) The hub diameter can also be calculated according to the values for ψi given 
in Fig. 3.21. For the blading according to cu×r = constant this produces a hub ra-
tio of ν = (ψa/ψi)0.5. The attainable head coefficient is limited by the hub ratio. 
Higher head coefficients can also be achieved with axial impellers when the 
hub ratio ν is increased. 

• The flow coefficient is calculated from Eq. (T7.3.4), if Eq. (T7.3.5) is substi-
tuted for  in Eq. (T7.3.1) and the resulting quadratic equation is solved for ϕ. 

• Instead of calculating NPSH( η=0) from Eq. (T7.3.6a), it is possible to use the 
coefficients λc and λw according to Eq. (6.10) and Eq. (T7.3.6.b). Following 
this approach, the λ-values have to be selected in accordance with the selected 
cavitation criterion. The dependency of the λ-values on the flow coefficient and 
the geometry should also be considered. It may be derived from test data gath-
ered on similar pumps and impeller designs. 

The equations of Table 7.3 supply a single solution for given values of Qopt, 
Hopt and NPSHA, which can be found iteratively. However, a more direct and ob-
vious method than the iteration is to treat the speed as an independent variable and 
to plot the NPSHR, the circumferential speed and the approach flow angle against 
the rotor speed. If the speed range is selected sufficiently large, a minimum value 
in the curve NPSHR = f(n) will be found as shown in Fig. 7.23. Entering the dia-
gram at the given NPSHR value (e.g. at NPSHA/FNPSH), one obtains exactly the 
speed which is required to accomplish the specified pumping task. At the same 
time, the seven equations are satisfied and the selected NPSH-margin is main-
tained. When the speed has been determined in this manner, all other quantities 
(d2, ν, ϕ, ψ) can be calculated from Table 7.3. 
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Fig. 7.23. Selection of the speed of an axial pump for a given NPSH 
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If an electric motor is employed as a direct drive, the standard speeds must be 
used according to the frequency f of the electrical power supply. The synchronous 
speed is calculated with the number of pole pairs p = 1, 2, 3, from Eq. (7.19). 

p
f60nsyn =  (7.19) 

The slip of asynchronous motors is 1 to 1.5% of the synchronous speed. The speed 
of asynchronous motors is thus obtained by multiplying nsyn from Eq. (7.19) with a 
factor between 0.985 and 0.99.  
However, additional criteria must be observed when selecting the speed: 

• The approach flow angle β1 must not be selected too large. According to [3.15] 
the best cavitation characteristics are obtained at β1 = 10 to 12°. The larger the 
approach flow angle, the higher will be the flow rate at which the Q-H-curve 
becomes instable. For this reason, a small approach flow angle is also propi-
tious for achieving a wide operating range. In general, the approach flow angle 
should hardly exceed β1 = 15°, but β1 = 10 to 12° is recommended when good 
cavitation characteristics are important. At nq < 250, this requires smaller head 
coefficients than given by Eq. (T7.3.2) and correspondingly larger pumps. A 
factor fψ < 1 must then be employed in optimization calculations according to 
Table 7.3. It is also possible to select the approach flow angle (or the flow coef-
ficient) and determine the head coefficient iteratively from Eq. (T7.3.8), while 
maintaining the hub ratio as given by Eq. (T7.3.5). 

• The hydraulic efficiency drops with increasing specific speed. If a high effi-
ciency is desired, the speed must be selected lower than would be permissible 
with respect to cavitation in order to avoid too high a specific speed. 

• As mentioned above, the impeller tip speed should also be limited for mechani-
cal reasons. 

By means of the equations in Table 7.3, the dimensionless parameters ψ, ϕ, ν and 
σ can be calculated and plotted as functions of the specific speed. Figure 7.24 
shows the characteristics obtained, which are based on the head coefficients given 
by Eq. (T7.3.2). Figure 7.25 supplies the parameters when a flow coefficient of 
ϕ = 0.22 (or β1 = 12.4°) is specified. Optimization calculations in [7.39] produced 
similar (at high nq up to 10% higher) hub ratios as Figs. 7.24 and 7.25. 

If a maximum impeller tip speed is assumed, the attainable head and the neces-
sary NPSHR can also be plotted against nq as done in Fig. 7.26. These diagrams 
provide a quick overview of the design options for a specific pumping task (sub-
ject to the assumptions made for the calculations). The curves depend especially 
on the head coefficients selected according to Eq. (T7.3.2). 
Impeller blade number zLa: The optimum number of blades zLa decreases with 
increasing specific speed as shown by Table D7.3. The optimum blade number is 
determined by the blade loading so that the final selection has to be verified during 
the blade design process. 
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Fig. 7.24. Dimensionless coefficients of axial pumps. (The curves for ϕ and σ( η=0) virtually 
coincide.) 
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Fig. 7.25. Hub ratio, lift and pressure coefficients of axial pumps calculated for ϕ = 0.22 
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Fig. 7.26. Approximate head and NPSH (η = 0) of axial pumps at u2,max = 28 and 25 m/s 

Table D7.3 Impeller blade numbers for nq > 140 
nq 140 to 170 160 to 230 220 to 290 > 290 

zLa 5 6 7 4 3 2 
7 8 9 7 5  5  
8 11 10 9 7 7 zLe 
9 13 11,12 11 10 9 
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7.6.3 Basic properties of airfoils 

Airfoil geometry: As mentioned above, the blades of axial pumps (with the pos-
sible exception of small inexpensive machines for uncritical service) are designed 
as airfoils whose geometrical characteristics are explained with reference to Ta-
ble 7.4. An airfoil can be imagined as a camber line (with maximum camber f) on 
which a symmetrical profile is superimposed according to a specific thickness dis-
tribution. The resulting coordinates of the profile, upper (or suction) surface yo(x) 
and the lower (or pressure) surface yu(x), completely describe the airfoil. The 
chord on the camber line (NACA airfoils) or the profile tangent (Göttinger air-
foils) is used as reference axis or x-axis. All dimensions are based on the profile 
length L. The following geometric parameters have an effect on the flow charac-
teristic (see figure in Table 7.4): 

• maximum thickness ratio d/L 
• relative thickness position xd/L 
• camber f/L and its position xf/L on the profile chord 
• nose radius rk/L 
• shape of camber line (e.g. S-shaped) 

Airfoil flow: If an airfoil is exposed to the undisturbed approach flow velocity w∞ 
under the angle of attack δA, a stagnation point is formed near the leading edge, 
Fig. 7.27. At δA = 0 the stagnation point is right on the leading edge, but it moves 
away from the edge with increasing incidence (hence there is a flow around the 
leading edge at δA ≠ 0).  

On the suction surface of the airfoil the flow is accelerated and the static pres-
sure drops accordingly. Downstream of the maximum airfoil thickness, where the 
profile tapers off, the flow is decelerated and the static pressure rises up to the sur-
rounding pressure p∞.  

Near the nose of the airfoil the boundary layer is laminar, but it becomes turbu-
lent after a specific flow path length. This transition depends on the Reynolds 
number, the turbulence of the approach flow and the roughness. Flow separation 
occurs where the boundary layer becomes too thick (or the deceleration too high). 
The wake is formed by the boundary layers and stalled fluid. 

The local velocities determine the pressure distribution which, when inte-
grated, yields the forces acting on the airfoil. The pressure distribution also deter-
mines the onset and extent of cavitation, Chap. 6. According to Bernoulli’s equa-
tion the local pressure coefficient is obtained from cp = 1 - (w/w∞)2. As per 
Eq. (T7.4.4), cp represents the distribution of the local static pressure referred to 
the stagnation pressure. With increasing incidence the low-pressure peak grows, 
the flow around the profile nose increases and the location of the pressure mini-
mum moves closer to the leading edge, Fig. 7.28. The magnitude of cp,min grows 
with increasing thickness and curvature ratio of the profile. The pressure remains 
constant in the separated flow. 
Lift and drag: The fluid movement exerts a force F on the airfoil. This force is 
obtained by integrating the pressure and shear stress distribution on the airfoil.  
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Fig. 7.27. Flow around an airfoil according to [7.26] 
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Fig. 7.28. Pressure distribution on airfoil NACA 652-415 according to [7.25] 
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The resultant force is made up of a component Fa normal to the approach flow di-
rection, the “lift” and a force Fw in the direction of the approach flow, the “drag” 
or “resistance”. The resistance consists of the “skin friction drag” and the “pres-
sure drag” (or “form drag”). The friction drag practically does not change with the 
incidence while the form drag increases with rising angle of attack and grows se-
verely when the flow separates from the airfoil. 

The flow characteristics of an airfoil are described by the lift and drag coeffi-
cients, the pressure distribution and the minimum pressure coefficient cp,min. With 
a given profile these values primarily depend on the angle of attack δA, which con-
stitutes the angle between the direction of the undisturbed approach velocity w∞ 
and the profile chord (or the profile tangent). The local incidence i1 = β1B - β1 be-
tween the velocity vector at the leading edge and the camber angle must be distin-
guished from the angle of attack δA between w∞ and the profile chord. The inci-
dence i1 determines the pressure distribution near the leading edge; thus it is 
relevant for cavitation. The incidence of shockless entry (i1 = 0) is described as 
δSF; it corresponds to the “design angle” of the profile. The angle between the lift 
and the resulting force F is called the “gliding angle” λ. The ratio ε = Fw/Fa = tan λ 
is termed “drag-to-lift ratio”. The drag-to-lift ratio of commonly used airfoils is in 
the range of 0.01 to 0.04 depending on the angle of attack. It can be seen as a 
measure for the hydraulic quality of the profile. At a specific approach flow angle 
– the “zero lift direction” – the airfoil is not subjected to any lift. 

Profile coordinates and flow characteristics of airfoils are published in airfoil 
catalogues and manuals based on measurements and calculations, e.g. [7.25] to 
[7.27]. The lift coefficients are often presented in “profile polars” according to 
Fig. 7.29 as a function of the drag coefficient. A line drawn from the coordinate 
origin to any point on the curve represents the dimensionless resultant force acting 
on the profile with the components of lift and drag. The tangent from the origin to 
the polars defines the operation point with the optimum gliding angle or minimum 
loss. The design point of airfoils is preferably selected close to this optimum.  

For application in pump design (where the resistance is less significant than 
with aircrafts) the presentation of the lift coefficients as a function of the angle of 
attack according to Fig. 7.30 is more convenient. From this plot, it is possible to 
read the value of δA required for a specific lift coefficient. In the domain of small 
angles of attack, the lift coefficient grows virtually in proportion to δA. The maxi-
mum lift is obtained just prior to the onset of stall. The gradient is mostly in the 
range of dζa/dδA = 0.09 to 0.11. If δNA stands for the zero-lift angle, the lift coeffi-
cient can be calculated from Eq. (7.20): 

)(
d
d

NAA
A

a
a δ−δ

δ
ζ

=ζ  (7.20) 

Influence of the airfoil parameters on the aerodynamic coefficients:  
(1) The maximum local velocity increases with the thickness ratio d/L roughly ac-
cording to:  

wmax/w∞ = 1 + fp d/L                    with fp = 1.3 to 1.8 (7.21) 
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Fig. 7.29. Polar diagram for NACA652-415 Fig. 7.30. Lift coefficients as functions 
and NACA65-209, Re = 6×106  of the angle of attack A, Re = 6×106 

(2) With increasing thickness ratio d/L the magnitude of cp,min consequently in-
creases according to: 

+−=−=
∞ L

df2
L
df

w
w1c pp

2
max

min,p  (7.21a) 

The pressure minimum remains at the same location. Tables for the velocity ratios 
w(x)/w∞ were established for many airfoils so that the pressure distribution can be 
calculated for a selected profile, [7.27]. The lift coefficient of a profile in incident 
flow increases slightly with the growing thickness ratio since the streamline curva-
ture on the suction surface is amplified. The thickness ratio has only little effect on 
the gradient dζa/dδA. 
(3) When the relative thickness position xd/L is increased, the location of the pres-
sure minimum and the transition laminar/turbulent are shifted further downstream. 
(4) If the curvature gets stronger, the lift and the magnitude of cp,min increase. 
(5) The minimum drag coefficient is reached when the flow approaches in the 
zero-lift direction. The drag increases with the thickness ratio. 
(6) The point of attack of the resulting force (the “neutral point”) is located in the 
range of xN/L = 0.25 to 0.28. 

The linear relationship between lift coefficient and angle of attack allows an 
approximate formula as follows: 

Aa b
L
da δ+=ζ  (7.22) 

The gradients b of many profiles are within the range of b = 0.09 to 0.11. The 
property of the airfoils described by Eq. (7.22) allows to multiply the y-coordina-
tes of the profile geometry with a constant factor and to calculate the lift coeffi-
cient of the thickened (or slimmed down) profile from Eq. (7.22). In this way it is 
possible to thicken blades from the outer streamline to the hub without the need to 
select different profiles. After a profile has been selected, the applicable constant 
“a” can be easily calculated with Eq. (7.22) from the curve ζa = f(δA), since the 
gradient b is known as well. 
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The zero-lift direction δNA depends on the camber and the thickness of the pro-
file. For any profile δNA can be estimated either from Eq. (T7.4.5) or in graphic 
form by drawing a line from the trailing edge through the point of maximum cam-
ber (see upper figure in Table 7.4: line NA through point W). 

If the angle of attack δA,o is referred to the zero lift direction, the theoretical lift 
coefficient of a flat plate in incident flow is ζa = 2π×sin δA,o. According to the fig-
ure in Table 7.4, δA,o = δA - δNA applies (take note of the sign of the angles). Ex-
perience shows that the lift coefficient of any profile can be estimated according to 
the above theoretical relationship if a profile efficiency ηP is introduced which re-
sults in the approximation formula Eq. (T7.4.6). The drag coefficients, too, can be 
determined from an empirical relationship, Eq. (T7.4.7). 1 

The lift and drag coefficients depend on the Reynolds number. This is true es-
pecially in the range below the critical Reynolds number Re = w∞×L/ν, which is 
around 105. The lift coefficient increases with the Reynolds number. The transi-
tion laminar/turbulent is shifted upstream with increasing Re while the resistance 
drops. Except for oils and similar viscous media, pumps operate above the critical 
range. Rough surfaces reduce the lift coefficient, especially with high Reynolds 
numbers. 

7.6.4 Blade design 

It is possible to design an axial pump for any swirl distribution at the impeller out-
let (three possible distributions have been discussed in Chap. 7.5). The following 
discussion focuses on the design of the blading according to the free vortex con-
cept with cu×r = c2u,a×r2. Here, the same blade work Ysch = g×Hth is transmitted on 
all streamlines and the axial velocity over the radius is constant. If other swirl dis-
tributions are used, the cm-distribution should be calculated iteratively from the ra-
dial equilibrium. Apart from the variation of the axial velocity, the equations in 
Table 7.5 are written so that they can be used for any swirl distribution. 

The blade design is described in Table 7.5 which includes the velocity triangles 
for axial approach flow. The step-by-step procedure is described below:  

1. Given are the performance data. The hydraulic efficiency ηh can be estimated 
from Table 3.9.  

2. Several streamlines (cylinder sections) are defined on which the calculation ac-
cording to Eqs. (T7.5.4 to 7.5.8) is performed. The meridional velocity is as-
sumed to be identical on all sections. 

3. The approach flow angle in the relative system increases from the tip to the hub 
according to the ratio of the radii, Eq. (T7.5.2).  

4. Define shape of the hub (axial or slightly semi-axial). The hub diameter at the 
outlet can be calculated from Eq. (T7.3.5). 

5. The circumferential velocity component at the outer streamline which is re-
quired to achieve the specified head is calculated from Eq. (T7.5.3).  

                                                           
1 These approximation formulae originate from [B.1]. 
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6. At the outlet, the circumferential velocity component c2u and flow outlet angle 
2 increase from the tip to the hub, Eqs. (T7.5.4 and 7.5.5). Equation (T7.5.5) 

supplies the flow outlet angle for which the blading has to be designed. 
7. When designing the blades as airfoils, the approach flow velocity w∞ and angle 

β∞ are calculated from Eqs. (T7.5.6 and 7.5.7). 
8. According to Eqs. (T7.5.8a or 7.5.8b) it is now possible to determine the flow 

deflection coefficient ζaL/t for each of the streamlines. In this formula ζa 
stands for the lift coefficient, L for the length of the chord and t = 2π×r/zLa is 
the blade pitch on the cylinder section considered (definitions for airfoils see 
Table 7.4). Equation (T7.5.8) can be derived from the conservation of angular 
momentum, Chap. 3.2, if the external torque on the rotor is calculated from the 
forces acting on the airfoil according to Table 7.4. The term cos λ in the nu-
merator of Eq. (T7.5.8a) is frequently not written explicitly but set at 
cos λ  1.0 because the gliding angle λ of relevant airfoils is below 5°. This 
was done in the expression on the right-hand side of Eq. (T7.5.8a). Sometimes, 
sin (β∞+λ)  sin β∞ is assumed as an approximation resulting in Eq. (T7.5.8b). 
In this case the design implies some head margin since a higher deflection co-
efficient is specified. 

9. The velocity triangles at inlet and outlet can now be calculated from Tables 3.1 
and 3.2. As a result we get the velocities and the flow angles which are re-
quired to achieve the specified head. 

10. Blade length and pitch (solidity) must now be selected so that the deflection 
coefficient calculated in the respective cylinder section is obtained. Initially, 
only the product of ζa and L/t is known, which constitutes the required deflec-
tion coefficient. One of these two quantities must be selected so that the sec-
ond one can be calculated. One option is to estimate (L/t)a on the outer stream-
line from Fig. 7.31 as a function of the specific speed1. Alternatively, the lift 
coefficient ζa can be determined from Figs. 7.24 and 7.25. Executable values 
of ζa are slightly above the head coefficient so that ζa = (1.2 to 1.35)×ψa,opt can 
serve as a basis for the outer streamline. The blade length at the outer stream-
line is believed to be critical for achieving good performance in terms of the 
allowable operation range. Low blade loading is beneficial with respect to 
cavitation and the point of stall. 

11. An airfoil profile is selected according to the criteria given in Chap. 7.6.5. 
12. In order to determine the blade angles necessary to accomplish the flow de-

flection calculated from step 8, the camber angle  = 2B - 1B must be deter-
mined. This can be done according to the procedure given in [7.49], Ta-
ble 7.5(2). Incidence, deviation angle and blade angles follow from Eqs. 
(T7.5.21) to (T7.5.35). The procedure yields incidences which become nega-
tive at the outer streamline and positive at the inner streamline. However, it is 
necessary to design the blades for zero-incidence at the outer streamline in or-
der to realize the specified BEP flow rate. With negative incidence the opti-
mum flow rate would be below the design, as found for example in [7.50].  

                                                           
1 Figure 7.31 was derived from information provided in [B.22]. 



 7.6 Axial impellers and diffusers      391 

13. The deviation angle predicted from [7.49] may be too low. This can be derived 
from test data in [7.54] and [7.55] where the pressure rise predicted was not 
achieved. To compensate this deficiency, a correction factor Kexp has been in-
troduced in Eq. (T7.5.31). This factor is to be derived from test data with axial 
pumps; tentatively it can be set to Kexp = 1.25. 

14. As a result we have now the blade inlet and outlet angles, Eqs. (T7.5.34 and 
7.5.35). 

15. The camber determines the lift of the blade section. Consequently a suitable 
camber line (called “mean line” in [7.27]) is selected according to the lift coef-
ficient required for the considered blade section.  

16. The required angle of attack δA and the stagger angle follow from the lift coef-
ficient ζa as given by Eqs. (T7.5.37) to (T7.5.39). 

17. A symmetrical profile close to the required thickness (e.g. d/L = 0.06) is se-
lected; e.g. NACA 65-006. The tabled coordinates of the symmetrical profile 
are thus known, e.g. [7.27].  

18. The actual thickness required for any given blade section is obtained by cor-
recting the blade thickness coordinates by the factor fd = (d/L)actual/(d/L)base. 
This slightly modifies the profile characteristics, but the influence is neglected. 

19. For manufacturing reasons a final trailing edge thickness eTE is required; e.g. 
eTE/d2a = 0.001. The corresponding blade thickness correction is added to the 
blade coordinates. The trailing edge thickness is blended into the profile coor-
dinates over a selected length xTE/L; for example over 20% of the chord: 

xTE/L = 0.2. Using a linear blending function gives Eq. (T7.5.43). 
20. The coordinates of the symmetrical profile are calculated from Eq. (T7.5.45). 
21. Finally, the coordinates of the suction and the pressure surface are obtained by 

superposing the thickness distribution of the symmetrical profile on the camber 
line, Eqs. (T7.5.46) and (T7.5.47). 

22. All geometric parameters must vary smoothly over the blade height. The pre-
sent procedure ensures that blade length, thickness and camber fulfill this re-
quirement, Eqs. (T7.5.18) to (T7.5.20). 

Various recommendations for selecting these parameters can be found in the lit-
erature. Unfortunately, most data originate from tests on axial compressors (nota-
bly [7.49]) where the blading is significantly different from that of propeller 
pumps. The extent to which these recommendations can be applied to pumps is 
therefore uncertain. Nevertheless, the methods given in [7.49] are often applied for 
designing axial pumps.  

It is possible to derive the relationships for ζa and L/t given as Eq. (T7.5.13) 
from the literature. Summarizing the various data the following is obtained: 

• The lift coefficient in the design point ought to be selected in the range of the 
lowest gliding angle: ζa = 0.2 to 0.8 but not greater than: ζa = (1.2 to 1.35)×ψa 

• Maximum lift coefficient (at the inner streamline): ζa,max = 1.25 
• Solidity L/t = 0.4 to 1.2 
• Maximum deflection coefficient (at the inner streamline): (ζaL/t)max ≈ 1.5 
• On the hub, ψi must also be verified according to Fig. 3.21. 
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These recommendations must be observed primarily for the outer section of the 
blades. Compromises may be required near the hub. The greater the required flow 
deflection Δβ = β2 - β1, the greater L/t must be selected. 

The lift and drag coefficients given in the literature apply to individual airfoils 
of infinite span b (frequently measured for L/b = 5). The flow from the pressure to 
the suction surface around the tip reduces the lift of an airfoil of finite span. In an 
axial pump this flow is restricted by the narrow gap between the casing and the tip 
of the blade so that the profile in the pump tends to supply a slightly greater lift. In 
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Fig. 7.31. Selection of the blade length at the outer streamlines of axial pumps 

a cascade there is some interaction between the blades. In principle, some correc-
tion for the effects of span and cascade would therefore have to be made when ap-
plying data from individual profiles to the impeller of an axial pump. Since gener-
ally applicable rules for the cascade correction are not known, it seems to be 
common practice to ignore these corrections when t/L ≥ 1, [B.1] and [3.15]. Span 
correction is generally ignored as well since its effect is minor and to some extent 
compensates for the effect of the neighboring blades. 

The hydraulic losses consist of the actual blade losses which can be determined 
from the airfoil data plus friction losses on casing, hub, inlet and diffuser. The ac-
tual blade losses are obtained from Eq. (T7.5.9) when the drag-to-lift ratio of the 
profile is inserted. The hydraulic efficiency of the entire pump can also be esti-
mated by means of Eq. (T7.5.9) if the resulting drag-to-lift ratio εres is employed 
according to the correlations (T7.5.10 or 7.5.11), [B.1]. This calculation is per-
formed for the mean diameter dm of the blading: 

)1(5.0dd 2
2m1 ν−=  (7.22a) 

The allowable deceleration of the relative velocity on the various cylinder sec-
tions can be verified by means of the diffusion factor Dfz suggested by Lieblein 
[7.21], Eq. (T7.5.12). According to [7.22] and [7.23] a value of Dfz,a = 0.45 on the 
outer streamline and Dfz,i = 0.6 on the hub should not be exceeded. In [B.3] it is 
recommended to limit the value on the outer streamline to Dfz,a = 0.35. 

Forces and moments acting on the blade can be calculated from the lift and 
drag forces according to Table 7.5 for various cylinder sections. Integrating these 
over the blade height allows to determine the bending stresses at the root of the 
blade. In addition to the hydraulic forces, centrifugal forces are acting on the 
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blade. The lowest natural frequency of the blade must be calculated to ensure that 
it is sufficiently above the excitation frequency zLe×n/60, Chap. 10.7.1. The axial 
force acting on the impeller can be determined by integrating the axial force com-
ponents over the blade height (unless the approximation formulae according to 
Chap. 9.2 are preferred). Comments to calculation of forces and stresses: 

• The maximum head at partload should be used for checking the blade strength. 
To this end the ratio Hmax/Hopt is applied to the stresses calculated for BEP con-
ditions. This factor may be set to Hmax/Hopt = 1.6 to 2.0 

• The mean (steady) bending stress and alternating stresses are considered. At 
partload close to stall and flow recirculation the alternating lift forces are ex-
pected to be high. The dynamic lift components can be assumed to amount to 
35% of the steady forces. 

• The section modulus W is calculated for the blade section at the hub. In doing 
so, the camber is conservatively neglected. The area moment of inertia is calcu-
lated for the blade section at the hub. Again the camber is neglected making the 
calculation conservative with respect to the natural frequency of the blade. 

• The tapering of the blade thickness from the hub to the outer streamline is ne-
glected. This makes the calculating conservative by typically 2 to 4%. 

• For geometrically similar impellers the natural frequency is proportional to 
f ~ 1/d2. 

7.6.5 Profile selection 

The camber determines the lift of the blade section. According to the theory of 
thin blade sections, the lift is directly proportional to the camber. Consequently, 
the camber yc required to achieve a specific lift a at a specific blade section can be 
calculated by means of Eq. (T7.5.41) from any known (NACA or other) baseline 
profile having the lift coefficient a,base. The camber line of the selected baseline 
profile is given by yc,base = f(x) as tabled in [7.27]. a,base is the design lift coeffi-
cient of the tabled profile. Criteria for the selection of the profiles: 

1. The thickness distribution and the camber line both determine the pressure dis-
tribution. In order to achieve good cavitation characteristics, a profile with a 
flat pressure distribution and a low pressure coefficient cp,min should be se-
lected. With such profiles, the maximum thickness is sufficiently far away from 
the leading edge; xd = 0.5 appears to be close to optimum (e.g. the NACA65 se-
ries).  
Higher values of xd/L are not recommended since this would increase the risk 
of flow separations towards the rear of the profile. Lift coefficient (blade load-
ing), low-pressure peak cp,min and sensitivity to cavitation increase with growing 
profile thickness and camber. 

2. Shaping the camber line as a circular arc is unfavorable because such profiles 
are sensitive to excessive incidence. A parabolic camber line is superior in 
terms of cavitation since the first section of the blades can be configured so that 
a flatter pressure distribution is obtained.  
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Table 7.5 (1) Blade design of axial impellers 
A. Calculation of velocities required to achieve the specified head 

Assumptions and 
 definitions 

* cm = constant 
* x ≡ (r2/r)m  

Constant angular momentum: m = 1 cu = c2u,a×r2/r 
Solid body rotation:  m = -1 cu = c2u,a×r/r2 
Constant whirl velocity: m = 0 cu = constant 

Given or selected quantities Qopt, Hopt, ηh, n, d2, ν, nq, ψ, ϕ, ri = ν×r2 Eq. 
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Table 7.5 (2) Blade design of axial impellers according to [7.49] 
B. Determine incidence, deviation angle and blade angles 
The complete velocity triangles and w  ,  are known from Table 7.5 (1)  

Select zLa, zLe from Table D7.3  Eq. 
Blade tip clearance (tentative) D/d2 = 0.004 7.5.14 
Select solidity at outer streamline 
from Fig. 7.31. Eq. (7.5.15) gives 
higher length in order to reduce 
blade loading 
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cascade data; [7.49], Fig. 202, p. 247
According to tests in [7.54] and 
[7.55] typically 2° should be added 
to the values given by Eq. (7.5.24) 

For h < 0.355: h5.555.1)( D2c −=δ−δ  
For h > 0.355: 4.0)( D2c −=δ−δ  

7.5.24 

[7.49], Fig. 195, p. 242 m = 3.488×10-5 1
2 - 5.777×10-3 1 + 0.4107 7.5.25 

[7.49], Fig. 196, p. 243 b = -9.435×10-5 1
2 + 0.01594 1 + 0.2812 7.5.26 

Correction factor for deviation angle 
derived from experiments with axial 
pumps  

Kexp = 1.25 tentatively  
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Table 7.5 (3) Blade design of axial impellers according to [7.49] 
Factor for deviation angle taking into 
account the thickness ratio d/L, 
[7.49], Fig. 193, p. 241 
(K  = 1.0 for d/L = 0.1) 

2

L
d34

L
d6.6K +=δ  7.5.27 

Deviation angle for zero-cambered 
profile with d/L = 0.1. Simplified 
correlation [7.49], Fig. 194, p. 242 

y
o a σ=δ δ  

a  = 4.4103-0.1075 1 +0.000706 1
2 

y = 0.0000006258 1
4

 +  0.0001034 1
3 -

0.006011 1
2+0.137 1-0.1438 

7.5.28 

n = -0.68 + 0.007 1 -  2(-0.0000191 1
2+0.00152 1 +0.0179)-  (-0.1305-0.0103 1 

+0.0002124 1 
2-0.0000009543 1 

3) 
7.5.29 

{ }32b
i 0885.06419.04075.11ea

di
d 1i σ−σ+σ−= βδ  

ai = 1+0.58  +0.1273  2               and         bi = 0.0047  2-0.0322  

7.5.30 

Required camber angle (m from Eq. 7.5.25): 

nm1

di
d1)ii()(iKKK

b

D2
D2cD2coioexp12

+
σ

−

δ−−−δ−δ+−δ+β−β

=γ
δ

 

7.5.31 

Incidence )ii(niKi D2coic −+γ+=  7.5.32 

Deviation angle c = 2B - 2 
D2

D2cD2cboexpc di
d)ii()(mKK δ−+δ−δ+γ

σ
+δ=δ δ  7.5.33 

Blade inlet angle β1B = β1 + ic 7.5.34 
Blade outlet angle β2B = β2 + c 7.5.35 
The stagger angle is determined after selection of the profiles: 

calculate NA from Eq. (T7.4.5) 7.5.36 
Direction of zero lift in degrees 
referred to chord 

for comparison calculate NA from: 

−
−=δ

f
NA x1

ftana  7.5.37 

Angle of attack from required lift and 
selected gradient d a/d A δζ

ζ+δ=δ
Aa

a
NAA d/d

 7.5.38 

Stagger angle, 
use average A from Eqs. (T7.4.5) 
and (T7.5.38) 

βs = β  + A 7.5.39 

Camber line (mean line), [7.27], p. 74, 
Eq. (4.26) for uniform blade loading 

{ }xlnx)x1ln()x1(
4

y a
c +−−

π
ζ

−=  7.5.40 

Calculate the camber required for a 
specific lift a from a known profile 
designed for a,base ; applicable to any 
blade loading. 

base,a

a
base,cc yy

ζ
ζ

=  7.5.41 

Calculate slope dyc/dx of actual cam-
ber line from tabled slope for base base,a

a

base

base,c

actual

c
dx

dy
dx
dy

ζ
ζ=  7.5.42 
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Table 7.5 (4) Blade design of axial impellers  
Blending function for final trailing edge 
thickness, xBL = 1-xTE BL

BLTE
x1
xx

L2
ey

−
−=Δ  7.5.43 

Thickness distribution of symmetrical 
profile without TE correction base,sp

base

actual
sp y

)L/d(
)L/d(y =  7.5.44 

Thickness distribution of symmetrical 
profile with TE correction BL

BLTE
base,sp

base

actual
sp x1

xx
L2

ey
)L/d(
)L/d(y

−
−+=  7.5.45 

Blade coordinates, suction surface 
Θ−= sinyxx spSS  

Θ+= cosyyy spcSS
7.5.46 

Blade coordinates, pressure surface 
Θ+= sinyxx spPS  

Θ−= cosyyy spcPS  

=Θ
dx

dy
tana c  

from Eq. (7.5.42) 7.5.47 

 = L/t     solidity 
Dimensionless representation x = X/L, y = Y/L  
X and Y are the absolute coordinates in mm or m 
Forces, stresses, natural frequency 
Forces acting on a section of the blade 
average height of blade section r = 0.5( ra + ri) 7.5.48 
average radius r = 0.5(ra + ri) -0.5 r 7.5.49 
lift acting on blade section Fa = 0.5  w 2 a L r 7.5.50 
axial force Fax = Fa cos  7.5.51 
tangential force Fu = Fa sin  7.5.52 
bending moment on root of blade MB = Fa (r - ri,m) 7.5.53 
Total forces and bending moment are obtained as the sum of all blade sections: Fa = Fa  etc. 
Mean bending stress at root of blade 
W = section modulus at the hub W

MB=σ   7.5.54 

Mass per unit length 
A = area of blade section 
fam = 1.5 accounts for the effect of the 
added mass of the  surrounding water 

μ = ρmatA + fam ρ A 7.5.55 

First natural frequency of blade 
I = area moment of inertia at the hub 4n

L

IE
2
52.3f

μπ
=  7.5.56 

3. Although sharp profiles promise minimal losses in shockless approach flow 
(which would be favorable at BEP), they are sensitive to incidence and unsuit-
able in terms of partload and cavitation characteristics. 

4. The low-pressure peak cp,min, and consequently the cavitation sensitivity, in-
crease with growing profile thickness d/L. For this reason, the profile thickness 
is usually not selected larger than d/L = 0.15 to 0.18. 

5. A pillar subjected to inclined approach flow produces smaller low-pressure 
peaks than a structure in perpendicular approach flow. Leading edges that ap-
pear radial in the plan view are thus not optimal. Consequently, sweep-back 
similar to Fig. 7.32 (see for instance [7.38]) is frequently used in order to re-
duce blade loading on the hub streamline and secondary flows. Sweep-back can 
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significantly improve the stability of the Q-H-curve, the cavitation characteris-
tics (reducing the NPSHR by typically 10 to 30%) and even the efficiency, see 
Fig. 5.43 and [5.48]. The sweep-back also prevents textiles, plastic foils and all 
kinds of fibers from being caught on the blade leading edges. Sweep-back is 
indispensable for sewage applications, but such contaminations also occur in ir-
rigation and drainage systems. The effects of sweep-back have been investi-
gated in [7.50] to [7.53]. 

6.  For mechanical and hydraulic reasons, the profile thickness has to increase 
from the tip to the hub. The thickness coordinates of a profile may be multi-
plied by a constant factor to achieve this. 

Based on the above criteria, the profiles of the NACA 6 series can be selected 
for axial pumps since the camber lines are designed for uniform hydraulic loading 
from the leading edge up to a point a/L. The designation of the profiles indicates 
their flow characteristics. The profile “NACA 65.2-415, a = 0.7” may serve as an 
example: a) The first figure (6) stands for the profile series and its design princi-
ples. b) The second figure (5) indicates the position of the pressure minimum for  

 

 
Fig. 7.32. Axial impeller with sweep-back, similar to [7.38] 

the symmetrical basic profile with zero lift in terms of 10×xcp,min/L. In the present 
case this means that the point of the lowest pressure under the above conditions is 
situated at 50% of the profile length. c) The third figure indicates the domain of 
the lift coefficients around the design value in which favorable pressure gradients 
prevail on the upper and lower surface of the profile. d) The figure after the dash 
signifies the design lift coefficient in terms of 10×ζa; in the present example this 
means that the profile is designed for ζa = 0.4. e) The last two figures signify the 
maximum profile thickness in percent, i.e. d/L = 0.15. f) The additional quantity 
“a” describes the hydraulic load of the camber line; in the present case the hydrau-
lic load is uniform from the leading edge up to 70% of the profile length; down-
stream it decreases to zero in a straight line up to the trailing edge. 

The characteristics of the profiles NACA 65-209 and NACA 652-415 are 
shown in Figs. 7.28 to 7.30. The pressure distribution (according to [7.25]) for 
various lift coefficients is shown in Fig. 7.28, where the approximate angle of at-
tack required to achieve the corresponding lift coefficient has been entered for il-
lustration. The pressure minimum on the suction surface (according to the design) 
is located at 50% of the profile length. The pressure distribution remains flat up to 
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an angle of attack of 2° but a clear low-pressure peak appears on the suction sur-
face when the angle of attack exceeds 4°. Figure 7.29 shows the profile polars 
ζa = f(ζw) for both profiles which differ in the thickness ratios and the design lift 
coefficients. However, both polars are very similar. The minimum of the flow re-
sistance is situated roughly at the design lift. Figure 7.30 shows the lift coeffi-
cients as function of the angle of attack according to the data in [7.27]. Both 
curves confirm the mentioned linear increase of the lift with the angle of attack up 
to a maximum lift which, with the thicker, more cambered profile “425”, is higher 
than with profile “209”. In the linear range both profiles reach the same lift when 
the angle of attack of the thinner profile is increased by about one degree. 

7.6.6 Design of axial diffusers 

The absolute impeller outlet velocity is (c2/u2)2 = (c2u/u2)2 + (cm/u2)2 = ¼ψth
2 + ϕ2. 

If a diffuser is arranged downstream of the impeller, the flow is decelerated 
therein to the outlet velocity c4 = cm/AR (AR being the ratio of the annular cross 
sections of the diffuser outlet to the diffuser inlet). The diffuser also serves to re-
duce the circumferential velocity component to a value as close as possible to zero 
because any swirl at the pump outlet would imply additional losses. 

If ζLe is the pressure loss coefficient of the diffuser, the pressure recovery in the 
diffuser is obtained from the Bernoulli equation: 

)
A
11()1(

4u
c)1(

u
c

2
R

Le
2

Le
2
th

2

2

4
Le

2

2

2
Le −ζ−ϕ+ζ−ψ=−ζ−=ψΔ  (7.23) 

For cost reasons an expansion of the channel is frequently avoided so that 
AR = 1.0. The lower the head coefficient, the lower will be the possible pressure 
recovery because of unavoidable hydraulic losses. If, for instance, β1 = 12.4° (i.e. 
ϕ = 0.22), the pipe friction coefficient λ = 0.04 and the channel length L/Dh = 3 
(ζLe = λ×L/Dh = 0.12), no pressure recovery can be achieved in the diffuser with 
AR = 1 if the head coefficient is ψth = 0.15, Eq. (7.23). At specific speeds above 
approximately 270 it must therefore be carefully examined if a diffuser is able to 
produce any noticeable pressure recovery at all – or if it would even cause a loss 
in efficiency. If a vaned diffuser brings no advantages, a conical diffuser can be 
employed which opens up in the direction of the hub and/or to the outside (design 
according to Chap. 1.6). 

If a diffuser is required to achieve a good efficiency, the vanes can be designed 
as airfoils. The equations in Table 7.5 can be converted accordingly. Whether the 
cost for the manufacture of profiled vanes is justified or not, has to be examined in 
each individual case. Velocity and flow angle distribution at the diffuser inlet are 
also afflicted with some uncertainties. This is true especially at the hub where 
complicated flow conditions prevail already in the impeller. Flow separation is 
frequently observed near the diffuser hub and careful analyses and optimization 
steps are required to avoid or limit stall in this region. On the outer streamline the 
flow distribution also deviates from the inviscid calculation due to boundary layer 



 7.7 Inducers      401 

effects and the tip clearance flow (see Chap. 5.7 for details). If the diffuser is de-
signed with unprofiled vanes, the calculation is performed according to the chan-
nel model: 

1. The absolute velocities and flow angles at the impeller outlet are known: 
c3m = cm, c3u = c2u, α3 = α2. These correspond to the values at the diffuser inlet, 
since radii as well as cross sections are constant. All of these quantities are func-
tions of the radius. 
2. The number of vanes is often selected between 5 and 8 while the criteria ac-
cording to Chaps. 7.2.1 and 10.7.1 have to be taken into account. Axial length and 
vane number of the diffuser must be matched so that the ratio of vane length L to 
pitch (“solidity”) is sufficiently large in order to achieve the intended flow deflec-
tion. This means approximately L/t = 1 to 1.5. 
3. To limit dynamic vane loading and pressure pulsations a distance of 
a/L = 0.05 to 0.15 is required between impeller blades and diffuser vanes (L is 
the chord length of the impeller blades). With regard to the efficiency and head 
coefficient there is presumably an optimum distance even though generally appli-
cable design rules are lacking. Excessive distances produce unnecessary friction 
losses and impair efficiency and head coefficient. At distances a/L < 0.05 the effi-
ciency drops again according to the tests in [7.24], presumably because the non-
uniformities of the impeller outlet flow are not sufficiently smoothed out at the 
diffuser inlet. Greater losses generated by fluctuations of the approach flow veloc-
ity at the diffuser inlet are the consequence. 
4. The vane angles at the diffuser inlet can be calculated according to Eqs. (3.18) 
and (3.19). The vane blockage is generally low but can be considered in c3m'.  
5. To limit the pressure losses in the column pipe and the outlet bend, the flow ve-
locity in the column pipe should not exceed 5 m/s. The annular cross section at the 
diffuser outlet must be dimensioned accordingly. 
6. Since the design aims at a swirl-free discharge flow with α4 = 90° and the flow 
in the diffuser cannot be vane-congruent, the vane angle should be selected at 
α4B = 94 to 96°.  
7. The vanes can be designed as arcs of circles. The leading edges can be rounded 
or shaped as elliptical profiles. The trailing edge is designed blunt (rounding on 
the outlet would be unfavorable because of the formation of vortex streets, Ta-
ble 10.13). 

7.7 Inducers 

To reduce the required NPSHR of a pump it is possible to install an essentially ax-
ial inducer upstream of the actual impeller. As an example, Fig. 2.1 shows the sec-
tion of a single-stage process pump with inducer. An inducer typically allows a 
reduction in the value of the required NPSHR of a pump to half of the value with-
out inducer.  
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The inducer increases the static pressure upstream of the impeller. Cavitation 
bubble development on the impeller blades is reduced or suppressed accordingly. 
As a consequence, the pump can be operated at a higher speed or a lower NPSHA 
than without an inducer, provided that the inducer does require significantly less 
NPSHR than the impeller.  

Inducers for industrial application typically reach suction specific speeds of 
nss = 400 to 700, Chap. 6.2.4. These high suction specific speeds are achieved by 
small approach flow angles β1 (refer to Fig. 6.21), thin leading edge profiles with 
low blade blockage and long channels in which the cavitation bubbles generated in 
the inducer implode at least partially before the fluid enters the actual impeller. 
The low approach flow angle and the small flow coefficient ϕ1 at the inducer inlet 
require a considerably enlarged inlet area compared with the impeller. This is 
achieved by reducing the hub ratio and by enlarging the inlet diameter.  

 The recommendations and data for the inducer design discussed in the follow-
ing largely originate from work done by the NASA published in [7.29] to [7.32] 
and in [B.16], [B.24]. The information is tailored for industrial applications with 
suction specific speeds of up to nss  600. Inducers with far higher suction specific 
speeds are employed in the aerospace technology where even two-stage inducers 
are used at times. The design methods discussed in the following do not funda-
mentally differ from those of the high-performance inducers. 

 As is evident from the example in Fig. 2.1, the flow in the inducer is essen-
tially axial. Often the inlet diameter is slightly larger than that of the downstream 
impeller. The hub diameter at the inducer inlet is designed as small as possible so 
that the hub contour is generally conical with the hub radius growing towards the 
impeller inlet. As with axial impellers, the static pressure in the inducer is in-
creased in that the relative velocity is decelerated, Eq. (T3.3.8). This must be con-
sidered when deciding on one of two possible blading concepts: 

• Blades with constant pitch designed as screw surfaces with blade angles 
β1B = β(L) = β2B = constant on cylindrical sections. These blades only generate 
pressure when the incidence i1 = β1B - β1 is greater than zero or for as long as 
the flow in the blade channel is decelerated according to w1q < w1. The advan-
tage of this blading is its simple manufacture. 

• Blades with variable pitch where the angle on cylinder sections grows from the 
inlet to the outlet as with a propeller pump: β2B > β(L) > β1B. 

7.7.1 Calculation of inducer parameters 

Determination of main dimensions and inlet conditions: 
1. Basis: Known parameters are the pump selected for the relevant application, its 
speed n, flow rate Qopt, NPSHR curve and the dimensions of the impeller. In addi-
tion, the suction specific speed to be achieved by the inducer or its NPSHR is 
specified. Furthermore, the boundary conditions for the mechanical design must 
be ascertained. Usually the approach flow angle is α1 = 90° and the axial velocity 
is assumed as constant over the inlet cross section. 
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2. Design flow rate: Like axial impellers, inducers have a steep Q-H-curve. The 
pressure rise therefore drops rapidly to zero above the shockless entry (depending 
on the type). For this reason, the maximum required flow rate of the pump must be 
taken into account when determining the design flow rate of the inducer by select-
ing Qind = (1.1 to 1.15)×Qopt or by making use of Eq. (7.6.7). 
3. Blade number zVLa: Inducers usually have 2 to 4 blades. 
4. Inducer inlet diameter d1: The inlet is designed for the selected suction spe-
cific speed. The optimum flow coefficient for the required suction specific speed 
can be selected from Eq. (T7.6.3). The appropriate inlet diameter can then be de-
termined. Alternatively, the optimum inlet diameter can be calculated for selected 
coefficients λw and λc from Eq. (T7.6.1). The expected suction specific speed is 
obtained from Eq. (T7.6.4). Finally, it is also possible to calculate ϕ1,opt from 
Eq. (T7.6.2). All of these options yield the same result. For inducers with axial 
inlet λc =1 to 1.1 and λw = 0.03 to 0.08 can be assumed. The inlet diameter must 
also be matched to the inlet nozzle and the downstream impeller, which can imply 
considerable restrictions on the design options in case of standard pumps. 

Iteration may be required with respect to the hub ratio. Two uncertainties must 
be considered in this calculation: a) As discussed in Chap. 6.3.2, the coefficients 
λc and λw depend on the geometry; the values assumed in the calculation will be 
attained only if the blade design is as good as in the measurements from which the 
coefficients had been derived. b) The NPSHR of the pump is not only governed by 
the inducer but also by the downstream impeller. If the impeller has not been spe-
cifically designed for operation with the inducer, the design suction specific speed 
of the inducer may not be reached under certain conditions, Chap. 7.7.3. This risk 
is particularly high in the range of large flow rates (q* > 1); it grows with increas-
ing suction specific speed of the inducer. 
5. Inlet diameter at the inner streamline d1i: The lower limit for d1i is obtained 
from a minimum hub ratio of ν1,min ≈ 0.15. Smaller values of d1i are unfavorable 
since excessive blade inlet angles would result at the inner streamline. 
6. Blade inlet angle β1B: When the inducer inlet diameter has been determined 
according to step (4), all quantities of the inlet velocity triangle according to Ta-
ble 3.1 can be calculated. The first section of the inducer blades is designed ac-
cording to Fig. 7.33. The calculation is based on the angle on the pressure surface 
of the blade β1B = β1B,PS which is obtained from the flow angle plus an incidence 
of i1 = 2 to 4° from Eqs. (T7.6.5 to 7.6.7). In this way, the flow and blade angles 
are calculated for outer, mean and inner streamline. When determining the inlet 
angles, it must be observed that the steep rise of the NPSHR-curve (depending on 
the blade configuration) occurs near the flow rate of shockless entry. In addition to 
the design point it is therefore necessary to consider the maximum required flow 
rate at which the incidence should not drop below one degree to avoid cavitation 
on the pressure surface of the blades, Eq. (T7.6.7). 
7. Inlet throat area A1q: As with impellers (see Chap. 7.2.1, item 15), the decel-
eration of the relative velocity vector w1 to the mean flow velocity w1q in the 
throat area must be limited in order to avoid premature inlet recirculation. Con-
versely, the fluid must not be accelerated at the maximum flow rate with respect to  
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Fig. 7.33. Selection of the blade geometry at the inducer inlet  

overload cavitation. The throat area at the inducer inlet must therefore be selected 
so that the ratio w1q/w1 in the design point is in the range of 0.6 to 0.75 but does 
not exceed the value w1q/w1 =1 at the intended maximum flow rate. 
8. Inducer outlet diameter d2,a and d2,i: The diameters on the outer streamline 
and on the hub are obtained from the dimensions of the downstream impeller. A 
conical hub of the inducer with d2i > d1i is favorable since the head is increased 
through centrifugal forces and since the flow on the hub requires less severe de-
flection with increasing d2i (lower tendency to stall). If the inducer diameter at the 
outlet is smaller than at the inlet, d2,a < d1, the first cylindrical part (i.e. dimension 
L1 in Fig. 7.34) must be designed sufficiently long as to cover at least the throat 
area of the inducer. 
Relationships at the outlet of the inducer: 

The blade outlet angle must be chosen so that the static pressure in front of the 
impeller increases sufficiently in the specified operating range to cover the NPSH 
requirement of the impeller. The effect of the static pressure rise in the inducer on 
the NPSH requirement of the system inducer/impeller is explained in Fig. 7.35 
which was calculated on the basis of measurements on a process pump. The meas-
ured NPSH3,imp of the impeller alone was plotted against the flow rate, curve 1. 

 L1 

 
Fig. 7.34. Arranging an inducer in the meridional section 
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Table 7.6 Inducer design, α1 = 90° (Fig. 7.33) Eq. 

Optimum inlet 
diameter for 
given λw 

λc = 1.1 
 
λw = 0.03 to 0.08 

6
1

3
1

w

wc

n

La
opt,1 kn

Q25.3d
λ

λ+λ=  7.6.1 

Optimum flow 
coefficient for 
given λw 

ϕ1,opt = 0.1 to 0.18 ( )wc

w
opt,1 2 λ+λ

λ=ϕ  7.6.2 

Optimum flow 
coefficient for 
given nss  

nss,Ref = 400 

93.0

ss

fRe,ss
opt,1 n

n
15.0=ϕ

3
1

1n

opt
opt,1 tannk

Q
9.2d

β
=  7.6.3 

Suction specific 
speed 
nss = 350 to 700

93.0

ss

fRe,ss
1 n

n
=ϕ  

nss,Ref = 52 
( )

5.0

w

n
25.0

wc
ss

k98n
λλ+λ

=  7.6.4 

Flow inlet an-
gle at outer 
streamline 

β1,a,opt = arc tan ϕ1,opt 
n

3
opt,1

2
opt

opta,,1
knd

Q240
 tanarc

π
=β  7.6.5 

Criterion: design incidence: 
i1,opt = (0.35 to 0.45)×β1B,PS 

β1B,a,PS = (1.5 to 1.8)×β1,a,opt 7.6.6 Pressure sur-
face blade inlet 
angle at outer 
streamline 
i1 = 2 to 4o 

Criterion: incidence at maxi-
mum flow rate:  
i1,Qmax = 1° n

3
1

2
max

max,1DS,a,B1
knd

Q240 tanarc1
π

=β≥°−β  7.6.7 

Blade inlet angles over blade height;  
same incidence for all streamlines DS,a,B1

a
DS,B1 tan

r
r)r(tan β=β  7.6.8 

ϑk = (0.35 to 0.5)×β1B,a,PS 7.6.9 

Lk = (0.4 to 0.8)×t  
Blade leading edge profile (s. Fig. 7.33) 
 
Check also: i1 ≥ ϑk + 0.5o rk = (0.03 to 0.05)×e  

Cavitation coeffi-
cient only for i1 > 0 
k3 = 0.22 to 0.65 ( )τϕ−βτ

×+
τ

−
β

ϕ−ϕ=σ
−

n11B11

3

1

n

B1

2
1

n

1
n33

ktan
1018.3k36.01

tank
kk  7.6.10 

Influence of tip 
clearance on nss 1

4
0s,ss

ss
b
sk1

n
n −=

=
 k4 = 0.5 to 0.65 7.6.11 

Blade length  (L/t)a = 1 to 2.5 7.6.12 

Hydraulic efficiency ηh = 1- 0.11×L/t 7.6.13 

Deviation angle δ2  
Flow angle β2 = β2B - δ2 

3/1
B1B2

2 L
t

3
2 β−β+=δ  7.6.14 

Static pressure rise in inducer. 
The calculation is done for the mean stream-
line ( )

−
δ−β

ϕ−η=ψ 1
sinA

A1
2B2

22
2

2
12

1hp  7.6.15 

Note: Use pressure surface blade angle β1B,PS rather than camber angle. 

Number of inducer blades: zInd = 2 to 4. Sweep-back εsb = 65 to 90° according to Fig. 7.37 
Hub diameter 
(given by mechani-
cal design) 

Inlet: Select hub diameter close to minimum: ν1,min ≈ 0.15 
Outlet: Match to impeller hub; a large hub diameter helps to increase the head 
developed by the inducer (centrifugal forces) 
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Fig. 7.35. Inducer characteristics 

The static pressure rise Hp in the inducer is plotted as curve 3. Curve 3 passes 
through zero at QB. The inducer operates as a pump at Q < QB, but as a brake at 
Q > QB, (Chap. 12). If the static pressure rise in the inducer (curve 3) is subtracted 
from the NPSH3,imp of the impeller (curve 1: without inducer), curve 5 is obtained 
which passes through zero at Qu,. In the domain with Q < Qu, (that is at 
Hp > NPSH3,imp) curve 5 is situated below the flow rate axis. In this domain the 
NPSHR of the system inducer/impeller is largely determined by the NPSH3,inducer 
of the inducer. In the region Qu < Q < QB the control of the NPSHR of the pump 
passes from the inducer to the impeller which now obtains insufficient pressure. 
The operating limit is located to the left of curve 5 and left of the point in which 
curves 1 and 2 intersect. However, it is not easy to accurately predict the steep rise 
of curves 2 and 5. In brake operation Q > QB, curve 5 is located above curve 1. 
Here the pump cannot be operated under any circumstances because the impeller 
receives less inlet pressure than without an inducer. The calculated NPSH re-
quirement NPSH3,inducer of the inducer is plotted as curve 2 while curve 4 consti-
tutes the measured NPSH3 of the system inducer plus impeller. 
These relationships determine the procedure for calculating the inducer outlet as 
follows: 
9. The measured or calculated NPSH3,imp of the impeller (without inducer) is plot-
ted as a function of the flow rate, curve 1. 
10. The curve of the required NPSH3,inducer = f(Q) of the inducer is estimated ac-
cording to Eq. (T7.6.10) [7.31]. Compared with other correlations this relationship 
has the advantage that it produces a steep rise of the curve with increasing flow 
rate when the incidence tends to zero (the nominator of the term on the right side 
of this equation then tends to zero). 
11. A blade outlet angle  β2B on the outer streamline is selected and the static pres-
sure rise in the inducer calculated. This is done using Eq. (T7.6.15) which can be 
derived from Table 3.3. The head coefficient is calculated on the mean streamline. 
The flow deflection is taken into account by way of the deviation angle using 
Eq. (T7.6.14). The hydraulic efficiency of the inducer can be estimated from 
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Eq. (T7.6.13). Depending on the flow rate ratio q* and the geometry, it is in the 
range of ηh = 0.7 to 0.9. For this calculation it would also be possible to use corre-
lations for the head coefficient given in the literature. When applying correlations, 
it must be considered that individual geometrical parameters such as the hub di-
ameters on the inlet and outlet of the inducer cannot be assessed in their effect on 
the pressure increase. Furthermore, the geometries of the inducers examined in the 
literature are not adequately known. In addition, the static pressure rise (not the 
head rise or the total pressure rise) must be used as a criterion since it is solely re-
sponsible for the NPSH improvement. 
12. The rise in the static pressure caused by the inducer must be calculated for the 
flow rate range between shockless entry or Hp = 0 and the flow rate Qu where Hp is 
greater than NPSH3,imp of the impeller alone. At partload the calculation becomes 
uncertain due to growing inlet recirculation. Hp increases due to the centrifugal ef-
fect (streamline displacement) so that roughly linear characteristics Hp = f(Q) are 
obtained which tend towards the point ψp(Q=0) = 1.0. 
13. The difference between NPSH3, La (curve 1) and the static pressure rise HP 
(curve 3) gives an indication of the maximum flow rate which is definitely to the 
left of the resulting curve 5.  
14. To facilitate assessing this limit, the curve NPSH3,inducer = f(Q) of the inducer 
(curve 2) is also taken into account.  
15. If the maximum flow rate does not meet the requirements, the calculation ac-
cording to steps (10) to (13) must repeated with another outlet angle. With respect 
to partload operation, over-sizing should be avoided. 
16. When the outlet angle has been established, all parameters of the outlet veloc-
ity triangle according to Table 3.2 can be determined. To verify the configuration, 
w2/w1a should be calculated too. To avoid premature flow separation and effi-
ciency loss, the deceleration ratio w2/w1a should not fall below the value of 0.7 
(“de Haller criterion”). The lift coefficient according to Eq. (T7.5.8) should not 
exceed the value ζa,a = 0.5 on the outer streamline. 
17. The blade angles on the mean and inner streamlines are selected according to 
u×cu = constant while a compromise is made on the hub (if required) to avoid ex-
cessive blade angles, Chaps. 7.5 and 7.6. The larger the hub diameter, the easier it 
is to configure this free-vortex blading. 

The calculation of the pressure rise in the inducer is quite uncertain since flow 
deflection and hydraulic losses are affected by intense secondary flows which oc-
cur as the result of thick boundary layers and centrifugal forces, Fig. 5.7. 

7.7.2 Design and shaping of an inducer 

After determining the inlet and outlet diameters as well as the blade angles, the in-
ducer can be designed. The design follows Chap. 7.2.2. The following information 
can help to select appropriate blade shapes and hub contours: 

• Blade profile at inlet: The first section of the blade is usually designed wedge-
shaped with a leading edge as thin as possible. The minimum required blade 
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thickness is given by blade stresses and natural frequencies. The length of the 
wedge-shaped portion is between 50 and 80% of the pitch, Fig. 7.33. The 
wedge angle ϑk, which makes up the profiling on the suction surface, is se-
lected as ϑk = (0.3 to 0.5)×β1B,a,PS. The thin inlet profile is important to obtain 
good suction capability. It also means low cavitation inception coefficients 
(σi ≈ 0.2 to 0.3) in shockless approach flow. However, σi increases rapidly even 
with a minor incidence, as shown in Fig. 7.36. 
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Fig. 7.36. Visual cavitation inception of an inducer as a function of the incidence 

• The blade angle β1B is best kept constant over the first part of the blade length, 
approximately up to x/L = 0.25, in order to produce less deflection of the flow 
and consequently reduce the low-pressure peak and the generation of cavitation 
bubbles.  

• If the pressure distribution is calculated, it should be checked that the blade de-
sign ensures that the static pressure in the throat area on the blade suction sur-
face exceeds the vapor pressure, that is pss(x=t) > pv. 

• A conical hub fosters the pressure build-up in the inducer due to centrifugal 
forces. At the same time the tendency towards flow separation decreases with 
the amount of hub taper that can be designed. 

• The blade lengths are selected in a relatively large range L/t = 1 to 2.5. If the 
overhung of the inducer permits, values in the range of 1.4 to 1.8 should be the 
target. If the blades are made too short, the pressure rise in the inducer is im-
paired since the deviation angle increases. Moreover, the suction capability suf-
fers and there is a growing tendency for pressure pulsations at partload. Blades 
with L/t > 2.5 do not seem to bring about any advantages. 

• The blade outlet angles on the outer streamline generally are below 20°, but this 
depends on the inducer and impeller inlet diameters. The blades are slightly ta-
pered towards the outlet. 

• Efficient inducers are nearly always designed with a “sweep-back” according to 
Fig. 7.37a. A sweep-back does not only increase the suction specific speed but 
also moderates the tendency to pressure pulsations. During the tests in [7.40] 
the optimum wrap angle εsb (defined according to Fig. 7.37) lay between 65 to 
90° on the outer streamline. At half the blade height εsb should be selected 
roughly half as large as on the outer diameter. Compared with a basic test with 
εsb = 29°, a suction specific speed increase from nss = 280 to nss = 510 was ob-
tained with optimum sweep-back. The cavity extensions observed were corre-
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spondingly smaller and the pressure pulsations were also lower. It should be 
noted that the blade leading edge in Fig. 7.37 is already strongly inclined to-
wards a radial line on the hub, i.e. it does not join the hub radially. 

• The outer contour of the inducer is often tapered at the inlet, Fig. 7.37b. At the 
inducer inlet there is therefore a large gap between the blades and the casing. 
This design also reduces the pulsations at low partload and low NPSHA. 

 

εsb 

a) 

 

b) 

 

Fig. 7.37. Sweep-back of the inducer blade leading edge 

7.7.3 Matching the inducer to the impeller 

Frequently the inducer is mounted upstream of the impeller of a standard pump 
whose NPSHR is unable to satisfy the specific requirements of the application. If 
an impeller of moderate suction capability is combined with an inducer of high 
suction specific speed, there is, however, no guarantee that the expected reduction 
of the NPSHR will actually be achieved. Especially the maximum flow rate can be 
limited through excessive incidence of the downstream impeller if cavitation oc-
curs on the blade pressure surfaces. To check this, the flow angle β2 at the inducer 
outlet is calculated from β2 = β2B - δ2 with δ2 from Eq. (T7.6.4) (or according to 
Table 3.2). If β2 is larger than the blade inlet angle β1B of the downstream impel-
ler, the blade leading edges of the latter can be adjusted to a certain extent by cut-
ting back the blades and profiling them on the pressure surface. To keep the dis-
charge angle as low as possible, the pressure increase in the inducer should not be 
chosen unnecessarily large. 

Figure 7.38 shows measured flow velocities and angles at the outlet of an in-
ducer. Characteristically the meridional velocity near the outer streamline is far 
below the mean value while the circumferential velocity is above average. Conse-
quently, the discharge angles are considerably smaller on the outer streamline and 
far greater near the hub than would be expected from the calculation. These three-
dimensional effects are already pronounced in the design point and are reinforced 
at partload (see also Chap. 5.2 and Fig. 5.7). The deficit in the meridional velocity 
near the outer streamline is also caused by the tip clearance flow and the boundary 
layer thickness. With growing tip clearance the deviation angle or the difference 
between blade and flow angles increases. Owing to the distorted flow conditions 
the calculation of the flow angles at the inducer outlet becomes quite uncertain.  
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Fig. 7.38. Outlet flow angle and absolute velocity at the outlet of an inducer, Sulzer Pumps 

An acceleration of the fluid from the inducer outlet to the impeller inlet causes 
a corresponding drop in static pressure and, consequently, an increased tendency 
to cavitation. The ratio of the velocity w1q in the throat area of the impeller to the 
approach flow velocity w1 (which is identical to the relative velocity w2 at the in-
ducer outlet) should therefore also be verified, Chap. 7.2.1 item (15): at the maxi-
mum flow rate w1q/w2 = 1 should not be significantly exceeded. 

7.7.4 Recommendations for inducer application 

The large diameter ratio d1/d1i causes partload recirculation to start near the design 
point. At low flow rates recirculation then becomes very intense inducing a strong 
swirl in the inlet pipes of end-suction pumps. As a consequence of the rotation a 
parabolic distribution of the static pressure p(r) builds up at the inducer inlet. At 
low suction pressures a vapor-filled vortex can be generated in the center of the 
suction pipe. As discussed in Chap. 6.5.1, such vortexes can cause severe pulsa-
tions. By a suitable design of the inducer it is possible to largely avoid such kinds 
of pulsations. Favorable in this respect seem to be: long blades (high solidity L/t), 
variable pitch design, sweep-back and a tapered outer contour of the inducer. 
However, it is not yet possible to provide generally valid design criteria for mas-
tering this highly three-dimensional two-phase flow. For this reason it is necessary 
to prove by way of experiment that no impermissible pulsations and excitation 
forces occur in the demanded operating range. To this end, the water in the test 
circuit has to be largely de-aerated since the pulsations are greatly attenuated in 
air-saturated water. If at all possible, the test should be done with the same 
circumferential velocity as in the planned operation. 

As a rule, pumps for industrial application are required to operate also at low 
partload. To be able to satisfy this requirement without excessive recirculation, the 
suction specific speeds of industrial inducers are limited to approximately 
nss = 500 to 700. If this range is markedly exceeded, the NPSH3 at partload in-
creases so that the inducer may no longer satisfy its actual purpose of lowering 
NPSH3 throughout the operating range. 
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Obviously the target should be to restrict the partload operation as far as possi-
ble and to entirely avoid operation at q* < 0.3 (except during start-up). 

Major cavitation zones are created in the inducer in most applications. Despite 
the low NPSHA – i.e. low implosion pressure – the implosion energy can therefore 
be considerable. While hardly any cavitation damage is to be expected when 
pumping hydrocarbons, the circumferential velocities of the inducers when pump-
ing water have to be limited in order to reduce the risk of cavitation damage (es-
pecially with de-aerated cold water, refer also to Table 6.2). For pumping water it 
is therefore advisable to use high-alloy steels with suitable cavitation resistance. 
The limit for the circumferential velocity cannot be determined generally; it may 
be within a range of 25 to 30 m/s when pumping water and 35 to 40 m/s with hy-
dro carbons. These limits can be inferred from published applications, e.g. [7.28]. 
Initial cavitation bubbles (corresponding to NPSHi) are created in the gap between 
casing and inducer. 

Inducers are able to some extent to transport gas-laden liquids. Inducers com-
bined with closed impellers are claimed to handle gas fractions of up to 25% of 
the flow rate at the inducer inlet; combined with semi-open impellers 35 % and 
with open impellers even 40%. The gas-handling capabilities depend on the ge-
ometry and should be confirmed by testing, see also Chap. 13.2. 

The Q-H-curve and the efficiency virtually do not change near the best effi-
ciency point when installing an inducer. Due to the energy transfer in the inducer 
the circumferential component of the absolute velocity at the inducer outlet is in-
creased, but the downstream impeller has to perform correspondingly less work in 
accordance with the Euler equation, Eq. (T3.3.1). The efficiency of the pump 
tends to fall since the hydraulic losses in the inducer are proportionally slightly 
higher than in the impeller, but this effect is sometimes hardly measurable.  

However, an inducer increases the shut-off head by several percent due to the 
intense inlet recirculation and the associated rise of the centrifugal head compo-
nent, Chap. 5.4.1. In the overload range the head drops slightly compared with the 
pump without inducer but this is likely to become noticeable only when the in-
ducer operates in the range Hp < 0 (Q > QB), Fig. 7.35. 

Inducers have relatively thin blades with a large blade height. When the induc-
ers are cast possible blade deformations must be monitored. In particular it should 
be checked that the desired blade outlet angles are achieved: if β2B is too small, the 
necessary pressure increase is not attained and the steep rise of the NPSH occurs 
at too low a flow rate. The thin blades also require a verification of the natural fre-
quencies and stresses in order to prevent blade fractures. 

When installing an inducer in an end-suction pump, the impeller overhung in-
creases. This has to be considered when evaluating the shaft deflection and the 
critical speed. Also some additional excitation forces in radial direction must be 
expected. Radial excitation forces can (for instance) be created by the tip clear-
ance flow or through periodically variable flow conditions that might develop in 
the channels of the inducer as the result of varying cavity volumes, [10.30].  
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7.8 Volute casings 

7.8.1 Calculation and selection of main dimensions 

In the volute casing the kinetic energy present at the impeller outlet is converted 
into static pressure with as few losses as possible. The volute casing then directs 
the fluid into the discharge nozzle or, in multistage pumps, into the following 
stage. Prior to calculating a volute, the boundary conditions for the casing design 
must be established. In particular it must be decided whether a single or double 
volute is required. The selection criteria are: 

• Single volutes are the least expensive solution in terms of manufacturing costs; 
they are best accessible for the dressing of the cast channels. Their disadvan-
tage consists in considerable radial forces which develop during operation at 
off-design conditions according to Chap. 9.3 through disturbances of the 
circumferential symmetry of the flow in the casing. The radial forces generate 
bearing loads, bending stresses in the shaft and shaft deflection which can 
threaten the reliability of the machine. The heads up to which single volutes can 
be sensibly used depends on the specific speed, the design of the pump (espe-
cially of the bearing housing), the shaft thickness and the bearing span or the 
overhung of the impeller. When pumping water, the limit is about Hopt = 80 to 
120 m at nq < 40. At high specific speeds a double volute may be indicated al-
ready for heads above Hopt = 60 to 80 m. When pumping liquids with densities 
considerably lower than water, the limit is correspondingly higher since the ra-
dial forces are proportional to ×g×H. 

• Double volutes are employed when bearing loads, shaft stresses and shaft de-
flection become impermissibly high without measures for radial thrust reduc-
tion so that their control would require an excessively high design effort and 
cost. The rib between the inner volute and the outer channel also reduces the 
casing deformation under internal pressure, which facilitates the casing design 
at high specific speeds. The pressure to be applied during the hydrostatic test of 
the casing must also be considered. 

• Twin volutes differ from double volutes mainly in that both partial volutes end 
in separate channels – and not in a common discharge nozzle as is the case with 
double volutes. Apart from special designs they are found in multistage volute 
pumps or vertical pumps where the partial volutes end in a central column pipe. 

• Three or four volutes are sometimes used in borehole pumps (for example) in-
stead of semi-axial diffusers. Their application allows smaller casing diameters 
to be used. 

When volute type and design boundary conditions have been established, the 
main dimensions must be selected or calculated according to Table 7.7 in 
Chap. 7.9.2: 
1. Wrap angle of partial volutes: In the case of double or twin volutes the wrap 
angle of the partial volutes generally amounts to εsp = 180°. In this case an even 
impeller blade number should be avoided in order to reduce pressure pulsations, 
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Fig. 7.39. Volute casings 

Chap. 10.7.1. If nevertheless a 6-bladed impeller (for example) is to be employed 
it is advisable to reduce the wrap angle of the inner volute εi to 165° or 170° so 
that two blades never pass the cutwaters simultaneously. A similar procedure 
should be employed in the case of multiple volutes. 

In the case of axial-split pumps wrap angles of less than 180° are sometimes se-
lected to avoid that the center rib passes through the split flange of the casing 
(matching difficult because of casting inaccuracies). The radial thrust increases 
according to Chap. 9.3 and Table 9.4. 

Double volutes with wrap angles under 90° must not be used since they are un-
able to reduce the radial forces. Wrap angles over 180° should be avoided as a 
matter of principle since the long outer channel causes additional losses, and high 
radial thrusts must be expected at q* > 1 (see Chap. 9.3.4). 
2. Casing design flow rate QLe: To ensure that the actual best efficiency flow co-
incides with the design flow rate, the volute must be designed for Qopt (if dimen-
sioning were done for another flow rate, the best efficiency point would be shifted 
according to Chaps. 3.7 and 4.2). The design flow rate must be augmented by pos-
sible leakages (QE and Qs3) which may flow through the volute, Eq. (T7.7.1). Note 
that the leakage losses at the impeller inlet do not flow through the volute. 
3. Inlet velocity: The circumferential component of the absolute velocity at the 
impeller outlet is calculated from Eq. (T7.7.2) or Table 3.2. Downstream of the 
impeller it develops in accordance with the conservation of angular momentum as 
per c3u = c2u×r2/r3, Chap. 3.7. With some types of pumps a diffuser or stay vanes 
according to Chap. 7.11 are arranged between the impeller and the volute. In this 
case the circumferential velocity c4u at the outlet of these components must be 
used as inlet velocity to the volute.  
4. Cutwater diameter dz*: Between impeller and cutwater a minimum clearance 
(gap B) must be maintained to limit pressure pulsations and hydraulic excitation 
forces to allowable levels, Chap. 10. The ratio of the cutwater diameter dz* = dz/d2 
is calculated from the formula given in Table 10.2 as a function of nq and Hst. 
5. Shape of the volute cross sections: The shapes must be selected so as to suit 
the pump type, taking into account casing stresses and deformations as applicable. 
Figure 7.40 shows some design options for the volute cross section. When design-
ing the casing, also the requirements of economic manufacture of patterns and 
castings must be taken into account. With the rectangular and trapezoidal basic 
shapes, for instance, all corners must be well rounded for casting reasons and flat  
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Fig. 7.40. Cross section shapes of volute casings 

surfaces designed with a slope (“draft angle”) in accordance with the pattern split 
plane. Concrete volutes have specific shapes to facilitate shuttering, Figs. 7.40f to 
7.40h. 

Rectangular and trapezoidal shapes offer the advantage to be developed on sur-
faces of revolution, something that facilitates design and manufacture. Volute cas-
ings with circular cross sections that cannot be arranged on surfaces of revolution 
are employed, for instance, when the volute is welded together from segments. 
Semi-axial impellers may have asymmetric cross sections as per Fig. 7.40d. 

In double volutes the cross sections of the inner volute and the outer channel 
must be matched so that the casing outer wall is given an easily producible shape, 
and a simple transition to the circular discharge nozzle is achieved, Fig. 7.40e.  

Basically, the designer has considerable freedom to configure the cross section 
without risking major losses in efficiency. It is expected that flat cross sections 
(similar to flat elbows) result in less intense secondary flow than circular cross 
sections, thereby generating fewer losses. For this reason, flat cross sections with a 
ratio of width B to height H in the range of B/H = 2 to 3 may be considered the 
optimum. 
6. Inlet width b3: The inlet width is obtained from the impeller outlet width b2, 
the necessary width of the impeller sidewall gaps and requirements of the casing 
design. In particular the transition from the volute to the discharge nozzle should 
be smooth. This requirement means a relatively large b3 in single volutes so that 
the ratio h/b at the volute throat area is close to 1.0. In a double volute the ratio h/b 
is rather near 0.5. The ratio b3/b2 depends on the specific speed; it can be selected 
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in wide limits without major effect on the efficiency. Open impeller sidewall gaps 
according to Fig. 7.40a are favorable with respect to efficiency and radial thrust. 
At small specific speeds they result in values of b3/b2 = 2.0 to 4.0. In some appli-
cations vibration problems were reported on pumps with impeller sidewall gaps 
wide open to the volute, see Chaps. 10.7.3 and Chap. 9.1 for design guidelines. 
However, large values of b3/b2 are prohibited for design reasons at high specific 
speeds and relatively wide impellers; b3/b2 = 1.05 to 1.2 may then be selected. At 
high nq large ratios of b3/b2 are unfavorable because strong secondary flows and 
turbulent dissipation losses would result. 
7. Cutwater: The cutwater should be profiled elliptically to render it as insensi-
tive as possible to changes of the approach flow direction with changing operating 
conditions. In practice such profiling is feasible for large pumps. The cutwater is 
highly stressed and any profile must be short and thick (except the nose radius) to 
reduce the risk of cracks forming in the cutwater. The leading edge thickness e3 of 
the cutwater can be defined by a circle; its diameter should be approximately 
0.02×d2 (in the case of sewage pumps or abrasive wear at least twice that cutwater 
thickness should be designed). For double volutes the required thickness of the 
center rib is obtained from stress calculations (and the minimum casting wall 
thickness required). The cutwater forms a camber angle α3B with the circumferen-
tial direction which has to be designed to match the approach flow angle accord-
ing to Eqs. (T7.7.3 to 7.7.6). The incidence is selected in the range of i3 = ± 3°. 
8. Volute throat area A3q: As explained in Chaps. 3.7 and 4.2, volute casings are 
mainly designed in accordance with the theorem of angular momentum conserva-
tion. Different approaches to the volute design did not produce any measurable 
improvements in efficiency, [7.8]. A partial volute with the wrap angle εsp must be 
designed for the flow QLe×εsp/2π where εsp = 2π applies to single volutes (zLe = 1). 
εsp = π is used for twin volutes or double volutes (zLe = 2) with 2×180° and 
εsp = 2/3π for a triple volute (zLe = 3). If all partial volutes have the same wrap an-
gle, εsp/2π = 1/zLe applies. The throat area of each partial volute must satisfy 
Eq. (3.14); this is obtained from: 

22u

Lespr

 r rc2
Q

dr
r
bA

z
π

ε
=

′
 (7.24) 

Although the thickness of the volute cutwater causes local accelerations and 
excess velocities, it has only a minor impact on the best efficiency point flow rate 
(this may be visualized by comparison to a Venturi nozzle which has scarcely any 
effect on the flow rate through a long pipe at a given driving pressure differential). 
Integration therefore proceeds from the stagnation point radius rz' ≈ rz + e3/2 to the 
outer limitation of the volute cross section at the radius ra, without taking into ac-
count the cutwater thickness, [7.34]. The integral of Eq. (7.24) can be solved ana-
lytically for rectangular cross sections of constant width b = b3. The outer volute 
radius ra is obtained from Eq. (T7.7.8) and the height of the throat area a3 = ra - rz' 
from Eq. (T7.7.9). 

An analytical solution can also be given for volutes with circular cross sections. 
The diameter of a circular throat area d3q is obtained from Eq. (T7.7.7). Also, d3q 
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can serve as an approximation for the rapid estimation and assessment of cross 
sections of any shape if considered as an equivalent cross section giving the actual 
throat area of the casing. As discussed in Chap. 4.2, large hydraulic losses which 
occur downstream of the volute in the diffuser shift the best efficiency point to 
smaller flow rates than would be obtained according to the conservation of angular 
momentum. In the case of double and twin volutes with low specific speeds the 
volute must therefore be designed for a slightly higher flow rate by substituting, 
for instance, QLe = (1.05 to 1.25)×Qopt in Eq. (T7.7.1). 

7.8.2 Design and shaping of volute casings 

After the main dimensions have been established and the decisions in terms of 
type and basic shape of the volute have been made as per Chap. 7.8.1, the volute 
and subsequent diffuser can be designed: 

1. Volute cross sections designed according to the conservation of angular 
momentum: The area distribution of the partial volutes is best developed on sur-
faces of revolution which are inclined at an angle δ relative to a normal to the ro-
tor axis, Fig. 7.40b and Fig. 7.41. As mentioned in Chap. 7.8.1 item (5), the shape 
of the cross section is defined by straight lines and arcs of circles for casting rea-
sons. The shape cannot be described analytically by a single expression. It is 
therefore generally expedient to design the cross sections so that they can be opti-
mally integrated into the desired casing shape and to finally calculate the circum-
ferential angle at which the cross section thus designed satisfies the angular mo-
mentum conservation, Fig. 7.41. If this design is done manually, the integral 
according to Eq. (7.24) is replaced by a summation of finite surface elements 
ΔA = b×Δr, where b and Δr have to be taken from the drawing. The circumferen-
tial angle on which the cross section under consideration has to be arranged is ob-
tained according to Eq. (3.14) from: 
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Step-by-step procedure (Fig. 7.41): 

1. Use b3, rz' and δ to design the two surfaces of revolution on which the volute 
cross sections are to be developed.  

2. Draw the outer limitation for various cross sections: AF1 to AF3 in Fig. 7.41. 
The height to which these cross sections are required can be estimated from the 
throat area of an equivalent volute with circular cross section from Eq. (T7.7.7).  

3. Divide the cross sections into elements of height Δr located on the radii r. The 
width b of these surface elements can then be measured. 

4. Enter the values b, r and Δr of all surface elements located in the cross section 
considered into a table. 

5. Calculate the sum Σ(r×Δr/b) of all elements. 
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Fig. 7.41. Design of the volute sections. a Meridional section; b cutwater details 

6. Enter this sum into Eq. (7.25) and calculate circumferential angle ε on which 
the designed cross section has to be arranged. 

7. The outermost point of the cross section on radius ra is obtained at the same 
time so that the layout of the outer volute shape ra(ε) can be drawn. 

As a rule, this task will be completely or at least partly performed on the computer 
describing the cross sectional shapes by a set of equations. 
2. Volute cross sections designed for constant velocity: Alternatively, volute 
casings are frequently designed by assuming a constant velocity in all cross sec-
tions over the circumference, [B.2]. The volute throat area A3q is again calculated 
in accordance with the conservation of angular momentum from Eq. (7.24) or 
Eqs. (T7.7.7 to 7.7.9) – otherwise the specified best efficiency point would be 
missed. The velocity in the throat area then amounts to: 

q3

Le
q3 A

Qc =               with           drbA
A

'
z

r

r
q3 =  (7.26) 

All the other cross sections of the volute A(ε) for any wrap angles ε are now cal-
culated from this velocity:  
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ε
ε=ε=ε  (7.27) 

Thus the cross sections are directly proportional to the circumferential angle. The 
efficiencies of the volutes designed for constant velocity are at least on a par with 
the ones designed according to the conservation of angular momentum. At low 
specific speeds even a slight advantage might be expected since the flow velocities 
in the first part of the volute are reduced and lower friction losses can thus be ex-
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pected. In contrast, volutes designed according to the conservation of angular 
momentum might have an advantage at high specific speeds because of reduced 
secondary flow in cross sections which match perfectly. Furthermore, the casing 
dimensions become noticeably smaller at high nq if the volute is designed to the 
theorem of angular momentum conservation. Following these arguments it ap-
pears that an optimum philosophy may be: 

• Design volutes for nq < 25 to 35 for constant velocity as per Eqs. (7.26 to 7.27) 
• Design volutes for nq > 25 to 35 according to the conservation of angular mo-

mentum as per Table 7.7. 

3. Cutwater correction: Because of its finite thickness, the cutwater interferes 
with the flow, generating local excess velocities and deviations of the streamlines 
from the pattern given by the conservation of angular momentum. The interfer-
ence increases with the thickness of the cutwater. When thick cutwaters are re-
quired, this effect cannot be neglected (e.g. sewage, dredge or slurry pumps). The 
relative blockage increases as the volute cross sections get narrower with falling 
specific speed. Consequently, an allowance for the cutwater thickness must be ap-
plied to the throat area of all volute casings; it can be estimated from Eq. (7.28), 
suggested in [7.13], where e3 and a3 are measured at the throat, see Fig. 7.41b: 
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3
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Δ  (7.28) 

The cross sections upstream and downstream of the throat area must be adjusted in 
accordance with the cutwater correction so that continuous shapes are obtained. 
Inevitably this implies local deviations from the cross sections calculated from the 
conservation of angular momentum. 
4. Discharge nozzle/ diffuser: As a rule, a diffuser follows the volute throat area. 
In the case of single-stage pumps the diffuser simultaneously forms the discharge 
nozzle. At high specific speeds (above nq  80) the fluid should not be further de-
celerated downstream of the volute throat area – otherwise the discharge nozzles 
would become uneconomically large. In contrast, at low specific speeds the decel-
eration in the diffuser is significant and every care should be applied to design 
smooth hydraulic contours which minimize the losses. Maximum allowable dif-
fuser opening angle, pressure recovery and losses are calculated according to 
Chap. 1.6. The diffuser length and the area ratio have to be matched so that the 
pressure recovery (or the cp-value) is maximized. In the case of non-circular cross 
sections the optimization is done using the concept of an equivalent diffuser as per 
Eq. (1.45). The diffuser is designed for standardized discharge nozzle sizes. The 
length of the diffuser/discharge nozzle is limited by cost considerations and by the 
moments and stresses induced by pipeline forces (since these moments are propor-
tional to the nozzle length). Experience shows that the data of straight diffusers 
according to Chap. 1.6 can be applied to curved discharge nozzles without correc-
tion, presumably since the secondary flow in the volute has a favorable effect on 
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the boundary layers. In this way, the negative effect of a slight to moderate curva-
ture is largely compensated for. 

In addition to the tangential discharge nozzle according to Fig. 7.39, radial dis-
charge nozzles as per Fig. 7.42 and intermediate shapes with a slight offset are fre-
quently found. According to [3.15], the volute should start roughly at an angle of 
εo = 60° for tangential nozzles and at about εo = 20° for radial nozzles. The mean 
radius of radial discharge nozzles can be estimated from Eq. (7.29), [3.15]: 

q3N A45.1R
π

≈  (7.29) 

These recommendations can only give some hints; actually the angle εo and the 
radius RN result from the design process.  

Excessive local curvatures often result at the transition from the volute to the 
discharge nozzle if the calculated cross sections are strictly adhered to. In order to 
prevent distorted velocity profiles and local flow separation, the volute contour 
should be adjusted so that a smooth transition between volute and diffuser is ob-
tained. The resultant local increase in flow area near the throat usually has only lit-
tle effect on the best efficiency flow rate – provided the remainder of the volute is 
dimensioned correctly. Neither would it be possible to shift the best efficiency 
point towards lower flow rates by way of a local area reduction, without suitably 
adjusting the remainder of the volute. A local area reduction would be comparable 
to the effect of the cutwater thickness as discussed in Chap. 7.8.1 item 8. 
5. Double volutes: At small and medium specific speeds the fluid is decelerated in 
the outer channel downstream of the throat area. Again this diffuser is dimen-
sioned according to Chap. 1.6. Since the flow resistances of the two partial volutes 
with their unlike outlet channels generally differ, different flow rates are obtained 
in both channels. The individual flow rates in both volutes/channels can be esti-
mated according to Table 1.5. The pressure loss coefficients of the partial volutes 
and the various diffusers are calculated from Eqs. (T3.8.21) and (T3.8.22) to this 
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Fig. 7.42. Volute casing with radial discharge nozzle; Rsp represents a mean streamline 
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end. The friction and deflection losses in the outer channel are calculated likewise 
from Table 1.4 and Chap. 1.5.1. Outer and inner volutes constitute two parallel 
flow resistances. After all resistances of the two channels have been combined 
into a total resistance according to Table 1.5, the two individual flows can be cal-
culated. In this calculation it is assumed that both channels are subject to the same 
pressure difference, as given by the pressure at the discharge flange minus the 
pressure at the impeller outlet. In this way it is possible to evaluate the flow unbal-
ance between both partial volutes and to optimize the geometry of the outer chan-
nel so that both partial volutes receive the same flow rates as far as possible. Since 
the impeller, in both partial volutes, works at different operating points 
(Chap. 9.3.3), the flow rates through the volutes adjust rather more favorably in 
reality than is borne out by the above estimate. 
6. Concrete volutes are sometimes used for pumps with flow rates in excess of 
about 10 m3/s and for heads up to 30 m. If the volutes are constructed without 
steel lining, the maximum local flow velocity must be limited to 10 m/s to avoid 
erosion of the concrete. For radial impellers, cross sectional shapes according to 
Figs. 7.40f and 7.40g are preferred, while shapes with a flat base according to 
Fig. 7.40h are used for semi-axial pumps. Shapes g and h are less costly to build 
than shape f. However, they involve a loss of efficiency of approximately 1% at 
nq = 70 to 100 (at still higher specific speeds the differences in efficiency are in-
significant), [7.17] and [7.18]. 

7.8.3 Influence of the volute shape on hydraulic performance 

When shaping volute and discharge nozzle, design requirements derived from the 
overall machine concept must be taken into account. Even the manufacturing 
process of the volute casing has an impact on the design: Consider for example the 
difficulties of core support for long and narrow channels of double volutes for low 
specific speeds, or the special requirements of welded designs or concrete volutes. 

The effects of various geometrical parameters of the volute casing on the hy-
draulic behavior of pumps with specific speeds of up to approximately nq = 70 are 
discussed in the following. The tendencies revealed originate from a number of 
experimental investigations such as [7.8], [7.35] and [7.14] to [7.16]. The numeri-
cal values indicated illustrate the approximate magnitude of the effects as found in 
the mentioned tests; these figures may not be considered as generic. 

• Wide impeller sidewall gaps according to Fig. 7.40a (or large b3/b2) foster pres-
sure equalization over the impeller circumference, in this way reducing the ra-
dial thrust by up to 50% (Chap. 9.3). Wide impeller sidewall gaps yield clearly 
better efficiencies at partload than narrow gaps between impeller and casing 
(typically up to 3%). At Qopt the efficiency is also slightly better (approximately 
1%) even though shock losses due to sudden deceleration of the meridional ve-
locity c2m develop according to Eq. (T3.8.24). Wide impeller sidewall gaps lead 
to lower hydraulic losses since the low-energy boundary layer is able to flow 
from the volute into the impeller sidewall gap on the outer wall, as shown in 



 7.8 Volute casings      421 

Fig. 9.3. In as much as this fluid does not flow back to the suction casing in the 
form of annular seal leakage, it is re-accelerated on the rotating shroud. In this 
way the fluid enters the volute from the impeller shroud boundary layers with a 
high circumferential velocity contributing to the energy transfer.1 

• The opening angle δ of the surfaces of revolution (Fig. 7.40b) has an influence 
on the height to width ratio H/B of the volute; it should be selected so as to 
minimize secondary flow, i.e. to get an optimum H/B ratio under the given de-
sign constraints. 

• Cutwater distances of up to 10% of r2 hardly have an effect on the efficiency in 
the case of thin cutwaters. If the distance is increased from 10 to 20%, the effi-
ciency drops by approximately 1%. With thick cutwaters the efficiency falls 
rather continuously when increasing cutwater distance. If the impeller sidewall 
gaps are large, the effect of the cutwater distance on the radial force is small. 

• A cutwater thickness of up to e3/d3 = 0.04 hardly has any effect on the effi-
ciency at the best efficiency point. With thick cutwaters the partload efficiency 
increases since the cutwater becomes less sensitive to excessive incidence (pro-
vided the cutwater is properly profiled). 

• A reduction of the cross sections in the outer channel of a double volute (or an 
increase of the resistance) yields greater radial forces – especially at q* >1. 

• If the cutwater distances of partial volutes are not the same, the resulting asym-
metries of the pressure distribution may lead to higher radial forces (the effect 
of casting tolerances must be considered). 

• In radial discharge nozzles generally higher losses would be expected than in 
tangential nozzles because of the additional flow deflection. Tests reported in 
[7.14], for instance, yielded a loss in efficiency of 4% with nq = 23 and meas-
urements in [7.8] with nq = 45 a loss of 1%. According to other authors, meas-
urable differences should hardly be expected with optimally designed diffusers. 
The hydraulic conditions can be visualized as follows: The radial discharge 
nozzle produces a deflection in the opposite direction relative to the flow in the 
volute. This results in a certain equalization of the velocity profile at the volute 
outlet. The equalization is only efficient if both curvatures are correctly 
matched. At low specific speeds Rsp/a3 is large while the curvature in the dis-
charge nozzle is much more severe; the additional losses therefore predominate 
(Rsp is the radius of the mean streamline in the volute). At high specific speeds 
the conditions are much better: Rsp/a3 falls with increasing nq and moves closer 
to the curvature ratio RN/a3 in the nozzle; the counter curvature has a balancing 
effect in this case. In the light of this consideration, the above quoted test re-
sults on nq = 23 and 45 are quite plausible. It can therefore be assumed that ra-
dial and tangential discharge nozzles roughly produce identical efficiencies at 
high specific speeds. Conversely, the losses in radial nozzles are expected to 
increase with falling specific speed implying a drop in efficiency and head. 

                                                           
1 See also Chap. 3.10.3 for the effect of roughness on the pumping action of shrouds. 
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7.9 Radial diffusers with or without return channels 

7.9.1 Calculation and selection of main dimensions 

The diffuser serves to convert the kinetic energy present at the impeller outlet into 
static pressure with as little losses as possible. Various diffuser configurations are 
in use as shown in Fig. 7.43. In the case of single-stage pumps the diffuser dis-
charges into a downstream volute casing or into an annular collector; the same ap-
plies to the last stage of multistage pumps. The diffusers of multistage pumps form 
a unit with the return channels which direct the fluid to the next stage (with the 
exception of the last stage). 

The diffusers and return channels of multistage pumps are built in various 
types. While the diffuser inlet and the subsequent diffusing channel of all types are 
basically very similar in design, the overflow geometry from the diffuser outlet to 
the return vanes can be configured in quite different ways: (1) Diffuser and return 
vanes can be designed to form a single continuous channel according to Fig. 7.44 
which is similar to a three-dimensional bend. This type of design tends to give the 
lowest hydraulic losses, but is more expensive in terms of design and manufacture. 
However, modern methods of 3D-CAD and numerically controlled manufacturing 
mitigate this disadvantage. (2) Diffuser and return channels can be separated as 
per Fig. 7.43c by a vaneless annulus. The fluid exiting radially from the diffuser is 
deflected in this annulus by 180° to enter the return channels radially. (3) The liq-
uid flows laterally from the diffuser channels so that it enters the return channels 
with a 90° deflection (Fig. 7.43d). These basic shapes can be configured in quite 
different ways as shown by the examples in Fig. 7.45. 

The diffuser designs discussed above feature an outer diffuser diameter dLe 
which is typically 30 to 50% larger than the impeller diameter d2. More compact 
diffusers would be desirable in various applications, for example in submersible 
pumps. Figure 7.46 shows a most compact design where the radial impeller dis-
charges axially into a diffuser whose outer diameter equals the impeller diameter, 
i.e. dLe = d2. The development of such diffusers is described in [7.46] to [7.48], 
[7.58] and [7.59]. After extensive optimization of this type of diffuser it was found 
that the loss in efficiency was only about 2% compared to diffusers according to 
Fig. 7.43. 

 

a) Diffuser 
with volute 

b) Diffuser and annular 
casing as last stage 

c) Overflow from diffuser 
to return vanes through 
vaneless annulus 

d) Lateral overflow 
from diffuser to 
return vanes 

 
Fig. 7.43. Diffuser arrangements 
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Fig. 7.44. Continuous diffuser and return vanes, Sulzer Pumps 

  
 

  
 

Fig. 7.45. Diffuser and return vanes as 3D-models, Sulzer Pumps 
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Fig. 7.46. Compact diffusers, University Kaiserslautern, [7.46] to [7.48] 

Compared to pumps with diffusers as shown in Fig. 7.43, the impellers used for 
compact diffusers as per Fig. 7.46 create a smaller axial thrust (reducing the bal-
ance piston diameter and the balance flow rate). The vibration behavior was not 
significantly influenced by the compact diffusers, but the Q-H-curves exhibited a 
slight saddle-type instability. 

The design of diffusers with return vanes is discussed in the following. The 
configuration of the diffusers for single-stage pumps is performed accordingly. 
The required formulae are listed in Table 7.7 (Chap. 7.9.2). 

1. Calculation of the flow rate QLe: In order to achieve the specified best effi-
ciency point, the diffuser must be designed for Qopt (if dimensioning were based 
on a different flow rate, the best efficiency point would be shifted according to 
Chaps. 3.7 and 4.2). The diffuser must therefore be calculated (just as with vo-
lutes) for the flow rate QLe = Qopt + QE + Qs3. 
2. Inlet diameter d3*: A clearance (“gap B”) must be maintained between impel-
ler and diffuser vanes to limit pressure pulsations and hydraulic excitation forces 
to an allowable level, Chap. 10. The diameter ratio d3* = d3/d2 can be calculated 
from the formulae given in Table 10.2. The minimum diametrical clearance for 
small impellers is 2 mm giving d3 = d2 + 2 mm, but only if this does not violate the 
criteria given in Table 10.2. 
3. Inlet velocity: The circumferential component of the absolute velocity at the 
impeller outlet c2 is calculated from Eq. (T7.7.2) or Table 3.2. The diffuser inlet 
flow parameters follow from Eqs. (T7.7.3 to 7.7.5). 
4. Inlet angle α3B: The diffuser vanes are to be set at a camber angle α3B with re-
spect to the circumferential direction. α3B is calculated from the approach flow 
angle as per Eq. (7.7.6). The incidence is selected in the range of i3 = ± 3°. 
5. Diffuser vane number zLe: To reduce hydraulic excitation forces and pressure 
pulsations, it is necessary to carefully match diffuser vane and impeller blade 
numbers. When selecting the diffuser vane number, it is therefore imperative to 
consider the criteria given in Chap. 10.7.1. Together with the outer diameter dLe 
and the throat width a3, the number of diffuser vanes has an influence on the shape 
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and the length of the actual diffusing channel whose deceleration is critical for the 
hydraulic losses in the diffuser. Taking into account the castability (or the machin-
ing costs, if the diffuser is milled), excessively narrow channels are also unfavor-
able. Therefore, the parameters zLe, a3 and dLe cannot be selected independently of 
each other. Commonly used blade/vane number combinations are: zLe = 12 with 
zLa = 7 for specific speeds from approximately 20 to 35 and zLe = 8 with zLa = 5 for 
nq < 20. Circumferential velocity u2 and impeller size d2 should also be considered 
in this context. With high specific speeds and/or very large pumps 15 diffuser 
vanes are also sometimes employed. Further combinations are obtained from Ta-
ble D7.4. When there is a risk of resonance between an impeller eigen frequency 
of the two-diameter mode and the excitation frequency 3×zLe×fn, all combinations 
resulting in | 3×zLe – 2×zLa| = 2 should be avoided. Including this criterion leads to 
the preferred vane combinations (printed in bold face) in Table D7.4. 

Table D7.4 Impeller-diffuser vane combinations 
zLa 5 6 7 

zLe 7 8 12 10 9 10 11 12 (15) 

Vane numbers printed bold are considered best with respect to low vibrations. 

6. Inlet width b3: The inlet width b3 is selected larger than the impeller outlet 
width; the ratio is in the range of b3/b2 = 1.05 to 1.3. Shock losses due to a mis-
match of the impeller and diffuser channels should be avoided. Mismatch can be 
caused by manufacturing tolerances. Thermal expansion of multistage pumps must 
also be considered in this context. If the ratio selected for b3/b2 is small, a chamfer 
should be introduced to avoid the shock losses and associated hydraulic excitation 
forces, see figure in Table 0.2 (2). According to Chap. 5, the ratio b3/b2 has an ef-
fect on the partload characteristics: if b3/b2 is large, recirculation and shut-off head 
increase; if b3/b2 is reduced to values near 1.0, the risk of a saddle-type Q-H-curve 
is reduced. The choice of the inlet width also has an effect on the overlap of the 
shrouds of impeller and diffuser. As discussed in Chaps. 5.4.2 and 9.1, it is rec-
ommended to decouple the impeller sidewall gaps from the main flow to avoid ax-
ial thrust excursions when recirculating fluid enters the impeller sidewall gap. Ac-
cording to [B.20], gap A between the shrouds should be (0.007 to 0.01)×r2 and the 
overlap xov = (2 to 3)×A (where A is the width of gap A), Fig. 9.1 and Table 0.2. 
7. Throat width a3: With a given diffuser inlet width b3 and vane number, the 
throat width a3 largely determines the best efficiency point, Chap. 4.2. It also has 
an effect on the shut-off head and the shape of the Q-H-curve (saddle formation), 
Chap. 5. Equation (3.20) supplies a throat width a3,th which corresponds to the di-
mensioning in accordance with the conservation of angular momentum. The final 
throat width is designed according to Eq. (T7.7.10) as a3 = fa3×a3,th.. Generally, 
fa3 = 1.1 to 1.3 should be assumed; in other words, the executed flow deceleration 
is greater than that corresponding to the conservation of angular momentum. Val-
ues fa3 > 1 also foster good overload characteristics at q* > 1. With very wide im-
pellers and low specific speeds it is sometimes necessary to design fa3 < 1 to 
achieve the specified best efficiency point. 
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Instead of using the conservation of angular momentum design as a base, it is 
also possible to calculate the throat width for a chosen deceleration ratio c3q/c2 
from Eq. (T7.7.11). The deceleration ratio is in the range of c3q/c2 = 0.7 to 0.85. 

Because of the effect of the throat width on the partload and overload character-
istics, the choice of the ratio c3q/c2 or of the factor fa3 is an optimization task for 
which no generally applicable rules are available. If the flow at the diffuser inlet is 
decelerated excessively, the stall occurs at too high flow and the Q-H-curve can 
become unstable. Insufficient deceleration may mean a loss of efficiency. It is also 
possible that the flow separation at partload occurs too late which can produce a 
saddle in the Q-H-curve, Chap. 5.5. The effect of the deceleration ratio c3q/c2 on 
the shape of the Q-H-curve is evident from the tests in Figs. 4.5, 4.6 and 5.19. 
8. Diffuser outer diameter dLe: With respect to size and costs one would try and 
make the outer diameter as small as possible. But low hydraulic losses require op-
timum diffuser length and sufficient space for flow turning; when choosing dLe a 
compromise must be sought between efficiency and costs. The required outer di-
ameter increases with growing design flow rate, i.e. with the specific speed. For 
multistage pumps it is in the range of dLe/d2 = (1.05 to 1.15) + 0.01 nq. The upper 
limit applies when the efficiency has priority over the pump size. If the diffuser 
discharges into a volute its outer diameter can be kept smaller. The diffuser chan-
nels require a sufficient overlap if it is intended to reduce the radial thrust.  
9. Diffusing channel: Downstream of the throat area A3q the channel opens simi-
lar to a plane or pyramidical diffuser in a pipe or channel (this section may be 
called “diffusing channel”, see Table 0.2). Maximum allowable diffuser opening 
angle, pressure recovery and losses are calculated according to Chap. 1.6. Diffuser 
length and area ratio are matched in such a way that the pressure recovery (or the 
cp value) is maximized. The diffuser losses can be estimated from Eqs. (T3.8.16 to 
3.8.19). Since the cross sections are not circular, the calculation is done using the 
concept of an equivalent diffuser as per Eq. (1.45) unless the channel is designed 
as a plane diffuser. If the diffuser opens in the axial direction, ϑb = ϑa may be se-
lected with tanϑa = 0.5(a4 - a3)/L3-4. The diffusing channels are often designed 
with a slight curvature since this helps to achieve a greater diffuser length and, 
consequently, a higher pressure recovery or lower losses with a given outer diame-
ter dLe. Experience shows that the data of straight diffusers according to Chap. 1.6 
can be applied to slightly curved diffusers (with up to 25° deflection) without cor-
rection – presumably since the unsteady approach flow of the diffuser fosters thin-
ner boundary layers, in this way compensating for the potentially negative effect 
of the channel curvature. The final diffuser length and outlet width a4 are obtained 
only when drawing the diffuser; iteration may be necessary. 
10. Diffuser criteria: Once all parameters discussed above have been determined 
and a diffuser drawing has been made, the quality of the diffuser design should be 
verified according to the following criteria: 
A. The optimum pressure recovery in a diffuser of given length L3-4 according to 
Fig. 1.19 is achieved when the area ratio AR,opt is approximately: 

eq

43
opt,R R

L
184.005.1A −+=         with          

π
= 33

eq
baR  (7.30) 
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The pressure recovery coefficient will then be about: 
26.0

eq

43
opt,p R

L
36.0c = −  (7.31) 

B. Deceleration ratio: c3q/c2 = 0.7 to 0.85 (at nq < 12 to 15 c3q/c2 may be higher) 
C. Ratio length to throat width: 2.5 < L3-4/a3 < 6 
D. The ratio of inlet width b3 to throat width a3 should preferably be in the range 
of 0.8 < b3/a3 < 2. Cross sections which are too flat are unfavorable but can some-
times not be avoided with very wide impellers and low specific speeds. 
E. The outlet cross section A4 of the diffusing channels of multistage pumps 
should be dimensioned so that the kinetic energy at the diffuser outlet is in the 
range of c4

2/(2×g×Hopt) = 0.02 to 0.04 in order to keep the losses in the overflow 
channels low. However, the outlet velocity c4 must also be matched to the inlet ve-
locity c1m into the downstream impeller: 0.85 < c4/c1m < 1.25. 
F. The equivalent opening angle must be checked according to Eq. (1.45); it must 
not exceed the allowable opening angle given by Eq. (1.44) or a more stringent 
criterion based on test results should such be available. Exceeding the allowable 
diffuser angle would lead to premature stall the consequence of which could be 
increased pressure pulsations and dynamic stresses. This is particularly true for the 
last stage diffuser of a multistage pump or when the diffuser is followed by a vo-
lute where the discharge pressure is non-uniform around the circumference, 
Chap. 10.7. Obviously this criterion gathers significance as the head per stage is 
increased. 
11. Return vanes: The outlet velocity c6m from the return vanes should be lower 
than the inlet velocity c1m into the following impeller in order to smooth the impel-
ler approach flow through a slight acceleration: c6m = (0.85 to 0.9)×c1m. Accord-
ingly, the width b6 is obtained from Eq. (T7.7.12).   

The course of the flow areas between the return channel and the impeller inlet 
should be designed so that the flow is accelerated continuously. The width b5 at 
the inlet of the return vanes can be selected equal to the outlet width (or different, 
depending on the configuration of the channel). The meridional component of the 
inlet velocity is obtained from Eq. (T7.7.13). 

The velocity c4 is obtained from continuity with dimensions a4 and b4 from the 
drawing. The circumferential component c4u and the radial component of the vec-
tor c4 are subsequently determined according to Fig. 7.47. The circumferential 
component of the velocity at the inlet to the return channels is calculated from the 
conservation of angular momentum, Eq. (T7.7.14). From c5u and c5m it is possible 
to determine the inlet angle of the return vanes as per Eq. (T7.7.15). The camber 
angle of the return vanes can be selected equal to this flow angle (plus blockage 
effect). 

To obtain the desired flow angle at the outlet of the return channels, a slight an-
gle exaggeration is required. For example, if an outflow angle of α6 = 90° is de-
sired, the camber angle of the vane should be selected 4 to 6° larger, that is 
α6B = 94° to 96°.  
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If the diffuser is designed to give some pre-swirl to the subsequent impeller, the 
outflow angle can be estimated from α6 ≈ arc sin a6/t6. 

Frequently return vane and diffuser vane numbers are selected identical. Some-
times fewer return vanes are selected (i.e. zR < zLe). In this case the solidity of the 
return vanes should be L/t > 2 so that the flow is deflected sufficiently. 

7.9.2 Design and shaping of radial diffusers 

The design of radial diffusers according to Fig. 7.47 comprises the following 
steps: 

1. Circles with r3 and r4 or rLe are drawn in the plan view.  
2. Based on the vane pitch the start of two vanes is constructed. The vane thick-
ness at the inlet is e3 = (0.01 to 0.015)×d2. The camber angle α3B is drawn and the 
profile defined at the inlet. 
3. An arc of a circle with radius a3 defines a point on the opposite vane surface 
which determines the throat area. The concave vane surface can now be provi-
sionally drawn as a smooth curve (or a combination of circular arcs) up to the 
outer diameter d4. From the intersection of this curve with the diameter d4 it is 
now possible to mark off a4 as an arc of a circle. This produces a point on the con-
vex vane surface which – together with the concave vane surface – supplies the 
vane thickness at the end of the channel. The resulting vane thickness must satisfy 
the requirements in terms of strength and castability. If this is not the case, the se-
lected values of d4 and a4 cannot be maintained simultaneously but must be modi-
fied iteratively. 
4. By changing the assumed curve of the concave vane surface (if adjusting d4 is 
not desired) the channel geometry can be optimized so that the desired values for 
a4, L3-4 and the pressure recovery coefficient cp are achieved as closely as possible. 
Flow areas and vane curvatures should vary smoothly in order to reduce the risk of 
premature stall. Alternatively, the first section of the vane can also be configured 
as a logarithmic spiral or with special profiles, such as were analyzed in [5.34]. 
5. The meridional section is drawn and, taking into account d1 and dn of the subse-
quent impeller, the inlet and outlet widths b5 and b6 of the return channels and the 
position of the leading and trailing edges of the return vanes on the diameters d5, 
d6a and d6i can be defined. At the same time, the section through the stage must be 
drafted. 
6. The camber angle α5B and d5 is now drawn in the plan view. The camber line of 
the return vanes can, for instance, be constructed as a circular arc of the radius rsk: 
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and subsequently given a thickness distribution and with leading and trailing edge 
profiles. This construction is performed in a way similar to Chap. 7.3.1 and 
Fig. 7.11. An elliptical profile at the inlet makes the vane less sensitive to incident 
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Table 7.7 Diffuser and volute design calculations Eq. 

Given quantities n, Qopt, Hopt  

Diffuser or volute design flow rate QLe = Qopt + Qs3 + QE  7.7.1 

Circumferential component of absolute ve-
locity at impeller outlet 2

1um1

2  h
u2 u

c u
u 

H gc +
η

=  7.7.2 

Circumferential component of absolute ve-
locity at diffuser inlet 3

2u2
u3 d

c dc =  7.7.3 

Meridional component of absolute velocity 
at diffuser inlet 33

3Le
m3 bd

 Qc
π

τ=′  7.7.4 

Flow angle at diffuser inlet with blockage 
u3

3m
3 c

c 
tan

′
=′α  7.7.5 

Diffuser vane inlet angle α3B = α3′ + i3 incidence i3 = ± 3o 7.7.6 

π
ε

π
=

2rc
QX sp

2u2

Le
Sp  Throat area of a volute of circular section 

or equivalent circle of a volute with an ar-
bitrary section  

Sp
'
zSpq3 Xd2Xd +=  

4
d

A
2

q3
q3

π
=  

7.7.7 

Factor for diffusers or volutes with rectan-
gular cross sections =

Le2u23

Le
Le zrcb

QexpX  7.7.8a 

Outer radius ra of the end section (throat 
area) of a rectangular volute Le

'
za Xrr =  7.7.8 

Height of the end section (throat area) of a 
rectangular volute 

−
π

ε
=−= 1

2rcb
Qexprrra sp

2u23

Le'
z

'
za3

 7.7.9 

Diffuser inlet width 
fa3 = 1.1 to 1.3 

{ }1X
2

d
fa Le

3
3a3 −=  7.7.10 

Diffuser inlet width calculated for a se-
lected deceleration ratio c3q/c2 +

=
q3

2

2
2u

2
m23Le

Le
3 c

c

ccbz

Q
a  7.7.11 

Return channel outlet width 
m66

Le
6 cd

Qb
π

= c6m = (0.85 to 0.9) c1m 7.7.12 

Meridional component of absolute velocity 
at return channel inlet  55

Le
m5 bd

Qc
π

=  7.7.13 

Circumferential component of absolute ve-
locity at return channel inlet m5

m4u4
u5 r

rc
c =  7.7.14 

Flow angle at return channel inlet 
u5

m5
5 c

carctan=α  7.7.15 

Gap A and overlap xov (Fig. 9.1) 01.0to007.0
r

gapA

2
=  4to2

gapA
xov =  7.7.16 

Gap B see Table 10.2  
εSp is given in radians; for volutes with equal spacing: εSp = 2 π/zLe 
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flow. This is important since the approach flow direction is only a rough estima-
tion in view of the complex geometry between diffuser outlet and return vane 
inlet. The return vanes should taper off to a thin trailing edge in order to reduce 
the blockage, but sufficient vane strength must be ensured. 
7. With regard to position and effect of the trailing edges of the return vanes on 
the stability of the characteristics, reference is made to Chap 5.6. 

7.10 Semi-axial diffusers 

When designing a semi-axial diffuser, it is first necessary to determine the inlet 
and outlet diameters for the outer and inner streamline. Drafting therefore starts 
with the meridional section the shape of which has to be matched to the impeller 
(especially d2a and d2i). The diffuser outlet of single-stage pumps must be matched 
to the column pipe and the shaft protection pipe if applicable. In multistage pumps 
the diffuser outlet is matched to the impeller inlet of the subsequent stage. Design 
procedure (see also Fig. 7.22): 
1. The inlet and outlet diameters d3a, d3i, d4a, d4i are largely determined by aspects 
of the mechanical design. The distance between impeller blades and diffuser vanes 
can be selected according to Table 10.2 to avoid excessive pressure pulsations and 
hydraulic excitation forces. According to [B.18] it can also be selected as 
Gap B = 0.3×b2. 
2. The axial length of the diffuser must be sufficiently large to keep the losses due 
to flow deflection and deceleration within acceptable limits. Iteration is usually 
necessary since the allowable opening angle of the diffuser can only be verified 
when the length of the channel has been established from a drawing. A reference 
value for the minimum axial length LLe can be determined from [B.18]: 

19.0

fRe,q

q

m2

Le
n

n
72.0

D
L

=            nq,Ref = 200 (7.33) 

3. The diffuser inlet width is obtained with the impeller outlet width from 
b3 = (1.02 to 1.05)×b2. The smaller values apply to higher specific speeds. 
4. After the main dimensions have been determined in this way, the course of the 
flow areas in the meridional section can be established so that a steady decelera-
tion and an even curvature are obtained. The procedure is similar to Chap. 7.2.2.1. 
5. When drawing the meridional section, various requirements of the mechanical 
design need to be taken into account, for example flange and stud dimensions, in-
termediate bearings, shaft protection sleeves and annular seal configurations. With 
high specific speeds the meridional section may be made of cylinders and conical 
sections, in particular when welded components are used. This type of design can 
yield very good efficiencies because flow turning can be minimized. 
6. After the outer and inner streamlines have been drawn, the mean streamline can 
be constructed. Alternatively, the design can start from a mean streamline. The 
channel width from b3 to b4 is then defined by drawing circles which yield a 
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smooth course of the flow area from inlet to outlet. Outer and inner streamlines 
are subsequently found from the envelopes to said circles. The procedure is simi-
lar to that described for impellers, Chap. 7.2.2.1. 
7. The vane angles at the diffuser inlet are calculated for each streamline from 
Eqs. (T7.7.2 to 7.7.6). 
8. The vane angles at the diffuser outlet are usually designed for swirl-free out-
flow. A slight angle exaggeration of 4 to 6 ° can be employed since the flow is not 
able to completely follow the vanes. 
9. The number of diffuser vanes is usually selected greater than the number of im-
peller blades. The rules of Chap. 7.9.1 are applicable. In particular, diffuser and 
impeller should not have the same number of vanes nor vane number combina-
tions with common multipliers in order to avoid excessive pressure pulsations. 
10. The diffuser throat area can be calculated according to Chap. 7.9.1 and 
Eq. (T7.7.10) which take into account the fact that the fluid in the vaneless space 
between impeller and diffuser flows in accordance with the conservation of angu-
lar momentum. The calculation therefore applies also to large distances between 
impeller and diffuser. The factor fa3 is close to 1.0; it has to be optimized in terms 
of hydraulic losses, stability and steepness of the Q-H-curve in the overload range. 
Generally applicable guidelines for controlling these three-dimensional effects are 
not available. CFD may be used for optimization. 
11. The development of the vanes is drafted with the selected inlet and outlet an-
gles α3B and α4B for various streamlines. The vane design procedure is similar to 
Chap. 7.2.2.2. In the inlet region of the vanes it is advisable to keep α3B roughly 
constant in order to produce little flow deflection in the region with strong decel-
eration. 
12. After the vanes have been drafted, the cross sections must be verified to ensure 
as steady as possible a flow deceleration. Because of the complex geometry this 
work is highly involved; it is best carried out using a 3D-CAD system. 

7.11 Volutes combined with a diffuser or stay vanes 

In some types of pumps a vaned diffuser is arranged between the impeller and a 
single volute in order to reduce the radial thrust, Fig. 7.48. The diffuser and the 
volute are configured according to Chap. 7.9 and Chap. 7.8, respectively. 

At high specific speeds, stay vanes between impeller and volute are often nec-
essary for very large pumps to reduce the deformation of the volute casing under 
the internal pressure and to reduce casing stresses. The length and thickness of the 
stay vanes must be determined on the basis of strength and requirements of me-
chanical design. The stay vanes are usually shaped in a way that they have little 
effect on the flow in the design point. They are not designed to serve as a diffuser 
but to allow the fluid to flow according to the conservation of angular momentum 
with the least impediment possible. To this end, the vane inlet angle is dimen-
sioned according to Eqs. (T7.7.2 to 7.7.6) with zero incidence. The camber line is 
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drafted as a logarithmic spiral with b3 = b4 (or approximately as an arc of a circle). 
Such types of stay vanes hardly reduce the radial thrust. 

 
Fig. 7.48. Boiler feed pump with double-entry impeller, volute and diffuser, Sulzer Pumps

7.12 Annular casings and vaneless diffusers 

Because of their lower manufacturing costs, annular casings are sometimes pre-
ferred to volute casings for small pumps. Annular collectors also offer an alterna-
tive for pumps with low specific speeds since the efficiency impairment caused by 
the annular casing diminishes with falling nq. For nq < 12 even higher efficiencies 
are expected than with volutes according to [B.9]. The ratio of the pump effi-
ciency expected with an annular collector ηRR to that with a volute ηSp amounts to 
approximately ηRR/ηSp = (nq,Ref/nq)0.45 (with nq,Ref = 12). This relation is valid for 
nq < 14; it was derived from a diagram in [B.9]. 

To reduce the losses in the annular collector, the exchange of momentum be-
tween the impeller and the flow in the annulus should be intensified and smooth 
surfaces should be produced (see Chap. 7.3.2). The ratio b3/b2 must therefore not 
be selected too small; it amounts to approximately b3/b2 = 1.2 to 1.4. A low radial 
extension of the annular collector is favorable to reduce friction losses and secon-
dary flows. The ratio width B to height H is likely to be at an optimum in the 
range of B/H = 1.5 to 2.5. The cross section ARR = B×H of the annular collector 
must be considerably larger than corresponds to the circumferential component c2u 
as stipulated by Eq. (7.34). 

u2

opt
RR c

Q
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The fluid is discharged from the annular collector through a diffuser the throat 
area of which is calculated from Eq. (T7.7.9). At low specific speeds the diffuser 
throat area determines the best efficiency flow rate, as corroborated by Fig. 7.15. 
Optimization of the diffuser is carried out in accordance with Chap. 1.6 or 
Eqs. (7.30 and 7.31). The diffuser is arranged tangentially because high deflection 
losses would result at the diffuser inlet if it were configured radially. 

It is also possible to combine an annular collector with a volute by designing an 
annular collector over (for example) 180° followed by a volute leading the fluid 
into the discharge nozzle/diffuser. This combination improves the efficiency since 
the transition to the discharge nozzle can be shaped much more favorably. In addi-
tion, the radial thrust at Q = 0 and low partload is reduced compared with the vo-
lute, Chap. 9.3. 

Vaneless diffusers are rarely used in pumps. Their hydraulic characteristics 
have been discussed in Chap. 3.7. The pressure increase in the vaneless diffuser is 
calculated from Eq. (1.28). The radius ratio is determined on the basis of the de-
sired pressure increase and design requirements. In general the inlet width b3 
should be selected not much larger than the impeller outlet width b2 in order to re-
duce the tendency to flow separation. 

7.13 Inlet casings for between-bearing pumps  

For between-bearing pumps an inlet casing is required to deflect the fluid from the 
inlet nozzle – mainly arranged normally to the axis – into the axial direction. Gen-
erally a small inlet casing is desired with respect to costs. The most important hy-
draulic requirement is to design the inlet casing so as to achieve as uniform a ve-
locity distribution as possible at the impeller inlet.  

Different pump types require various types of inlet casings according to 
Fig. 7.49. With reference to a section through the pump axis, symmetrical inlet 
casings, such as used for barrel pumps, can be constructed as annular collectors 
with surfaces of revolution (Fig. 7.49a). Alternatively, symmetrical inlet casings 
can be designed similar to volutes with cross sections decreasing in circumferen-
tial direction (Fig. 7.49b). Axial-split pump casings require asymmetric inlet cas-
ings where the inlet nozzle is located below the split flange. Asymmetric casings 
can either be designed so that the flow rate is divided “quasi-symmetrically” into 
two identical flows around the hub (Fig. 7.49d) or that the lower half handles a 
significantly larger flow rate according to Fig. 7.49c. 

All casing types have in common that the radial suction nozzle and the flow 
around the hub generate circumferential components in the velocity distribution at 
the impeller inlet. As a result, pre-rotation is generated over roughly one half of 
the impeller circumference and counter-rotation in the second half, Fig. 7.50. 
However, the flow through both halves is not uniform either since the liquid im-
pinges on the rib which is absolutely indispensable in each and every inlet. As a 
consequence, counter-currents near the hub occur in the region of the rib as indi-
cated in Fig. 7.50. In the half with pre-rotation the approach flow angle increases 
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compared to an approach flow with α1 = 90°. Conversely, the flow angle de-
creases in the half with counter-rotation, as shown by the velocity triangles in 
Fig. 7.50 (refer also to Fig. 3.1). 
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The uneven velocity distribution at the impeller inlet has the following disadvan-
tages: 

• The angle of the approach flow to the impeller blades varies over the circum-
ference and the radius, resulting in correspondingly different pressure distribu-
tions and cavity lengths on the blades. 

• Noise and vibrations are excited.  
• Loss in efficiency 
• According to Chap. 9.3.7, Fig. 9.24, radial forces are generated. 

Inflow disturbances of this kind always grow with the specific speed, with the 
circumferential velocity u1 and (due to increasing inertia) with the flow rate. For a 
given pump, they are highest at overload q* > 1. 

The flow through inlet casings generates 3-dimensional boundary layers the 
separation of which can cause vortex ropes. The pressure in the vortex core is 
lower than in the surrounding fluid due to the centrifugal forces caused by the ro-
tation. If the pressure in the core drops below the vapor pressure, the vortex cavi-
tates as discussed in Chap. 6.8.2. If the liquid contains appreciable amounts of dis-
solved gas, a gaseous vortex core appears even at local pressures above vapor 
pressure when gas separates from the liquid. 

The 3-dimensional flow in the inlet casing cannot be calculated by simple 
means, but some general rules for favorable flow conditions can be given: 

(1) The meridional component of the approach flow velocity profile upstream of 
the impeller inlet can be smoothed out by flow acceleration and an extended 
axial flow path upstream of the impeller. The acceleration should preferably 
take place in the region with the strongest flow turning (or downstream of it). 

(2) To foster a more uniform flow over the circumference of the impeller, the fluid 
has to be accelerated towards the impeller inlet. The cross section A-B in 
Fig. 7.49 must therefore be selected so that an acceleration ratio c1m/cA-B = 1.5 
to 2.2 is obtained. The lower value applies to nq = 15 and the upper value to 
nq > 60. Half of the flow rate in cross section A-B flows through cross section 
C-D (or C-M in Fig. 7.49c). The cross sections C-D or C-M must be designed 
so that approximately the same velocity as in A-B prevails there or that the 
same acceleration ratio c1m/cC-D = 1.5 to 2.2 is achieved from C-D to the impel-
ler inlet. 

(3) The circumferential component of the approach flow velocity can be decreased 
by reducing the blockage caused by the hub. If the inlet casing is very large, an 
inlet cone (or bellmouth) according to Fig. 7.49e ensures a favorable flow dis-
tribution upstream of the impeller. This type of bellmouth can be considered 
for a retrofit of an over-sized problem casing. 

(4) If the inlet casing is over-sized, the flow can be smoothed out using a ring as 
shown in Fig. 7.49f. The effect of an asymmetric ring of this type is reported 
on in [7.37]. The asymmetric ring is better able to re-distribute the fluid to both 
halves of the inlet casing. Inlet rings according to Fig. 6.39 can also help. If the 
radial expansion of the inlet casing is large, it must be noted that the fluid 
tends to maintain its angular momentum according to cu×r = constant when 
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moving radially inward, which causes the circumferential velocities to be in-
tensified and increases the risk of generating vortices. An inlet casing should 
therefore be expanded as little as possible in radial direction but rather axially. 

(5) Severe local decelerations from the suction nozzle to the inlet casing cause 
flow separation and vortices. Over-sized annular casing cross sections (which 
per se would favor the flow distribution over the circumference) should there-
fore be avoided. 

(6) Every inlet inevitably requires a rib R1 (Fig. 7.49) at the location where the 
two partial flows around the hub meet. If this rib is omitted, cavitation charac-
teristics and work transfer (head coefficient and efficiency) are seriously af-
fected. A periodic pre-rotation can also be induced which would result in un-
steady operating. 

(7) The rib R2 is not absolutely necessary with symmetrical inlets but desirable for 
reasons of mechanical design in order to limit the casing deformation under the 
internal pressure (note pressure of hydrostatic test, if applicable). With asym-
metric inlets a rib R2 can be expected to foster a more uniform flow. 

(8) All ribs must be rounded at the leading edge and profiled asymmetrically at the 
trailing edge according to Table 10.13 in order to reduce the formation of vor-
tices and prevent vortex streets. 

The step-wise procedure for drafting an inlet casing for a single-stage double-
entry pump is explained below with reference to Fig. 7.51. This design of an 
asymmetric inlet casing is particularly complex because the inlet casing has to be 
developed around the volute casing. The design methodology essentially follows 
[B.2], [B.9], [B.21], [B.22] and [7.19]. The cross sections develop on the surfaces 
of revolution RF1 and RF2.  

1. Known parameters are the inlet type, the inlet nozzle diameter ds and the impel-
ler inlet: d1, dn and the impeller inlet area A1 = (π/4)×(d1

2 - dn
2). The position of the 

inlet nozzle is given by the dimensions Ls and as.  
2. Impeller inlet and hub diameter are drawn in the plan view. In an inlet accord-
ing to Fig. 7.49c, the rib R1 is positioned approximately 45° over the partition 
plane of the axially split casing. 
3. The outer contour from the rib to point C is defined by the radial dimensions a1 
to a6: 
 a1 = (1.5 to 1.8)×r1 
 a6 = (2.5 to 2.8)×r1 
The dimensions a2 to a5 increase with the circumferential angle ε according to: 
 ai = a1 + (a6 - a1)×ε°/180. 
 a7 = (3 to 3.5)×r1 
 (A-B) = (1.7 to 2.2)×d1 
The distance A-B is positioned (approximately at a distance of b1 ≈ d1 from the 
shaft axis) normally to the flow direction. With the details for the inlet nozzle (ds, 
as, Ls) it is now possible to draw the inlet contour in the plan view as a connection 
of the checkpoints defined above. With regard to the split flange of axial-split 
pumps (near point B), a steep contour facilitates the positioning of the studs as 
closely as possible to the area subjected to pressure. 
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4. The outline of the volute is drawn. Another section F-G is positioned between 
the suction nozzle and A-B. The distances b1 to b3 between the centers of the sec-
tions A-B and F-G and the suction nozzle are defined. 
5. The meridional section of the impeller and the volute casing are now drawn and 
the surfaces of revolution RF1 and RF2 are designed taking into account the hub 
contour which usually houses part of the shaft seal. 
6. It is now possible to draft the flow areas ensuring a continuous velocity varia-
tion along the flow path. As an important element the cross section A-B must be 
selected so that the acceleration ratio c1m/cA-B defined under item (2) is achieved. 
The cross sections with the radial dimensions a6 to a1 are determined such that the 
velocity is approximately identical to that in cross section A-B. In doing so, it is 
assumed that the flow rate in the cross section M-C (or D-C) is half that of the 
cross section A-B and that the flow rate subsequently decreases in proportion to 
the circumferential angle. 
7. The areas of the cross sections between the inlet nozzle As and section A-B 
should vary in a continuous fashion. If the fluid is decelerated in this region, flow 
separation must be prevented under any circumstances (to be verified according to 
the rules for the diffuser design in Chap. 1.6). Any diffusion in the inlet casing 
should be designed with opening angles lower than those given by Eq. (1.44) or 
Fig. 1.20 in order to take into account possible flow distortions in the suction pipe. 
8. The rib R2 in the inlet is arranged essentially along the mean streamline. 
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8 Numerical flow calculations 

Real flows are described by partial differential equations which cannot be solved 
analytically in the general case. By dividing a complex flow domain into a multi-
tude of small cells, these equations can be solved in an approximate manner by 
numerical methods. Because of their wide range of application, numerical flow 
calculations (“computational fluid dynamics” or “CFD” for short) have become a 
special discipline of fluid dynamics. 

The information given in this chapter is intended to help the understanding and 
interpretation of numerical flow calculations of centrifugal pumps. The focus is on 
viscous methods since these provide the best chance of describing realistically the 
boundary layers and secondary flows in decelerated flow on curved paths as en-
countered in radial and semi-axial pumps. This statement is not meant to preclude 
that simpler methods may be applied meaningfully to make a first design. 

The following discussion of CFD methods and possibilities focuses also on 
limits and uncertainties of CFD modeling as well as on quality criteria and issues 
in CFD applications, Chaps. 8.3.2, 8.3.3, 8.8 and 8.10. 

8.1 Overview 

Because of the complex flow phenomena in centrifugal pumps, the design of im-
pellers, diffusers, volutes and inlet casings is frequently based on empirical data 
for determining the flow deflection in the impeller and estimating performance 
and losses. The design of flow channels and blades then relies on experience and 
coefficients which originate from test data, Chaps. 3 and 7. The availability of 
relatively inexpensive computers with high computing powers has fostered the 
development of numerical methods which are able to solve the 3-dimensional Na-
vier-Stokes-equations in complex components with reasonable effort. Therefore, 
numerical methods are used also in the pump industry with the object of optimiz-
ing the hydraulic components, to increase the reliability of performance prediction 
and thus to reduce testing costs. Computational fluid dynamics are still in a phase 
of development. 

Depending on the task at hand and the available resources, different types of 
CFD programs can be applied (see also Chap. 8.10 in this context): 

1. Design programs for impellers or diffusers where the blades and the meridional 
section are modified based on simplified flow calculations until the designer 
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considers the component as acceptable or optimum. Quasi-3D-calculations 
with computation times of a few minutes are often used for this purpose. 

2. Separate calculations of impellers, diffusers, volutes and inlet casings using 
3D-Navier-Stokes-methods (“3D-NS”). If the results of such an analysis are 
unsatisfactory, the components are modified until an optimum design is 
reached. The success depends on the experience of the designer in using the 
programs and in assessing the results. However, the effort necessary to modify 
the geometry and the considerable amount of computation times limit the num-
ber of optimization cycles which are feasible in practice.  

3. Stage calculations which model inlet casing, impeller and collector as an entity, 
e.g. [8.4]. Stage computations can be conducted as unsteady calculations by the 
“sliding mesh” method (long computer times, high memory requirements), or 
as steady calculation by the “frozen rotor” method or by introducing “mixing 
planes” between stationary and rotating component, [8.28, 8.66]. 

4. Calculation of hydraulic forces. 
5. Inverse methods which determine that geometry which is able to generate a 

prescribed pressure distribution. Such methods may be used in special cases, 
for example for designing blades with favorable cavitation characteristics in 
two-dimensional flows, [8.2]. Other procedures are developed for optimizing 
blade shapes which produce less secondary flows, [8.67]. 

6. Automatic optimization of impellers where the program varies the geometry 
until the losses are minimized and/or a prescribed pressure distribution or any 
other target values or criteria are reached. 

7. Expert systems for design and analysis of the components and for interpretation 
of the results. They may be based on the methods according to items 1) and 2) 
(possibly item 3) and comprise programs for design and geometry generation in 
3D. Furthermore, programs can be integrated into the system for generating the 
data for numerically controlled machining (e.g. for producing patterns and 
components) and for stress analysis. 

8. Calculation of two-phase flows.  
9. Modeling cavitating flows which capture the impact of the cavities on the flow 

field in the impeller. 

The methods mentioned are available in many variations. In addition methods for 
non-viscous flows are in use, such as 3D-Euler calculations or singularity methods 
for 2-dimensional flows – for example for developing blades of axial pumps with 
favorable cavitation characteristics. 3D-Euler programs can be supplemented by 
boundary layer models in order to include friction losses and flow separation. 
However, the losses caused by turbulent exchange of momentum (dominating in 
turbulent flows) cannot be captured that way. These methods will not be discussed 
in detail because they are being replaced more and more by 3D-Navier-Stokes 
programs which receive most of the development efforts. 

Three mathematical theories for the numerical calculation of incompressible 
flow shall be mentioned: 

1. Irrotational non-viscous (potential) flows are handled by the Laplace equation. 
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2. Rotational non-viscous flows are handled by the Euler equations. 
3. Rotational viscous flows are handled by the Navier-Stokes equations: laminar 

flows by means of Prandtl’s equation; turbulent flows by means of the Rey-
nolds equations and turbulence models; modeling of large vortices (LES: 
“large-eddy-simulation”); direct numerical simulation of the turbulence (DNS: 
“direct-numerical-simulation”). 

There is a wealth of literature on numerical flow calculations, only a fraction of 
which can be quoted. An overview of newer developments and basic concepts, 
theories and procedures can be found in [8.9 to 8.14, 8.40 to 8.43, 8.58 to 8.60, 
8.76 to 8.77]. Details on turbulence modeling are given in [8.8], [8.26, 8.33, 8.61, 
8.79 and 8.80]. 

The performance of some commercial 3D-Navier-Stokes programs was com-
pared using the test case of a turbulent flow through a 180°-bend, [8.27]. It was 
found that the patterns of secondary flow in the bend strongly depend on the tur-
bulence model – even qualitatively. The velocity profiles in the bend were not at 
all well predicted. The evaluation of three 3D-Navier-Stokes programs and the 
comparison between CFD calculation and velocity measurements in a pump by la-
ser anemometry was reported in [8.22 and 8.23]. The attainable accuracy of 3D-
Navier-Stokes calculations and their sensitivity to the influences of the calculation 
grid and numerical parameters was investigated in [8.35].  

Technically speaking, 3D-Navier-Stokes calculations are basically appropriate 
for all applications because they offer the chance – if used correctly – of getting 
the most accurate solution. This does not imply that their use would be in every 
case economically justifiable or technically sensible. Many a case attacked by 
CFD could presumably be handled with a fraction of the effort by an engineering 
assessment and engineering common sense. 

8.2 Quasi-3D-procedures and 3D-Euler-calculations 

8.2.1 Quasi-3D- procedures 

The quasi-3D-method (“Q-3D”) was developed by Wu [8.5] at a time when high-
performance computers were not yet available. In the Q-3D method the 2-D 
Euler-equations are solved in cylindrical coordinates in that the flow between the 
front and rear shrouds (“S2-surfaces”) and between the blades (“S1-surfaces”) of 
an impeller is iteratively superimposed. In doing so, rotational symmetry is as-
sumed for the flow on the S2-surfaces in the meridional section. At the impeller 
blade trailing edge equal static pressures are imposed on the suction and pressure 
surfaces. The continuity equation is solved via a stream function. Frequently only 
one average stream surface is used in the meridional section in order to accelerate 
convergence. In this way efficient design programs may be developed, for exam-
ple the “real-time-procedure” described in [8.6]. In this program system the first 
draft of an impeller can be optimized by interactive modification of the blades, 
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while the resulting pressure and velocity distributions are instantly (“in real time”) 
available. The flow calculations can be done either by the Q-3D-method or by 3D-
Euler calculations. 

Quasi-3D-procedures are unable to predict losses and secondary flows. Within 
limits they may be used for: 

• Impeller calculations at the best efficiency point (BEP) if the influence of sec-
ondary flows is deemed small. Q-3D is therefore less appropriate for radial im-
pellers of high specific speeds and/or large outlet widths. 

• Impeller design systems within the limits stipulated above. 
• Determination of cavitation inception based on the calculated pressure distribu-

tions on the blades – provided the approach flow conditions can be specified 
correctly and the grid resolution is made sufficiently high. 

• Q-3D-methods (in combination with empirical 1D-design procedures) were 
used extensively for the first draft of an impeller and its pre-optimization, [8.7]. 
The procedure needs extensive calibration by comparisons between calculation 
and test data in order to adapt the calculation parameters and to ease interpreta-
tion of the calculations. Essential geometric parameters must be defined, based 
on tested impellers with good performance, prior to being able to make effi-
cient use of such programs. 

• Q-3D-methods can be supplemented by a boundary layer model in order to es-
timate friction losses.  

Quasi-3D-methods are not suitable for the calculation of diffusers, volutes, inlet 
casings and curved channels. They are of little use for impeller calculations at 
partload. As discussed extensively in Chap. 5.2, secondary flows in curved and/or 
rotating channels are influenced by non-uniform velocity distributions generated 
by boundary layers. Therefore velocity distributions calculated for non-viscous 
flow always deviate (more or less) markedly from test data. Consequently, non-
viscous calculations of an inlet casing or a return channel yield incorrect inci-
dences which falsify the pressure distributions. With axial approach flow or when 
losses are deemed insignificant, non-viscous calculations can predict the theoreti-
cal head (i.e. the flow deflection in the impeller) reasonably well at the best effi-
ciency point. However, the velocity distribution over the impeller outlet width 
usually exhibits a trend which is contradicted by measurements; examples may be 
found in [8.45]. It may therefore appear difficult to draw relevant conclusions for 
improving the design from such velocity distributions (which does not preclude 
achieving good designs, as is indeed also possible without resorting to CFD).  

8.2.2 Three-dimensional Euler-procedures 

The Euler equations represent the non-viscous terms of the Navier-Stokes equa-
tions discussed in Chap. 8.3. Consequently, 3D-Euler methods do not predict 
losses, but the balance of centrifugal, Coriolis and pressure forces is captured cor-
rectly with the exception of the impact of shear stresses and boundary layers. 3D-
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Euler methods fail in applications where boundary layers play an essential role, 
such as local flow separation and secondary flows which are dominated by 
boundary layer flow. The theoretical head is predicted correctly only if the veloc-
ity distribution at the impeller outlet is not affected by boundary layer effects and 
secondary flow to the extent that the integral of u×cu over the exit is falsified. 

3D-Euler procedures are better suited for accelerated flows (turbines) and for 
the same applications as listed above for Quasi-3D. Accuracy and relevance are 
significantly superior to with Quasi-3D. In fully separated flow, the recirculation 
in the impeller is determined to a large extent by centrifugal and Coriolis forces. 
Fully developed recirculation (but not the onset of recirculation) can therefore be 
modeled rather well by 3D-Euler calculations. 

The application of Euler methods is not recommended for diffusers and vo-
lutes. With respect to velocity distributions the same limits apply as for Quasi-3D. 

8.3 Basics of Navier-Stokes calculations 

8.3.1 The Navier-Stokes equations 

Because of the widespread use of 3D-Navier-Stokes programs, this topic is dis-
cussed here in detail in order to show the possibilities and limits of numerical cal-
culations and to give recommendations for assessing CFD results. 

Consider a 3-dimensional, incompressible flow with the relative velocities wx, 
wy, wz in a Cartesian x,y,z-coordinate system; the rotation is around the z-axis. 
Since the present discussion focuses on the basic aspects, conservation of momen-
tum is written only for the x-direction (complete equations and derivations can be 
found in many text books, e.g. [1.11]): 
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 (8.1) 

On the left side of the equation are the substantial acceleration terms 
(Chap. 1.4.1), the effect of the pressure and the body forces in the rotating system 
(i.e. centrifugal and Coriolis acceleration, gravity being negligible in comparison). 
On the right-hand side are the loss terms; the first loss term describes the effects 
of the molecular viscosity while the second term covers the losses due to turbulent 
exchange of momentum. 

Equation (8.1) represents a very general form of the conservation of momen-
tum which comprises some technically significant special cases: 

1. Equation (8.1) can be employed for investigating the flow in a rotating impeller 
in the relative system or, with ω = 0, for calculations of stationary components 
(diffusers, volutes, inlet casings). 
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2. By setting the right-hand side to zero, the Euler equation  for non-viscous flow 
is obtained, which is solved in Euler-programs. 

3. If the second term on the right-hand side is set to zero, the Navier-Stokes equa-
tions for laminar flows are obtained. The remaining term covers the shear 
stresses due to the molecular viscosity . As long as constant temperature is as-
sumed,  is a property of the fluid independent of the flow characteristics. 

Together with the continuity equation (8.2) the three component equations, exem-
plified by Eq. (8.1), yield a system of four partial differential equations for the 
four unknown functions p, wx, wy and wz. 
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If the velocities in Eq. (8.1) are considered as unsteady, the Navier-Stokes 
equations would be sufficient to calculate turbulent flows. This direct numerical 
simulation (“DNS”) of turbulent flows in pump components is, however, beyond 
present computing capabilities. In order to exactly describe all turbulent fluctua-
tions, extremely fine calculation grids and excessive computing times are re-
quired. The number N of elements needed in a grid for DNS can be estimated 
from N ≈ Re9/4; in the order of 1013 elements would be required for Re = 106 
[8.77]. 

Reynolds therefore replaced the unsteady velocities by w + w'(t) with w repre-
senting the time-averaged velocity and w'(t) its turbulent fluctuation. Equa-
tion (8.1) then gives the “Reynolds-averaged” Navier-Stokes-equations (referred 
to as “RANS”). Present-day Navier-Stokes-Programs work on this basis. The 
stresses caused by turbulent exchange of momentum (the “Reynolds-stresses”), 
are given by Eq. (8.3) (the over-bars signifying time-averaged quantities): 

zxxzyxxy
2

xx 'w'w''w'w''w' ρ−=τρ−=τρ−=σ  (8.3) 

Since the fluctuating velocities wx', wy' and wz' are unknown, the system of the 
four equations cannot be solved (“closure problem”). Therefore, by means of a 
“turbulence model”, additional empirical equations must be devised for the veloc-
ity fluctuations. This can be done for example by establishing a relation between 
the Reynolds stresses and the average velocity components. 

8.3.2 Turbulence models  

In general terms the turbulence model describes the distribution of the Reynolds 
stresses in the flow domain. All turbulence models in use are of an empirical na-
ture. They contain constants and concepts which were selected so that CFD calcu-
lations agreed as well as possible with the test results in the considered particular 
geometry and flow regime (for example a one-sided plane diffuser). If a turbu-
lence model contains five (or even more) empirical constants, a given set of test 
data gathered on a specific flow can be represented by different combinations of 
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said constants which are more or less equivalent for the specific case. It is how-
ever difficult to decide which of the combinations would be physically the most 
relevant and the best suited for extrapolation to different flow situations. A 
broader validation would require investigating a statistically relevant number of 
measurements, which appears scarcely practicable. 

The above discussion leads to the conclusion that there is no universally valid 
turbulence model which will yield optimum results for all applications. Instead it 
is necessary to select the turbulence model most suitable for the components to be 
calculated and to carefully validate it by comparing the CFD results to test data, 
Chap. 8.8.2. 

The choice of the turbulence model and the pertinent turbulence parameters 
thus harbors one of the main uncertainties of 3D-Navier-Stokes calculations of 
turbomachines. Turbulence models have therefore received considerable attention 
in a great number of publications, e.g. [8.8 to 8.10, 8.26, 8.33, 8.61 to 8.63, 8.79]. 

From the multitude of turbulence models only a few are briefly discussed be-
low. Each of the models presented is available in different versions. This situation 
unmistakably testifies to the fact that the problem of turbulence modeling is not 
yet solved satisfactorily. 

Most turbulence models are based on the concept of the eddy viscosity νt (in-
troduced in Chap. 1.5.1) which is determined solely by flow features (in contrast 
to the molecular viscosity ν which is a property of the fluid). The eddy viscosity is 
frequently expressed by a velocity scale Vt and a length scale Lt of the turbulence, 
through νt = Vt×Lt. 

Turbulence models can be classified by the number of transport equations em-
ployed. These are differential equations which attempt to describe the transport of 
the turbulence quantities in the flow domain. 
Zero-equation models (or “algebraic” turbulence models) assume that the eddy 
viscosity depends essentially on local flow quantities (such as velocity gradients) 
and on a given length scale for the energy carrying vortices. This dependence is 
expressed by algebraic equations. Zero-equation models are applicable to attached 
flows as well as to fluid jets and wake flows; their advantage is the comparatively 
low calculation time required. 
Single-equation turbulence models take into account (in addition to the local 
flow quantities) the “history”, i.e. the phenomena upstream of the fluid element 
considered. This is done by means of a transport equation for the velocity scale of 
the turbulence, for example in form of a transport equation for the kinetic energy 
k of the turbulence. 
Two-equation turbulence models use two transport equations for the turbulence 
parameters Vt and Lt (or k and ε). The currently popular k-ε-model belongs to this 
group. Usually it is combined with a wall function. The model is based on the spe-
cific kinetic energy k and the dissipation rate ε of the turbulent fluctuations. The 
production of turbulence is calculated from the local velocity gradients. The tur-
bulence levels Tu and length scale of the vortices Lt are employed; these parame-
ters are related by Eqs. (8.4) and (8.4a): 
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The eddy viscosity is calculated from: 
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The “standard-k-ε-model” uses the constant cμ = 0.09. In addition, there are four 
more empirical constants in the transport equations for the turbulent kinetic en-
ergy k and the dissipation rate ε, which (among others) control the production of 
the kinetic energy of the turbulence. 

In two-dimensional attached boundary layers, the production and dissipation 
rates of the turbulent kinetic energy are in local equilibrium. In this case the rela-
tion of Eq. (8.4b) holds between the wall shear stress τw and the turbulence pa-
rameters (see also Table 8.1): 

wτ ≡ kc 4/1w
μ=

ρ
τ  (8.4b) 

The standard k-ε-model shows weaknesses when modeling the following types of 
flow: 

• Flows on curved paths 
• Decelerated flows 
• 3-dimensional boundary layers 
• Rotating components, since the body forces influence the boundary layers 
• Swirling flows 
• Strong secondary flows 
• Secondary flows which are solely induced by turbulence cannot be captured. 

Such secondary flows are encountered in channels with non-circular cross sec-
tions, see for example Fig. 1.6. 

• The production of turbulent kinetic energy is over-predicted in locations with 
strong velocity gradients (for example near a stagnation point). Therefore flow 
separations are not (or insufficiently) recognized. 

Almost all of the phenomena listed above are encountered in impellers, diffusers, 
volutes and inlet casings. As a consequence of the above deficiencies, the calcula-
tion of losses becomes unreliable and zones with flow separation are either pre-
dicted too small or they are not recognized at all, [8.32]. Furthermore, the velocity 
distributions in decelerated flow or curved streamlines are not calculated cor-
rectly, as was demonstrated with a diffuser in [8.48] and with bends in [8.27 and 
8.49]. The k-ε-model failed equally when calculating the swirling flow in a pipe 
(as induced for example by a vortex rope): the decay of the swirl due to friction 
was over-predicted and the velocity distribution was not captured correctly, 
[8.49]. 
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It should be noted that the standard k-ε-model with the logarithmic wall func-
tion fails in apparently simple geometries such as diffusers or bends. It can there-
fore be concluded that the k-ε-model is in principle unsuitable for the calculation 
of pumps: after all, the flow through impellers, diffusers and volutes is deceler-
ated, follows curved paths and is frequently subject to separation. The inability of 
the standard k-ε-model to capture these phenomena is not only due to the equa-
tions and parameters describing the turbulence. The situation is aggravated by the 
use of the logarithmic wall function which imposes rather than predicts the flow 
near the solid boundaries, Chap. 8.3.3.1 

In spite of its severe shortcomings, the k-ε-model is widely used because con-
vergence is better than with other turbulence models. Furthermore, as it is one of 
the first industrially applicable two-equation turbulence models, there is a broad 
validation basis. Some programs employ a modified k-ε-model which attempts to 
capture the influence of curved flow paths. 
Realizable k-ε-model: This modification of the standard k-ε-model prevents non-
physical solutions such as negative values of k and ε as well as negative normal 
turbulent stresses. Unrealistically high production of turbulent kinetic energy is 
thus avoided. 
k-ω-model: This model was developed specifically for flows against strong pres-
sure gradients (such as encountered in a diffuser). It solves a transport equation 
for the frequency ω of “large” vortices (with Lt = k1/2/ω). The k-ω-model captures 
the flow near the walls more accurately than the k-ε-model, while the latter better 
describes the processes in the core flow. Therefore both models were combined 
providing a smooth transition from near-wall to core-flow, [8.61]. Close to flow 
separation there is a mismatch between turbulence production and dissipation. 
This situation is not well handled by the eddy viscosity concept employed in the 
k-ω-and k-ε-models.  
Shear stress transport model (SST): This model is designed to mitigate this 
shortcoming, [8.61]. It employs the k-ε-model in the core flow, the k-ω-model 
near solid surfaces and a modified relation for the eddy viscosity which limits the 
shear stresses due to pressure gradients. The k-ω-model uses five empirical con-
stants. Additionally, the SST-model includes empirical functions for the transition 
between k-ω- and k-ε-model. Flows on curved paths are still not well simulated. 
Kato-Launder k-ε-model: This model is a modification of the standard k-ε-
model. It avoids an over-production of turbulence in domains with high velocity 
gradients (e.g. near the stagnation point at the vane leading edge) by an alternative 
formulation of the production term, [8.81]. Since the model over-predicts turbu-
lence production in rotating channels its application to pumps is not really attrac-
tive, [8.82]. 
Low-Reynolds k-ε-model: This model is able to better resolve the flow closer to 
solid surfaces. To this end, the constants of the standard k-ε-model are multiplied 

                                                           
1 In the future the standard k-ε-model will presumably lose significance for calculating 

pumps and compressors. 
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by functions which depend on a Reynolds number defined with turbulence quanti-
ties. The maximum distance of the cells to the wall must be limited to y+ ≤ 2 (y+ is 
defined in Table 8.1). The first cells near a wall are to be located in the viscous 
sublayer. Since the sublayer in highly turbulent flow is very thin, a sufficient reso-
lution of near-wall flow requires a high number of nodes. 
Two-layer model: This model equally attempts to more accurately describe near-
wall flows including roughness effects. A comparison between calculations and 
test data has been reported in [8.62 and 8.63]. This procedure also relies heavily 
on empirical data. The limit between the near-wall layers and the core flow is of-
ten selected at νt/ν ≈ 20. 
Reynolds stress transport model: All components of the Reynolds stresses, 
Eq. (8.3), are calculated by transport equations without resorting to the eddy vis-
cosity concept. The transport equations are derived by inserting w + w'(t) in the 
Navier-Stokes equation and subtracting the Reynolds-averaged equation. The re-
sulting additional 7 coupled equations (6 Reynolds stress components and 1 
length scale) require a considerable calculation effort and severely impair conver-
gence. It is also necessary to define boundary conditions for the additional pa-
rameters. Therefore this model is not popular in the turbomachinery industry.  
Large eddy simulation (LES): Consider a local flow separation where vortices 
are generated in the shear layer between main flow and stalled fluid. At their ori-
gin the vortices are large. When traveling downstream of the stalled zone, the vor-
tices decay through mixing. Large vortices have a high energy content and hence 
an impact on the flow distribution. When vortices break up into smaller sizes, en-
ergy is dissipated. In large eddy simulation the movements of the individual large-
scale vortices are followed by unsteady calculations, while the small eddies are 
handled by a statistical turbulence model, [8.36 and 8.37]. In LES calculations the 
wall treatment is difficult and wall functions are required to determine the un-
steady wall shear stresses. LES calculations of a sharp 90°-bend with R/D = 1.0 in 
[10.52] and of a diffuser in [8.48] agreed well with test data in terms of flow sepa-
ration, velocity distributions and friction coefficients. Also a diffuser opening to 
one side could well be calculated by LES, while parallel calculations with the k-ε-
model yielded disappointing results because velocity profiles and friction losses 
deviated strongly from the measurements. However, because of contradictory in-
vestigations such results should not be considered as generic. 

LES calculations require very fine grids which should be as isotropic as possi-
ble. The number of elements needed increases with the square of the Reynolds 
number. Therefore LES applications in pumps are scarcely feasible at present be-
cause of limited computation power. Thus experience with pump calculations is 
lacking. Flows with Reynolds numbers of roughly 5'000, possibly up to 20'000, 
can be handled (depending on computer and geometry).  

In [8.48] a “v2-f” turbulence model (comparable with the SST model) was pre-
sented which (when used with a linear wall function) yielded results on the flow 
in a diffuser very similar to the LES calculations. 
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8.3.3 Treatment of near-wall flows 

All velocity components, including fluctuations, vanish close to solid walls. The 
necessary boundary conditions are usually provided by “wall functions” according 
to Table 8.1. Two concepts may be distinguished: 

• A fine resolution of the calculation domain down to the viscous sublayer, im-
plying cells as close to the wall as a dimensionless wall distance of y+ = 1 (y+ is 
defined in Table 8.1). A linear velocity distribution is assumed in the viscous 
sublayer according to Eq. (T8.1.8), called linear wall function. This type of 
modeling requires an accordingly high number of cells. It is employed with: the 
k-ε-model for low Reynolds numbers, the two-layer model, the v2-f turbulence 
model, SST model, Reynolds stress transport model and LES.  

• A coarser resolution of the calculation domain near the wall is sufficient when 
a logarithmic wall function according to Eqs. (T8.1.8 to 8.1.10) is employed, 
Table 8.1. The logarithmic wall function is used in the standard k-ε-model be-
cause the transport equations in this model do not yield meaningful values for k 
and ε near a solid surface. When designing the grid, the cell sizes near the walls 
must be selected in such a way that y+ is in the range of 30 to 100. 

The wall functions listed in Table 8.1 are valid for flows without significant 
pressure gradients in the flow direction, for example for flat plates, pipes and 
channels with hydraulically smooth or rough surfaces. Wall functions describe the 
effects of roughness in a statistical manner, since an exact geometric and hydrau-
lic modeling of individual roughnesses would be altogether impracticable.  

Comments to Table 8.1: 

• All equations are only applicable to y > ε, because it is impossible to define a 
velocity distribution within the height of the roughness. 

• Equations (T8.1.9 and T8.1.10) can be used approximately almost to the centre 
of the pipe. Equation 8.1.11 is also applicable for y+ > 70, but for rough pipes 
larger deviations are to be expected in comparison to Eq. (T8.1.9 or 8.1.10). 

• At y+ = 11.6 Eqs. (T8.1.8 and T8.1.9) yield the same value w+ = 11.6 for hy-
draulically smooth (ε+ = 0) surfaces. 

• The limit y+ = 11.6 in Eq. (T8.1.9) is an approximation; fully turbulent friction 
is only encountered at y+ > 70. The transition in the range of 5 < y+ < 70 is of-
ten described by a 3rd order power function. 

• The Eqs. (T8.1.1 to 8.1.10) are valid for pipes, channels and flat plates, while 
Eqs. (T8.1.11 and 8.1.12) are applicable only to pipes. They may serve for the 
purpose of comparison. 

Applying wall functions implies some basic problems:  

1. If a wall function is applied, the result desired by performing the calculation is 
anticipated – at least to some extent. In finite-volume-procedures the wall shear 
stress in the cell adjacent to the wall is determined from the wall function. The 
velocity distribution in the control volume is then derived from the momentum  
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Table 8.1 Law of the wall and velocity distributions Eq. 
Valid only for fully developed flow over flat plates, in pipes (channels); not valid for 
diffusers, bends, impellers and volutes. Attention: In this table ε is the surface rough-
ness, which must not be confused with the turbulence dissipation in the k-ε-model! 
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balance. If the other momentum fluxes or the source term dominate over the 
wall shear stress, the error induced by applying a wall function may be moder-
ate. For this reason logarithmic wall functions sometimes yield reasonable re-
sults in flow situations where they should theoretically not be employed. 

2. The wall function imposes the wall shear stress and has thus a direct impact on 
the hydraulic losses. This applies to the friction on the wall as well as to the ex-
change of turbulent momentum between near-wall fluid layers (or cells) and 
the main flow. 

3. In decelerated flows with dp/dx > 0 (e.g. in a diffuser) the wall shear stress de-
creases with growing roughness and drops to τw ≈ 0 at the point of flow separa-
tion. Imposing the wall shear stress by a wall function therefore suppresses lo-
cal stall: when applying a logarithmic wall function in decelerated flow, 
separations cannot be recognized correctly or they are predicted at considera-
bly lower flow rates than measured. Similar arguments apply to the flow on 
curved paths (unless the flow is strongly accelerated) because zones with de-
celeration are found in sharp bends, Chap. 1.4.3 (Fig. 1.12). In calculations of a 
pump with vaneless diffuser the wall treatment had a strong impact on the ve-
locity profiles and stall; applying a logarithmic wall function suppressed local 
stall at the blade leading edge and in the annular diffuser, [8.82]. 

4. Measurements and calculations in [8.63] confirm that an increased roughness 
leads to premature stall in a flow against a pressure gradient (decelerated flow). 

5. As discussed in detail in Chap. 3.10.3, the losses due to flow through a compo-
nent strongly depend on the interaction between roughness, near-wall flow, 
turbulence and velocity distribution. Handling roughness effects in CFD using 
the equations in Table 8.1 is therefore not satisfactory. Large discrepancies be-
tween calculated and real hydraulic losses are frequently to be expected. 

In summary it can be stated: 

• Flow separation and hydraulic losses can be influenced strongly when employ-
ing wall functions − this applies particularly to flows on curved paths and 
against a pressure gradient (decelerated flows). 

• Roughness effects are not well captured by CFD calculations. The problem of 
correctly assessing the effects of roughness on losses and flow distribution dis-
cussed in Chap. 3.10 apply equally to numerical flow calculations. 

• Consequently, the calculation of centrifugal pumps should always employ lin-
ear wall functions or a combination of logarithmic and linear wall functions 
which allow modeling the flow close to solid surfaces down to y+ < 2. 

8.3.4 Grid generation 

In pump components the Navier-Stokes equations (supplemented by a turbulence 
model) can only be solved numerically. To this end, the calculation domain must 
be subdivided into a multitude of small cells. Prior to tackling this task, a 3-
dimensional geometric model of the component must be created which completely 
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and unequivocally describes the calculation domain by coordinates. Powerful pro-
grams for generating the geometry of impellers, diffusers, volutes and casings are 
therefore needed which allow interactive modifications of the hydraulic contours 
for efficient optimization. Commercial 3D-CAD-programs are increasingly used 
for that purpose. If the calculation domain has been described completely by co-
ordinates, the geometric data can be transferred to a grid generator.  

Sufficiently fine high-quality grids are among the most important prerequisites 
for obtaining reliable CFD solutions. Coarse grids can severely falsify the results; 
the same is true for grids where the elements have unfavorable shapes in terms of 
angles or proportions. The grid generation thus is of pre-eminent importance; it is 
often the most difficult task requiring most of the effort for a CFD application. 

Structured and unstructured grids are in use, Figs. 8.1 and 8.2. Structured grids 
usually are made up from rectangular elements which cover the calculation do-
main in a uniform way. They offer little flexibility but have a simple data struc-
ture; their integration into 3D-CAD-systems is more difficult. Unstructured grids 
fill the calculation domain by tetrahedrons, without generating continuous grid 
lines. They are therefore flexible and easily integrated into 3D-CAD-systems; 
their data structure is more complex and the calculation time increases signifi-
cantly as compared to structured grids. 

Block-structured grids combine the advantages of both systems. Different parts 
of the calculation domain are filled with structured blocks, but the blocks are 
linked in an unstructured way. 

One of the difficulties is to design the grids in a way that gridlines are as per-
pendicular to the walls as possible. The problem occurs for example with low 
vane angles as encountered at the inlet to pump impellers and diffusers (in an in-
ducer these would be as low as 4 to 8°). 

The calculation domain must extend sufficiently upstream and downstream of 
the component to be investigated, as shown by the impeller grid in Fig. 8.1. It is 
recommended in [8.77] that the length of these extensions is one half of the blade 
length, while [8.82] uses a length equivalent to one impeller inlet diameter. 

Guidelines for grid generation: 

1. Gridlines should be as orthogonal as possible to the walls. Likewise grid lines 
should be orthogonal within the calculation domain. The elements should have 
no angles lower than 40° or above 140° (in the extreme angles between 20° and 
160° are tolerated). Angles below 40° not only impair the accuracy but also the 
convergence. Block-structured grids are a possible remedy in which an O-grid 
is put around the blades, [8.77]. However with highly twisted vanes a limited 
grid distortion is unavoidable. 

2. To avoid low gridline angles close to the wall, circular cross sections are 
meshed as shown in Fig. 8.4. The same technique applies to near-circular sec-
tions as may be found in volutes. 

3. The gridlines should join the inflow and outflow boundaries with angles of clo-
se to 90°. 

4. No intersections of grid lines (no negative volumes) are to be allowed. 
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Fig. 8.1. Structured grid of an impeller channel (75’000 nodes); the numbers on the graph 
refer to the calculation stations described in Chap. 8.5.4. 

 

Fig. 8.2. Unstructured grid of a diffuser in a semi-axial pump 
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5. As far as possible gridlines should roughly follow streamlines (difficult for 3D-
flows and stalled zones). 

6. The size of the elements should not change sharply. The dimensions of a cell 
should not change from one cell to the next by more than a factor of 1.5 to 2. It 
is particularly important to fulfill this requirement in zones with strong velocity 
gradients. 

7. The grid must be refined in zones with high velocity gradients (near the vane 
leading and trailing edges, in narrow gaps and near walls). The boundary be-
tween refined and coarser grid zones should not be located in zones with strong 
velocity gradients either. Some CFD-programs automatically refine the grids in 
zones with strong velocity gradients. 

8. If the numerical solution exhibits zones with high residuals, the grids can be 
refined there; some programs are able to do this automatically. 

9. A particularly high grid quality must be implemented at periodic boundary 
conditions. 

10. The impeller blade trailing edges deserve particular attention because the cal-
culated results can be sensitive to their modeling. 

The general tendency is: the finer the grid, the higher is the accuracy to be ex-
pected; conversely, calculation times and convergence difficulties increase. For 
pumps the minimum number of nodes is in the range of 70’000 to 100’000 per 
impeller or diffuser channel. If required by the geometry and the type of flow, 
more nodes are used. In principle the accuracy increases with the number of 
nodes; if that is seemingly not the case when comparing CFD results with test 
data, the numerical and modeling errors may have compensated for each other 
(provided the measurements are correct), Chap. 8.8. 

Impellers are calculated in the rotating system, diffusers and casings in the ab-
solute reference frame. When calculating impellers or diffusers separately from 
other components, only one channel is usually modeled by applying periodic 
boundary conditions. When calculating the impeller in the relative reference fra-
me, inlet and outlet parts of the calculation domain and stator components in the 
absolute system are rotated with -ω; this also applies, of course, to the casing wall 
when dealing with semi-open impellers. 

8.3.5 Numerical procedures and control parameters 

In numerical flow calculations the partial differential equations are transformed 
into algebraic equations applying finite element techniques (in CFD usually finite 
volumes rather than finite differences). Different algorithms are available for solv-
ing the system of algebraic equations. Much in use is the “SIMPLE” algorithm 
(Semi-Implicit Method for Pressure Linked Equations) and its derivatives. The 
various algorithms differ in calculation times, convergence and accuracy. Details 
to numerical procedures can be found, for example, in [8.42, 8.43 and 8.58 to 
8.60]. 
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Algebraic difference equations determine how the physical quantities − veloc-
ity and pressure − behave within the cells. To achieve correct results, the program 
user must specify the order of the corresponding polynomials. Usually at least 
three options are provided:  

1. First order truncation error: the physical quantities are constant within a cell, 
2. Second order truncation error: the physical quantities vary linearly, 
3. Third order truncation error: the physical quantities are square functions within 

a cell. 

Calculations with first order truncation errors are not considered sufficiently 
accurate in turbomachinery applications. At least the second order is stipulated by 
[8.52 and 8.57]. “Numerical diffusion” (viscosity) in first order calculations se-
verely limits the accuracy, [8.59]. An example in Fig. 8.3 illustrates this by means 
of calculations with a single-stage volute pump (nq = 35, reported in [8.64]). In 
this case high differences are observed between calculations with first and second 
order schemes. It is further demonstrated that the sensitivity to the fineness of the 
grid is much higher with the first than with the second order scheme, but such re-
sults should not be considered as generic.1 

The higher the order of the polynomial, the better is the numerical accuracy, 
but the convergence of the iteration suffers. In case of convergence problems the 
calculations can be started with the first order scheme; the converged solution can 
subsequently be re-started with a higher order. 

Each program has various numerical parameters which allow the optimization 
of accuracy and convergence: for example damping factors, relaxation factors and 
time steps. These parameters may improve convergence, but damping factors can  
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Fig. 8.3. Influence of grid resolution and order on the calculated efficiency, [8.78] 
                                                           

1 The order of the truncation error alone does not determine the accuracy; it essentially im-
plies that the exact solution is reached faster with increasing grid refinement. 
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influence the results. Only by comparison with measurements and by a consistent 
application of the same parameters for similar cases can the reliability of the cal-
culations be improved and the risk of fortuitous results reduced. 

As a rule, an insufficiently converged solution should be discarded. The con-
vergence can be assessed by the “residuals” and the course of the convergence. 
The residuals indicate how far an obtained solution is from exactly fulfilling the 
discretized equations of conservation of mass and momentum. Commonly the re-
siduals are dimensionless quantities (for example the residual for the conservation 
of the mass is referred to the total mass), Chap. 8.8. 

8.3.6 Boundary conditions 

For all variables in the transport equations “boundary conditions” must be pre-
scribed at the borders of the calculation domain. At solid walls defined by the 
user, the boundary conditions are set automatically by the CFD-program: (1) no-
slip condition for the relative velocity components parallel to the surface; (2) ve-
locity components perpendicular to the wall are set zero. The turbulent kinetic en-
ergy and its gradient at the wall are set to zero while the dissipation rate assumes 
finite values above zero. 
Meaningful boundary conditions for pump components are discussed below. 
Inlet boundary conditions: The velocity distribution at the inlet to the calcula-
tion domain is specified by the components in x-, y-, z-direction. As a conse-
quence, the mass flow rate is prescribed. When calculating single-phase flows, of-
ten the inlet pressure is not specified; when calculating cavitation phenomena, the 
pressure at the inlet and the mass flow rate at the outlet are specified. 

Turbulence parameters, e.g. the turbulence level and the length scale (alterna-
tively the ratio of the eddy to the molecular viscosity) must be defined at the inlet 
boundary as well. The length scale of the turbulence can be selected, for example, 
as 1 to 10% of the hydraulic diameter, the blade height or the impeller inlet di-
ameter. The higher the length scale, the more intense is the exchange of momen-
tum (or the mixing) perpendicular to the main flow direction. Differences in ve-
locity equalize then on a shorter flow path length. The turbulence level in pumps 
is relatively high, for example 5% at the impeller inlet and 10% at the diffuser 
inlet1. By means of a sensitivity study it is possible to assess the influence of the 
turbulence parameters in a particular application. 

The flow in a diffuser critically depends on the velocity distribution and the 
turbulence at the diffuser inlet, Chaps. 1.6, 1.3, 5.3.3. The same applies to all 
flows with local deceleration − consequently also to bends. To calculate such 
components without knowing in detail, and specifying correctly, the inlet condi-
tions can only produce fortuitous results. The turbulence parameters have a strong 
influence on diffuser calculations.  

                                                           
1 In the investigations reported in [8.35] the CFD results were not very sensitive to the tur-

bulence parameters. This finding was confirmed by the CFD studies reported in [5.52]. 
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The velocity distribution at the inlet is often given by the outlet conditions of a 
preceding complex component. Examples are the inlet chambers of between-
bearing pumps feeding an impeller and the impeller outlet flow distribution serv-
ing as inlet boundary condition for a diffuser calculation. In such cases coupled 
calculations are recommended. Alternatively, one component is calculated after 
the other. The outlet velocity and pressure distributions from the preceding part 
are transferred as the inlet conditions to the downstream component. However, the 
interaction of the different components gets lost in this procedure (which can 
scarcely be considered as state of the art any more). 

When calculating closed impellers, the leakage through the annular seal must, 
in principle, be modeled since it influences the velocity distribution at the impeller 
inlet – in particular at the outer streamline.  

If the pressure difference between inlet and outlet is specified instead of the 
mass flow rate, convergence problems can be encountered at partload with flat or 
unstable Q-H-curves. This because the mass flow can oscillate when trying to es-
tablish itself as imposed by the pressure difference.  
Periodic boundary conditions: In order to save computing time, often only one 
impeller or diffuser channel is calculated. To this end, “periodic boundary condi-
tions” are introduced mid-pitch between two vanes. The calculation is then con-
trolled in a way that identical pressures and velocities result at corresponding cells 
at these borders. 

According to Chap. 1, a fully developed pipe flow needs a considerable length 
to establish (asymptotically). Instead of calculating a long length of pipe to get a 
fully developed velocity profile, the concept of periodic boundary conditions can 
be used to advantage: According to Fig. 8.4 only one cell in flow direction is 
needed if inlet and outlet to that cell are defined as periodic boundary conditions. 
This implies that the program iterates until identical − hence fully developed − ve-
locity distributions are obtained at inlet and outlet. During the iteration the pres 
sure gradient in flow direction is varied until the specified flow rate is reached.  

 
Fig. 8.4. Grid for calculating fully developed pipe flow by means of periodic boundary 
conditions, ANSYS Germany, Otterfing 
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The results of this calculation, in the form of a fully developed velocity and turbu-
lence field, can subsequently be used as inlet condition to an impeller, a diffuser, a 
bend, or any other device. An added benefit is that the usually unknown turbu-
lence parameters are fully consistent with the resultant velocity profile. 

Periodic boundary conditions can also be applied if the series stages of a multi-
stage pump are to be analyzed. At the inlet and outlet to each stage identical pres-
sure and velocity distributions are achieved iteratively wherein the average pres-
sure at the outlet exceeds the inlet pressure by the pressure rise in the stage. This 
is the easiest way to get the correct inlet conditions to the stage. 
Symmetry condition: In order to save computer capacity only one half of a 
symmetric component may be analyzed – in principle. A symmetry condition 
bounding a calculation domain is treated as a wall without friction or any other ef-
fect. Velocity components perpendicular to the surface are set zero. The gradients 
of the velocity components parallel to the surface are equally zero. However it 
should well be noted that geometric symmetry of a component is not sufficient but 
that the inlet flow must also be truly symmetric. This requirement is obviously not 
fulfilled if a volute is fed by a single-entry impeller. A pipe bend should not be 
calculated using a symmetry condition, refer to Chap. 10.12. Following the same 
logic, a symmetry condition should not be applied to a volute either, even if it is 
fed by a double-entry impeller (that is with nominally symmetric flow). 
Outlet boundary conditions: Since the conditions at the outlet of a pump com-
ponent represent the desired result of the calculation, outlet boundary conditions 
must be selected such that they do not falsify this result. This requirement implies 
that pressure and velocity distributions can establish themselves freely. One op-
tion is to specify the pressure in one cell at the outlet boundary and to give no 
pressure at the inlet. Instead of specifying the pressure in one cell, the average 
outlet pressure can be given. In both cases the absolute pressure has no signifi-
cance; relevant are only the resulting pressure differences between inlet and outlet 
and over the control surfaces. Alternatively, the total pressure at the inlet bound-
ary and the mass flow at the outlet can be specified.  

In [10.52] a LES calculation of a 90°-bend has been performed using “non-
reflecting” outlet boundary conditions. The objective is to prevent wave reflec-
tions which could lead to non-physical solutions. 

8.3.7 Initial conditions 

To start a calculation, initial values are required in all cells. These can be set au-
tomatically by the program (possibly at zero) if not given by the user. 

In general it will be assumed that the converged solution is independent of the 
initial conditions. However, this is by no means always true. If there is a hystere-
sis in the Q-H-curve, the axial forces or any other quantity, the converged solution 
will indeed depend on the initial conditions. To analyze hysteresis effects, it is 
necessary to use the converged solution from the preceding operation point as ini-
tial condition for the next point to be analyzed. This must first be done with in-
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creasing flow rate and in a second series of calculations with decreasing flow rate 
(or vice versa). In this way it is possible to reproduce a measured Q-H-curve hys-
teresis by means of CFD, [8.65]. 

When analyzing unsteady flows, the initial conditions must be a solution of the 
differential equation. The system status at the time t = 0 is used to calculate tran-
sients. If it is not possible to define a solution of the differential equation, the triv-
ial solution “zero” is used. 

8.3.8 Possibilities of 3D-Navier-Stokes-calculations 

In the pump industry there is a broad range of actual and potential CFD applica-
tions and possible objectives: 

1. Minimizing hydraulic losses. 
2. Calculation of the head at the best efficiency point. 
3. Attaining specific impeller outlet velocity profiles which are considered bene-

ficial with respect to diffuser performance and/or the stability of the Q-H-
curve, Chap. 5.6. 

4. Prediction of the partload characteristic. Stage calculations of rotor and stator 
promise the only chance for a realistic solution, Chap. 8.6.2. 

5. Calculation of hydraulic forces, in particular axial and radial thrust. 
6. Calculation of flows through annular seals, impeller sidewall gaps including 

rotor-dynamic forces or coefficients, [8.71 and 8.75]. 
7. Visualizing flows in confined spaces which are hardly accessible to experi-

mental equipment; for example gap vortices as in [8.77]. 
8. Unsteady calculations of the Q-H-curves and the unsteady pressure and veloc-

ity distributions at the impeller outlet as well as rotor/stator interaction forces 
and phenomena, Chap. 8.6.3. 

9. Calculation of cavity flows to determine cavitation inception, the cavity length 
as a function of the NPSHA and of the cavitation induced drop in head or effi-
ciency, Chap. 8.7. 

10. Calculation of the flow paths of entrained solid particles for the assessment of 
hydro-abrasive wear, [8.68]. The momentum equations of the solid particles 
are solved in addition to the Navier-Stokes equations yielding the impinge-
ment angles and velocities of the solids on the structural surfaces which bound 
the flow domain. This information can be used in a wear model to estimate the 
metal loss due to abrasion. Presumably the particle movement is dominated by 
inertia rather than boundary layer effects so that wall functions and turbulence 
models are of secondary influence, Chap. 8.8.2. 

11. Calculation of two-phase flows. 
12. Calculation of performance with highly viscous fluids (Chap. 13.1). Such cal-

culations should model the heating of near-wall fluid due to wall shear 
stresses, turbulent dissipation and heat transport phenomena. The calculation 
domain therefore must include the impeller sidewall gaps and the annular 
seals. As in supersonic flows, the dissipation terms must be activated in the 
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energy equation and temperature-dependent fluid properties must be imple-
mented. This type of application covers laminar and turbulent flows as well as 
the transition between the two conditions. Since measurements are scarce and 
there is a multitude of different fluids to be handled in practice, the potential 
application of CFD is promising (testing such fluids would be very expen-
sive).1 

13. Theoretically, it should be possible to calculate the complete pump characteris-
tics (as described in Chap. 12.2) by CFD stage calculations. While turbine 
modes would be easy to handle, the calculation of brake operation modes may 
suffer from convergence problems because of extensive flow recirculations. 
Conversely, the required accuracies are much less than in the usual pump ap-
plications. This CFD application looks quite attractive because measured data 
and prediction methods are scarce and testing is very expensive.1 

Two approaches may be followed when tackling these tasks: (A) Ideally, abso-
lute values are considered (e.g. heads and efficiency). However, high precision is 
required in the pump industry, since minus tolerances on efficiency and head are 
rarely accepted and generous margins for covering large uncertainties are pre-
cluded for economic reasons. (B) Knowing or assuming that absolute values are 
unreliable, the assessment is rather based on differences between various calcula-
tions. In doing so, it is supposed that the impeller which looks best in the calcula-
tions is also the best in reality when combined with the inlet casing and collector. 
However, this frequent conception should be reviewed critically, Chap. 8.8.2. 

Either the pump can be analyzed as a unit or the components can be calculated 
individually which implies the following possibilities: 
Inlet casings: The goal of the calculation is to determine the velocity distribution 
at the impeller inlet and possibly the losses in the casing. While the losses usually 
are of secondary importance (except for very high specific speeds), the optimiza-
tion of complex inlet casings for achieving a uniform approach flow to the impel-
ler can be highly relevant with respect to cavitation, noise, vibration excitation 
and efficiency. The significance of such an optimization increases with the spe-
cific speed and the power transferred by the impeller. Even if the accuracy of the 
calculation is moderate, 3D-Navier-Stokes methods appear well suited for this 
purpose, [8.16] – all the more so because experimental investigations would be 
very expensive. It is necessary to employ a turbulence model and wall treatment 
which allows the prediction of local stall and of velocity profiles which are at least 
qualitatively correct. 
Impeller: The impeller calculation yields the static pressure rise ρ×g×Hp, the theo-
retical head Hth, the rise in total pressure ρ×g×HLa, the losses expressed, for exam-
ple, by the hydraulic efficiency of the impeller ηh,La = HLa/Hth and the outlet veloc-
ity profile. Furthermore, hydraulic forces and moments can be obtained by 
integrating over the pressure distributions.  

                                                           
1 No detailed investigations on these topics are known. 
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The calculation of an individual impeller can neither give the head nor the hy-
draulic efficiency of the pump – not even as an approximation – since the losses 
in the collector are ignored. The strong rotor/stator interaction during partload re-
circulation precludes individual calculations of impeller and collector. This is 
demonstrated by Fig. 4.6 where the tests of a given impeller with a vaned and a 
vaneless diffuser are compared. At flows below the onset of outlet recirculation, 
the static pressure rise of the impeller is considerably higher with a vaned diffuser 
than that with a vaneless annulus. A separate calculation is unable to predict this 
effect. The frequently observed agreement between measured and calculated char-
acteristics near half load is therefore fortuitous since measured and calculated 
characteristics often intersect in this range. 

In order to appreciate the limits of an individual impeller calculation, consider 
Fig. 5.30 which demonstrates how sensitively the head at partload can respond to 
the interaction of impeller and collector. 
Diffuser: The diffuser calculation yields the static pressure rise and the losses. As 
stressed above, the correct impeller outlet velocity profile is required as inlet 
boundary condition. 
Volutes: The volute calculation gives the pressure recovery, the losses and the 
pressure distribution. Because of the lack of rotational symmetry the entire volute 
must be calculated over 360°. If the volute is fed by a double-entry impeller, a 
symmetry condition in mid-plane could be considered (in principle) in order to cut 
the number of nodes by half. However, any unsteady behavior of the secondary 
flow cannot be captured that way, Chap. 10.10. If done at all, individual volute 
calculations should be restricted to the best efficiency point. At partload the pres-
sure distribution in the volute varies around the circumference (Chap. 9.3.3). Con-
sequently, the impeller outflow varies as well: the impeller operates in every 
circumferential position at a different flow rate1. At flows of q* ≠ 1, it appears 
therefore unavoidable to perform unsteady calculations combining impeller and 
volute, Chap. 8.6.3. 

When optimizing components separately, it is tacitly assumed that the indi-
vidually optimized components will well work together. However, pressure re-
covery and losses in the diffuser depend strongly on the impeller discharge flow 
distribution. Mixing losses in the diffuser due to uneven approach flow must be 
charged to the impeller. The non-uniformity of the impeller outlet velocity is 
therefore an important criterion when assessing the merits or deficiencies of an 
impeller design, refer also to Chap. 5.3.3. 

                                                           
1 This statement is confirmed by measurements in [9.21], refer to table D9.1 
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8.4 Averaging and post-processing 

Numerical flow calculations produce a vast quantity of data which is meaningless 
unless it is reduced to a small number of comprehensible physical parameters and 
flow pictures which lend themselves to easy interpretation. Only a well-designed 
“post-processing” allows drawing conclusions from the calculated data for the op-
timization of the hydraulic contours. The post-processing covers the steps below: 

1. Integration and averaging of velocities, pressures and momentums at various 
control surfaces. These averages represent the global performance parameters 
of head, power and efficiency as well as the hydraulic losses which are an es-
sential optimization criterion. 

2. Velocity profiles at specific control surfaces, in particular at inlet and outlet 
(examples in Chap. 8.5.4, Figs. 8.11 and 8.10). 

3. Averages of angular momentum, total pressure and static pressure along the 
flow path (example in Chap. 8.5.4, Fig. 8.10). 

4. Pressure distribution on various streamlines along the blades or channels for 
assessing the blade loading, incidence and risk of stall (example: Chap. 8.5.4, 
Fig. 8.9). 

5. Distribution of loss parameters. 
6. The residuals of mass, momentum and energy in various control surfaces are 

needed for checking convergence and assessing the quality of the numerical so-
lution. 

7. Graphical representation of flow patterns, velocities and streamlines (possibly 
by means of special graphics programs). 

Calculating integrals and averages is necessary to check that the specified per-
formance is reached. To this end, control surfaces are defined at the inlet and the 
outlet of the calculated component or pump. The averages of velocities and pres-
sures are determined by summation over all calculation elements in said control 
surfaces.  

Different averaging procedures are available; for example, mass-averages and 
area-averages. Physically meaningful averaging is done in a way that the conser-
vation equations of mass, angular momentum and energy (enthalpy or total pres-
sure) are fulfilled. In order to determine which type of averaging fulfills this re-
quirement, consider two different impellers mounted on the same shaft each of 
which having uniform (but different) velocities and pressures in their respective 
control surfaces. In this case the conservation equations for mass, angular momen-
tum and energy can be written separately for both impellers (Chap. 1.2). Obvi-
ously, the sum over both impellers fulfills the conservation equations of the rotor. 
This consideration proves that mass-averaging is required to fulfill the conserva-
tion equations for incompressible flow. Consequently, the global flow quantities 
are to be determined by summation over all elements in a control surface as stipu-
lated by Eqs. (8.5) to (8.7) (cn is the velocity component normal to the respective 
control surface of area A): 
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volumetric flow rate: dA cQ n
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Angular momentum and power are thus mass-averaged while the area-average 
yields the correct flow rate. These summations are done over the outlet control 
surface (j = 2) and the inlet control surface (j = 1). The differences between outlet 
and inlet yield the torque Mth = M2 - M1 transferred by the impeller and the useful 
energy of the impeller Pu,La = P2 - P1. 

Equations (8.5 to 8.7) are equally applicable to diffusers, volutes and inlet cas-
ings. Provided that cu ≠ 0, a hydraulic moment is obtained from Eq. (8.6) also for 
these components; it causes a corresponding reaction force in the casing support. 

In Eq. (8.6), τu is the tangential component of the shear stresses in the control 
surface; τu vanishes if the discharge flow is truly radial (i.e. α2 = 90°). Such shear 
stresses are essentially due to turbulent exchange of momentum, which increases 
with growing gradients in the outlet velocity profile. These shear stresses there-
fore increase with the non-uniformity of the velocity profile at the impeller outlet 
and are maximum during flow recirculation. 

If there is no recirculation at the control surfaces, i.e. the normal velocity in 
each cell is cn ≥ 0, Eq. (8.6) yields the theoretical head (with Mτ = 0): 

dA c c r
Q

ucc u
Q 

 MH gY nu
ALa

1uu2
La

th
thsch

ω=−=
ρ

ω==  (8.8) 

and the total pressure is obtained from: 

ρ= dA c c
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La
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Thus the total pressure must be mass-averaged in order to fulfill the energy equa-
tion. To calculate the radial forces acting on the impeller, the conservation of 
momentum must be applied in the radial direction; the static pressure is to be 
area-averaged when performing this evaluation. 

Note that the impeller calculation must always be done with the actual flow 
through the impeller i.e. with QLa = Q + QE + Qsp. If the leakages were ignored, 
the calculation would obviously apply to the wrong operation point. 

The CFD results of an impeller calculation in dimensionless form are expressed 
by : 

static pressure rise in impeller: ( )
2

2

stat1stat2
p

u

pp 2

ρ

−
=ψ  (8.10) 
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hydraulic losses in the impeller: Lath2
2

LA
La
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 Zg2
ψ−ψ=≡ζ  (8.13) 

hydraulic efficiency of the impeller: 
th

La
La,h ψ

ψ=η  (8.13a) 

The Eqs. (8.5) to (8.13a) are applicable to radial, semi-axial and axial impellers, 
since they capture the integral values of the blade torque and the enthalpy flux.  

The impeller losses defined by Eq. (8.13) are given by the difference between 
the theoretical head and the rise in total pressure which exceeds the useful head of 
the pump by the losses in the collector. If the impeller outlet velocity is nearly 
uniform, the definition of impeller losses according to Eq. (8.13) is meaningful. 
However, if the impeller discharge is strongly non-uniform, mixing losses due to 
exchange of momentum are created in the collector; these mixing losses should be 
charged to the impeller but do not appear in ζLa. Furthermore, at a given flow rate 
a non-uniform velocity profile usually contains more kinetic energy than a uni-
form discharge. This becomes evident if the kinetic energy is written for a given 
channel and constant flow according to Eqs. (8.9) and (8.5) for cn = c, yielding: 
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The mean velocity cav = Q/A in the channel remains constant for a given flow rate 
and area (independently of the actual velocity distribution as distorted it may be). 
In contrast, the integral over c3 rises with increasing non-uniformity. 

Turning now to the discharge flow of an impeller, a non-uniform outlet veloc-
ity profile does not necessarily contain more kinetic energy than a uniform one, 
because the relative distribution of c2m and c2u is relevant. However, it can fre-
quently be observed that the rise in total pressure in the impeller increases with 
growing non-uniformity of the flow (while the static pressure rise ψp is unaf-
fected). The impeller losses are then under-predicted because the excess kinetic 
energy cannot – or only incompletely – be recovered in the collector. In case of 
low specific speeds the calculation may produce, in the extreme, hydraulic impel-
ler efficiencies of 1.0 (or even slightly higher). When comparing two calculations 
“A” and “B” it thus can happen that losses and static pressure rise in the impeller 
are predicted lower for case “A” than for case “B”. Such a result is a contradiction 
in itself, because smaller losses fundamentally should imply a higher rise in static 
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pressure. A separate optimization of impeller and collector can thus be misleading 
if the impeller outlet flow is non-uniform and collector losses make up a consider-
able portion of the total hydraulic losses of the pump (as is the case at low and 
moderate specific speeds).  

According to the above consideration, the losses calculated from Eqs. (8.12) 
and (8.13) represent a sort of lower limit. In order to avoid underrating the impel-
ler losses, the losses in a mixed-out condition can be analyzed by re-writing 
Eqs. (8.12 and 8.13) with average velocities: 
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The average velocities at the outlet are calculated from the angular momentum, 
Eq. (8.11), and the continuity equation according to c2u/u2 = ψth/2 + d*
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Applying the mixed-out condition, the impeller losses are overrated; this value 
may therefore be called ζLa,max. Assuming that half of the excess kinetic energy 
can be recovered in the collector, an average may be used as a plausible estimate: 

ζLa = 0.5 (ζLa,min + ζLa,max) (8.17) 

Obviously, the values ζLa,min and ζLa,max cannot represent absolute maxima or min-
ima which would also cover numerical and modeling errors; they solely describe 
the effect of a non-uniform discharge flow. The post-processing may include a 
non-uniformity coefficient to help assessing the quality of the impeller outlet 
flow. Two possible definitions (UF1 and UF2) are provided by Eqs. (8.18 and 8.19) 
where “X” stands for the velocity components or pressures investigated: 
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In order to assess the effect of a non-uniform outlet flow quantitatively, consider a 
linear velocity distribution of the form c = cmin + Δc x, with Δc = cmax - cmin and a 
mean velocity of cav = cmin + Δc/2. Integrating the Eqs. (1.37 and 1.38) for these 
distributions, the following relations are obtained: 
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Evaluating these equations with arbitrary figures we find that for linear veloc-
ity distributions 2/3 of the kinetic energy is converted by exchange of momentum 
into static pressure while 1/3 is dissipated. The pressure loss coefficient equals 
UF2

2, while the pressure recovery equals 2×(UF1 - 1). Even with non-linear veloc-
ity distributions, these relations help to assess the effect of non-uniform outlet ve-
locity profiles. 

Another way to account for the mixing losses downstream of the impeller is 
to integrate the outlet velocity profile according to Eqs. (1.37) and (1.38). The re-
sulting mixing loss coefficient ζmix represents the lower limit of the mixing losses 
which is to be added to the loss coefficient according to Eq. (8.13). 

Alternatively to Eq. (8.6), the torque acting on the impeller can be determined 
through the integration of the pressure and shear stress distributions on the blades. 
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SSPSSSPSLa tan
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The integral over the tangential components of the shear stresses acting on front 
and rear shroud within the impeller channels must be added to Eq. (8.25). Inte-
grating only over the pressure distribution, a slightly smaller torque value than the 
true torque on the impeller would be obtained. 

If the shear stresses τu in Eq. (8.6) are neglected, the torque calculated is too 
low and the hydraulic impeller efficiency is predicted too high. In general a higher 
torque and lower hydraulic impeller efficiency are expected from Eq. (8.25) as 
compared to Eq. (8.6). The difference in efficiency is typically in the order of 1 to 
2%; this implies a difference of 10 to 20% in terms of losses. A separate evalua-
tion of the integrals in Eq. (8.25) over the pressure and the shear stresses allows 
one to differentiate the friction losses. 
Partload operation with recirculation: Consider an impeller with flow recircu-
lation according to Fig. 8.5 with a net through-flow of QLa = Q + QE + Qsp. The 
flow rates of recirculating fluids can be calculated from: 
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The conservation of angular momentum according to Eq. (8.6) is fulfilled even 
with recirculation, when the signs of cu and cn are defined as per Fig. 8.5. Equa-
tion (8.25) is equally valid with recirculation if the shear stresses are applied with 
their actual direction (locally positive or negative). 

1

2
Q2

Q1

QR2

QLA

QR1

QLA

+cm

-cm

-cu+cu

r
ω

 

Fig. 8.5. Treatment of flow recirculation 

For assessing the tangential velocities of the recirculating fluid QR, when it re-
enters the impeller, the following considerations should be noted: 

• If a friction-free control surface is placed around the impeller, all components 
of the angular momentum which are caused by recirculation are canceled. In 
this case the tangential components of the fluid re-entering the impeller have no 
effect on the head. The same applies if the control surface is placed in a way 
that all streamlines of the recirculating fluid remain within the control volume. 
In other words, the pre-rotation of the fluid upstream of the impeller is induced 
by the impeller itself and therefore has no impact on the balance of angular 
momentum.  

• In view of countless tests and experimental observations which demonstrate 
that the inlet geometry upstream of an impeller has a considerable impact on 
the head at partload, it becomes obvious that reality is far from the frictionless 
theory. Nevertheless, the conservation of angular momentum applies to opera-
tion with flow recirculation as well. When calculating the conservation of an-
gular momentum for recirculating flows, it must be taken into account that the 
tangential velocity of the fluid re-entering the impeller is always smaller than 
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when it exits from the impeller into the suction chamber. The reasons for this 
are: a) wall friction in the suction plenum; b) the transfer of angular momentum 
from the recirculating fluid to the net through-flow is subject to (mixing) 
losses: large water volumes in the inlet bay show this mixing effect clearly; 
c) ribs, return vanes and any structures in the inlet chamber have a strong im-
pact on the Q-H-curve at partload because they reduce the swirl upstream of 
the impeller, Chap. 5.6.4, items 9 and 10. 

Consequently the tangential velocity c1u when operating with recirculation can 
only be calculated if the effect of the stator elements on the swirl of the recirculat-
ing fluid is correctly modeled. At the impeller inlet these are the inlet casing, ribs 
or return vanes in case of multistage pumps, while the diffuser or volute must be 
included in the calculation domain at the impeller outlet. If the impeller sidewall 
gaps are more or less open to the main flow, these have a strong impact too, 
Chap. 9.1. In a pump with an axial inlet without ribs the pipe length upstream of 
the impeller must be modeled sufficiently long (L/D = 15 to 20), since the inlet 
swirl at low load may reach up to a length of L/D = 15 into the suction pipe.  

As mentioned above, the tangential velocity cu,Rec of the fluid re-entering the 
impeller is always smaller than that of the fluid exiting from the impeller; the high 
power at shut-off testifies to this. It follows that the numerator in Eqs. (8.8 and 
8.9) remains finite even when the net flow QLa through the impeller is zero. Con-
sequently Eqs. (8.7 to 8.9) do not produce physically meaningful results when ap-
plied to operation with recirculation: at low flow – in particular at QLa close to 
zero – theoretical head and total pressure rise to values above u2

2/(2g), which is 
impossible with blade angles below β2B < 90°. This explains the frequent observa-
tion that Q-H-curves calculated by CFD rise at partload above experimental data 
If such is the case, either post-processing fails to properly take into account the 
above considerations or the physical modeling is not correct (e.g. disregarding the 
effect of the impeller sidewall gaps, simplifications of the stator geometry). 

Partload operation with considerable recirculation can be handled with consid-
eration to the following: 

1. Only stage calculations allow the correct evaluation of the angular momentum 
of the recirculating fluid because its tangential velocity cu,Rec can solely be de-
termined from the rotor/stator interaction. 

2. The hydraulic torque acting on impeller and collector as well as the absorbed 
power Phyd can be calculated from Eqs. (8.6) or (8.25) (it is best to calculate 
both values for the sake of comparison and for checking plausibility). 

3. The head H of the pump is determined by the area-averaged static pressure at 
the stage outlet or at the discharge nozzle. Even if the calculation shows some 
back-flow through the outlet control surface, the impact on the area-averaged 
values is considered small. The difference in kinetic energy between discharge 
and suction nozzle is added to the static pressure rise in order to get the total 
head (Table 2.2). Since the dynamic head at partload is small (often negligible), 
it is calculated with the average velocities from c = Q/A. The relevant outlet 
control surfaces can be selected in the following manner: In the case of volute 
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pumps it is the discharge nozzle (diffuser outlet); in the case of multistage 
pump it is the return vane outlet. In case of a pump with diffuser and subse-
quent volute (as in Fig. 7.48) it is the discharge nozzle, because of the non-
uniform pressure distribution in the volute. 

4. The partload head is of interest primarily for the assessment of the stability of 
the Q-H-curve. 

5. At partload recirculation the hydraulic efficiency and the theoretical head are of 
no practical relevance and need not be calculated. An attempt to determine the 
hydraulic efficiency from ηh = ρ×g×H×QLa/(M×ω) with M from Eq. (8.6 or 
8.25) and the theoretical head from Hth = H/ηh, at low flow (QLa tending to 
zero) would give too high values of Hth . This has often been observed in CFD 
calculations done by uncritical users. 

6. As already mentioned, the integration of Eqs. (8.7) to (8.9) yields no meaning-
ful results when operating with recirculation. Total pressures at the impeller 
outlet and theoretical heads have no physical meaning during recirculation. In 
the frame of scientific investigations (e.g. for comparison with measurements) 
the recirculating flows QR1 and QR2 and the pertinent fluxes of angular momen-
tum could be integrated separately. In practice such data are scarcely of inter-
est. Primarily the torque taken by the impeller (e.g. at Q = 0) is required; it re-
sults from Eqs. (8.6 and 8.25). 

7. The area-averaged static pressure at the impeller outlet can be used to deter-
mine the radial force and to assess the contribution of the impeller to the stabil-
ity of the Q-H-curve.  

8.5 Impeller calculations 

8.5.1 Global performance at best efficiency flow rate 

In order to assess possibilities, limits and accuracy of Navier-Stokes calculations, 
38 radial and semi-axial impellers in the range of nq = 12 to 160 were analyzed by 
comparing calculated performance at the best efficiency point to test data from 
diffuser pumps, [8.35]. In the course of this investigation it became evident that 
consistent, reproducible results and good accuracy could be achieved only if strict 
rules were followed for grid generation, calculation parameters and post-
processing procedures: 

1. Boundary conditions: the static pressure in one cell was specified at the impel-
ler outlet; the mass flow rate and the direction of the velocity vector were given at 
the inlet. 
2. Figure 8.1 shows a typical grid. The number of nodes was between 48’000 and 
125’000. In flow direction 80 to 120 nodes, over the blade pitch 20 to 50 nodes 
were selected as linear function of the number of impeller blades. Over the blade 
span 12 to 30 nodes were selected as linear function of b2/d2. 



470      8 Numerical flow calculations 

3. The standard k-ε-turbulence model was used (at that time) with a turbulence 
level of 5% and a turbulence scale of 1 to 1.5-times the blade thickness. 
4. Relative residuals: 10-4; convergence was achieved after 70 to 100 iterations. 
5. The leakage through the annular seals and the balance piston was taken into ac-
count when defining the flow through the impeller. The inflow geometry of the 
leakage at the impeller inlet was not modeled. 
6. When calculating average performance, consistent values could be obtained 
only if the relative velocity was not set zero at the impeller walls. This would im-
ply cu = u2 at the walls which would result in a jump when going from the rotating 
to the stationary system. It was necessary instead to define the velocity profile in a 
way that the velocity deficit near the wall roughly corresponds to the displacement 
thickness. Otherwise a jump in the course of u×cu and ptot occurred at the impeller 
outlet in the transition of the rotating to the absolute reference frame, [8.35]. 
7. The control surface at the inlet was implemented at the first node at the en-
trance to the calculation domain. The control surface at the impeller outlet was at 
one node after the blade trailing edge. The position of the control surfaces had vir-
tually no influence on the results with the selected type of averaging. 
8. The size of the cells near the walls is an important parameter. The grids were 
designed according to Chap. 8.3.4 so that the criterion y+ = 25 to 300 was largely 
fulfilled. 

When observing the above rules, the theoretical head ψth could be predicted 
with an accuracy of about ± 3% as shown by Fig. 8.6. The dashed curves in 
Fig. 8.6 reflect the uncertainty of the test data as per Eq. (T3.5.8), Chap. 8.8.3. 
The 3D-Navier-Stokes calculations were thus more accurate than the use of ex-
perimental slip factors. 

The hydraulic losses in the impeller are depicted in Fig. 8.7. They were referred 
to the total of hydraulic losses in the pump determined from Eq. (T3.5.8). The 
curves shown correspond to the expected trends. All calculated absolute impeller 
loss coefficients ζLa are within a band of about ± 0.02.  

According to Eq. (8.13) the hydraulic loss in the impeller is calculated as a 
small difference of two nearly equal figures. Small tolerances on ψth and ψLa 
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Fig. 8.7. Hydraulic losses in the impeller 

cause large relative errors in the impeller loss. For example: at ψth = 1.1 ± 0.01and 
ψLa = 1.06 ± 0.01 the loss coefficient is in the range of ζLa = 0.04 ± 0.02 (hence 
± 50%). 

As discussed in Chap. 8.3.4, the grid must be designed so that realistic velocity 
distributions (corresponding to turbulent flow) are calculated near the walls. Oth-
erwise the loss calculation is falsified. Loss coefficients of various impellers are 
plotted in Fig. 8.8 against the width of the near-wall cells. The calculated impeller 
losses decrease strongly if larger wall cells are used. This result shows: (1) The 
wall cell size (y+) must be tightly controlled. (2) In order to achieve consistent re-
sults which can be used for performance prediction, grid generation rules should 
be developed, validated and followed in practice. 

The uncertainties inherent to loss calculations should be appreciated when op-
timizing impellers since the calculated trends are likely to be within the band of 
uncertainties caused by variations in wall cell size. If such is the case, it is difficult 
to decide which of the calculated options promises the best test results. As demon-
strated by Fig. 8.8, the grid must be changed as little as possible from one step of 
an optimization process to the next in order to minimize grid influences on the 
losses. The calculated velocity profiles are also sensitive to the grid.  

In a qualitative way impeller calculations can reveal weaknesses of a design, 
such as non-uniform discharge flow (e.g. if the impeller outlet width is too large) 
or shock losses at the inlet due to non-uniform approach flow or inadequate 
choice of the blade angles (incidence effects). 
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Fig. 8.8. Influence of near-wall node size Δbw on impeller losses 

8.5.2 Velocity profiles 

Calculated and measured velocity profiles at the impeller inlet usually agree rea-
sonably well near the best efficiency point and above. An exception is the zone 
near the outer streamline where the axial velocity tends to be under-predicted. It 
appears that the calculation over-estimates the effects of friction, Chap. 8.3.3. Ve-
locity profiles at partload and near the onset of recirculation appear to be pre-
dicted correctly only if the influence of the leakage is taken into account, [8.1]. 
The type of the grid (C- or H-grid) can have an influence on the velocity profiles 
near the onset of recirculation or in unstable flow conditions. In contrast, fully de-
veloped recirculation at the impeller inlet is quite stable since it is mainly deter-
mined by the equilibrium of forces acting on the streamlines at different radii. 
Fully developed inlet recirculation is therefore rather well predicted by 3D-Navier 
calculations and even 3D-Euler programs. 

An analysis of numerous measurements of the velocity profiles at the impeller 
outlet gave no general tendencies how these profiles develop as functions of flow 
rate and specific speed. Examples can be found where measurements and calcula-
tions agree quite well, while other cases show large discrepancies even qualita-
tively. Differences may be expected primarily in unstable flow conditions; but the 
term “unstable” must not be confused with “non-uniform”, because non-uniform 
velocity profiles can occur in very stable flow situations such as recirculation.  
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8.5.3 Influencing parameters 

As discussed above, the global performance parameters result from the integration 
of the velocity profiles at impeller inlet and outlet. Thus all quantities having an 
impact on the velocity profiles potentially influence the theoretical head and the 
losses. Sensitivity studies in this respect have shown: 

• The grid can have a large influence on global performance and velocity pro-
files. In this respect not only the absolute number of nodes is relevant, but also 
their distribution in flow direction as well as span-wise and pitch-wise. Select-
ing unsuitable grid parameters can easily change global performance by ± 5%. 
In other cases the differences were below 0.5% when varying the number of 
nodes between 45’000 and 110’000. 

• In principle 3D-Navier-Stokes calculations model the influences of speed, vis-
cosity and impeller size (i.e. the Reynolds number) in a way similar to effi-
ciency scaling according to Chap. 3.10, [8.35 and 8.45]. 

• Impeller calculations with increased surface roughness resulted (as expected) in 
higher losses but also in a higher flow turning, i.e. in a higher theoretical head. 
The reason for this may be that the program calculates with thicker boundary 
layers where cu approaches u2. When calculating the angular momentum ac-
cording to Eq. (8.8) a higher Hth is obtained. As discussed in Chap. 3.10, tests 
with rough impellers sometimes showed slightly increased heads too. 

• If the turbulence scale or the turbulence level is increased, the hydraulic losses 
rise because more turbulent energy is dissipated. Higher turbulence implies a 
more intense exchange of momentum across the flow. Therefore the turbulence 
parameters have an impact on the velocity distributions and hence (however 
slightly) on the theoretical head, [8.35 and 8.45]. 

• The position of the control surfaces had virtually no influence on the results, 
but this finding should not be considered as generic. 

8.5.4 Sample calculation 

An example of an impeller calculation is discussed in the following. It is the im-
peller of a multistage pump nq = 31 with a grid similar to Fig. 8.1. The part of the 
grid defined by stations 1 to 26 models the inlet, stations 26 to 94 model the im-
peller channel and 94 to 115 represent an annular exit chamber. Figure 8.9 shows 
the distribution of the static pressure over the blade length on the outer and inner 
streamlines. At the outer streamline an unfavorable acceleration is noticed on the 
pressure side shortly after the leading edge; it impairs the work transfer. This flow 
may be caused by an uneven approach flow due to the sharp flow turn at the outlet 
of the return channels. Apart from this deficiency at the inlet, blade loading is 
quite uniform on outer and inner streamlines.  

The dimensionless values of theoretical head ψth, the rise in total pressure ψLa 
and rise in static pressure ψp are plotted in Fig. 8.10 as per Eqs. (8.10) to (8.12). 
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Fig. 8.9. Pressure distribution over blade length in a radial impeller at q* = 1 

In the inlet domain from node 1 to 26 (which corresponds to the contour of the 
return channel) the total pressure decreases slightly due to losses, while the static 
pressure decreases more strongly because of flow acceleration. 

In the first part of the impeller channel (nodes 26 to 45) the work transfer is mod-
erate, in the centre part it is strongest and towards the outlet downstream of a2 it 
decreases again due to slip effects, Chap. 3.3, Fig. 3.4. Downstream of the blade 
trailing edge theoretical head and total pressure decrease due to losses in the annu-
lus while the static pressure rises approximately according to Eq. (1.28). Imple-
menting the control surface too far downstream of the trailing edge, thus leads to 
an under-prediction of the theoretical head. 

Figure 8.11 depicts the circumferentially averaged velocity distributions at the 
impeller inlet. The meridional component in Fig. 8.11 suggests that the onset of 
recirculation should occur at about q* = 0.3 to 0.35 (in the test the onset was ob-
served at q* = 0.5 to 0.6). Recirculation is fully developed at q* = 0.12, covering 
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Fig. 8.10. Angular momentum, total pressure and static pressure in the calculation domain 
of a radial impeller at q* = 1 
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almost half the height of the blade. As soon as the meridional velocity near the 
outer streamline drops significantly below the average velocity, high tangential 
velocities are observed near the outer streamline even before recirculation sets in, 
Fig. 8.11. 

Figure 8.12 shows for different flow rates the circumferentially averaged veloc-
ity profiles at the impeller outlet. At partload the profiles are kind of symmetric. 
This feature would suggest a tendency to unstable flow according to Chap. 5.5.2 
(the measured stage characteristic is slightly unstable).  

 

-0.15 

-0.10 

-0.05 

0.00 

0.05 

0.10 

0.15 

0.20 

0.0 0.2 0.4 0.6 0.8 1.0

100% 
75% 
65% 
58% 
50% 
35% 

0.3

0.4

0.5

0.6

0.7

0.8

0.9

0.0 0.2 0.4 0.6 0.8 1.0

100% 
75% 
50% 
35% 

c 2
m
/u

2 

c 2
u/u

2 

Distance from rear shroud Distance from rear shroud  
Fig. 8.12. Velocity distribution at the impeller outlet; the abscissa is the relative distance 
z/b2 from the rear shroud 



476      8 Numerical flow calculations 

Measured and calculated theoretical head agree well in the flow range without 
recirculation, Fig. 8.13. The calculated head is too high below q* = 0.2, appar-
ently because the recirculation effects are not correctly taken into account. The 
curve of the rise in total pressure produced by the impeller is roughly parallel to 
ψth (it is not shown in Fig. 8.13 since it has no practical relevance and is unable to 
indicate the risk of an instability). 

At high flow the calculated static pressure rise of the impeller ψp exceeds the 
measured value. This may be a measurement problem or an under-prediction of 
the losses. Below q* < 0.5 the static pressure rise is predicted too low presumably 
because the recirculation is not modeled correctly (refer also to Fig. 4.6b). 
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Fig. 8.13. Theoretical work of impeller ψth and static pressure rise in impeller ψp; compari-
son between calculation and measurement 

8.6 Calculation of collectors and stages 

8.6.1 Separate calculation of the collector 

Pumps of any specific speeds can achieve competitive efficiencies only if an op-
timum pressure recovery is achieved in the collector. As mentioned above, the ve-
locity distribution at the inlet is crucial for diffuser performance. Ignoring this in-
fluence is one main weakness of one-dimensional theories and of CFD 
calculations performed separately for impeller and collector. If separate calcula-
tions are performed in spite of this severe restriction, the impeller is calculated 
first. Using the impeller outlet velocity distribution thus obtained, the collector is 
calculated in a second step as in Chap. 8.6.2. 

The sample computation below used the calculated circumferentially averaged 
distributions of velocity and total pressure at the diffuser inlet and a constant pres-
sure at the diffuser outlet as boundary conditions, [8.32]. The H-grid employed 
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had 62’000 nodes which were arranged in a way to coincide with the pressure 
measurements indicated in Fig. 8.14. Figure 8.14 shows the calculated and meas-
ured pressure recovery in the diffuser made dimensionless by ½ρ×u2

2. The pres-
sure distribution at q* = 1.0 on the front shroud is plotted for three different veloc-
ity profiles at the impeller outlet: curve 1 for a constant velocity, curve 2 for the 
calculated impeller outlet flow and curve 3 for the measured velocity distribution 
(laser measurement). The calculations confirm the (repeatedly stressed) strong in-
fluence of the velocity distribution at the diffuser inlet on the pressure recovery. 
The calculations also capture the pressure rise in the triangular inlet section up to 
the throat area which has been evidenced by many measurements, Figs. 4.5, 4.6, 
Chap. 5.3. Figure 8.15 depicts the calculated streamlines in the return channels of 
a multistage pump. 
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Fig. 8.14. Pressure rise in the diffuser near the front shroud at q* = 1. Velocity distribution 
at the diffuser inlet: calculation 1: constant; calculation 2: from impeller calculation; calcu-
lation 3: measured. Sulzer Innotec AG, [8.32] 

8.6.2 Steady calculations of stages or complete pumps 

Given sufficient computing power, the combined calculation of inlet casing, im-
peller and collector represents the state of the art. Such “stage calculations” allow 
to model the interaction between the different components, notably the exchange 
of momentum between the net through-flow and recirculating fluid at partload. 

The head at low partload (in particular at shut-off) depends on the pre-swirl in-
duced by the recirculating fluid which is slowed down by ribs, return vanes or a 
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Fig. 8.15. Streamlines calculated in the return vanes of a diffuser 

large fluid volume. These effects must be modeled truthfully when calculating 
partload characteristics. Ribs in the suction nozzle or the inlet casing must not be 
omitted. Numerical flow calculations of a semi-axial pump (nq = 155) very well 
demonstrated the strong impact of ribs at the impeller inlet on the head at low 
flow, [8.66].  

Frequently convergence represents a problem at low flow and shut-off. The 
flows in impeller sidewall gaps must also be modeled, because of their interaction 
with recirculating fluid and the main flow, Chap. 9.1 and Chap. 5.4.3. 

When calculating multistage pumps, the velocity distribution at the outlet of the 
return vanes has to be modeled correctly in order to give the relevant boundary 
conditions for the impeller inlet. As discussed in Chap. 8.3.4, this can be achieved 
by setting periodic boundary conditions (alternatively two stages must be calcu-
lated where only the second stage is considered relevant for the performance). 

The small distance between the impeller blade trailing edges and the diffuser 
vane leading edges requires very fine grids in this region since velocity gradients 
are high.  

Because of the high computational effort needed for a complete unsteady cal-
culation of inlet, impeller and collector, stationary stage calculations are (still) 
employed in many applications. Two ways are available to handle the rotor/stator 
interactions in this case: 

1. A “mixing plane” is introduced between impeller and collector where circum-
ferentially averaged velocity and pressure profiles are used at the diffuser inlet. 
The non-uniformities between front and rear shroud are thus taken into account 
by the calculation; this is essential for investigations into the stability of the Q-
H-curve according to Chap. 5. The pitch-wise non-uniformity of the impeller 
discharge flow is considered less relevant for steady performance than the 
span-wise non-uniformity. Calculations with a mixing plane would therefore be 
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preferred for diffuser pumps. Investigations into the unsteady effects caused by 
pitch-wise non-uniformity (i.e. the rotor/stator interaction) need fully unsteady 
calculations as per Chap. 8.6.3.  

2. When applying the “frozen rotor concept”, the 3-dimensional velocity distribu-
tion at the impeller outlet is given at an arbitrarily selected fixed circumferen-
tial rotor position as inlet boundary condition to the collector. The calculated 
performance thus depends on the rotor position. Several rotor positions must 
therefore be calculated and the results averaged for performance prediction.  

Usually not all of the impeller and diffuser channels are modeled in order to re-
duce the computation time. Since vane number combinations with common multi-
pliers should not be used, an error in the vane pitch is incurred. 

Because of the strong pressure variation over the circumference, the results of 
off-design calculations of volute pumps are doubtful and convergence may be dif-
ficult for both the mixing plane and the frozen rotor approach. 

Stage calculations typically require 250’000 to 1’000’000 nodes. While a mix-
ing plane calculation would be preferred, it is often abandoned in favor of the fro-
zen rotor concept because of convergence problems which are due to the small ro-
tor/stator clearance (gap B) used in diffuser pumps.  

An application of frozen rotor calculations was reported in [8.44]: inlet, impel-
ler and double-volute of a feedpump with nq = 34 were modeled with 280’000 
nodes and the Q-H-curve calculated from q* = 0 to 1.4. While calculation and test 
agreed well near BEP, deviations were up to 10% at partload and high flow. Simi-
lar deviations were found in stage calculations published in [8.66]. When the un-
certainties reach ± 10%, an investigation of the stability of the Q-H-curve be-
comes questionable. The secondary flows in the volute and flow separation at the 
cutwater were well modeled by CFD and it was possible to improve the cutwater 
geometry based on the calculated flow patterns. 

8.6.3 Unsteady calculations 

Since the flow in a pump is fundamentally unsteady because of the rotor/stator in-
teraction, the final goal of CFD is an unsteady calculation of the complete ma-
chine. The sole impediment for a wide application of such calculations is comput-
ing time. Unsteady calculations using “sliding meshes” are done over a few 
revolutions of the impeller (usually not exceeding 5 to 8) until a converged solu-
tion is obtained which is periodic with the blade passing frequency. The number 
of revolutions needed to reach convergence increases with the unsteadiness of the 
flow. Overall performance parameters have to be determined by averaging over 
one impeller revolution of a fully converged (periodic) solution. 

Unsteady calculations to determine pressure and velocity fluctuations as well as 
rotor/stator interaction forces were compared to test data and reported in [8.46, 
8.47 and 8.76]. In [8.66] one partload operation point of a semi-axial pump with 
nq = 155 was analyzed with respect to head, pressure recovery in the diffuser and 
pressure pulsations. As to be expected, pressure pulsations at blade passing fre-
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quency are dominant. A comparison with test data is difficult since pressure pulsa-
tions are influenced by the system (Chap. 10). 

Two volute pumps (nq = 35 and nq = 18) were investigated in [8.64]. Steady 
frozen rotor calculations gave excessively high head variations over the circum-
ference and convergence was poor. In contrast unsteady calculations of impeller, 
volute and sidewall gaps (with 160'000 and 900'000 nodes) converged well and 
produced plausible results. Initial oscillations decayed after about two revolutions. 
Subsequently head, efficiency and other flow quantities were periodic with the 
blade passing frequency. It is interesting to note that the program was unable to 
find a steady solution because the flow in the volute is unsteady in reality, 
Chap. 8.8.2. 

In a further investigation in [8.64] the complete characteristic was calculated in 
one run by continuously varying the flow rate. This attempt failed because of iner-
tia effects: when reducing the flow rate (i.e. during deceleration) higher heads 
were calculated than with increasing flow rate (acceleration). Extensive unsteady 
calculations were also done in [5.52]. 

8.7 Two-phase and cavitating flows 

The objectives of calculating cavity flows are to predict cavitation inception, cav-
ity length and cavitation induced head drop (Chaps. 6.2 and 6.3).  

Cavitation inception and flows with short cavity length (when σA is only a little 
smaller than σi) react sensitively to minor deviations in geometry (even to rough-
ness elevations). Therefore, the geometry of the blade leading edge must be de-
scribed very accurately by the program employed for geometry generation and a 
very fine grid needs to be used near the leading edge. The local velocity distribu-
tion upstream of the impeller has an impact on cavitation inception; inlet bound-
ary conditions therefore must be carefully defined or calculated. Inlet casings of 
between-bearing pumps generate a strongly three-dimensional velocity distribu-
tion. Cavitation inception and cavity lengths therefore vary around the circumfer-
ence requiring an unsteady calculation. The influence of the leakage entering up-
stream of the impeller needs to be considered since the incidence is influenced by 
that leakage. 

All programs used for analyzing cavitation are based on models which strongly 
simplify the complex interaction between the liquid and the vapor phase, Chaps. 6 
and 13.2. 
Calculation of the cavity length without coupling to the main flow: The phase 
boundary between the liquid and the cavity is determined from the pressure distri-
bution calculated for purely liquid flow. In doing so, it is assumed that there is no 
interaction between the cavity and the liquid flow and that there is no flow in the 
cavity. According to [8.39] the calculation comprises the following steps: 

1. 3D-Navier-Stokes calculation of the inlet casing in order to determine the ve-
locity distribution upstream of the impeller. 
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2. With the inlet boundary conditions thus defined, cavitation inception (NPSHi) 
is derived from a single-phase liquid 3D-Navier-Stokes calculation assuming 
σi = cp,min (Chaps. 6.1.1 and 6.2.1). 

3. Bubble growth and implosion are calculated from the Rayleigh-Plesset equa-
tion which describes the dynamic behavior of a spherical bubble, filled with 
vapor and gas, as a function of the local pressure on the blade, [6.19]. In the 
low-pressure zone the bubble radius grows till reaching a maximum at the low-
est local pressure pmin. Subsequently the bubble radius decreases according to 
the pressure rise to vanish at p > pv. The envelope of these bubble radii yields 
an initial cavity length, Fig. 8.16.  

4. The boundary of the cavity is then iteratively modified according to the pres-
sure distribution until the cavity contour corresponds to the isobar p = pv. The 
grid is adapted to the cavity contour during each iteration step. 

5. The theoretical head and the rise in total pressure created by the impeller are 
determined according to Chap. 8.4. The performance drops when the cavity ex-
tension is sufficiently large. The high effort required for this calculation can be 
avoided if the cavitation-induced head drop is estimated from an empirical cri-
terion, e.g. assuming that NPSH3 is reached when the cavity length equals the 
pitch at the impeller inlet (t1 = π×d1/zLa) or the cavity reaches the throat. 

 

 
Fig. 8.16. Start solution for the calculation of the cavity length [8.39] 

The pressure distributions shown in Figs. 6.6 and 6.7 were calculated according 
to the above procedure. Comparing predicted and measured cavitation inception 
and cavity length, it is concluded that the calculation without coupling between 
cavity and main flow is well appropriate for predicting the cavity length at least 
up to Lcav = ½ t1 [8.69]. The prediction of NPSH3 using the empirical criterion is 
less reliable (in particular with pressure side cavitation), because the effect of the 
cavity extension on the main flow, work transfer and losses cannot be described 
by simple criteria. 
Evaporation at constant enthalpy: If the pressure of a fluid of given tempera-
ture T and enthalpy h(T) is reduced, a fraction x of the liquid evaporates as soon 
as the saturation pressure is reached, Fig. 6.1 and Chap. 6.1.1. This fraction is cal-
culated from x = fg×{h – h'(p)}/hv (h = enthalpy of the liquid upstream of the im-
peller, hv = evaporation enthalpy, h'(p) = enthalpy of the saturated liquid at the lo-
cal pressure p). Thus the vapor volume can be calculated in zones in which the 
pressure falls to the vapor pressure. An empirical factor fg is introduced to de-
scribe to what extent thermodynamic equilibrium is established during the expan-
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sion: at fg = 1 vapor is produced according to this equilibrium while any evapora-
tion is suppressed at fg = 0. An application of this procedure is reported in [8.72].  
Mixing of gas and liquid phase: The fluid is treated as a homogenous mixture of 
two substances having different densities. The density in each calculation element 
is determined from ρhom = (1- α)×ρ' + α×ρ'', Eq. (T13.3.5) (α is the volumetric gas 
content or vapor volume fraction, ρ' the density of the liquid and ρ'' that of the 
gaseous phase, see Chap. 13.2). Evaporation or condensation when reaching or 
exceeding the vapor pressure is evaluated in each element as a source term by a 
simplified Rayleigh-Plesset equation. These processes can be controlled by em-
pirical factors which may be different for evaporation and condensation. 

Even though no free surfaces or individual bubbles are considered, attached 
cavities or clouds of bubbles in the free stream can be captured in this method. For 
example the cavitation vortices created at the rear from an attached cavity could 
be calculated.1 Calculations with this model were reported in [8.69, 8.73, 8.74]. 

The two-phase flow through a helico-axial impeller (as shown in Fig. 13.21) 
was calculated in [8.70] for a volumetric gas content of 20%. At the best effi-
ciency point a thin gas layer was found on the pressure surface of the blades; this 
agreed with experimental observations. 

Two-phase models are under development which abandon the simplification of 
the homogenous density model but attempt to model the interaction between liq-
uid and gas phase. 

Judging from the published information, all of the methods described above 
produce similar results when compared to measurements. This is no coincidence, 
since all procedures determine the gas-filled zones essentially from the pressure 
distribution while phase interaction and thermodynamic effects are completely ig-
nored. However, the pressure distribution is largely determined by the main flow 
away from the walls (in homogenous mixtures it is furthermore independent of the 
density) − and this calculation scarcely differs in the various procedures (refer 
also to Chap. 8.10). All methods employ empirical factors by which the calcula-
tion is adapted to test data. There is therefore the risk that the factors optimized 
for the investigated case fail in new applications which are different from the test 
set-up. Finally quite uncertain assumptions must be made on the nuclei spectrum. 

Another application in the domain of two-phase flows is “particle tracking”. 
The behavior of solid particles in a fluid, droplets in a gas stream or bubbles in a 
liquid flow can be investigated. The streamlines and the local particle concentra-
tion are calculated by this method. Fundamentals may be found in [8.60]. 

8.8 Calculation strategy, uncertainties, quality issues 

The commercial Navier-Stokes programs employed in industry are extremely 
complex. The majority of program users possibly have a rather superficial under-

                                                           
1 Such vortices are particularly aggressive with respect to cavitation erosion, Chap. 6. 
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standing of the theoretical background and processes involved in grid generation, 
numerical solution and post-processing. 

The available program options for physical modeling, grid generation, numeri-
cal solution and post-processing leave the program user ample liberty to select 
suitable models and parameters in order to adapt the CFD results to specific meas-
urements. Little is to be said against such an optimization of calculation parame-
ters − which is even inevitable at the present state of the art − if a large number of 
similar applications (e.g. a range of pumps covering a wide domain of specific 
speeds) can be handled with the selected set of parameters and assumptions in a 
consistent way. However, if adaptations need to be made in each case, the parame-
ters are obviously unsuitable and the CFD results are likely to look fortuitous. 

Physical modeling, grid generation, numerical solution and post-processing 
harbor a number of uncertainties. The broad range of program options leaves the 
program user at liberty to make severe (possibly costly) errors and to draw the 
wrong conclusions from CFD. A number of publications dedicated specifically to 
such quality issues testify to this statement. The pertinent publications cover un-
certainties and quality of CFD calculations, [8.50 to 8.56], and the development of 
CFD quality assurance and guidelines by various organizations, [8.56 and 8.57]. 

8.8.1 Uncertainties, sources and reduction of errors 

“Uncertainties” result from a lack of knowledge; therefore they cannot be quanti-
fied. In contrast, “errors” are made due to avoidable simplifications or negligence. 
Applying the suitable effort and diligence, errors can be quantified or avoided. 
The various uncertainties and errors of a numerical flow calculation are partly 
caused by the program and partly by the user. These comprise: 

1. Modeling errors due to uncertainties in the physical models, assumptions and 
data. Unknown are (for example) the real turbulence characteristics, the true 
geometry of a cast impeller and the roughness. The Reynolds equations of tur-
bulent flow themselves are a “model” of an unknown physical process. The 
models used at present for describing two-phase flow, cavitation and roughness 
effects are rudimentary and based on gross simplifications. 

2. Simplifications belong to the group of modeling errors. Important uncertain-
ties are frequently generated by simplifications of the geometry which are made 
because of limited computer resources. Again, such uncertainties cannot be 
quantified. Consider for example a feedpump according to Fig. 7.48 with 
u1 ≈ 80 m/s and P ≈ 10'000 kW in one stage. Its high performance and rele-
vance for the reliable operation of the power plant would certainly justify an in-
depth CFD analysis. The inlet casing (which is similar to Fig. 7.50) generates at 
the impeller inlet a distorted 3D-velocity distribution varying over 360°; the 
single volute following the diffuser equally requires modeling around the entire 
circumference at off-design flow. In order to model this type of pump correctly, 
the entire fluid volume between the inlet and the discharge nozzle needs to be 
meshed including the impeller sidewall gaps and (possibly) the annular seals. 
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Many a user may be tempted to simplify this complex geometry because of a 
lack of resources. 

3. Numerical errors [8.59]: The numerical error of a CFD calculation is the dif-
ference between the exact solution of the differential equation and the actual 
solution obtained. It is composed of the discretization error and the solution er-
ror. The discretization error is the difference between the exact solution of the 
differential equation and the exact solution of the discretized equation; it is de-
termined by the order of the selected solution, Chap. 8.3.5. In contrast, the so-
lution error is the difference between the exact solution of the discretized equa-
tion and the actual solution obtained; it comprises convergence errors 
(residuals) and rounding errors. 

4. Rounding errors may often by negligible. Be careful however when calculat-
ing losses which represent a small difference of two comparatively large fig-
ures; rounding errors may then be more significant. 

5. User errors are caused by negligence, lack of knowledge of the complex pro-
grams and of physical phenomena in the pump itself as well as inadmissible 
simplifications made in an attempt to perform a CFD analysis with a minimum 
of effort and resources. 

Table 8.2 summarizes uncertainties and sources of error which are relevant for 
CFD investigations of centrifugal pumps. Details about the significance and prob-
lems of correct inlet boundary conditions, roughness, turbulence modeling and 
wall treatment have already been discussed above. 
Discretization errors: Errors caused by the grid are fortuitous. It is therefore not 
possible to predict in a specific case whether a coarse grid will produce higher or 
lower heads and efficiencies than a fine grid. Discretization errors caused by the 
grid can be severe. By successive grid refinement, using different types of grids 
and searching for grid-independent solutions this error can be quantified and re-
duced considerably. 

To illustrate this, Fig. 8.17 (derived from [8.64]) shows the hydraulic efficiency 
of an impeller as a function of the flow rate ratio q* from calculations with 11'000 
and 32'000 elements: in two domains the finer grid yields higher efficiencies than 
the coarse grid; in the range 0.86 < q* < 1.05 the reverse is true. At q* = 0.86 and 
1.05 a grid-independent solution would be assumed because coincidentally the 
curves intersect at these points.  
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Fig. 8.17. Influence of number of elements on the hydraulic impeller efficiency, [8.64] 



 8.8 Calculation strategy, uncertainties, quality issues      485 

The finding of Fig. 8.17 is typical for CFD calculations of pumps. In spite of a 
multitude of investigations, no general tendencies whatsoever can be given which 
would allow one to predict the deviations between a CFD calculation and a test 
qualitatively and quantitatively. 

Numerical errors can be quantified, [8.59]. To this end, the problem at hand is 
calculated with different cell widths h, 2×h, 4×h, which differ by the factor of 2; 
the resulting solutions (for example heads, powers, efficiencies) are Hh, H2h, H4h. 
The order “p” of the solution is then calculated from Eq. (8.28). Even when the 
discretization scheme used was of the 2nd order, there is no guarantee that the so-
lution is really 2nd order if the number of cells selected was too small.  
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Equation (8.29) yields estimations of the discretization error eh and the grid-
independent solution Hnu: 
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As demonstrated by Fig. 8.17, this method (called “Richardson extrapolation”) 
is not always meaningful since it would fail at the points q* = 0.86 and 1.05. 

However, for complex problems, such as calculating an entire pump, the effort 
for this type of error estimation would appear prohibitive. In order to assess grid 
influences on the solution, the error analysis may then be restricted to calculations 
with different grids and discretization schemes (1st to 3rd order) as in Fig. 8.3. 
Rounding errors increase with: (1) the number of nodes; (2) high aspect ratios of 
cell height to width; (3) when the variables (pressures and velocities) cover wide 
ranges. Comparing the CFD results obtained with „single-precision“ and „double-
precision“ allows an assessment of possible rounding errors. 

8.8.2 CFD quality assurance 

In order to build confidence in the results of numerical flow calculations, a con-
siderable effort for quality assurance is required. It includes: 

1. The numerical verification: “Are the equations solved correctly?” This is pri-
marily the task of the developer of the CFD program. No test data are required 
to do this job.  

2. The validation of the physical models and assumptions: “Are the correct equa-
tions solved?” This validation is done by comparing CFD results to test data. 
Since the measurements are taken as “reality”, they must be sufficiently reliable 
and testing tolerances should be known, Chap. 8.8.3. Validation is done on the 
one hand using published general test cases (“benchmark tests”), e.g. [8.27, 
8.48], on the other hand by the program user with specific machines and de-
vices (pumps, turbines, compressors). At the present state of the art a compre-
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hensive validation by comparing CFD to measurements on similar pumps is 
imperative. Loss calculations, roughness effects, cavitation and two-phase 
flows need extensive validation. 

3. Prior to any validation effort numerical errors and grid problems must be ap-
preciated and eliminated as required, Chap. 8.8.1, Eq. (8.29). 

4. Calculations of a given geometry with different types of grids and variable grid 
resolution allow to assess grid influences and to obtain grid-independent solu-
tions (as far as practicable). 

5. Calculations with different turbulence models and comparison with well docu-
mented measurements such as pipe bends, diffusers, rough pipes, two-phase 
flow in pipes (Fig. 13.9) are part of a comprehensive validation. 

6. Sensitivity studies of the effect of the simplifications made, selected control 
surfaces for averaging and numerical parameters, refer to Table 8.2. 

When systematically applying CFD on an industrial scale, validation is an on-
going task as long as programs and applications evolve. The validation is not re-
stricted to selected comparisons of CFD and tests, but includes extensive sensitiv-
ity studies with respect to grid resolution, grid structure, the local grid refinement 
required, numerical parameters, turbulence modeling and wall treatment. A com-
prehensive validation for a broad industrial application could be approached in the 
following way: 

1. Define the range of Reynolds numbers and pump sizes for the planned applica-
tion.  

2. With the selected wall treatment and turbulence model the wall cell size is ob-
tained from Table 8.1: for a linear wall function (for example) from the re-
quirement y+ = 1, for a logarithmic wall function (for example) from y+ = 30. 

3. The grid resolution required near the wall can now be determined from the 
maximum grid size variation factor as per Chap. 8.3.4 item 6. 

4. With the grid resolution defined in this manner, losses and velocity distribu-
tions are calculated for simple test cases such as smooth and rough pipes, 90°-
bends, straight and curved diffusers. Compare these CFD results to measure-
ments. 

5. If step 4 is successfully concluded with a set of consistent assumptions and 
numerical parameters, the near-wall grid topology and numerical settings vali-
dated in this way are a sound basis for calculating pumps.  

6. The calculations of pump components are validated with measured global per-
formance data and velocity distributions (in particular at the impeller inlet and 
outlet). 

A basic problem of validation − as of all CFD calculations − resides in the fact 
that numerical errors and deficiencies in the physical models can compensate for 
or add to each other according to statistical laws, since both categories of errors 
are completely independent of each other and are thus purely statistically distrib-
uted. In an individual case a first-order solution with a coarse grid may happen to 
yield a theoretical head which agrees well with test data thus suggesting a success- 
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Table 8.2 Uncertainty of CFD-calculations of pumps 
(1) Physical modeling 
 Assumptions and sources of error User influence 

Basic equations (Navier-Stokes) (Selection) 

Turbulence model, wall treatment, Chaps. 8.3.2, 8.3.3 Correct selection determines 
success 

Pr
og

ra
m

 

Physical models for: 
• Roughness, Chaps. 3.10, 8.3.3 
• Cavitating flows, Chap. 8.7 
• 2-phase flow 

These models are rather rudi-
mentary; the user must optimize 
the empirical coefficients 

Selection of calculation domain is problematic with: 
• Inlet casings (between-bearing pumps) 
• Volutes (pressure distribution at partload 360°) 
• Stage calculations zLa ≠ zLe 
Simplifications, idealization of geometry 

With respect to computer capac-
ity often questionable simplifi-
cations are made 

Inlet boundary conditions problematic with: 
• impeller is exposed to non-uniform flow as created 

by radial inlet casings 
• volutes, diffusers: impeller outlet flow distribution 

Correct specification of ap-
proach flow determines suc-
cess with decelerated flows or 
curved streamlines 

Outlet boundary conditions Sometimes “tricks” are used to 
avoid back flows 

Modeling of the transition from impeller to stator: tur-
bulence model and wall treatment! 

With low nq the this transition 
is critical to success 

Modeling of the impeller trailing edges Sometimes sensitive 
Calculation without impeller sidewall gaps: pumping 
action of the shrouds is disregarded 

Effect not negligible with low 
nq, Chap. 3.10 

Influence of roughness, Chap. 3.10  Difficult to quantify 
Rotor/stator seal leakage known only approximately 
(exact clearances, roughness; friction coefficients and 
effective pressure difference across seal). Tolerance of 
the assumed leakage means error when calculating ηh 
and an unknown shift of the operation point; can be 
significant with nq < 20. 

Can be influenced only in spe-
cial cases. 
Possibly conduct a sensitivity 
study. 

Handling of seal leakages:  
1. Must be taken into account in the flow rate since 

impeller flow is QLa = Q + Qleakage! 
2. Influence of leakage flow on boundary layer at 

outer streamline and induced pre-rotation 
3. Grid generation for sidewall gap and seal 

 
1. Absolutely necessary, sim-

ple 
2. Appreciable effort 
 
3. Large effort 

Selection of location of control surfaces for determin-
ing global performance parameters 

Can be assessed by analyzing 
performance with different 
control surfaces 

Stage calculations with “frozen rotor“: all quantities 
(H, η, etc.) depend on the rotor position. This variation 
depends also on q*. 

Calculations at different rotor 
positions, averaging 
Alternative: mixing plane 

A
pp

lic
at

io
n 

fo
r 

pu
m

ps
 

Methods of averaging  Chap. 8.4 
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Table 8.2 Uncertainty of CFD-calculations of pumps 
(2) Physical modeling (data) 

Uncertainties in geometry; e.g. manufacturing toler-
ances: the calculation is done with the geometry ac-
cording to the drawing, while the test may be per-
formed with cast impellers, which often are subject to 
considerable tolerances. 

Problem can be avoided by us-
ing NC milled components  

D
at

a 

Physical properties of fluid With water at low temperature 
scarcely relevant 

 

Table 8.2 Uncertainty of CFD-calculations of pumps 
(3) Numerical modeling 
 Assumptions and sources of error User influence 

Numerical solution procedures 
Selection of the order of the numerical solu-
tion (minimum 2nd order required) 

Numerical error Can be quantified with Eqs. (8.28, 8.29) 

Pr
og

ra
m

 

Rounding errors Significant when calculating energy losses; 
select 64 bit or 32 bit „double precision“  

Type , fineness, quality of grid Determines success, Chap. 8.3.4 
• Avoid questionable compromise to en-

force convergence; 
• High quality grids improve convergence 

A
pp

lic
at

io
n 

Convergence Truncation criteria: 
Maximum residuals should be below 10-4  
RMS residuals should be below 10-5 

All numerical and modeling errors as well as uncertainties are essentially independent of each 
other and therefore statistically distributed. They can add or compensate each other in an un-
predictable way, depending on application, flow rate and input parameters. In particular this 
applies to: 
• Numerical errors 
• Influence of roughness, pumping action of the impeller shrouds, leakage flow interaction 

and all sorts of simplifications. 

ful validation. However, in other applications the selected settings would produce 
erroneous results.1 

Having developed in an individual case a good impeller by means of CFD does 
not justify the unqualified conclusion that the applied procedures and program set-
tings should be correct and appropriate for future applications, since pumps with 
the highest of efficiencies have already been developed 50 years ago – based on 
experience, test data and (not in the least) some luck.  

The risk of producing fortuitous results can be reduced by strict adherence to 
some basic CFD quality criteria such as listed below: 

                                                           
1 Compare to CFD programs used in meteorology, which frequently give the correct fore-

cast but fail without recognizable reason in other cases. 
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1. Exact specification of the actual task: 

• What problem shall be calculated? 
• What purposes shall be served by the results?  
• What type of conclusions can be drawn from the results? 
• Which are the criteria to assess the results? Example: Upstream of the pump, 

the suction pipe in a plant generates a non-uniform flow distribution due to 
various bends or fittings. With considerable effort and care (bends are quite 
difficult to model correctly!) the velocity profile at the impeller inlet may be 
calculated. However, the sole question of interest remains open, namely 
whether the resulting velocity profiles will cause excessive noise, vibrations 
and cavitation or impair head or efficiency in a measurable way. Unless accep-
tance criteria are defined how to assess the non-uniformity of the approach ve-
locity, the exercise may be futile. If the task is restricted to improving the ve-
locity profiles by modifications of the geometry, the selected turbulence model 
and wall treatment must be confirmed to be able to achieve this goal, which is 
by no means always guaranteed, Chap. 8.3.2. 

• What is the accuracy required to achieve the goals set for the CFD analysis? Is 
CFD really able to produce this accuracy? Example: Pumps with low specific 
speeds have flat Q-H-curves; the difference which decides between a stable and 
an unstable characteristic is a few per cent of the head. A difference in head of 
only ± 2% can decide whether the pump characteristic is acceptable or not. 

2. Choice of the calculation domain: Usually considerable simplifications are 
made because of limited computing capabilities. In order to avoid false conclu-
sions, it should be analyzed which effects are ignored, what impact this may have 
on the results and what type of information the simplified calculations may be 
able/unable to provide. Table 8.3 gives some information in this respect. Special 
problems are: 

• The flow distribution at the impeller inlet if the inlet casing or the approach 
flow is not modeled. 

• Neglecting the flow in the impeller sidewall gaps: (1) at low specific speeds 
front and rear shroud provide a considerable pumping action, Chap. 3.10; 
(2) the inflow of the seal leakage has an impact on the incidence at the outer 
streamline and thus on cavitation inception, losses and the stability of the Q-H-
curve; (3) the exchange of momentum at the impeller outlet between the main 
flow and the sidewall gaps influences the Q-H-curve, losses and axial forces, 
Chaps. 5 and 9.1 

• If stage calculations are made without modeling all channels, there is an error 
in the vane pitches if ν2×zLa ≠ ν3×zLe (which usually should be ensured to avoid 
vibration problems). 

A sufficient number of nodes must be placed upstream of the domain of interest in 
order not to falsify the results by the inlet boundary conditions, Chap. 8.3.4. The 
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outlet of the calculation domain must be placed away from zones where geometry 
and/or flow are subject to strong variations or gradients. 
3. Grid generation: As repeatedly stressed above, the reliability of a CFD calcu-
lation critically depends on the quality of the grid; guidelines are given in 
Chap. 8.3.4. Faultless grids also ease the convergence. The effort for designing 
good grids thus pays double dividends.  

The 3D-geometry model to be meshed must be free of gaps, errors and inaccu-
racies. Fillet radii between vanes and side walls are critical areas to be watched. 
Obviously the local cell sizes must be much smaller than the smallest geometric 
details to be resolved by the CFD calculation (e.g. gaps between open impellers 
and casing). This is particularly true for impeller blade leading edges with small 
radii when cavitation inception is to be calculated. 

After a first calculation it must be checked that the grid is sufficiently fine in 
regions with strong velocity gradients. Grid parameters such as y+-values and an-
gles between the elements can be checked by means of histograms. 
4. Boundary conditions: The turbulence parameters at the inlet to the calculation 
domain are usually unknown and assumptions must be made, Chap. 8.3.6. The in-
fluence of the turbulence parameters can be assessed by means of a sensitivity 
study. If more cells are introduced between the entrance to the calculation domain 
and the component to be investigated, the influence of the turbulence parameters 
at the inlet boundary decays, but the control surface must be placed sufficiently 
away from said boundary. 

No back-flow should be allowed at the outlet boundary. 
5. Initial conditions can influence the solution – for example in flow conditions 
which are subject to a hysteresis. If unsteady processes are investigated, the initial 
conditions must represent a physically possible state of the system. When investi-
gating transients this usually is the steady condition at time t = 0. 
6. Fluid properties must be correctly specified. This requires due care if the pro-
gram has a very general data structure. 
7. Turbulence modeling: From the ample literature it is to be concluded, that 
there is as yet no universally applicable turbulence model and that the standard k-
ε-model with logarithmic wall function is not really satisfactory for decelerated 
flows and curved flow paths. Therefore, it should not be applied to impellers, dif-
fusers, volutes, inlet casings and bends. In the pump industry, turbulence models 
should be preferred which use linear or linear/logarithmic wall functions. The op-
tions include: (1) SST-model; (2) Two-layer model; (3) other models with linear 
or linear/logarithmic wall functions as for example in [8.48 and 8.49]. When em-
ploying linear wall functions, sufficiently fine grids must be used so that the near-
wall grid points are located within the viscous sublayer. Otherwise, errors similar 
to those expected with logarithmic wall functions may occur.  

Nevertheless, the (basically unsuitable) standard k-ε-model with logarithmic 
wall function is often used, because higher turbulence models impair conver-
gence. If convergence problems occur when employing higher turbulence models, 
all possibilities to improve the grid quality should be exploited prior to enforcing 
convergence with an unsuitable model on a grid of questionable quality.  
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When calculating pumps with the standard k-ε-model, an apparently reasonable 
agreement is frequently found between calculation and test data, while other cases 
exhibit unexplainable discrepancies between CFD and test. This observation may 
be explained at times by the fact that the various errors in physical modeling, sim-
plifications and numerical solutions sometimes compensate and sometimes add, as 
is the case with statistically distributed quantities. Frequently the Reynolds 
stresses are small compared to other terms in the transport equations (pressure 
gradients, Coriolis and centrifugal forces). In such cases the deficiencies of the 
turbulence models have less impact – even Euler programs may then produce rea-
sonable solutions. 

Sometimes it is argued that CFD results (in particular losses) can be relevant 
for comparing different design options for the purpose of component optimiza-
tion, even though they may not be absolutely correct. However, since the k-ε-
model is not able to reliably recognize flow separations in their initial stage and 
since wall functions impose wall shear stresses and influence the momentum ex-
change between near-wall flow and core flow, such comparisons and optimiza-
tions are not above all doubt. 

Even the purely qualitative assessment of calculated flow patterns in impellers, 
diffusers or volutes remains questionable if the models used are unable to cor-
rectly predict the velocity distributions in simple components such as a pipe bend.  

If the flow is laminar in some locations, the standard turbulence models fail 
since they are designed for high Reynolds numbers. Instead, turbulence models 
for low Reynolds numbers must be validated. 
8. Wall function: As mentioned above, reliable results are not to be expected 
when applying logarithmic wall functions for curved flow paths and decelerated 
flows. As demonstrated by Fig. 8.8, the wall treatment has a considerable impact 
on losses. In those cases where the use of logarithmic wall functions is acceptable, 
the cell sizes near the walls must be selected so that 30 < y+ < 100 is achieved; in 
no case y+ < 11 should be admitted. For rough surfaces the wall function must be 
adapted according to Table 8.1. These recommendations for y+ apply to calcula-
tions with logarithmic wall functions only. When using a two-layer model, the 
SST-model or other low-Re turbulence models, y+ < 1 should be maintained in 
near-wall cells. At least 10 cells should then be located between the wall and 
y+ = 20. These criteria can be checked by means of a histogram of the y+-values. 
9. Modeling of the blade trailing edges has an impact on the pressure distribu-
tion, flow deflection (or slip) and losses, which can be quite significant and there-
fore needs optimization for the particular conditions. 
10. Transition between impeller and stator: The impeller calculation is done in 
the relative system. Consequently, stator parts have the angular velocity of -ω. 
Due to the no-slip condition, a fluid particle on the impeller shrouds has the tan-
gential component wu = 0 in the relative system and, correspondingly, cu = u2 in 
the absolute system. Immediately downstream of the impeller outlet a fluid parti-
cle at the casing wall has the velocity cu = 0 due to the no-slip condition in the ab-
solute system. This sudden jump from cu = u2 to cu = 0 can cause problems – in 
particular with low impeller outflow angles α2 (low specific speeds), because 
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Table 8.3 (1) CFD-calculation of components and stages 
Component Type & goal of calculation Remarks and limitations 
Inlet casings for 
between-
bearing pumps 

Optimization of area distribu-
tion, flow turning and shapes, 
in order to achieve an outlet 
flow as uniform as possible; 
avoid vortex ropes. 

In order to detect possible stall and vor-
tices fine grids are required; an appro-
priate turbulence model with linear or 
linear/logarithmic wall functions must 
be used. 
The interaction with the impeller flow is 
missing. 

Impeller alone Check theoretical head Hth in 
operation without recircula-
tion. 
Qualitative optimization of the 
flow patterns through reduc-
tion of velocity gradients and 
avoidance of flow separation. 
Optimization of outlet velocity 
profiles with respect to Q-H-
curve stability and excitation 
forces. 
Cavitation inception. 
Onset of inlet recirculation. 

Partload calculations within the domain 
of recirculation fundamentally make 
sense only as stage calculations. 
The non-uniformity of the outlet flow 
(mixing losses in the collector) must be 
taken into account in the optimization 
process. 
The effect of the leakage injection on 
the flow in the impeller can be impor-
tant in particular cases (e.g. with respect 
to the Q-H-curve stability or cavitation). 
However it is difficult to predict in 
which cases this applies. The study of a 
specific case cannot be generalized. 

Impeller side-
wall gaps 

Pumping action of the impeller 
shrouds. 
Pressure distribution for calcu-
lating the axial forces. 
Rotor dynamic coefficients. 

In spite of the simple geometry the flow 
is quite complex. Leakage flow rate and 
velocity distribution at the inlet must be 
known. 

Diffuser, alone The velocity distribution at the diffuser 
inlet critically determines diffuser per-
formance. Turbulence models with lin-
ear or linear/logarithmic wall functions 
and sufficiently fine grids must be used. 
Unsteady effects of the impeller outlet 
flow have an impact on the diffuser but 
are ignored in this type of calculation. 

Volute casing 
and discharge 
diffuser (dis-
charge nozzle) 

Pressure recovery. 
Qualitative optimization of the 
flow patterns through reduc-
tion of velocity gradients and 
avoidance of flow separation. 
 

The same remarks apply as for diffus-
ers. 
Always calculate over 360°, since the 
impeller operates at different flows 
around the circumference (as imposed 
by the non-uniform volute pressure). 
Do not apply symmetry conditions in 
the volute center plane. 
The swirl created by secondary flows in 
the volute has an impact on diffuser per-
formance. 

For design calculations less fine grids may be considered than for the analysis of the final 
geometry. 



 8.8 Calculation strategy, uncertainties, quality issues      493 

Table 8.3 (2) Stage calculations 
Component Type & goal of calculation Remarks and limitations 
Stage calcula-
tions 

Interaction between rotor and 
stator at inlet and outlet. Part-
load calculation for operation 
with recirculation. 

Preferentially with mixing plane be-
tween rotor and stator (with the excep-
tion of volute casings), because per-
formance of frozen rotor calculations 
depends on rotor position. 
Since in general zLa ≠ zLe errors are in-
troduced if not all channels are calcu-
lated. Such errors are difficult to assess. 
Volute calculations at partload should 
best be done unsteady. 

there is apparently a high friction. The problem can be avoided if the casing walls 
are defined as symmetry conditions (instead of a solid wall rotating with -ω), but 
this procedure is unphysical and thus not really satisfactory. Since the sharp tran-
sition from rotor to casing exists in reality, the CFD program should be able to 
handle it. To mitigate the problem, a turbulence model must be used which limits 
the production of turbulence in strong velocity gradients (k-ε-model of 
Kato/Launder or SST-model). 
 11. Performance averaging: The position of the control surfaces where head, 
power and losses are determined (Chap. 8.4) can have an influence on the results. 
Control surfaces in the suction and discharge nozzles harbor little uncertainties 
since velocities and velocity gradients are low (with the possible exception of ax-
ial pumps). However, in the range with strong gradients, in particular at the impel-
ler outlet, head, torque and losses depend on the position of the control surface. 
When modeling a casing for low specific speeds as solid walls, global perform-
ance data must be evaluated closely to the impeller blade trailing edge (typically 
at a distance of 1% of r2) in order not to over-predict the impeller losses. If the 
casing walls are modeled as symmetry conditions, it may be advantageous to 
place the control surface at a slightly larger radius. In this case the flow can equal-
ize to some extent without falsifying the results by friction on the casing walls. As 
discussed in Chap. 8.4, partload operation with flow recirculations needs special 
procedures. 
12. Checking convergence: A calculation which did not converge properly is to 
be rejected. The residuals of local quantities should be below 10-4 and residuals of 
RMS-values not exceed 10-5. The particular definition and normalization of these 
residuals should be appreciated according to the particular program used. 

• Target values such as head, torque and efficiency plotted against their residuals 
should asymptotically approach constant values. The course of this plot should 
be monotonic; initial oscillations must decay prior to dropping to the final 
level. This requirement equally applies to residuals plotted against the iteration 
steps or time. 

• Mass flow residuals should be checked at different control surfaces (inlet and 
outlet of calculation domain and of the various components). 
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In case of convergence problems: 

• Check quality of grid, improve as necessary, Chap. 8.3.4 
• Stepwise increase order of solution as per Chap. 8.3.5 (start with 1st order) 
• The boundary conditions must be physically meaningful in order to allow the 

program to find a solution at all. 
• Analyze domains with high residuals 
• Attempt unsteady calculation: a flow which is unsteady in reality does not con-

verge as a steady calculation! Chap. 8.6.3 and [8.64]. 
• Better initial conditions, e.g. data from a converged solution with a different 

flow rate, Chap. 8.3.7 
• Modify relaxation parameters or time step according to user manual. 

13. Numerical errors:  

• According to Chap. 8.3.5, the scheme for interpolating the variation of the 
physical quantities within the cells should be at least 2nd order. 

• If nevertheless a 1st order scheme is used, the grid must be extremely fine, 
Fig. 8.3. 

• The magnitude of the numerical errors can be estimated as per Chap. 8.8.1. 
• The selected time step must not exert any impact on the solution. Determine 

time steps as fractions or multiples of a typical physical time scale. A typical 
time scale can be calculated by dividing a length scale by a velocity scale. In 
general the same scales can be used as for calculating the Reynolds number. 
For impeller calculations the impeller outer radius r2 would be a typical length 
scale and the tip speed ω×r2 a typical velocity scale. The time scale then results 
from “factor”/ω. The magnitude of the optimum “factor” depends on the 
solver. Sequential solvers such as the SIMPLE-algorithm require smaller val-
ues than coupled solver algorithms which use factor ≈ 1. The optimum factor 
can be found by a few calculations with relatively coarse grids. 

14. Loss calculations:  

• The hydraulic losses in large pumps are only a fraction of the work transferred 
by the impeller. If it is attempted to apply CFD for the optimization, the re-
quired accuracy of the loss calculation must be better than ± 10%. As an illus-
tration, consider a pump with a hydraulic efficiency of ηh = 0.9 and assume that 
the uncertainty of the losses calculated by CFD is ± 10%. Consequently, a CFD 
analysis of this pump would yield a hydraulic efficiency in the range of 
ηh = 0.89 to 0.91. This band width covers all the difference between a competi-
tive and an unacceptable hydraulic design.  

• When using the standard k-ε-model with the logarithmic wall function, the fric-
tion losses in decelerated flow (impeller, diffuser and volute) are over-
estimated, while the mixing losses are presumably under-predicted. If the de-
signer is guided by these results, he will select shorter blades and channels in 
order to reduce friction losses. The consequences would be: high blade load-
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ings, non-uniform impeller outlet velocity profiles, high hydraulic excitation 
forces (noise and vibrations), enhanced mixing losses and possibly even insta-
bilities of the Q-H-curve due to sudden changes in flow patterns. 

• In general loss calculations by present-day CFD capabilities must be consid-
ered as quite uncertain. This applies to the absolute values as well as to the 
comparison between different design options. Think of the effect of the statisti-
cal distribution of errors from physical modeling and numerical procedures.1 

• The influence of roughness can scarcely be evaluated because the interactions 
between roughness, turbulence and velocity profiles are largely unknown and 
difficult to quantify, Chap. 3.10. 

15. Instabilities in the Q-H-curve: Instabilities in the Q-H-curve can often be 
predicted by CFD, but the onset of flow separation may be found to occur in the 
test at higher flow rates than calculated. This observation is borne out by investi-
gations in [5.52] on a pump with double-entry impeller, diffuser and volute. Fig-
ure 8.18 compares the test to CFD calculations with increasing flow (curve “CFD-
up”) and decreasing flow rate (curve “CFD-down”). It is the same pump with a 
hysteresis in the Q-H-curve as in Fig. 5.42. While the onset of the instability is not 
well captured by CFD, the dip in the head of about 4% is well predicted. The un-
steady calculation of the entire pump was done with 2.5×106 nodes. 
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Fig. 8.18. CFD-study of a pump with instable Q-H-curve, h* = H/Hopt, [5.52] 

Studies on a pump turbine with axial inlet, guide vanes, stay vanes and a volute 
gave similar results: the instability occurred in the test at q* = 0.95, while CFD 
predicted the onset at q* = 0.86 with a coarse grid, at q* = 0.84 with a medium 
grid and at q* = 0.83 with a fine grid, [5.52]. 
16. Velocity distributions: As demonstrated by investigations of pipe bends and 
diffusers, calculations with the standard k-ε-model with logarithmic wall func-
tions produce quantitatively and even qualitatively wrong velocity distributions in 
flows with adverse pressure gradients. No better results can be expected for pump 
diffusers. 

                                                           
1 For example, the disk friction losses calculated by CFD in [9.10] were only 10% of the 

values expected according to Eq. (T3.6.11) which is confirmed by various measurements. 
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The velocity distribution in impellers is determined by two basically different 
effects: (1) centrifugal, Coriolis and blade forces and (2) boundary layer effects. 
The forces mentioned act equally in viscous and non-viscous flow; they are there-
fore captured even by an Euler calculation. In as much as the flow distribution is 
determined by forces, the choice of the turbulence model and wall function has an 
indirect influence only. In contrast, boundary layer effects, such as prevailing in a 
diffuser, are largely determined by wall functions and turbulence models.  

In those cases where the velocity distribution in an impeller is determined by 
forces a reasonable agreement between calculation and test can be expected. 
When the flow is controlled by boundary layer effects, the choice of the wall 
function and turbulence model is important. These relationships may explain why 
calculated and measured velocity profiles sometimes agree quite well while they 
are even qualitatively wrong in other cases (as can happen with a given impeller at 
different flow rates). 

Before it is attempted to design an impeller so that no sudden changes in flow 
patterns occur at partload (Chap. 5), it must be ascertained by means of measure-
ments that the selected turbulence model and wall function allow velocity distri-
butions to be obtained which are at least qualitatively correct. 

These limitations basically also apply to the assessment of flow patterns based 
on which it is attempted to improve a design by reducing the non-uniformities of 
velocity and pressure distributions.  
17. Sensitivity analyses are appropriate to investigate how the target values 
(head, efficiency, stability of the Q-H-curve) depend on the simplifications and 
assumptions made for the CFD calculation. 

8.8.3 Comparison between calculation and experiment 

A thorough comparison of CFD results with test data is necessary for building 
confidence in the calculations and assessing the possibilities and limits of numeri-
cal flow calculations. To do such a validation correctly, it is necessary to also ap-
preciate the uncertainties of the measurements. 

8.8.3.1 Evaluation of measured velocity profiles 

As discussed above, Hp, Hth, HLa and ζLa can be determined from an impeller cal-
culation by integration over the impeller outlet control surface according to 
Eqs. (8.10) to (8.13). This applies not only to the CFD calculation but also to 
measurements by probes or laser velocimetry, since these are done also on a grid 
of measuring points. The global performance data can thus be evaluated by means 
of the same formulae. All quantities in these equations represent spatial and tem-
poral averages derived from a finite number of measuring points for which the 
following measuring uncertainties may be assumed: a) static pressure at the impel-
ler outlet as an average of a number of measuring points: ±5%. While the individ-
ual pressures are more precise than ±5%, the calculation of a representative aver-
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age is subject to a greater uncertainty; b) velocity at the impeller outlet: ±5%. 
From these individual errors of averaged velocities and pressures an uncertainty 
of ±5% would also result for Hp, Hth and HLa. Since HLa and Hth are affected by 
the same error (resulting from the velocity measurement), these errors can largely 
cancel in the calculation of the impeller’s hydraulic efficiency ηh,La = HLa/Hth. If 
the velocity profiles at the impeller outlet are non-uniform, the interpretation of 
the losses encounters the difficulties discussed in Chap. 8.4.  

As demonstrated by experience, predicted global performance can agree quite 
well with measured average performance even if calculated and measured velocity 
profiles match neither qualitatively nor quantitatively. This is no contradiction, 
because a given average value can result from an infinite number of different ve-
locity profiles. Furthermore, a converged solution implies that the average merid-
ional velocities are correct since mass flow is conserved. 

It was also observed that calculated and measured velocity profiles at the im-
peller inlet usually agree quite well throughout the entire range of flow rates – 
even with partload recirculation. In contrast, large discrepancies are often ob-
served between calculated and measured pressure and velocity profiles at the im-
peller outlet (e.g. [5.37]), because the selected turbulence model and wall function 
were unsuitable for decelerated flow on a curved path and because the interaction 
between impeller and collector flow was not modeled. Another reason for such 
deviations is the sensitive equilibrium of the flow in a radial impeller with back-
swept blades (Chap. 5.2). 

As shown in Chap. 5.3, the stability of the Q-H-curve depends significantly on 
the pressure recovery in the collector. Therefore the calculated or measured total 
pressure at the impeller outlet often does not tell much about the shape of the Q-
H-curve of the pump. The rise in total pressure provided by the impeller can rep-
resent a stable curve Htot,imp = f(Q) even if the Q-H-curve of the pump is quite un-
stable. Only if the curve Htot,imp = f(Q) of the impeller is unstable, will this also 
apply to the Q-H-curve of the pump. Investigations focusing only on the total 
pressure at the impeller outlet are therefore open to considerable doubt. 

8.8.3.2 Evaluation of industrial performance tests 

If only head and power measurements are available, the hydraulic efficiency of 
the tested pump can be estimated from Table 3.5, Eq. (T3.5.8) and compared to 
the CFD results. The theoretical head coefficient is given by ψth = ψ/ηh and 
Eq. (T3.2.8) yields an average tangential velocity c2u. All average velocity com-
ponents at the impeller outlet can be calculated from Table 3.2. The overall uncer-
tainty of the hydraulic efficiency can be determined from the individual errors ac-
cording to the law of error propagation. To this purpose, the following tolerances 
may be assumed typically: 

• mechanical losses        ± 20% 
• disk friction         ± 25% 
• annular seal leakage       ± 30% 
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• measuring tolerance of efficiency at coupling ± 1% 
• measuring tolerance of head     ± 0.5% 
• measuring tolerance of balance fluid   ± 2% 

The uncertainty of the hydraulic efficiency determined from Eq. (T3.5.8) in-
creases with falling specific speed, because disk friction, leakage losses and me-
chanical losses absorb a larger fraction of the power at the coupling. Depending 
on type and execution of the tested pump, the uncertainty of the hydraulic effi-
ciency amounts to typically ±3.5% at nq = 15; to about ±2.4% at nq = 20; and 
roughly to ±1.2% at nq > 40. The same uncertainties can be assumed for Hth 
and c2. 

The uncertainty of the leakage flow rates at the impeller and a possible balance 
device imply also an uncertainty as to the exact flow to be used in the CFD calcu-
lation, which always must be done with the total flow through the impeller rather 
than the useful flow through the discharge nozzle.  

If the static pressure at the impeller outlet has been measured, the losses in im-
peller and collector can be estimated according to Chap. 4.1.3. However, the un-
certainty of these estimates can be quite high depending on the position of the 
pressure tappings used and the variation of the static pressure around the impeller 
circumference (a measuring error of a few per cent may even lead to negative 
losses in impeller or collector). 

8.9 Criteria for assessment of numerical calculations 

8.9.1 General remarks 

The frequently observed tendency to uncritically believing in computer results in-
creases with the complexity of the program used and the amount of data produced. 
However, at the present state of the art of CFD applications in turbomachinery de-
sign, a critical analysis of CFD results is essential in preventing failure. Only from 
careful assessment of the calculations and from comparison with test data and ex-
perience is it possible to derive criteria and define strategies for the optimization 
of hydraulic components. The program user may consider the comparison of CFD 
with test data as her or his permanent task. In order to prevent conclusions from 
fortuitous results, such comparisons should be made in a statistically relevant 
number on a broad range of geometries and applications. 

3D-Navier-Stokes programs are primarily tools for analyzing an available de-
sign. Therefore, the first draft of a new design should be of a reasonable quality. If 
there are fundamental errors in the first draft, the CFD analysis may not be able to 
guide the program user to a satisfactory solution. Prior to the calculation a careful 
check of the grid should be performed according to the criteria given in 
Chap. 8.3.4. 

It is recommended to develop a set of consistent calculation rules optimized 
for, and applicable to, the actual tasks and the program used. This can be accom-
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plished by sensitivity studies and comparisons of CFD with test data. In this way 
the risk is reduced to jeopardize the comparability of the CFD results by undesired 
factors. Relevant parameters are: grid resolution, type of grid, distribution of 
nodes, boundary conditions, position of the control surface for averaging per-
formance data, turbulence parameters and wall treatment. If the (often minor) dif-
ferences between two calculations are used as the basis for component optimiza-
tion, it is mandatory to exclude such influences. 

8.9.2 Consistence and plausibility of the calculation 

Prior to a detailed assessment of a calculation or even geometry modifications, 
check the results for consistency and plausibility. The actual criteria for doing so 
may depend on the program used and the application, but some general hints can 
be given: 

• Did the calculation converge properly? Usually a non-converged solution 
should be discarded since continuity may be violated – thus falsifying the 
global performance parameters. 

• Is the mass flow rate conserved at the relevant control surfaces? 
• Are changes in angular momentum sufficiently close to zero in zones without 

energy transfer from the blades? 
• Are global performance parameters such as ψth or ηh,La, plausible? Their mag-

nitude can be predicted quite well from conventional performance estimations 
according to Chap. 3. 

• Are the average values of velocities and pressures plausible when compared to 
streamline performance prediction methods according to Chaps. 3 and 4?  

• Is the pre-swirl induced by the impeller excessive? 
• Backflow through the control surface at the outlet of the calculation domain? 

Even though such backflow may be prevented by a conical reduction of the 
flow area towards the outlet, the reasons for such anomalies should be investi-
gated.  

8.9.3 Will the specified performance be reached? 

For designing an impeller, the head is usually specified. Estimating the hydraulic 
efficiency from Chap. 3.9 the theoretical work Yth can be calculated. If this target 
is not reached in the CFD calculation, blade angles or the impeller outlet width 
can be modified until the impeller design is able to produce the specified head. If 
the calculated losses suggest that the estimated hydraulic efficiency may not be 
obtained, the target for Yth can be adapted accordingly. 
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8.9.4 Maximization of the hydraulic efficiency 

Minimizing the hydraulic losses in impeller and collector is one of the main goals 
of applying CFD. When developing appropriate criteria for assessing the losses 
predicted by CFD, it should be recognized that the hydraulic losses in many cases 
account for 7 to 15% of the power absorbed at the coupling. Possible improve-
ments are likely to be in the order of 1 to 3% of said power. The potential for im-
proving the impeller is only a fraction of this. If CFD is to capture efficiency im-
provements of typically below one per cent, extreme care and accuracy are 
required when performing and analyzing CFD calculations. 

Consider Eq. (8.1) for assessing the losses: Since the velocity magnitudes are 
given by continuity and the kinematics of the flow around the blades, losses fun-
damentally manifest themselves in a reduction of the static pressure. Furthermore, 
viscous losses due to skin friction in fully turbulent flow are small compared to 
the losses caused by turbulent exchange of momentum. Consequently, it should be 
expected that the losses depend strongly on the selected turbulence model and 
wall treatment and that the static pressure is falsified if the losses are not predicted 
correctly. Navier-Stokes calculations therefore often predict the theoretical head 
quite well, while the static pressure rise (and thus total head and losses) deviates 
much more from test data. 

In radial and semi-axial impellers a low-energy zone („wake“) forms in the 
front shroud suction side corner due to the curvature of the meridional section and 
the pressure distribution on the blades. The cm- and cu- or w-distribution as well as 
a graphic representation of the local loss coefficient analogous to Eq. (8.13) can 
reveal zones of high losses. The following criteria may be of help for optimizing 
an impeller design and assessing losses: 

1. Geometrical parameters and flow quantities should vary as smoothly as possi-
ble over the width and the length of the blades, [8.14]. Strong gradients cause 
secondary flows and additional losses. 

2. Velocity and pressure distributions along the blades are plotted for different 
streamlines (e.g. outer, mean and inner streamline). Either the static pressure or 
the “reduced pressure” pred = p - ½ρ×u2 is used for the purpose. The following 
criteria are relevant: 

• Sharp low-pressure peaks may be due to high incidence, unsuitable leading 
edge profiles or blade angle developments. 

• Local excess velocities, unnecessary acceleration or deceleration, high gradi-
ents induce additional losses. Such deficiencies should be removed by modi-
fying the blade development and/or the meridional section. 

• Well-known blade loading criteria such as “de Haller”, “Lieblein”, or similar 
should not be exceeded in order to reduce the risk of flow separation and ad-
ditional losses [8.14] – unless reliable tests with similar impellers are avail-
able which prove that higher blade loadings can be tolerated. 
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3. Additional losses are created by excessive secondary flows which can be visu-
alized by specific graphic programs. Appreciable pressure gradients perpen-
dicular to the main flow direction also indicate strong secondary flows and may 
be used for quantifying such effects, [8.23]. 

4. Non-uniformities in the velocity distribution which are generated at the impel-
ler inlet are reinforced within the impeller since the flow is turned and deceler-
ated. 

5. At a first glance, the c2m-distribution may appear as insignificant because c2m 
amounts to only a fraction of the velocity vector and the kinetic energy. How-
ever, the c2m-distribution is actually the most sensitive indicator for the risk of 
flow separation and recirculation, as discussed in Chap. 5 and confirmed by the 
c2m and c2u-distributions in Fig. 5.30. Also the low-energy zone (“wake”) is 
easier to recognize by a c2m-deficit than by considering the c2u-profile, because 
the flow deflection in the wake can be similar to the rest of the channel. Since 
the energy transfer is proportional to the product cm×cu, a deficit remains 
though. A non-uniform c2m-distribution usually implies a variation of the dis-
charge flow angle α2 and associated shock losses over the width of the channel. 
The impeller design should therefore aim at a uniform c2m-distribution. 

6. A uniform c2u or w2u-distribution is required in order to transfer the same en-
ergy on all streamlines. If this criterion is violated, the static pressure varies 
over the impeller width. Since high differences in static pressure cannot be 
maintained when the trailing edge is parallel to the rotor axis, secondary flow is 
enhanced and losses increase. Curved streamlines at the impeller outlet are an 
indication of secondary flows and should therefore be avoided by modifying 
the design. Conversely, secondary flow reduces the pressure differences be-
tween pressure and suction surface of the blade. Presumably there is an opti-
mum amount of secondary flow in an impeller, albeit no criteria are available 
for quantifying said amount. 

7. Flow separation generates losses, pressure pulsations and hydraulic excitation 
forces and should therefore be avoided at the design flow rate. 

8. Recirculation or strongly distorted velocity profiles at the impeller outlet 
should be avoided at the design flow rate; they may indicate that the impeller 
outlet width was selected too large and/or the curvature of the meridional sec-
tion is too strong. As a rule, flow recirculation at the impeller inlet at BEP 
should not be allowed either. 

9. Obviously friction losses on excessively large wetted surfaces are to be avoi-
ded; but the margin for optimization is quite small if the main parameters for 
the first design are selected properly based on previous tests and experience. 
The impact of friction losses in impellers is expected in general to be quite 
small: at low specific speed the losses in the diffuser or volute dominate, while 
mixing losses prevail at high nq due to the non-uniform velocity profiles. 

10. Compare calculated velocity and pressure distributions with those of tested 
impellers (examples with high and low efficiency, stable and unstable Q-H-
curves are equally revealing). 
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Even though the pressure rise in the diffuser or volute of a radial pump only 
amounts to about 25% of the total head, roughly 40 to 70% of the hydraulic losses 
are generated in the collector. As stressed above, the velocity distribution at the 
impeller outlet has a strong impact on these losses. This effect can be taken into 
account in the impeller design if the numerical procedure used allows a reliable 
calculation of the impeller discharge flow distribution. 

The design criteria given in the following for the diffuser can be applied to vo-
lutes as well – recognizing however that volutes are less sensitive than vaned dif-
fusers because of the larger cutwater distance and because incidence effects are 
weaker (only one or two cutwaters at a large gap B). 

1. Non-uniformity in the impeller outlet flow generates mixing losses in the col-
lector. The pressure recovery is impaired due to variations in local incidence 
(possibly inducing stall) and excess velocities inducing losses due to exchange 
of momentum, Chap. 5.3.3. 

2. Non-uniformities in the velocity and pressure distribution at the diffuser inlet 
are reinforced within the diffuser. They cannot equalize because the flow is de-
celerated and possibly turned: locally thick boundary layers at the inlet will 
grow excessively as the flow is further decelerated. 

3. The general criteria given above for the impeller are largely applicable to dif-
fusers too. 

8.9.5 Stability of the head-capacity curve 

As discussed extensively in Chap. 5.3, the pressure rise in a diffuser is accom-
plished at partload mainly in the triangular inlet section (this phenomenon was 
measured in radial pumps as well as in a semi-axial pump with nq = 160). It was 
further demonstrated that the inlet flow boundary conditions exert an essential in-
fluence on the pressure recovery. Both of these effects are crucially important for 
the head generated at partload and for the stability of the Q-H-curve. Since flow 
recirculation can occur in an unsuitable design even near the best efficiency point, 
the impeller discharge velocity profile must be analyzed over the whole operation 
range. In order to achieve a stable Q-H-curve, the velocity distribution at the im-
peller inlet (and within the impeller) must be “designed” so as to develop continu-
ously over the flow rate and, in particular, to avoid sudden switching of the flow 
patterns, Chap. 5.2. This task can be accomplished only by means of numerical 
flow calculations which have been validated as to predict reliably the flow distri-
butions in impellers. Velocity profiles which are favorable for achieving maxi-
mum efficiencies may not necessarily be best for the stability of the Q-H-curve. 
Stage calculations are needed for investigating the partload characteristics, but 
present methods need improvement and extensive validation. 
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8.9.6 Unsteady forces 

While the circumferentially (pitch-wise) averaged c2m and c2u-distribution has 
been found to be highly relevant for steady performance and in particular the sta-
bility of the Q-H-curve, the span-wise averaged distribution of the impeller outlet 
velocity vector determines the rotor/stator interaction, i.e. pressure pulsations, hy-
draulic excitation forces and noise, Fig. 10.1. Span-wise averaging allows a better 
judgment and quantification of these effects than just the presentation of the 3D 
velocity distribution, which is difficult to interpret. The span-wise averaged c2 
may be referred to the mean outlet velocity determined from conservation of an-
gular momentum; c2,max/c2,average can then be used as a measure for comparing dif-
ferent design options. 

In order to reduce hydraulic excitation forces at the source, the following de-
sign modifications may be tried (thereby keeping the design pressure coefficient 
constant); refer also to Chap. 10.11.3: 

• lower blade loading towards the impeller trailing edge 
• profiling of the impeller blade trailing edge on the pressure surface 
• blade twist (“rake”) 
• optimize relative impeller outlet width b2/d2 
• optimize shape of meridional impeller section 
• improve impeller approach flow conditions. 

In a first step the geometric modifications may be tried for the design point cal-
culating the impeller only. If the modifications appear to be successful, unsteady 
stage calculations over the entire operation range follow in a second step. 

8.10 Fundamental considerations on CFD-calculations 

As discussed above, numerical flow calculations pose a number of difficult ques-
tions which are not yet fully answered. Some fundamental issues are emphasized 
therefore in the summary below. 

In spite of the broad application of CFD programs, the development of methods 
is by no means completed. The deficiencies of the prediction of losses (problems 
of turbulence modeling, wall treatment and roughness) represent, at the present, 
the most severe restrictions since the correct loss prediction is a prerequisite of a 
true component optimization.  

There is not even consensus as to the methods which are optimum for the dif-
ferent applications. Apart from a wealth of publications which propagate the use 
of 3D-NS calculations, other contributions show that non-viscous programs − at 
least in the considered application − can yield similar results. This apparent con-
tradiction has physical reasons: 
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1. According to Chap. 1.4 pressure gradients are generated in flows on curved 
paths. The pressure increase in an impeller is thus primarily determined by ki-
nematic conditions (i.e. geometry). Friction effects are of secondary impor-
tance. 

2. As discussed in Chap. 5.2, the equilibrium of forces is largely determined by 
body forces (centrifugal and Coriolis forces). Again friction effects exert an 
indirect (rather moderate) impact in causing boundary layers and influencing 
secondary flow. 

3. Body forces and the kinematics of the flow over a blade are captured in the 
same way by non-viscous flow as by Navier-Stokes calculations. In all appli-
cations where these effects largely determine the flow behavior both methods 
(if applied correctly) will produce similar pressure distributions on the blades, 
global flow deflection and blade work Yth. 

4. The hydraulic impeller efficiencies at the design point are in the range of 
ηh,La = 0.97 ± 0.02 at nq = 10 and with an axial pump of nq = 250 in the range 
of ηh,La = 0.95 ± 0.02. Even a correct non-viscous impeller calculation is 
within a few per cent close to a correctly evaluated test. The same applies, of 
course, to a Navier-Stokes calculation − quite independently of the selected 
turbulence model and wall treatment (unless the calculation is affected by bla-
tant errors). 

5. Non-viscous methods are therefore a valid option for the design of an impeller 
according to the criteria “equilibrium of forces and pressure distribution”; es-
pecially since the hydraulic impeller efficiency can be estimated with accept-
able accuracy as per item 4 above. All the more so, if the first draft of the im-
peller is free from flow separation and serious shortcomings. 

6. Considering the dominance of body forces and blade kinematics as well as the 
level of the hydraulic impeller efficiencies, and considering the statistical dis-
tribution of the various numerical and modeling errors, it becomes clear why 
calculated CFD results and test data usually can be found within a band width 
of about ± 5% (possibly up to 10%), so that pertinent publications accordingly 
claim “good agreement”.  

7. While the flow through the impeller always follows a strongly curved flow 
path in the absolute system (even with radial blades as per Fig. 7.14), flow 
conditions are fundamentally different in the diffuser: body forces are absent 
and streamline curvature is low (or zero) in many cases. Two extremes may be 
distinguished in diffuser design: a) in straight diffusers or diffusers with low 
streamline curvature the flow is controlled mainly by boundary layer effects. 
Non-viscous methods are bound to fail. b) In strongly curved diffuser channels 
(such as used in semi-axial or axial pumps for turning the flow into axial di-
rection) the pressure distribution on the vanes is to a large extent given by ki-
nematic conditions (geometry). Non-viscous methods can therefore be consid-
ered for the design of the vanes – within the limitations discussed below. 

8. In principle, diffuser calculations without correctly specifying the inlet veloc-
ity distribution and without loss model are subject to severe restrictions which 
should be fully appreciated when using non-viscous programs. 
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9. By definition, hydraulic losses can be captured only by viscous programs. As 
discussed extensively above, loss predictions by Navier-Stokes programs are 
subject to considerable uncertainty. Therefore, Euler methods combined with a 
boundary layer model which makes use of the extensive boundary layer re-
search offer an alternative for diffuser design and analysis near BEP flow. 
These methods are also able to recognize flow separation. They may be used 
for diffusers with more than 30° flow turning (and impellers); they may not be 
used for diffusers with straight or slightly curved streamlines. 

10. The velocity distribution near walls, stall and secondary flow cannot be hand-
led by non-viscous methods. As discussed in Chap. 5, saddle-type instabilities 
of Q-H-curves are influenced by unstable velocity distributions. Non-viscous 
methods are therefore unsuitable for partload calculations and investigations 
into the stability of flow patterns. 

11. Since the pressure distribution on a blade, global flow deflection and specific 
work done by the blades are independent of the density, the above discussion 
applies equally to cavitation and 2-phase flow, as far as the methods rely in es-
sence on calculations of the pressure distribution and neglect the interaction 
between the phases. 
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Vortex structures forming in the diffuser of a semi-axial pump. Note the cross-channel vor-
tex near the throat area of the diffuser. Compare also to the cross-channel vortex shown in 
the impellers of axial pumps, Figs. 5.48 and 11.21. 
CFD calculation by Sulzer Pumps  

 



9 Hydraulic forces 

The pressure rise in the impeller generates hydraulic forces and moments which 
act on the rotor. In particular forces in axial and radial direction are significant for 
appropriate sizing of shaft and bearings. While the radial force is determined by 
the pressure distribution around the impeller circumference, the axial force is 
governed by the flow through the impeller sidewall gaps and the resulting pres-
sure distributions on the shrouds. 

Because of its high relevance in the determination of the axial forces acting on 
turbomachine rotors there is a wealth of publications dealing with the subject of 
flow through the impeller sidewall gaps. A comprehensive collection of relevant 
quotations can be found in [3.29]. 

9.1 Flow phenomena in the impeller sidewall gaps 

For reasons of mechanical design, axial clearances are required between the 
shrouds of a closed impeller and the casing (called “impeller sidewall gaps”). 
Width and shape of the resulting liquid-filled spaces between impeller and casing 
are essentially determined by aspects of the mechanical design. 

The fluid contained in the impeller sidewall gaps cannot be at rest when the 
impeller rotates: immediately at the shroud the fluid adheres to the solid wall and 
has thus the velocity cu = ω×r. A boundary layer is formed in which the tangential 
velocity drops with increasing distance from the shroud. The fluid also adheres to 
the casing wall where the velocity is zero cu = 0. The velocity increases in the cas-
ing wall boundary layer, Fig. 9.1. 

 With tight sidewall gaps or low Reynolds numbers both boundary layers are 
merged; with wide gaps they are separated and a core flow is formed. The flow in 
the impeller sidewall gap can be laminar or turbulent. In most applications with 
water pumping the flow is turbulent and the boundary layers are separated as de-
picted in Fig. 9.1; only this case is treated in the following. 

The centrifugal forces in the rotating boundary layer generate a fluid transport 
radially outwards. Thus the shroud acts in a similar way as a friction pump 
(Chap. 3.10.3). For reasons of continuity, fluid flows back radially inwards along 
the casing wall. In the meridional section a circulating flow is thus established in 
the impeller sidewall gaps. Figure 9.1 shows the corresponding velocity distribu-
tions in radial and circumferential direction. Usually the radial velocities are much 
smaller than the circumferential components prevailing in the core flow. 
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Fig. 9.1. Velocity distribution in the impeller sidewall gaps 
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Fig. 9.2. Definitions 

Due to seal leakages, a net flow through the impeller sidewall gap can be su-
perimposed on the circulating flow induced by the impeller rotation. Such a leak-
age is virtually always present on the front shroud; it flows along the casing wall 
radially inwards from the outer radius to the seal ring. This leakage carries the 
angular momentum ρ×Qsp×c2u,FS×r2 into the impeller sidewall gap and thus en-
hances the fluid rotation (c2u,FS is the local tangential velocity near the front 
shroud at the impeller outlet). If no friction were present, the leakage would con-
serve its angular momentum cu×r = constant when flowing radially inwards. In 
viscous flow the rotation is smaller, but it will still grow when flowing inwards if 
c2u,FS/u2 > 0.5. 
On the rear shroud three cases must be distinguished:  

1. If the pump is designed with an annular seal and balance holes (Fig. 2.1 and 
Fig. 9.12 in Table 9.1), flow conditions are very similar as on the front shroud. 
The same is true for the last stage of multistage pumps with central axial thrust 
balancing (Fig. 9.15).  

2. In pumps without balance holes (Fig. 9.3) the shaft seal prevents any net flow 
through the impeller sidewall gap; only the circulating flow described above is 
present on the rear shroud. 

3. In multistage pumps with a central axial force balance device, a leakage Qs3 
flows through the inter-stage seal. It runs through gap E along the rear shroud 
radially outwards from the seal ring to the diffuser inlet, Fig. 9.1. This leakage 
carries only little angular momentum into the sidewall gap. The leakage flow 
rate is accelerated in tangential direction by the shear stresses on the rotating 
shroud. Interstage seal leakage therefore slows down the fluid rotation in gap E. 
The leakage flow rate establishes itself in a way that the pressure decay in the 
impeller sidewall gap plus the pressure difference across the interstage seal 
equals the pressure recovery in the diffuser, fulfilling Eqs. (T3.7.4 and 3.7.6). 
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Fig. 9.4. Influence of the velocity distribution at 
the impeller outlet on the boundary condition to 
the impeller sidewall gap 

Depending on the design, the main flow at the impeller outlet and the flow in 
the impeller sidewall gap are more or less coupled. If gap A (Fig. 9.1) is tight and 
the overlap xov is large, both flows are largely decoupled. This is particularly true 
for radially outward leakage flow. If the leakage is radially inwards, some angular 
momentum is carried into the sidewall gap (as given by c2u,FS), even if gap A is 
relatively small; the rotation of the fluid is thus enhanced. The tangential velocity 
changes in magnitude from kE to kz due to shear stresses on the stationary diffuser 
sidewall and the rotating shroud, Fig. 9.1. These friction effects can be estimated 
by means of Eq. (T9.1.17); the relevant length is xov. 

In volute pumps the leakage flow is fed from the boundary layer flow on the 
volute casing wall, Fig. 9.3. The circumferential velocity components are there-
fore smaller than in diffusers. During partload recirculation in the collector, the 
circumferential velocity components are much reduced or close to zero. Any re-
circulating fluid entering the impeller sidewall gaps will slow down the rotation 
(Chap. 5.4.3). Figure 9.4 illustrates the impact of the velocity distribution at the 
impeller outlet on the inlet boundary condition kE = c2u,local/u2 for the flow through 
the impeller sidewall gap.  

If the impeller sidewall gaps are largely open to the main flow (large gap A, or 
volutes as shown in Fig. 9.3), the flow in the impeller sidewall gap is intensely 
coupled to the main flow by exchange of momentum which accelerates or retards 
the fluid rotation − depending on the magnitude of c2u,FS/u2. 

The tangential velocity cu results from a balance of all moments acting on the 
fluid contained in the impeller sidewall gap. These moments and their influence 
parameters are listed below: 

• Fluid friction (shear stresses) on the rotating shroud acts as a driving moment; 
the friction effects fall with rising Reynolds number but increase with the 
roughness. 

• Fluid friction (shear stresses) on the casing wall generates a retarding moment, 
which increases with the size of the wetted casing surface adjacent to the im-
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peller sidewall gap. Again, the shear stresses fall with increasing Reynolds 
number and rise with the surface roughness. 

• Turbulent dissipation in the impeller sidewall gap retards fluid rotation. Dissi-
pation increases with enlarged gap width or the fluid volume set into motion. 

• The exchange of momentum grows with increasing difference between the ve-
locities in the main flow and the flow in the sidewall gap. During partload re-
circulation, the velocity gradients attain a maximum since the fluid recirculat-
ing from the collector has a low tangential velocity. As mentioned above, the 
exchange of momentum can be minimized by a design with a tight gap A and a 
generous overlap xov. 

• Depending on magnitude, radial direction and inlet swirl c2u,FS/u2 of the leakage 
flowing through the impeller sidewall gap, fluid rotation is either accelerated or 
slowed down. If the leakage is directed radially inwards, the inlet swirl c2u,FS/u2 
depends on the flow rate (q*), the impeller design (outlet velocity profile) and 
the type of collector. 

The “disk friction loss” is also a result of this balance of moments; it is thus no 
universal quantity – not even for a given pump, since it depends on the leakage 
and on c2u (hence on q*). An exact analytical calculation of the fluid rotation from 
the balance of moments is not possible for the general case of an impeller sidewall 
gap with net through-flow. When numerical procedures are used, the sidewall 
gap, the impeller and the collector must be modeled in a coupled calculation in 
order to capture correctly the inlet boundary conditions to the sidewall gap. This is 
particularly true for partload recirculation and for volutes, Fig. 9.3. In practice 
empirical coefficients and procedures are employed which describe the core flow 
by rotation factors k. Equation (9.1) defines k as the ratio of the tangential fluid 
velocity cu = β×r to the circumferential velocity u = ω×r (β is the angular velocity 
of the fluids in the core flow): 

ω
β==

u
ck u  (9.1) 

With net flow through the impeller sidewall gap, k(r) is a function of the radius. 
When there is no net through-flow, a constant value of ko is applied, which can be 
calculated from Eq. (T9.1.3). This is a simplified version of Eq. (9.1a) derived in 
[9.1]. The flow with ko = constant corresponds to a forced vortex (or a “solid-
body rotation”) with a constant angular velocity β of the fluid, Eq. (1.27). 
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In Eq. (9.1a) R is the inclination angle of the impeller side wall, w is the in-
clination angle of the casing wall (Fig. 9.1) and ri is the inner radius of the surface 
(e.g. r1, rsp or rn).  

According to Fig. 9.1 the turbulent core flow is subject neither to circumferen-
tial nor radial velocity gradients; the core flow is thus free of shear stresses. The 
radial velocity in the core flow is zero (cr = 0), even when a leakage flows through 
the sidewall gap. If the leakage is directed radially inwards, the radial velocity cr 
on the casing is higher than on the shroud. In contrast, if the leakage is directed 
radially outwards, the radial velocity cr on the rotating shroud is greater than on 
the casing wall. 

If the leakage is directed radially inwards, the tangential velocity in the core 
flow increases with the inlet swirl Qsp×c2u so that k > 0.5 is often observed. In con-
trast, if the leakage is directed radially outwards, the tangential velocity in the core 
flow decreases with growing Qs3 resulting in k < 0.5. These features, which are 
qualitatively depicted in Fig. 9.1, were also found in numerical flow calculations, 
e.g. in [9.19]. The axial sidewall clearance sax and the Reynolds number have vir-
tually no influence on the core flow. For this reason, correlations using a Rey-
nolds number calculated with sax (rather than r2) are of little relevance. Only the 
ratio of the casing roughness to the shroud roughness – not their absolute size – 
has an impact on the core flow. This is also demonstrated by Eq. (T9.1.3).  

Spiral flow patterns are observed in the boundary layer on a rotating disk. The 
flow angles on the disk depend on the local Reynolds number. They attain about 
40° to 45° at Re < 2×105; above this limit they drop continuously to about 
10° to 15° at Re  107, [3.29]. An attempt to establish a unique relation between 
the flow angle and the rotation in the core flow failed, [3.29]. 

If, as in Fig. 9.3, a cylindrical casing wall is missing, rw = r2 and tax = 0 must be 
set in Eq. (T9.1.3). An inspection of Eq. (T9.1.3) reveals that ko can attain (with 
cf,w = cf,R) a maximum value ko = 0.5 which was frequently assumed as a first ap-
proximation. The rotation factor ko diminishes if the length of the cylindrical por-
tion tax is increased. If the friction coefficient (or roughness) on the casing (cf,w) 
exceeds the friction on the shroud (cf,R), the rotation factor ko drops. 

As mentioned above, k depends on the radius if there is a net flow through the 
impeller sidewall gap. Since direct measurements of the velocities are quite in-
volved, the rotation factor k  has often been derived as an average between two 
pressure tappings applied in the sidewall gap. To this end Eq. (1.26) is integrated 
with c = β×r = k×ω×r yielding the pressure distribution for k  = constant: 

−ρ−=
2
2

222
22

r
r1k  u 

2
pp  (9.2) 

Based on Eq. (9.2), the average rotation factor between the radii r and r2 can be 
calculated from the measured pressure difference Δp = p - p2  according to 
Eq. (T9.1.8). An average rotation factor determined in this manner predicts the 
expected pressure decay in the impeller sidewall gap, but it does not yield the cor-
rect axial force acting on the shroud which results from the integration of the pres-
sure distribution (refer to Chap. 9.2.1). 



512      9 Hydraulic forces 

The dimensionless coefficient cp used in the following describes the pressure 
decay in the impeller sidewall gap against the static pressure p2 at the impeller 
outlet; cp is defined by Eq. (T9.1.5) (note the negative sign). 

The average rotation factors k have been determined from measuring the pres-
sure difference between the impeller outlet and the inlet to the annular seals in 
multistage pumps, [5.26]. The results are plotted in Fig. 9.5 against the flow rate 
ratio q*. Due to the leakage flowing radially inwards the average rotation factors 
on the front shroud are in the range of k  = 0.55 to 0.72 for diffuser pumps. On 
the rear shroud the rotation is slowed down due to the leakage flowing radially 
outwards; consequently we only find k  = 0.4 to 0.45. When the leakage is flow-
ing radially inwards, the rotation in volute casings is significantly lower than in 
diffuser pumps, because the swirl at the inlet to the sidewall gap is lower, as has 
been explained above with reference to Fig. 9.3.  

When reducing the flow rate, the rotation initially increases because c2u rises. 
Below q* < 0.5, the rotation factor decreases slightly due to recirculation at the 
impeller outlet. Rotation factors down to k = 0.2 were measured when extensive 
recirculation was present. The tests in Fig. 5.30 demonstrate the strong impact of 
the main flow (in terms of c2u) on the rotation factor, [5.15], [B.20]. 

Based on specific tests, numerous methods have been proposed for calculating 
disk friction and fluid rotation in impeller sidewall gaps. A comparison of various 
methods has been published in [9.3]; it identifies considerable uncertainties and 
deficiencies in the analyzed calculation procedures which are due to the close in-
teraction of disk friction, rotation and roughness effects. Former methods were 
unable to cover these phenomena by a common concept.  

The new calculation procedure presented in Table 9.1 allows to determine (as a 
function of the radius) the disk friction, the rotation factor and the axial force on 
the shroud, even with excessive leakage flowing through the impeller sidewall 
gap. The step-wise procedure takes into account the effects of the absolute rough- 
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Fig. 9.5. Fluid rotation in the impeller sidewall gaps [5.26]. Curve D from tests with multi-
stage diffuser pumps [9.5] 
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ness as well as the difference in the roughness of the rotating shroud and the sta-
tionary casing. The procedure is simple and easy to program; it predicts the pub-
lished test results (e.g. of [9.6]) on average with the least amount of scatter, [3.30]. 
The inherent uncertainties reside in the definition of the boundary condition kE at 
the entry to the impeller sidewall gap and in the roughness.  

A simple formula for estimating the average rotation factor has been derived 
from the data in Figs. 9.8 and 9.10; it is given as Eq. (T9.1.4) in Table 9.11. If the 
leakage flows radially inwards, Qsp is positive, but if the leakage is directed ra-
dially outwards Qsp is negative. 

The calculation procedure in Table 9.1 comprises the following steps2: 

1. After calculating the leakage flow rate through the impeller sidewall gap ac-
cording to Table 3.7, the flow coefficient ϕsp and the Reynolds number are de-
termined from Eq. (T9.1.1). 

2. The rotation factor ko for ϕsp = 0 results from the geometric dimensions, 
Eq. (T9.1.3). 

3. With leakage Qsp > 0, the rotation factor k(x) is calculated step-wise from 
Eqs. (T9.1.9; 9.1.10); x = r/r2 is the radius ratio. Depending on the direction of 
the leakage through the impeller sidewall gap two cases are to be distinguished: 
A. When the leakage is directed radially inwards, the calculation follows the 
flow direction from outside to inside, because the tangential velocity c2u (or its 
local value near the shroud) is needed as boundary condition at the entry to the 
impeller sidewall gap. The leakage flow (ϕsp) is counted as positive. 
B. When the leakage is directed radially outwards, the calculation follows 
the flow direction from inside to outside, because the tangential velocity cu(rs3) 
is needed as boundary condition at the entry to the impeller sidewall gap. The 
leakage flow (ϕsp) is counted as negative. At this stage, only k(x) from inside to 
outside has to be calculated. 

4. As discussed above the tangential velocity cu,E at the entry to the impeller side-
wall gap has a strong impact on fluid rotation. An appropriate choice of 
kE = cu,E/u2 is therefore important: 
A. When the leakage flow is directed radially inwards, two cases must be di-
stinguished: (1) If the impeller sidewall gap is open towards the casing (similar 
to Fig. 9.3) usually kE(x=1) = c2u/u2 may be assumed unless it is intended to esti-
mate the effect of recirculation (or the impact of the local velocity distribution 
at the impeller outlet) on the axial force. (2) There is a defined gap A with an 
overlap xov according to Fig. 9.1. This situation is often found in diffuser 
pumps (which indeed should be designed that way). The tangential velocity at 
the outlet of gap A is kz. This value should be used as boundary condition for 
the step-wise calculation of the flow through the impeller sidewall gap. The 

                                                           
1 A graph in [3.15] yields values similar to those calculated from Eq. (T9.1.4). 
2 The calculation of the fluid rotation according to Table 9.1 is based originally on [9.4], 

but there are a number of improvements covering the calculation of disk friction losses, 
roughness effects, handling of gap A, simplifications and convergence. 
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larger the overlap xov and the smaller the width of gap A (Fig. 9.1), the more 
the tangential velocity at the outlet of gap A approaches the asymptotic value 
of cu = ½u2. The fluid rotation in gap A is accelerated by shear stresses on the 
rotating impeller shroud and slowed down by friction on the opposite cylindri-
cal part of the casing. Any difference between the tangential velocity c2u of the 
main flow and the fluid rotation in the impeller sidewall gap gives rise to an 
exchange of momentum by turbulent shear stresses which can be described by 
the eddy viscosity ετ. The change in the tangential velocity due to gap A can be 
calculated from the balance of moments generated by friction and the effect of 
the eddy viscosity in a step-wise procedure using Eq. (T9.1.17). The eddy vis-
cosity is difficult to capture; a value of ετ = 0.01 m2/s can be derived from 
[9.18], which may be used in the absence of more precise data. Equation 
(T9.1.17) covers only the effect of gap A. The cylindrical part of the casing tax 
has not been included in this calculation, since it is taken into account by 
Eq. (T9.1.3) which captures the effect of the friction on the surfaces 2π×rw×tax 
and π(rw

2 – r2
2) on ko. 

B. Any leakage directed radially outwards exits from the inter-stage seal into 
gap E. The inlet swirl to this seal roughly corresponds to c1u (according to α6). 
The tangential velocity at the seal outlet can be calculated from Eq. (3.11a). 
Numerical flow calculations reported in [9.19] yielded results similar to 
Eq. (3.11a). 

5. The pressure decay cp(x) in the impeller sidewall gap is obtained for every cal-
culation step from Eq. (T9.1.11), while Eq. (T9.1.12) yields the axial force re-
duction cA(x), introduced in Chap. 9.2 that is caused by the rotation. This cal-
culation is carried out proceeding always from outside to inside (even when the 
leakage flow is directed radially outwards), i.e. the calculation starts at x = 1, 
where cp = cA = 0 is known as initial condition.  

Equation (T9.1.9) has been derived from the balance of moments acting on a 
fluid element in the impeller sidewall gap. The term 2k/x represents the non-
viscous flow according to the conservation of angular momentum r×cu = constant. 
The first term on the right side of the equation empirically describes the effect of 
friction: if k < ko, shear stresses on the rotating shroud enhance the fluid rotation; 
in contrast, shear stresses on the casing slow down the rotation if k > ko. If the 
leakage flow is very high, the friction term of Eq. (T9.1.9) becomes small com-
pared to 2k/x. Thus the formula yields the physically correct answer if Qsp or Reu 
tend to infinity. If the leakage flow becomes very small, the rotation factor k tends 
to ko while dk/dx tends towards zero. Under this condition Eq. (T9.1.9) is unde-
termined. Very high gradients dk/dx result in the case of kE > ko; the solution be-
comes numerically unstable. Equation (T9.1.9) should therefore be applied only 
above ⏐ϕsp×Reu

0.2⏐> 0.002; below this limit set k = ko. 
The calculation is quite sensitive to the value used for ko which depends among 

other parameters on the ratio of the roughnesses of shroud and casing. The rota-
tion in the impeller sidewall gap strongly depends on boundary conditions at the 
entry to the gap: if leakage flow Qsp and tangential velocity cu at the entry are not 
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captured correctly, neither the calculation according to Table 9.1 nor numerical 
flow calculations can yield reliable results. 

Figure 9.6 shows a comparison between test results from [5.31] performed to 
determine the influence of the leakage on the fluid rotation and calculations ac-
cording to Eq. (T9.1.9). The local rotation factor k is plotted against the radius ra-
tio x. One can see that the local tangential velocity in the impeller sidewall gap 
may exceed the circumferential speed ω×r of the impeller, if the leakage is high 
and the radius ratio low. This implies that the local disk friction loss becomes 
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Fig. 9.6. Fluid rotation in impeller sidewall gaps. Comparison of calculation according to 
Table 9.1 with measurements from [5.31]. C =calculation, M = measurement 

“negative” at k > 1. This means that the fluid “drives the impeller” as it does in a 
friction turbine. The radius where cu = ω×r (i.e. k = 1.0) is reached can be esti-
mated from data given in [3.29] from the correlation: 

44.0
sp

2

)1k( 9
r

r
ϕ==              with  ϕsp from Eq. (T9.1.1) (9.2a) 

Equation (9.2a) yields similar radius ratios as read from Fig. 9.6 for k = 1.0.  
The large influence of the leakage flow ϕsp through the impeller sidewall gap 

and of the inlet swirl kE is demonstrated by Figs. 9.7 to 9.10. These graphs were 
calculated according to Table 9.1 (2) with ko = 0.45, d2 = 400 mm, n = 3000 rpm, 
roughness εR = εw = 4 μm, sax/r2 = 0.065 and ν = 10-6 m2/s. 

 Figures 9.7 to 9.10 show: 

Flow radially inwards:  

• kE > ko: If the leakage flow enters the impeller sidewall gap with a high tan-
gential velocity, fluid rotation is accelerated and disk friction losses diminish  
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Fig. 9.8. Influence of leakage and inlet swirl on the rotation in the impeller sidewall gaps; 
average rotation factor without leakage ko = 0.45 
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Fig. 9.9. Influence of leakage and seal diameter on disk friction losses, kE = c2u/u2 = 0.5 
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with growing leakage flow rate, Fig. 9.7. As demonstrated by the calculation 
and the tests in [5.31], the disk friction loss can drop to a fraction of its value 
without net through-flow if leakage and inlet swirl are high. If the annular seal 
clearances are executed according to Eq. (3.12), the seal flow coefficient ϕsp is 
in the order of 5×10-4. In this case the differences in disk friction calculated 
with and without net through-flow remain below 25%. If annular seal clear-
ances double due to wear during service, the seal flow coefficient attains the 
level of about ϕsp  15×10-4. 

• kE < ko: However, if the leakage flow enters the impeller sidewall gap with a 
low tangential velocity, fluid rotation is slowed down and disk friction losses 
increase with growing leakage flow rate, because the entering fluid mass must 
be accelerated to that tangential velocity which corresponds to ko. Such can be 
the case during partload recirculation, as indicated in Fig. 9.7 and confirmed by 
tests in [5.31]. The tests reported in [3.17] and [9.4] were executed on rotating 
bodies at kE < ko; that is why the disk friction slightly increased with rising 
flow through the impeller sidewall gap − quite contrary to pumps, [3.30]. 

Flow radially outwards:  

• If the leakage flows radially outwards through the impeller sidewall gap, disk 
friction losses always rise with increasing leakage. If the leakage is high 
(enlarged annular seal clearances), the increase in disk friction is significant. In 
multistage pumps according to Fig. 9.1, however, the effects of the leakage on 
disk friction largely compensate on the front and rear shroud if seal clearances 
are enlarged at the impeller inlet and at the interstage seal. (As discussed below 
the effects of increased leakage add with respect to the axial force!) Since the 
leakage flow enters the impeller sidewall gap at a small radius, the impact of 
the inlet swirl kE is much weaker than with radially inward flow. 

Figure 9.8 shows the influence of ϕsp and kE on the fluid rotation in the impel-
ler sidewall gap, where kcp represents that average of k which yields the correct 
pressure decay according to Eq. (T.9.1.5). As demonstrated by this graph again, 
the calculations of the flow in the impeller sidewall gap can (in the general case) 
promise reliable results only if leakage flow rate and inlet swirl kE are specified 
correctly. 

The factors fL and kcp/ko represented in Figs. 9.7 and 9.8 depend on the ratio of 
the annular seal diameter to the impeller outer diameter: dsp* = dsp/d2. These fac-
tors become 1.00 at dsp* = 1.0. The influence of the diameter ratio dsp* is shown in 
Figs. 9.9 and 9.10 which were calculated for kE = 0.5 (corresponding to ψth = 1.0). 

The impeller sidewall gap flow and the disk friction losses as well as axial 
forces are functions according to (k, PRR, Fax) = f(kE, ϕsp, dsp*, Re, εR, εw), which 
cannot be represented by simple analytical formulae. It should be noted that kE has 
to be determined from the local circumferential velocity component at the entry to 
the impeller sidewall gap; kE = c2u/u2 = ½ ψ/ηh is only an estimation which fails 
completely at partload recirculation. The calculation according to Table 9.1 (2) 
gives a good approximation. When using CFD, setting the correct boundary con-
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ditions (in particular kE) is critical. Figures 9.7 to 9.10 allow a good qualitative 
and quantitative assessment of how important these effects might be in a particu-
lar application. 

Because of the close interaction between the main flow at the impeller outlet 
and the fluid in the impeller sidewall gap, it is difficult to measure the true disk 
friction losses in a pump. In an attempt to capture the effect of the volute on disk 
friction losses, certain tests were performed with disks or bodies rotating in a vo-
lute casing. Such tests are doomed to failure because the boundary layers thrown 
off the rotating disk are strongly slowed down at the large wetted casing surface. 
Thus the fluid enters the impeller sidewall gap with a very low tangential velocity 
(low kE), Fig. 9.3. As a consequence, the disk friction losses measured exceeded 
those determined in tight casings by roughly 40 to 70%. In the tested volute cas-
ings the ratio rw/r2 was about 1.3 to 1.4; using these data, Eqs. (T9.1.3 and 9.1.15) 
yield indeed friction coefficients of the magnitudes measured. Applying the meas-
ured data to the loss analysis of pumps would however be a mistake, because the 
flow conditions in the volute, when operating with an impeller, are completely 
different due to the high tangential velocity (high kE).  

Tests in [3.23] used a rotating disk in a volute casing, whereby the interaction 
between the flows in the impeller sidewall gaps and the volute could be partly de-
coupled by a cylindrical cover. The stronger the decoupling, the lower were the 
measured disk friction losses, which finding confirms the statements made above. 

Other investigators used stationary vanes to induce a pre-rotation at the entry to 
the sidewall gaps of their rotating disk test rig. These attempts failed because it is 
very difficult to induce in that way a swirl of the magnitude prevailing at the im-
peller outlet of a real pump. As a consequence, the measured disk friction coeffi-
cients exceeded those to be used for pump operation by 50 to 80%, [3.17]. Only 
the test rigs used in [5.31] and [9.23], where the disk and the impeller are driven 
by independent motors are really representative for the flow conditions in pumps 
and appropriate for measuring the true power absorbed by disk friction. 

Guidelines for the design of the impeller sidewall gaps: 

1. Axial clearance: sax/d2 = 0.015 to 0.04. The absolute minimum is given by the 
mechanical design. Note that small axial clearances reduce the structural impel-
ler eigen frequencies and risk to increase fluid-structure interactions, 
Chap. 10.7.3. 

2. Avoid excessive fluid volumes in the impeller sidewall gaps in order to prevent 
unnecessarily high disk friction losses due to turbulent dissipation. In high-
energy pumps large fluid volumes in the impeller sidewall gaps are particularly 
harmful if gap A is large and the overlap is small, Chap. 10.7.3. 

3. Avoid ribs on, or complex contours of, the casing wall which would slow down 
fluid rotation, increase disk friction and reduce efficiency. 

4. Volute pumps: If the impeller sidewall gaps are open to the volute, the casing 
should be shaped in a way that low-velocity fluid flowing from the volute into 
the impeller sidewall gaps does not interfere with the pumping action of the 
shrouds. The boundary layer fluid thrown off the shrouds must be allowed to 
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transfer its energy to the main flow (see Chap. 3.10.3 for test data). The effi-
ciency is not impaired by this type of design, refer also to Fig. 9.3. 

5. Wide impeller sidewall gaps open to the volute may not be acceptable in high-
energy pumps because recirculating fluid can modify the axial force and excite 
vibrations. In this case the casing can be designed to incorporate a sufficiently 
tight gap A with an adequate overlap as stipulated under item 6 below, [10.66]. 
However, gap A is usually not controlled in volute pumps. With a small gap A 
head and efficiency may slightly suffer at BEP since the pumping action of the 
shrouds is more likely to be dissipated in the impeller sidewall clearances.  

6. In diffuser pumps, the flow in the sidewall gaps should be effectively decoup-
led from the main flow in order to avoid drastic flow pattern changes in the im-
peller sidewall gap due to partload recirculation (axial force excursions), 
[5.15], [B.20]. Gap A between the impeller shrouds and the diffuser side plates 
(or the casing) should be selected in the range of: A/r2 = 0.007 to 0.01 with an 
overlap of xov/A = 2 to 4 (Fig. 9.1). 

Fluid rotation in the impeller sidewall gaps can be increased by auxiliary vanes on 
the shrouds; details are given in Chap. 9.2.7. 

9.2 Axial forces 

9.2.1 General procedure for calculating axial forces 

For sizing the axial bearing and a possible device for balancing the axial thrust it 
is necessary to know the axial force acting on the pump rotor. The resultant force 
comprises as per Fig. 9.11: the forces FRS and FFS caused by the pressure distribu-
tions acting on the impeller shrouds, the momentum FI, unbalanced axial forces Fw 
acting on the shaft and the rotor weight in the case of vertical pumps.  

As a boundary condition for calculating the pressure distribution, the static 
pressure p2 at the impeller outlet is required. It is calculated from the static pres-
sure rise generated by the impeller, which is given by Eq. (T9.2.1) for zero pre-
swirl, Table 3.7(1). For the calculation of the axial forces acting on the shrouds, 
only pressure differences above the impeller inlet pressure p1 are needed. The 
pressure at the impeller outlet can also be estimated from Eq. (T9.2.2) without the 
need to calculate the velocities used in Eq. (T9.2.1). Simplifying Eq. (T9.2.2) we 
may set ηh,La/ηh = 1 taking into consideration that the pressure rise at the impeller 
outlet is under-predicted by a few per cent. 

The axial forces acting on the shrouds result from the integral F = 2π×  p×r×dr 
over the pressure distribution given by Eq. (9.2). The integration is done from rsp 
or rD to r2; in the general case it is performed separately for rear and front shroud. 
There are two options to do this: 
A. An average is used for the rotation factor which can be derived from 
Eq. (T9.1.3 and 9.1.4) or read from Fig. 9.5. The force acting on one shroud is:  
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Fig. 9.11. Pressure distribution and axial forces on an impeller of a single-stage pump 
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Set x = xsp = dsp/d2 for the front shroud and x = xD = dD/d2 for the rear shroud. The 
calculation with an average rotation factor is appropriate if the leakage is small or 
zero. 
B. If it is sought to determine the influence of the leakage, Eq. (T9.1.9) is evalu-
ated in a first step as described above. Subsequently, the axial force reduction co-
efficient cA is calculated according to Table 9.1. This coefficient captures the re-
duction ΔF of the axial force caused by the rotation of the fluid as compared to the 
case with p = p2 = constant (equivalent to k = 0). The reduction is referred to a 
force FRef which corresponds to a pressure distribution calculated with k = 1 and 
acting on a surface of π×r2

2. The coefficient cA is thus defined by: 
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By means of coefficient cA the force acting on one shroud becomes: 

( ) ρ−Δ−π= A
2
2La

22
2 c u 

4
p x1r F  (9.5) 

It is possible to determine from cA an average rotation factor Ak  which gives ex-
actly the same axial force as Eq. (9.5) when inserted into Eq. (9.3). Ak  can be 
calculated from Eq. (T9.1.8a).  

In view of the uncertainties involved and the margins taken on the capacity of 
the axial bearing, the calculation with average rotation factors according to 
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Eq. (9.3) may be considered adequate in many applications. If the impact of the 
leakage and/or worn annular seal clearances is investigated, the calculation has to 
be performed according to Eq. (T9.1.9) and option B above. 

The net axial force acting on the impeller is given by the difference between 
the forces acting on rear and front shrouds FHY = FRS - FFS; in the general case 
with kRS ≠ kFS it is calculated from Eq. (T9.2.8). If the rotation factors on front 
and rear shrouds can be assumed to be equal, the simplified Eq. (T9.2.7) may be 
used. 

In principle the averages of kA resulting form Eq. (T9.1.8a) should be inserted 
into Eqs. (T9.2.3, 9.2.7 and 9.2.8). If the forces are calculated using average rota-
tion factors k  from Eq. (T9.1.8) rather than Ak  from Eq. (T9.1.8a), the axial for-
ce is slightly over-predicted and the calculation is conservative. 

 According to the conservation of momentum (Chap. 1.2.3) an axial force 
FI = ρ×Q(c1m - c2m×cos ε2) is acting on the impeller; ε2 is the angle between the 
mean streamline at the impeller outlet and the rotor axis (hence ε2 = 90° with ra-
dial impellers), Fig. 9.12. 

Unbalanced axial forces Fw acting on the shaft have to be analyzed separately 
for each type of pump. In single-stage pumps with overhung impellers according 
to Fig. 9.11 it is: Fw = ¼πdD

2(pamb - p1). 
The axial thrust acting on the rotor is the resultant of all forces discussed abo-

ve: Fax = FHY - FI + Fw + Fcoupl. In the case of multistage pumps the forces must be 
determined for all stages and summed up to get the net axial force on the rotor. If 
the coupling selected is able to transmit axial forces, the coupling thrust Fcoupl 
must be taken into account. A force acting towards the suction side is counted 
positive. If the suction pressure exceeds the atmospheric pressure, the force com-
ponent Fw is negative; it unloads the bearings in single-stage pumps with over-
hung impellers. 

The above discussion applies to closed radial and semi-axial impellers. The 
static pressure rise created by a semi-axial impeller will not be identical on the 
outer and inner streamline. If such is the case, Eqs. (T9.2.3 and 9.2.4) must be 
evaluated separately: for the rear shroud use ΔpLa,RS and kRS while ΔpLa,FS and kFS 
apply to the front shroud. 

The calculation of the axial forces is subject to uncertainties because the fol-
lowing quantities cannot be determined accurately: a) the inlet swirl kE to the im-
peller sidewall gap (this is the main uncertainty since the velocity distribution at 
the impeller outlet is not known; the impact of partload recirculation is very 
strong); b) impeller losses and consequently p2; c) the rotation factors kRS and kFS 
and the magnitude of the leakages; d) possible differences between p2,RS and p2,FS 
(in particular at partload) in the case of radial impellers of high specific speeds 
and semi-axial pumps; e) geometric tolerances such as annular seal clearances, ax-
ial rotor position and casting tolerances of the impeller. Because of these uncer-
tainties, safety margins on the capacity of the axial bearing are indicated. In order 
to define appropriate margins, the formulae given in Tables 9.1 and 9.2 may be 
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used for a sensitivity study investigating the impact of various assumptions and 
parameters (e.g. annular seal clearances) on the calculated axial thrust. 

In view of the uncertainties of the various assumptions, simple formulae are al-
ternatively in use for providing a rough estimate of the axial thrust, for closed ra-
dial and semi-axial impellers for example Eq. (T9.2.12). The use of such formulae 
may be justified if the axial bearing is bound to be oversized for reasons of me-
chanical design or if specific experience is available proving that the capacity of 
the axial bearings selected that way is adequate.  

9.2.2 Single-stage pumps with single-entry overhung impellers 

If special devices for reducing the axial thrust are not provided (as shown in 
Fig. 9.11), the calculations follow chap. 9.2.1. While the effect of the momentum 
FI is usually small, magnitude and direction (sign) of the unbalanced axial forces 
acting on the shaft Fw can cause problems in special cases. If inlet or system pres-
sures are high (as in boiler circulation pumps, for example) the direction of the ax-
ial thrust is reversed and acts towards the pressure side; this needs to be taken into 
account when selecting the bearing. 

In applications with uncontaminated liquids, the pumps are frequently designed 
with balance holes and an annular seal on the rear shroud according to Fig. 9.12 
(in Table 9.1). Supposing equal annular seal diameters, constant pressure p2, iden-
tical leakages and equal geometry of the impeller sidewall gaps, the forces on both 
shrouds are theoretically balanced between dsp and d2. If the balance holes are cor-
rectly sized, the suction pressure essentially prevails on the rear shroud at the di-
ameter where the balance holes are drilled. The fluid rotation in the unloaded 
space on the rear shroud entails a pressure distribution which can be calculated us-
ing rotation factors according to Table 9.1.  

Since a complete symmetry cannot really be achieved, it is recommended to 
first calculate the axial thrust of an impeller without balance holes from 
Eq. (T9.2.7) and to assume a residual thrust of 10 to 20% of the unbalanced force. 
To this are added the unbalanced axial forces acting on the shaft Fw and the mo-
mentum FI.  

Another force is created when different seal diameters dsp and ds2 are selected. 
This finally leads to Eq. (T9.2.14) which gives the resulting axial force acting on 
the rotor. The seal diameter ds2 on the rear shroud can be made different from the 
ring diameter dsp at the impeller inlet; the objective is to create a defined thrust or 
to balance a high axial force Fw acting on the shaft to the pressure side. The axial 
thrust of this type of design is calculated from Eq. (T9.2.13) derived from 
Eq. (T9.2.7) when replacing dD by ds2. 

Usually one balance hole is drilled per impeller channel. In order to prevent a 
pressure build-up on the rear shroud due to the throttling effect of the balance 
holes, the sum of the areas of the holes should be at least 4- to 5-times the flow 
area in the annular seal clearance, i.e. ¼×z×d2 > 4×dsp×s (z = number of holes, s = 
radial seal clearance). When selecting the hole diameter according to the above  
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Table 9.1 (1) Rotation of the fluid in the impeller sidewall gaps Eq. 
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Table 9.1 (2) Rotation of the fluid in the impeller sidewall gaps             Eq. 
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Fig. 9.12. Impeller with balance holes  Fig. 9.13. Double-entry impeller 
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Table 9.2 Calculation of axial thrust on impeller Eq. 
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criterion, wear in the annular seal must be taken into account; s may thus be set as 
s = 2×so (i.e. twice the nominal clearance).  

Balance holes double the leakage losses, Table 3.7(1), and impair the efficiency 
of the pump. Furthermore, the ingress of the balance fluid perturbs the flow at the 
impeller inlet. Above nq = 50 an efficiency drop of about 1% (point) can be ex-
pected.  

Expeller vanes on the rear shroud can be employed instead of balance holes to 
balance part of the axial thrust. This type of thrust balancing is less expensive than 
an annular seal on the rear shroud; it is, for example, customary in pumps for ac-
ids. Expeller vanes are much in use for pumping liquids which contain solid parti-
cles (e.g. sewage or slurry pumps), because they reduce the amount of solids en-
tering the impeller sidewall gap. Calculation and design of expeller vanes are 
discussed in Chap. 9.2.7. 

9.2.3 Multistage pumps 

Axial forces in high-pressure multistage pumps reach many tons so that a hydrau-
lic axial thrust balancing is mandatory. Even then an axial bearing is required; its 
size depends largely on the accuracy of the axial thrust prediction and on the type 
of the balance device. An assessment of the uncertainties of the axial force predic-
tion (discussed in Chap. 9.2.1) shows that the band width of the expected residual 
thrust is significant as compared to an economic bearing size. Therefore bearing 
sizes and axial thrust balance systems of multistage pumps are frequently deter-
mined on the basis of axial force measurements carried out on each particular type 
of pump and hydraulic.  

Any calculations must take into account the significant differences in fluid ro-
tation on front and rear shrouds as per Table 9.1 caused by the different directions 
of the leakage flow (except in the last stage). Once the rotation factors are deter-
mined, Eqs. (T9.2.3 to 5 or 8) can be used. As discussed above, the radially out-
ward leakage on the rear shroud reduces the rotation factor to k < 0.5 and in-
creases the axial force. In contrast, the radially inward leakage on the front shroud 
enhances rotation to values k > 0.5 and reduces the force acting on the front 
shroud, Fig. 9.14. As a consequence, both effects add and significantly increase 
the axial thrust compared to earlier publications where k  0.5 has been proposed 
to calculate the axial forces. If the clearances wear during service, the axial forces 
acting on the rotor increase. Accordingly, balance device and bearings must be 
dimensioned for new as well as for the maximum allowed clearances (often the 
maximum allowable clearances are defined as two-times the new clearances).  

As discussed in Chap. 5.4.3, the axial rotor position can have an influence on 
the axial thrust. This is particularly true if gap A is too large and/or the overlap xov 
is insufficient, i.e. if main flow and impeller sidewall gap are not sufficiently de-
coupled and the partload recirculation can affect the flow in the sidewall gaps. An 
example of a thrust reversal induced in this way is shown in Fig. 5.35. 
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Fig. 9.14. Pressure distribution on an impeller of a multistage pump 

It is important to note that the residual thrust is a fraction only of the hydraulic 
forces acting on the rotor. Consequently even small tolerances in the calculation 
of the hydraulic thrust imply large changes in the residual thrust which is a small 
difference of two large figures. This fact should well be considered when calculat-
ing the axial thrust of a multistage pump. 

Unbalanced axial forces acting on the shaft of a multistage pump merit a care-
ful analysis since they can have a considerable influence on the residual thrust on 
the rotor due to the high pressures involved. Because of the complicated rotor de-
sign and the different pressures prevailing in the individual stages, there is a risk 
to overlook these force components or to assess their effect erroneously. 

Various options are available for balancing the axial thrust of multistage 
pumps, Fig. 9.15: 

 
a) c) b) 

QE 

QE 
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p1 

pz 

α 

Pre-throttle 

s 

 
Fig. 9.15. Axial thrust balancing of multistage pumps. a balance disk; b balance piston; 
c stepped balance piston 

Balance disks (Fig. 9.15a) create forces which oppose the axial thrust generated 
by the impellers. When dimensioned correctly, balance disks are able to com-
pletely balance the axial thrust as the required pressure automatically builds up in 



9.2 Axial forces      529 

the radial gap due to an axial displacement of the rotor. The axial clearance sax at 
the disk thus depends on the axial force acting on the rotor, hence on the operation 
point of the pump.  

Since the axial thrust is compensated automatically, the uncertainties of the 
calculation are less serious than with a balance piston. However, problems may be 
encountered due to transients during which water can evaporate in the radial gap 
(as a remedy another throttling gap downstream of the disk may be included in the 
design). Balance disks are usually preceded by a cylindrical gap (“pre-throttle”), 
as shown in Fig. 9.15a, which is necessary for the stable operation of the balance 
disk. The throttling effect in the cylindrical gap allows larger widths sax of the ra-
dial gap because the pressure is reduced from p1 to pz.  

If the axial force acting on the impellers increases, the rotor is shifted to the left 
in Fig. 9.15a, the axial clearance sax at the disk diminishes and thus throttles the 
balance flow rate. Due to the reduced flow rate the pressure loss in the pre-throttle 
decreases. Therefore, the pressure pz rises generating a higher balancing force act-
ing on the disk. Equilibrium between the forces acting on the rotor and on the disk 
is thus established in every operation point. The gap widths s and sax, the length of 
the pre-throttle and the inner and outer radius of the disk must be tuned carefully. 
When doing so, it must be ensured that the counter forces created by the disk are 
at all times greater than the resulting axial forces which act on the rotor at varying 
operation conditions including transients. This requirement must be equally ful-
filled when the clearances widen due to wear.  

The greatest force on the disk is created when the axial clearance approaches 
zero, because then the pressure drop in the pre-throttle is small (i.e. pz is maxi-
mum). This maximum force can be significantly increased if the gap is made 
slightly conical, as depicted in Fig. 9.15a, by the angle α, [9.24]. 

Mechanically the disk must be made very stiff in order to limit deformation un-
der load to the very minimum. Details for the design of balance disks and consid-
erations on the stability of operation can be found in [9.20], [9.22] and [9.26]. 
Due to shaft deflection, the balance disk will be slightly tilted against its the sta-
tionary counterpart. This deviation from parallelism generates a tilting moment 
which is stabilizing since it tends to restore the disk to a parallel position. The tilt-
ing has virtually no influence on the resulting axial force but it increases the risk 
of cavitation in the gap, [9.20] and [9.26]. 
Balance pistons (Fig. 9.15b) generate a force opposing the axial thrust. As an ap-
proximation, the force created by the piston can be calculated from the area of the 
piston and the pressure at the entrance to the piston. Since the piston is unable to 
automatically adapt to the hydraulic forces on the rotor, the axial thrust should be 
known as accurately as possible for a correct dimensioning of the piston. A rela-
tively large axial bearing is required to take up the uncompensated thrust which is 
given by the uncertainties of the force calculation, changes in thrust as function of 
the flow rate through the pump and increase in thrust caused by wear in the clear-
ances of the annular seals. The advantage of the piston is its robust design and 
high reliability in operation. The disadvantages are a higher leakage and a larger 
axial bearing, both of which impair the efficiency of the pump. According to op-
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eration and damage statistics of large boiler feedpumps, 310 out of 533 pumps 
with balance disks experienced damage, while only 27 incidents were found on 
511 pumps with balance pistons, [9.24].1 
Stepped balance piston (Fig. 9.15c): With this design it is attempted to benefit 
from the advantages of balance disks without incurring the disadvantages of the 
piston. 
Back-to-back design: The axial thrust of multistage, double-entry pumps accord-
ing to Fig. 2.12 is almost perfectly balanced without any sacrifice in efficiency 
(Chap. 9.2.4). The axial thrust of single-entry pumps with several stages in back-
to-back design according to Fig. 2.8 is balanced to a large extent. Disadvantages 
of this design are the long cross-over channels which involve complicated cast-
ings. Conversely, the piston placed in the middle of the rotor greatly improves the 
rotor dynamics (Chap. 10.6).  

A two-stage back-to-back design according to Fig. 9.16 needs particular atten-
tion because the axial thrust is not well balanced, since the pressure distributions 
on the rear shrouds of stages 1 and 2 are not at all equal. The leakage on the rear 
shroud of the second stage flows radially inwards. There the fluid rotation is 
higher than on the rear shroud of the first stage, where the leakage flows radially 
outwards. This effect can well be calculated by the method given in Table 9.1 ap-
plying different rotation factors to rear and front shrouds of both stages, 
Eqs. (T9.2.8) or (T9.2.3 or 9.2.4). If the clearances of the center bushing are enlar-  

 

Fig. 9.16. Two-stage back-to-back process pump, Sulzer Pumps. 

                                                           
1 Whether these figures are still representative for the present, is unknown since no recent 

statistics of this amplitude are available. 
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ged due to wear during service the axial thrust of the 2-stage back-to-back design 
increases strongly. Erroneously considering this design to have well balanced ax-
ial thrust, is likely to result in bearing failures. 
Individual stage balancing: Balancing the individual stages as in Fig. 2.13 and 
Fig. 9.12 in Table 9.1 is common practice in vertical pumps with semi-axial im-
pellers and diffusers. Individual balancing is not an economic solution for high 
pressure pumps (lower efficiency and higher costs), since a throttling device is 
needed anyway to reduce the pressure at the shaft seal. 
Expeller vanes (as per Chap. 9.2.7) could also be considered for individual stage 
balancing. However, with respect to efficiency this design is less favorable than 
the balance devices discussed above because the axial clearances between expeller 
vanes and casing would become too large in multistage pumps due to the require-
ments of manufacturing tolerances and thermal expansion. Furthermore, a throt-
tling device is needed anyway to reduce the pressure at the shaft seal. 

The fluid leaking through the balance device (piston or disk) is led via a pipe 
back to the suction nozzle of the pump. Therefore, the suction pressure prevails at 
the low-pressure side of the balance device. In addition there is a small pressure 
loss in the balance pipe. In the absence of a booster pump the balance fluid can 
also be returned to the suction tank. It is recommended to monitor the proper 
functioning of the balance device by measuring the leakage flow rate during ser-
vice in order to early recognize an increase in the flow due to enlarged clearances, 
as may be caused by abrasive wear. 

9.2.4 Double-entry impellers 

Theoretically the axial thrust of double-entry impellers should be perfectly bal-
anced, but in reality steady as well as unsteady axial forces are created by various 
asymmetries as there are: (1) unavoidable geometric tolerances of the impeller and 
inlet casing; (2) differences in the annular seal clearances generating different ro-
tation factors on both sides; (3) asymmetric partload recirculation. Frequently the 
unsteady axial forces are greater than the steady component so that low-frequency 
thrust reversal may occur. Sometimes axial rotor movement can be visually ob-
served on low-speed pumps operating at partload. The period of such an axial ro-
tor movement may be in the order of several seconds. This type of thrust reversal 
can be acceptable with low-speed pumps, but damage to the shaft seals and exces-
sive vibrations may be encountered in high-energy pumps. 

Sometimes it is attempted to create a definite axial thrust on the rotor by de-
signing either side of the impeller with different annular seal diameters. However, 
it is hardly practical to make the diameter difference sufficiently large to create a 
resultant static axial force which exceeds the unsteady axial force components. 
The calculation (including the influence of different seal leakages on both sides of 
the impeller) can be performed using Eq. (T9.2.8), where xD is set to xD = ds2/d2. 
According to Fig. 9.13 the smaller seal diameter is ds2 (Table 9.1). If ds2 ≠ dsp is 
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executed and the same rotation factor is assumed for both sides, also Eq. (T9.2.13) 
can be used. The resulting force FI generated by the momentum is zero. 

Pumps with double-entry impellers need axial bearings which can be dimen-
sioned according to Eq. (T9.2.15), adding the coupling thrust, the rotor weight in 
the case of vertical pumps and appropriate margins. Equation (T9.2.15) uses axial 
force coefficients fax derived from measurements on pumps with double-entry im-
pellers. Ranges of fax are given for static and unsteady force components in Ta-
ble 9.2. The lower limits apply to operation near the best efficiency point, while 
the upper limit is relevant for partload operation below q* ≈ 0.40. 

For reasons of mechanical design (stresses) or manufacturing, double-entry im-
pellers may have a center rib as in Fig. 7.48. If such impellers are combined with 
vaned diffusers, the diffuser should be built without a center rib in order to avoid 
excessive axial forces, which might be generated as a result of manufacturing tol-
erances. 

9.2.5 Semi-axial impellers 

Closed semi-axial impellers can be calculated according to Chap. 9.2.1 and Ta-
bles 9.1 and 9.2. Since the front shroud diameter is larger than the rear shroud di-
ameter (d2a > d2i), the calculation follows Eqs. (T9.2.3) and (9.2.4) separately for 
front and rear shroud setting r2a and r2i accordingly. The uncertainties of the calcu-
lation are enhanced by the circumstance that the static pressures at the outer and 
inner streamlines are different. These differences are not very well known – in 
particular at partload. Therefore, measurements or approximation formulae are al-
ternatively employed for dimensioning the capacity of the axial bearing. Equa-
tions (T9.2.12 or 9.2.16) can be applied to closed impellers. In these formulae, set 
the shaft diameter for impellers without balance holes (Fig. 9.11), but use the an-
nular seal diameter ds2 for the rear shroud if balance holes are provided, (Fig. 9.12 
in Table 9.1). The empirical factor fha (from test data given in [B.18]) is calculated 
from Eq. (T9.2.16) for closed impellers. For semi-open impellers fha is determined 
from Eq. (T9.2.17) setting dsp = d1, [B.18] and [B.2]. 

9.2.6 Axial pumps 

In order to calculate the axial thrust of axial pumps, the axial component of the lift 
forces acting on a blade can be integrated over the blade height. However, the ap-
proximation formula according to Eq. (T9.2.18) may be often adequate. Added to 
this force are the unbalanced axial forces acting on the shaft which can be calcu-
lated as per Chap. 9.2.1 similar to Fig. 9.11. The momentums at the inlet and out-
let cancel. Since the Q-H-curves of axial pumps are very steep, the increase of the 
axial thrust at partload needs attention. 
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9.2.7 Expeller vanes 

By means of expeller vanes on the rear shroud (also called “rudimentary” or 
“pump-out” vanes) the fluid rotation in the sidewall gap E can be intensified and 
the axial thrust reduced. Frequently expeller vanes are employed in order to re-
duce the pressure at the shaft seal and/or to impede the ingress of solid particles 
into gap E (e.g. in sewage, dredge and slurry pumps).  

Expeller vanes are often executed as radial ribs with rectangular cross sections. 
Sometimes they are built as back-swept auxiliary vanes following the contour of 
the impeller blades. This design is chosen when balance holes are used in addition 
to the expeller vanes. Little or no efficiency impairment is incurred with such an 
arrangement since the expeller vanes essentially create the same pressure rise as 
the main blades (they can be considered as working in a similar way as a semi-
open impeller with the same blade shape); compare also to the discussion of 
Fig. 7.16 

The fluid rotation grows with the number of expeller vanes and their height h; 
it decreases if the width s of the axial gap is enlarged (Fig. 9.17 in Table 9.3). En-
hanced fluid rotation entails an additional pumping power compared to a plain 
rear shroud – at least if radial expeller vanes are used. The efficiency of the pump 
is then impaired. The loss increases with decreasing specific speed and becomes 
significant below nq = 20. 
The power increase caused by the expeller vanes grows with the 5th power of their 
outer diameter (as with disk friction losses or, indeed, the power absorbed by an 
impeller). Since pressure differences are proportional to the square of the diame-
ter, power can be saved by not extending the expeller vanes up to the impeller 
outer diameter: by selecting dRs < d2, power losses can be significantly reduced 
without much sacrifice in axial thrust balancing or pressure relieve at the shaft 
seal (this is the most common design). 

The axial clearance between the casing (wear plate) and the expeller vanes is 
selected as the minimum required by considerations of mechanical design. This 
minimum depends on the machining tolerances, thermal expansion and casing de-
formation under load. 

Impellers with radial expeller vanes are usually employed without balance 
holes. Furthermore the influence of any leakage on the flow in gap E is small if 
expeller vanes are present. The effect of expeller vanes is therefore calculated 
without leakage. The rotation factor kRs in the section equipped with expeller 
vanes is then essentially independent of the radius; it is calculated from 
Eq. (T9.3.2). 

If the expeller vanes are trimmed (i.e. dRs < d2), the fluid rotation in the plain 
outer part of the rear shroud (between dRs and d2) is higher than ko from 
Eq. (T9.1.3) but lower than kRs from Eq. (T9.3.2). The resulting fluid rotation is 
determined by an exchange of momentum between fluid in the vaned and plain 
parts of the shroud. The average rotation factor kav on the entire rear shroud is 
given by Eq. (T9.3.3). The pressure prevailing at the shaft seal can be calculated 
by inserting the value kav into Eq. (T9.1.7). When defining the impeller outlet  
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Table 9.3 Semi-open impellers; expeller vanes  Eq. 
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The axial thrust of impellers with expeller vanes can be calculated from Table 9.2 
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Fig. 9.17. Closed impeller with expeller 
vanes 

Fig. 9.18. Semi-open impeller with expeller 
vanes 

pressure p2, the suction pressure has to be taken into account. The axial thrust can 
be calculated from Eqs. (T9.2.3 or 9.2.8) using said value of kav. 

The power absorbed by radial expeller vanes can be estimated from 
Eq. (T9.3.4) which can be used for trimmed (dRs < d2) as well as full (dRs = d2) ex-
peller vanes. The formulae originate from the tests reported in [9.4] but have been 
simplified to ease their application in practice. Table 9.3 provides recommenda-
tions for suitable geometric dimensions of expeller vanes.  

When using expeller vanes, the supporting effect (stiffness) of an annular seal 
on the rear shroud is absent. The shaft deflection caused by the radial thrust and 
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the alternating shaft stresses increase. Therefore, high-head single-stage pumps 
can suffer shaft failures when the axial thrust balancing is modified from a design 
with an annular seal and balance holes on the rear shroud to a design with expeller 
vanes. 

In slurry pumps, expeller vanes are sometimes employed on both the rear and 
the front shrouds in an attempt to reduce abrasive wear. The axial thrust increases 
accordingly. The calculation follows the same logic as discussed above treating 
front and rear shrouds separately and determining the rotation factors from Ta-
ble 9.3. 

9.2.8 Semi-open and open impellers 

Impellers without a front shroud are termed “semi-open”. The axial thrust is 
higher than with closed impellers, because the pressure in the vaneless impeller 
sidewall gap always exceeds the pressure within the bladed impeller. Assuming 
that the pressure within the impeller increases linearly with the radius, the axial 
thrust of a semi-open impeller can be calculated from Eq. (T9.3.1), see Fig. 9.18 
in Table 9.3. Added to this are unbalanced axial forces Fw acting on the shaft and 
the momentum FI. For kRS set ko from Eq. (T9.1.3) if the rear shroud is plain; or 
set kRS = kav from Eqs. (T9.3.2 and 9.3.3) if there are expeller vanes. The axial 
thrust of semi-open impellers is frequently reduced by employing expeller vanes. 

The axial thrust can be reduced further by cut-outs in the rear shroud as shown 
in Fig. 9.19. The term “open impeller” is applied to this type of design. Possible 
expeller vanes follow the contour of the blades. When calculating the axial thrust 
of an open impeller, it is assumed that the axial forces are balanced down to the 
minimum diameter dco at the cut-outs (defined in Fig. 9.19). 

For impellers with multiple radial blades ( 1B = 2B = 90°) another formula can 
be used for axial thrust prediction. It is given by Eq. (9.3.1a) which was derived 
from Eq. (T9.2.8) by assuming a forced vortex with ω between the radial impeller 
blades and a forced vortex with ½ ω between rear shroud and casing. This equa-
tion agrees with the measurements given in [7.12] for the case without balance 
holes. With multiple balance holes, well distributed over the rear shroud, the axial 
thrust can be reduced to about 1/4 of the force predicted by Eq. (9.3.1a). 

 

dco

 
Fig. 9.19. Open impeller 
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9.2.9 Unsteady axial thrust 

During start-up of a pump, transient axial forces exceed the forces in normal op-
eration because it takes a few seconds till fluid rotation in the impeller sidewall 
gaps is fully developed, while the pressure rise in the impeller is proportional to 
the square of the speed with virtually no inertia effects. When starting a vertical 
pump, the axial thrust can thus be acting upwards during a short period. This fact 
needs to be taken into account when selecting the axial bearing.  

If a vertical pump is started with an open discharge valve, the axial thrust FI 
due to the momentum at very high flow can also be acting upwards – in particular 
with high specific speeds. 

The spectrum of unsteady axial forces exhibits low- and high-frequency com-
ponents similar to the spectrum of pressure pulsations. In practice such axial force 
fluctuations rarely cause problems, with the possible exceptions of high-energy 
pumps operating at partload if gap A was selected too large.  

Measurements on multistage pumps in [B.20] gave kax = 0.005 at q* = 0 and 
kax = 0.0025 at q* = 1, where kax is the coefficient of the unsteady axial thrust per 
stage according to Eq. (T9.2.15). It is defined as RMS-value in the frequency 
range f = (0.2 to 1.25) n/60. About half of these values were measured in the 
range f < 0.2 n/60. 

9.3 Radial forces 

9.3.1 Definition and scope 

The radial force acting on an impeller (the “radial thrust”) must be known in order 
to calculate bearing loads, shaft stresses and shaft deflection. Fundamentally, ra-
dial forces are generated when the circumferential distribution of the static pres-
sure p2 at the impeller outlet is non-uniform. Flow asymmetries in the collector as 
well as a rotationally non-symmetric impeller inflow can thus create radial forces. 

Since the pressure distribution at the impeller outlet is unsteady, its integration 
over the circumference yields a time average, the static radial thrust, as well as a 
spectrum of unsteady radial force components, which are called “dynamic radial 
thrust”. Thus the dynamic radial thrust represents hydraulic excitation forces lead-
ing to forced vibrations, which are discussed in Chap. 10.7. 

The radial forces created by time-dependent pressure distributions at the outlet 
of a closed impeller are influenced by various physical effects: 
Excitation forces with static and dynamic components which are independent of 
rotor vibrations: 

1. Non-uniform flow in the collector acting on the impeller outlet width and on 
the projection of the shrouds unless these are perpendicular to the rotor axis. 

2. Non-uniformities of the flow in the impeller sidewall gaps, which can be cre-
ated by the pressure distribution in the collector, as well as asymmetries in the 
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leakage flow if the impeller runs with some eccentricity in the annular seal (as 
is usually to be expected). Perturbations of rotational symmetry are also created 
if the impeller shrouds and casing walls are not machined. 

3. If the impeller runs with some eccentricity in the annular seal due to shaft de-
flection (for example, sag caused by the rotor weight) the pressure distribution 
in the seal is non-uniform; hence a static force in the annular seal is created as 
discussed in Chap. 10.6.2. 

Unsteady reaction forces created by rotor vibration: 

• Hydraulic impeller interaction, Chap. 10.6.3 
• Forces in annular seals, Chap. 10.6 
• Forces in open (axial and semi axial) impellers created by clearance variations 

due to orbiting of the rotor (“Alford effect”, Chap. 10.7.3).  

All of these effects cannot be easily separated when measuring the radial forces, 
nor are they amenable to an exact theoretical prediction which would need model-
ing the three-dimensional flows in impeller and collector. Therefore, empirical 
coefficients are commonly used for estimating the radial thrust; these were de-
rived from measurements and thus correspond to statistical data. Mostly the pub-
lished radial thrust coefficients are valid for impellers with annular seals built with 
common clearances; they represent a combination of the effects (1) to (3) above. 
Two definitions of radial thrust coefficients (kR and kRu) are in use: 
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The actual figures of kR and kRu differ by the factor of the pressure coefficient; 
that is, kRu = ψ×kR applies. FR is the radial force and b2tot is the impeller outlet 
width including the wall thickness of rear and front shrouds. The coefficient kR 
can also be interpreted as kR = ΔpLa/(ρ×g×H) where ΔpLa represents the average 
pressure difference which acts on the projected surface d2×b2tot. 

Unless qualified by an additional subscript (“dyn” for unsteady thrust compo-
nents, or “tot” for the sum of static and unsteady components), all subsequent ref-
erences to kR only imply the static (i.e. steady) radial thrust coefficient. As dem-
onstrated by various tests, the radial thrust coefficients are virtually independent 
of rotor speed and Reynolds number in the range of practical interest; for geomet-
rically similar pumps they are independent of the impeller size, e.g. [10.22]. For a 
given pump the radial thrust depends primarily on the flow rate ratio q*. 
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9.3.2 Measurement of radial forces 

Several methods have been developed for measuring the radial forces acting on an 
impeller. Their principal characteristics are reviewed below since testing method 
and conditions should be appreciated in order to be able to correctly assess the 
significance of experimental radial thrust data. The tests are always done on sin-
gle-stage pumps. Details on instrumentation and test data evaluation can be found 
in the quoted literature as well as in [9.7] and [9.8]. 
Integration of the pressure distribution: The radial force can be derived by in-
tegrating (over the circumference) the static pressure distribution measured at the 
impeller outlet by means of probes and/or pressure tappings in the casing, e.g. 
[9.9] and [9.10]. If only pressure tappings in the casing walls are used, this 
method is quite simple since no special instrumentation is required. The accuracy 
is moderate depending on the number of pressure tappings installed. If the static 
pressure is recorded in a tight grid of measuring points covering the entire impel-
ler circumference, the effective radial thrust can be determined without falsifica-
tion through the forces generated in the annular seals. 
Measurement of bearing forces: In most of the investigations, the bearing forces 
were measured by means of strain gages or force transmitters. Strain gages are 
applied to brackets which hold the bearing. The brackets must be flexible enough 
to allow the radial forces to produce sufficient elastic strain in order to get accu-
rate measurements. Such flexible elements reduce the eigen frequencies of the test 
rig; the test speeds must therefore be selected such that the measurements are not 
falsified by resonances. This can be verified by mounting a known mechanical 
unbalance in lieu of the impeller: in the range where the forces recorded increase 
proportional to the square of the rotor speed, there is no falsification due to reso-
nances. The mechanical unbalance serves also for calibrating the test rig. 

The measurement of the bearing forces yields the resultant of all forces acting 
on the rotor. It is not possible to separate the radial thrust from forces created by 
the seal – unless a radial seal is used instead of an annular seal. The radial thrust 
determined in this way depends on the characteristics of the annular seal, in par-
ticular on the clearance and type of surface of the seal (plain or serrated).  
Measurement of the shaft deflection: If the shaft deflection is measured by 
proximity probes, the radial forces acting on the impeller can be determined after 
proper calibration of the test rig and taking into account the shaft deflection under 
the rotor weight. The calibration can be done by means of a mechanical unbalance 
or static forces (e.g. dead weights). As when measuring bearing forces, a dynamic 
calibration is important in order to avoid falsification of the test results by reso-
nance effects. Due attention must be paid to the bearing clearances because these 
impair the accuracy of the measurements. This testing method is relatively simple 
but not very accurate (bearing clearances, run-out and dynamic characteristics of 
the test rig). Only the resultant of radial thrust and annular seal forces can be 
measured (as with bearing force measurements). 
Measurement of shaft stresses: All forces and moments resultant from impeller 
and seals can be measured by means of strain gages applied to the shaft close to 
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the overhung impeller, [9.11] and [10.22]. This complex and expensive method 
may be used when the interest is focused on unsteady forces. The calibration is 
performed by a mechanical unbalance. The dynamic characteristics of the test rig 
must be checked as described above to avoid resonances.  
Force measurements by means of magnetic bearings: Active magnetic bear-
ings can be used to measure the forces acting on a rotor. The rotor of the test rig is 
centered by two magnetic fields which are generated by electromagnets. The elec-
trical current in the magnets is controlled by proximity probes and electronics so 
that the rotor is held in its centric position. The bearing forces can be determined 
from the measured current and the air gap between rotor and magnet (i.e. from the 
signal of the proximity probes), [9.12]. An advantage of this method is that the 
test pump can be built with sufficient stiffness to avoid resonances. 

9.3.3 Pumps with single volutes 

The physical mechanisms which generate radial thrust shall be discussed in detail 
using the example of a single volute dimensioned according to the conservation of 
angular momentum as per Chaps. 3.7 and 4.2. In this context consider Fig. 9.20, 
where flow conditions and pressure distributions in a developed volute are sket-
ched for three flow rates: 
 (1) Near the best efficiency point, the flow angle at the impeller outlet matches 
the cutwater camber angle z. The flow deceleration largely follows the conserva-
tion of angular momentum and the pressure distribution is nearly uniform except 
for a local perturbation induced by the flow around the cutwater. 
(2) At partload (q* << 1) the flow area in the volute is too large at every point on 
the circumference. The fluid exiting the impeller with the absolute velocity c2 is 
decelerated to an average velocity in the volute given by csp = Q/A (Q and A be-
ing the local values of flow rate and area). The fluid approaches the cutwater with 
a positive incidence, causing a local depression in the static pressure. The static 
pressure rises from a minimum downstream of the cutwater to a maximum which 
is reached near the throat area according to the flow deceleration from c2 to csp. At 
low load – in particular at Q = 0 – there is a strong mismatch between c2 and csp 
and the fluid enters the volute similar to a jet entering a plenum. Consequently, an 
increasing fluid volume circulates in the casing since the fluid cannot be at rest 
even at Q = 0 due to the rotation of the impeller. The circulation is impeded by the 
cutwater where the flow separates reinforcing the pressure minimum, Fig. 9.20b. 

Since the pressure distribution at the BEP varies little over the impeller circum-
ference, its integration only yields a small resultant radial force (with an infinitely 
thin cutwater the force would be theoretically zero). In contrast, the non-uniform 
partload flow induces a strong variation of the static pressure over the circumfer-
ence which results in a radial force usually reaching its maximum at Q = 0. Due to 
flow separation, the pressure recovery immediately downstream of the cutwater is 
lower than further on in the volute. As a consequence, the radial force is directed 
towards this pressure minimum, Fig. 9.21a. 
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Fig. 9.20. Distribution of the static pressure and flow conditions in volutes 

 (3) At high flow rates (q* > 1) the volute cross sections are too small. The flow is 
thus accelerated downstream of the impeller. Correspondingly, the static pressure 
decreases in circumferential direction from a maximum (stagnation pressure) at 
the cutwater. The approach flow angle to the cutwater is too large (negative inci-
dence) generating a flow separation in the discharge nozzle. Downstream of the 
cutwater there is a stagnation point and a pressure maximum. The vector of the re-
sultant radial force is directed away from that maximum, Figs. 9.20c and 9.21b. 
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Fig. 9.21. Radial thrust in single volutes 

As discussed in Chap. 1.4.1, the pressure distribution in a centrifugal pump is a 
unique function of the velocity distribution. In the absolute system, the flow fol-
lows curved paths and the local pressure distribution establishes itself in a way 
that it balances the centrifugal forces induced by the flow path curvature, 
Eq. (1.26). If variable pressures are measured in the volute over the impeller cir-
cumference, the flow around the impeller blades consequently depends on the ac-
tual circumferential position of the blades. The blade forces (lift) thus change over 
the circumference; their resultant yields the radial thrust created by the blades. 
From the very existence of a radial force created by the impeller it is to be con-
cluded that the impeller channels operate at every circumferential position in a 
different operation point. The experimental prove of this conclusion has been pro-
vided by [9.21]: In a volute pump, the local values of flow rate and head were de-
termined in 12 circumferential positions by integration of the velocity profiles 
measured by hot wire anemometry (in a test with air). The variations of measured 
local head and flow are shown in Table D9.1. For three operation points, Ta-
ble D9.1 shows the average flow and head as measured at the discharge nozzle as 
well as the range of flow and head variations over the circumference. 

Table D9.1 Variation of flow and pressure around the impeller circumfer-
ence, [9.21] 
Operation point of pump (averages) Local variation around the impeller circumference 

q* ψ q* ψ 

0.25 1.14 -0.55 to 0.95 1.17 to 1.04 

0,5 1,06 0,15 to 1,1 1,17 to 1,07 

1.0 1.05 0.9 to 1.13 1.03 to 1.08 

1.25 0.92 0.99 to 1.57 0.98 to 0.78 
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According to these measurements, at a nominal flow rate ratio of q* = 0.25, 
there is a flow of 55% of Qopt back to the impeller from a position upstream of the 
cutwater (highest pressure according to Fig. 9.20b). But at the circumferential po-
sition of 30° (lowest pressure according to Fig. 9.20b) there is a forward flow of 
95% of Qopt (almost 4-times the flow through the discharge nozzle). 

The static pressure per se can create a force only if it acts on a solid structure; 
thus it produces a resultant radial force on front and rear shrouds which is added 
to the resultant of the blade forces discussed above. 

From the flow behavior described above and from Figs. 9.20 and 9.21 result 
the following relationships which have been confirmed by numerous investiga-
tions: 

• The radial force attains its minimum near the design point of the volute. The ra-
dial thrust in the design point is caused by: (1) asymmetries induced by the 
flow around the cutwater (in particular with relatively thick cutwaters), (2) 
geometrical tolerances, (3) friction losses are not constant over the circumfer-
ence; they influence the pressure build-up in the volute. As discussed in 
Chap. 7.8.2, not all volutes are designed strictly according to the conservation 
of angular momentum. The effective position of the BEP results from the de-
pendence of the various losses on the flow rate. Therefore the minimum of the 
radial force does not necessarily coincide with the BEP-flow or the design 
point. 

• The flow rate at which the radial forces have their minimum is essentially de-
termined by the design point of the volute, because the most uniform volute 
flow is expected at that flow rate. If the design point of the impeller differs 
from that of the volute, the effect on the radial forces is only of secondary in-
fluence. If two different impellers are tested in a given volute casing, the mini-
mum of the radial thrust is observed at about the same flow rate, i.e. it is found 
on the volute characteristic, [9.14]. In contrast, if a given impeller is tested in 
two different volute casings, the minimum of the radial thrust shifts to a higher 
flow rate with increasing volute throat area. 

• The radial force rises at partload and at high flow; it attains a relative maximum 
at partload which is usually found at Q = 0 (see curve for single volute in 
Fig. 9.22). 

• The larger the volute cross sections for a given cutwater diameter, the less uni-
form is the flow in the volute at partload. Therefore, the radial thrust coeffi-
cients of single volutes increase with growing specific speed until a maximum 
is reached in the range of nq = 50 to 60, refer to Fig. 9.27 in Table 9.4. Pre-
sumably this maximum is given by a maximum blade loading: if the non-
uniformity of the partload pressure distribution in the volute exceeds some spe-
cific threshold, back-flow from the volute to the impeller inlet limits the local 
pressures which the impeller is able to sustain. 

• At low partload the radial force acting on the impeller is directed to a point 
downstream of the cutwater (Fig. 9.21a), while at high flow rates the radial 
force is directed to a point shifted by roughly 180° as compared to partload 
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(Fig. 9.21b). Consequently, the radial force changes its direction by roughly 
180° in the range around the best efficiency point. Near the BEP the force di-
rection is thus uncertain and difficult to predict since it depends on tolerances 
and the effects mentioned above. 

• With a given pump, the direction of the radial force vector varies with the flow 
rate q*. Considering different pumps, the force direction depends on the form 
of the casings and thus on the specific speeds. This dependence is depicted in 
Fig. 9.21a for Q = 0 based on measurements in [9.2]. 

• All data concerning the magnitude and the direction of the radial forces are 
subject to uncertainties, because the area distributions in the volute, the impel-
ler sidewall gaps and the shapes of front and rear shrouds all have an impact 
on the pressure distribution, hence the radial thrust. 

• As discussed above, it is not possible to separate the forces acting in annular 
seals from the radial thrust proper without special devices. With annular seals 
the radial forces measured depend on the seal clearances. That is why Table 9.4 
provides radial thrust coefficients for “normal” and double clearances; normal 
clearances can be considered to be roughly corresponding to Eq. (3.12). 

• If the distance between impeller and cutwater is increased strongly, the circula-
tion of the fluid at Q = 0 is less impeded by the presence of the cutwater; the 
radial thrust drops by a few per cent as compared to a small cutwater distance. 
In an infinitely large casing there are no radial forces. 
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Fig. 9.22. Radial thrust in various types of collectors, nq = 19, [9.15] 
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9.3.4 Pumps with double volutes 

Double volutes are employed in order to reduce the radial thrust. If a second cut-
water is introduced at a spacing of 180° from the first cutwater, the rotational 
symmetry is improved as per Fig. 9.23. The pressure distribution in both of the 
partial volutes (over a wrap angle of 180°) is analogous to Fig. 9.20, as shown by 
measurements in [5.37]. As demonstrated by Fig. 9.23, even a rather short rib is 
able to drastically reduce the radial thrust at shut-off and below q* < 0.5, (test 4). 
Increasing the length of the rib to obtain a full double volute (test 2) yields an al-
most constant radial force over the entire flow range. In general, a flat and unsys-
tematic distribution of the radial thrust can be expected with double volutes in the 
flow range of q* = 0 to 1.1, e.g. [9.2]. The directions of the radial forces are un-
certain too. 

As demonstrated by Fig. 9.22, the radial thrust in double volutes can rise 
strongly at flow rates well above the best efficiency point. This increase is caused 
by differences in the flow resistances of the outer and inner channels. Conse-
quently, the flow rates through both channels will not be the same and the impel-
ler operates in both partial volutes at different points on the Q-H-curve (refer to 
the above discussion of Table D9.1). The difference in the static pressure at the 
impeller outlet prevailing in both of the partial volutes generates a radial force. 
Since the resistances rise with the square of the flow rate, the radial force rises 
steeply at q* > 1, while the impact at partload is small. 

If both cutwaters are not spaced by 180° apart, the circumferential symmetry is 
destroyed and the radial thrust increases in comparison to a 180°-volute. Thus a 
cutwater spaced by less than 90° brings no radial thrust reduction at all. This is 
proven by the tests shown in Fig. 9.29 (in Table 9.4) where the radial thrust reduc-
tion factor FDsp achieved by a double volute is plotted against the volute wrap an-
gle, [9.13]. Double volutes with wrap angles of less than 180° are built for design 
reasons, e.g. in axial split pumps or for allowing complete draining of the casing 
(pumps with the discharge nozzle vertically upwards). If the wrap angle is near 
120°, as may be the case in axial split pumps, a rib in the upper half of the casing 
can reduce the radial thrust.  

With reference to Fig. 9.23 there is an optimum length of the rib in the dis-
charge nozzle: while the rib in test 3 was too short (leading to a force maximum at 
q* = 0.75) the rib of test 1 appears to be too long generating higher flow resis-
tance and higher radial thrust at high flow. 

9.3.5 Pumps with annular casings 

As discussed above, the high radial thrust created by single volutes at shut-off 
is generated by the cutwater impeding the free rotation of the fluid in the casing 
and leading thus to flow separation and a pressure minimum downstream of the 
cutwater. In contrast, the fluid rotates freely at Q = 0 in a vaneless annular casing. 
Consequently, the radial thrust of pumps with annular casings reaches its mini- 
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Fig. 9.23. Radial thrust balancing by means of double volutes; all forces FR are referred to 
the radial thrust of the single volute at shut-off, FR,0,sv, [B.9] 

mum at Q = 0. The radial force rises in a slightly upward curve with increasing 
flow rate until the best efficiency point, Fig. 9.22. At overload, when the annular 
cross section is much too small for the flow, a pronounced pressure minimum is 
generated in the domain upstream of the discharge nozzle. The radial thrust rises 
accordingly; the discharge nozzle acts like a strong depression.  

In Table 9.4 a formula is given for estimating the radial thrust in annular cas-
ings. The available data do not allow to discern an influence of the specific speed. 
The relation given for the function kR = f(q*) is quadratic, predicting a strong in-
crease at q* > 1. 

9.3.6 Diffuser pumps 

The radial thrust in diffuser pumps is created by geometric tolerances of the dif-
fuser and by asymmetries in the flow downstream of the diffuser, as caused by the 
discharge nozzle, for example. The more so, if the diffuser channels are short and 
have a small overlap. Therefore a ring of stay vanes with little or no flow deflec-
tion is scarcely able to reduce the radial thrust.  

From the available radial thrust measurements no clear dependence of the ra-
dial thrust coefficient from the specific speed or geometric parameters could be 
found. Only the eccentricity of the impeller with respect to the diffuser generates 
defined radial forces which are approximately proportional to the eccentricity. 
These forces are de-centering, [9.16]. Since only very small eccentricities are en-
countered in practice, these radial force components are usually insignificant; they 
are implicitly covered by the statistical test data in Table 9.4. 
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9.3.7 Radial forces created by non-uniform approach flows 

Inlet chambers of between-bearing pumps (as used in multistage or double-entry 
single-stage pumps) generate an impeller approach flow with a circumferentially 
non-uniform velocity distribution, Chap. 7.13. One half of the impeller is ap-
proached with a pre-rotation while the other half is subject to counter-rotation, 
Fig. 7.50. This variation of the circumferential velocity component c1u leads, ac-
cording to the Euler-equation, to a variable work transfer in different sectors of 
the impeller. Thus a steady radial force is created whose magnitude and direction 
depend on the flow rate. Figure 9.24 shows measurements from [B.20] with an 
impeller of nq = 33: test 1 was made with an inlet chamber common to multistage 
pumps, while in test 2 an insert with radial ribs was mounted in order to reduce 
the circumferential velocity components and to smooth out the impeller approach 
flow. According to these tests, the radial forces created by non-uniform approach 
flow increase strongly at high flow (q*>> 1), because the perturbations of the 
flow induced by the inlet casing increase with growing inertia (i.e. high flow ve-
locities).  
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Fig. 9.24. Influence of the approach flow on the static radial thrust coefficients. The figures 
give q* in per cent. Test 1: with inlet chamber of a multistage pump; Test 2: with ribs, 
which provide essentially a rotational symmetric approach flow, [B.20]. A line from the 
origin to any point on the curves represents the force vector (direction and size). Example: 
the vector F represents the radial force coefficient at a flow rate ratio of roughly q* = 1.1 
with the dimensionless force components in y-direction Fy = 0.033 and in x-direction 
Fx = 0.01. 
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Fig. 9.25. Effect of asymmetric approach flow on the radial force created by an impeller of 
high specific speed 

Note the strong dependence of the direction of the radial force on the flow rate. 
Such force variations have an influence on the bearing load and thus on the vibra-
tion behavior of the pump, see Chap. 10. These tests confirm that different sectors 
of the impeller operate (even under steady operation) at different flow conditions, 
which implies their working on different points of the Q-H-curve. Such asymme-
tries – and the resulting radial forces – can be caused either by the geometry up-
stream or downstream of the impeller. 

The forces created by a non-uniform approach flow to an axial or a semi-axial 
impeller of high specific speed can be estimated tentatively from Eq. (9.8).  

FR = kR,D  g H d2
2           with      

2

2

sch
D,R d

L
H
Hcossinfk Δββ=  (9.8) 

H is the head of the considered operation point and H is the head difference 
read from the Q-H-curve for the difference in flow rate Q caused by the non-
uniform approach. For example: if the axial flow velocity is asymmetrical by 
± 5% of the average as shown in Fig. 9.25, H is read for Q = ± 0.05×Q. Lsch is 
the blade length and )(5.0 B2B1 β+β=β is the average blade angle.  

The factor “f” in Eq. (9.8) needs experimental verification. Setting f = 1.0 gives 
factors kR,D of similar magnitude as given in Table 9.4 for axial pumps.  

CFD studies on unsteady hydraulic forces acting on a semi-axial impeller were 
reported in [9.28]. These excitation forces were created by a highly distorted ap-
proach flow. Some results are shown in Fig. 9.30 (last page of Chap. 9). 

9.3.8 Axial pumps 

Radial forces in axial pumps are essentially caused by non-uniform approach 
flows induced for example by inlet bends or vortexes. Perturbations of rotational 
symmetry downstream of the impeller equally contribute to the generation of ra-
dial forces. The mechanisms were discussed in Chap. 9.3.7. 

The experimental radial force coefficients given in Table 9.4 are defined with 
the impeller outer diameter. According to the tests in [9.15] the coefficients for 
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steady radial forces are kR,D = 0.02 at q* < 1.2. At even larger flow rates, the ra-
dial forces rise strongly because of the increasing non-uniformity of the flows at 
the impeller inlet and outlet. The coefficients for unsteady radial forces are ex-
pected in the order of kR,D = 0.01. 

If the rotor of an axial pump runs in an eccentric position, radial forces are cre-
ated by the impact of the flow through the gaps between the blade tips and the 
casing on the work transferred by the individual blades, Chap. 10.7.3. 

9.3.9 Radial forces in pumps with single-channel impellers 

Single-channel impellers are used in sewage pumps and other applications where 
solid matter, typically as large as the nozzle size, is required to pass through the 
pump, Chap. 7.4. Since there is only one blade, the pressure distribution on the 
blade cannot be rotational symmetric. Consequently, a radial force is created on 
the impeller which rotates with the frequency fn given by the rotor speed. It is 
called the “hydraulic unbalance”. The pressure distribution on the blade depends 
on the flow rate – and so does the hydraulic unbalance. To some extent (but not 
completely for all flows) it can be compensated by mechanical balancing. 

The mass distribution of the single blade is not rotationally symmetric either. 
As a consequence, there is a resultant mechanical unbalance. Thickening the blade 
near the leading edge helps the balancing. 

The radial force coefficients defined by Eq. (9.6) are plotted in Fig. 9.26. Tests 
with a single volute pump with nq = 52 were reported in [9.27] and [9.29]. The 
static force coefficient follows the typical trend for single volutes, as shown in 
Fig. 9.22. However, the force coefficients are smaller than in Fig. 9.27 because 
front and rear shroud of the impeller are perpendicular to the pump axis; hence no 
radial forces act on the shrouds.  

The coefficient of the hydraulic unbalance force (i.e. the radial force with the 
frequency f = fn) exhibits a minimum near q* = 0.6 when the impeller is mounted 
in a volute, tests of [9.27], but it rises linearly with q* when the impeller is 
mounted in an annular casing as tested in [7.56]. In this case, the behavior is simi-
lar to the curve of the static radial forces in an annular casing (Fig. 9.22). The tests 
in [7.56] were done with an annular casing with nq = 43; the wrap angle of the 
blade was varied between 289° to 420° with only moderate effect on the hydraulic 
unbalance. The law for the blade angle B = f(r) was varied too, but inlet and out-
let angles were kept constant at 1B = 9° and 2B = 35°. Hence it may be concluded 
that the hydraulic unbalance depends little on the blade design and that the curves 
in Fig. 9.26 can be used for an estimate in the absence of more pertinent informa-
tion, see also Chap. 7.4 for results of parametric study in [9.29]. 

In the range dz/d2 = 1.067 to 1.24, the cutwater distance had little influence on 
the hydraulic unbalance, while the static radial force decreased at partload when 
increasing dz, [9.27]. It is noteworthy that the type of casing exerts a strong influ-
ence on the hydraulic unbalance as shown by Fig. 9.26: even at high flow, there is 
an interaction between the flow in the casing and the flow in the impeller. 
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The system and the approach flow can have a high impact on the hydraulic un-
balance as demonstrated by tests in [7.57], where a resonance with flow fluctua-
tions in the suction bay doubled the hydraulic unbalance force coefficient kR when 
the speed was reduced from 1450 to 1000 rpm. Seemingly, the scaling laws were 
violated in this case. 
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Fig. 9.26. Static radial force and hydraulic unbalance coefficients of single-channel impel-
lers; note that kR is defined by Eq. (9.6) 

9.3.10 Radial thrust balancing 

If the mechanical components of a pump are not dimensioned and designed cor-
rectly for the true steady radial thrust, operational problems may be encountered: 

• Excessive shaft deflection and wear in the annular seals 
• Radial forces generate alternating shaft stresses which can lead to shaft break-

age due to fatigue 
• Bearing overload and bearing damage  
• Damage to the shaft seals (in particular to mechanical seals) due to excessive 

shaft deflection. For pumps built according to [N.6], the shaft deflection at the 
mechanical seal must be limited to 50 μm. 

The steady radial thrust can be reduced by the following design measures: 

1. Double volutes or a rib spaced at 180° from the cutwater, refer to Fig. 9.23. 
The double volute casings tested in [9.2] produced very flat curves FR = f(q*). 
The radial thrust coefficients (over the entire flow range) amounted to 10 to 
20% of the thrust measured with a single volute at shut-off.  

2.  Multiple volutes can be considered in special cases, for example for multistage 
pumps (depending on manufacturing costs). 

3. With reference to Fig. 9.23 multiple ribs similar to test 4 may be considered. 
For example two ribs each with a wrap of about 90° spaced at 120° and 240° 
from the cutwater. 

4. A combination of diffuser and volute. The diffuser must have sufficient vane 
overlap in order to achieve the desired pressure equalization. 



550      9 Hydraulic forces 

5. A combination of vaned diffuser and annular casing, see curve in Fig. 9.22. 
6. At partload pumps with annular casings experience much smaller radial forces 

than single-volute pumps, Fig. 9.22. Since the annular casing at low specific 
speeds implies only a small penalty in efficiency, this option may have advan-
tages when the pump operates mainly below the best efficiency point (as is fre-
quently the case with process pumps). However, note that the radial thrust in 
annular casings increases strongly at q* > 1.  

7. As mentioned in Chap. 7.12, also a combination of an annular casing with a vo-
lute can be beneficial to reduce the radial thrust. Measurements were published 
in [9.2]. The tested casings consisted of a concentric annulus wrapped over 
270° of the circumference followed by a single volute. The specific speeds 
were nq = 23, 41 and 68, the cutwater distances were dz* = 1.33 to 1.84 and the 
casing width ratios were b3/b2 = 1.39 to 1.75. The radial forces at shut-off 
amounted to between 20 and 50% of the values measured with a single volute, 
but (probably) the reduction of the radial force is achieved only with wide im-
peller sidewall gaps. However, at the BEP (and above) the radial thrust in the 
combination of annular casing and volute is higher than in a single volute.  

8. If the flow in the impeller sidewall gap is effectively decoupled from the flow 
in the volute casing by minimizing gap A, the non-uniform pressure distribu-
tion does not act on the projected area of the shroud. The radial thrust has been 
reduced that way in pumps with double volutes and double-entry impellers. If 
the decoupling is effective, any circumferential pressure variations in the im-
peller sidewall gaps tend to diminish unless they are induced by uneven flow 
through the annular seals (e.g. due to eccentricity of the rotor). 

9. Wide impeller sidewall gaps foster the pressure equalization over the circum-
ference; the radial thrust − in particular at partload − is reduced; the effect is 
maximum at Q = 0. This effect is important for the combination of an annular 
casing with a volute 

The effects of items 8 and 9 are to some extent opposite; which effect is dominat-
ing in a specific case depends on the design but is difficult to predict. 

9.3.11 Radial thrust prediction 

For dimensioning the bearings of single-stage pumps and for calculating the shaft 
and its deflection, the radial forces acting on the impeller must be known for the 
entire flow range. These forces are commonly determined from experimental ra-
dial force coefficients according to Eqs. 9.6 or 9.7. Table 9.4 provides all data 
necessary for that purpose for single and double volutes, annular casings and dif-
fuser pumps, [9.13]. Explanations to Table 9.4: 

1. In Table 9.4, q* always refers to the design point of the collector which is usu-
ally identical to the best efficiency point of the pump. The difference only be-
comes relevant if various impellers and collectors are combined. 
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2. Figure 9.27 in Table 9.4 (2) gives the radial thrust coefficients kR0 of single vo-
lute pumps operating against closed discharge valve as a function of the spe-
cific speed. Note that the specific speed must be calculated with the design 
flow of the volute. Attention is required when dealing with double-entry impel-
lers. Under this provision, Fig. 9.27 is valid for single- as well as double-entry 
impellers. The abscissa in Fig. 9.27 is therefore labeled nq,tot = nq×fq

0.5. 
3. A finite radial thrust is also to be expected in the best efficiency point. The de-

pendence on the specific speed is weak, Fig. 9.28. 
4. The data provided in Fig. 9.27 originate from [9.13] and [9.2]; they compare 

reasonably well with the published data. When the annular seal clearances in-
crease, higher radial force coefficients must be applied as stipulated by 
curve 2. These must also be used for radial or diagonal seals as applied in 
pumps which are exposed to abrasive wear, Fig. 3.15. Note: any radial forces 
calculated by CFD must be compared to curve 2, unless the forces created in 
annular seals are taken into account in the CFD computations. 

5. When calculating the radial thrust in double volutes, the coefficient kR0 read 
from Fig. 9.27 must be multiplied by the correction factor FDsp from Fig. 9.29 
(in Table 9.4) which depends on the wrap angle of the inner volute. The value 
thus obtained may be applied in the range of q* = 0 to 1.1. As discussed 
above, the radial thrust can increase strongly at q* >> 1 due to the pressure 
difference caused by different flow resistances in the outer and inner channels. 

6. If the two channels of a double volute are exactly symmetrical (“twin volutes”) 
according to Fig. 7.39, the radial forces amount to only 30 to 50% of the 
forces created in double volutes with a common discharge nozzle. Twin vo-
lutes are found in the series stages of multistage pumps according to Fig. 2.8. 

7. Data for annular casings are scarce in the literature; great uncertainties in the 
thrust prediction are therefore to be expected. All the more so, because there 
are no generally accepted rules for dimensioning annular casings. The function 
kR(q*) depends on the design of the annular casing. In the range where the ra-
tio cR/c2 is small, the radial thrust is expected to increase moderately with the 
flow rate. Where the fluid is strongly accelerated near the discharge nozzle, 
radial forces presumably rise with the square of the flow. 

8. The dependency (if any) of the radial force coefficients of diffuser pumps on 
geometric parameters or the specific speed is not documented. 

9. The unsteady radial forces are quite similar for all types of collectors. The data 
given in Table 9.4 may be considered as broadband RMS values for the entire 
load spectrum of practical interest. Figure 10.35 provides broadband values for 
specific frequency ranges, refer also to Chap. 10.7. 

10. Open and semi-open impellers can experience slightly higher radial thrust co-
efficients than closed impellers, because they lack the effect of some pressure 
equalization in the impeller sidewall gaps. On the other hand, there are no ra-
dial forces on the front shroud. 

11. Cavitation has a significant impact on steady radial forces only when the pump 
runs with full cavitation. However, extensive cavitation can generate unsteady 
radial forces which increase the level of vibrations, [9.13]. 



552      9 Hydraulic forces 

 

Table 9.4 (1) Radial thrust calculation 
q* refers to the layout point of the casing (volute or diffuser) 

Radial force tot22RR bdHgkF ρ=  

1. Steady radial forces 

q* = 0 kR0 from Fig. 9.27 

q* = 0.5 from Fig. 9.28 

0 < q* < 1 kR = (kR0 - kR,opt) (1 - q*2) + kR,opt 

q* = 1 
from Fig. 9.28  

or kR,opt = 0.03 to 0.08 

b2tot 

 Single volute 

q* > 1 kR = 0.09 q*2 (or use kR,opt instead of factor 0.09) 

kR,Dsp = FDsp kR0     with  FDSp = (1.75 - 0.0083 εsp
o)  from Fig. 9.29  

Double volute 

Below q* ≈ 1.1, FDSp and kR depend little on flow rate; above q*>> 1 
the radial thrust can increase sharply. 

 If wrap angle εsp is smaller than 180°, the radial force coefficient for 
q* = 0.5 or q* = 1.0 can be estimated from the following interpola-
tion formula:  

90
90

k
k1

k
kf sp

SV,0R

Rx

SV,0R

Rx −°ε
−+=           valid for  90 <  <180°  

kRx stands for the kR-values of single volute pumps for either 
q* = 0.5 or q* = 1.0. 

fFkk dspSV,0RR =  

kR50 and kR,opt are taken from Fig. 9.28 

Twin volute kR,Zsp = (0.3 to 0.5) kR,Dsp 

Annular cas-
ings 

kR0 = 0.03 to 0.1 

kR,opt = 0.1 to 0.2 

kR = kR0 (1 + q* + a q*2)    “a” depends on the

geometry; tentatively a = 0.18 

Diffuser kR0 = 0.02 to 0.09 q* = 1:    kR,opt = 0.01 to 0.06 

2. Unsteady radial forces q* < 0.5 q* = 1 

All types of volutes and annular cas-
ings, except single-channel impellers kR,dyn = 0.07 to 0.12 kR,dyn = 0.01 to 0.05 

Diffusers kR,dyn = 0.04 to 0.16 kR,dyn = 0.01 to 0.09 

3. Axial pumps 

2
2D,RR dHgkF ρ=

 
steady force: kR,D = 0.02 for q* < 1.2      

unsteady forces: kR,D = 0.01 
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Table 9.4 (2) Radial thrust calculation 
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Fig. 9.27. Static radial force coefficients for single vo-
lutes at shut-off (Q = 0) 

Curve 1: Seal clearance accord-
ing to Eq. (3.12) 
Curve 2: Double seal clearances 
 
single-entry impellers: fq = 1  
double-entry impellers: fq = 2  

Approximation formula for curve 1: 
kR0 = 3.730E-08x4 - 7.274E-06x3 + 3.610E-04x2 + 2.041E-03x + 3.944E-02 
Approximation formula for curve 2 (average): 
 kR0 = -5.000E-05x2 + 9.200E-03x + 1.910E-01 

kR100 = 4.562E-05x2 - 1.894E-03x + 3.179E-02

kR50 = -2.515E-06x3 + 2.633E-04x2 - 2.197E-03x + 3.429E-02
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Fig. 9.28. Static radial force coefficients for single volutes, data from [9.2] 
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Fig. 9.29. Factors for radial force coefficients of double 
volutes 

εsp = wrap angle of inner volute 
(Table 0.2) 
 
Double and twin volutes: below 
q* ≈ 1.1 FDSp and kR depend lit-
tle on flow rate; above q*>> 1 
the radial thrust can increase 
sharply. 
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12. It is prudent to use the sum of static and dynamic radial thrust for the calcula-
tion of the shaft and the bearings, i.e. kR,tot = kR + kR,dyn. For an in-depth analy-
sis of the bearings the dynamic loading due to unsteady radial forces may be 
considered separately. In the absence of specific measurements the data given 
Fig. 10.35 can be used for that purpose. 

13. In general it is recommended to apply at least a coefficient of kR,tot = 0.15 for 
the mechanical design. 

14. The radial forces acting on the shrouds and in the annular seals represent a 
large uncertainty in radial thrust prediction because their effects are ignored in 
the published radial force coefficients. 
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Fig. 9.30. Unsteady radial forces created by the highly distorted approach flow to a semi 
axial vertical pump, CFD analysis [9.28] 
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As explained in Chap. 5, the flow at the impeller outlet is non-uniform. The dif-
fuser vanes or volute cutwaters are thus approached by an unsteady flow. The flow 
at the stator vanes acts back on the velocity field in the impeller. The related phe-
nomena are called “rotor/stator interaction” (RSI). As a consequence of the RSI, 
hydraulic excitation forces are generated. These give rise to pressure pulsations, 
mechanical vibrations and alternating stresses in various pump components. The 
vibrations transmitted to the foundations spread as solid-borne noise throughout 
the building. The pressure pulsations excite the pump casing to vibrations. They 
travel as fluid-borne noise through the piping system, where they generate vibra-
tions of the pipe walls. The vibrating walls and structures radiate air-borne noise.  

As the importance of all these effects increases with the circumferential speed 
of the impeller, vibration problems are encountered particularly in high-pressure 
pump applications. Whether the vibrations and the noise of a pump are felt as dis-
turbing, largely depends on its design and application. Even very small pumps, for 
example, central heating circulation pumps, may be subject to stringent 
requirements concerning the limitation of noise.  

In many applications the pumps are built and tested to standards and specifica-
tions defining the maximum allowable vibration amplitudes (process pumps and 
almost all large pumps). This chapter focuses in the first place on the hydrody-
namic aspects of vibration excitation, as well as on the basic physical mechanisms 
involved, in order to help with the analysis of vibration problems. The interaction 
between hydraulic excitation and mechanical vibrations is discussed too, but the 
theory of mechanical vibrations is beyond the scope of this text. There is a wealth 
of specific literature on vibrations which should be consulted for calculation and 
analysis methods, mechanical vibrations, testing methods and data treatment, e.g. 
[10.16, 10.23, 10.28]. Some basic notions of mechanical vibrations are given in 
appendix A6. 

10.1 Unsteady flow at the impeller outlet 

The velocity distribution at the impeller outlet is pitch-wise non-uniform as a re-
sult of the work transmitted by the blade to the fluid and due to secondary flows.  
According to Chap. 5.2, the qualitative distribution of the relative velocity shows a 
maximum near the suction surface of the blades, Fig. 10.1. The finite blade thick-
ness, the blockage caused by the boundary layers and possible flow separation  
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Fig. 10.1. Wake flow on impeller outlet in the rotating reference frame 

add to the distortion of the velocity profile immediately downstream of the impel-
ler outlet. Considering the fluid flow in the stationary system, a velocity minimum 
in the relative system corresponds to a maximum in the absolute reference frame. 
A fluid particle carried out of the boundary layer into the collector approaches the 
velocity of u2 in the absolute reference frame. 

When the local velocity maximum (or the blade) is somewhat upstream of the 
diffuser vane or volute cutwater, a pressure maximum is observed which is related 
to the stagnation pressure. When the blade passes under the diffuser vane or volute 
cutwater, there is a pressure minimum due to the effect that the fluid is kind of 
“squeezed” through gap B, see also Chap. 10.7.1, Figs. 10.20 and 10.21. 

The unsteady velocity variations at the impeller outlet can be measured by 
means of fast velocity probes or laser velocimetry. As an example, Fig. 10.2 
shows the absolute velocity and the static pressure downstream of a radial impel-
ler. The measuring point A1 is at a distance of 4% of the impeller radius r2, the 
measuring point D3 is placed at the diffuser throat and F3 is just upstream of the 
diffuser outlet. The figure shows one revolution of an impeller with 7 blades at 
n = 1000 rpm. Clearly discernible are 7 velocity maxima corresponding to the 
wakes on the impeller blades. The velocity maximum corresponds (according to 
Bernoulli) to a minimum of the static pressure. The pressure and velocity varia-
tions decay significantly as the flow progresses through the diffuser channel. 

Figure 10.3 shows the variation of the vectors of the relative and absolute ve-
locities during the passage of one blade pitch in the period t = 60/(zLa×n), corre-
sponding to 0.0086 s in this test. During this short time, the velocity vectors vary 
in size and direction. The fluctuations increase at partload, as can be seen when 
comparing q* = 1 and q* = 0.5 in Fig. 10.3. The variations of the vectors of the 
relative velocity imply that the lift acting on the impeller blades is unsteady. Con-
sequently the impeller blades experience alternating forces and stresses. In a simi-
lar way the approach flow to the collector is unsteady inducing alternating 
hydrodynamic forces on the diffuser vanes or the volute cutwater. Thus the local 
flow field is subject to significant variations each time an impeller blade passes a 
diffuser vane or a volute cutwater. This rotor/stator interaction creates perturba-
tions with the frequency f = zLa×n/60 called “blade passing frequency”. The un-
steady flow around the diffuser vanes interacts with the flow in the impeller. 
While this causes only a local disturbance of the velocity field, the impact on the 
pressure field extends over the whole of the impeller channel, [10.11]. 
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Fig. 10.2. Unsteady velocities and pressures in a diffuser, operation at q* = 1; 
Measurements Sulzer Innotec [8.32]  
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Fig. 10.3. Velocity vectors at the diffuser inlet (A1) within one pitch of the impeller blades, 
w: relative velocity, c: absolute velocity. Sulzer Innotec [8.32] 

 

The interaction between the impeller blades and the collector discussed above is 
not the only phenomenon to cause an unsteady flow around the impeller or 
diffuser vanes. Any disturbance in the circumferential symmetry of the flow field 
will have that effect. Circumferential disturbances are created by: (1) Non-uniform 
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velocity distributions of the impeller approach flow as generated by inlet cham-
bers, bends upstream of the suction nozzle, structural elements (ribs) and vortices; 
(2) Flow deflection, secondary flow, flow separation and vortices inside the impel-
ler forming a complex non-uniform flow field at the impeller outlet (Chap. 5); 
(3) Unsymmetries in the discharge flow path as given by volutes, annular 
chambers and the discharge nozzle; (4) The individual impeller channels are not 
completely identical due to casting tolerances. This gives rise to periodical 
changes of the impeller blade lift forces and incidence variations in the diffuser 
approach flow. 

Owing to the 3-dimensional structure of the flow at the impeller outlet and to 
vortices, discrete frequencies (“sounds”) as well as stochastic fluctuations are 
generated. The velocity fluctuations result from the geometry and from boundary 
layer effects. They likewise produce fluctuations in the pressure field, the integra-
tion of which yields the momentary blade forces. A fraction of the mechanical en-
ergy contained in the unsteady pressure fields is transmitted as liquid-borne noise 
(“pressure pulsations”). Apart from vibration measurements at the shaft or the cas-
ing, pressure pulsations in practice are often the only practicable way of getting in-
formation, by an indirect approach, about the frequencies and the intensity of the 
unsteady hydrodynamic effects generated in a pump. That is why pressure pulsa-
tions are often considered to be an indirect measure for the alternating forces act-
ing on vanes and structural components since such forces cannot easily measured. 
Note that alternating forces and stresses are not directly proportional to the pres-
sure pulsations, [10.10]. 

Whereas the time-average of the interaction forces between rotor and stator is 
zero, this does not apply to the momentary forces causing excitation in the base-
plate or the foundation. 

10.2 Pressure pulsations 

Unsteady fluid flow in a compressible medium generates pressure variations that 
travel through the system at the speed of sound that is characteristic to the medium 
(refer to appendix A5). The compressibility of water, though low, is sufficient to 
allow this. Pressure pulsations can give rise to acoustic system resonances and fa-
tigue fractures of pump components. They are also responsible for the radiation of 
air-borne and solid-borne noise. 

10.2.1 Generation of pressure pulsations 

Pressure pulsations are generated not only by the impingement of the wake flow 
on the diffuser vanes, but also by vortices forming downstream of the trailing edge 
due to shear layers and flow separation. As a rule, the wake flow is an important 
source of pressure pulsations in the pump. It creates frequencies corresponding to 
the “blade passing frequency” zLa×n/60 and its harmonics. Due to asymmetries in 
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the impeller channels, pulsations with the rotational frequency and its multiples 
are generated as well, [10.2]. Pressure amplitudes of the effects discussed here 
manifest in the spectrum as rather sharp peaks (“discrete frequencies”). With cer-
tain combinations of impeller and diffuser blade numbers, the pressure pulsations 
of two or more blades may be in phase and amplify each other through “phase 
resonance”, Chap. 10.7.1. 

In contrast, the character of vortices in separated flow and turbulence is chiefly 
stochastic. Their effects do not show up as discrete frequencies, but produce a 
more continuous spectrum over a certain frequency domain. These are termed 
“broadband” pressure pulsations (or “white noise”). Under attached flow condi-
tions, turbulent fluctuations are a weak source of pressure pulsations. However, 
with flow separation at partload and subsequent recirculation at the impeller out-
let, strong vortices are created in the shear layer between the main flow and the re-
circulating fluid. This increases broadband pressure pulsations below the blade 
passing frequency zLa×n/60. 

Likewise, partload recirculation at the impeller inlet induces strong interactions 
between the impeller and components of the inlet casing, particularly ribs, or re-
turns vanes in the case of multistage pumps. Due to shear layers between the main 
flow and the recirculating fluid, vortices are generated which give rise to broad-
band pressure pulsations mainly in the domain below the rotational frequency. 

Vortex shedding downstream of ribs or similar structures causes pressure pulsa-
tions whose frequencies can be described by Strouhal numbers, Chap. 10.12.4. If 
an interaction occurs between the sequence of vortices thus created (“vortex 
streets”) and the subsequent impeller, periodic lift forces are generated. 

The range of maximum pressure recovery in a diffuser is achieved under flow 
conditions where alternating flow separation/re-attachment occurs. Such separa-
tions are expected to have frequencies of 2 to 12 Hz (up to 25 Hz) and show a 
broad peak in the spectrum. The frequency depends on the upstream and down-
stream piping and the diffuser geometry. It drops with increasing flow velocity, 
[10.32]. Also cavitation generates pressure pulsations and noise, Chap. 6.5. 

10.2.2 Noise generation in a fluid 

If the local pressure in a compressible medium is subject to a sudden variation due 
to fluctuations of the flow regime, sound waves are generated. For illustration, 
consider a sphere moving periodically to and fro in a fluid. The movements cause 
periodic variations in local velocity and pressure. Most of the energy input neces-
sary to sustain the movement of the sphere is dissipated into friction and vortex 
decay. A small fraction of the energy is used to compress the fluid and this part is 
radiated as sound waves. The zone of liquid around the sphere where the dis-
placement of the fluid is noticeable is termed “hydrodynamic near field” (measur-
able, e.g., by means of laser velocimetry). The radiated acoustic energy can be 
measured far from its source (in the “far field”) by means of pressure transducers. 

A stationary object placed into the hydrodynamic near field acts as an addi-
tional source of noise since it causes strong fluctuations in the velocity field and 
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disturbs the hydrodynamic short circuit around the primary source. The acoustic 
energy radiated from this secondary source depends on the intensity of the veloc-
ity and pressure variations it produces. Therefore the acoustic radiation of the sec-
ondary source can exceed that of the primary source, [10.6]. This phenomenon is 
thought to explain very well the behavior of centrifugal pumps: The impeller blade 
wake flow is a relatively weak primary source whereas the diffuser vanes (or the 
volute cutwater) in the near field of the impeller act as a strong secondary source. 
This can be inferred from the important impact that the distance between the im-
peller and diffuser vanes has on the pressure pulsations. 

The fluid dynamic aspects of the near field are described by well-known hydro-
dynamic laws, e.g. Bernoulli's equation. Consequently, the pressure variations in 
the near field are proportional to the square of the velocities. With regard to the far 
field, this is not generally true since the acoustic efficiency increases with increas-
ing speed. As the Mach number of pumps is nearly always far below 0.1 this in-
fluence is probably small. For a first approximation the square law can be applied. 

10.2.3 Influence parameters of the pump 

The pressure pulsations experienced in a plant depend on a number of pump as 
well as system parameters. Basically, the primary causes of the pressure pulsations 
are the velocity distribution over the blade pitch at the impeller outlet and un-
steady approach flows upstream of the impeller. They generate the hydrodynamic 
near field. Any structural element situated in the near field at the impeller inlet or 
outlet will act as a secondary source of sound generation. The pressure pulsations 
at the impeller outlet reach their minimum at that flow rate where the velocity dis-
tribution is the most uniform. This flow rate is often situated just a little below the 
BEP, which is the reason why the hydraulic efficiency has its maximum there too, 
Eq. (4.14) and Fig. 4.13. Recirculations at partload and flow separation in the 
high-flow range usually cause the pressure pulsations to increase considerably. 
The following parameters have an influence on the generation of pressure pulsa-
tions: 

1. Parameters affecting the non-uniformity of the wake flow: 

• Thickness and shape of the impeller blade trailing edge 
• Hydrodynamic vane loading at the impeller outlet and the blade pitch or num-

ber of blades; measurements relating to these parameters are found in [10.10] 
• Velocity distribution over the pitch and, consequently, the whole geometry of 

the impeller (especially the blade outlet angle) 
• Approach flow to the impeller 
• Flow separation in the impeller 
• Interaction between the impeller and the collector during partload recirculation  
• There is a tendency for the pressure pulsations to rise with the specific speed, 

i.e. with increasing impeller outlet width and impeller inlet diameter. 
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• Reynolds number. In theory the wake should be expected to get smaller with an 
increasing Reynolds number due to thinner boundary layers on the impeller 
blades. This effect, however, seems to be slight and hardly measurable because 
of the inevitable influence of the system on such measurements, [10.1]. 

For keeping the pressure pulsations low, it should be attempted in the first place to 
obtain as uniform a flow as possible at the impeller outlet by designing impellers 
free from flow separation with low blade loading and weak secondary flow.  

2. Geometric parameters: 

• The distance between the impeller blade trailing edges and the diffuser vane 
leading edges or the volute cutwater (“gap B”) is one of the most important de-
sign parameters for limiting the pressure pulsations generated at high 
circumferential speeds to an acceptable level and for avoiding fatigue fractures 
of diffusers, impellers, or other components. According to investigations in 
[10.1], pressure pulsations and unsteady stresses in the diffuser vanes are pro-
portional to (d3/d2-1)-0.77. Doubling gap B consequently reduces excitation 
forces by about 40%. Yet this is strictly true only if a given impeller is com-
bined with different diffusers having different inlet diameters. Trimming the 
impeller for increasing gap B, increases the blade loading to the effect that the 
benefits of an enlarged gap B can be less than stipulated above. As a rule how-
ever, it can be justly assumed that impeller trimming will reduce pressure pul-
sations, especially in diffuser pumps. In rare cases an increase of gap B can 
even lead to higher pulsations, as demonstrated by measurements taken on a 
volute pump, [10.7]. This finding is explained by a more non-uniform flow dis-
tribution at the impeller outlet caused by higher vane loading and possibly by 
thicker blade trailing edges. Volute pumps are more prone to such abnormal 
behavior than diffuser pumps (since gap B is large, the relative gain through 
trimming in terms of (d3/d2-1)-0.77 is small and the effect of increased blade 
loading may prevail).  

• Combination of the number of impeller and diffuser vanes (Chap. 10.7.1). 
• Staggering of the impellers on the shaft of multistage pumps. 
• Staggering of the two halves of double-entry impellers. 

10.2.4 Influence of the system 

Pressure pulsations are affected to a large extent by the system in which the pump 
is operating and the location where the measurements are taken. Variations in 
cross section (e.g. valves) cause reflections; forward traveling waves can be in 
phase with reflected waves and thus give rise to standing waves. In this way 
acoustic resonances and interferences are created which cause the pressure pulsa-
tions to increase or decrease (or vanish) at certain frequencies. For this reason the 
results of the pulsation measurements depend strongly on the location of the 
measuring points.  
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Figure 10.4 shows an example from [10.8]: The measurements in Fig. a and b 
were made with rubber bellows installed several meters downstream of the pump. 
Due to their compliance, elastic bellows act like the open end of a pipe and largely 
reflect sound waves. At a distance of 355 mm downstream of the pump (Fig. a) 
the blade passing frequency (“5×n”) and its 1st harmonic (“10×n”) are just recog-
nizable in the spectrum. In contrast, owing to standing waves, these components 
are several times higher when recorded at a distance of 755 mm (Fig. b). Higher 
pressure pulsations are thus sometimes recorded at a certain distance from the 
pump than next to the discharge or suction nozzle. Without bellows (Fig. c) the 
blade passing frequency is measured as a strong peak at a distance of 355 mm (in 
contrast to the test with bellows). In addition, strong broadband pressure pulsa-
tions are measured which originate from the throttle valve.1 Other system parame-
ters are: 

• Fluid properties, including the content of free gases. Since the fluid properties, 
in particular the velocity of sound, depend on the temperature, the pressure pul-
sations may also vary with temperature, particularly if resonances occur, [10.7]. 
The influence of free gas is discussed in Chaps. 6.5 and 13.2.4. 

• Approach flow conditions as given by the piping arrangement, valves and 
fittings, or intake vortices generated at a free fluid surface  

• Cavitation phenomena in the plant (valves, other pumps), Chap. 6.5. 
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Fig. 10.4. Pressure pulsations in the discharge nozzle, zLa = 5 [10.8] 

10.2.5 Scaling laws 

No exact methods for scaling pressure pulsations have been established which 
could be easily applied in practice because the acoustic efficiency is unknown. It 
                                                           
1 Examples for the influence of the system on pressure pulsations can be found in [B.20]. 

The topic is discussed in more detail also in Chap. 10.12.3. 
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represents that part of the mechanical energy that is converted into sound. How-
ever, experience shows that pressure pulsations in geometrically similar pumps of-
ten increase roughly with the square of the circumferential speed. Therefore, 
Eq. (10.1) seems to be a meaningful non-dimensional coefficient: 
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Of course, Eq. (10.1) holds only in the absence of acoustical resonances.  
Noise generated by hydrodynamic phenomena can be described by various models 
according to the dominant physical mechanisms, [10.1], [10.13]: Net volume fluc-
tuations generate noise as “monopoles”. These pulsations increase with the square 
of the speed. Fluctuating lift forces radiate noise as “dipoles”. Their amplitudes 
increase with the third power of the speed. Shear layers and vortices radiate noise 
as “quadrupoles”, whose signals are proportional to the fourth power of the speed. 
All of these three mechanisms contribute in pumps to generate pressure pulsations 
the amplitudes of which consequently increase with an exponent between 2 and 4 
of the circumferential speed. Presumably, the diffuser vanes (or the volute cut-
water) in unsteady flow do act as monopoles due to their displacement effect. 
Moreover, the hydrodynamic phenomena in the near field follow the square law. 
At any rate, experience shows that pressure pulsations in centrifugal pumps are 
best described by the square law of Eq. (10.1). This is borne out, for example, by 
the measurements in [10.10]. Though deviations from the square law have often 
been noticed, they can be explained to a large extent as being caused by the influ-
ence of system parameters of the kind discussed in Chap. 10.2.4. For practical 
purposes, the best estimate will often result from using Δp* = f(f/fn) according to 
Eq. (10.1), which gives a first approximation for the pressure pulsation spectrum 
of geometrically similar pumps (fn = n/60 is the rotational frequency).  

10.2.6 Measurement and evaluation of pressure pulsations 

Measurements of pressure pulsations are subject to considerable uncertainties due 
to the influence of the system and of the location of the pressure transducers (as 
shown in Chap. 10.2.4). Thus the values measured may be distorted typically by a 
factor of up to 10. To obtain accurate measurements, anechoic elements should be 
placed on the pipes upstream and downstream of the pump. However, in a liquid-
filled system such is usually impracticable.  

If it is possible to vary the pump speed (or the water temperature) over a large 
range, the accuracy of the measurements can be improved by taking the root mean 
square of the measured pressure pulsations which must be normalized according 
to Eq. (10.1) for the purpose. Yet system influences can only be mitigated by this 
procedure; it is not possible to eliminate them completely. System influences can 
also be reduced by placing pressure transducers at three different locations on the 
pipe and taking the root mean square of the measured values. 

Pressure pulsations are measured usually by piezoelectric pressure transducers 
in the time domain. However, the “time signal” (pressure as a function of time, 
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measured similarly to Fig. 10.25) does not allow drawing conclusions as to the 
likely excitation mechanisms. In order to interpret the measurements and to de-
velop remedies for reducing detrimental pulsations, the time signal is treated by a 
frequency analysis. This yields a frequency spectrum according to Fig. 10.4. As 
mentioned before, that spectrum contains discrete peaks, such as the blade passing 
frequency and broadband components generated by vortices. 

For analyzing non-harmonic pressure pulsations (purely sinusoidal vibrations 
are rarely observed in machines) the Fourier analysis is the accepted method. It al-
lows any periodic non-harmonic signal to be described as a sum of sinusoidal 
partial components, Eq. (10.2): 
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The average pressure po (static pressure at the measuring location) and the 
amplitudes of the partial pressure components aν and bν result from Eq. (10.3) 
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Pressure pulsations can be described in various ways: 

• peak-to-peak: Δpp-p 
• amplitude or peak: Δpa = ½Δpp-p 
• energetic average called “root mean square” (RMS) ΔpRMS:  
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Equation (10.4) is strictly valid only for sinusoidal signals, but it can be used for 
estimation purposes. It should be remembered, however, that peaks of a broadband 
signal can be several times higher than the RMS value. Whether such peaks are 
detrimental or not depends on their energy content. Peak values are therefore not 
more significant than RMS values, even though these disguise the peaks. In actual 
fact, the RMS values are representative for the energy content. This is a strong ar-
gument for using RMS values when evaluating the effect of pressure pulsations on 
the pump and the system. 

RMS values can be represented either as spectra (e.g. 1 Hz bandwidth) or as 
broadband RMS values, e.g. for the range of 1 to 2000 Hz, if n is the number of 
narrow band values whose sum is taken, Eq. (10.5): 
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10.2.7 Pressure pulsations of pumps in operation 

Statistical data of pressure pulsations are plotted as RMS values for three fre-
quency ranges in Fig. 10.5, [10.1]. They have been made dimensionless according 
to Eq. (10.1). The curves AA represent the arithmetic average, the curves SD the 
standard deviation and CL the 95% confidence limit (in [B.20] separate curves for 
single and multistage pumps and for the values measured in the suction and dis-
charge nozzles can be found).  

The data result from measurements in 36 single and multistage pumps. They 
largely correspond with the findings in [10.12] and can be used for estimates and 
comparisons. With special pump designs, such as used for marine pumps, substan-
tially lower levels are obtained. 

The pressure pulsations shown in Fig. 10.5 apply to diffuser as well as volute 
pumps. The tested diffuser pumps were designed according to d3/d2 = 1.04. If the 
distance between impeller blades and diffuser vanes is smaller than that ratio, the 
pressure pulsations increase in accordance with (d3/d2-1)-0.77 as per Chap. 10.2.3. 
Figure 10.5 applies to zLa ≥ 5 only. With 3- or 4-bladed impellers distinctly higher 
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Fig. 10.5. Statistical data of pressure pulsations in different frequency ranges, [B.20] 
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Table 10.1 Hydraulically induced damage to pump components 
Damage Possible causes Possible remedies Remarks 
1. Blade 
breakage at 
impeller 
outlet 

1.1 High blade interac-
tion forces cause exces-
sive alternating stresses 

1.1 Increase distance be-
tween impeller and dif-
fuser vanes 
1.2 Oblique trim of im-
peller trailing edge 

2. Vane 
fracture at 
diffuser 
inlet 

2.1 As 1.1 
2.2 Open diffuser, where 
closed diffuser would be 
necessary, Chap. 14.1 

2.1 As 1.1, 1.2 
2.2 Install closed dif-
fuser 

3. Impeller 
shroud frac-
ture 

3.1 as 1.1 
3.2 Distance between 
impeller and diffuser 
vanes too small 
3.3.Insufficient thickness 
of impeller shrouds 
3.4 Resonance 

3.1 As 1.1, 1.2 
3.2 Increase d3/d2  
 
 
3.3 Increase shroud 
thickness 
3.4 Change zLa or zLe 

• Check for resonance 
of excitation with 
impeller eigen fre-
quencies 

• Further remedies ac-
cording to Ta-
ble 10.2 

• Insufficient casting 
quality often con-
tributes 

• Notch effect at tran-
sition between 
blades and shrouds 

• Pulsations and alter-
nating stresses de-
crease with 
(d3*-1)-0.77 

4. Damage 
to mechani-
cal shaft 
seal 

4.1 High pressure pulsa-
tions 
4.2 Pulsations due to 
cavitation 
4.3 Radial shaft vibra-
tions 
4.4 Axial shaft vibra-
tions 

4.1 see Table 10.2 
4.2 Reduction of cavity 
volume: new impeller, 
higher NPSHA 
4.3 see Table 10.9 

Mechanical seals are of-
ten sensitive elements. 
Further causes: me-
chanical problems, wear, 
cavitation at sliding sur-
faces, corrosion, defor-
mation, electrostatic 
charging inducing sparks  

5. Shaft 
breakage 

5.1 Radial thrust too 
high 
5.2 Alternating stresses 
due to forces acting on 
balance piston (rotor set-
ting!) 

5.1 Possibly double vo-
lute 

Further causes: notch ef-
fect, insufficient shaft 
sizing, corrosion fatigue 

6. Labyrinth 
wear 

6.1 Radial thrust/shaft 
deflection too high 
6.2 Thermal deformation 
of shaft and/or casing 
6.3 Excessive vibrations 

6.1 Double volute, 
stronger shaft 
 
 
6.3 see Table 10.9 

Further mechanical 
causes: unsuitable mate-
rials, shaft deflection 

7. Damage 
to radial 
bearings 

7.1 Radial thrust too 
high 
7.2 High dynamic loads 
(e.g. hydraulic unbal-
ance) 
7.3 Rotor instability 
7.4 Bearing load too low

7.1 Possibly double vo-
lute 
7.2/7.3 see Table 10.9 

Many mechanical dam-
age mechanisms: shaft 
deflection causing high 
local contact loads, lu-
brication, material 

8. Damage 
to axial 
bearing 

8.1 Axial thrust too high, 
e.g. because of effect of 
partload recirculation 
8.2 Labyrinth wear 

8.1 Measure axial thrust, 
modify balance piston or 
hydraulic components 
accordingly 
8.2 Replace labyrinth 
rings 

Mechanical problems or 
transient operation 
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Table 10.2 Design guidelines for low pressure pulsations [B.20] 
Parameter Recommendation Remarks 

 minimum d3/d2 = 1.015 for HSt < 100m 
8.0

fRefRe

st

2

3 1.0
H

H
08.0015.1

d
d

−
ρ

ρ
+≥  

nq < 40 
Distance between 
impeller and dif-
fuser vanes 
Gap B 

d3/d2 = 1.04 + 0.001 (nq - nq,Ref) nq > 40 

Distance between 
impeller and vo-
lute cutwaters fRefRe

st

fRe,q

q

2

z

H

H
07.0

n
n

1.003.1
d
d

ρ

ρ
++≥   

nq [rpm, m3/s, m] 
nq,Ref = 40 
HRef = 1000 m 
d3 applies to diffusers 

Ref = 1000 kg/m3 
 
dz applies to volutes, 
see Table 0.2 

Vane number 
combinations 

m = ν3 zLe - ν2 zLa 
m = 0 must be avoided for ν < 4 Chapter 10.7.1 

Select zLa so that zLa×fn does not coincide with 
acoustical natural frequency in cross-over channel.

Only relevant in special 
cases (e.g. long cross-
over channel) 

Impeller blade 
number 

For pumps with Hst > 100 m avoid zLa < 5 Blade loading (!) 
Impeller blade out-
let profile 

Design for low blade loading near outlet; profile 
on pressure side of blades. 

Trailing edge not too 
thin (stresses!) 

Twisted blades at 
impeller outlet 
(rake) 

                           

Staggering blades with 
double-entry impellers 
(may not be always ef-
fective) 

Oblique blade cut 
at impeller outlet 

 

 

Effective retrofit correc-
tion since d3/d2 is in-
creased (but there is a 
head reduction) 

Volute cutwater 
Oblique correction

 

 

 

Angle ε > 35° 

Partload pressure 
pulsations 

Avoid excessive flow deceleration at BEP at im-
peller inlet and in volute or diffuser throat area. 
c3q/c2 not much below 0.8 (influence on BEP!) 

Chapter 5 

Inlet casing 
Profile ribs according to Table 10.13 in order to 
avoid vortex shedding. 
Optimize area distribution to avoid vortices. 

Chapter 10.12.4 
 
Chapter 7.13 

Suction piping 

Design for uniform velocity profile at impeller 
inlet. 
Avoid successive bends in different planes. 
Install flow straightener if necessary. 

Pump sump 

Avoid air drawing vortices (“vortex ropes”). 
Avoid bottom vortices. 
Structures for suppressing effects of partload recir-
culation. 

Chapter 11.7  
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pressure pulsations are to be expected because of the non-uniform flow at the 
impeller outlet resulting from the large blade pitch. The test data analyzed in 
[B.20] show the following trends: 

• In the range 0 < f < 0.2×fn, the 3-stage pumps generated roughly twice as much 
pressure pulsations as the single stage pumps. 

• For 0 < f < 0.2×fn the pressure pulsations in the suction nozzle were about half 
those in the discharge nozzle. 

• In the range above f > 0.2×fn there are no general tendencies. The level of pres-
sure pulsations in the suction nozzle was on average as high as in the discharge 
nozzle. It was not significantly different in single stage and 3-stage pumps. 

• At q* = 0.25 the pressure pulsations are roughly twice as high as near the best 
efficiency point. 

Since the hydraulics tested have been used in plants in trouble-free pump opera-
tion, the levels of pressure pulsations measured may be considered as acceptable. 

10.2.8 Damaging effects of pressure pulsations 

A certain level of pressure fluctuations is unavoidable and has no detrimental ef-
fects. Excessive pressure pulsations, however, can excite pump and pipe vibra-
tions and might even cause damage. Some typical problems are (see also Ta-
ble 10.1 based on [B.20]): 

• Bearing housing vibrations (possibly resonances), sometimes causing fatigue 
fracture of instrumentation or auxiliary pipes. 

• Baseplate vibrations. Multiplying the pressure fluctuations (read from 
Fig. 10.5) by the cross sections of the suction or the discharge pipes provides a 
rough estimate of the excitation forces at work. 

• Fatigue fracture of tie bolts in multistage segmental pumps or joining elements 
in the stage casings of barrel pumps. 

• The pressure pulsations generated by the pump can give rise to standing waves 
(acoustic resonances) in the system. These may upset the control system, in-
duce pipe vibrations, cause breakage of instrument lines, or get into resonances 
with other components – for example with the fuel rods of a nuclear reactor as 
reported in [10.7]. 

• Finally, pressure pulsations are one of the most important sources for noise 
emissions from the pump: air-borne noise is radiated from the casing, the pip-
ing and the baseplates, and solid-borne noise is radiated into the piping and the 
foundation. 

10.2.9 Design guidelines 

Table 10.2 lists various design features recommended for reducing pressure pulsa-
tions and noise at the source, [B.20]. The most important steps to reduce the ro-
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tor/stator interaction are: (1) the choice of appropriate combinations of impeller 
blade and diffuser vane numbers; (2) the distance (gap B) between the impeller 
blades and the diffuser vanes or volute cutwater; (3) low blade loading at the im-
peller outlet. In multistage pumps with back-to-back impeller design (Fig. 2.8) a 
resonance condition can occur between standing waves in the long cross-over and 
the blade passing frequency, [10.15]; for analysis refer to Chap. 10.12.3. 

If any vane fractures or other damage caused by excessive alternating forces or 
pressure pulsations occur in a pump, oblique trimming of the impeller blade trail-
ing edge, increasing of the distance between the impeller and the collector and 
profiling of the impeller blades are relatively simple remedies. All of these, how-
ever, have an impact on the pump characteristics.  

10.3 Component loading by transient flow conditions 

Strong pressure waves generated in the system during transient or upset conditions 
can damage pump components by creating momentarily extreme peak loads or 
unusual load directions. In this way not only tie bolts and screws but also the axial 
thrust balance disks or pistons may be overloaded. Under the impact of water 
hammer, for example, the pump shaft can be subject to excessive stress transmit-
ted via the split ring which axially positions the balance piston, Fig. 10.6a. 

Excessive pressure pulsations in the system are likely to increase the alternating 
stresses in the impeller or diffuser vanes and in the impeller shrouds. This phe-
nomenon can be explained as follows: When a wave reaches the gap between im-
peller and diffuser, it enters the impeller sidewall gap and is reflected at the annu-
lar seal while it travels through the impeller channels. Thus the impeller shrouds 
are subject to fluctuations of the pressure difference between the impeller channels 
and the sidewall gaps. Alternating stresses increase. This interpretation suggests 
that fatigue fractures can be caused or accelerated by system-induced pressure 
fluctuations due to differences in the reflection times. If the discussed mechanism 
is active, it would appear that gap A should not be made too small in order to re-
duce the (unavoidable) wave reflection caused by the change in impedance at 
gap A. Standing waves in the discharge pipe and the exit chamber of a pump can 
thus increase alternating stresses in impellers and diffusers. Examples are standing 
waves generated in the annular discharge chamber of a barrel casing pump, 
Fig. 2.7, or in the long crossovers of back-to-back pumps in Figs. 2.8, 2.9 or 2.10. 

A transient reversal of the force direction can lead to damage in a multistage 
pump, if the impellers are axially positioned on the shaft by a split ring or a shoul-
der. The axial thrust, normally acting towards the impeller inlet, pushes the impel-
ler against the split ring. Sometimes the impellers are then held on the shaft by 
means of a slight shrink fit. If the pump experiences high pressure fluctuations 
generated in the system, the direction of the axial force is reversed when the 
waves are traveling back through the pump after reflection. As a consequence, the 
impeller of the last stage may be axially displaced and rub against the casing. For 
illustration, Fig. 10.6b shows the effect of pressure waves on the pressure distribu-
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tion on the impeller shrouds which determine the axial thrust: when the wave is 
running forward (from the discharge pipeline to the impeller), the axial force does 
not change much because the rear and front shrouds are subject to roughly the 
same load, Fig. 10.6a. However, the reflected wave shown in Fig. 10.6b causes a 
momentary pressure peak at the impeller inlet, whereas the impeller outlet and the 
impeller sidewall gaps are still in the trough of the wave.  

The described axial displacement and subsequent rubbing of the last stage im-
peller has been actually observed in plants when strong transient pressure pulsa-
tions are generated during filling of a discharge pipe containing gas inclusions. 
The impeller of the first stage can be axially displaced by a similar mechanism 
during extreme pressure fluctuations in the suction pipe if a high pressure peak is 
generated at the impeller inlet by a forward wave, while the pressure downstream 
of the impeller is still low. 

 

FEK 

 Forward wave 

p < pav 

p > pav

FLa 

  Reflected wave 

a) b)

 
Fig. 10.6. Influence of pressure waves on pressure distribution and forces. a) excessive 
loading of piston split ring and shaft with forward wave; b) axial thrust reversal with wave 
reflection 

The differences between the reflection times of the waves entering the impeller 
sidewall gap and the waves traveling through the pump can generate the forces de-
scribed above only in shock-like transients. Significant pressure differences at the 
impeller are created only if the pressure surge in the impeller sidewall gap occurs 
in a time Δt which is smaller than (or of similar magnitude as) the reflection time. 
With the sound velocity a, the reflection time is Δt = (d2 - dn)/(2×a). The corre-
sponding length of the λ/4-wave is: λ/4 = ½ (d2 - dn) and the corresponding fre-
quency results from f = a/λ = ½ a/(d2 - dn). If water hammer phenomena are meas-
ured in a plant, the corresponding frequency is calculated from the recorded 
pressure increase dp/dt by means of f = (dp/dt)/(pmax×π); pmax is the amplitude of 
the pressure surge, [10.55]. 

Water hammer, inclusions of air or vapor in the suction or discharge pipelines, 
as well as damaged or cavitating valves, are likely to cause strong pressure fluc-
tuations leading to the dynamic loading and possible damage. Such events are sel-
dom recorded accurately in plant operation and are thus difficult to prove. The 
discussion of the above (somewhat hypothetical) mechanisms may help to analyze 
such failures.  



 10.4 Radiation of noise      571 

10.4 Radiation of noise 

10.4.1 Solid-borne noise 

Liquid-borne noise (pressure pulsations, cavitation noise), radial as well as axial 
hydraulic excitation forces and mechanical unbalance all generate vibrations in the 
suction and discharge pipelines and in the pump foundation that are radiated as 
solid-borne noise. This process is governed by complicated transfer functions. 
Solid-borne noise generally consists of an infinite number of vibration modes in 
the form of longitudinal and transverse waves. The eigen frequencies of these vi-
brations can be excited by broadband (turbulence, cavitation) or by narrowband 
forces (e.g. rotational frequency, blade passing frequency). Acoustic resonances, 
too, would generate solid-borne noise. That is why the spectra of solid-borne noise 
(just like the spectra of pressure pulsations) are quite complex. Solid-borne noise 
is usually measured by means of accelerometers or, in special cases, by means of 
load cells mounted between the pump and the baseplate. 

The mode density of both solid and liquid-borne noise rises rapidly with in-
creasing frequency. In the high-frequency domain (above roughly 5 to 10 kHz) the 
solid-borne noise bks induced by excitation from pressure pulsations Δp can be es-
timated by means of the statistical energy analysis method. To do so, the compo-
nent (e.g. a pump casing) is idealized as a cylinder with the radius R, wall thick-
ness h, length L, density ρp and cover wall thickness hD, [10.6]. 
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L
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a   3

 h 

p b
R

ρ
+

ρπ

ρ
ρ

Δ=  
(10.6) 

In this equation bks is the root mean square of the acceleration of the pump casing 
or of the piping and Δp is the root mean square of the pressure pulsations. The sta-
tistical energy analysis method is applicable to problems characterized by a high 
density of vibration modes in the solid component as well as in the liquid-filled 
space, and if the acoustic field in the liquid is of a diffuse and broadband nature. 

Solid-borne noise can become a nuisance due to mechanical vibrations or 
through the radiation of secondary air-borne noise. Since the structural damping in 
metallic pipelines, steel frames and concrete structures is low, solid-borne noise is 
transmitted efficiently. For this reason, it is most effective to reduce solid-borne 
noise at the source (pressure pulsations, cavitation, mechanical and hydraulic un-
balances). In addition, secondary measures, such as acoustic attenuation, are often 
required. 

 Noise control can be accomplished either by damping or insulation. Noise in-
sulation is based on the fact that sound waves are reflected whenever they encoun-
ter a sudden change of the impedance ρ×a in the sound path. In the case of solid- 
and liquid-borne noise, only soft lightweight materials such as cork, foamed plas-
tics and rubber are able to provide that sort of impedance jump. In order to prevent 
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the radiation of solid-borne noise into pipelines, elastic bellows can be used, if 
such is feasible with respect to system pressure.  

In order to avoid the excitation of vibrations in the pump foundation, frequently 
the baseplate is mounted on vibration insulators such as soft springs or rubber-
metal components. A pump installed in that way represents a mass-spring-system 
that can be treated according to the methods established for vibration calculations. 
For vibration control to be efficient, the springs used have to be soft enough that 
the eigen frequency of the system is not greater than half the lowest excitation fre-
quency. This because the unsteady forces transmitted to the pump foundation will 
get lower than the excitation forces only for frequencies above f = 1.4×feigen, 
[10.20]. Gaps and interstices in a structure (for example between the pump foun-
dation and the building) will effectively reduce or prevent the radiation of solid-
borne noise. However, noise radiated through “noise-bridges”, as formed by com-
ponents indispensable for force transmission, is very difficult to control. 

10.4.2 Air-borne noise 

Part of the energy contained in solid-borne noise is radiated from the pipelines, the 
pump casing and the baseplates as air-borne noise. The level of air-borne noise ra-
diated is roughly proportional to the product of the effective (RMS) vibration ve-
locity of the vibrating structure multiplied by its surface area.  

The noise radiated from machines is measured or specified as sound power or 
sound pressure. It is given as “noise level” in decibel (dB)1. As a rule the A-
weighted sound pressure level, dB(A), is used. The A-weighting (DIN 45635) 
takes into consideration the annoyance caused by various frequencies as perceived 
by the human ear. For this reason, the greatest emphasis is laid on the frequency 
domain roughly between 800 and 5000 Hz, whereas frequencies outside this range 
contribute less to the A-weighted level. 

For assessing the effect of various noise sources − e.g. pump, motor, gear box, 
throttle valve − the sound power levels of these components are added. Accord-
ingly the total sound power level results from the logarithm of this sum.  

Table 10.3 gives the different noise level definitions and provides formulae for 
adding noise levels. Table D10.1 shows some examples of the addition of two or 
more noise sources.  

When determining the noise according to the “prescribed surface method” the 
sound pressure is measured at a distance of one meter from the pump on an imagi-
nary cuboidal measuring surface S. Extraneous noise sources such as motor, gear 
box, valves and piping have to be shielded during the test in order to record only 
the noise of the pump. Such a shielding can be quite expensive. Moreover all val-
ues measured in a reverberating room need correcting. 

The (preferable) “intensity measuring method” to a large degree avoids the 
draw-backs inherent to the prescribed surface method. It is based on measuring the 
sound intensity at various locations around the pump (ISO 9614-1) or by scanning 
                                                           
1 The measurement is done according to DIN 45635, [N.19] and ISO standards. 
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Table D10.1 Addition of different noise sources 

Addition of n equal noise sources 

Number of equal noise sources 2 3 4 5 6 7 8 

Increase in level ΔL [dB] 3 4.8 6 7 7.8 8.5 9 

Addition of two different noise sources 
Level difference [dB] 0 4 8 12 16 > 24  

Increase in level ΔL [dB] 3 1.5 0.6 0.3 0.1 0  

Total level: Ltot = L1 + ΔL if L1 is the greater of the two noise levels 

 
Table 10.3 Definition of noise levels Reference 

Sound power 
o

w W
Wlg10L =  Wo = 10-12 W 

Sound pressure (p is the RMS) 
o

p p
plg20L =  po = 2×10-5 N/m2 

Measuring surface 
S = measuring surface in a dis-
tance of 1 m  o

s S
Slg10L =  So = 1 m2  

Calculate sound power from 
sound pressure  Lw = Lp + Ls   

Addition of n noise sources:  
Sound power level ==

n

i

L1.0n

i o

i
tot,w

i,w10lg10
W
Wlg10L  

Addition of n noise sources:  
sound pressure level 

The individual sound power levels Lw,i are added as 
above and the total sound power level is determined on 
the chosen measuring surface. 

Addition of n equal noise sources Lw,tot = Lw.1 + 10 lg n Lp,tot = Lp.1 + 10 lg n 

 
Table 10.4 Noise emission of pumps, A-weighted levels in dB A 
Pump type Sound power Sound pressure 
Side channel pumps 
[B.28] 
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P
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P
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Measuring 
surface o
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o
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P
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S
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Applicable to all 
pump types accord-
ing to [10.19] in the 
range of: 
10 < Popt < 104 kW 
200 < n < 6000 rpm Sound pres-

sure o

opt

o

opt
pA P10

P
lg

P
P

lg 960L −+=        ± 4 dB 

All formulae are valid for operation at BEP with the power Popt (without driver) 
Reference quantities: Po = 1 kW      no = 1 rpm      So = 1 m2 
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the complete measuring surface (ISO 9614-2). The sound intensity (in W/m2) is 
defined as the sound power per surface unit. Frequently pump operators specify 
the maximum values for air-borne noise which the pump must not exceed. Ta-
ble 10.4 gives formulae for this purpose which are applicable for operation at the 
best efficiency point without extensive cavitation. The noise levels calculated ac-
cording to Table 10.4 may be considered as the values to be statistically expected 
for industrial pumps. A poor pump design will lead to higher noise levels.  

During partload operation and at q* > 1 the noise levels increase. A quantitative 
assessment of this effect can be made by using Fig. 10.5. The equations given in 
Table 10.4 take into account neither the influence of the motor nor of the gear box, 
pipes and valves which increase the noise of a single stage volute pump by typi-
cally 5 dB. 

Noise pollution in a pumping system can be reduced by a number of remedies:  

1. Correct pump selection: Avoid partload operation resulting from over-sizing. 
2. Make available sufficient NPSHA or, to put it another way, select for a given 

NPSHA a pump that will operate without extensive cavitation. To obtain this it 
is necessary that NPSHA > NPSH0.  

3. Low pump speed. 
4. Well balanced pump rotor. Careful alignment of the drive train. 
5. Unsuitable valves used for throttling high pressure differences can be impor-

tant sources of noise. Therefore quiet valves should be chosen. This also im-
plies providing a sufficiently high back pressure in order to avoid cavitation in 
the valve which would generate considerable noise. 

6. Low flow velocities help to reduce the noise radiated from the pipes. 
7. Branches, orifices, elbows, sharp bends and sudden expansions cause flow 

separations resulting in noise and should therefore be designed for smooth 
flow or avoided as far as possible. 

8. Arrange all fittings at a distance of at least L > 10×D upstream of the pump in 
order to avoid increasing noise generation by an inadequate impeller approach 
flow. Install flow straighteners if the approach flow is distorted, for example 
by multiple bends closely upstream of the pump. 

9. Choose quiet motors, couplings and gear boxes, if any. Select fans for cooling 
of electric motors for one sense of rotation only. 

10. Control solid-borne noise by the choice of appropriate pipe supports. 
11. Solid-borne noise radiation in pipelines can be suppressed to a large extent by 

the use of elastic bellows provided there are no noise bridges. 
12. Install small units on elastic supports if that does not cause vibration problems.  
13. Thick-walled casings and pipes reduce noise. Pumps with large, thin-walled 

casings are prone to noise radiation. 
14. The design of the building has an important impact on noise pollution. In a 

room with hard, smooth (tiled) walls, floor and ceiling, the sound is efficiently 
reflected and the noise level increases due to the absence of absorbing sur-
faces. Noise absorbing walls, ceilings and structural elements reduce the noise. 

15. Noise and vibration insulation help to reduce the amount of noise radiated to 
the surroundings. Thermal insulating material consisting of mineral wool cov-
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ered by sheet metal (thickness 1 to 2 mm) reduces the noise level by 1 to 4 dB. 
The thicker the sheet metal, the better is the noise insulation. Mineral wool 
without a metal cover is ineffective, aluminum is less effective than steel be-
cause of its lower density. 

16. By means of a hood, noise can be reduced by 10 to 30 dB depending on hood 
design. The insulation achieved by a hood is more effective in the high-
frequency domain than at low frequencies. 

17. In order to fight air-borne noise at its source, the measures to reduce pressure 
pulsations as per Table 10.2 can be applied. 

18. Inlet casings which generate a non-uniform impeller approach flow should be 
avoided. 

19. Air-borne noise can be reduced by increasing the wall thickness of sound radi-
ating surfaces (pump casing, pipes and baseplates). Doubling the wall thick-
ness reduces the noise by about 4.5 dB for a given strength of the noise source. 

20. For non-grouted installations the baseplate is often a major source of noise. 
Damping treatment (e.g. by damping cassettes) can be applied to the baseplate 
panels to reduce their noise radiation. 

When attempting to reduce the noise in a pumping station it should be borne in 
mind that the pump drive train (e.g. electric motor with fan, gear box), piping, 
auxiliaries, valves or other extraneous noise sources have a considerable (if not 
dominating) impact on the overall noise level. 

10.5 Overview of mechanical vibrations of centrifugal 
pumps 

The various types of vibrations count among the most frequent sources of opera-
tional problems with centrifugal pumps. In order to solve vibration problems, it is 
often vital to attempt to understand the interaction of hydraulic and mechanical 
phenomena. Basically three types of vibrations should be distinguished: 
Free vibrations occur if a system consisting of mass, spring and damping is ex-
cited by a single event (e.g. a shock or a blow) and afterwards left to itself. The 
system then vibrates at its natural (or “eigen”) frequencies. The resulting ampli-
tudes decay faster with increased damping. Free vibrations, for example, are cre-
ated by an earthquake or by an impact test to determine eigen frequencies.  
Forced vibrations are generated if a system consisting of mass, spring and damp-
ing is excited by a periodic force. In this way, an unbalance excites rotor vibra-
tions which are transmitted by the bearings and the casing to the foundation. The 
reaction of the system depends on the ratio of the excitation frequency ω to the ei-
gen frequency ωE and the damping. When resonance occurs at a ratio of ω/ωE = 1 
the amplitudes can become very high if damping is low (resonance amplification). 

The time relation between excitation and system response is described by the 
phase angle. With low damping and ω << ωE the system follows the excitation vir-
tually without a time lag. When the system goes through a resonance the phase 
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angle jumps from below 90° to over 90°. If the system is highly damped, the am-
plitudes scarcely increase in a resonance; in such cases the phase change provides 
a better indication of a resonance condition than the amplitude. 

An eigen frequency is not only excited to resonance by a close-by discrete exci-
tation frequency. It can also be excited selectively by broadband mechanisms. For 
example: if broadband pressure pulsations in the range of 5 to 40 Hz are observed 
at partload, a baseplate eigen frequency of 25 Hz could show up in the spectrum as 
a resonance peak, even though the pressure pulsation spectrum exhibits no peak at 
25 Hz. Further examples of resonance problems with pumps are the excitation of 
bearing housing vibrations by impeller/diffuser vane interactions or shaft vibra-
tions caused by rotating stall. 
Self-excited vibrations occur if there is a feedback from the vibrating structure to 
the excitation mechanisms. A vibrating pump rotor creates reaction forces in the 
annular seals. If the flow in the seal generates forces which excite the rotor orbit in 
the direction of the rotor speed and damping is sufficiently low, a self-excited vi-
bration is created. The rotor becomes instable and its amplitudes are limited only 
by non-linear effects such as rubbing in the annular seals (Chap. 10.6.6). 

While free vibrations are rarely significant in pump operation, forced and self-
excited vibrations frequently cause problems. Typical categories are: 
1. Lateral shaft vibrations are measurable as forced vibrations in every pump 
because of an unavoidable residual unbalance of mechanical and hydraulic origin. 
Shaft vibrations are measured by proximity probes installed close to the bearings. 
This type of vibration is discussed in the section “Rotor dynamics“. 
2. Torsional vibrations of a pump rotor can be significant if the driver provides 
an unsteady torque. Such is the case with electric motors which are fed from a fre-
quency converter or pumps driven by a reciprocating engine, Chap. 10.13. 
3. Bearing housing vibrations are generated as reactions of the bearing housing 
to lateral shaft vibrations and to unsteady deformations in the pump casing. They 
are measured by accelerometers installed in vertical, horizontal and axial direc-
tion. Resonances of the bearing housing with the blade passing frequency are not 
uncommon, in particular with semi-open bearing housing designs. Closed bearing 
housing designs are stiffer, but excessive vibrations still cause sometimes prob-
lems. Bearing housing vibrations are discussed in Chap. 10.11. 
4. Vibrations of the pump/baseplate system are excited by rotor vibrations and 
pressure pulsations and transferred to the pump foundation. Baseplates are consid-
ered as continuous structures with many degrees of freedom. Baseplates of high-
pressure pumps must be analyzed for the risk of resonances with the excitation 
frequencies. Excitation forces can also originate from the driver or the piping. 
5. Axial rotor or bearing housing vibrations are frequently observed on single 
stage, double-entry pumps during partload operation. They are caused by unsteady 
impeller inlet and discharge flows. Axial rotor shuttling is particularly pronounced 
when flow recirculation at the impeller outlet influences in an unsteady way the 
flow in the impeller sidewall gaps. Such effects usually occur at low frequencies, 
so that axial rotor movements may be visually observed.  
6. Vibrations of vertical pumps. Vibrations of the rotor and the column pipe, as 
well as the coupling between both phenomena, are to be analyzed. Furthermore, 
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motor and motor pedestal vibrations may be an issue. Depending on the length of 
the column pipe its eigen frequencies may be near the rotational frequency or in 
the range of a few Hertz only. Non-uniform approach flow, in particular vortices, 
frequently lead to vibration problems, Chap. 11.7.3. Since the journal bearings of 
vertical pumps have no defined loading, stiffness and damping provided by the lu-
brication films are low. Therefore, such bearings are prone to instabilities which 
may be recognized by chaotic vibration orbits. 

Excessive vibrations can create a number of problems such as rotor rubbing and 
premature wear of annular seals, damage to bearings, couplings and shaft seals as 
well as baseplate vibrations and noise (see also Table 10.1). 

10.6 Rotor dynamics 

10.6.1 Overview 

The pump rotor as movable element and origin of energy transfer is the source of 
all vibrations which are excited by the pump. The reliable prediction of shaft vi-
brations and the limitation of hydraulic excitation forces are therefore important 
for the safe operation of high-energy pumps.1 The task of the rotor dynamic analy-
sis is to determine eigen frequencies and eigen modes, to calculate forced response 
and to assess excitation forces. Although vibration problems can be encountered 
with any type of pump and though the physical mechanisms discussed in the fol-
lowing are generic in nature, rotor dynamic investigations are most significant for 
multistage pumps with high impeller tip speeds.  
A pump rotor is essentially subject to the following forces: 

1. Steady forces, such as the rotor weight as well as hydraulic radial and axial 
forces, determine the reaction forces in the bearings. The bearing forces deter-
mine stiffness and damping coefficients and have a great impact on the dy-
namic behavior of the rotor. 

2. Excitation forces are generated by the mechanical unbalance and by periodic 
and stochastic hydraulic forces in radial (and axial) direction whose synchro-
nous components are frequently the most significant. Other excitation forces 
are due to rotating stall, unbalanced blade forces and stochastic forces caused 
by flow separation, recirculation and turbulence. The excitation forces are al-
ways present, independently of the rotor vibration. 

                                                           
1 As per  [N.25] high-energy pumps are defined as pumps whose heads per stage exceeds 
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   with nq,Ref = 25, HRef = 1 m  and Ref = 1000 kg/m3. 

The formula is valid for 25 < nq < 67. Below nq = 25 the limit is Hst,opt = 275 m; no limits 
are defined for the range above nq = 67. The topic is discussed in more detail in 
Chap. 15.4 where three quality classes are defined. 
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3. Hydraulic reaction forces are generated by the orbital movement of the rotor. 
Due to the radial displacement, the pressure distribution around the impeller 
changes. This is true for both closed impellers and open impellers (“Alford ef-
fect”). Considerable reaction forces can thus be created in high-pressure pumps, 
even though the vibration amplitudes usually are below 0.1 mm. Rotor orbiting 
also creates non-uniform pressure distributions in annular seals leading to high 
reaction forces. Reaction forces of this kind are acting only if the rotor vibrates. 

4. Likewise reaction forces are created in journal bearings, since the pressure dis-
tribution in the lubricating film depends on the rotor movement. 

5. The shaft coupling can excite rotor vibrations through alignment errors (e.g. 
created by cold/hot operation), through coupling deficiencies and through trans-
mission of vibration from the driver or a gear, [10.9], [B.19]. 

10.6.2 Forces in annular seals 

Forces created in the annular seals at the impeller or at an axial thrust balance de-
vice have an altogether dominating impact on pump rotor vibrations. To a large 
extent they determine the eigen frequencies, eigen modes, amplitudes of forced re-
sponse and the stability limit of multistage pumps. The “dry” critical speed (in air) 
of a multistage pump calculated without the effect of annular seals is typically 
only 30 to 50% of the effective (“wet”) critical speed during pump operation. Ro-
tor dynamic calculations of a multistage pump in air are therefore meaningless. 
They cannot be used even as a first approximation (except, of course, for dry run-
ning, which is sometimes required). 

The fluid forces created in an annular seal are usually calculated according to a 
linearized model, e.g. [10.23], [10.22]. The radial and tangential force components 
are described by spring (k), damping (c) and mass coefficients (m) which are pro-
portional to the displacement, the velocity and the acceleration of the rotor move-
ment: 
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The coefficients without subscript describe those reaction forces which act in the 
direction of the displacement, the vibration velocity or acceleration, while the 
terms with subscript c (“cross-coupled terms”) mark those reaction forces which 
act perpendicular to said vectors. The resulting forces can be interpreted as inte-
grals over the pressure distribution and wall shear stresses in the seal. Equa-
tion (10.7) was derived for oscillations around a central rotor position, but 
Eq. (10.7) can be used approximately for static eccentricities up to 50% of the seal 
clearance. In Eq. (10.7) rotational symmetry was assumed (the diagonal terms in 
the matrices are equal). This assumption is essentially fulfilled for short seals with 
Lsp/dsp < 0.5. For long seals with Lsp/dsp > 0.75, such as a balance piston, a fourth 
matrix must be added to Eq. (10.7) in order to account for the tilting of the rotor 
axis in the seal. The fourth matrix is not needed if the long seal is interrupted by 
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deep annular grooves which allow a pressure equalization around the circumfer-
ence (such grooves can be recognized in Fig. 2.7). 

The coefficients in Eq. (10.7) depend on the geometry of the seal and on the 
flow conditions; they are determined by experiments or calculated by means of va-
rious computer programs, [10.22], [10.57] to [10.61]. Figure 10.7 provides the 
range of coefficients expected for short annular seals, as encountered at the impel-
ler inlet or as interstage seals. These data are applicable to smooth seals or seals 
with shallow serrations (groove depth up to 0.5 mm). Figure 10.7 provides all 
equations defining the seal coefficients and the range of parameters which have 
been covered by the tests.  

Figure 10.7 demonstrates that the cross-coupled stiffness kc* grows with in-
creasing pre-rotation Ut*at the seal entrance and with an increasing ratio of the 
circumferential speed ×R to the axial flow velocity cax. In contrast, the direct 
damping c* diminishes, if the ratio of the axial flow velocity to the circumferential 
speed increases. All other coefficients scarcely depend on flow conditions; the 
ranges measured for k*, cc*, m* and mc*are listed in Fig. 10.7. The domains 
which apply to typical impeller inlet seals and interstage seals are highlighted in 
Fig. 10.7. Essential for the assessment of rotor behavior are the resulting radial 
and tangential forces which depend on the amplitude A and the vibration fre-
quency Ω. With the coefficients from Fig. 10.7, the radial and the tangential forces 
Fr and Ft are given by Eq. (10.8): 
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Fig. 10.7. Dimensionless force coefficients for short annular seals [10.22] 
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A negative radial force opposing the momentary rotor displacement has a center-
ing effect and increases the rotor eigen frequencies. A negative tangential force 
opposing the momentary circumferential orbit movement has a damping effect. If 
the orbit moves against the direction of shaft rotation and if Ft > 0, the rotor runs 
stably. Figure 10.8 represents these conditions. Neglecting the small influence of 
the cross-coupled mass, the stability limit is derived from Eq. (10.8) for the condi-
tion Ft = 0 yielding kc* = c* Ω/ω. From this the limiting frequency of the orbit 
movement follows as: 

*

*
c

itlim
c
kω=Ω  (10.9) 

Above Ωlimit a positive damping is achieved and the rotor operation is stable. Be-
low this limit self-excited vibrations render operation impossible. The frequency 
limit rises in proportion to the operation speed ω and the cross-coupled stiffness 
kc*; it decreases with increased direct damping c*. If the rotor vibrates at its low-
est (speed-dependent) eigen frequency fe1, the stability limit is reached at the fol-
lowing operation speed nel (in rpm): 

*
c

*
1e1e

k
cf60n =  (10.10) 

When the rotor is subject to unbalance-induced forced vibrations, the orbit fre-
quency equals the rotational frequency. The ratio of the stability limit nel to the 
operational speed n then becomes: 

*
c

*
1e

k
c

n
n =  (10.11) 

This means that the rotor runs stably at all speeds if the ratio c*/kc* is sufficiently 
greater than 1.0. This condition must be fulfilled to enable pump operation in the 
first place. 
The effect of annular seals is governed by the following principles: 

• All coefficients are proportional to the pressure difference across the seal as 
well as to its diameter and length. 

• All coefficients increase in inverse proportion to the radial seal clearance. 
• Since the pressure differences across the seal are proportional to the fluid den-

sity, seal forces decrease with falling density. As compared to operation with 
cold water, seal stiffness and damping decrease when light hydrocarbons are 
pumped. Consequently, eigen frequencies and vibration measurements on the 
test bed with cold water cannot be transferred directly to plant operation with 
light hydrocarbons or other low-density fluids.  
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• The radial force is determined by the direct stiffness, because it dominates over 
the mass term and the cross-coupled damping. The direct stiffness of a short 
annular seal (say Lsp/rsp < 0.3) is caused by the following mechanism: The flow 
velocity on the side with the smaller gap (due to the higher flow resistance 
given by ×L/s) is lower than on the side with the larger clearance, Fig. 10.9a. 
Due to the greater inlet loss on the side with the higher velocity, a pressure dif-
ference between the narrow and the wide gap is created. This pressure differ-
ence generates a force which is opposed to the rotor displacement and thus has 
a centering effect on the rotor. The mechanism is frequently referred to as the 
“Lomakin effect”. The stiffness k of a short plain annular seal with diameter 
dsp, radial clearance s, friction coefficient λ and length Lsp can be estimated 
from [10.37]: 
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Fig. 10.8. Rotor instabilities 

• A positive stiffness augments the eigen frequencies of the rotor. Consequently, 
the eigen frequencies rise with growing pressure differences p across the seal 
and with the rotor speed since p ~ n2. 

• The centering “Lomakin effect” is opposed by a “Bernoulli effect”, Fig. 10.9b. 
For reasons of continuity the circumferential flow, induced by shear stresses on 
the rotating shaft, has its velocity maximum on the side with the narrow gap. 
According to the Bernoulli equation the highest velocity corresponds to the 
lowest pressure. As a consequence, a de-centering force component is acting 



582      10 Noise and Vibrations 

from the wider to the narrower gap, [10.33]. Since it takes some distance to 
generate an appreciable circumferential flow by wall shear stresses, the Ber-
noulli effect is weak in short seals, but it becomes dominating in long annular 
seals. The foregoing statement is true only if the fluid entering the seal does not 
have a strong circumferential velocity. Very long seals which are not inter-
rupted by deep annular grooves are de-centering, [10.23]. 
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pmin 
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b)

Resulting force 
proportional to area 

 
Fig. 10.9. Radial forces in annular seal, a Effect of axial flow (Lomakin effect),  
b Effect of circumferential flow (Bernoulli effect) 

• The smaller the gap width, the higher are the centering forces. If the seals wear 
during service (for example due to abrasion), the eigen values and critical 
speeds of a rotor drop.  

• While deep grooves are apt to reduce the leakage, they impair the stiffness of 
the seal and are therefore detrimental to rotor dynamics. At given conditions 
smooth annular seals yield the highest stiffness but they are sensitive to wear 
and increase the risk of rotor seizing. Seals with shallow grooves provide a 
good compromise between these extremes. Grooves on the stator, due to the in-
creased friction surface, reduce the circumferential velocity component in the 
seal and, consequently, the cross-coupled stiffness.  

• The tangential force is that component which acts in (or against) the direction 
of the vibration orbit. It determines the damping of the rotor and its stability. 
The effective damping results from two opposing effects: (1) The direct damp-
ing which is proportional to the orbit frequency stabilizes the rotor because it 
opposes the movement of the orbit. Direct damping decreases with a growing 
ratio of the axial to the circumferential velocity components, Fig. 10.7. (2) The 
cross-coupled stiffness acts in the direction of the orbit movement, it feeds en-
ergy to the rotor and is destabilizing. A strong pre-rotation at the seal inlet and 
a large ratio of the circumferential to the axial velocity increase the cross-
coupled stiffness, reduce the effective damping and are thus destabilizing. If the 
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tangential force becomes zero or positive, self-excited vibrations occur unless 
the rotor is sufficiently damped by the bearings or other features. 

• The influence of the mass term is considerable with long seals (high Lsp/dsp), 
such as the balance piston.  

Smooth gaps have a strong impact, seals with deep grooves exert only a minor 
influence on the eigen frequencies. Deep grooves also impair rotor damping as 
compared to smooth seals. The choice of the groove depth is therefore a compro-
mise between leakage (efficiency) and rotor dynamic criteria. While the coeffi-
cients from Fig. 10.7 are applicable only to short seals, the physical mechanisms 
are relevant also for long seals such as balance pistons or throttling bushes used as 
shaft seals.  

With long seals, tilting of the rotor versus the bushing must be considered be-
cause it impairs the stiffness of the seal. Therefore, deep annular grooves are ma-
chined in the balance piston bushing at two or three locations along its length in 
order to foster pressure equalization around the circumference of the piston. Ex-
perimental data on the coefficients of long seals are difficult to obtain in the range 
of pressures relevant for high-pressure pumps, because the pressure differences of 
several 100 bar generate extremely high forces which are difficult to harness in a 
test rig. The coefficients for long seals are therefore derived from theoretical cal-
culations, [10.24] and [10.25].  

The balance piston of a high-pressure pump, which breaks down for example 
200 bar, has a strong centering effect on the rotor. The radial rotor position near 
the piston is therefore essentially dictated by that force. If the relative position of 
the piston and the bearings is not well adjusted, alternating shaft stresses and even 
shaft failures may result.  

A high level of damping is the most important criterion for the operation of a 
multistage pump with low vibrations. Two ways are open to increase the rotor 
damping and boost the stability margin: 

1. Reduction of the circumferential flow velocity cu in the seal. The benefits of 
this measure are two-fold: firstly, the direct damping is enhanced and secondly, 
the cross-coupled stiffness (as the driving force) is reduced. The cross-coupled 
stiffness is in fact approximately proportional to the average circumferential ve-
locity in the seal. A reduction of cu can only be achieved by either a rough sta-
tor surface or by structures impeding the flow in circumferential direction, e.g. 
honeycomb seals as per [10.26], [10.27]. If serrated seals are applied to reduce 
the leakage and/or the risk of rotor seizure, the serrations should be machined 
into the stator bushing in order to decrease cu by an increased friction surface 
on the stator. Also spiral grooves in the stator bushing reduce the cross-coupled 
stiffness if they are designed to achieve a pumping action against the sense of 
rotor rotation, [10.23]. However, the shorter the seal, the less efficient will be 
such measures, because the flow path is too short to effectively reduce the inlet 
swirl within the short seal length. A rough stator is efficient if the seal is long 
(Lsp/dsp > 0.5) and/or the pre-rotation at the seal inlet is strong (cu/u > 0.5). 

2. Reduction of the pre-rotation at the seal inlet by a swirl brake, [10.29]. Tests in 
[5.17] and [10.22] showed a strong increase in damping by introducing a swirl 
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brake at the balance piston. When operating with twice the design clearances, 
vibration amplitudes dropped by more than 50% when the swirl brake was in-
troduced. A swirl brake is also effective at the seal at the impeller inlet. In con-
trast, there is virtually no pre-rotation at the interstage seal and a swirl brake 
placed there would bring no improvement. In very short seals damping can only 
be improved by means of a swirl brake. 

If the leakage flows radially inwards, the pre-rotation at the seal inlet increases 
with the leakage flow rate, the tangential velocity c2u at the impeller outlet and the 
ratio d2/dsp of the impeller to the seal diameter, refer to Chap. 9.1 Therefore, a par-
ticularly high pre-rotation is present in pumps with low specific speeds (Fig. 9.6). 
If the seal clearances grow during service due to wear, the pre-rotation strongly 
increases and rotor eigen frequencies as well as damping drop considerably. 

If, in contrast, fluid recirculating from the collector enters the impeller sidewall 
gap with low tangential velocity, the pre-rotation at the seal is reduced, rotor 
damping increases and rotor amplitudes drop. This can provoke a sudden change 
in vibration amplitudes, as demonstrated by tests on a boiler feedpump at 
q* = 0.25 shown in Fig. 10.10, [5.17]. For this test the clearances at the balance 
piston and at the impellers were opened up to twice their design value. When the 
pump was run up on a speed ramp, the amplitudes dropped sharply as the speed 
exceeded about 6600 rpm. This remarkable behavior is explained by the following 
mechanism: At q* = 0.25 recirculation at the impeller outlet is well developed. As 
the balance water flow rate grows with increasing speed, more fluid with low tan-
gential velocity is drawn into the impeller sidewall gap and the pre-rotation at the 
balance piston is reduced. Apparently this reduction was as effective as a swirl 
brake. This is concluded from the level of the amplitudes attained at n > 6600 rpm. 
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Fig. 10.10. Influence of partload flow on shaft vibrations with double clearances at 
q* = 0.25, [5.17] 
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10.6.3 Hydraulic impeller interaction 

If an impeller moves around its centric position due to vibrations of the rotor, the 
pressure distribution over the impeller circumference changes. Reaction forces are 
thus generated in a similar way as with annular seals. These forces can be de-
scribed by the linearized model of Eq. (10.7) in terms of coefficients for stiffness, 
damping and mass. The interaction forces do not only act on the impeller outlet 
width but also on the shroud. If the shroud is not perpendicular to the rotor axis, 
this effect can be considerable. Figure 10.11 shows the coefficients of stiffness, 
damping and mass measured on a diffuser pump, [10.22]. The equations defining 
the force coefficients and the test parameters are given in Fig. 10.11. The coeffi-
cients quoted in [10.33] are of similar size as those in Fig. 10.11. 

The test data show the following trends: the radial force resulting from 
Eq. (10.8) has little impact on the eigen frequencies because the direct stiffness is 
low and the effects of the mass and cross-coupled damping (both are significant) 
compensate to a large extent. Overall, the effect of the hydraulic impeller interac-
tion on the eigen frequencies is slightly negative. The tangential force is destabi-
lizing because the cross-coupled stiffness is high while the direct damping is 
weak. 
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Fig. 10.11. Hydraulic impeller interaction coefficients [10.22] 
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The limiting speed at which the impeller contributes to rotor instability follows 
from Eq. (10.9) and Fig. 10.8. Typically the hydraulic impeller interaction is one 
order of magnitude smaller than the effect of the annular seals. 

Measuring a given impeller once in combination with a volute and then with a 
diffuser revealed little differences in the impeller interaction coefficients. Like-
wise, differences between vaned and vaneless diffusers were insignificant. Very 
low interaction forces were measured on impellers whose shrouds were perpen-
dicular to the rotor axis. From this finding it is concluded that the hydraulic impel-
ler interaction is mainly influenced by the front shroud, [10.23]. Tests carried out 
with rotating conical bodies for modeling the impeller sidewall gaps demonstrated 
that the coefficients grow with decreasing sidewall clearance. The cross-coupled 
stiffness, and thus the destabilizing effect of the front shroud, increases with grow-
ing pre-rotation. The leakage flowing through the impeller sidewall gap affects 
primarily the direct stiffness, which has a de-centering effect and thus reduces the 
eigen frequency, [10.31]. Since test data on hydraulic impeller interaction is 
scarce, no final conclusions as to the generic nature of the trends described above 
can be drawn. 

10.6.4 Bearing reaction forces 

The pressure distribution in the lubricating film of a journal bearing provides the 
reaction force which balances the external forces transmitted from the shaft. The 
higher the bearing load, the thinner is the film. Since the film thickness variations 
are within a few hundredths of a millimeter, radial journal bearings have consider-
able stiffness. Journal bearings provide damping in a wide range of operation con-
ditions. Setting the mass terms zero, the dynamic behavior of journal bearings can 
be described by Eq. (10.7), if vibration-induced movements are small. The coeffi-
cients necessary for evaluating Eq. (10.7) can be obtained from tests carried out by 
the bearing manufacturer or from computer programs. The controlling parameters 
are: 

• Most important is the type of bearing: cylindrical bearings are unsuitable for 
high-speed pumps, since they are prone to instability (“oil whip”). The thresh-
old of instability is reached when the tangential force becomes positive at 
ω/Ω > 2, Eq. (10.8). Since the rotor vibrates at its eigen frequency, a bearing 
instability arises when the operation speed reaches twice the critical speed. For 
high-speed pumps multi-lobe bearings are used primarily because of their good 
damping. Roller bearings have a very high stiffness but provide little damping; 
they are unsuitable for high speeds at high bearing loads. Instabilities of the 
kind discussed in Chap. 10.6.6 cannot occur with roller bearings. 

• Viscosity (hence temperature) of the lubricating oil. Temperature effects should 
also be borne in mind when comparing measured with predicted vibrations. 

• Bearing clearance and width to diameter ratio B/D 
• Bearing load: highly loaded bearings are stabilizing, lightly loaded bearings are 

de-stabilizing. 
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Often the calculation of the bearing load which directly determines the dynamic 
bearing coefficients harbors great uncertainties. While the rotor weight can be de-
termined with sufficient accuracy, the size of radial hydraulic forces generated in 
diffuser or volute pumps is determined from statistical data only (such as Ta-
ble 9.4). The direction of the radial hydraulic forces is even more difficult to pre-
dict. Furthermore, size and direction of the radial hydraulic forces depend on the 
flow rate as is well demonstrated by the test in Fig. 9.24. Thus it may happen that 
rotor weight and radial forces act in the same direction at a specific flow rate 
(hence heavily loading the bearing), while they are opposed to each other at an-
other flow and unload the bearing. Such effects may be responsible for many ap-
parent paradoxes observed in the vibration behavior of pumps. 

A strongly loaded tilting-pad axial thrust bearing generates a restoring moment 
which acts against the shaft deflection and provides additional damping. This ef-
fect is significant when the eigen mode of the shaft is dominated by the overhung 
of the axial bearing; that is, if the highest vibration amplitudes occur near the axial 
bearing.  

10.6.5 Eigen values and critical speeds 

The rotor dynamic analysis of a multistage pump is invariably performed by a 
computer program designed to model the rotor, the dynamic reactions of the bear-
ings, the annular seals and the hydraulic impeller interaction. The objective of 
such an analysis is to determine the damped eigen values; these are the speed-
dependent rotor eigen frequencies, the eigen modes and the damping. The results 
are presented preferably in a Campbell-diagram according to Fig. 10.12. There the 
eigen values are plotted against the speed for design and twice the design clear-
ances of the annular seals. The straight line for synchronous vibration through the 
origin of the graph intersects these curves at the “critical speeds” fkr which 
strongly depend on the restoring (stiffness) forces in the annular seals. The critical 
speed should be clearly distinguished from the eigen frequency at the operation 
speed fEB. The latter is the frequency at which the shaft would vibrate if excited by 
a blow during operation. As demonstrated by Fig. 10.12, the eigen frequencies 
strongly depend on the restoring forces in the annular seals. In a rotor instability, 
the shaft vibrates at its eigen frequency. In an unbalance-excited resonance the ro-
tor vibrates at a critical speed. As can be concluded from Fig. 10.12, a continuous 
change of the seal clearances would lead to an infinite number of eigen frequen-
cies and critical speeds.  

Some damping coefficients D are inserted in Fig. 10.12, where D is Lehr's dam-
ping; D = 1 corresponds to aperiodic damping or “critical damping”. Resonance 
amplification is approximately given by QA= 1/(2×D). In the example shown in 
Fig. 10.12 the damping at a given speed is reduced by about 40% when seal clear-
ances are doubled. A swirl brake at the balance piston increases damping consid-
erably but has virtually no influence on the eigen frequencies. 

In general the shaft of a multistage pump does not vibrate in a plane as does a 
simple beam supported at two points, but each eigen value is associated with a 
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specific “eigen mode”. The eigen mode represents the 3-D bending line of the 
shaft with which the rotor vibrates at that particular eigen frequency. Figure 10.13 
shows as an example the two least damped eigen modes of a boiler feedpump, 
which were calculated for an operation speed of 7900 rpm (132 Hz). Mode A 
shows the highest amplitudes mid-span of the rotor; the eigen frequency is lower 
than the rotational frequency. In contrast, mode B experiences vibration maxima  
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Fig. 10.13. Calculated eigen values and eigen modes, n = 7900 rpm 
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at the overhung coupling and axial bearing, but the eigen frequency is slightly 
above the rotational frequency. Mode A is better damped than mode B, because 
the vibration amplitudes in the annular seals and the bearings are larger. 

Each eigen mode is associated with a specific damping. Since damping is pro-
portional to the vibration velocity, the following mechanisms apply: If a bearing 
or an annular seal is located at or near a maximum of the amplitudes, rotor damp-
ing is increased. If a bearing or a seal is located close to a vibration node (ampli-
tude minimum) it does not contribute to the damping. Vice versa, the detrimental 
effects of de-stabilizing elements are least felt in a vibration node, but are most 
harmful when placed in a vibration maximum. These mechanisms should be con-
sidered when designing a rotor in order to maximize overall damping. 

Usually the clearances of annular seals widen slowly during service due to wear 
so that their stiffening and damping effects diminish. This fact must be taken into 
account when designing a pump, by defining a maximum allowable clearance 
(frequently twice the design clearance) and analyzing the rotor for new and worn 
conditions as done in Fig. 10.12. This analysis frequently reveals that the critical 
speeds under worn conditions fall into the range of operation speeds. Such is ac-
ceptable if the damping is sufficiently high, because a resonance is scarcely de-
tectable during service in that case. This is in sharp contrast to turbo compressors, 
which cannot be operated at a critical speed due to the lack of damping. Experi-
ence with high-pressure pumps shows that operation near or at a critical speed is 
perfectly acceptable with D > 0.2. With worn clearances, when running at the 
maximum operational speed, a minimum damping of D > 0.05 should be main-
tained in order to prevent rotor instabilities, [10.22].  

If the amplitudes of shaft vibrations are recorded as functions of the speed, the 
rotor damping can well be assessed qualitatively from the behavior of the ampli-
tudes and the phase angle: (1) If damping is strong, the amplitudes rise as a func-
tion of the speed with exponents smaller than 2. (2) In the extreme they scarcely 
grow with the speed as demonstrated by the test with a swirl brake shown in 
Fig. 10.10. (3) If damping is weak, the amplitudes grow in the sub-critical range 
with the square of the speed. (4) Near a resonance, exponents greater than 2 are 
observed. With high damping, the phase shift is smooth when going through reso-
nance; with low damping the phase angles vary strongly near a resonance. 

Apart from considering the damped eigen values with the help of a Campbell-
diagram, the rotor dynamic analysis includes calculations of forced shaft vibra-
tions. To this end, synchronous excitation forces are applied. The calculated am-
plitudes are then compared to allowable limits and/or factors are defined which 
quantify the sensitivity of the pump to excitation by unbalance. The sensitivity 
factors are calibrated by comparison with pumps in service with known operation 
characteristics, [10.22]. 

In summary, the following parameters have an impact on rotor vibrations and 
need to be considered in an analysis: 

• Rotor geometry: Bearing span, shaft diameters, distribution of masses on the 
rotor, in particular overhung components (coupling and axial bearing). 

• Radial bearings: type, relative clearance and width-to-diameter ratio b/d 
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• Bearing load: rotor weight, radial hydraulic forces as a function of q*. 
• Viscosity of lubricating film (oil temperature). 
• Axial bearing: mass and overhung, loading (stiffness and damping), restoring 

moment against bending in lateral vibrations. 
• Coupling: type, mass and overhung, alignment errors. 
• Annular seals at impeller and balance device; surface geometry (plain, serra-

tions or honeycomb), clearance, length-to-diameter ratio, pressure difference, 
pre-rotation, Reynolds numbers (in axial- and tangential direction), tilting of 
long annular seals, leakage through the impeller sidewall gap. 

• Hydraulic impeller interaction: impeller geometry (b2, d2), angle between front 
shroud and rotor axis, leakage through the impeller sidewall gap, swirl of the 
leakage flow entering the impeller sidewall gap. 

10.6.6 Rotor instabilities 

Self-excited vibrations (“rotor instabilities”) can be caused by radial journal bear-
ings, annular seals or by the hydraulic interaction of both closed and open impel-
lers (“Alford effect”). Such instabilities are created by the following mechanism: 
The pressure distribution generated by the vibrating body creates a force compo-
nent which acts in the direction of the movement of the vibration orbit. Thus en-
ergy is fed to the rotor and the orbital movement is accelerated. For instability to 
occur the energy fed to the rotor must exceed the direct damping which opposes 
the movement of the orbit. Two effects combine to create such a pressure distribu-
tion: Firstly, fluid is displaced by the orbit (similar to a positive displacement 
pump). Secondly, there is a journal bearing effect through which fluid is trans-
ported by shear stresses in the boundary layer of the rotating shaft. 

Rotor instabilities can be generated by all of the mechanisms which cause the 
orbit to move in the direction of rotation, [10.36]:  

1. Turbulent flow through the annular seals at the impeller and the balance piston 
2. Laminar flow in a journal bearing yields a ratio of vibration to rotational fre-

quency Ω/ω = 0.45 to 0.48 
3. Hydraulic impeller interaction 
4. Excitation forces created by open impellers (“Alford effect”) 
5. Inner friction in a rotor, e.g. due to microscopic movements in a shrink fit that 

is too long and/or too weak: Ω/ω = 0.2 to 1.0 
6. Liquid accumulation in the rotor, e.g. in a hollow shaft or in a coupling: 

Ω/ω = 0.5 to 1.0 

The effects 5 and 6 can be easily avoided by an appropriate design. In mechanisms 
1 to 4, the flow conditions are such that the vibrating body generates a tangential 
force which acts in the direction of rotation and opposes the direct damping. The 
damping increases with the ratio Ω/ω, so that instabilities occur below a specific 
limit of the orbit frequency. 
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Characteristically for most of the instabilities, the rotor vibrates at its lowest ei-
gen frequency below the actual operation speed of the shaft. Therefore, an insta-
bility is usually recognized as sub-synchronous vibration. If the speed is increased 
after the onset of instability, the frequency of the vibrations remains nearly con-
stant, while the amplitudes increase sharply until limited by non-linear effects 
such as rubbing in the annular seals. Figure 10.14 very clearly shows the described 
behavior: the shaft vibrations recorded were measured on a multistage pump dur-
ing run-up from 1500 to 5500 rpm (pump operating in air). Peak-to-peak ampli-
tudes in μm are plotted on the ordinate. The spectrum (top figure) exhibits an ei-
gen frequency at 35 Hz. The waterfall diagram (bottom) shows the synchronous 
amplitudes (due to unbalance) increasing with the speed. At about 5000 rpm, all of 
a sudden, there appear subsynchronous vibration peaks which rise sharply. This is 
a rotor instability which locks in at the rotor eigen frequency of 35 Hz. 

 
Fig. 10.14. Rotor instability of a multistage pump recorded during run-up  
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On rare occasions super-synchronous instabilities have been observed, which 
may be explained by fluid entering the seals with tangential velocities higher than 
cu > ω×R. If that is the case, swirl brakes appear to be the obvious remedy. 

The unsteady 3-dimensional flow leading to instability in a seal or bearing is 
difficult to visualize, but a simplified explanation may be offered with reference to 
Fig. 10.15: The fluid circulates in the gap of a bearing with roughly half the 
circumferential velocity of the rotor. Fluid circulation is caused by wall shear 
stresses and by a fluid displacement induced by the vibration orbit e×Ω. The pres-
sure distribution in the gap is not symmetrical to the direction of the rotor dis-
placement, but has its maximum upstream of the narrowest gap (as given by jour-
nal-bearing theory). The force FB created by the pressure distribution thus has not 
only a radial component FB,r opposed to the shaft displacement, but also a tangen-
tial component FB,t acting in the direction of shaft rotation. If this tangential force 
exceeds the damping, the gap is reduced further by the centrifugal force Fz which 
is caused by the movement of the orbit. Thus a self-excited vibration (or instabil-
ity) is generated. The stability limit is reached at twice the speed that corresponds 
to the lowest rotor eigen frequency. There are three reasons for this: (1) The driv-
ing tangential force increases with the average circumferential fluid velocity cu in 
the gap; (2) an unstable rotor vibrates at its eigen frequency; (3) the average tan-
gential velocity is about half the circumferential rotor speed. In other words: a 
bearing instability occurs when the tangential velocity cu in the gap equals the 
circumferential rotor speed at the lowest rotor eigen frequency E, i.e. if cu = r× E. 
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W = shaft center 
B = center of bore 
e = eccentricity 
ω = angular speed of shaft 
Ω = angular orbit speed 
FB = force due to hydrodynamic bearing effect 
FZ = centrifugal force due to orbit movement 
 

 
Fig. 10.15. Instability mechanism 

As mentioned in Chap. 10.6.2, the rotor stability can be considerably increased 
by a reduction of the mean tangential velocities in annular seals. This can be ac-
complished by: (1) rough stator surfaces, (2) swirl brakes, (3) honeycombs, 
(4) hole patterns. Likewise, the stable operation range can be enlarged by increas-
ing the (lowest) eigen frequency of the rotor, because it is the ratio / E of opera-
tion speed to the lowest eigen frequency that determines the stability limit. 
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The mechanisms leading to instability in an annular seal or in the impeller 
sidewall gap (which is an important aspect of the hydraulic impeller interaction) 
can be thought to be qualitatively similar to those discussed for journal bearings, 
even though the flow is usually turbulent. The differences between forced and 
self-excited vibrations are summarized in Table 10.5. 

 

Table 10.5 Forced versus self-excited vibrations 
Feature Forced vibrations Self-excited vibrations 
Frequency Vibration frequency equals excitation 

frequency: usually frequency of rota-
tion, rotating stall, or blade passing fre-
quency and its harmonics. 

Vibration frequency equals natural 
frequency of rotor; practically con-
stant and little dependent on speed; 
mostly sub-synchronous. 

Amplitude Amplitude appears in spectrum as peak 
which increases with speed. With reso-
nance and weak damping strong ampli-
fication of amplitudes. 

Vibration appears suddenly above a 
speed (stability) limit and grows 
strongly when speed is increased fur-
ther. 

Orbit move-
ment 

Always in direction of rotation. Mostly in direction of rotation. 

Rotor stresses If excited with the frequency of rota-
tion, the rotor moves in its deformed 
shape (bending line); hence no alternat-
ing stresses are generated. 

Rotor is subject to alternating 
stresses the frequencies of which are 
equal to the difference between the 
frequencies of rotation and vibration. 

Influence of 
damping 

Additional damping reduces the ampli-
tudes, but has little impact on the fre-
quency of the vibration. 

Additional damping increases the 
speed limit, but has no influence on 
the amplitudes. 

Influence of 
geometry 

Mechanical and hydraulic  
unbalances determine the excitation. 

Amplitudes are independent of rota-
tional symmetry: self excitation 
above stability limit. 

Measures • Mechanical balancing 
• Reduce hydraulic unbalance (preci-

sion casting) 
• Increase damping in order to limit 

amplitudes  
• Shift critical speed in order to avoid 

resonance 

• Increase damping in order to get 
higher stability limit 

• Reduce cross coupling stiffness 
(swirl brake, rough stator) 

• Increase natural frequency 

10.7 Hydraulic excitation of vibrations 

10.7.1 Interactions between impeller and diffuser blades (RSI) 

Size and angles of the absolute velocity at the impeller outlet vary over the blade 
pitch as shown in Fig. 10.3. The unsteady impeller outlet flow, interacting with the 
flow in the stator, is an important source of excitation forces (rotor/stator interac-
tion “RSI”). The unsteady impeller outlet flow generates a pressure field that ro-
tates with a frequency zLa×n/60. The equally time-dependent approach flow to the 
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diffuser, in turn, induces complex pressure fields in the stator. Both pressure fields 
move relative to each other; they contain the impeller periodicity p2 = ν2×zLa and 
the diffuser periodicity p3 = ν3×zLe. In the absolute system the pressure field ro-
tates with p2×fn. Casing and bearings are subjected to excitation forces with that 
frequency. In the relative system (or rotating reference frame) the pressure field 
moves with p3×fn; impellers and rotor are excited with that frequency. These rela-
tions are well illustrated by the measurements shown in Fig. 10.16: Figure a) 
shows the unsteady pressures measured in the volute casing (i.e. in the absolute 
system) over one impeller revolution. The 7-bladed impeller produces a clear pe-
riodicity of the pressure fluctuations which decay only slowly with increasing dis-
tance from the impeller outlet. The pressure signal in the relative system was plot-
ted over two revolutions by a transducer mounted in the impeller, Fig. 10.16b. 
Since the pump has a double volute the pressure field measured in the relative sys-
tem has a basic periodicity of 2. 

 

Cutwater position 

Blade 
 

Fig. 10.16. Unsteady pressure curves. a rotating with the impeller, measured in the absolute 
system at q*=1; b measured in the relative system at q*=0.7 [5.37] 

Although the interference of the pressure fields of impeller and diffuser cannot 
be calculated exactly, it is of great importance for the selection of suitable combi-
nations of impeller and diffuser vane numbers, [10.2], [10.41] to [10.43]. Without 
knowing the complex structure of the pressure fields in the impeller and diffuser 
in detail, it is possible to apply a Fourier series to each of both fields and deter-
mine the resulting pressure field as the product of both series. The new pressure 
field obtained in this way contains two periodicities which correspond to the dif-
ference p2-p3 and the sum p2+p3. The sum p2+p3 has no practical relevance, since 
the corresponding pressure pulses have very high frequencies and therefore con-
tain little energy. However, the difference: 

m = ⏐p2-p3⏐ = ⏐ν2×zLa - ν3×zLe⏐ (10.13) 

is significant for the selection of suitable impeller and diffuser vane numbers. 
Three conditions have high practical relevance: 
Case m = 0: Strong pressure pulsations are generated at m = 0, that is when im-
peller and diffuser vane numbers have common integer multipliers. In this case the 
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rotor/stator interactions at two or more blades occur simultaneously (i.e. they are 
directly in phase) and reinforce each other. Such combinations should be avoided 
altogether for pumps with diffusers and double or multiple volutes. The pressure 
pulses excite the impeller shrouds with zero diameter nodes (like an umbrella). 
This type of excitation can also lead to axial thrust fluctuations and is linked to 
unsteady torque which may produce torsional vibrations. 
Case m = 1: At m = 1 the blade forces of the impeller have a non-zero resultant. 
Therefore lateral vibrations are excited at the blade passing frequency (and higher 
orders). The impeller shroud is excited with a one-diameter node. To avoid diffi-
culties with shaft vibrations at ν2×zLa×fn, m = 1 should never be allowed in the first 
and second order and should be avoided up to the third order if possible. 
Case m  2: The impeller is excited to vibrations with a frequency of ν3×zLe×fn. If 
a structural eigen frequency of the impeller gets into resonance with this excitation 
frequency, fatigue fractures in the front or rear shroud could occur. The strain im-
posed on the blades by shroud vibrations can also lead to blade fractures. The 
number m corresponds to the number of diameter nodes with which the impeller is 
excited, Fig. 10.17: At m = 1 the impeller oscillates around one, at m = 2 around 
two diameter nodes etc.  

 

 

Fig. 10.17. Mode shapes of impeller vibrations with one and two diametrical modes 

Forms of vibration with m > 2 are of little practical importance since the struc-
tural eigen frequencies are usually sufficiently high so that no resonances occur. 
An exception are the impellers of very large pumps or pump turbines (with typi-
cally d2 > 2000 mm) and high heads, especially light-weight constructions, where 
even modes with more than two diameter nodes (m > 2) can cause problems 
[10.49]. To verify the risk of resonance between an impeller eigen frequency and 
the excitation frequency ν3×zLe×fn, the natural frequencies must be calculated or 
measured. When doing so, the movement of the water induced through the impel-
ler vibration – the “added fluid mass” – must not be neglected since it considera-
bly reduces the natural frequencies. From a diagram in [10.49] it is possible to de-
rive the relationship, Eq. (10.13a), for the ratio κ of the impeller eigen frequency 
in the pump to that in air: 
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Equation (10.13a) applies to the vibration with two diameter nodes; with one 
diameter node κ is still about 35% lower. The narrower the impeller sidewall gap 
sax, the greater is the added mass of water (and the lower is the natural frequency) 
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since greater amplitudes are imposed on the fluid in the narrow gap through the 
deformation of the impeller. Strictly speaking, Eq. (10.13a) applies only to the ge-
ometries examined in [10.49], but it can be used for rough estimations in the ab-
sence of more precise information. From measurements in [10.65] the following 
ratio of the impeller natural frequencies κ in the pump and in air can be derived: 

• without a diffuser (this corresponds to open impeller sidewall gaps) κ = 0.72; 
0.67; 0.64 for m = 1; 2; 3 respectively (one to three diametrical nodes) 

• with a diffuser (this corresponds to closed impeller sidewall gaps) κ = 0.58; 
0.59; 0.56 for m = 1; 2; 3 respectively (one to three diametrical nodes) 

Closing the impeller sidewall gaps by the diffuser side plates increased the 
added mass by restricting the liquid movement in the sidewall gaps. Physically the 
effect is similar to reducing the axial sidewall clearance. The model tested in 
[10.65] was a single stage pump with a diffuser and a volute (estimated nq = 30). 
The impeller had 6 blades with 2B = 32°; the distance between impeller and dif-
fuser vanes was d3* = 1.01 only. 

According to the tests in [10.65], an uneven pressure distribution in the volute 
(likewise to be expected in an annular casing) causes uneven pressure fluctuations 
as well. The pressure pulses were measured on the rotating impeller (as in 
Fig. 10.16). At high flows (q* > 1.5), the highest pulsations were found when the 
blade moved into the low pressure zone upstream of the volute cutwater. At part-
load, the highest pulses were recorded in the low pressure zone downstream of the 
cutwater (see Figs. 9.20 and 9.21). Pressure fluctuations which vary over the cir-
cumference generate side bands with frequencies of ν×zLe×fn as measured by strain 
gages mounted on the impeller shrouds. Thus the sidebands can excite natural fre-
quencies of the impeller.  

Pressure measurements on the rotating impeller of a pump turbine model are 
shown in Fig. 10.18, [5.52]. The pump had 20 adjustable guide vanes and 20 dif-
fuser vanes followed by a volute. Dominant peaks are seen at the rotational fre-
quency and at f = zLe×fn, but there were also peaks at ν×zLe×fn the amplitudes of 
which decrease with increasing ν. The peaks at ν = 2 to 19 are attributed to the 
uneven pressure distribution in the volute. According to Fig. 9.20 the non-unifor-
mity of the pressure in the volute increases as the flow is reduced – and so do the 
pressure pulses measured in Fig. 10.18 which shows the amplitudes for two differ-
ent flow rates. 

It may be surmised that the effect exerted on the pressure fluctuations by the 
uneven discharge pressure distribution is due to the fact that the flow rate through 
the impeller channels varies around the circumference. This flow rate variation is 
induced by the local counter pressures experienced by the individual impeller 
channels. The mechanism is sketched in Fig. 10.19; see Chap. 9 and Table D9.1. 

The rotor/stator interaction increases as the flow at the impeller outlet becomes 
less uniform. That is why pressure pulsations (Fig 10.5) and excitation forces 
(Figs. 10.25 to 10.27) strongly increase at partload. The same is true if one or 
more diffuser channels stall, which is the case in alternate stall or rotating stall. 
Measurements reported in [10.67] well demonstrate the effect of stalled diffuser  
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Fig. 10.18. Measured pressure pulsations on a rotating impeller, cp = pd*, Eq. (10.1) 
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Fig. 10.19. Flow rate variations induced in individual impeller channels by an uneven pres-
sure distribution in an annular casing 

channels on the pressure pulsations. The pressure measured over one revolution in 
the rotating system near the impeller trailing edge is shown on Fig. 10.20, while 
Fig. 10.21 depicts the pressure recorded in the stationary system near the diffuser 
throat over 300 revolutions. On the left in Fig. 10.20, one diffuser channel is 
stalled as a consequence of which the peak-to-peak amplitude increases by a factor 
of about 2 in one of the 12 cycles given by the 12-vaned diffuser. On the right in 
Fig. 10.20, there are two stalled channels inducing two pressure fluctuations twice 
as large as on the un-stalled channels. As the pressure at the inlet to the stalled 
channel rises, the flow through the diffuser channel is reduced; the channel is par-
tially or totally blocked by stalled fluid. The flow through the impeller channel 
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passing the stalled diffuser channel is reduced too (see Fig. 10.19 and Table 9.1D). 
The fluid displaced by the stalled diffuser channel is diverted to the neighboring 
channel where the velocity rises accordingly as given by continuity. Consequently, 
the local pressure drops at the inlet to the channel with increased through-flow. As 
demonstrated by Fig. 10.3, the incidence at the diffuser vane leading edge varies 
over the pitch inducing low-pressure peaks as shown in Figs. 10.20 and 10.21. It is 
also seen in Fig. 10.2 that a minimum of the instantaneous pressure coincides with 
a maximum of the velocity, and vice versa (compare curves for p2 and cA1).    

Depending on the number of stalled diffuser channels zs, additional pressure 
peaks are observed at f = zs×(fn - fRS) in the rotating system; i.e. each time when an 
impeller blade passes a stalled diffuser channel. Measuring the pressure fluctua-
tions at any position in the stationary system, the peaks occur with a frequency 
fRS if one stall cell is involved. In Fig. 10.21 the peaks occur after 140 revolutions. 
Less disturbed flow is observed in domain “A “. The high-pressure peak (domain 
“C”) at the stalled diffuser channel and the low-pressure peak (domain “B”) at the 
channel with the increased through-flow persist for about 20 rotations. In these 
tests, the number of stall cells depended on the rotor speed.  

 

  
Fig. 10.20. Measured pressure pulsations on a rotating impeller, zLe = 12, q* = 0.9; left: 
n = 3000 rpm; right: n = 5000 rpm; [10.67] 

 
Fig. 10.21. Measured pressure pulsations in the diffuser throat, zLa = 7, q* = 0.8; [10.67] 
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The pressure peaks created by the presence of blocked diffuser channels in-
duces alternating stresses in the impeller. In order to reduce the risk of early stall, 
the flow deceleration in the diffuser channels must not exceed the limit stipulated 
by Eq. (1.44). 

If the phase velocity of the impeller/diffuser vane interference reaches or ex-
ceeds the speed of sound, intense pressure waves are radiated into the fluid. The 
phase velocity of the impeller pressure field is given by cph = u2×p2/m. Conse-
quently, large values of p2/m as per Eq. (10.14) should be avoided so as not to risk 
intense pressure pulsations due to phase resonance [10.2]. 
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Another criterion for phase resonance according to [10.41] is: 
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Phase resonance occurs if the pressure waves generated on two diffuser vanes 
by the passing impeller blades simultaneously arrive at the volute cutwater or in 
the discharge nozzle. Increased pressure fluctuations will then occur at these loca-
tions. These pulsations have the frequency ν2×zLa×fn; i.e. they correspond to the 
order ν2 of the blade passing frequency. The plus sign in Eq. (10.15) stands for 
phase resonance in the discharge nozzle, the minus sign for resonance at the volute 
cutwater. These relationships were derived for large storage pumps where a dif-
fuser is arranged between impeller and volute. The quantity d*vol = dvol/d2 is repre-
sentative of the distance traveled by a wave from the diffuser vane leading edge to 
the discharge nozzle or to the cutwater, dvol is the mean volute diameter and cvol 
the mean velocity (mostly negligible as compared to the speed of sound a). The 
excessive pressure pulsations measured in [10.41 and 10.49] could be explained 
by Eq. (10.15). 

Phase resonance is present when Eq. (10.15) is approximately satisfied for 
m = 0 or m = ± 1; the integers ν2 = 1, 2, 3, describe the vibration order. Since the 
distances traveled by the waves and the speed of sound cannot be determined very 
accurately, Eq. (10.15) has to be evaluated for a certain range of uncertainty. This 
means that the left and right sides have to be situated in the band of ± 0.02, for ex-
ample. There may also be a kind of “lock-in” effect since the points of wave re-
flection in a complex geometry may vary according to the modes excited. 

Alternating forces on the impeller and diffuser vanes can cause fatigue fractures 
of the blades or the impeller sidewalls. Inadequate impeller sidewall or blade 
thickness and a lack of casting quality aggravate this type of problem. The main 
cause of such fractures is frequently given by an insufficient distance between im-
peller and diffuser vanes (see Chap. 14.1 and Table 10.2) and/or resonances be-
tween an excitation frequency and a structural eigen frequency. 



600      10 Noise and Vibrations 

10.7.2 Rotating stall 

Rotating stall in the impeller or diffuser excites vibrations at discrete frequencies 
below the rotational frequency. The mechanism leading to rotating stall shall be 
explained with reference to Fig. 10.22: Suppose the cascade presented there oper-
ates with large incidence (or great deceleration) at the limit where local separa-
tions occur. If the flow first separates on blade “A” because of the local incidence 
exceeding the mean value due to irregularities in the flow or the geometry, the 
stalled fluid will block a part of the channel cross section. This blockage displaces 
fluid to the two adjacent channels. On blade “B” this enlarges the incidence so that 
the flow will now separate on blade “B”. On blade “C”, however, the incidence is 
reduced and the tendency for stall drops accordingly. In this way the stalling zone 
shifts against the direction of rotation at a fraction of the approach flow velocity 
(w1 at the impeller, c3 at the diffuser). Consequently, the perturbation rotates in the 
direction of rotation in the absolute system. The frequency ratios of rotating stall 
fRS generated by impeller stall are in the range of fRS/fn = 0.5 to 0.9, those induced 
by diffuser stall are fRS/fn = 0.1 to 0.25 of the rotor rotational frequency fn, [9.16].  

Recent experiments show that rotating stall does also occur at low frequencies 
and that the number of stall cells and propagation frequencies depends on the flow 
rate ratio q*. Some examples are given below:  
(1) In a pump turbine with zLa = 9, zLe = 20 measured rotating stall occurred at 
q* = 0.42 to 0.78 with frequency ratios of fRS/fn = 0.014 to 0.028 and the number 
of stall cells varying between 3 and 5, [5.52].  
(2) In a pump with zLa = 7, zLe = 12 measured rotating stall occurred between 
q* = 0.6 to 0.8 with fRS/fn = 0.007 and the number of stall cells varying between 1 
and 3, [10.67]. Figure 10.23 shows the pressure pulsations measured on the rotat-
ing impeller. At q* = 1, the 12 pressure peaks (of uniform amplitude) caused by 
the 12 diffuser vanes are found in every rotation measured at the same circumfer-
ential position. In contrast, one stall cell with a higher peak is detected at q* = 0.8. 
This peak shifts by about 180° during 70 rotations giving a frequency of the rotat-
ing stall of fRS/fn = 0.5/70 = 0.007. In these investigations, the number of stall cells 
was found to depend also on the speed (Reynolds number). 
(3) In a pump with zLa = 7, zLe = 8 measured rotating stall occurred with 2 and 3 
stall cells at fRS/fn = -0.008 to 0.02, [10.68]. The onset and type of stall depended 
on the flow rate and the ratio d3/d2 which was varied between 1.035 and 1.1.  

 B A C

 
Fig. 10.22. Rotating stall 
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Fig. 10.23. Propagation of a stall cell through the diffuser; left: q* = 0.8, one stall cell; 
right: q* = 1, no stalled diffuser channel; zLe = 12, [10.67] 

Rotating stall is often linked to flat or unstable Q-H-curves which should be 
precluded by design; operation in this range must be avoided. Incidents where ro-
tating stall at the low frequencies described above manifestly lead to problems 
have not been found. While incidence is the classical explanation of the origin of 
rotating stall, it is suggested that excessive deceleration in the diffuser channels 
can induce the same phenomena. 

Rotating stall is not necessarily linked to large flow rate fluctuations, but these 
are generated if the stall is in resonance with acoustic waves in the system (which 
frequently happens in compressors). On compressors, with their large number of 
blades, rotating stall nearly always occurs close to the maximum of the Q-H curve. 
This represents the “surge limit” of the compressor. Most pump impellers have 
fewer blades and incidents of rotating stall are rarely observed. Sometimes they 
may be confused with instabilities, when observed as sub-synchronous vibration 
near the operating speed. An example is reported in [10.35]: resonance between 
broad-band excitation forces and the rotor eigen frequency was observed on a 
feedpump in slightly over-critical operation. The excitation, which occurred even 
close to the best efficiency point, was caused by the recirculation at the impeller 
inlet. The vibration frequency was at a fixed ratio with the rotational frequency. 
To rectify this situation, a “recirculation brake” was installed at the impeller inlet. 
To this end, the case ring was radially extended inwards and furnished with axial 
slots. In this way, the circumferential component of the recirculating fluid was re-
duced and the vibration excitation was largely suppressed. 

Since rotating stall is linked to the displacement of fluid from a stalled blade to 
adjacent channels, the resistance of the individual channels may have an impact on 
the onset of rotating stall. If the resistance is large, the displacement of fluid may 
be suppressed. Thus diffusers with open cross-over (Fig. 7.43c) could be more 
prone to rotating stall than other diffuser types. In general it is expected that the 
tendency to rotating stall increases when a large number of vanes with short chan-
nels is used.  

Incidents of rotating stall similar to the type described in Fig. 10.22 presumably 
occur more frequently in cavitating between-bearing pumps where a surge-like 
noise is sometimes observed. If the impeller is exposed to non-uniform inlet flow, 
the size of the cavitation zones varies over the circumference. The periodic fluc-
tuation of the cavities causes a low-frequency modulation of loud cavitation noise. 
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10.7.3 Other hydraulic excitation mechanisms 

Apart from the mechanism discussed above there are several other phenomena 
which generate hydraulic excitation forces: 

1. Due to differences in reflection time and non-uniform pressure distributions all 
types of pressure fluctuations have a potential for exciting vibrations. This ap-
plies to pressure pulsations created by the pump as well as to those generated 
in the system by valves, fittings, or other pumps. The excitation of a structural 
resonance can be broad-band or by discrete frequencies. Acoustic resonances 
with standing waves can reinforce the excitation considerably. 

2. Extensive cavitation generates (broadband) pressure pulsations which can ex-
cite vibrations, as discussed under item 1, Chap. 6.5.1. 

3. Strong cavitation induced pressure pulsations of a few Hertz can be generated 
by flow recirculation at the impeller inlet. Structural vibrations can be excited. 

4. Rotating cavitation zones can cause super-synchronous radial excitation forces 
at f/fn = 1.1 to 1.2, which are to be distinguished from rotating stall, [10.30], 
[10.33]. The phenomenon was observed with inducers when operating at cavi-
tation coefficients where some head drop is induced by extended cavities.  

5. Non-uniform approach flow and vortex ropes are prone to excite column pipe 
vibrations of vertical pumps, Chap. 11.7.3. 

6. Partload recirculation at the impeller inlet and outlet can cause high vibrations 
due to the strong interactions between rotor and stator. The excitation is to a 
large extent broadband/stochastic and vibrations are mostly below the rota-
tional frequency. But also vibrations at blade passing frequency use to increase 
at partload. At low partload, broadband excitation in the low-frequency range 
grows strongly, but the increase is of a gradual rather than a sudden nature. As 
an example, Fig. 10.24 shows the overall RMS vibration velocities measured 
with two impellers. One impeller had a very large inlet diameter with an ap-
proach flow angle as low as 1 = 7°, while the second impeller had a smaller d1 
yielding 1 = 13°. Installing the impeller with the smaller inlet diameter re-
duced the vibrations by roughly 50%. The level of excitation forces created by 
partload recirculation can be very high indeed. This because the whole recircu-
lation power PRec is dissipated into turbulence (and finally into heat). The re-
circulation power of a large pump can reach several megawatt near minimum 
flow; refer to Eq. (10. 17) and Fig. 10.31 for estimations. 
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Fig. 10.24. Effect of impeller inlet recirculation on the vibration velocities of a single stage 
volute pump with double-entry impeller, nq = 20, Popt  300 kW, Hopt  150 m 
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7. The strong rotor/stator interaction induced by partload recirculation can cause 
excessive discharge pressure pulsations, axial vibrations and subsequent dam-
age to shaft seals and bearings if there is a strong coupling between the main 
flow and the flow in the impeller sidewall gaps. Case histories to this type of 
problem are documented in [5.32] and [10.66]. In one case, a single stage vo-
lute pump with double-entry impeller (nq = 31, Hopt = 300 m) suffered high ax-
ial vibrations and damage to the mechanical seals and bearings, [5.32]. Pres-
sure pulsations below q* = 0.6 exceeded 10 bar peak-to-peak. When gap A 
was reduced to A/r2 = 0.006, the pressure pulsations dropped to 1.6 bar peak-
to-peak and shaft seals and bearings performed properly. 

8. Pressure pulsations with frequencies of 60 to 90% of the blade passing fre-
quency can be generated in vaneless diffusers or if the clearance between im-
peller and volute cutwater is large (say, at d3 > 1.25), [10.21]. The fluctuations 
depend on the flow rate, since they are caused by the non-uniform velocity dis-
tribution at the impeller outlet, Chap. 5.3.4. 

9. Geometric deviations between the individual impeller channels create a non-
uniform pressure distribution at the impeller outlet, which rotates with the ro-
tor speed and causes synchronous vibrations. The resulting radial hydraulic 
force has the same effect as a mechanical unbalance and is therefore called 
“hydraulic unbalance”. If impeller casting quality is inadequate, the hydraulic 
unbalance can be excessive. Typical casting errors are: variations in the outlet 
width between or within the channels, non-uniform blade pitches, deviations in 
blade angles at the outlet or inlet and deviation of the true hydraulic center of 
the impeller from the center of the shaft bore. The hydraulic unbalance usually 
exceeds the mechanical unbalance when the head per stage is larger than 
roughly 400 m; it becomes an important factor for the reliable operation of the 
pump if the head per stage is above 500 to 600 m. The synchronous hydraulic 
unbalance grows with increasing flow rate; it is very small near shut-off. The 
reason for this behavior is that the hydraulic unbalance is caused by differ-
ences in lift on the individual blades. Lift differences diminish in separated 
flow, where the shape of the blades has little influence, Chap. 5. 

10. Vibrations can be excited if impellers and diffusers are not in the correct axial 
position in that their centerlines do not match. To smooth the flow when the ra-
tio b3/b2 is small, a chamfer at the diffuser inlet is recommended, [10.66]; refer 
to the figure on the last page of the symbols. 

11. Impellers with one blade only (as used for sewage pumps) generate a high hy-
draulic unbalance which must be taken into account when designing such 
pumps, [10.4]. Some test data are given in Chap. 9.3.9. 

12. Excitation of vibrations by vortex streets can be a problem in large pump tur-
bines but also with ribs or other structures, e.g. with velocity probes or similar 
devices, Chap. 10.12.4. No incidences are known where vortex shedding from 
the impeller blade trailing edges has been proven as a source for excessive vi-
brations, presumably because the flow is too irregular to form organized vor-
tices.  
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The orbital rotor movement causes the gap width of open impellers to vary 
around the circumference (similar to annular seals). The resulting differences in 
the flow through the gap between the impeller blades and the casing have an im-
pact on the work transferred by the blades. When operating in the position with 
the smallest gap the energy transfer reaches its maximum according to [10.54]. 
The differences in head thus created around the circumference induce radial as 
well as tangential forces on the rotor (called also “Alford-effect”), [10.33] and 
[10.34]. Measurements of the cross-coupled stiffness kc with open pump impellers 
are not available; for a rough estimation tests with axial compressors from [10.54] 
may be used in the absence of more relevant data: 

Bm
c hD

Mk β=         with         β = - 254 + 466 q* - 213 q*2 (10.16) 

In Eq. (10.16) M is the torque acting on the impeller, Dm is the mean blade di-
ameter and hB is the blade height; hB = ½(Da – Di). The tests were carried out only 
in the range of 0.92 < q* < 1.08; an extrapolation of Eq. (10.16) is therefore diffi-
cult. For turbines, β = 2 to 5 applies and the orbit moves in the direction of rota-
tion. Hence the tangential force is destabilizing. Negative values of β imply a 
backward moving orbit. 

The Alford effect is a reaction force (or a fluid-structure interaction between 
the flow around the blades and the pump rotor); it is not an excitation force be-
cause an infinitely stiff (centric) rotor does not produce this type of forces. Since 
the effect is induced by the rotor orbit, the vibration frequency observed should be 
an eigen frequency of the rotor, or there must be an excitation mechanism induc-
ing forced vibrations (e.g. unbalance or rotating stall). Severe vibrations would be 
expected if an eigen frequency locks in with the Alford forces; this would amount 
to a self-excited vibration or an instability. With a forward whirl, these forces are 
stabilizing in pumps since opposed to the whirl movement. With a backward whirl 
these forces are de-stabilizing since acting in the same direction as the whirl 
movement. In turbine operation the forward whirl is de-stabilizing while the 
backward whirl is stabilizing. The effect increases with A/bh if A is the vibration 
amplitude and bh is the blade height.  

Figures 10.25 and 10.26 show measured radial forces acting on an impeller in 
the range of q* = 0.25 to 1.25. The data are represented in the time domain 
(Fig. 10.25) and as RMS-spectra (Fig. 10.26). The forces are normalized accord-
ing to Eq. (9.6). At partload a continuous increase of broadband excitation is ob-
served in the low-frequency domain. It should be noted that there is no sudden in-
crease of excitation force at the onset of recirculation. The hydraulic excitation 
forces depend on the design of the impeller and diffuser or volute (in particular so 
at partload), but they essentially reach the same level, independently of the type of 
collector (be it volute, diffuser or annulus), refer to Table 9.4. 

Figure 10.27 provides statistical data for the hydraulic excitation forces for four 
different frequency ranges. When using this data it should be noted that peak val-
ues can be 2- to 3-times the RMS-values because of the stochastic nature of the 
signals measured, Figs. 10.25 and 10.26. The synchronous radial force is of par-
ticular practical relevance; it adds as an additional vector to the mechanical unbal-
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ance. The data range marked “1” in Fig. 10.27 applies to impellers with small 
casting tolerances (such as precision or ceramic core castings). The extremely high 
excitation forces from [10.38] may either be due to very poor casting quality or to 
errors in the test evaluation (the forces were not derived from force measurements, 
but from rotor modeling and transfer functions). 

Figure 10.27 can be used to estimate the radial hydraulic excitation forces in 
various frequency ranges. The directions of the excitation forces acting on the dif-
ferent impellers of a multistage pump are unknown. In order to estimate the result-
ing radial force on the rotor, the force acting on one impeller may be multiplied by 
the square root of the number of stages in order to get a kind of statistical RMS-
value. This approach can also serve to estimate the excitation forces transmitted to 
baseplate and foundation. 

 

 
Fig. 10.25. Hydraulic radial excitation forces in the time domain (broadband), q* = 0.25 to 
1.25, frequency band 0.01 to 125 Hz, n = 4000 rpm. KHR ≡ kR as per Eq. (9.6); [10.22] 

 

Fig. 10.26. Spectra of hydraulic radial excitation forces (broadband) at different flow rates, 
n = 4000 rpm [10.22]. KHR ≡ kR according to Eq. (9.6). 
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Fig. 10.27. Hydraulic radial excitation forces, [B.19] 

10.8 Guidelines for the design of pumps with low 
sensitivity to vibrations 

Even though the large variety of pump types, designs and applications precludes 
the formulation of exhaustive design guidelines, some basic rules can be given. 
The violation of these rules has proven time and again to lead to costly vibration 
problems. The necessity of following the recommendations given below increases 
with the sensitivity of the pump to vibrations, i.e. with the impeller tip speed u2 
and the specific speed, but also with the width of the operation range and the 
number of stages. 

1. Impeller/diffuser vane number combinations should be selected such that 
m = 0 and m = 1 as per Eq. (10.13) are avoided for the lowest three harmonics, 
i.e. for ν2, ν3 = 1, 2, 3. High fluctuations of pressure, torque and axial loads are 
expected at m = 0. Unbalanced blade forces excite lateral rotor vibrations at 
m = 1. Vane number combinations implying m = 2 should be avoided up to the 
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third order for pumps with a high head per stage. This, to reduce the risk of 
resonances between the impeller eigen frequency with two diameter nodes and 
the excitation by the diffuser vane passing frequency zLe×n/60 as seen by the 
impeller.  

2. The distance gap B between impeller and diffuser or volute should not be 
smaller than stipulated in Table 10.2. Since the last stage of a multistage pump 
radiates pressure pulsations into the discharge pipe and since pressure pulsa-
tions in the system and the exit chamber add to the excitation of the last-stage-
impeller (impact on the risk of impeller fractures), gap B in the last stage may 
be made larger than in the preceding stages. 

3. When trimming the impeller, the blade loading increases. Noise and vibrations 
will increase when blade loading becomes excessive. The trim of impellers of 
large pumps should therefore be limited, Chap. 4.5.1. The risk of operational 
problems increases with the specific speed. 

4. In order to reduce the excitation at blade passing frequency zLa×n/60, the im-
pellers should be mounted on the shaft in such a way that the blades in the dif-
ferent stages are staggered in the circumferential direction. 

5. The blades on both sides of a double-entry impeller should be staggered if the 
center rib extends to the impeller outer diameter (Table 10.2). 

6. Blade numbers below zLa = 5 should be avoided if the head per stage exceeds 
80 to 100 m. With low blade numbers, impeller discharge flow becomes stron-
gly non-uniform over the blade pitch and impeller/stator interaction increases 
accordingly. Further, the blade passing frequency is lower and the energy con-
tent of the pulses increases. 

7. If the head per stage exceeds about 500 m, the casting tolerances of the impel-
lers should be limited as per Table 15.2 to reduce the hydraulic unbalance.  

8. The impeller shrouds should be machined (at least near the periphery), since 
as-cast shrouds cause flow and pressure fluctuations in the impeller sidewall 
gaps. 

9. Diffusers and impellers should axially be correctly centered to a perfect match. 
For small ratios of b3/b2 a chamfer as per Table 0.2(2) should be introduced. 

10. Excessive partload recirculation should be avoided. To do this, it must be en-
sured that flow deceleration at the impeller inlet and in the diffuser throat is 
within the limits stipulated in Chaps. 5 and 7. 

11. The non-uniformities of cast casings can also induce fluctuations in the impel-
ler sidewall gap flow, for example by the possible offset between the upper 
and lower casings of axial-split pumps. 

12. Non-uniform velocity profiles at the impeller inlet increase noise and vibra-
tions, the detrimental effects increasing with the specific speed and the head 
per stage. The inlet casings of between-bearing pumps or inline pumps and the 
suction piping or intake structures should be designed to minimize this source 
of excitation. 

13. The clearance gap A between the impeller and diffuser shrouds should not be 
made too large. There should be a sufficient overlap in order to decouple the 
flow in the impeller sidewall gaps from the main flow, Chap. 9.1, Table 7.7. 
The larger the impeller sidewall gap, the more important is this decoupling. If 
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Gap A is too small, the eigen frequencies of the impeller will be reduced; the 
dynamic loading of the impeller will increase too. 

14. The impeller sidewall gaps should not be too narrow if there is a risk of a reso-
nance between the impeller eigen frequency and the excitation by ν3×zLe×fn. In 
general, narrow impeller sidewall gaps are presumably unfavorable with re-
spect to vibrations, since fluid/structure interactions are expected to increase. 
In the absence of more specific information, the sidewall gaps should not be 
made smaller than sax/d2 = 0.02 with an absolute minimum of about 4mm for 
reasons of mechanical design and tolerances. 

15. Check the impeller/diffuser vane number combination also with respect to 
phase resonance according to Eqs. (10.14) and (10.15). 

16. The annular seals at impellers and balance devices of multistage pumps must 
be designed to provide sufficient rotor damping, Chaps. 10.6.2, 10.6.5. Damp-
ing can be improved by swirl brakes and rough stator designs such as hole pat-
terns or honeycombs, which reduce the tangential velocity in the seals. Hole 
pattern seals should be combined with swirl brakes. 

17. Long seals (as with a balance piston) can lead to instabilities if the gap is di-
vergent (for example due to manufacturing tolerances). The risk of instability 
can be reduced by machining one or two deep grooves in the sleeve of the bal-
ance piston (grooves equally spaced over the length of the piston). 

18. The rotor dynamic analysis should comprise the calculation of the damped ei-
gen values for new and worn conditions, taking into account the dynamic char-
acteristics of the journal bearings, annular seals, axial bearing and the hydrau-
lic impeller interaction. The rotor damping of pumps with new clearances 
should be D > 0.2. In worn conditions (double seal clearances) the damping 
should not be below D = 0.05. If calculations are uncertain a minimum damp-
ing of D > 0.08 should be aimed at.  

19. The rotor should be designed so that coupling-dominated eigen modes are 
avoided, since these are weakly damped. This implies the selection of an ap-
propriate coupling. A well-loaded axial bearing provides some damping but 
modes which are dominated by the axial bearing require attention so that their 
impact is minimized.  

20. Damping elements should be located near an amplitude maximum, while de-
stabilizing elements do the least harm when placed at a vibration node. 

21. In critical applications, acoustic resonances of standing waves within the pump 
or in the adjacent piping with hydraulic excitation mechanisms should be ana-
lyzed. 

22. Structural resonances of hydraulic excitation mechanisms with the eigen fre-
quencies of bearing housings and baseplates should be prevented by analyzing 
the design. 

23. The critical speeds – and consequently the stability limit – can be increased by 
the following measures: 

• Thicker shaft, shorter bearing span 
• Mitigate impact of overhungs of coupling and axial bearing: reduce 

mass, increase shaft thickness, shorten span 
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• Increase bearing stiffness 
• Increase stiffness of annular seals at impellers and axial thrust balance 

device: smaller clearance, no – or shallow – serrations, optimize Lsp/dsp, 
increase pressure difference across seal 

• By injecting fluid at 50% of the length of the annular seal of the balance 
piston, the stiffness can be increased according to investigations in 
[10.46]. Practical applications of this measure have not been reported. 

• Reduce de-centering effect of the hydraulic impeller interaction by ma-
ximizing the angle between front shroud and rotor axis. 

24. Measures to increase the damping and the stability limit: 

• Swirl brakes at the inlet to annular seals at impellers and balance piston 
• Rough stator in annular seals, hole patterns, honeycomb 
• Smaller clearances of annular seals  
• Increased seal length  
• Reduction of destabilizing effects of the hydraulic impeller interaction: 

larger impeller sidewall gaps: minimize ratio Ls/R2 as per sketch in 
Fig. 10.11. 

• Multi-lobe bearings. 

10.9 Allowable vibrations 

The allowable vibration amplitudes are defined in standards such as [N.6] or 
[N.16]. The standards define different vibration limits for a “preferred operation 
range” and an “allowed operation range”. These operation ranges may be defined 
in the contract, for example the “preferred operation range” by 0.85 < q* < 1.1, 
while the “allowed operation range” could be limited by the minimum and maxi-
mum flows q*min and q*max or by the minimum and maximum continuous flows 
with reference to Fig. 11.15. 

Shaft vibrations are judged on the basis of the unfiltered peak-to-peak shaft 
displacement S(p-p) measured on the major orbit axis relative to the bearing hous-
ing. The “unfiltered” amplitudes comprise all frequencies within the measuring 
range used. Amplitudes of discrete (“filtered”) frequencies are judged in relation 
to the overall level as stipulated in the various standards. 

According to Table 10.6, shaft vibrations are assessed by comparing the unfil-
tered peak-to-peak amplitudes S(p-p) with the diametrical bearing clearance ΔD, 
[B.19], [N.16]. This method is based on a kind of plausible physical concept. 

The ISO-guidelines [N.9] for assessing shaft vibrations are applicable to cou-
pled machines with journal bearings operating near the BEP at design speed. The 
speed range covered by the standard is 1’000 to 30’000 rpm.  

Table 10.7 and Fig. 10.28 compare the allowable shaft vibrations measured 
relative to the bearing housing according to API 610 [N.6] and ISO 7919-3 [N.9]. 
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The allowable bearing housing vibrations according to [N.6] and [N.16] are 
compared in Table 10.8. The ISO-standard [N.16] distinguishes three classes of 
pumps; the applicable class is to be defined in the contract. 
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Fig. 10.28. Shaft vibration limits, unfiltered peak-to-peak S(p-p) measured on the major orbit 
axis; ISO 7919-3 and ISO 13709 (API 610 unfiltered and filtered)  

 

Table 10.6 Assessment of shaft vibrations based on the ratio of peak-to-
peak amplitudes to bearing clearance in new conditions 
S(p-p) = major peak-to-peak amplitude measured in two orthogonal directions 
ΔD = diametrical bearing clearance in new conditions  
S(p-p)/ΔD Assessment Description 

< 0.33 Good New conditions in the preferred operation range (near BEP) 

< 0.5 Acceptable Allowed for unrestricted long-term operation in the allowable 
operation range 

< 0.7 - Short-term operation 

> 0.7 Alarm Risk of damage 

0.9 Trip - 
Trip after time delay of 10 s 
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Table 10.7 Assessment of shaft vibrations according to ISO 7919-3 and 
ISO 13709 (API 610) 
Simplified representation; for information only; always refer to newest edition of respective 
standard! 

Applicable to pumps with journal bearings. 

Upper limit for unfiltered peak-to-peak vibrations measured during stationary operation rela-
tive to the bearing housing. 
S(p-p) = major peak-to-peak amplitude measured in two orthogonal directions. 

New conditions, good A 
n

4800S )pp( =−        μm 

Allowed for unrestricted long-term 
operation in the allowable operation 
range; alarm 

B 
n

9000S )pp( =−        μm 

ISO 7919-3 
[N.9] 
Rotor speed: 

1000 to 30’000 
rpm Not allowed for long-term opera-

tion; short-term operation possible; 
trip 

C 
n

13200S )pp( =−        μm 

n
2280SA )pp(u =≡ −     μm 

Unfiltered 

Upper limit: 50 μm 

Pumps with overhung 
impeller or between- 
bearing pumps 

Filtered for f < fn Af ≡ Sf < 0.33 S(p-p) 

n
2490SA )pp(u =≡ −    μm 

Unfiltered 

Upper limit: 100 μm 
Vertical pumps 

Filtered Sf < 0.75 S(p-p) 

ISO 13709  
(API 610) [N.6] 

Domain:  
5 to 1000 Hz 

Outside of the preferred operation range 30% higher amplitudes are al-
lowed. 
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Table 10.8 Assessment of bearing housing vibrations according to 
ISO 13709 (API 610) and ISO 10816-7 
Simplified representation; for information only; always refer to newest edition of respective 
standard! 

RMS of vibration velocities in mm/s for lateral and axial vibrations measured during station-
ary operation. Applicable to all pumps with zLa ≥ 3 and P > 1 kW 

Unfiltered vibration velocity vu vu [mm/s] RMS 

Class I II III 

New conditions in the preferred operation range 
(near BEP)  3 3.7 5.6 

Allowed for unrestricted long-term operation in 
the allowable operation range 4.5 5.6 9 

Short-term operation 7.1 9 11 

Risk of damage > 7.1 > 9 > 11 

Alarm  5.6 7 10 

Trip 
Trip after time delay of 10 s 

9 11 12.5 

Preferred operation range 3 3.7 5.6 Plant accep-
tance test Allowed operation range 3.8 4.7 7.1 

Preferred operation range 3.8 4.7 7 

ISO 
10816-7 
[N.16]  

Works accep-
tance test Allowed operation range 4.5 5.6 9 

n < 3600 rpm  
Pst < 300 kW 3 

21.0
st

3.0

u 300
P

3600
n3v =  

Pumps with overhung im-
peller or between-bearing 
pumps  
Pst in kW is power con-
sumption per stage 
n in rpm 

n > 3600 rpm 
Pst > 300 kW 

Valid for 3 < vu < 4.5 [mm/s] 

Vertical pumps 5 

ISO 
13709 
API610 
[N.6] 
Range:  
5 to 
1000 Hz 

Outside of the preferred operation range (but within the allowed operation range) 
30% higher amplitudes are allowed. 

ISO 
10816-7 

fn and zLa×fn in preferred operation 
range, all acceptance tests 

2 3 4.5 Discrete 
frequen-
cies API 610  vf < 0.67 vu 
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10.10 General vibration diagnostics  

10.10.1 Overview 

Since vibration problems are among the most common causes of operational prob-
lems with rotodynamic pumps, efficient vibration diagnostics are of high practical 
relevance. This chapter provides methods for vibration diagnostics in general with 
some bias to shaft vibrations. Bearing housing vibrations are treated more specifi-
cally in Chap. 10.11. The following measurements can serve as a basis for vibra-
tion diagnostics: 

1. For diagnosing rotor dynamic problems, the direct measurement of shaft vibra-
tions by proximity probes is often considered the most relevant. Usually, the 
probes are mounted in the bearing housings close to the journal bearings. The 
probes thus record the relative movement between bearing housing and shaft. In 
doing so, it is tacitly assumed that the bearing housing is stiff in comparison to 
the rotor and that coupled vibrations between rotor and stator need not be con-
sidered. When interpreting measurements, it should be recognized that the dis-
placement x decreases with increasing frequency for a given vibration velocity 
v according to x = v/ . 

2. A simpler alternative to (1) is the measurement of the bearing housing vibra-
tions by means of accelerometers whose signals are integrated to give the vibra-
tion velocities. Accelerometers are often installed in addition to proximity 
probes, thus enhancing the chance for an efficient and correct vibration diagno-
sis. To diagnose rotor dynamic problems, bearing housing vibration measure-
ments may be considered less relevant than proximity probes, because the vi-
bration characteristics of the bearing housings and the system have an 
(unknown) impact on the measured accelerations. System influences can arise 
from structural resonances, the drive train or the piping.  

3. Pressure pulsations can be measured at various locations by means of piezo-
electric transducers in order to diagnose problems linked to cavitation, noise, 
pipe vibrations, acoustic resonances, flow or pressure fluctuations in the sys-
tem, structural resonances and fatigue damage to components. 

4. It can be attempted to apply solid-borne noise measurements to diagnose prob-
lems as listed under item (3) above. In contrast to measuring pressure pulsa-
tions, solid-borne noise can be measured by accelerometers mounted on the 
outside of the casing or piping without harming pressure-bearing components. 
With the exception of thin-walled components (not relevant for pump applica-
tions), only the high-frequency vibrations can be detected. This, because the 
dynamic forces are too weak to excite low-frequency vibration modes of thick-
walled components. Solid-borne noise measurements are thus, in principle, ap-
propriate for diagnosing high frequency phenomena such as cavitation or rub-
bing in seals. The difficulty is to distinguish between different noise sources 
unless one particular phenomenon is really dominating.  



614      10 Noise and Vibrations 

5. Impact tests are used to determine the structural eigen frequencies of bearing 
housings, baseplates and piping. Such tests are standard practice to analyze 
resonance problems.  

6. Measuring the air-borne noise of a pump can sometimes give a first hint as to 
the possible source of a vibration problem, for example, if the blade passing 
frequency produces a high peak in the noise spectrum. 

10.10.2 Vibration measurements 

General information for the measurement and interpretation of vibrations is given 
in [N.17], basic methods and problems which can be encountered are discussed 
below.  
Frequency range: Define range of frequencies to be measured. If nothing else has 
been specified, the measuring range should be 5 < f < 2.5×zLa×n/60 Hz. It is thus 
suggested to include at least twice the blade passing frequency with a margin of 
about 15%. 
Bearing housing vibrations are often measured with piezoelectric accelerome-
ters, which can be glued, screwed, or attached by a magnet to the bearing housing. 
The probes are mounted in vertical, horizontal and (possibly) axial direction on 
the DE and NDE bearing housings. The instructions of the instrument manufac-
turer and the imposed vibration standards should be followed closely to reduce the 
risk of errors resulting from insufficient contact between accelerometer and bear-
ing housing. The resonance frequency of piezoelectric transducers is 10 to 50 kHz. 
Measurements below 5 Hz are uncertain because of the unfavorable signal-to-
noise ratio in this range. These transducers are sensitive to insulation defects of the 
connectors and leads (moisture). Possible problems are: 

• The resonance frequency of the accelerometer must be sufficiently above the 
highest frequency to be measured; the usable frequency range is about 1/5 to 
1/3 of the accelerometer resonance frequency. 

• Insufficient contact between accelerometer and bearing housing (surface not 
plane, too rough, poor gluing, e.g. due to high metal temperature in service). 

Shaft vibrations are usually measured with proximity probes mounted in the 
bearing housing close to the journal bearing. Two probes are mounted under 90° 
in one measuring plane on both the drive end (DE) and non-drive end (NDE) bear-
ing housings. Often axial shaft movement is also recorded by another proximity 
probe. The axial signal can be used to indicate the direction of the axial thrust. The 
signals measured represent the relative movement of the shaft versus the bearing 
housing. The probes generate a high frequency magnetic field, which induces an 
eddy current in the moving shaft. An inhomogeneous shaft material therefore cre-
ates a perturbation signal, the “electrical run-out”. The sum of electrical and me-
chanical run-out must not exceed a moderate fraction of the allowable vibrations 
in order not to falsify the measurements. Some shaft materials are unsuitable for 
shaft vibration measurements. In this case the shaft may need to be fitted with a 
sleeve of an appropriate material. 
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Absolute shaft movement can be measured by optical methods based on laser 
technology. 
Pressure pulsations are usually measured by piezoelectric (quartz) pressure 
transducers. Considerations: 

• The natural frequency of the transducer must be above the measuring range to 
avoid resonance. 

• As discussed in chapter 10.2.4, the pressure pulsations recorded depend on the 
position of the transducer with respect to the pressure nodes of standing waves. 
For example: A transducer placed in a pressure node of the waves caused by 
blade passing is unable to capture that frequency. 

• The transducer should be mounted essentially flush with the inner surface of 
the pipe or pump casing (and not in a cavity) in order to avoid perturbations in-
duced by the flow over the cavity or (worse) trapping gas bubbles. 

• Sometimes it is only practical to install the transducer at the end of an instru-
ment pipe. If this is done, the length of the instrument pipe must be short 
enough to avoid resonance with standing waves. The length of the instrument 
pipe should not exceed 80% of one quarter wavelength ( /4 waves as per Ta-
ble 10.12) for the highest frequency of interest in the measuring range. 

• Gas bubbles trapped in the instrument piping would greatly falsify the meas-
urements.  

Recording of vibration data and signal analysis 
The acceleration, pressure pulsations or shaft amplitudes are measured as a func-
tion of time. Vibration spectra are then extracted from the data from the “time 
domain” by fast Fourier transformation “FFT”. The process is outlined below: 

• Each signal is recorded in a number N of data blocks (N = 64 to 100). 
• Each data block contains m data points, where m = 2k (k is an integer). A 

“standard” FFT sample block size is m = 1024, but larger block sizes may be 
required to get the desired resolution. 

• To record or analyze the data, a suitable sampling interval T is selected. The 
sampling rate fs is related to the sampling interval by fs = 1/ T. The sampling 
rate determines the upper frequency fNy = fs/2 (the “Nyquist frequency”) which 
can be resolved by an FFT. For example: in order to resolve frequencies up to 
1000 Hz, the sampling frequency must be larger than 2000 Hz. To include a 
sufficient margin, the sampling rate should be fs = (2.2 to 3)×fmax, where fmax is 
the maximum frequency to be resolved. 

• If the sampling rate is too low, the spectral lines above the Nyquist frequency 
fold back into the domain below fNy. This phenomenon is known as “aliasing”. 

• If the sampling rate is too high, the resolution in the high frequency range is 
impaired, since resolution f and sampling interval are related through 

f× T = 1/m. The resolution is thus determined by the sampling rate fs and the 
number of data points m in a sampling block: f = fs/m. In [10.64] a resolution 
of 1 Hz is recommended; this would often require block sizes larger than 
m = 1024. 

• Number of FFT spectrum lines: 1 + m/2. 
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• The length of the time record follows from T = N×m× T = N×m/fs. 
• The error of the analysis decreases with increasing number N of data blocks; 

the error is 1/N0.5.  
• To increase the statistical accuracy, the number N of data blocks must be in-

creased. For a better resolution, the block size m must be increased. Both meas-
ures increase the time T needed to record the data. 

• The frequency above the Nyquist frequency fNy must be filtered out before dig-
itization by an analogue low pass filter. 

Most of the above parameters are determined by the design of the FFT-analyzer. 
The user has to select the input range to avoid overloads, frequency range, resolu-
tion (i.e. number of spectral lines) and averaging.  

Possible checks:  

• It is good practice to monitor the signal in the time domain and check for over-
loads to ensure that both transducer and measurement system are operating 
within their permissible dynamic range. 

• Measure with a second set of instruments and/or data acquisition method. 
• If the overall vibration is much larger than any visible peaks in the spectrum, 

the range should be increased to find additional peaks or zones with broadband 
excitation. 

10.10.3 Vibration diagnostics 

In order to diagnose the cause of unacceptable vibrations, it is usually necessary to 
analyze the spectrum of the vibration signals recorded, because the various vibra-
tion mechanisms discussed above can be recognized by their characteristic fre-
quencies. When measuring shaft vibrations, the orbits should be plotted too, since 
the orbit shape is specific to some types of vibrations.  

Table 10.9 shows how different types of vibrations can be recognized from the 
characteristic features of the spectra and shaft orbits. The information given in Ta-
ble 10.9 can help with a methodical failure analysis. In doing so, not only spectra 
and orbits are considered. It can also be most revealing to analyze how the vibra-
tion frequencies and amplitudes depend on speed, flow rate ratio q*, inlet pressure 
or NPSHA and, possibly, temperature. Columns 3 and 4 of Table 10.9 describe 
some characteristic features. 

In many cases only the combination of the various features gives a clue as to 
the cause of the problem. The following information may help to focus the vibra-
tion diagnostic: 

• Usually different vibration mechanisms act at the same time and various system 
influences obscure the measured signals so that a correct diagnosis becomes 
very difficult. 

• The chain of events as to cause and effect is often not evident. For example: 
High amplitudes lead to wear of the annular seal, increased seal clearance re-
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duces rotor damping, vibrations increase and foster wear of the seals. If a pump 
in new conditions exhibits acceptable vibrations which rapidly deteriorate dur-
ing service, at least three scenarios can be considered: a) The wear was caused 
by a bowed shaft (bow due to thermal or mechanical effects) or an unsuitable 
rotor setting. b) The wear was caused by high vibrations, e.g. due to excessive 
hydraulic unbalance, rotating stall or operation with excessive partload recircu-
lation. c) Unsuitable rotor design and/or selection of unsuitable annular seals 
with marginal damping in new conditions but rapid deterioration during ser-
vice. Which scenario applies, may not be easy to decide from the spectra and 
orbits, but obviously each of the scenarios would require quite different reme-
dies. 

• Very irregular or chaotic orbits point to bearing problems: excessive clearance, 
low damping, bearing damage, loose sleeve, or instability. Again the bearing 
problems can be the root cause of the difficulties or the symptom in that the 
bearing damage is caused by excessive vibrations induced, for example, by a 
resonance. Rubbing in annular seals can also generate chaotic orbits. 

• Usually the measured spectra contain various peaks which cannot be explained 
readily by any known vibration mechanism. Furthermore, various peaks depend 
on the flow rate in a stochastic way which is difficult (if not impossible) to ex-
plain. These observations apply to the spectra of shaft and bearing housing vi-
brations as well as to pressure pulsations. This behavior may be due to subtle 
changes in the flow pattern within the pump or within the system and to acous-
tic phenomena. Unless such vibration components contribute significantly to 
the overall level, it may be a futile effort to try and understand their origin. It is 
therefore recommended to: (1) Analyze the spectrum (quantitatively) in order 
to pinpoint those discrete frequency peaks and broadband regions which deter-
mine to a large extent the overall level and exceed allowable limits; (2) Focus 
the effort to find root cause and remedy for the largest contributors. 

• When measuring vibrations on the test bed, the influences of the foundation and 
the piping can falsify the results, because the temporary arrangement on the test 
bed usually is less rigid than in the plant. 

For monitoring large pumps it is quite common to measure both the vibration 
velocities at the bearing housings and shaft displacement by proximity probes 
mounted close to the bearings. The latter yield the relative movement between 
shaft and bearing housings. Often it is observed that shaft vibrations are quite low 
whereas bearing housing vibrations exceed the allowable limits considerably. If 
that is the case, it may be surmised that rotor dynamic behavior is good and that 
possible vibration problems are caused by other effects, for example by a reso-
nance of the bearing housing with some hydraulic excitation mechanism. How-
ever, the behavior may just be the opposite: shaft vibrations exceed the allowable 
limits while bearing housing vibrations are quite low. In this case rotor dynamic 
problems are suspected. Table 10.9 (5) may help with the diagnosis. 
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Table 10.9 (5) Shaft versus bearing housing vibrations 
Bearing housing  
vibrations  

Shaft vibrations 
relative to bearing 

Interpretation Probable cause 

insignificant  high 

• bearing housing be-
haves as rigid com-
pared to shaft 

• shaft leads life of its 
own 

• rotor dynamic prob-
lems: rotor instabil-
ity (seals, bearings) 
or resonance with 
rotor eigen fre-
quency 

high insignificant 

• hydraulic excitation 
forces are transmit-
ted via pump casing 
or rotor to bearing 
housing 

• rotor follows or dic-
tates the movement 
of the bearing hous-
ings 

• resonance with ei-
gen frequency of 
bearing housing 
(most frequent cau-
se) 

• forced vibration of 
bearing housing 
through hydraulic 
excitation 

10.11 Bearing housing vibrations: mechanism, 
diagnostics, remedies 

Impeller/diffuser interaction forces (Chap. 10.7) can be transmitted via the rotor 
and the stator to the bearings. In reaction to this, the bearing housings are subject 
to vibrations which are easily detected by means of accelerometers or vibration 
velocity transducers. In both methods vibration velocities are used as acceptance 
criterion, since these are limited by pump specifications and standards, Table 10.8. 
The vibration velocity is a measure of the energy of vibration and is considered 
the best indicator of machinery condition. This because the vibration velocity is 
independent of the frequency (the vibration displacement decreases with the fre-
quency while the acceleration increases with the frequency). 

Excessive bearing housing vibrations can lead to the damage of seals, bearings, 
auxiliary piping, or structural components. An assessment of bearing housing vi-
bration severity based on operation experience is proposed in [B.15], where the 
zero-to-peak values are given (these have been divided by 20.5 to compare with the 
RMS values specified in Table 10.8): 

• up to 3.8 mm/s zero-to-peak (up to 2.7 mm/s RMS): good mechanical perform-
ance 

• 13 mm/s zero-to-peak (9 mm/s RMS): bearing and seal failures likely 
• 25 mm/s zero-to-peak (18 mm/s RMS): catastrophic failure likely  

With high-head pumps (specific speed below nq = 50) bearing housing vibra-
tions can exceed the allowable limits specified in Table 10.8, when operating at 
low flow rates. Then recirculation is expected at the impeller inlet and outlet. This 
occurs typically below 40 to 70% of BEP flow (the onset increasing with nq). In 
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contrast, vibrations above the onset of recirculation are by and large well within 
specification. The vibration spectra usually show peaks at rotational frequency fn, 
blade passing frequency (BPF) zLa×fn and broadband components as well as peaks 
at odd frequencies of various origins. This is illustrated by Fig. 10.29, which 
shows bearing housing vibrations at DE and NDE. In this case, both spectra have 
almost exactly the same shape (suggesting the same excitation mechanisms on 
both sides). However, the amplitudes on the NDE are roughly half because of its 
heavy design. Peaks are found at (or close to) fn, 5×fn (BPF suction impeller), 7×fn 
(BPF series stages), 10×fn and 14×fn (2nd order BPF of suction and series stages 
impeller). The excitation grows with increasing flow recirculation, because the 
flow at the impeller outlet becomes less uniform, thus increasing impeller/stator 
interaction. In many of the problems encountered, bearing housing resonance oc-
curs with either the blade passing frequency or broadband excitation. 

 

 

Fig. 10.29. Spectra of bearing housing vibrations of a 5-stage pump at q* = 0.25; vibration 
velocities in μm/s; top: DE (overall 6.8 mm/s RMS); bottom: NDE (overall 3.9 mm/s 
RMS); rotor frequency fn = 94 Hz 

10.11.1 Hydraulic excitation mechanisms 

The most important excitation mechanisms relevant for bearing housing vibrations 
are summarized below (refer to Chap. 10.7 for other effects and more details):  

1. Hydraulic unbalance generates vibrations at synchronous frequency fn which 
are caused by geometric differences in the individual impeller channels. Ampli-

Hz 
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tudes usually increase with the flow rate and are minimum near shut-off. If 
such a behavior is observed, geometrical checks of the impeller can reveal dif-
ferences in the impeller channels (e.g. b2, a2 or 2B). 

2. If the vane number combination as per Eq. (10.13) is not correct in that it gives 
m = 1, radial forces are created on the rotor which are transmitted to the bearing 
housings. First order excitation (e.g. zLa = 7 combined with zLe = 8) as well as 
2nd order excitation (e.g. zLa = 5 with zLe = 9) have been observed to cause ex-
cessive vibrations, which were eliminated by changing the number of diffuser 
(or impeller) vanes in order to avoid m = 1. As an example Fig. 10.30 shows 
bearing housing vibrations of a 6-stage pump at minimum flow, q* = 0.21. The 
number of diffuser vanes is zLe = 9. On the NDE blade passing vibrations of the 
series stages (zLa = 7) were dominant, Fig. 10.30a. The suction impeller (near 
DE) has 5 blades which give high second order blade passing excitation at 
2×zLa×fn = 10×fn (Fig. b). Misalignment due to thermal deformation shows up at 
2×fn; it is more pronounced at the DE. Unbalance effects are small. All peaks 
are very sharp, testifying to the low structural damping of the bearing housings. 

3. Vane number combinations with m = 0 must also be avoided, since they can 
cause high axial vibrations of the bearing housing (high pressure pulsations). 
Furthermore, pressure distributions which are not symmetric around the impel-
ler shrouds can generate a tilting moment on the impeller. The bending mo-
ments in the shaft created in reaction to this have a similar effect on bearing 
housing vibrations as a lateral excitation of the rotor. Impeller shrouds and cas-
ing walls should therefore be machined in high-head pumps or pumps which 
are known to be sensitive to this type of excitation and which are built to strin-
gent specifications. 

4. Vibrations at zLa×fn are excited by the pitch-wise non-uniform velocity profile 
at the impeller outlet. This velocity profile depends on: (1) The impeller inlet 
flow distribution (in particular for higher nq); (2) the impeller geometry in its 
broadest terms: “blade loading” (pressure coefficient) and secondary flows; 
(3) the flow rate; (4) flow recirculation at the impeller inlet and outlet. The 
pitch-wise non-uniformity interacts with the stator vanes by two mechanisms, 
(a) stator vane incidence variations (lift fluctuations) Fig. 10.3; (b) varying im-
pact velocity on stator vanes as demonstrated by Fig. 10.1. 

5. The rotor/stator interaction decreases with the distance between impeller and 
diffuser vanes according to (d3*-1)-0.77 (with d3* = d3/d2). An insufficient dis-
tance between the impeller and diffuser vanes can lead to excessive vibrations 
and even impeller shroud fractures; see Table 10.2 for minimum recommended 
distance d3* or dz*. Depending on hydraulic design, nq, u2 and allowable vibra-
tions, the distance d3* in Table 10.2 may need to be increased. 

6. Impellers with low blade numbers (zLa = 3 or 4) have large pitches at the outlet 
(t2 = d2/zLa) with strong pitch-wise non-uniformity of the flow. Impellers with 
3 or 4 blades are typically used for specific speeds below nq = 12 to 14. Exam-
ples are process pumps with single or double-entry impellers. Pumps suscepti-
ble to giving vibration problems should therefore have at least 5 impeller 
blades. 
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Fig. 10.30. Vertical bearing housing vibrations of a 6-stage pump; fn = 59 Hz, u2 = 56 m/s, 
q* = 0.21. a) NDE: series stages with zLa = 7, overall 8.3 mm/s; b) DE: 1st stage with 
zLa = 5, overall 12.5 mm/s 

7. Broadband pressure fluctuations can selectively excite structural resonances. 
Broadband excitation is caused by vortices and large-scale turbulence, which 
increases strongly as the flow is reduced from BEP to shut-off, since essentially 
the difference between power input and useful power is dissipated. Impeller 
inlet and outlet recirculation at low flow accounts for this.  

8. Instabilities in the Q-H-curve increase hydraulic excitation (see Chap. 10.12). 
The same is true for sudden changes in flow pattern, which can cause a hystere-
sis in the Q-H-curve or the axial thrust curve. 

9. Pressure pulsations caused by cavitation can excite vibrations. The effect in-
creases with the cavity volume, which is proportional to cavity length, impeller 
blade inlet width b1 (thus increasing with the specific speed) and incidence. 

10. High pressure pulsations at blade passing frequency may be reduced by over-
filing the impeller blades at the trailing edge (Fig. 3.6). In contrast, under-filing 
the blades can increase the excitation because of the higher blade distance a2 
and its impact on momentum exchange during recirculation; also blade loading 
and non-uniformity of impeller outlet flow are increased by under-filing. How-
ever, if gap B is increased by trimming the impeller outer diameter, some head 
can be recovered by under-filing while vibrations still may be reduced.  
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11. A resonance between blade passing frequency and standing waves in the long 
crossover aggravates bearing housing vibrations on pumps of the type shown in 
Fig. 2.8 

12. Rotating stall in the impeller is expected to excite vibrations at frequencies in 
the range of f = (0.5 to 0.95)×fn, while rotating stall in the diffuser excites 
f = (0.05 to 0.3)×fn. 

With the exception of hydraulic unbalance, hydraulic excitation is lowest in the 
range of q* = 0.9 to 1.0. Excitation increases at partload and at very high flow 
(q* >> 1) similar to the tendencies shown in Fig. 10.5 (pressure pulsations). In 
practice, excessive hydraulically induced vibrations are therefore mostly partload 
problems (except hydraulic unbalance). This implies that excessive vibrations oc-
cur during operation with fully separated, recirculating flows. However, in sepa-
rated recirculating flows the blade shape is expected to exert little influence on the 
flow pattern. This is borne out by the observation that the shut-off power depends 
little on the blade shape or the blade inlet angles. Further, the hydraulic unbalance, 
which is caused by differences in blade shapes or impeller channels, increases 
rather than decreases with the flow rate. However, the impeller blade outlet an-
gles 2B have some influence on shut-off head and power, since the blade distance 
a2 increases with 2B. This fosters the exchange of momentum during recirculation 
at the impeller outlet. Blade loading optimization at BEP may therefore not neces-
sarily help to reduce broadband excitation at low flow. In contrast, impeller outlet 
width b2 and inlet diameters d1, d1i have a strong effect on flow recirculation. 
These parameters are possibly subject to optimization. In particular, too large an 
impeller outlet width creates strongly non-uniform flows possibly leading to bear-
ing housing vibrations at partload (flow phenomena described in [5.41]). 

The power dissipated during partload recirculation may be considered as an in-
direct measure of the broadband excitation, even though it cannot be expected that 
vibrations would be strictly proportional to the recirculation power. The mechani-
cal reaction to broadband excitation is more like a filter: natural frequencies, in the 
range considered, are excited selectively by the broadband activity, whereas the 
forced response of the heavy structures involved is much weaker – if not alto-
gether negligible. The recirculation power can be estimated in the following way: 
When the power at the coupling P is measured (or known), the recirculation power 
PRec can be calculated from Eq. (10.17): 

ermS3
st

RR
h

Es1
Rec PPPP)QQ(Q H g PP −−−−

η
++ρ−=  (10.17)

The hydraulic efficiencies (including that at q* = 0) can be estimated from 
Eq. (4.14). Equations (10.17) and (4.14) hold for all flow rates below the onset of 
recirculation including shut-off. Equation (10.17) can be evaluated over the entire 
flow range. At some flow the recirculation power becomes zero. The correspond-
ing flow rate is an estimate for the (overall) onset of recirculation. 

PRec is the sum of the impeller inlet and outlet recirculation power. In order to 
assess the relative contribution of both inlet and outlet recirculation to the broad-
band excitation, the recirculation power dissipated at the impeller inlet PRec,in can 
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be calculated from the information given in Chap. 4.1.4 using Eq. (4.11). At shut-
off the inlet recirculation power is then given by Eq. (10.18): 

2
1

3
1o,cRe,1o,in,cRe ru

2
P λρ=           with    1,Rec,o = 0.21 ± 0.01 (10.18)

The onset of inlet recirculation is calculated from Eq. (5.7b). For want of more 
accurate information, it can be assumed that the power dissipated by inlet recircu-
lation decreases linearly with the flow rate from the value PRec,in,o calculated from 
Eq. (10.18) to zero at the onset of inlet recirculation. The recirculation power at 
the outlet is given by the difference PRec - PRec,in,o. Figure 10.31 shows the example 
of a 5-stage pump with a specific speed of nq = 30 and a power consumption at 
BEP of about 5200 kW. At minimum flow q* = 0.25 the total recirculation power 
is roughly 900 kW (250 kW due to inlet, 650 kW due to outlet recirculation). Even 
though this type of estimation can provide very rough figures only, it gives a clue 
as to the energy available for broadband excitation. 
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Fig. 10.31. Estimated recirculation power of a 5-stage pump; n = 5600 rpm; nq = 30; 
Popt = 5200 kW; Hopt = 2200 m 

10.11.2 Mechanical reaction to hydraulic excitation 

The mechanisms by which the hydraulic excitation forces are transmitted from the 
impeller outlet to the bearing housing are not well understood quantitatively. The 
interaction forces between rotor and stator vanes act equally on the stator and rotor 
(Newton’s law: “action = reaction”). Consequently, vane interaction forces are 
transmitted through both the shaft and the stator to the bearing housing. Note that 
measurements of the shaft vibrations cannot answer the question of the transmis-
sion path, since they (usually) record only the relative movement between bearing 
housing and shaft. Hence it is often observed that shaft vibrations are within al-
lowable limits whereas bearing housing vibrations are excessive. In this case, the 
movements of the bearing housing determine the vibration behavior of the rotor. 
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The opposite behavior can be found in a pump with rotor dynamic problems: in 
this case bearing housing vibrations are low while shaft vibrations are high. 

The transmission of forces through the shaft to the bearing housing is influ-
enced by the oil film in the journal bearings or by the roller bearings, but also by 
the rotor damping in the close running clearances. That forces are transmitted 
through the shaft to the bearing housing is proven by tests with high mechanical 
unbalance (which virtually has no impact on casing deformation). Vibration 
transmission through the casing depends on the design of the pump. Various 
mechanisms can contribute: 

• Pressure pulsations generate unsteady casing deformations, as sketched in 
Fig. 10.32 (see also Chap. 10.12.6 and Fig. 10.40). Small deformations near the 
centre of the casing are magnified towards the bearing housing – the more so, 
the longer the bearing span. This mechanism might explain the effect which 
acoustic resonances in long crossovers can have on bearing housing vibrations 
of pumps of the type shown in Fig. 2.8. Likewise, pressure pulsations in the 
system are prone to create casing deformations rather than lateral forces on the 
rotor. Apart from casing deformations, differences in reflection time of pressure 
waves within the pump may create non-uniform pressure distributions around 
the impeller and thus generate lateral forces on the rotor which are transmitted 
to the bearings. 

 

p~  

Fig. 10.32. Casing deformation due to pressure pulsations 

• In a similar way, tie bolt deformation can contribute to the bearing housing vi-
brations in segmental type pumps shown in Fig. 2.6. Tie bolts may deform in 
longitudinal and bending modes. 

• With barrel pumps (Fig. 2.7), deformations of both the barrel casing and the 
stage elements and associated components can occur. The force transmission 
paths are further influenced by bolts, seats, clearances and gaskets. 

Frequently, large differences in vibrations are observed on the drive end (DE) 
and non-drive end (NDE) of the pump. They may be caused by: (1) differences in 
the force transmission path; (2) differences in mass or in stiffness of the bearing 
housing and casing; (3) the balance device (piston or disk); (4) differences in the 
hydraulic design of the first and last stages; (5) the damping provided by other 
close-running clearances or swirl brakes. 

Numerous mechanical design features can strongly influence pump vibrations. 
Some are quite obvious, others more difficult to ascertain: 
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1. Bearing housing resonances. This item is one of the first points to be checked 
out thoroughly when high blade passing frequencies are detected, because eigen 
frequencies of the bearing housings are often in the vicinity of the blade passing 
frequency. The eigen frequencies are calculated by FE analysis and/or meas-
ured by impact testing. This can be done (a) without the rotor being mounted, 
(b) with the rotor mounted, but at stand-still and (c) during operation. While the 
resulting three frequencies are likely to be different, the frequency measured 
during operation would appear to be the truly relevant one. However, impact 
testing during service requires sufficiently high impact energy to get clear sig-
nals in the spectrum of an operating pump (whose energy content is very high).  

2. In multistage pumps the impellers of the different stages must be staggered. 
Staggering causes a phase shift between the different impellers, but has no in-
fluence on the (blade passing) frequency: only the amplitudes are affected. 

3. Vibrations can be excited if impellers and diffusers are not well axially posi-
tioned so that the middles of the impeller and diffuser channels do not match. 
To smooth the flow if the ratio b3/b2 is small, a chamfer at the diffuser inlet is 
recommended, Table 0.2(2); refer to the figure on the last page of the symbols. 
Exceptions are cases where an axial offset of the diffuser versus the impeller is 
deliberately introduced to improve the stability of the Q-H-curve and/or reduce 
the axial thrust. 

4. Operation near an eigen frequency of the rotor. For remedies see Chap. 10.8. 
5. If the bearing housing design is strongly non-isotropic, vertical vibration ampli-

tudes may be different from horizontal vibrations. 
6. Differences between vertical and horizontal vibrations may also be influenced 

by the baseplate and/or the foundation, since their vibrations are felt by the ac-
celerometers (as during an earthquake). The orientation of the suction and dis-
charge nozzles may also have an impact because of the forces created by pres-
sure pulsations in the system since these forces act in the direction of the 
nozzles. 

7. Multistage pumps with balance pistons or disks may behave differently because 
of the impact of the balance device on rotor damping and eigen frequencies. 

Measured drive-end (DE) and non-drive end (NDE) vibrations can be quite dif-
ferent. Apart from coupling or driver problems (discussed below), several mecha-
nisms can be responsible for this: 

• The bearing housings are bolted to the casing, to the cover or to the cartridge 
(e.g. Figs. 2.6 to 2.12, 7.48); the measured eigen frequencies therefore depend 
not only on the bearing housing itself but also on the component to which it is 
bolted and which experiences deformation as well. 

• In a multistage pump with a balance piston the forces transmitted through the 
rotor to the bearing housing may be damped by the piston and could thus be 
lower on the NDE (if the piston is on that side) than on the DE. 

• Forces transmitted through the casing to the bearing housing depend very much 
on the design: wall thicknesses or material sections, seats, gaskets or bolting 
between different elements in the path of force transmission all exert an influ-
ence. Force transmission paths to DE and NDE are usually quite different. 
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• For any given spectrum of excitation forces the forced response of a structure 
decreases with increasing mass, since acceleration is proportional to force di-
vided by mass. The accelerated mass on DE and NDE might be quite different. 

Frequently, the vibrations exceed allowable limits on the DE, while they are 
within specification on the NDE (or vice versa). Even though the excitation forces 
may differ on DE and NDE (e.g. due to particular design features of a suction 
stage, as per Fig. 10.30, or a last stage diffuser), such cases suggest that the differ-
ences between DE and NDE vibrations largely result from differences in the me-
chanical design as suggested by Fig. 10.29. In that case hydraulic excitation is ex-
cessive only with respect to the particular DE or NDE design. In other words: to a 
vibration problem there can be a mechanical as well as a hydraulic solution. 

10.11.3 Hydraulic versus mechanical remedies 

The hydraulic excitation forces discussed above are always present. With a given 
pump they increase with the square of the tip speed and the density, i.e. ×u2

2. The 
bearing housing and shaft vibrations of the pump would also increase with ×u2

2 if 
it were not for resonance phenomena. The dynamic response to a high-frequency 
solicitation is usually not identical to deformation under a static load of the same 
magnitude. If (as a mental experiment) the speed of a given pump were allowed to 
increase continually, at some point a tip speed u2 would be reached above which 
the allowable vibrations (as per Table 10.8) would be exceeded. Consequently, 
hydraulic excitation forces are “excessive” only for a given mechanical design 
above a specific limit of the impeller tip speed.  

The hydraulic excitation forces can be measured by the methods described in 
Chap. 9.3.2 (which is seldom done) but they cannot as yet be predicted theoreti-
cally with reasonable precision. Therefore, it is difficult to state whether or not 
any given hydraulic components create “excessive” excitation forces. Neither is it 
practicable to predict the amplitudes of the bearing housing vibrations generated 
by known hydraulic excitation forces. 

Modifications to the hydraulic components may be indicated when known or 
proven criteria are violated, such as: (1) wrong vane combination; (2) high syn-
chronous vibrations due to hydraulic unbalance; (3) insufficient distance between 
rotor and stator vanes; (4) unstable Q-H-curve; (5) low number of blades 
(zLa = 3 or 4) in high-head pumps; (6) as-cast (not machined) impeller shrouds in 
high-head applications; (7) acoustic resonance of blade passing frequency with 
standing waves in long crossovers. Further hydraulic design features, which might 
possibly contribute to excessive hydraulic excitation, can only be assessed by 
comparison to hydraulics with a better vibration record, or by checking against 
general hydraulic design guidelines. Such factors include: relative impeller outlet 
width b2* = (nq), deceleration ratios c3q/c2, w1q/w1a, w2/w1a, b3/b2, blade loading 
limits (Table 7.1), pressure coefficient BEP, shut-off power coefficient o or the 
approach flow angle 1a which allows to assess the appropriate choice of the im-
peller inlet diameter. 
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Modifications to the mechanical design are warranted if there are manifest 
resonances between a bearing housing natural frequency and the blade passing 
frequency, or if there are resonances with the baseplate or the foundation. When 
attempting to detune the bearing housing against the blade passing frequency ei-
ther the bearing housing should be stiffened or mass should be added since, in do-
ing so, the forced response to broadband excitation is reduced at the same time. 
Detuning should not be attempted by reducing the stiffness or the mass. Any re-
duction would, firstly, increase forced response. Secondly, resonance vibrations 
can occur due to broadband excitation which is equally present at the detuned ei-
gen frequency. Increasing the stiffness to raise the eigen frequency usually re-
quires the addition of mass, which in itself tends to lower the eigen frequencies. 
Hence, major changes in stiffness may be required to have any significant effect.  

To tackle the root cause of vibrations at blade passing frequency requires modi-
fications to the impeller, diffuser and/or approach flow. Changes to approach flow 
and impeller aim at achieving a more uniform velocity distribution at the impeller 
outlet in order to reduce the rotor/stator interaction. Changes to the diffuser or vo-
lute intend to mitigate the effects of non-uniform impeller outflow. Since the prob-
lems mainly occur at partload, such modifications must be effective with separated 
and recirculating flows, which are difficult to analyze. Table 10.10 lists the pa-
rameters which are thought to have an impact on bearing housing vibrations. 
These parameters are quite similar to Table 10.2, which should be referred to for 
further details. 

10.11.4 Bearing housing vibration diagnostics 

If the measured vibrations exceed the allowable levels as defined by Tables 10.6 
to 10.8, [N.6] or [N.16], it is necessary to first find the root cause of the vibrations 
and then to devise remedies. This process is often quite involved and can become 
very expensive, since the cause of apparently exceeding the allowable vibrations 
may be found in at least six different areas: 

1. Measurements and/or data treatment can be misleading or erroneous. 
2. Excessive hydraulic excitation forces. 
3. Mechanical design of the pump: bearing housing resonance, operation near an 

eigen frequency of the rotor, too low mass or stiffness, loose seats or gaskets in 
force transmission path.  

4. Excessive vibrations may result from mechanical interaction with the system 
(baseplate, foundation and piping). 

5. Excessive vibrations may be influenced by hydraulic/acoustic interaction with 
the piping system and its components. 

6. Excessive vibrations may be due to the drive train (motor, gear box, coupling 
and misalignment). 

Once it is ascertained that measurements and data evaluation are correct, but prior 
to embarking on an expensive investigation of the above problem areas, it is 
worthwhile to make a survey of likely contributors from items 2 to 6 to the prob-  
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Table 10.10 Impact of hydraulic design on bearing housing vibrations 
Parameter Effect Remarks 

Increase of d3* always helps Distance between im-
peller blade TE and col-
lector LE d2- trim increases blade loading, which may be 

dominating in rare cases 

Vane interaction de-
creases with  
(d3/d2-1)-0,77 

Diffuser to impeller 
width b3/b2 

Recirculation is expected to increase with the 
ratio b3/b2 

 

Oblique impeller trim Smoother flow to diffuser  
Quite effective since 
d3/d2 increases, but 
head reduction 

Vane count m = ν3×zLe - ν2×zLa; avoid m = 1 for ν  3 proven, Chap. 10.7.1 

Select zLa to avoid acoustic resonance in long 
crossover, column pipe or system.  

Impeller blade number 
If Hst > 100 m, avoid zLa < 5 High unsupported span 

Pressure side profiling (Fig. 3.6) reduces exci-
tation; flow follows pressure side even during 
recirculation, Fig. 3.4 

Avoid too thin blade 
trailing edge (crack-
ing!) Impeller trailing edge 

profile  Suction side profiling (Fig. 3.6) can increase 
excitation; vane distance a2 increases; higher 
momentum exchange during recirculation 

 

Twisted blades at the 
impeller outlet, “rake”.  

Staggered blades with 
double-entry impellers          

 

                

 

 

Not always effective 

Impeller outlet width 
b2* = b2/d2 

Large b2* fosters non-uniform velocity distri-
bution at the impeller outlet and increases the 
momentum exchange during recirculation 

For a given opt there 
may be an optimum 
b2* 

Pressure coefficient 
opt and outlet angle 2B 

High opt and high 2B (high blade loading) is 
expected to increase non-uniformity of impel-
ler outflow  

High opt also gives 
flatter Q-H-curves, 
hence less system 
damping, Chap. 10.12. 

Oblique volute cutwater
leading edge              

ε  >  3 5  °  

 
 

Gap A and overlap x Interaction of main flow with sidewall gap 
flow may increase instabilities and excitation Influence possible 

Meridional shape of 
impeller  

Impact on impeller discharge flow non-
uniformity 

Influence expected but 
not demonstrated 

Impeller inlet flow Non-uniform inlet flow induces vibrations; the 
effect increases with the specific speed 

More details in Ta-
ble 10.2  

Impeller inlet diameter Minimize inlet recirculation Select close to d1*min as 
per Eq. (T7.1.4) 

Deceleration ratios Limit w1q/w1 and c3q/c2 to reduce recirculation  
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Fig. 10.33. Spectrum of an impact test with the rotor mounted at standstill 

lem at hand. It would make little sense to perform a lengthy hydraulic analysis or 
to modify, or even replace, hydraulic components to find out in the end that the 
problem is not caused by an unfavorable hydraulic design, but that there is a bear-
ing housing resonance, a resonance with a natural frequency of the baseplate of 
the pump, acoustic resonances in the piping or even that the measurements or data 
treatment were not correct. 

Of the six problem areas listed above, item 1 has been discussed in 
Chap. 10.10.2, item 2 in Chap. 10.11.1 and item 3 in Chap. 10.11.2. Items 4 to 6 
will be discussed in the following in terms of vibration mechanisms, things to 
check, sources of error and methods of assessment. In doing so – explicitly or im-
plicitly – bearing housing vibration is in the foreground, but the methods apply to 
shaft vibration or excessive pressure pulsations as well. 
Impact tests to determine eigen frequencies 
Figure 10.33 shows the results of an impact test on a bearing housing; plotted is 
the mobility (mobility = velocity/force) against the frequency. The test was done 
with the rotor at standstill. Dominant eigen frequencies appear at 660 Hz and 
730 Hz. The broadband behavior above 550 Hz may be due to the damping pro-
vided by the oil film in the journal bearings. Tests without rotor have sharper 
peaks because of less damping. 
Excessive vibrations due to mechanical system interaction 
The accelerometers mounted on the bearing housings measure absolute accelera-
tions (such as may be induced also by an earthquake). Therefore vibration ampli-
tudes measured on the bearing housings can be increased by (resonant) vibrations 
of foundation, baseplate and piping: 

1. Pipe vibrations can be induced by the throttle valve or dead-end pipes and other 
components in the test loop – in particular, if mechanical eigen frequencies of 
the piping are excited by standing waves. Remedy: tightly bolt down the pip-
ing, additional supports, piping dampers (in plants). When applying such meas-

Hz 
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ures, thermal expansion and allowable loads on suction and discharge nozzles 
must be taken into account. 

2. Vibrations of the pump foundation. This problem may, for example, occur on 
the test bed (works tests) if the pump is mounted on beams. The best way to 
avoid this problem is to bolt the baseplate of the pump to a solid concrete slab 
(thickness typically 1000 mm). 

3. Resonant vibrations of baseplates, which are often complicated cast or welded 
structures with many eigen modes. Baseplate eigen modes may be detected by 
impact testing or calculated by finite element analysis. Blade pass vibrations 
usually are expected to excite modes of higher order. As the vibration order in-
creases, eigen frequencies of different modes come increasingly closer, which 
makes it difficult to clearly detect and avoid resonances. 

The items 1 and 2 above are typical for a works test. There, the piping and 
mounting of the pump is of temporary nature because the experimental set-up 
needs to be modified for a variety of pumps to be tested in such installations. 

Vibration measurements on the baseplate enable a judgment of the likely con-
tribution of the baseplate to the bearing housing vibrations. The coherence be-
tween baseplate and bearing housing vibrations can be determined by means of a 
multi-channel analyzer.  

Excessive vibrations due to hydraulic/acoustic system interaction 
Pressure pulsations in the test loop are expected to have an influence on bearing 
housing vibrations through a number of possible mechanisms (see also 
Chap. 10.12): 

1. The pressure pulsations in the inlet and discharge nozzles exert unsteady forces 
on the pump which are roughly related to the nozzle area times the amplitudes 
of the pressure pulsations. 

2. On a test bed (usually) the useful energy of the pump (Pu = ×g×H×Q) is dissi-
pated in a throttle valve as large-scale turbulence giving rise to high broadband 
pressure pulsations. The resulting excitation (manifesting itself also in high au-
dible noise) is often aggravated by cavitation in the valve. 

3. Standing waves and their possible interaction with test loop components are 
discussed in Chap. 10.12. Such effects are not easy to detect, since the reflec-
tion conditions at changes in cross sections are difficult to assess; in particular 
so at the impeller and diffuser throats, at the transitions from the suction pipe to 
the inlet chamber and from the outlet chamber to the discharge nozzle. At all of 
these locations the portion of acoustic energy reflected depends on the fre-
quency, but no quantitative information is available.  

Acoustic waves generated by impeller/diffuser vane interaction in the different 
stages of a multistage pump travel different path lengths to any given point of re-
flection or measurement in the loop. Amplitudes of all these waves are superim-
posed (they add or cancel partially). 
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Excessive vibrations due to drive train problems 
The motor, gear box or coupling can have an impact on pump vibrations through 
various mechanisms, which depend on the variety of drivers and gears available. 
Some of the problems are: 

1. Misalignment usually shows up in the spectra as peaks at 2×fn and/or 1×fn. It is 
often linked to high axial vibrations. Misalignment can be due to: (a) assembly 
errors; (b) thermal deformation (high temperature fluids or day/night cycle in 
out-door pump stations); (c) excessive piping forces. 

2. Problems with the coupling. Too heavy a coupling lowers the rotor eigen fre-
quencies at the DE overhung. Coupling-induced vibrations have also an impact 
on the DE bearing housing vibrations. 

3. Torsional vibrations induced by frequency controlled electric motors. 
4. Motor vibrations can be transmitted via the foundation to the pump. Such vibra-

tions show up in the spectrum at the rotational frequency of the motor rotor or 
multiples thereof. 

5. The impact of a gear box or a fluid coupling is to be assessed by examining the 
characteristics of the particular components selected. 

Vibration analysis methodology 
If a specific pump exceeds allowable vibration limits, the procedure described be-
low may be followed. 
Step 1: Prior to starting a vibration analysis a review of operation or testing ob-
servations could give clues to possible sources of the problem; such a review may 
include: 
• Operation history 
• Actual operation conditions (speed, flow rate, suction and discharge pressure, 

power) 
• Unusual noise from pump, bearings, valves, piping, gear box or motor? 
• Cavitation noise? 
• Surging type of noise? 
• Large fluctuations of pressure or flow rate readings? 
• Type of baseplate, foundation and bolting: weak or rigid?  
• High pipe vibrations? 
• Review of approach flow (velocity, perturbations such as bends, branches etc. 

refer to Chap. 11.7) 
• Liquid level in suction tank (if any), required submergence, gas drawing vor-

tices? 
• Free gas in suction or discharge piping: insufficient venting (in particular 

closed circuits) or gas coming out of solution in zones of low pressure? 
• Is there a suction screen or a filter? If so, is it intact and effective to eliminate 

the risk of foreign matter caught in the impeller (unbalance)? 
• Bearing temperatures normal or excessive? 
• Integrity of coupling? 
• Are all auxiliaries working properly? 
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• Pumps operating in plants: modifications to pump, system or operation? Have 
there been large transients in the past with the potential of damaging the pump?  

Step 2: Determine fundamental frequencies and review data treatment conditions. 
Check suitability of sampling rate, selected measuring range with respect to natu-
ral frequencies of vibration captors and frequency resolution as per Table 10.11A. 

 
Table 10.11 Bearing housing vibration diagnostics 
A Fundamental frequencies and data treatment conditions 

The figures given in the table are an example for n = 6000 rpm, zLa,1 = 5, zLa = 7 and zLe = 12 

1. Test speed of driver if ndriver  n ndriver =                     rpm Does this speed show a 
peak in the spectrum? 

2. Test speed of pump rotor n = 6000 rpm  

3. Rotational frequency of pump rotor fn = n/60 = 100 Hz  

4. first stage zLa,1 = 5 fn×zLa,1 = 500 Hz 

5. 
Number of impel-
ler blades:  series stages zLa =7 fn×zLa = 700 Hz 

6. first stage zLe,1 = 12  

7. 
number of dif-
fuser vanes: series stages zLe = 12  

8. Measured frequency range 5 < f < fmax = 2000 Hz At least fmax = 2.5×fn×zLa 

9. Accelerometer natural frequency  fac > 3 fmax > 6000 Hz At least fac = (3 to 5)×fmax 

10. Sampling rate fs = (2.2 to 3)×fmax fs = 4400 Hz  

11. FFT sample block size m = 1024  

12. Frequency resolution f = fs/m f = 4400/1024 = 4.3 Hz  

13. Number of data blocks N = 64  

14. Number of FFT spectrum lines:  
1 + m/2 513  

15. Time required for one record 
T = N×m/fs 

T = 64×1024/4400 =15 s  

 
Step 3: Gather and review main pump data as per Table 10.11B. These data relate 
to the test conditions. If the test conditions differ from the plant operation, the con-
sequences for plant operation need to be assessed separately. 
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 Table 10.11 Bearing housing vibration diagnostics 
B Pump main data 

  Test conditions Plant operation - 

16. Type of fluid   - 

Fluid temperature T   °C 
17. 

Fluid density    kg/m3 

18. Speed range min/max n   rpm 

19. Type of pump   - 

20. Number of stages  zst  - 

21. Type of bearings   - 

22. Specific speed nq  - 

23. Impeller outer diameter d2  mm 

24. Impeller inlet diameter d1 1st stage mm 

25. at d2 u2  m/s 

26. 
Impeller circum-
ferential speed at d1 u1 1st stage m/s 

27. n, Q, H, P, QE, NPSHA,  
NPSH3 = f(Q) as tested Q-H-curve unstable or flat? 

28. Available NPSH  NPSHA m (as function of flow, if necessary) 

A = - 
29. Cavitation coefficient and 

NPSH-margin NPSHA/NPSH3 =  - 
allows judgment of effect 
of cavitation  

d3 (dz) mm

d3* (dz*)

Gap A  mm

Important: compare to minimum val-
ues from Table 10.2 

2A/d2 2A/d2 = 0.007 to 0.01 

x mm  

30. Diffuser inlet (or volute 
cutwater) diameter 

x/A mm x/A = 2 to 4 

refer to 
Chap. 9.1 and 
Fig. 9.1 

31. Impeller shrouds Check/confirm that impeller shrouds are machined 

32. Impeller sidewall gaps 
Circumferential variations in impeller sidewall gaps (not ma-
chined or with an offset between casing halves of axial split 
pumps) may have an impact on vibrations  
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Step 4: Check suitability of vane number combination. This must be done for all 
stages, in so far as vane numbers differ. The assessment can be done as per Ta-
ble 10.11C: calculate parameter m according to Eq. (10.13) for the selected com-
bination of zLa and zLe (shaded area in Table 10.11C). Example: with the combina-
tion zLa = 5 with zLe = 9 lateral vibrations are excited at 10-times the rotational 
frequency.  

Table 10.11 Bearing housing vibration diagnostics 
C Vane number combinations; stage number: …………. 

 2 1 2 3 
zLa = 5  2 × zLa 
zLe = 9  5 10 15 

3 3 × zLe m = ⏐ν2 z2 - ν3 z3⏐ 
1 9 4 1 6 
2 18 13 8 3 
3 27 22 17 12 

33. 

4 36 31 26 21 
Significance of parameter m 
 Excitation Mechanisms Recommendations 

m = 0 
Strong pressure pulsations 
Axial thrust fluctuations 
Torsional vibrations 

Absolutely avoid vane combinations 
with common multipliers  

m = 1 
Unbalanced radial blade forces excite 
lateral shaft/bearing housing vibrations 
with f = ν2×zLa×n/60 

Diffuser pumps: avoid m = 1 up to 3rd 
order. Not always possible with double 
volute pumps. 

m = 2 Impeller vibrations with two diameter 
nodes are excited by f = ν3×zLe×n/60 

Check resonance with impeller eigen 
frequency 

 
Having completed steps 3 and 4, the most obvious hydraulic parameters have 

been checked: 

A. The impeller/diffuser vane number combination. 
B. The impeller/diffuser (volute) relative vane distance d3* (dz*), Gap B. 
C. Machining of the impeller shrouds. 
D. The extent of cavitation in terms of the available cavitation coefficient A. 
E. Gap A and overlap x. 

Deficiencies in items A to C are notorious for creating vibration problems and 
are therefore candidates for possible correction. Vibrations induced by cavitation 
(with low NPSH-margin or low A) are particularly relevant for single stage 
pumps and gain importance with increasing specific speeds. 
More subtle hydraulic design parameters are analyzed in step 9. 
Step 5: Organize measured vibration data; for example in the format presented by 
Table 10.11D: 
• What exactly has been measured (item 35)? 
• Compare overall RMS values as functions of flow rate with allowable vibra-

tions as per specification or Table 10.8 (item 36) 
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Table 10.11 Bearing housing vibration diagnostics 

D Measured vibrations 

 overall RMS 

 zero-to-peak 

 peak-to-peak 

 discrete frequencies 

34. What has been meas-
ured? 

 spectra 

 

Q q* overall RMS velocity (mm/s) 

m3/h  DE-H DE-V NDE-H NDE-V allowable 

       

       

       

       

35. 

Overall RMS = f(Q) 
or f(q*) 

At which flow rates 
are allowable vibra-
tion levels exceeded? 

       

Q = m3/h q* =  DE-H DE-V NDE-H NDE-V allowable 

Overall RMS velocity (mm/s)      

peaks at fn =       Hz      

at sub-synchronous f < 0.5×fn      

at sub-synchronous  
f < 0.95×fn 

     

at 2×fn      

at zLa×fn      

others at f = Hz      

36. dis-
crete 
peaks 
in 
mm/s 

others at f = Hz      

• Analyze spectra in order to find relevant peaks as per item 37. This has to be 
done for various flow rates.  

• Tables 10.9 and 10.10 can help to find possible causes and remedies for the 
various peaks. 

Table 10.11D is set up for vibration velocities measured at the bearing housings, 
but a similar format can be used for measured shaft displacements or even pres-
sure pulsations. 
Step 6: Determine (assess) the natural frequencies of the bearing housings DE and 
NDE, the baseplate and the foundation (if not rigid), Table 10.11E. Calculated 
natural frequencies possibly need checking by impact testing. Review spectra of 
impact testing to reveal peaks and broadband regions (if any). Impact tests can be 
done with or without the rotor at standstill. In a particular example the measured 
natural frequencies were only 2 to 5% higher with the rotor than without. With the 
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rotor mounted, the peaks were broader than without. This was due to the oil film 
damping effect mentioned above. Impact tests can even be done during operation, 
if a good coherence of the signals can be obtained and if it is possible to achieve 
high enough impact energies. 

In order to evaluate possible acoustic resonances, the frequencies of standing 
waves in the pump or test loop must be calculated. This is basically done as out-
lined in Table 10.12. Standing waves could occur in the long crossover of multi-
stage back-to-back pumps, in the column pipe of vertical pumps or in the test loop. 
The wave length of these components is not always easy to define because of two 
reasons: (1) It appears that the waves can to a certain extent adapt to the compo-
nents (lock-in effect); for example, different wave lengths can occur in diffusers or  

Table 10.11 Bearing housing vibration diagnostics 
E Natural frequencies 

separation margin 

Impact test with rotor at standstill fe1 = Hz fe1/fn×zLa =  

Impact test without rotor fe2 = Hz fe2/fn×zLa =  

Impact test during operation fe3 = Hz fe3/fn×zLa =  
37. 

Natural frequen-
cies feigen and spec-
tra of DE bearing 
housing 

Calculated fe4 = Hz fe4/fn×zLa =  

Impact test with rotor at standstill fe1 = Hz fe1/fn×zLa =  

Impact test without rotor fe2 = Hz fe2/fn×zLa =  

Impact test during operation fe3 = Hz fe3/fn×zLa =  
38. 

Natural frequen-
cies feigen and spec-
tra of NDE bear-
ing housing 

Calculated fe4 = Hz fe4/fn×zLa =  

 fe1 = Hz fe1/fn×zLa =  

 fe2 = Hz fe2/fn×zLa =  

 fe3 = Hz fe3/fn×zLa =  
39. 

Acoustic reso-
nance between 
fn×zLa and stand-
ing waves in long 
crossover,  
column pipe, etc.  fe4 = Hz fe4/fn×zLa =  

40. 

Natural frequen-
cies and spectra of 
baseplate or foun-
dation from im-
pact test 

There are a number of vibration modes and natural frequencies which 
must be checked against fn and fn×zLa. 

Using a multi-channel analyzer, the coherence between bearing hous-
ing and baseplate can be determined. 

volutes since the point of reflection can be anywhere in the conical portion. (2) It 
is not always clear whether a component reflects as a closed or an open end. Fre-
quently, wave reflections are not total, but only a portion of the sound waves is re-
flected (for example, at a change in cross section). 

The accuracy of one-dimensional wave calculations in a complex system is 
questionable and even misleading, but may serve as a first assessment. The separa-
tion margins needed depend on the uncertainty of the measurement or prediction. 
For variable speed pumps, the entire operation range must be considered. 
Step 7: Diagnostics and remedies. Natural frequencies can be excited by discrete 
peaks, such as fn or zLa×fn or by broadband turbulence. 
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Table 10.11 Bearing housing vibration diagnostics 
F Diagnostics and remedies  
 Observations Possible mechanisms Possible remedies 

41. 

Bearing hous-
ing in reso-
nance with 
discrete exci-
tation fre-
quency 

• Vane combination m = 1 
• Excitation at fn×zLa 
• Excitation at fn 
• Acoustic resonance 

• Increase stiffness or increase mass 
of bearing housing and support 
system (detuning) 

• Increase mass 
• Replace impeller with different zLa  
• Over-file impeller blade trailing 

edge 
• Remove acoustic resonance if pos-

sible (e.g. length of a dead-end 
pipe) 

42. 

Excessive 
bearing hous-
ing vibrations 
without a 
manifest cause 
or resonance 

• Excessive hydraulic excita-
tion, possibly broadband or 
cavitation 

• Mechanical design too weak 
for selected hydraulic com-
ponents and speed 

• System influences 

• Over-file impeller blade trailing 
edge 

• See Table 10.2 for various hydrau-
lic effects and modifications  

• Increase stiffness or increase mass 
of bearing housing and support 
system (reduce forced response) 

• Increase rotor damping: e.g. swirl 
brakes at impeller inlet rings or 
different wear ring geometry 

43. 

Vertical am-
plitudes 
higher than 
horizontal 

• Vertical bearing housing 
stiffness lower than horizon-
tal 

• Baseplate vibrations 
• Vertical nozzles  
• Acoustical resonances in 

long cross-over (item 46) 

• Re-design of bearing housing and 
support system 

• Check coherence between bearing 
housing and baseplate vibrations 

• Grouting, re-design 

44.  

DE and NDE 
quite different 
vibration lev-
els 

• Misalignment 
• Coupling unbalance 
• Damping by balance piston 
• Different force transmission 

paths 
• Different mass and/or stiff-

ness 

Check alignment and balance of cou-
pling; balance adjustment on site. 
Possibly: redesign. If one end has ac-
ceptable vibrations, while the other 
exceeds limits, one conclusion may 
be that a mechanical design can be 
found which is able to cope with the 
given hydraulic excitation 

45.  

Acoustic 
resonance be-
tween fn×zLa 
and standing 
waves in long 
crossover 

Pressure pulsations in the 
cross-over/cross-under cause 
vertical vibrations to be higher 
than horizontal vibrations due 
to the casing deformations in-
duced by the arrangement of 
these channels.  

Replace impeller with different zLa 
and/or reduce excitation as in item 43 

46.  Weak founda-
tion  Hard rubber pads (25 mm thick) to 

isolate foundation from pump 

47.  
Interaction 
with piping 
(mechanical) 

Pipe vibrations shake the pump Better piping support and/or damping 
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Step 8: Review data relevant for rotor dynamics, Table 10.11G. If the rotor speed 
is close to an eigen value, high vibrations are expected at the bearing housings too. 
Remedies include modifications to the bearings or the annular seals.  

Note: Often shaft vibrations are acceptable while bearing housing vibrations 
exceed the allowable limits. Since the shaft displacement is (usually) measured 
relative to the bearing housing, such an observation allows no conclusions as to 
the cause of the vibrations. In addition, shaft displacement diminishes with in-
creasing frequency. Therefore, the higher frequencies (e.g. blade passing fre-
quency) contribute little to the shaft vibrations. 

Table 10.11 Bearing housing vibration diagnostics 
G Data relevant for interaction with rotor dynamics  

48. Eigen frequencies of rotor close to test speed  

49. 

Bearings:  
Type: 
Oil viscosity (oil temperature) 
Bearing load as function of flow 

 
Remove possible 
instability 
Improve damping 

50. Roller bearings  
Peaks at frequencies correspond-
ing to the number of roller ele-
ments times fn: 

 

51. Annular seal clearances   

52. Type of annular seals, swirl brakes   

53. Balance piston or disk   

54. Orbit characteristics Refer to Table 10.9  

 
Table 10.11 Bearing housing vibration diagnostics 
H Hydraulic design  

55. Review features as per Ta-
bles 10.10 and 10.2   

Calculate 1a from Ta-
ble 3.1 56. Review impeller inlet recircu-

lation approach flow angle 
fd1 =  

A low 1a or a high fd1 may 
indicate excessive inlet recir-
culation. 

57. Incidence at impeller inlet i1a =  Calculate from Table 3.1 

58. Excessive inlet recirculation  PRec,in  Calculate from Eq. (10.18) 

59. Excessive shut-off power   May indicate non-optimum 
design. 

60. 
Excessive impeller outlet 
width leading to non-uniform 
discharge flow 

b2* = b2/d2 = Compare with data base of 
successful designs or Fig. 7.2  

61. Diffuser c3q/c2 = 

62. Impeller inlet w1q/w1a =  

63. 

Decelera-
tion ratios  

Impeller outlet w2/w1a = 

Excessive deceleration may 
indicate non-optimum design 
and high partload recircula-
tion. 
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Step 9: A non-optimum hydraulic design can cause excessive vibrations (for a 
given mechanical design), but without measuring the excitation forces and com-
paring them to some standard it is difficult to decide whether hydraulic excitation 
is unusually high, the circumferential speed is too high or the mechanical design is 
too weak. The hydraulic design can focus on two issues: 

• Reduce blade loading in non-separated flow (near BEP) 
• Reduce the excitation induced by flow recirculation at partload. 

10.12 Hydraulic and acoustic excitation of pipe vibrations 

Pipelines, in particular those for hot fluids, are mounted on elastic supports in or-
der to absorb thermal expansion. The more elastic the support, the higher is the 
risk that the piping is excited to vibrations. Excessive pipe vibrations are some-
times encountered in the complex piping systems of thermal power stations or in 
other plants. All the more so, because high excitation forces are generated in large 
power station pumps. 

When pipe vibrations in a plant exceed allowable limits, attention readily turns 
to the pumps operating in the system as the probable cause of excessive hydraulic 
excitation, but a careful analysis of pipe vibrations extends to several phenomena: 

1. The possible excitation mechanisms generated by the pumps 
2. The acoustic eigen frequencies (standing waves) in the piping system 
3. Excitation by vortex shedding in valves, T-branches, orifices, filters; that is to 

say, in all components with strong flow separation 
4. The interaction or coupling of the phenomena 1 to 3 
5. The mechanical eigen frequencies and their possible resonances with standing 

waves 
6. Vapor or gas inclusions in suction pipes due to evaporation, ingress of gas by 

large vortices (Chap. 11.7.3) or gas coming out of solution; gas inclusions in 
the discharge pipe generated when the system is filled by the pump. 

The interaction of the various hydraulic, acoustic and mechanical phenomena in a 
pipe system with branches is very complex indeed. The discussion of the features 
of these mechanisms can only provide working hypothesizes and general trends 
for analyzing pipe vibration problems. In a complex pipe system with many 
branches and different types of components, there is an almost infinite number of 
acoustic and mechanical eigen frequencies, which sometimes render unequivocal 
conclusions as to the root cause excitation mechanism difficult, if not impossible. 

10.12.1 Excitation of pipe vibrations by pumps 

Unstable characteristics: As discussed in Chap. 11.3, a pump operating in an un-
stable range (hence with a positive gradient dH/dQ) feeds energy into the system 
during each cycle of a flow fluctuation. Self-excited vibrations are thus generated, 
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Fig. 11.12. The energy fed into the system, hence the excitation, is proportional to 
the gradient +dH/dQ. Pumps with an unstable or flat Q-H-curve can excite severe 
pipe vibrations. In contrast, system damping is enhanced with increasing steepness 
of a Q-H-curve which rises continuously towards shut-off.1 

For analyzing pipe vibrations in a system with unstable pumps the following 
may be noted: 

• Self-excited vibrations are expected in the entire range where the Q-H-curve is 
flat or unstable. 

• The amplitudes rise with the gradient +dH/dQ: the greater the discontinuities in 
the characteristic, the higher are the amplitudes to be expected in a given sys-
tem (this follows immediately from Chap. 11.3 and Fig. 11.12). 

• The threshold of the gradient +dH/dQ susceptible of inducing excessive pipe 
vibrations depends on the sensitivity of the system. As an example, Fig. 10.34 
shows two Q-H-curves of a feedpump for a large thermal power station. The 
pump could be operated with curve A4 (head deficit 1.5%), whereas operation 
with curve A8 (head deficit 3.8%) produced excessive pipe vibrations which 
inevitably required a modification of the pump. Note that this specific example 
does by no means allow the conclusion that instabilities according to curve A4 
would be acceptable in all plants. That is definitely not the case: a Q-H-curve 
continuously rising towards shut-off in the planned operation range remains an 
indispensable requirement for the safe operation of a plant. 
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Fig. 10.34. Unstable pump characteristic. Curve A4: pump operation was possible in the 
specific plant; curve A8: unacceptably high pipe vibrations 

      

• In the unstable range of a Q-H-curve, vibrations do not necessarily rise when 
the flow is reduced. Amplitudes are largest where the gradient +dH/dQ is 
maximum; vibrations may decrease at lower flow when operating in a flatter 

                                                           
1 An example for this type of damping is given in [10.56]: The investigated system of a 

burner and fan was susceptible to self-excited vibrations below a specific flow rate. When 
testing fans with differently steep characteristics, the stable operation range increased with 
the steepness of the Q-H-curve. 
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portion of the Q-H-curve. This behavior is different from broadband excitations 
as caused by partload recirculation. Broadband excitation tends to rise continu-
ously with falling flow (as demonstrated by Figs. 10.5, 10.26 and 10.27). 

• At the discontinuity in the Q-H-curve (highest local gradient +dH/dQ), the 
highest vibration amplitudes are expected (e.g. in the range of q* = 0.3 to 0.45 
in Fig. 10.34). When increasing the flow rate above the instability threshold, 
vibration amplitudes drop abruptly (usually to acceptable levels). 

• As far as known, unstable characteristics do not generate typical frequencies. 
Depending on the operation point (valve position, flow rates through different 
branches), different frequencies may result as a system response to the (sto-
chastic) excitation by the pump. 

Pressure pulsations at discrete frequencies: Rotational frequency fn, blade pass-
ing frequency zLa×fn (and higher orders), as well as rotating stall represent periodic 
excitations which can get into resonance with acoustic and/or mechanical eigen 
frequencies of the system. If inadmissible vibrations are observed at these fre-
quencies, either the eigen frequencies must be shifted by changing the pipe length 
or distance between pipe supports or the excitation frequency must be modified 
(e.g. by selecting a different number of impeller blades). 
Broadband excitation by pressure pulsations: During partload recirculation 
shear layers between recirculating fluid and net through-flow create vortices and 
large-scale turbulence. The resulting broadband pressure pulsations can excite 
pipe vibrations. Cavitation also generates broadband pressure pulsations. All 
acoustic and mechanical eigen frequencies which lie in that frequency band can be 
excited selectively by broadband pressure pulsations, if the energy density of the 
excitation is sufficiently high. As discussed with reference to Eq. (10.17) and 
Fig. 10.31, broadband excitation at partload can be very high indeed.  
Cavitating or air-drawing vortices which are generated by recirculation at the 
impeller inlet (Chap. 6.5.1) can induce strong low-frequency pulsations – in par-
ticular with degassed water (implosion of the cavitating vortex) when inducers or 
large-eye impellers are employed. Air-drawing vortices can also cause vibrations 
if the pump takes suction from a vessel with a free fluid level, Chap. 11.7.3. 
Excessive cavitation in a pump operating at NPSHA << NPSHo may be able to 
cause kinds of self-excited vibrations, since energy is stored in large vapor vol-
umes which can couple to standing waves in the system. 
Double-entry impellers are susceptible to partload instabilities because geometric 
tolerances can create flow pattern fluctuations between both sides of the impeller. 
These may couple to standing waves in the system. 

10.12.2 Excitation of pipe vibrations by components 

If high pressure differentials are throttled in a valve, considerable pressure pulsa-
tions are created. Usually these generate broadband spectra, but in addition vortex 
streets with discrete frequencies can be present in some types of valves (e.g. check 
valves), Chap. 10.12.4. When the flow rate is high, a considerable power (i.e. 
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Pv = Q×Δp) is converted from mechanical to thermal energy. If an unsuitable valve 
has been selected and/or the back pressure is too low, the throttling may be ac-
companied by violent cavitation. Broadband pressure pulsations can then selec-
tively excite acoustic and mechanical eigen frequencies of the piping.  

In order to reduce pressure pulsations and hydraulic excitation due to valves 
with high pressure differentials, the throttling should be done in two (or more) 
stages rather than in one stage. Furthermore, many small throttle openings gener-
ate less strong pulsations than one large opening. Reference [10.63] reports on a 
case of steam pipe cracking due to standing waves downstream of a control valve 
which was designed to break down the pressure differential in a single large open-
ing. By modifying the valve to two stages and many small openings in the second 
stage, the dynamic piping stresses were reduced by a factor of 4. 

It is scarcely possible to give general rules as to which pressure pulsations are 
acceptable. The allowable limit in an actual plant depends on many parameters, in 
particular, on whether mechanical eigen frequencies of the piping are excited. 
Plant problems resulting from excessive pressure pulsations reported in the litera-
ture cover at least the range of ±5 to ±20 bar. A sufficient counter pressure must 
be provided to avoid cavitation in valves or other components.  

Unsuitable check valves can vibrate at their eigen frequency. If the flow rate is 
small, the check valve opens only a little and the damping is low. Vortex streets 
can be generated in the wake of a butterfly or a check valve, Chap.10.12.4. 

Diffusers working in parallel can generate instabilities due to stall fluctuating 
between both units, [11.4]. Vibration excitation by pipe bends and T-branches is 
discussed in Chap. 10.12.4. 

10.12.3 Acoustic resonances in pipelines 

Due to wave reflections, standing waves are created at discrete frequencies in 
pipelines (similar to organ pipes). Standing waves are the acoustic eigen frequen-
cies in a pipe or a piping system. Every system has an infinite number of this kind 
of eigen frequencies. If one of these eigen frequencies coincides with an excitation 
frequency (e.g. pump speed, blade passing, vortex street), resonance occurs with 
an amplitude amplification which depends on the damping of the system at that 
particular frequency. Acoustic resonances between the eigen frequencies and the 
excitation frequencies of the pump sometimes induce pipe vibrations or upset the 
control system of the pump. 

In the frequency range of interest to pumping applications, longitudinal waves 
in a pipe can be considered as a plane waves. In a plane wave the fluid particles 
are displaced by the amplitude x in the direction of the pipe axis. The particle ve-
locity wp = dx/dt is the alternating velocity of the fluid particles. It must not be 
confused with the sound velocity which is the speed by which a wave travels 
through the fluid. In a (free-progressive) plane wave the particle velocity is given 
by wp = p/( ×a) where p is the sound pressure. 

A sound wave is described by the time-dependent sound pressure and particle 
velocity. At a wall (of a sufficiently high mass), the particle velocity is bound to 
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be zero. Therefore, we find a velocity node and a maximum of the sound pressure 
at a closed pipe-end. At an open pipe-end, the pressure is imposed by the envi-
ronment (e.g. by the pressure in a tank); it cannot be changed by the wave. In con-
trast, the movement of the fluid particles is not impeded. At an open pipe-end, we 
therefore find a pressure node and a maximum of the particle velocity. 

Sound waves are reflected at closed as well as at open pipe-ends. Consequently, 
standing longitudinal waves are established between two reflecting components if 
the vibration mode fulfills the boundary conditions mentioned above. The ratios of 
the wave length λ to the length L between the reflecting components are integer 
numbers. The frequencies of the standing waves follow from f = a/λ.  

The sound velocity “a” in a pipe differs from the sound velocity ao in the liquid 
because of the flexibility of the pipe wall. It can be calculated from Eq. (10.19), 
where  is the liquid density, Dm is the mean pipe diameter, h is the wall thickness 
and E is Young’s modulus of elasticity of the pipe material. Appendix A5 gives 
sound velocities in liquids. 

Eh
a  D1

aa
2
om

o

ρ+

=  
with )DD(5.0D iam +=  (10.19) 

Based on the above principles, Table 10.12 shows the acoustical properties of 
various system components. Note that pipe bends do not reflect sound waves.  

The portion of the sound pressure reflected at a change in cross section grows 
with increasing area ratio according to the formula given in Table 10.12. Funda-
mentally, a portion of the sound energy is reflected at each and every change in 
impedance. The larger this change, the higher is the reflection. In a complex sys-
tem, there are many locations where the impedance changes and where a fraction 
of the sound energy is reflected. These multiple partial reflections depend also on 
the frequencies. This makes the analysis of a piping system difficult and not really 
amenable to one-dimensional wave theory. 

A pump connected to a pipe represents a change in impedance. Some sound en-
ergy travels through the pump, but a portion is reflected. The following tendencies 
have been found: 

• Waves traveling through the suction pipe encounter a drastic change in cross 
section at the impeller throat, where high-frequency waves are largely reflected 
like in a closed pipe. Here a pressure maximum and a velocity node may be 
found. 

• The same applies to a discharge pipe which connects to diffuser or a volute if 
the area ratio of discharge pipe to the throat is large.  

• If the discharge pipe connects to an annular exit chamber (Figs. 2.7, 2.9 and 
2.10), wave reflections are expected to be similar to an open pipe-end. In that 
case a pressure node and a velocity maximum would be expected at the pump. 
It can also be argued that a pressure node at the discharge nozzle opening 
would not allow pressure pulsations to be radiated into the discharge pipe, be-
cause a particle velocity greater than zero is required to transmit energy into the 
pipeline. 
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• In diffusers or volutes there may be no sharp points of reflection. Standing wa-
ves of variable wave length or frequency possibly occur in such geometries 
within a certain range. 
 

Table 10.12 Acoustical properties of system components 

Component Particle velocity Sound pressure  

Open pipe-end 
• tank 
• change in cross sec-

tion 
• rubber bellows 

Maximum Node 

Closed pipe-end 
Change in cross section 
> 50% 

Node Maximum 

Waves are re-
flected. 
Reflected portion 
r at change in 
cross section: 
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Piping bend Waves travel virtually without impediment through bends. 

Steam generator Nearly reflection free. 

Apart from the longitudinal waves discussed above, transverse waves occur 
above a limiting frequency flimit = 0.586×a/D (such waves are less significant in 
pumping applications). 

The effect of a centrifugal pump on sound waves can be described by the fol-
lowing, [10.8 and 10.9]: 

• Up to 5 Hz the waves travel rather unimpeded through the pump, while waves 
above roughly 80 Hz are largely reflected at the pump. The amount of reflected 
energy depends on the ratio of the impedances of the pipe to the pump and on 
the change in cross sections in the impeller and diffuser. 

• With f < 20 Hz the system damping is given approximately by R = - dH/dQ. If 
the Q-H-curve is continuously falling with increasing flow (i.e. dH/dQ is nega-
tive), the damping is positive and the wave energy decreases when traveling 
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through the pump. If the Q-H-curve is instable (dH/dQ positive), the damping 
is negative and self-excited vibrations are generated. 

• With no or little cavitation the pump is passive. If strong cavitation and corre-
spondingly large vapor volumes are present in the pump, pressure pulsations 
can be amplified because of the energy stored in the compressible vapor vol-
umes (the pump is “active”). 

Fundamentally, the damping or excitation effect of a component is strongest if it is 
placed in a velocity maximum, respectively in a pressure node. The following rec-
ommendations can be given for the arrangement of components in a piping system 
and for analyzing pipe vibration problems: 

1. The risk of resonances of the pump speed, the blade passing frequencies and 
their harmonics with standing waves in dead-end pipes should be checked. A 
typical arrangement is the minimum flow pipe which is closed during normal 
operation. The length of the dead-end pipe should be selected so as to avoid this 
type of resonance. In order to exclude resonances with high-order standing 
waves, dead-end pipes should be selected as short as possible. 

2. In pipe systems with many branches, frequencies below about 30 Hz are of par-
ticular relevance since they are the least damped. 

3.  All damping components, such as pumps with a stable Q-H-curve, valves, ori-
fices and filters (i.e. any local resistance) should be placed in velocity maxima 
(respectively in pressure nodes) in order to maximize system damping, 
Fig. 10.35. The damping provided by a component is directly proportional to its 
pressure loss.  

4. Pumps with unstable or flat Q-H-curves should not be placed in or near a veloc-
ity maximum (pressure node), in order to reduce the risk of self-excited vibra-
tions. The detrimental effects of an unstable or flat Q-H-curve are minimized if 
the pump is placed in a velocity node. 

5. Of primary concern are system frequencies of up to 30 Hz and discrete fre-
quencies where excitation by the pump is high; such are the rotational and the 
blade passing frequencies and their harmonics. Actually, problems with exces-
sive pipe vibrations have been observed at frequencies well above 30 Hz with-
out evidence of excitation by discrete frequencies generated by the pump. 

6. Acoustic resonances can be diagnosed by measuring vibrations at various 
speeds or sound velocities (fluid temperatures). Since system damping is usu-
ally low, resonance peaks are expected to be sharp so that relatively small 
variations of the above parameters are sufficient to find out whether an acoustic 
resonance is present – unless there are lock-in effects. 

In order to analyze or prevent operational problems, the pipe system can be 
analyzed by means of simplified acoustic models, [10.9]. In doing so, the primary 
objectives are: (1) To maximize system damping by selecting the pipe length be-
tween the different components (pumps, flow resistances and variations in cross 
section) according to the rules given above; (2) To avoid resonances of standing 
waves with the harmonics of the rotational frequency, blade passing and possible 
vortex streets. 
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If the pump analyzed operates at variable rotor speeds, with different fluids or 
temperatures (hence with different sound velocities), the investigation has to cover 
the entire operation range required. An example may illustrate how critical acous-
tic resonances can be, [10.7]: when using an impeller with 5 blades, an amplifica-
tion factor of nearly 5 was observed in the pressure pulsations at a water tempera-
ture of 190 °C (leading to resonance with a structural eigen frequency of fuel  
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Fig. 10.35. Optimum placement of components with respect to standing waves 

rods). Upon changing the impeller to 7 blades, much weaker resonance amplifica-
tion occurred at 240 °C. 

Details of acoustic problems in closed systems can be found in [10.3]. 

10.12.4 Hydraulic excitation by vortex streets 

Vortex streets caused by alternating flow separation and vortex detachment are 
encountered in the wake flow of cylinders or structures in cross flow but also on 
thick plates in parallel flow. Vortex streets shed from ribs upstream of an impeller 
can interact with the flow around the blades. Vortex shedding in various compo-
nents can also excite standing waves in the system and induce pipe vibrations. 

In general, the vortex shedding is periodic with a frequency f which can be de-
scribed by a Strouhal number SStr = f× w/w according to Table 10.13. Here, w is 
the approach flow velocity; w is a characteristic length which can be approxi-
mated by the diameter of a cylinder, the thickness of a plate or a profile, or in gen-
eral by the width of the wake caused by the body; f is the number of vortices shed 
per second from each side of the structure (f equals the number of vortex pairs).  

The lift of a profile fluctuates with the frequency f as defined above. In con-
trast, a body placed in the wake flow is excited by the total number of vortices 
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swept by (i.e. by the frequency 2×f). The drag of the profile also fluctuates with 
the frequency 2×f. Since alternating vortices can have various effects, both fre-
quencies f and 2×f should be considered when a vibration problem is analyzed.  

The location of flow separation on a bluff body (with sharp edges) is independ-
ent of the Reynolds number; consequently, the Strouhal number is also independ-
ent of the Reynolds number. If, in contrast, the location of flow separation varies 
with the Reynolds number (as, for example, on a cylinder) the Strouhal number 
does depend on the Reynolds number. 

While vortex streets are quite stable in laminar flow, vortices decay quickly in 
highly turbulent flow so that little influence of the vortex street has to be assumed 
after a length of x > 10× w downstream of the body.  

Apart from the vortex frequency, the amplitudes of pressure pulsations or un-
steady lift forces are of interest. These depend on the geometry of the body ex-
posed to the flow. The trailing edges of profiles or ribs can be optimized so as to 
minimize the amplitudes of the perturbations created by the vortex street. Ta-
ble 10.13 provides the necessary information and lists typical Strouhal numbers 
for a wide range of applications. From the information in Table 10.13 it is recog-
nized that profiles with lean trailing edges are susceptible to generate large ampli-
tudes.1 

Vortex streets can be generated in T-branches, check valves, orifices and but-
terfly valves. T-branches produce vortex streets when the flow passes through the 
main pipe. The vortex street can excite standing waves in the branched-off pipe 
(compare to the sound generated when blowing over the end of a pipe). The fre-
quencies of the vortices are described by a Strouhal number SStr = f×d/w which is 
calculated with the diameter d of the branched-off pipe and the flow velocity w in 
the main pipe. The Strouhal number depends on the ratio d/D and on the distance 
L from a possible bend upstream of the T-branch, Table 10.13. If there is no bend 
or if the distance is L/D > 15, the formula has to be evaluated with L/D = 15.  

When rounding the edge of the T-branch by radius r, the Strouhal number in-
creases by the factor of (d + r)/d, while the amplitudes of the pressure pulsations 
are reduced by the factor k = (1 - r/d). The coherent two-dimensional vortex street 
can be destroyed by spoilers or inserts which create an unstructured turbulence not 
susceptible of exciting standing waves, [10.48]. The same effect is achieved by in-
creased turbulence in the main pipe such as created, for example, by an orifice. An 
orifice with d/D = 0.7 in a distance of L/D = 5.5 upstream of the T-branch cut the 
amplitudes down to 25% of the level without orifice, [10.48]. 

According to investigations in [10.52], excitation forces are induced by a flow 
through a bend. These forces act axially and laterally to the pipe axis (problems 
occurring in practice due to this effect were not reported). The axial forces are cre-
ated by a periodic roll-up of the shear layer between stalled fluid and the main 
flow. The highest force amplitudes in the spectrum were found at Strouhal num-
bers of 0.2 to 0.3 (like in other components with separated flow as shown in Ta-
ble 10.13). 

                                                           
1 From the wealth of literature on flow-induced vibrations, [10.14] and [10.40] are quoted. 
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Table 10.13 Excitation of vibrations by vortex streets 
Component Values from [10.17], [10.18] SStr aζ̂  

Cylinder 
SStr = f (Re)  
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The vortices of secondary flow in a bend  (Fig. 1.12) are unsteady in that the 
vortices change in size and position. Low-frequency forces acting laterally to the 
pipe axis are the consequence. Frequencies and RMS force amplitudes can be es-
timated from table D10.2; when doing so, it should be noted that the forces de-
crease with increasing ratio R/D. 

Table D10.2 Excitation forces in 90°-bend 
at R/D = 1.0 according to [10.52] SStr = f D/cax 

 Axial excitation Lateral excitation Force definition 

Re SStr 
Fax*  

[RMS] SStr 
Fy*  

[RMS] 
5000 0.3 0.043   

10’000 0.3 0.028   
27’000 0.2 0.019 0.014 to 0.0055 0.0082 to 0.0063 

22
ax Dc

2

F*F ρ=  

10.12.5 Coupling of flow phenomena with acoustics1 

Free shear layers generated by flow separation are inherently unstable, because 
the size of a vortex increases with the distance traveled downstream (i.e. time). 
Vortices can interact with acoustic waves or with downstream structures. Such a 
coupling creates order out of chaos in that the vortices arrange in a more regular 
pattern. As a consequence the vortices gain energy in a smaller frequency band, 
[10.47]. 
Hydrodynamic coupling: When vortices impinge on a solid structure, the fluc-
tuations can grow by the following feedback mechanism: flow processes at the lo-
cation of vortex impingement modify the vortex pattern; the altered flow condi-
tions have an impact on vortex shedding at the location where the flow separates. 
This coupling between separation and impingement is of a purely hydrodynamic 
nature (acoustic waves are not involved). The vortex frequency is directly propor-
tional to the flow velocity. In order to avoid this type of excitation, a sufficiently 
long distance must be provided between the locations of separation and impinge-
ment.  
Acoustic coupling: Vortex structures can interact with acoustic waves if the fre-
quencies of the vortex street and the acoustic wave are sufficiently close to each 
other. An example for this type of coupling is the flow over a T-branch, where a 
fluid flows in a main pipe D with a velocity w. At the trailing edge TE of the 
branch, vortices are generated which can excite a standing wave in the branched-
off pipe. At the open end, the particle velocity has a maximum and the oscillating 
fluid particles (wp) have an influence on the vortex shedding, Fig. 10.36. 

                                                           
1 This section is largely based on information given in [10.48] 
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Fig. 10.36. Interaction of a standing wave in a dead-end pipe and vortex shedding in a  
T-branch; wp = velocity (particle velocity); p = pressure wave, [10.48] 

Resonance between vortex shedding and standing waves occurs if the vortex 
frequency defined by the Strouhal number of the T-branch (Table 10.13) equals 
the frequency of the standing wave in the branch according to Table 10.12. In the 
case of a dead-end pipe, this condition is fulfilled at the critical velocity according 
to Eq. (10.20): 

StrStr
krit SL4

da)12(
S

dfw −ν==  (10.20) 

Resonance occurs not only when the frequencies match exactly but in a range 
of roughly ± 10 to 20% of the acoustic eigen frequency (“lock-in”). A correspond-
ing range applies to the critical velocity wkrit given by Eq. (10.20). 

In contrast to hydrodynamic coupling, the vibration frequency is largely inde-
pendent of the flow velocity, because it is given by the acoustic eigen frequency of 
the dead-end pipe. If the flow velocity varies in a wide range, the vibration fre-
quency may jump to the next acoustic eigen frequency. 

A coupling between standing waves and vortex layers is created only if the vor-
tex-shedding component is located in a zone where the standing wave has a suffi-
ciently high particle velocity; that way the particle movement can have an impact 
on the movement of the vortices.  

A possible coupling is therefore strongest if the source of the vortices − as in 
Fig. 10.36 − is located in a pressure node (i.e. a maximum of the particle velocity). 
Coupling is minimal (theoretically non-existent), if the source of the vortices is lo-
cated in a pressure maximum, respectively in a node of the particle velocity. Con-
sequently, vortex-shedding components should be arranged always as near as fea-
sible to a closed pipe-end. 
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In case of resonance the pressure pulsations can attain 10-times the stagnation 
pressure in the main pipe. The amplitudes decrease with growing d/D. In general, 
only weak pulsations are expected for branches with d/D > 0.5. However, if the 
wave lengths in the main pipe and the branch are similar and the branch is located 
in a pressure node, strong pulsations are expected even with d/D > 0.5. 

The ratio of the amplitudes to the stagnation pressure in the main pipe depends 
on the acoustic properties of the pipe system. While the amplitudes created by a 
single T-branch decrease with an increasing ratio d/D, the pulsations rise strongly 
if T-branches are co-axial or arranged in series (in “tandem”) because the waves 
can reinforce each other, as shown by the measurements in Fig. 10.37. In order to 
avoid this type of resonance amplification, the piping arrangement can be detuned 
by executing the branches with different lengths L1 ≠ L2.3. With co-axial branches 
a difference in length as small as (L1 - L3)/D = 1 is sufficient to cut the amplitudes 
to a fraction of the level with L1 = L3. In case of a tandem design, effective detun-
ing is accomplished only if the lengths are selected according to the condition 
(L1 - L2)/LB ≥ 1, Fig. 10.38. 

A coupling between vortex streets and acoustic waves can be induced by vari-
ous components and thus lead to high pressure pulsations and pipe vibrations. In 
one example reported in [10.51], vortices shed by a check valve coupled to the 
second order of standing waves in the pipe between the feed water tank and the 
control valve of a thermal power station. By displacing the control valve, the dis-
tance between check and control valve was reduced. The vortex shedding then oc-
curred in a location where the particle velocity was small and the coupling (and 
the vibrations) vanished.  

If sound waves are able to interact with vortex streets, a coupling of acoustic 
waves in the system with unsteady flow phenomena in the diffuser or impeller is 
conceivable. In particular a coupling would be expected when operating a pump 
with an unstable Q-H-curve. Influenced by acoustic waves, the flow in the pump 
could switch between (two) quasi-steady patterns as discussed in Chap. 5.4.2. 
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Fig. 10.37. Pressure pulsations created by a T-branch, [10.48] 



656      10 Noise and Vibrations 

 

LB

D 

L3

L2
L1 

1
D

LL 31 ≥− 1
L

LL

B

21 ≥
−

De-tuning of T-branches: 

d 

 
Fig. 10.38. T-branches in co-axial or tandem arrangement 

Up to which frequencies a possible coupling could be active is open to debate.1 
Due to the postulated interaction, strong waves generated in the system (for exam-
ple, by an unsuitable throttle valve) could reinforce the pressure pulsations created 
by the impeller and cause damage to the impeller shrouds, tie bolts, or other com-
ponents.  

The coupling between flow and acoustic waves is governed by the particle ve-
locity wp (and not by the much higher sound velocity). The order of magnitude 
can be estimated from wp = pdyn/(ρ×a); thus a pressure amplitude of pdyn = 5 bar in 
cold water is linked to a particle velocity of about 0.3 m/s. 

Reference [10.62] reports on high noise and severe wear in safety relief valves 
caused by /4 waves (valves are closed). The excitation mechanism was found to 
be vortex shedding in the dead-end pipe, as shown in Fig. 10.36. Shortening the 
dead-end pipe on which the valves were mounted increased the frequency of the 
noise but did not stop wear. When the system was modified to a conical branch 
with rounded entrance (Fig. 10.39), the loud noise stopped and there was no more 
wear on the valves. The cone had an opening angle of about 18° per side, the inlet 
to outlet area ratio was 2.0 and the rounding r/d = 0.2. The mechanism causing  

Modified

Original 

r = 0.2d 

d 

 
Fig. 10.39. Modified T-branch to eliminate excessive noise and valve wear [10.62] 

                                                           
1 The possible interaction between acoustic waves and unsteady flow in a pump could be 

verified experimentally by generating pressure pulsations in a system by means of a de-
vice (e.g. piston or spark) and measuring their impact on the flow patterns in the diffuser 
and impeller (e.g. by laser velocimetry). 
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this improvement may be due to the modified Strouhal number (Table 10.13 and 
Chap. 10.12.4) or to the changed reflection conditions in the cone. 

10.12.6 Pipe vibration mechanisms 

Pipe vibrations are generated by volumetric flow fluctuations in the system, which 
are inherently linked to pressure pulsations. The oscillation of flow and pressure 
induces elastic deformations of the piping. Two mechanisms could be responsible 
for this: (1) Flow rate oscillations represent non-balanced mass forces which pro-
voke reaction forces according to the conservation of momentum. (2) Time-
dependent pressures in a pipe induce corresponding dynamic stresses in the pipe 
wall resulting in elastic deformations which create the vibration.  

The dynamic stress in the direction of the pipe axis is σdyn = pdyn×D/(4×h) where 
pdyn is the pressure amplitude and h is the wall thickness of a pipe with diame-
ter D. Because of the large mass which would have to be accelerated in a longitu-
dinal vibration and because of asymmetries, the pipe deforms laterally and primar-
ily bending vibrations are generated. According to this hypothesis, the stresses 
would be in phase with the pressures. The mechanical vibration modes would then 
follow the acoustic modes1. Consequently, the greatest pressure amplitudes would 
be measured at the location of the largest pipe deflection. 

In this context, consider a pipe with three legs which connect two components 
of the system, Fig. 10.40. This type of subsystem, which can be found in many 
plants is characterized by: (1) The components (due to their mass) are fixed points 
which form nodes of the mechanical vibration; (2) The components represent a 
strong change of impedance for acoustic waves. At least some portion of the wave 
energy is reflected at the components which embody nodes of the standing waves.  

Since waves are not reflected by bends, pressure distributions as sketched in 
Fig. 10.40 are expected (plotted against the developed pipe length). In Fig. 10.40a 
the solid line represents the pipe under the static operation pressure pstat, while the 
dotted lines indicate the deformations created by a change in pressure (say by 
± 10% of pstat). If the pressure variations are unsteady (as created by waves), the 
pipe experiences complicated unsteady deformations. When comparing the modes 
1 and 3 shown in Fig. 10.40, it becomes evident that various mechanical vibrations 
modes can be excited depending on the acoustic mode. 

The following conclusions can be drawn from the mechanisms discussed in 
Chap. 10.12: 

• A pipe is excited by acoustic waves primarily at its eigen modes. Pipe vibra-
tions exceeding allowable limits therefore occur at resonances between me-
chanical and acoustic modes. 

• Elements for pipe support and vibration damping are not effective at reducing 
vibrations if they are located near a node of the mechanical mode (i.e. where 

                                                           
1 If the excitation mechanism were caused by unbalanced mass forces, the mechanical vi-

bration would be out of phase with the excitation. 



658      10 Noise and Vibrations 

pipe displacement is small or even zero). For an optimum arrangement of such 
devices, the reflection characteristics of the components connected by the pip-
ing and the acoustic and mechanical eigen modes must be known. To appreci-
ate this, consider Fig. 10.40: If the components reflect as open pipe-ends 
(Fig. 10.40b), a damper or a support placed in the center of the pipe (line A1) 
would influence only the 1st and the 3rd order, but the pipe could vibrate unim-
peded in the 2nd and 4th order. If, in contrast, the components reflect as closed 
pipe-ends (Fig. 10.40c), a damper in the center of the piping would be alto-
gether ineffective with respect to mode 1 (and all odd modes), while it would 
be in the optimum position for reducing vibrations with mode 2 (and all other 
even modes). 

• 
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Fig. 10.40. Pressure waves in a pipe; a) static deformation of the pipe under internal pres-
sure; b) eigen modes, if the components reflect as open ends; c) eigen modes, if the compo-
nents reflect as closed ends 

• In case of doubt, it may be considered to arrange pipe supports between two re-
flecting components at irregular intervals, line A2 in Fig. 10.40. 

• The preceding argument applies equally to placing pressure transducers for 
measurements: the level of pressure pulsations recorded at a specific location 
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depends on the wave form as demonstrated by Fig. 10.40. In order to define ap-
propriate locations of pressure transducers with the objective of measuring and 
analyzing problems of pressure pulsations or pipe vibrations, an assessment of 
the most probable excitation mechanisms should be made. 

• Instrument lines should be as short as possible, otherwise λ/4-waves according 
to Table 10.12 (pipe open at one end) could strongly falsify the measurements. 

• Flow resistances should be placed in pressure nodes (maxima of particle veloc-
ity) in order to maximize system damping, Fig. 10.35 and Fig. 10.40. 

• It should be attempted to create predictable locations of wave reflection. 
• Dead pipe-ends should be as short as feasible in order to push the frequencies 

of standing waves as much as possible above the excitation frequencies. 
• T-branches should be placed in pressure maxima (velocity nodes) of the main 

pipe in order to avoid an acoustic coupling of the waves in the main pipe and in 
the branch.  

• Tandem or co-axial branches should be made of different lengths in order to de-
tune the piping, Fig. 10.38. 

• Vortex-generating components should be placed near a closed pipe-end (veloc-
ity node), in order to avoid a coupling between the waves and the vortices (by 
no means should they be located near an open pipe-end, i.e. in a maximum of 
the particle velocity). 

• Components with strong vortex shedding should be placed at a distance suffi-
ciently long to avoid a hydraulic coupling between the components; conversely, 
the distance should not be too large in order to prevent a coupling of the vortex 
streets with low-frequency acoustic waves. This means that components with 
strong vortex shedding should be installed as close together as possible, but 
with a minimum distance of L/ w = 10 to 20, where w is the width of the wake 
of the body shedding the vortices. An example is a check valve installed up-
stream of a control valve [10.51]: If the distance between both valves is short, 
the vortices shed from the check valve remain near a velocity node. Excitation 
is correspondingly low (the control valve reflects in a similar way as a closed 
pipe-end because of its drastic change in cross section). 

• If standing waves are excited in a dead-end pipe by a vortex street, a small flow 
through said pipe can break up the vortices and thus reduce the vibrations, 
[10.53]. 

In practice, optimizing the piping design for minimum vibrations is not easy, 
since there are many acoustic and mechanical eigen frequencies to be found in a 
complex system. Much of the acoustic energy is broadband; therefore, standing 
waves at any discrete frequency can be excited. Furthermore, the determination of 
the eigen frequencies is uncertain, because the frequency-dependent reflection 
characteristics of the components are not well known. Last but not least, there are 
usually a lot of boundary conditions and plant design criteria which restrict the op-
tions for designing the piping solely on vibration criteria. 

Table D10.3 provides criteria according to ISO 10816-1 for the assessment of 
pipe vibration velocities (RMS-values). Accordingly, the allowable vibration ve-
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locity is about 10 mm/s RMS (this follows also from other standards). Note that 
peak values are considerably higher than RMS-values (in measurements in a spe-
cific plant peak values were up to 5-times higher than RMS). 

Table D10.3 Allowable pipe vibration velocities according to ISO 10816-1 

Simplified representation; for information only; refer to newest edition of the standard! 
Vibration velocity (mm/s) RMS Assessment 

< 3.5 Good 

3.5 to 7 Acceptable 

7 to 16 Improvement recommended 

> 16 Not acceptable 

10.13 Torsional vibrations 

Under steady torque an elastic shaft is twisted by the angle ϑ = 32×M×L/( ×d4×G) 
where M is the torque, L is the length of the shaft, d is the shaft diameter and G is 
the shear modulus; G = E/(2 + 2 ) (for steel: G  8×1010 N/m2 with Poisson ratio 
 = 0.3). If a fluctuating torque is applied to an elastic shaft, the twist angle be-

comes time-dependent; in other words: torsional vibrations are generated.  
If the driver provides a periodic torque, forced vibrations are created which can 

get into resonance with a torsional eigen frequency of the drive train. Shock-like 
events or transient excitations which apply tangential forces on the rotor generate 
free vibrations at the torsional eigen frequencies of the rotor. Transient loads occur 
during start-up of an electric motor or during accidental events such as short-
circuits. Then the load-factor of the torque can be a multiple of rated torque and 
this event should be evaluated with a low-cycle fatigue analysis in order to ensure 
the integrity of the shaft. This stress analysis must include all stress concentration 
factors (e.g. at key ways). A minimum safety factor of 2 against the corrosion fa-
tigue strength is recommended in [B.15]. A forced response stress analysis with 
respect to high-cycle fatigue is also warranted if a resonance cannot be avoided. 
The highest shear stress  occurs at the location with the highest gradient dϑ/dx 
because of  = ½×G×d×dϑ/dx which leads to the well-known relation 
 = 16M/( d3). Transient loading exciting a torsional eigen frequency also occurs 

during a reversal of the sense of rotation in reverse flow through a vertical pump 
after shut-down in the absence of a check valve. 

While lateral vibrations and pressure fluctuations can be a cause of trouble in 
almost any pump application, torsional vibrations are rarely reported as a problem. 
This observation is borne out by: (1) a wealth of literature on lateral vibrations and 
the comparatively few publications on torsional vibrations; (2) monitoring equip-
ment for lateral vibrations is almost a standard for large pumps, while torsional 
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monitoring is the exception rather than the rule; (3) incidences of excessive tor-
sional vibrations in pump applications are quite uncommon. 

Since severe torsional vibrations could lead to motor damage (loosening of 
windings), coupling wear, fretting on components fastened by a shrink fit to the 
shaft, gear failures or shaft failures due to fatigue, a torsional analysis is required 
in some pump applications (see [10.69] for a detailed discussion). These include:  

• The driver provides a periodic torque. Examples are electric motors with vari-
able frequency or reciprocating combustion engines. If a variable speed drive is 
employed, operation is within a certain range of speeds. Consequently, the de-
sign should avoid any torsional eigen frequency in the specified speed range. If 
such is impracticable, the rotor should be designed so that any resonance should 
occur at as low a speed as possible in order to minimize excitation forces. 

• A right-angle gear is mounted between a horizontal driver and a vertical pump. 
In this case there is also a coupling between lateral and torsional vibrations. 

• The excitation frequency of the driver coincides with, or is sufficiently close to, 
a torsional eigen frequency of the rotor train  

• Large pumps driven by steam or gas turbine may need to be analyzed because 
of the wide speed range and the use of flexible couplings. 

• The specified level of excitation forces which are transmitted to the pump foun-
dation is very low. 

• Vertical pumps with long shafts  

Vertical pumps with long column pipes (Figs. 2.13 and 2.14) will have low tor-
sional eigen frequencies. The need for a torsional analysis of a vertical pump can 
be inferred from estimating the lowest eigen frequency of a simple rotor consisting 
of the impeller with mass moment of inertia Jimp, a shaft with spring constant kres 
and a motor with mass moment of inertia Jmot. The shaft may be built from n sec-
tions with diameter di and length Li. The spring constant of every shaft section is 
given by Eq. (10.21). The resulting spring constant is calculated for n springs in 
series from Eq. (10.22). The first natural frequency f1,f-f of the rotor with both ends 
free follows from Eq. (10.23), [10.16]. In contrast to lateral vibrations, the bear-
ings have virtually no influence on torsional eigen frequencies. For this reason the 
estimate provided by Eq. (10.23) can be quite close to the eigen frequency calcu-
lated by a finite element analysis which is indicated if Eq. (10.23) predicts an ei-
gen frequency close to the speed of the rotor. 
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Equation (10.23) can also be helpful when doing a sensitivity study or for as-
sessing the possible benefits of corrective action such as detuning the rotor.  

When performing an impact test to determine the eigen frequencies of a rotor of 
a vertical pump at stand-still, the motor rotor is not able to move because of the 
high resistance of the thrust bearing which is subject to the whole weight of the ro-
tor. In this case the eigen frequencies measured correspond to the boundary condi-
tion “clamped-free”. The first eigen frequency f1,c-f of the rotor can then be esti-
mated with the mass moment of inertia of the impeller from Eq. (10.24). The mass 
moment of inertia of the shaft Jshaft can be taken into account, but the effect is usu-
ally negligible. It should be noted that, under the described conditions, the impact 
test is unable to yield the true eigen frequencies of the rotor in operation. 
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The mass moment of inertia for a cylindrical body of diameter d and length L 
(shaft, disk, motor rotor) is calculated from Eq. (10.25): 

32
LdJ

4
mat

πρ=  (10.25) 

The mass moment of an electric motor with rated torque MR can be estimated 
from Eq. (10.26) according to [B.15], but the data scatter is ±35% (and even 
higher). Presumably, for low-speed motors the upper range is more relevant. 
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J ×= −         Jref = 1 kgm2 Mref = 1 Nm (10.26) 

The system to be analyzed includes all rotating components on the drive train: 
motors, gears, couplings, pump and auxiliary equipment (e.g. a booster pump 
driven by the same motor). When doing a torsional rotor dynamic analysis, eigen 
frequencies, eigen modes, damping and forced response are addressed in a similar 
manner as in a lateral analysis, Chap.10.6.5. The added mass of the water acting 
on the impeller and coupling stiffness need particular attention. 

There is also a coupling between torsional vibrations of the shaft and lateral vi-
brations of the column pipe. Gyroscopic effects may be thought to be involved in 
this type of coupled vibrations. 

Constant speed asynchronous and synchronous motors provide the following 
excitation frequencies, [B.15]: (1) synchronous f = fn, (2) number of poles times 
slip frequency f = (fgrid - fn,)×p, (3) f = p×fn (where p is the number of poles). Vari-
able frequency drives of former technology provided a significant excitation 
through the “control pulse” frequencies, [B.15]. State-of-the-art variable fre-
quency drives (VFD) trigger the sinusoidal electric current quite accurately, so 
that nearly no torsional excitations occur, [10.69]. Steam and gas turbine drives 
give an excitation frequency of driver speed times the turbine blade number.  

Typical excitation torque is 1 to 5% of rated torque; the higher values are for 
partload operation and impellers with less than 5 blades, [B.15]. Higher torque 
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fluctuations may be expected when operating with vortexes or high air content 
(expulsion of air from the discharge pipe after start-up with an incompletely 
vented discharge pipe). Torque fluctuations for single-channel impellers can be 
considerable; some test data are given in Chap. 7.4. 

Although there are hydraulic phenomena which induce torque fluctuations, 
these are apparently sufficiently damped. It is not known that they could lead to 
self-excited vibrations. A possible explanation for this is the following: Suppose a 
mechanism tends to accelerate the rotor in circumferential direction leading to an 
increase in speed by n. As a result, the power (resisting the speed increase) 
grows by the factor (1 + n/n)3. After reaching the maximum speed amplitude, the 
rotor is retarded to the speed (n- n). During this part of the cycle the impeller op-
erates in the brake (or turbine) mode. Hence the energy fed back from the liquid to 
the rotor is small or even nil. 

Another argument may be as follows: If there were hydraulic phenomena which 
excite torsional vibrations, this should affect all pumps and motors. The phenome-
non should have surfaced at least in some of the millions of pumps in service. 

Small torque fluctuations at blade passing frequency and at f = zLa×zLe×fn are 
present in all pumps due to the rotor/stator interaction manifest through pressure 
pulsations. Torque fluctuations at lower frequencies can be caused for example by: 

• uneven approach flow velocity 
• entrained air 
• surface, bottom and wall vortices as can be present in intake structures, 

Chap. 11.7.3. Since these vortices are not steady, the rotor frequencies observed 
shift around the rotational frequency depending on the momentary location of 
the vortex. Hence the excitation frequency is ×fn where  is no integer. 

In case operation is close to a resonance, the following may be expected: 

• Structural damping is low and amplification factors are consequently high. 
However, excitation forces may be low and stresses might still be acceptable. 

• Low damping implies sharp peaks; therefore, a separation margin of 10% may 
be sufficient depending on the accuracy of prediction, [10.69]. 

• Potential damage includes shaft ruptures due to fatigue at locations of stress 
raisers (e.g. key ways). 

• The reaction of the driver on load rejection upon sudden shaft rupture should be 
assessed in the risk analysis. 

Unfortunately, torsional vibrations are not detected by the usual vibration moni-
toring instruments, be it shaft displacement and/or accelerometers on the bearing 
housing or motor of a closed coupled vertical pump. For this reason, problems due 
to torsional vibrations tend to surface only when some damage becomes manifest. 
To detect torsional vibrations, proximity probes with appropriate markers on the 
shaft can be used. Possibly, monitoring the motor current fluctuations may be an-
other way to detect torsional vibrations in a plant or on the test bed. 
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11 Operation of centrifugal pumps 

11.1 System characteristics, operation in parallel or in 
series 

A positive displacement pump delivers at a fixed speed a nearly constant flow rate 
independently of the back pressure. In contrast, the flow rate of a centrifugal 
pump depends on the pressure difference Δp = ρ×g×HA imposed by the system on 
the pump. The pressure rise Δp generally depends on the flow rate because of hy-
draulic losses. Thus the system characteristic HA = f(Q) is understood as the 
difference in total pressure which must be supplied by the pump to maintain a 
specific flow rate through the system, Eq. (T 2.2.6). The operation point of a cen-
trifugal pump is given by the intersection of the characteristics of system and 
pump, Fig. 11.1. 

The head HA required by a plant consists of a constant (static) component Hstat 
(which may be zero) and a flow-dependent component Hdyn. 

HA = Hstat + Hdyn (11.1) 

The static component includes geodetic head differences Hgeo and differences in 
system pressure (expressed as head), see Table 2.2: 

Hstat = Hgeo + (pa – pe)/(g ρ) (11.2) 

The dynamic head includes all head losses Hv in the suction pipe, the discharge 
pipeline including components (e.g. heat exchangers), the adjustable head drop in 
the throttle valve HDRV and the increase in kinetic energy: 
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Hdyn,r is the dynamic head which is calculated for a specific flow rate Qr (usually 
the design flow rate of the system). The system characteristic defined according to 
Eqs. (11.1) to (11.3) is a parabola whose apex is at Hstat on the ordinate. This be-
havior is very often seen in practice; some typical applications are discussed in 
Chap. 11.2. In principle, however, the system characteristics can have any shape, 
depending on the process. For example, sliding-pressure operation in a power 
plant yields essentially linear system characteristics. There are also instances 
where the operation point is not determined by means of the usual pump charac- 
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Fig. 11.1. System characteristics. a with throttle valve; b with variable static head 

teristic at n = constant, but the combined characteristic of pump and driver is used 
instead. Examples are combustion engines without speed control and variable 
speed electric motors (of small power) whose speed largely depends on the power. 

If the dynamic head changes (e.g. due to throttling) and/or the static head varies 
(e.g. owing to water level or boiler pressure variations), the operation point will 
shift accordingly (curves 2 in Figs. 11.1a and 11.1b). The analysis of various op-
eration modes and upset conditions is an essential element to enable the project 
engineer to make a correct pump selection. Lack in diligence and foresight in do-
ing this job leads time and again to costly problems. Systems with several pumps 
operating in parallel or in series call for particular attention in this respect. 
Parallel operation: Many plants are designed for parallel operation, for example, 
because of strongly varying flow requirements, or in order to provide standby 
capacity, or because the required flow rate cannot be attained with a single pump 
for technical or economic reasons. 

The operation point of each pump is derived from the intersection of the system 
characteristic with the combined characteristics of all pumps in operation. In par-
allel operation each unit has to pump against the same pressure difference as im-
posed by the system. Hence the combined characteristic of the pumps is obtained 
by adding the flow rates of all operating pumps at constant head. Figure 11.2 
demonstrates this procedure for a system with two identical pumps operating in 
parallel. Those parts of the pipeline which are common to both pumps are charac-
terized by the flow resistance Rcom, while the resistance elements (suction and dis-
charge pipelines combined) which are individual to each pump are described by 
the resistance Rsingle. If Qtot is the total flow rate delivered through the system and 
zpp is the number of pumps operating in parallel, the system characteristic is calcu-
lated from: 
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Equation (11.4) gives the system characteristic for operation with a single pump 
as well as with any number of pumps in parallel. If two pumps are operating, the 
operation point B represents the flow rate Qtot delivered through the system while 
point B* gives the flow rate of each individual pump.  

If a single pump is operating, its flow rate is given by the point A (Fig. 11.2). 
The difference between the system characteristics for operation with a single 
pump HA,1 and operation with two pumps will increase if the contribution of the 
individual resistances Rsingle becomes more important. Often Rsingle is negligible, 
with the result that HA.1 and HA.2 coincide (single-pump operation in point A*). 

In the example shown in Fig. 11.2 the system flow rate increases by just about 
35% when the second pump is added (it is not possible to obtain twice the flow by 
adding a pump). The greater the dynamic component of the system characteristic 
and the flatter the pump characteristic, the smaller is the gain in flow resulting 
from the addition of parallel pumps. Parallel operation is mainly appropriate for 
applications with a high static head Hstat, that is, with a flat system characteristic. 

Instead of adding the pump characteristics to obtain the combined curve (as has 
been done in Fig. 11.2), it is often easier and clearer to have the system character-
istics for various cases of parallel operation plotted into the characteristic of one 
pump, Fig. 11.3. With Qtot = zpp×Q inserted in Eq. (11.4), the system characteristic 
results from Eq. (11.4) as: 

HA = Hstat + (Rsingle + z2
pp Rcom) Q2 (11.4a) 

Qtot [m3/h]

H 
[m] Rcom 

Qtot 

Rsingle Rsingle 

Q Q 

200 250 150 100 50 0 

100

50

150

200

Hstat 

2 pumps (combined 
characteristic)

1 pump (single-pump operation)

A*
A 

HA,1 

B* 
B

HA,2

0

 

Fig. 11.2. System characteristics for parallel operation 
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Fig. 11.3. Parallel operation of centrifugal pumps 

The advantage of plotting the characteristics according to Fig. 11.3 rather than 
Fig. 11.2 is that only the system characteristics have to be calculated from 
Eq. (11.4a). It is not necessary to add up all the head curves, which can be quite 
involved if the Q-H-curve has a saddle or several pumps are installed in parallel. 

Figure 11.3 shows a system with a relatively high dynamic head. Putting an 
additional pump into service (or taking one out) gives rise to great shifts of the 
operation point which can cause a pump in single operation to operate at exces-
sive flow rates and cavitation. This is demonstrated by the curves for NPSH3 and 
NPSHA in Fig. 11.3. If two or three pumps are working (operation points C and 
D), normal operation is possible because the NPSHA is sufficiently above the 
NPSH3. A pump in single-operation would work in point A if the NPSHA is suffi-
cient. However, in Fig. 11.3 the NPSHA at QA is clearly below the NPSH3, so that 
the pump would run in full cavitation. If the system were left to itself, the flow 
rate would be limited to point B by cavitation. In that case the ensuing flow rate 
and extent of cavitation are such that the produced head is in balance with the 
head required by the system (see Chap.11.2 “cavitation control”). 

For most applications this type of operation mode is inadmissible (lower effi-
ciency, cavitation damage, noise, vibrations). Only in exceptional cases a limita-
tion of the flow rate by means of cavitation is tolerated, for instance, if this opera-
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tion mode occurs only for a very short time during the automatic switch-over of a 
pump or in the case of cavitation control. Any system with pumps operating in 
parallel therefore must be carefully analyzed in order to check: (1) whether the 
maximum allowable flow rate could be exceeded in the case of a single-pump op-
erating (or under any other conditions); (2) what possible remedies are required 
keep the flow within the allowable operation range. 

If the NPSHA is low, pumps operating in parallel should be equipped with indi-
vidual suction pipes in order to avoid a drop in the NPSHA caused by increased 
pressure losses when more pumps are switched on. 

For parallel operation stable, steadily falling Q-H-curves are required, because 
unambiguous intersection points between the combined pump characteristics and 
the system curve must be obtained. If the pump Q-H-curve is flat in the partload 
range, one pump can displace another during parallel operation, since the Q-H-
curves of the individual pumps are not exactly identical due to manufacturing tol-
erances and wear. Hence the impeller diameters of two identical pumps operating 
in parallel should be trimmed to the same size when adaptations in the plant are 
necessary. Problems of that kind only arise if the pumps operate in the flat or un-
stable portion of the Q-H-curves. With storage pumps, which often operate near 
the best efficiency point because of a fixed water level, unstable Q-H-curves dur-
ing parallel operation would not cause problems of this kind. 

Even pumps whose Q-H-curves are clearly different can be operated in paral-
lel. In that case, the pump with the lower shut-off head should be started up only 
when the required head is lower than the shut-off pressure of the pump to be 
added. Similarly, the pump with the lower shut-off pressure has to be shut down 
before the head required by the system exceeds the shut-off pressure of the 
smaller pump. 
Operation in series: Pumps are also installed in series. Applications include: (1) 
pipelines transporting water or oil over large distances; (2) installation of a 
booster pump with the object to provide sufficient NPSHA to the main pump. A 
typical example is a single-stage, double-entry, low-speed booster pump with a 
head of 150 to 200 m feeding a high-speed boiler feed pump generating a head of 
4000 m (Fig. 2.7).  

When operating in series (Fig. 11.4), all pumps deliver the same flow rate. 
Hence the curve representing the combined characteristics of all pumps is ob-
tained by adding the heads of the individual pumps at constant flow. In series op-
eration the individual pumps can be quite different from each other but they must 
be designed to cover the range of flow rates required. Again, the operation point 
of the pumps results from the intersection between the combined characteristics 
and the system characteristic. All pumps operate at the same flow rate (unless part 
of the pumpage is taken away or added in between). The casings of all pumps and 
the piping must be designed for the maximum pressure which occurs when the 
discharge valve of the last pump is closed. 
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Fig. 11.4. Operation of two pumps in series 

11.2 Pump control 

Variations in the process parameters of a plant make it necessary for the pumps to 
be operated within wide ranges. Parameters susceptible to variations are: the 
required flow rate (e.g. boiler feed pumps and condensate pumps following the 
load, water supply following demand or drainage pumps), liquid levels, process 
pressures, flow resistances (which may change due to corrosion, sediments, filter 
loading) and  fluid properties (e.g. viscosity and density). 

The pumps have to be controlled in such a way that all of the operation re-
quirements of the specific process will be met. This can be done by manual con-
trol or by means of automatic control circuits. Apart from putting into service ad-
ditional pumps installed in parallel or in series (as discussed in Chap. 11.1), a 
variety of methods and devices for pump control are available: by throttling or 
bypass control the system characteristics are modified, whereas the pump charac-
teristic is changed by means of speed control, pre-rotation control or blade ad-
justment. In cavitation control the pump characteristic automatically adjusts to the 
prevailing operation condition. Overall the purpose of the control is to supply the 
system with the necessary flow rate at the required pressure, to optimize the op-
eration with respect to energy and maintenance costs and to prevent the pump 
from working in inadmissible operation ranges. 

The choice of the suitable control system is chiefly determined by the plant 
configuration, operation requirements and economic considerations. It also de-
pends on the type of pump, since pre-rotation control and blade adjustment, for 
instance, only make sense at high specific speeds. The optimization of energy 
consumption has to be carried out, in principle, for each individual application, 
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since not only the pump and system characteristics need to be considered, but also 
the duration over which the pump is to be operated at the various conditions. 

Frequently the pump is controlled from the liquid level. The measured actual 
level supplies the control signal for the speed, the throttling position of the control 
valve, inlet guide vane control or adding or removing of pumps from service. 
Throttle control: By adjusting a valve in the discharge pipe, the system charac-
teristic is modified so that the required flow rate is attained, Fig. 11.1. Since a 
throttling device in the suction pipe would diminish the NPSHA, this option must 
be ruled out. Throttle control requires relatively low capital investment. For this 
reason it is often applied to pumps of low and medium power (where it is almost 
the rule). Its disadvantage is the loss of mechanical energy and the resulting im-
pact on operation costs. The higher the dynamic head component Hdyn in the sys-
tem characteristic, the higher are these losses. The power loss caused by throttling 
amounts to Pv = ρ×g×Q×HDRV/η (Fig. 11.1); it is smallest when the pump and the 
system characteristic are flat. Throttle control is therefore best suited for systems 
where a high static pressure is required (e.g. boiler feed pumps) and for pumps 
with low specific speeds, because their power consumption decreases at lower 
flow rates (Fig. 4.11). It is unsuitable for pumps with high specific speeds (espe-
cially axial pumps) whose power consumption grows with falling flow rate. Ap-
plying throttle control in this case over a wide flow range would mean a waste of 
energy. Another disadvantage of throttle control is that the pumps may be oper-
ated far from the best efficiency point, which entails the risk of increased wear, 
cavitation damage, noise and vibrations. Finally, throttling high pressure differ-
ences frequently implies wear and damage to the valve, noise and pipe vibrations. 
Speed control: Speed control is employed to mitigate the disadvantages of throt-
tle control, especially unnecessary energy consumption. The characteristics and 
the NPSHR required at various speeds are calculated from the similarity laws (Ta-
ble 3.4). The best efficiency points (like any other values of q* = constant) are lo-
cated on parabolas through the origin of the coordinate system, Fig. 11.5. If the 
system characteristic consists only of dynamic components (Hstat = 0), the pump 
operates at all speeds at the same q*, i.e. with the same incidence. For reasons of 
energy conservation, operation should be as close to the BEP as possible. In this 
case the advantages of speed control can be fully exploited. Conversely, the 
greater the static component of the system characteristic, the less energy can be 
saved by means of speed control. If the pump characteristic is very steep (axial 
and semi-axial impellers), speed control is yet again advantageous: the steeper the 
pump and system characteristics, the greater are the savings on energy as com-
pared to throttle control. 

If a speed-controlled pump (given an appropriate system characteristic) is run-
ning at partload at a reduced speed, the hydraulic excitation forces and the risk of 
cavitation decrease. Speed control is therefore also apt to reduce maintenance 
costs. Only the high capital investment for the driver unit stands in the way of a 
wide application of speed control. Variable speed drivers are: frequency-
controlled electric motors, hydraulic couplings, combustion engines, steam or gas 
turbines for high power and adjustable-speed belt drives. 
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Fig. 11.5. Speed control 

Bypass control: A fraction of the flow rate is returned from the discharge pipe to 
the suction side of the pump through a bypass line in order to avoid operation at 
low load, Fig. 11.6. The system characteristic is modified by the bypass valve in 
such a way that the flow rate required at any point in time is delivered through the 
discharge pipeline to the process. Special care has to be taken to prevent the pump 
from running into excessive cavitation at high flow rates. The combined system 
characteristic HA of discharge pipe HA,V and bypass HA,By is determined by adding 
the flow rates that are delivered through both pipelines at a constant head as 
shown in Fig. 11.6 (the procedure is analogous to that used for parallel operation, 
see Fig. 11.2). The pump operates at the intersection (point B) of the pump char-
acteristic with the combined system characteristics. The flow rates Qv delivered to 
the process and through the bypass QBy (Fig. 11.6) are derived from the head HB. 
The throttling in the bypass implies the power loss Pv = ρ×g×QBy×HB/η which is 
dissipated into heat. As a consequence the temperature of the fluid at the pump 
inlet increases. 

In the case of pumps whose power consumption increases with falling flow ra-
tes (e.g. axial pumps) bypass control is energy-wise more efficient than throttle 
control. Bypass control also allows to avoid pump operation in the unstable range 
(if any). At high flow rates, however, a bypass is likely to require considerable 
expense and space for piping and fittings. If the power consumption of the pump 
decreases when reducing the flow rate, the bypass control is energy-wise worse 
than the throttle control. For this reason it is scarcely used for controlling pumps 
with low specific speeds.  
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Fig. 11.6. Bypass control, the same arrangement is used for minimum flow systems 

Nevertheless, high-pressure pumps are usually equipped with a “minimum-
flow bypass” leading fluid back to the suction reservoir in order to protect the 
pump against overheating and excessive excitation forces when operating at low 
flow (see Chap. 11.6). 
Cavitation control: Consider a pump with a characteristic according to Fig. 11.7. 
Given a sufficiently high suction pressure (so that NPSHA > NPSHo), it generates 
the head HB at a given flow rate QB. If the suction pressure is lowered to 
NPSHA < NPSHo, the head will drop below HB because of cavitation. From any 
value of NPSHA thus results a “cavitation characteristic” which diverges from the 
non-cavitating characteristic until full cavitation is reached and a stable delivery 
may become impossible. The points of intersection of the system characteristic 
with these cavitation characteristics form stable operation points provided that 
they are placed above a certain limit represented by curve A. Below this limit the 
flow is interrupted or the operation becomes unstable with periodical large-
amplitude oscillations (these must not be confused with cavitation-induced high-
frequency pressure pulsations, which usually decrease at full cavitation). The sta-
ble range between cavitation-free operation and the limiting curve A can be used  
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Fig. 11.7. Cavitation control 
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for auto-control of the flow rate. This type of control may be employed in systems 
where the NPSHA directly depends on the amount of liquid supplied to the suction 
tank. The scheme works in the following way: If, at a given time, the rate of fluid 
fed into the tank exceeds the momentary flow rate drawn by the pump, the liquid 
level and the NPSHA rise; as a result the operation point is shifted towards higher 
flows. Conversely, if the ingress of liquid falls momentarily below the flow rate of 
the pump, the liquid level and the NPSHA will drop. As a consequence, cavitation 
at the impeller inlet increases, the pump is unable to maintain the required head 
and the operation point is shifted to lower flows. In the case of a multi-stage 
pump, cavitation may extend to the second stage. 

Prerequisites for cavitation control are: (1) low circumferential speeds; (2) a 
choice of suitable materials for keeping cavitation damage within reasonable 
limits. These conditions are occasionally given with condensate pumps on ships or 
in small power plants. Apart from special cases, cavitation control is rarely used. 
Impeller blade adjustment: Semi-axial and axial pumps above nq ≈ 150 can be 
controlled with very good efficiency by means of adjustable impeller blades in a 
wide range. Unfortunately the mechanism for continuous blade adjustment during 
operation requires a rather expensive design.  

Each blade position is associated with an individual characteristic as depicted 
in Fig. 11.8 for three different angle settings. By adjusting the blades, the inci-
dence corresponding to the required flow rate can be matched almost at an opti-
mum. Hence the efficiency loss with regard to the design point is small. This kind 
of control is particularly well suited to axial pumps since the flow rate at best effi-
ciency point can be shifted by means of the blade setting angle without considera-
bly modifying the head at the BEP. Given a flat system characteristic (constant  
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Fig. 11.8. Propeller pump with variable pitch impeller 
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liquid levels with low dynamic head), an efficient control over a wide range of 
flows is thus possible.  

Semi-axial pumps can be controlled well by blade adjustment in operation 
against steep or flat system characteristics including water level fluctuations. Be-
cause of hydrodynamic and centrifugal forces acting on the blades the torque re-
quired for blade adjustment needs careful analysis [11.1]. 

In radial pumps with low to medium specific speeds, losses incurred in the dif-
fuser largely outweigh the losses in the impeller when operating at partload. Im-
peller blade adjustment would neither be feasible nor bring any technical benefits. 
Pre-rotation control: According to Euler’s equation, Eq. (T3.3.1), the head can 
be modified by changing the swirl at the impeller inlet. Pre-rotation reduces the 
head while counter-rotation increases the head as demonstrated by Fig. 3.1. The 
greater the ratio d1/d2, the more a pre-rotation control is effective. The possible 
range of control consequently increases with growing specific speed. Hence pre-
rotation control is only employed for semi-axial and axial impellers.  

Figure 11.9 shows the characteristics of a semi-axial pump with pre-rotation 
control. With increasing pre-rotation the efficiency decreases considerably (much 
more than it does with impeller blade adjustment). This restricts the useful range 
of control. The head at best efficiency point is modified in the same sense as the 
BEP flow rate: when increasing the approach flow angle, both Hopt and Qopt rise. 
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Fig. 11.9. Characteristics of a semi-axial cooling water pump with pre-rotation control; all 
data are referred to the BEP with no pre-rotation ( 1 = 90°) 
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The values of NPSHR change little but the flow rates where NPSHR is minimum 
shift as much as the flow rates at BEP. As demonstrated by Fig. 11.9, the range 
available for controlling the flow rate is wider if the system characteristic is flat 
(HA,1) than with a steep system curve (HA,2). Consequently, pre-rotation control is 
suitable for applications where a wide range of flow rates is required at essentially 
constant water level (or head). When a fixed flow rate is to be pumped at variable 
heads (or water levels), the range which can be covered by pre-rotation control is 
limited by cavitation. This can be inferred from Fig. 11.9 when considering the 
curves NPSH3 = f(Q) for different inlet guide vane angles. 

The pre-swirl is created by means of a set of adjustable inlet guide vanes (IGV) 
with an appropriate profile placed at a short distance upstream of the impeller, 
Fig. 11.10. If the swirl controlling device is built without flaps, only the stagger 
angles of the cascade are adapted, Fig. 11.10b. When changing the stagger angle 
the incidence rapidly increases and flow separation will occur on these vanes lead-
ing to noise and vibrations and a loss in efficiency. 

The pre-rotation control device can be made of a fixed cascade with 90° vane 
angles and flaps, Fig. 11.10c. Thus only the rear-portion (or flap) is adjusted for 
modifying the pre-rotation. In this way the camber of the inlet guide vanes is 
modified rather than the incidence and the effects of flow separation are mitigated, 
[11.3], [11.22], [11.25]. Therefore this design allows a wider range of flow con-
trol than the device without flaps. The wake flowing off the inlet guide vanes in-
creases the unsteadiness of the flow at the impeller inlet, in particular if flow sepa-
ration occurs in the IGV. The unsteadiness of the flow increases noise, vibrations 
and impeller blade stresses and impairs the efficiency, [11.26].  
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Fig. 11.10. Semi-axial pump with inlet guide vanes (IGV); a: general arrangement; b: IGV 
without flap; c: IGV with flap 

Diffuser vane control: By adjusting the diffuser vanes of a radial pump with low 
or medium specific speed, the best efficiency point can be shifted within relatively 
wide limits. The deceleration ratio c3q/c2 and the shock losses generated at the 
diffuser inlet at the flow rate required by the system can be reduced that way, 
Fig. 5.18. This type of control allows operation at high efficiencies, but implies a 
complex mechanical design. It is used in pump turbines and storage pumps. 
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11.3 Static and dynamic stability 

A pump characteristic is regarded as stable if dH/dQ is negative, i.e. if the head 
drops when the flow rate is increased. If the system curve has a positive gradient 
dHA/dQ, the pump operation remains stable because the pump will run back to its 
original operation point whenever there is a minor deviation of ± dQ. The mecha-
nism can be visualized with reference to Fig. 11.11 as follows: When the flow is 
momentarily increased by the amount dQ due to a perturbation, the head gener-
ated by the pump drops whereas the system requires a higher head dHA > dH. 
Consequently, the criterion for static stability, where the time-average operation 
point with a given system characteristic remains the same, is dH/dQ < dHA/dQ. 
In order to assess the static stability it is therefore sufficient to know the pump and 
system characteristics.  

The criterion of static stability may be fulfilled even when dH/dQ is positive 
(and consequently the characteristic is “unstable”). This situation is encountered if 
the system characteristic is steeper than the pump characteristic so that both char-
acteristics intersect in only one point, Fig. 11.11a. Given a momentary deviation 
of dQ, the system then requires dHA whereas the pump only delivers dH.  

Conditions are quite different in Fig. 11.11b where the system characteristic 
exhibits a smaller gradient than the pump. To a momentary deviation of dQ, the 
pump reacts with a higher head rise than required by the system. The system can 
absorb the additional flow, hence the deviation increases and the operation point 
shifts from point A to the higher flow rate at point B. With a momentary deficit of 
-dQ, the operation point would shift from point A to point C. The operation points 
B and C are stable (they meet the stability criterion). Point A is unstable if the sys-
tem characteristic is sufficiently flat, i.e. when pumping against a high static pres-
sure with low head losses in the system. 

A dynamic instability is a self-excited vibration where periodic fluctuations of 
flow rate and pressure occur around a given operation point. There are two re-
quirements for the excitation of such vibrations: (1) the pump characteristic has to 

 

Q

H 

QB 

dHA

dQ 

dH H

a) HA 

Q 

H

QB 

dHA 

dQ

dH

C

b)

HA B

H 

A

 

Fig. 11.11. Static stability. a stable operation; b unstable operation 
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be unstable (hence, it must exhibit a positive gradient dH/dQ); (2) the system must 
have sufficient compressibility for storing energy during the vibration cycle. Com-
pressible volumes in this sense are: vapor-filled spaces such as found in de-
aerators or boilers, gas volumes in a tank for suction pressure control, cavitation 
zones or the elasticity and compressibility of hot water in large-volume piping 
systems. Dynamic instabilities are hence an issue in boiler feedpump service.  

The mechanism of a dynamic instability can be explained with reference to 
Fig. 11.12, [11.4]. Consider the operation in the unstable range of the characteris-
tic represented in the left graph and in the stable range (right graph) where flow 
rates and pressures are plotted against the time. In the unstable range dH/dQ is 
positive which means that H oscillates in phase with Q. The energy fed into the 
system per cycle is dE = ρ×g×dH×dQ. The energy dE put into the system is posi-
tive; it enhances the original perturbation and the oscillation increases (refer to 
explanations in Chap. 10: self-excited vibrations arise if more energy is fed into a 
vibratory system during a cycle than is dissipated through damping.) 

In contrast, dH/dQ is negative on the stable branch of the characteristic. Fluc-
tuations of pressure and flow rate are in opposite phase, dE becomes negative. 
Consequently, the energy added during the perturbation is dissipated and the am-
plitudes decline (the damping is higher than the excitation). 

The stability analysis is performed using the methods of control engineering. In 
addition to the pump and system characteristics, the oscillating fluid mass and the 
compressibility of the system must be known. The risk of self-excited vibrations 
increases with growing instability of the pump characteristic (refer also to the dis-
cussion of Fig 10.34). Together with inadequate system damping even slight in-
stabilities of the characteristic (which normally would barely be detected) can 
cause self-excited vibrations. The actual occurrence of vibrations depends on the 
degree of instability of the Q-H-curve and on the system properties (particularly 
damping). Dynamic instability can occur even with a pump in single operation. It 
manifests as low-frequency fluctuations of pressure and flow rate that can cause 
pipe vibrations and disturb the functioning of the control system. 
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Fig. 11.12. Dynamic instability 
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11.4 Start-up and shut-down 

The pump must be filled for start-up with liquid up to the level where the impeller 
and casing are flooded since the pressure rise created by the impeller operating in 
air is virtually zero owing to the low density, Chap. 13.2. 

The torque MA(n) generated by the motor during the starting process must suf-
ficiently exceed the torque M(n) required by the pump at any time in order to be 
able to accelerate the rotor of the unit. The pump torque must therefore be evalu-
ated as a function of the speed (or time) for analyzing the start-up process. Ac-
cording to the similarity laws, M/MN = (n/nN)2 is considered a sufficiently accu-
rate approximation for this purpose.1  

For starting a pump, several processes are common which shall be discussed 
with reference to Fig. 11.13. The torque characteristics are plotted against the 
speed in Fig. 11.13a, the pump and system characteristics are shown in 
Fig. 11.13b, while the torque characteristics are plotted versus q* in Fig. 11.13c. 
Curve 1 in Fig. 11.13a shows the torque characteristics according to the relation 
M/MN = (n/nN)2 which, in theory, would be zero at n = 0. However, the bearing 
and shaft seal require a break-away torque at n = 0 (point L) which the driver has 
to overcome. The break-away torque is only a few per cent of the nominal torque. 
As a rule, it does not require a detailed analysis. The torque required by bearings 
and seals drops with growing speed so that point A on curve 1 is reached at ap-
proximately 10 to 20% of the nominal speed. 
Start-up against closed valve: Pumps whose power consumption is lower at 
Q = 0 than at the BEP (i.e. pumps of low to medium specific speeds) are often 
started against a closed valve because the starting torque is lowest at Q = 0. At 
n = nN the relation MGS/MN = Po/PN applies (Fig. 11.13c). Hence the torque char-
acteristics result from M/MN = Po/PN×(n/nN)2: curve L-A-GS in Fig. 11.13a. As 
soon as the nominal speed is reached, the discharge valve must be opened. This 
causes the torque in Fig. 11.13a to shift from GS to N. 
Start-up with liquid-filled discharge pipe: Starting a pump with a long liquid-
filled pipeline can be done in the same way as starting against a closed valve – 
even with the valve open – because a great mass of fluid has to be accelerated 
generating a counter-pressure by inertia effects. 

If the fluid is accelerated in the time Δt from the velocity c1 to c2, the system 
reacts with a head difference ΔHb which must be added to the steady-state system 
head HA, [B.15]: 

( )
tg
cc LH 12

b Δ
−≈Δ  (11.5) 

Equation (11.5) is obtained by integrating the unsteady term in Eq. (1.7) for 
∂c/∂t = (c2 - c1)/Δt. By means of Eq. (11.5) it is easy to assess whether ΔHb has to 

                                                           
1 For a discussion of extremely fast starting transients as encountered in rocket pump appli-

cations, refer to [11.8]. 
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Fig. 11.13. Start-up of a centrifugal pump. a torque as function of speed M(n); b character-
istics; c torque as function of flow rate M(Q) 

be taken into account in the analysis of the start-up process or may be ignored be-
cause of ΔHb << HA. 

If H is the head at the operation point and Ho is the shut-off head, the time nee-
ded for accelerating the water column to cmax is approximately [N.3]: 

( )HH g
cL 2t
0

max
−

≈Δ  (11.6) 

Start-up with minimum flow valve open: High pressure pumps must not be op-
erated against a closed valve in order to prevent excessive heating of the fluid 
(Chap. 11.6). For this reason a minimum flow pipeline is required and the pump is 
started with the minimum flow valve open, Fig. 11.6. The torque characteristics 
are similar to the start-up against a closed valve since the power consumption is 
only slightly higher than at Q = 0. 
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Start-up with discharge valve open against a closed check valve: If the static 
head of the system prevailing at the check valve is Hstat (point R in Fig. 11.13b), 
the pump will start against the closed valve as discussed above until Hstat is 
reached at nR/nN = (Hstat/Ho)0.5 and the check valve opens. Subsequently operation 
shifts towards point N on the system curve. The torque characteristic is repre-
sented by the curve L-A-R-N in Fig. 11.13a. 

If the pump is to be started while another pump is already operating at the 
nominal point (or any other operation point), the pressure imposed on the check 
valve corresponds to the momentary operation point (in Fig 11.13.b this is HN). 
Thus the second pump will operate against closed valve until that pressure is 
reached at R2 and the check valve opens. Subsequently, the pump operates on the 
system characteristic until the parallel operation point P2 of both pumps is 
reached at n = nN. The torque characteristic follows L-A-R2-P2. 
Start-up with open discharge valve: If there is no appreciable static back 
pressure, the operation point will run up along the system characteristic. This 
situation encountered if the system characteristic has only dynamic components 
and if the pipe is short (hence the inertia of the liquid in the pipe is negligible). 
The torque follows a square law through the operation point. If this point coin-
cides with the best efficiency point, the start-up proceeds along curve 1 (L-A-N in 
Fig. 11.13a). Any other throttle valve position is feasible as well – for instance 
start-up at minimum flow, which would be preferable with regard to the starting 
torque of pumps with low specific speeds. All of the possible torque characteris-
tics are between the curves 1 and 2 in Fig. 11.13a (as long as Q < QN). 

Pumps with high specific speeds whose power consumption grows with falling 
flow rates are preferably started up with the discharge valve open (or partially 
open). The throttle valve position to choose must allow the operation point to be 
more or less positioned near to the best efficiency point in order to prevent the 
starting torque getting too high. If a pump with a high shut-off power ratio Po/PN 
has to be started against a closed check valve, it is advisable to open a bypass 
during the start-up. 
Start-up with the discharge pipeline drained: At the beginning of the start-up 
process the pump will run at H = 0. Consequently it operates far to the right of the 
BEP with strong cavitation (similar to Fig. 11.7). As the pipeline is progressively 
filling and back pressure is building up, the operation point shifts back to lower 
flow rates until the pipeline is full and steady operation is reached. This kind of 
start-up is mainly performed with semi-axial and axial pumps. In this process, the 
operation period with extensive cavitation has to be as short as possible. Pumps 
built with balance disks are at risk during start-up without back pressure in that 
the disks may rub due to unbalanced axial thrust and cavitation. 
Start-up time: Figure 11.14 shows the respective characteristics for an electric 
motor of a low and a high power class together with the torque characteristics of a 
pump. For the acceleration of the unit the torque MB = MA - M is available (MA is 
the torque provided by the driver); MB must definitely be positive during the en-
tire start-up to prevent the group from “hanging up”. With the mass moment of 
inertia J of all the rotating parts (driver, pump rotor, coupling and gear, if any) it 
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follows from Newton’s law: MB = J dω/dt, from which the start-up time can be 
calculated: 

Δπ=π=ω= Σω n

0 B
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0
M

J
M

n  
30

J  
30

Jd t
BB

 (11.7) 

Instead of solving the integral the sum over finite steps can be calculated. As a 
rule, the start-up process should be as fast as possible. Consequently M(n) should 
be kept as small as possible.  

Electric motors can be switched on directly – provided that the power supply 
system does allow doing so. However, the direct switch-on implies high starting 
torques and high currents which are often not acceptable with respect to the 
available power supply and installations. By means of a start-up transformer or a 
star-delta connection the power consumption can be reduced, but then the starting 
torque may prove inadequate for accelerating the unit so that switching from star 
to delta again gives rise to high peak loads. On account of the heating of the motor 
an analysis of these processes must also take into consideration how often the mo-
tor is switched on. 
Coast-down time: After switching off the driver, the rotor speed decreases in ac-
cordance with the mass moment of inertia of the drive train and the retarding 
torque MR generated by the rotor. MR consists of the pump torque M = MN×(n/nN)2 
and the power losses of the driver, including gears. The coast-down time is calcu-
lated from Eq. (11.7) with MR substituted for MB. The speed decreases as a func-
tion of time similar to a hyperbolic curve, because the pump torque acts in the be-
ginning of the coast-down as a strong brake. Typically the coast-down time is 
between 10 and 60 s, depending on the pump size; for small pumps it is even less. 
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Fig. 11.14. Starting-torque curve of an electric motor and pump
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11.5 Power failure, water hammer 

Sudden flow variations in a pipe give rise to pressure surges which travel at the 
velocity of sound through the system (the phenomenon is known as “water ham-
mer”). The order of magnitude of a pressure peak Δp generated by a velocity 
variation Δv can be estimated from Δp = ρ×a×Δv, where “a” is the speed of propa-
gation of a disturbance in the pipeline according to Eq. (10.19).  

The magnitude of the pressure peaks and the potential damage to be expected 
from water hammer increases with the length of the pipeline and the flow velocity 
in the pipe. Water hammer is caused, for example, by the rapid closing of a valve 
or by a pump driver failure with subsequent abrupt closure of the check valve, by 
operator error, by trapped air and also when pumps are switched over or started 
up. The basic theory concerning water hammer, calculation methods and remedies 
can be found in [11.6] and [11.7]. 

The highest pressure peaks are caused by the abrupt closure of a check valve, 
since this induces a sudden deceleration of the fluid to zero. A wave travels from 
the check valve through the system until it is reflected at a major change in im-
pedance (Table 10.12). The pressure drops after each wave front so that even 
pressures below atmosphere may result. 

Water hammer can cause considerable damage: pipe ruptures because of too 
high pressures or vacuum, separation of the liquid column when the vapor 
pressure is reached and subsequent thermal water hammer. Low pressure systems 
are especially at risk because of their low design pressure and correspondingly 
thin pipe walls. The analysis of water hammer problems and the choice and opti-
mization of means for water hammer protection are indispensable when dealing 
with large piping systems. The graphical methods formerly used for analysis have 
been replaced largely by computer programs. 

There are various protective measures to prevent damage: (1) The velocity 
variation causing the water hammer can be reduced by means of a flywheel which 
extends the coast-down time of the pump following a driver failure. However, this 
remedy is only sufficient for pipes up to a length of about 2000 m. (2) The lowest 
pressure behind the wave front can be raised by means of water fed into the pipe-
line from an air vessel installed downstream of the check valve. (3) A stand pipe 
or a surge tank placed at a prominent high point of the system can shorten the ac-
tive length of the pipeline, since the pressure is imposed on the pipe at this loca-
tion. (4) Blow valves are suitable for breaking vacuum. (5) Pressure relief valves 
or rupture disks avoid damage due the pressure peaks. (6) Optimizing the valve 
closing time helps to reduce the velocity difference Δv. 

If liquid runs back from the system through the pump after a shut-down, the 
pump is accelerated in the opposite sense of rotation like in turbine operation. As 
a rule, this should be prevented by the installation of a check valve. However, 
some systems allow short reverse running which necessitates a suitable 
mechanical design of pump and driver. During reverse running there is no exter-
nal torque acting on the pump and driver. The run-away speed is only limited by 
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the effects of disk friction, mechanical losses, hydraulic losses due to friction, 
excessive incidence and the residual swirl of the liquid flowing off the impeller 
inlet into the suction pipe. The resulting reverse running speed increases with the 
specific speed; it can be estimated from Eq. (T12.1.8). 

11.6 Allowable operation range 

Obviously a pump should be selected so that it operates predominantly close to 
the best efficiency point in the so called “preferred operation range”. This mode of 
operation is apt to bring about the lowest energy and maintenance cost and to re-
duce the risk of system problems since hydraulic excitation forces and cavitation 
risk, as a rule, attain a minimum near the BEP. However, off-design operation for 
limited periods cannot be avoided. Rules are needed for defining the allowable 
ranges and modes of operation in order to reduce the risk of damage and exces-
sive wear. To this effect, limits must be defined for continuous operation and for 
short-term operation at maximum and minimum flow. Such limits cannot be cal-
culated theoretically; they are derived from experience and should not be consid-
ered as sharp delimitations. The following criteria may be used for defining al-
lowable operation ranges: 

• Energy costs 
• Heating of the fluid at low load  
• Type of pump and service 
• Fluid to be pumped and its temperature  
• Power class of the pump, head per stage or impeller tip speed u2 
• Risk of cavitation; criteria: NPSHA, u1, suction specific speed or inducer 
• Partload recirculation: hydraulic excitation forces, noise, cavitation 
• Vibration behavior of the pump and the system  
• Stability of the Q-H curve 
• Power consumption of the motor 

The range of the allowable continuous operation may be defined as those condi-
tions at which the pump can be operated for many thousand hours without damage 
or excessive wear. This range could be defined, for instance, by the requirement 
that the efficiency must not fall below 80 to 85% of the maximum efficiency of 
the pump in question. Such a criterion is not only sensible with respect to the en-
ergy consumption but it also ensures that the pump does not operates with exces-
sive partload recirculation (below q* < 0.5) or with flow separation at high flows 
above BEP. In practice many pumps are oversized due to margins applied on head 
and/or flow. As a consequence, these pumps often work with moderate partload 
recirculation. At low or medium circumferential speeds and with a robust design 
this usually does not lead to noticable damage if the pumps are working within in 
the range of allowed continuous operation.   
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Fig. 11.15. Recommended ranges of minimum and maximum flow for continuous and 
short-term operation 

Figure 11.15 shows the allowed continuous operation range as a function of the 
specific speed, which is obtained by applying the efficiency criterion. This rec-
ommendation is valid primarily for large pumps from 500 to 1000 kW. The higher 
the head per stage and the power, the greater is the importance of chiefly operat-
ing near the best efficiency point. In this regard also the pumped fluid has to be 
taken into consideration. The range recommended in Fig. 11.15 may be modified 
by an in-depth analysis of the actual pump and system according to the criteria 
listed above. Small pumps, especially those with low specific speeds, are some-
times even permanently operated at low partload (below q* ≈ 0.5). Moreover, the 
pump manufacturer may recommend other ranges, for instance because of an in-
stability in the characteristic of an axial pump.  

The maximum flow rate has to be restricted, particularly with regard to the risk 
of cavitation in the high flow range. Generally applicable rules can scarcely be es-
tablished, since the cavitation risk depends on the suction impeller design, the 
flow rate of shockless entry, the NPSHA, the circumferential speed at the impeller 
inlet and on material and fluid properties. With respect to cavitation, the upper 
limit given in Fig. 11.15 for continuous operation is valid rather for applications 
with a low cavitation risk. The dependence of the axial thrust on the flow rate is 
another criterion to be checked at high flows, in particular for multistage pumps. 

Whereas pumps with low specific speeds are relatively robust, the allowable 
operation range of axial pumps is often restricted by: (1) the stable region of the 
Q-H-curve; (2) by the maximum power consumption of the selected motor; (3) the 
strong impact of cavitation effects observed at partload and overload as demon-
strated by the NPSH-curve in Fig. 6.16. This should be given careful considera-
tion in the planning stage of a pumping station. 



686      11 Operation of centrifugal pumps 

Short-term operation may be defined as covering abnormal or upset conditions 
which result as a rule in premature wear of the pump and whose cumulative dura-
tion per year does not exceed typically 100 hours. To this category belong: 
(1) operation in the high-flow range with increased cavitation (e.g. when pumps 
operating in parallel are switched over); (2) partload operation with strong recir-
culation, especially working on the minimum flow bypass. The limits shown in 
Fig. 11.15 provide a rough guideline. Depending on the pump type and manufac-
turer, great differences of vibration and cavitation behavior may be encountered, 
which may call for wider or justify narrower limits. 
Minimum flow operation: A high-pressure pump with a high power cannot be 
operated against a closed valve since the temperature in the pump would rise by 
several degrees per second because of the high ratio of the power input to the 
mass of the pump. Excessive cavitation, vapor locking and damage would occur 
before any control mechanism could be activated. Such pumps are therefore pro-
vided with a minimum flow bypass leading back to the suction reservoir, similar 
to Fig. 11.6. The minimum flow valve opens automatically when the discharge 
valve is closed. With high-pressure pumps roughly up to nq = 35, the minimum 
flow devices are typically sized as follows: (1) up to a power of roughly 2000 kW 
for q*min = 0.1 to 0.15; (2) at considerably higher powers frequently for 
q*min = 0.25 to 0.35. Details concerning the layout of minimum flow systems, 
their control and the associated components (such as valves and throttling de-
vices) can be found in several papers published in [11.12].  

The minimum flow is mainly determined by three criteria: (1) the thermal 
minimum flow limits the temperature rise of the fluid; (2) the hydraulic minimum 
flow attempts to limit the hydraulic excitation forces and vibrations; (3) finally 
excessive cavitation induced by partload recirculation is to be considered.  

Since the intensity of the partload recirculation increases with rising specific 
speed, the lower operation limit q*min defined in Fig. 11.15 increases with nq. A 
possible instability of the head-capacity curve below the minimum flow usually 
should be considered as irrelevant since the pump is not operated in that range. 
Pumps with inducers possibly necessitate a limitation of the operation range be-
cause of pulsations at partload, Chap. 7.7.4.  
Temperature rise in the pump: The enthalpy rise in the pump is given by 
Δhtot = Pi/ m (with the inner power Pi = P×ηm). Since the enthalpy remains con-
stant during throttling, the temperature of the fluid (with specific heat cp) rises 
when the flow rate is throttled down to the pump inlet pressure by: 
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The temperature of a fluid passing through the minimum flow line thus increases 
by the amount given by Eq. (11.8). The same temperature rise is generated in the 
axial thrust balance device or during operation in a closed circuit. 

Even in the discharge nozzle, the temperature is slightly higher than in the 
suction tank. In the vast majority of applications this temperature rise is scarcely 
perceptible and of no consequence. Conversely, for high-pressure pumps with 
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heads above 2000 m (especially with hot water) the temperature rise must be 
taken into account when the density is determined for exact calculations and test 
data evaluation. The temperature rise in the pump consists of two components: 
ΔT = ΔTv + ΔTis. The portion ΔTv results from the losses in the pump, while ΔTis 
is caused by the isentropic compression of the fluid. The temperature rise from the 
inner losses (i.e. disk friction, leakages and head losses in the hydraulic channels) 
is calculated from Eq. (11.9): 
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The isentropic compression is obtained from the water/steam tables or from an en-
thalpy/entropy diagram. A rough estimation for water can be made according to: 
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Ts = temperature of the approach flow in °C, TRef = 100 °C and HRef = 1000 m. 
If the temperature difference between the suction and the discharge nozzle 

ΔT = TD - TS is measured and ΔTis is determined from the water property tables 
[N.7], ΔTv = ΔT - ΔTis can be calculated. In this way the inner efficiency of a 
pump can be determined from Eq. (11.9) as ηi = Δhis/Δhtot (with Δhis = g×H). This 
is the basis of the thermometric efficiency measurement, [N.2]. As the tempera-
ture rise usually lies within the range of 1 to 4 °C, great diligence is called for dur-
ing such measurements and their evaluation. 

The effects discussed above are moderate for water; they can be quite impor-
tant when pumping liquid natural gas, hydrocarbons or other liquids. A detailed 
analysis of the heating of the fluid is then mandatory. 

11.7 The approach flow to the pump 

Centrifugal pumps are fed from intake bays in wet-pit or dry-pit arrangements or 
via a suction pipe from tanks. An approach flow as uniform as possible and free 
of swirl and vortices is important for a reliable operation of the pump. Any pre-
rotation will reduce the head, while any counter-rotation will lead to an increase in 
power and head, possibly over-loading the motor. Non-uniform approach flow, 
vortices and air entrainment generate noise and vibrations and can impair the effi-
ciency. With growing specific speed the pump becomes increasingly sensitive to 
approach flow perturbations, because the inlet diameter ratio d1/d2 rises with the 
specific speed. By virtue of Eq. (T3.3.1) the non-uniformities of the approach 
flow gather influence on the work transfer in the impeller with rising d1/d2. 

If the pump takes suction from a reservoir with a free liquid level, air drawing 
vortices are created when the submergence of the suction pipe inlet is not suffi-
cient. Air drawing vortices and their avoidance are discussed in Chap. 11.7.3. 
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11.7.1 Suction piping layout 

A number of criteria should be considered for the layout of the suction piping and 
for the analysis of possible problems: 

1. Principle: The suction pipe should be as short and as straight as practicable. 
2. Valves (if any) should open to the full pipe cross section with as little restric-

tions as possible. 
3. If bends in the suction pipe cannot be avoided, the bends should be in one 

plane only, because bends in the 3D-space create defined swirls due to super-
imposing secondary flows created in the individual bends. A straight pipe sec-
tion of L/D > 5 to 8 should be provided between the pump inlet nozzle and any 
upstream pipe fitting or valve. A longer distance may be required in the case 
of bends in the 3D-space in order to dissipate the swirl generated in the bends. 
If the plant layout does not allow to provide sufficient straight pipe lengths, 
the approach flow can be improved by a flow straightener and/or deflection 
baffles in the bends. A non-uniform axial approach flow can be smoothed out 
to some extent by flow acceleration (Chap. 1.8), but possible tangential veloc-
ity components cu increase when reducing the pipe diameter because of the 
conservation of angular momentum according to cu×R = constant. Tests for op-
timizing a suction pipe of an arrangement similar to Fig. 11.16 were reported 
in [11.21]. In this case, the best results were achieved by a combination of ac-
celeration and deflection baffles since the latter reduce tangential velocity 
components. 

4. Pipes branching off a main pipe at 90° and dead-end pipes generate vortices 
and often require measures for smoothing the flow, e.g. as in Fig. 11.16.  

5. The transition from a tank to the suction pipe should be rounded, chamfered or 
made with a conical section in order to reduce jet contraction and associated 
vortices. Frequently a cross is installed to prevent (“bath-tub”) vortex genera-
tion. The submergence of the suction pipe inlet should be at least 2 to 4×D, for 
details see Chap. 11.7.3. If saturated liquids are to be pumped, a smooth flow 
from the tank into the suction pipe is particularly important in order to avoid 
cavitation due to flow acceleration, jet contraction and vortices. 

6. If a saturated liquid is pumped, the suction pipe connected to the tank should 
have a vertical downward section as long as possible prior to continuing with 
horizontal or sloped pipe legs (see Fig. 11.17). That way, the risk of liquid 
flashing into vapor can be reduced because the static pressure rises in the ver-
tical down-flow pipe section. If the pumpage contains a large amount of dis-
solved gas, this arrangement helps to prevent or reduce gas separation. 

7. The pressure drop must be minimized to get a maximum NPSHA. The flow ve-
locities are therefore often limited to 1 to 2 m/s. In general it is recommended 
not to exceed 4 m/s.  

8. Gas separation must be minimized to avoid the risk of de-priming. Suction 
pipes should never be installed with high points where gas could accumulate. 
If the liquid is drawn from a tank installed at a level lower than the pump, the 
pressure in the suction pipe is below atmospheric. A portion of the dissolved 
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gases can separate from the liquid in this case. In order to avoid gas accumula-
tions, the suction pipe should rise to the pump with a slope of at least 10°. 

9. If the tank is located above the pump and if there is a risk of flashing of vapor 
and/or gas (process engineering, feedwater and hot-water pumps), the suction 
pipe should be installed with a downward slope of at least 10°. Gas and vapor 
accumulations in horizontal pipes can lead to rough running or even water 
hammer if the vapor suddenly condenses.  

10. If the pump inlet pressure is below atmospheric, the ingress of air must be pre-
vented by selecting vacuum-prove seals (shaft seal as well as static seals in the 
piping, if any). 

11. Valves, fittings and the suction pipe upstream of a double-entry pump must be 
installed in a symmetry plane in a way that both sides of the impeller receive 
the same flow. This problem is discussed with reference to Fig. 11.16 in more 
detail below. 

Figure 11.16 shows an arrangement which is often used when several pumps 
are installed in parallel. The pumps are fed from a common pipeline or header via 
(frequently too short) suction pipes which are branched off under 90°. The pumps 
discharge into a common header arranged in a similar manner. This concept al-
lows a compact layout of the pumping station. The disadvantage of this arrange-
ment can be seen from Fig. 11.16. The 90°-branch causes flow separation and 
vortices at the inlet to the suction pipe. As a consequence, noise and vibrations in-
crease and the efficiency is impaired. Vortex streets may be generated which 
could lead to acoustic resonances, Chap. 10.12. 

 

1 

H

Q 

1 

2 

2 

r/d = 0.2 
d 

 
Fig. 11.16. Asymmetric approach flow to double-entry impeller and vortex generation at 
branches or at dead-end pipes 
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If this arrangement is employed for a pump with a double-entry impeller, both 
sides of the impeller are subject to different inflow conditions, Fig. 11.16. They 
may work at slightly different points on the Q-H-curve with an increased axial 
thrust. 

Several remedies may be applied (singly or in combination) to mitigate or 
avoid such problems: (1) increase the length of the branched-off suction pipe to 
L/D > 8 to 10 in order to allow the flow to smooth out; (2) no sharp-edged inlet to 
the suction pipe, provide a generous radius or chamfer instead; (3) provide a cone 
at the inlet to the branched-off suction pipe which accelerates the flow, Chap. 1.8; 
(4) install a flow straightener in the suction pipe downstream of the branching; 
(5) branch off the suction pipe under 45° or less. 

11.7.2 Transient suction pressure decay 

When operating with a saturated liquid, the pump gets the fluid from a tank in 
which a free liquid level is established (examples are boiling liquids in the process 
industry or the de-aerator in a power plant). The vapor pressure prevailing in the 
plenum above the liquid level is given by the temperature of the liquid, pv = f(T). 
The pump requires a positive geodetic suction head, and the tank must be installed 
sufficiently above the pump. The pipe between the tank and the pump should not 
have high points nor long horizontal sections in order to avoid vapor accumula-
tions in case of some liquid flashing into vapor. If vapor is trapped in the pipe, 
water hammer can be induced by a sudden condensation due to a pressure surge. 

During a load reduction, the energy input into the tank may decrease, for ex-
ample due to the ingress of colder water and/or a drop in the enthalpy of the heat-
ing steam drawn from a turbine. As a consequence, the temperature of the liquid 
inventory in the tank decreases and the vapor pressure drops. Load transients in 
this type of plant require a margin on the available NPSHA in order to avoid unac-
ceptable cavitation. 

If the pressure above the liquid level drops from p1 to p2, a fraction of the liquid 
stored in the tank evaporates till the saturation temperature Tv = f(p2) is reached. 
Since the liquid in the tank cannot be superheated, this thermodynamic equilib-
rium is established quickly. However, some liquid with higher temperature still 
travels through the suction pipe for a short time. If the geodetic head (or the 
NPSHA) is too low, some of the liquid in the pipe will flash into vapor. Relevant 
for this process is the local state of saturation which depends primarily on the 
geodetic head. 

As compared to steady state operation, the geodetic suction head must be in-
creased so that no flashing occurs in the suction pipe during the pressure decay in 
the tank. The available geodetic head Hz,geo yields NPSHA = Hz,geo - ΣHv since the 
vapor pressure pv,tank prevails above the liquid level in the tank. In order to avoid 
evaporation upon a pressure decay in the tank, the available NPSH must exceed 
the required NPSH, i.e. NPSHA > NPSHR + Htrans; Htrans represents a margin added 
to cover the transients assumed for the plant.  
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The transit time of a fluid particle through a suction pipe of length Ls amounts 
to ts = Ls/cs = Vs/Q (cs = flow velocity in the suction pipe, Vs = volume of liquid 
contained in the pipe). The allowable pressure decay velocity in the tank is then 
given by: 
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The sum of the hydraulic losses in the suction pipe can be expressed according to 
Table 1.5 by a total resistance coefficient ζtot defined by ΣHv = ζtot×cs

2/2g. 
From NPSHA = NPSHR + Htrans = Hz,geo - ζtot cs
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Differentiating Eq. (11.13) and setting the obtained expression equal to zero, we 
obtain the optimum velocity in the suction pipe which yields the highest margin 
against flashing: 
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Thus it is possible to calculate the required geodetic head and an optimum suction 
pipe diameter for a specified pressure decay velocity and a given transit time of a 
fluid particle through the suction pipe. 

The expected pressure decay velocity in a plant results from process calcula-
tions which establish an energy balance of the tank (e.g. a de-aerator) as a func-
tion of time during transient conditions (e.g. the load rejection of a steam turbine). 
The energy balance accounts for all liquid and vapor mass flow rates entering and 
leaving the tank during a time step as well as for the changes in the energy stored 
in the tank. This type of investigation is highly relevant for the de-aerator of a 
thermal power plant, [11.9 to 11.11]. Process plants can be studied in the same 
way. 

The calculation procedure is described in the following with reference to Ta-
ble 11.1 and Fig. 11.17 which represents the de-aerator/feedwater tank of a ther-
mal power station or any suction tank from which a pump draws a liquid at satura-
tion temperature. The water flows from the de-aerator to the feedpump (or its 
booster pump). Preferentially each pump is fed by a separate suction pipe, but the 
general case is we considered in the following where the water leaves the tank 
through a common pipe branching off to feed zPP parallel pumps. Frequently three 
50-%-pumps are installed out of which one is at standby while two units are oper-
ating in parallel (as shown in Fig. 11.17).  



692      11 Operation of centrifugal pumps 

Qsw,E, Tsw,E, ρsw,E, hsw,E 

Hz,geo

Qs1, d1, L1,eq, V1 
A 

a 

c 

d 

e 

f g 

b 
Qs2 

d2,eq,
V2 

pv,pump

T, pv,tank, VT, ρ, h, cp 

m1, h1 m2, h2 

m3, h3 

 
Fig. 11.17. De-aerator and suction piping  

The individual steps of the calculation are: 

1. Analysis of the piping system. In the system depicted in Fig. 11.17 we distin-
guish: (1) pipe run #1 from point A to d; and (2) pipe run #2 from point d to g. 

• Pipe run #1 consists of “i” straight pipe sections which may have different di-
ameters di and “j” components such as bends branches, valves or filters. The 
flow resistances of all these pipe sections and fittings are described by one 
equivalent total resistance coefficient Σζ1 which can be calculated with the help 
of Table 1.5. According to Eq. (T11.1.2) this total resistance is referred to the 
pipe diameter d1 or the flow velocity c1 = 4×Qs1/(π×d1

2). The total flow rate Qs1 
of all operating pumps flows through pipe run #1. 

• Pipe run #2 too consists of “i” straight pipe sections (possibly with different 
diameters di) and “j” components. The resistances of these elements are de-
scribed by one equivalent total resistance coefficient Σζ2 as per Table 1.5, 
Eq. (T11.1.3), which is referred to the diameter d2 and the flow velocity 
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c2 = 4×Qs2/(π×d2
2). Pipe run #2 handles the flow rate of one of the zPP pumps 

which are in operation, i.e. Qs2 = Qs1/zPP. 

2. A common resistance coefficient Σζtot combining both of the pipe runs can now 
be calculated from Eq. (T11.1.4). It accounts for the fact that different flow rates 
are processed by both pipe runs. If each pump is fed by an individual suction pipe, 
Σζtot = Σζ1 applies while Σζ2 is zero. 
3. The total transit time from the tank to the pump inlet nozzle results from the 
sum of the individual transit times needed by the fluid to travel through pipe runs 
#1 and #2, Eq. (T11.1.7). When calculating the fluid volumes in the pipe runs 
from Eqs. (T11.1.5 or 11.1.6), all components must be taken into account (for ex-
ample also the fluid accumulated in a filter). Each component, as well as each 
change in pipe diameter, is expressed by equivalent pipe lengths L1,eq and L2,eq as 
defined by Eqs. (T11.1.5 and 11.1.6) which yield the actual fluid volume when 
using the reference diameter. 
4. Once the flow resistances of the suction pipe have been defined, the optimum 
flow velocity and the optimum pipe diameter can be determined. Using the above 
definitions, these quantities are calculated from Eqs. (T11.1.8 or 11.1.9) either for 
the branched system (Fig. 11.17) or for the case of individual suction pipes. The 
diameters of the pipe runs #1 and #2 are determined so that the fluid travels with 
the same velocity through both runs. 
5. The resistances Σζtot, Σζ1 and Σζ2 according to steps 1 to 3 must now be chek-
ked using the selected pipe diameters; repeat step 4 as necessary. 
6. The allowable pressure decay velocity can now be calculated from 
Eq. (T11.1.10) using the final diameters d1 and d2 selected. In order to provide a 
sufficient margin against evaporation, the required NPSH used in the calculation 
should be at least 30% higher than NPSH3, [B.26]. Therefore set 
NPSHR = 1.3×NPSH3 in the calculation as per Table 11.1. Obviously, any other 
safety factor (or NPSHo) could be used instead. The allowable pressure decay ve-
locity (dp/dt)al as per Eq. (T11.1.10) represents a quadratic equation with respect 
to the flow rate Qs1. For any given system, (dp/dt)al exhibits a minimum when 
plotted against the flow. Usually several operational transients must be analyzed. 
7. The effective pressure decay velocity resulting from plant transients (such as 
load reduction or steam turbine load rejection) should not exceed the allowable 
value calculated from step 6. All mass flow rates entering and leaving the de-
aerator and their associated enthalpies must be defined as functions of the time for 
calculating such transients. For the example shown in Fig. 11.17 these are: (1) the 
feedwater flow Qsw,E entering the tank and its temperature Tsw,E; (2) further mass 
flow rates of liquid or vapor m1, m2, m3 etc. with the enthalpies h1, h2, h3 (mass 
flows entering the tank are positive; mass flow rates leaving the tank are nega-
tive). The liquid stored in the tank (VT or mT) at the start of the transient (i.e. at 
time t = 0) must be known. If it is desired to take into account the heat capacity of 
the walls and internal structures of the tank, the corresponding “water values” 
may be calculated and added to the heat capacity of the liquid. 
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8. The calculation is done in time steps which may be selected as a fraction of the 
transit time ts, for example Δt = ts/10. The mass balance is calculated from 
Eq. (T11.1.11) for each time step. The drop in enthalpy during the time step is ob-
tained from the energy balance according to Eq. (T11.1.12). When deriving 
Eq. (T11.1.12), it was assumed that the enthalpy during a time step decreases line-
arly with the time; in other words the fluid drawn from the tank has an average en-
thalpy of hn - Δh/2 during the step. (The energy balance results from Eq. (1.1) and 
Eq. (1.3) since the process is unsteady.) Equation (T11.1.12) implies ideal mixing 
of the liquid inventory with all fluids entering the tank. Heat loss to the environ-
ment is neglected.  
9. After calculating the enthalpy drop during the time step, the decrease in tem-
perature, the vapor pressure in the tank pv,tank and the fluid properties can be de-
rived from the water/steam tables (Table A2-2). 
10. Finally, the drop in the available NPSH can be calculated from Eqs. (T11.1.14 
and 11.1.15). This drop is caused by the fact that the vapor pressure in the tank 
pv,tank is lower than the vapor pressure at the pump inlet pv,pump where the water 
temperature is still higher than in the tank. Thus we have: Δpv = pv,tank - pv,pump and 
ΔNPSHA = Δpv/(ρ×g). 

The effective pressure decay velocity becomes (dp/dt)eff = Δpv/Δt. It should be 
noted that the fluid temperature at the pump inlet remains equal to the temperature 
at t = 0 for all times t < ts. Only for times t > ts successively colder liquid enters 
the pump. Therefore Δpv(t) = pv,tank(t) - pv,pump(t=0) applies to t < ts, while for t > ts 
we have: Δpv(t) = pv,Tank(t) - pv,pump(t - ts). The effective pressure decay velocity at-
tains its maximum at t = ts; it drops for t > ts because colder fluid then enters the 
pump. Figure 11.18 shows these relationships with an example where the transit 
time is ts = 80 s. 
11. In order to prevent evaporation at the time of the highest pressure decay veloc-
ity (i.e. for t = ts), it must be checked that the local static pressure in the suction 
pipe remains at all locations sufficiently above the vapor pressure. The static pres-
sure at the outlet of each pipe section (“a” to “g” in Fig. 11.17) and at each com-
ponent is obtained from Bernoulli’s equation, i.e. Eq. (1.7). Particular attention 
should be focused on the locations in the suction pipe situated downstream of a 
component with a high flow resistance. Likewise critical are locations after a hori-
zontal pipe section where the pressure decreases due to friction losses. Horizontal 
pipe sections should be as short as possible and the pressure drop of fittings as 
low as feasible. 

The above investigation must be performed for different transients and plant 
conditions whenever it is not easy to clearly ascertain the worst case scenario. The 
turbine trip after load rejection is presumably the steepest transient in a power sta-
tion. If the effective pressure decay velocity exceeds the allowable limit, the fol-
lowing remedies may be considered: (1) Install tank at a higher level above the 
pump; (2) increase liquid level; (3) change process conditions; (4) heat input into 
tank (e.g. by steam injection); (5) shorter suction pipe; (6) pump with higher suc-
tion specific speed; (7) reduce flow resistances. 
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Table 11.1 Calculation of suction pressure decay transients Eq. 
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From T(n+1) or h(n+1) = h(n) -Δh the vapor pressure in the tank pv,tank and all other fluid prop-
erties can be determined from property tables or equations. 
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Fig. 11.18. Transient suction pressure decay, example with a transit time of 80 s 

11.7.3 Pump intakes and suction from tanks with free liquid level 

Large flow rates drawn from surface waters usually are brought to the pumps 
through special intake structures in which screens may be integrated as necessary 
for taking solid matter out of the water. Recommendations for the layout of in-
takes with static or traveling screens are given in [11.16] and [11.5]. 

Applications are pumping stations for irrigation, cooling water or sewage 
plants for example. The task of the intake is to lead the water to the suction bell of 
the pump with as uniform an approach flow as possible. 

If more than one pump is installed, each pump as rule draws water from a sepa-
rate pit in order to reduce interference between parallel operating pumps. The lo-
wer end of the pump with the suction bell can either be submerged in the pit (“wet 
pit design”) or the pump can draw the water from the pit via a short suction pipe 
(“dry pit design”). Depending on the layout of the plant, many different types of 
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intakes and pit arrangements can be found. Model tests are frequently done for 
optimizing the intake. Information and design recommendations on intake struc-
tures are given for example in [N4], [N.10], [11.5], [11.13 to 11.16], [B.5], 
[B.15], [B.17]. An overview is provided in [11.14]. 

Large flow rates require pumps of high specific speed. Because of their large 
impeller inlet diameters, pumps with high nq are particularly sensitive to non-
uniform velocity profiles at the impeller inlet. Non-uniform approach flows in in-
takes with a free liquid level generate vortices which should be avoided by an ap-
propriate design. Since intake structures of large plants imply a significant in-
vestment and since operational problems with the pumps may be very costly, this 
topic has been investigated extensively.  

The basic flow features discussed in the following can be found not only in 
large intake bays but also in any vessel with a free liquid level from which a pump 
takes suction. The recommendations given in this chapter apply by analogy to all 
situations where a pump is fed from a reservoir, a pipeline or a channel with free 
liquid levels. Examples are de-aerators in a thermal power station, all sorts of suc-
tion tanks in the process industry or incompletely filled pipes from which a pump 
takes suction via a branched-off pipe. 
Generation of vortices: Small vortices (turbulences) are characteristic for any 
smooth turbulent flow; such vortices do not jeopardize the safe operation. Large 
vortices form in shear flows, that is, in locations where strong velocity gradients 
prevail. Large vortices are inherent to stalled or strongly decelerated flow. Ac-
cording to Chap. 1.4.2, the pressure in a vortex drops from the outer zones to the 
core. A vortex rope is created if the fluid rotation is sufficiently strong to generate 
a gas- or vapor-filled core. On a free liquid surface the liquid levels in the vortex 
core drops because a constant gas pressure is imposed on the liquid level. 

Vortex ropes lead to problems if they reach the suction bell or the outlet open-
ing of the tank; they are called “air-drawing vortices”. The risk of such vortices 
increases with decreasing liquid level or submergence S of the outlet opening, 
Fig. 11.23. In the following we distinguish: 

• The submergence S is the difference in height between the liquid level and the 
outlet opening or suction bell. 

• The “critical submergence” Scr is that liquid level at which the vortex just 
reaches the outlet opening. 

Therefore S > Scr is a necessary condition for the safe operation of a pump. 
There are surface vortices which originate at the water level and bottom vortices 
or wall vortices (“submerged vortices”) which are completely submerged and 
originate on a structure, Fig. 11.19. The core of submerged vortices is filled with 
gas and vapor (according to the respective partial pressures). Vortices in intakes 
are generated by the following mechanisms: 

• non-uniform approach flow  
• asymmetrical arrangement of the inflow or outflow openings in a channel, a pit 

or an intake 
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• flow turning, for example when the water flows from a channel to the pit 
• deceleration or acceleration of the flow 
• flow around obstacles (screens, supporting structures, pumps installed in a row) 
• flow over a recess. 

The crucial factor is the fluid rotation (or swirl) generated by the above mecha-
nisms. The risk of vortices thus increases with growing swirl. The critical sub-
mergence which is required to avoid vortices is directly proportional to the rota-
tion, Eqs. (T11.2.6 to 11.2.8). 

Commonly the strength of a vortex is classified by the following criteria, refer 
to Fig. 11.19, [11.13 to 11.15]:  

Free surface vortices: 

Type 1 Swirl visible on liquid level 
Type 2 Surface dimple 
Type 3 Dye core to intake 
Type 4 Vortex pulling trash (but not air) to intake 
Type 5 Vortex pulling air bubbles to intake  
Type 6 Vortex pulling air continuously to intake. 

Submerged vortices: 

Type W1 Weak swirl (no coherent core) 
Type W2 Coherent dye core  
Type W3 Organized air core (air separation) 
Type W4 Vapor core (strong cavitation noise); rotation is sufficiently strong 

to reach the vapor pressure in the core. 

Figure 11.19 schematically shows the vortices to be observed according to the 
above classification. Figure 11.20 shows the photograph of a surface vortex of 
type 6 as well as a submerged vortex of the type W4. Such vortices must not be 
allowed since they are likely to impair the head and/or reduce the flow rate. In ad-
dition, they generate unsteady forces which act on the impeller, the shaft and the 
bearings and cause vibrations. Cavitation and noise are another consequence. 

2 Type 1 5 (4) 6

W4  

Type W2 

3 

 
Fig. 11.19. Classification of free surface vortices and submerged vortices 
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Fig. 11.20. Surface vortex type 6 and bottom vortex type W4. Photo: Hydraulic Machinery 
Institute, Technical University Kaiserslautern 

As shown by photographs in [11.23] taken with a high-speed camera, the vor-
tices are not necessarily destroyed by the impeller blades even though the vortex 
is cut by the blade. In the tested axial pump (nq = 150) the vortex passed through 
the 6-bladed impeller into the diffuser. The vortex cut by the blade is just slightly 
shifted downstream on the suction surface of the blade as shown by Fig. 11.21. In 
the wake of the blade both parts of the cut vortex re-unite, albeit slightly dis-
turbed. As can well be seen in Fig. 11.21 the vortex expands in the low-pressure 
region of the suction surface into a large cavitation zone.  

Presumably the blade overlap has an influence on the vortex passing through 
the pump but no information is available on the behavior of other (notably radial) 
impellers. 
Effects of vortices on pump operation: Vortices reaching the suction bell or the 
suction pipe impair the safe operation of the pump through various mechanisms:1 

1. Change of power, head or flow rate due to rotation induced at the impeller inlet 
(counter-rotation or pre-rotation). 

2. Reduction in head, flow rate and efficiency due to ingress of air. Up to 2% of 
air has little impact on performance, but the pump is likely to de-prime at gas 
contents in the range of 5 to 10% (Chap. 13.2.4). 

                                                           
1 The actual figures quoted in the following originate from tests reported in [11.14] to 

[11.16].  This information serves for illustration only and is scarcely generic. 
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Fig. 11.21. Vortex passing through a propeller pump. Photo: Hydraulic Machinery Insti-
tute, Technical University Kaiserslautern, [11.23] 

3. Air-drawing vortices are unsteady in nature even if the water level and the flow 
rate are constant, because the rotation in the vortices carried by the approach 
flow fluctuates. Vortices thereby excite vibrations and noise and induce head 
and power fluctuations. 

4. Each cutting of a blade through a vortex implies a shock-like loading which 
can cause fractures of the blades or damage to the bearings. 

5. Submerged bottom or wall vortices change their position periodically or sto-
chastically. Since every blade cuts through the vortices, vibration frequencies 
are observed with ν×zLa×fn of the blade passing frequency where ν is no inte-
ger. More or less steady surface vortices produce an excitation at zLa×fn 
(Chap. 10.7.1). If submerged vortices are linked to cavitation, concrete struc-
tures can be damaged. 

6. A one-sided approach flow the impeller generates steady radial forces which 
induce alternating bending stresses in the shaft and may lead to shaft failure, 
[11.14], refer also to Fig. 9.24, Chap. 9.3.7. The radial force created by a given 
velocity profile on a high-specific speed impeller can be estimated from 
Chap. 9.3.7, Eq. (9.8). 

7. Ingress of air into the pump causes noise and vibrations and increases the hy-
draulic excitation forces. When operating an axial test pump (nq = 150) with 
vortices of type 6, the hydraulic forces on the impeller increased by a factor 
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of 5 and the vibration velocity by a factor of 2 in comparison to operation 
without vortices. These tests were done at the best efficiency flow rate with a 
submergence of S/DT = 1.04 [11.14]. The pressure pulsations linked to opera-
tion with air-drawing vortices can cause damage when exciting system com-
ponents to vibrate, Chap. 10.12. 

8. The hydraulic excitation forces induced by pre-rotation and vortices can lead to 
damage of various components in the pump or the system, including cracks in 
the column pipe and impeller blade fractures, [11.19]. 

9. Air inclusions in the discharge pipe can lead to operational problems and dam-
age to the piping due to water hammer. 

10. If the approach flow is reasonably uniform, surface vortices of type 6 usually 
draw an amount of air which makes up less than 2% of the total flow. How-
ever with extremely non-uniform approach flow, up to 18% air has been 
drawn into the pump as observed in [11.15]. If surface vortices draw an air 
flow of 3 to 6% of the total flow, the efficiency of the pump may be impaired 
by 7 to 20% according to [11.15]. 

11. If a rotation is induced in the pipe, the measurement of the flow rate can be 
impaired. A rotation of Δα = arc tan cu/cax = 20° caused an error of 2% when 
measuring the flow rate with a nozzle of d/D = 0.6 as reported in [11.15]). 

Empirical vortex data: No simple methods are available for predicting the circu-
lation and vortices generated by non-uniform approach flow. It is also scarcely 
possible to extrapolate test data gathered on a specific intake geometry to configu-
rations other than tested. Various experimental data can be found in [11.15 and 
11.16]. From these data some correlations have been derived as given in Ta-
bles 11.2 and 11.3 which can be helpful for a quantitative assessment of situations 
where vortices may present a problem. Notably Table 11.2 provides equations for 
the critical submergence in various geometries. If the circulation is known its in-
fluence can be estimated from Eqs. (T11.2.6 to 11.2.8).  

Table 11.3 provides empirical data on air-drawing vortices which can jeopard-
ize the safe operation of the pump as discussed above. In [11.15] the volumetric 
air content was plotted against the Froude number; these statistical data can be de-
scribed by Eq. (T11.3.1). If it is assumed that these data apply to the critical sub-
mergence, Eq. (T11.3.1) can be used for a rough estimation of the amount of gas 
entrained at the critical submergence. Observing or estimating the diameter of the 
vortex in the outlet opening, the air flow rate can be estimated on the assumption 
that the air has roughly the same axial velocity as the water. Thus the volume frac-
tion α of the gas becomes α = (dk/D)2 if dk is the vortex diameter and D the pipe 
diameter. 

A swirl induced in a long pipe slowly decays due to friction and turbulent dis-
sipation. This effect can be estimated from Eqs. (T11.3.2 to 11.3.5). The pressure 
drop in the pipe rises when the ratio of the swirl momentum to the axial momen-
tum (respectively the ratio cu/cax) is increased; this effect can be estimated from 
Eq. (T11.3.6). The analysis of test data made in [11.15] revealed that the ratio of 
the radius of the vortex core to the length of the vortex is constant. This observa-
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tion allows estimating the radius of the vortex core for the critical submergence at 
which the vortex length equals by definition the water depth above the outlet 
opening. Thus h = Scr is determined from Table 11.2 and the radius of the vortex 
core is obtained from Eqs. (T11.3.7 or 11.3.8) using ksc from Eq. (T11.2.8). An 
increase of the vortex core radius is to be expected if the submergence drops be-
low the critical value (i.e. S < Scr). 

Table 11.2 Critical submergence of suction bells  
Air drawing vortices are expected if the submergence is S < Scr 
D corresponds to the suction bell diameter DT or to the inner pipe di-
ameter if no suction bell is installed. Dg

c
Fr =  Eq. 

Fr 1.7  0.8 =  
D
S

cr
+  

Different distances to rear wall or bottom 
[11.13] 
0.3 < Fr < 0.5 

11.2.1 Intake with 
submerged suc-
tion bell.  
Criterion: vor-
tex type 4 Fr 1.35  =  

D
S

cr

 
Different distances to rear wall or bottom 
[11.16] 
0.1 < Fr < 1.2 

11.2.2 
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proach flow 

Fr 1.7  =  
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S

cr

  11.2.3 

Asymmetrical 
approach flow 

Fr 2.3  =  
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S

cr

 

Observed in exe-
cuted intake plants 
with horizontal pipe; 
quoted in [11.16] 
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11.2.4 

Fr 1.29  =  
D
S

cr

 90°-branching a 
suction pipe off 
a header with a 
free liquid level Fr 0.5  0.8 =  

D
S

cr
+  

Diameter ratio 
DT/D1 = 0.3 
0.4 < Fr < 3 
 [11.17] 
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11.2.5 

 
2

rc = C kku,D π
Γ=  

 = circulation 
CD = swirl constant 
rk, cu,k = referred to vortex core (Chap. 1.4.3) 

11.2.6 

Outflow direction of pipe ϕ ksc  
g D
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D
S D

sc
cr

 
Downwards 0 110 

11.2.7 

Horizontal π/2 90 

Critical sub-
mergence, if 
swirl is known 

 

2
1

110 = ksc

π
ϕ+

 

Upwards π 75 
11.2.8 

Criteria for the quality of the approach flow:  
Not only vortices but any kind of non-uniform flow can impair performance and 
induce vibrations and unsteady forces. The approach flow to a large pump of high 
specific speed should therefore fulfill the following quality criteria: 

• Non-uniformities in the axial approach velocity profile at the impeller inlet 
should be limited to a maximum of ± 10% of the average flow velocity; on an 
annular section it should even be limited to ± 5%. Moreover, the non-
uniformity should not exceed ± 5% for applications with nq > 200, [B. 5]. 
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Table 11.3 Empirical data for air-drawing surface vortices1 Eq. 

Gas volume fraction of 
entrained air (pump in-
take), [11.15] 
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depends on Re and roughness 
11.3.6 

 
D
h

k
1 =  

D
r

sc

k  
At the critical submergence. 
When vortex reaches the suc-
tion bell, it is h = Scr 

11.3.7 Relation between core 
radius and vortex depth 
h, [11.15] 
ksc from Eq. (T11.2.8)  45.1

D
h0.0109 =  

D
rk +  From tests with outflow in 

horizontal direction 11.3.8 

• The maximum deviation in the approach flow angle should be limited to 
Δα = ± 5°; with Δα = arc tan cu/cax. 

• The strength of surface vortices should be limited to type 2 (surface dimple), 
since type 3 vortices induce a defined swirl into the suction bell or suction pipe. 

• The strength of bottom and wall vortices should be limited to type W1 since 
vortices of type W2 carry a defined swirl into the outlet opening. 

• No discernable unsteadiness and waves in the approach flow  
• No vortices which reach the suction bell 
• No air entrainment. 

Model tests: Because of the high investment costs of intake structures, the risks 
presented by design deficiencies and the large variety of plant concepts, model 
tests are often performed for the optimization of intakes. Since flows with free liq-
uid levels are involved, the influence of gravity must be modeled correctly. It is 
therefore imperative to maintain the same Froude number Fr = cT/(g×D)0.5 in the 
model and in the plant. It is safe to enlarge the test range to cover the condition 
cmodel = cplant. Since the Reynolds number in the plant usually is much higher than 
in the model it is common practice to observe only the Froude similarity. Viscous 
effects are not expected to falsify the test results if the condition Re/Fr > 5×104 is 
respected, as quotated in [11.14]. The influence of the surface tension is assessed 
by means of the Weber number defined by We = cT(ρ×DT/ST)0.5. It represents the 
ratio of inertia effects to surface tension forces. No significant influence of the 
                                                           
1 The correlations in Table 11.3 originate from measurements in specific test stands. Infor-

mation on the relevance of these correlations in practice is not is available. 
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surface tension ST is expected at We > 11 (at the air-water interface it is 
ST = 0.073 N/m at 20 °C). The geometrical scaling ratio between plant and model 
should not be larger than 15. 
Guidelines for the design of intake structures: 
From the above discussion, notably Tables 11.2 and 11.3, it follows that problems 
linked to vortices increase with the Froude number or the flow velocity. Problems 
caused by the approach flow are therefore mostly observed at high flow rates 
(q* > 0.8) while partload operation is rather dominated by the effects of recircula-
tion at the impeller inlet. The interaction between the recirculating fluid and the 
structures and the liquid volume in the intake is strong. 

The basic features may be discussed with reference to the wet-pit installation 
shown in Fig. 11.23, [B.17]. The vertical pump draws the water through a suction 
bell of diameter DT. In order to achieve a uniform approach flow free of vortices, 
the following guidelines and criteria should be considered: 
1. Flow velocity cT at the suction bell inlet: For flow rates above 1 m3/s a flow 
velocity of cT = 1.7 m/s (range: 1.2 to 2.1 m/s) is recommended at the inlet to the 
suction bell. Below 0.3 m3/s a range of cT =0.6 to 2.7 m/s is allowed, [N.10]. If the 
suction bell diameter is calculated for the BEP with cT = 1.7 m/s the upper limit of 
cT = 2.1 m/s is reached at about q* = 1.25. Thus reasonably good flow conditions 
may be expected even at maximum flow. Typically the ratio between suction bell 
inlet and impeller inlet diameter is in the range of DT/d1 = 1.75 ± 15% ([11.19] 
gives 1.75). 
2. Submergence: The suction bell must be covered by a sufficient amount of liq-
uid, the “submergence” S, in order to avoid air-drawing vortices which start from 
the water surface (the needed NPSHA is another criterion for the water depth). The 
risk of wall vortices or bottom vortices equally increases when the liquid level is 
lowered because the static pressure, as given by the water depth, decreases. Less 
rotation is then sufficient to reduce the pressure in the vortex core to a level where 
gas separates or vapor is created. The required submergence depends on the de-
sign and the quality of the approach flow. If the guidelines for intake design given 
below are observed, a reasonably uniform approach flow can be expected and the 
submergence for uncovered pits without curtain wall (Fig. 11.23) can be calcu-
lated from Eq. (11.15), [N.10]: 

Fr3.21
D
S

T
+≥       with Froude number 

T

T
Dg

cFr =    and 2
T

T
D
Q4c

π
=  (11.15) 

or:       
gD

Q2.9DS 5.1
T

T
π

+=  (11.15a) 

Inspection of Eq. (11.15a) shows that there must be an optimum suction bell 
diameter at which the submergence – hence the costs for civil engineering – be-
come minimum. Differentiating Eq. (11.15a) with respect to DT and setting 
∂S/∂DT = 0 yields the optimum suction bell diameter DT,opt which gives the mini-
mum submergence: 
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4.0

opt,T
g

Q81.1D =        and        4.02.0
opt,T gQ39.0c =  (11.15b) 

The optimum suction bell diameter is linked to the constant values of Fropt = 0.29 
and S/DT,opt = 1.67.1 The optimum values resulting from Eqs. (11.15 and 11.15b) 
for submergence, suction bell diameter and flow velocity cT are plotted in 
Fig. 11.22 against the flow rate. 

Measurements with intakes reported in [11.13] demonstrate that submergences 
according to Eq. (11.15) are plainly sufficient to suppress severe vortices. Only 
vortices of type 2 – surface dimples – were observed. These did not impair pump 
operation. An analysis of plants with vortex problems showed that the submer-
gence was below ST/DT = 1.5 in nearly all of the problem cases, [11.18]. 

The submergence according to Eq. (11.15) is applicable to intakes of the type 
shown in Fig. 11.23, but without splitters on the floor or on the rear wall and with-
out a curtain wall or other devices to suppress swirl. Equation (11.15) further 
represents the upper envelope of the data available in [11.15]. Intakes designed 
according to Eq. (11.15) therefore contain a certain margin if the approach flow is  
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Fig. 11.22. Minimum submergence and optimum suction bell diameter DT for a layout ac-
cording to Eqs. (11.15, 11.15b) 

                                                           
1 At extremely high flow rates in excess of Q = 16.7 m3/s = 60’000 m3/h the limit of the 

recommended velocity cT = 1.7 m/s is exceeded. 
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reasonably uniform. Consequently, the submergence can be selected 10 to 25% 
lower than stipulated by Eq. (11.15) and Fig. 11.22 if the intake is designed care-
fully with splitters on the floor and the rear wall according to Fig. 11.23. 

A number of measures are available for reducing the required submergence and 
the costs for civil engineering: 

• A covered intake according to Fig. 11.26 or a curtain wall as per Fig. 11.23 re-
duces the required submergence by roughly 30% compared to Eq. (11.15). 

• An annular curtain wall (i.e. a cylinder around the pump) reduces the submer-
gence S by about 50% . However a minimum submergence of S/DT = 1.0 must 
always be ensured. 

• Also very effective for reducing the required submergence is a plate, a grid or a 
perforated sheet. These horizontal baffles should be arranged a little below the 
minimum liquid level (100 to 200 mm) since they are ineffective if covered by 
too much water. 

• Floating baffles (rafts) are able to suppress air-drawing vortices. Such devices 
may be considered for retrofitting an intake structure which present vortex 
problems. 

The design submergence according to Eq. (11.15) must be greater than the 
critical submergence at which the vortices reach the outlet opening. 
3. Approach flow velocity in the intake: Former design rules given in [N.4] and 
[B.5] limited the approach flow velocity to 0.3 m/s. These conservative designs 
often led to excessively large and expensive intake structures. Therefore the rules 
were amended by the Hydraulic Institute [N.11] and the recommended limit for 
the approach flow velocity is now 0.5 m/s. This value is used in the following. If 
the limit of 0.5 m/s is exceeded the stagnation pressure on the rear wall induces 
unfavorable lateral velocity components and vortices. 

Higher approach flow velocities are required in sewage plants in order to avoid 
deposits of solids; c = 0.7 to 2 m/s is mentioned in [11.14]. 

The static and dynamic forces created by high approach flow velocities may 
lead to vibration problems and component failure as discussed under item 14. 
4. Chamber dimensions (Fig. 11.23): In order to prevent vortex formation cer-
tain proportions of the pump chamber must be selected. The following recom-
mendations can be derived from the quoted literature (preferred dimensions are 
printed in bold characters):  

• Chamber length: E/DT ≥ 4 
• Chamber width: W/DT = 2 (up to 2.5); widths up to W/DT = 3 are often consid-

ered acceptable but such designs are clearly inferior to W/DT = 2; this value 
should be exceeded as little as possible. 

• Bottom clearance: C/DT = 0.4 to 0.5 (0.3 to 0.75). Too low a bottom clearance 
leads to bottom vortices. 

• Rear wall clearance: X/DT = 0.75 to 1.0. Too low clearances harbor the risk of 
bottom or wall vortices; too large clearances induce unfavorable flows around 
the pump body and thus lead to vortex streets and vortices. 
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which provide a suitable head loss 
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• The corners between side walls and rear walls should have a 45°-fillet of the 
size 0.2×W as depicted in Fig. 11.23, or fillet radii with r = 0.2×W. 

During the tests reported in [11.13] the combinations C/DT = 0.4 with 
X/DT = 0.75 and C/DT = 0.5 with X/DT = 0.75 proved best (lowest vortex forma-
tion) and the combination C/DT = 0.4 with X/DT = 1.0 was the most unfavorable. 
5. Swirl breaking structures serve for reducing the risk of bottom vortices. Dur-
ing partload recirculation they prevent excessive rotation in the sump. This can be 
achieved by a splitter as in Fig. 11.23 or a cone with ribs as in [B.5]. These ele-
ments are installed below the suction bell. If the bottom clearance is too large, ribs 
or a cross can be cast or welded in the suction bell. Without swirl breaking struc-
tures there is a risk of excessive vibrations. In addition, the shut-off head is re-
duced by excessive pre-rotation which can at times pose problems during start-up 
of the pump, Chap. 11.8. 

If a cone is used, only one splitter oriented in the flow direction is installed be-
low the suction bell. Any rib or splitter perpendicular to the flow would cause 
flow separation and vortices, [11.23]. With large flow rates (q* > 1) a vortex can 
form at the apex of the cone if the longitudinal splitter is omitted, as observed in 
[11.23]. 
6. Bottom vortices  are generated by flow separation or strong velocity gradients 
in the approach flow. Screens, flow deflections, support structures, sudden 
changes in cross section or diffusers with excessive opening angles can generate 
bottom vortices in this way. 
7. Flow straightening by screens (Chap. 1.8): If the flow in the intake is non-
uniform because of design constraints, the flow can be smoothed out by screens 
installed upstream of the pump chamber or even within the chamber itself, 
Fig. 11.24. Such flow straightening can be accomplished for example by: 
(1) perforated walls (pigeon-holed brick work); (2) perforated sheets or grids; 
(3) rammed stakes or profiles. If the approach flow is strongly non-uniform, two 
or more screens in a row may be installed. The blockage ratio of the screen (or the 
sum of the areas of the openings to the frontal surface of the screen) can be se-
lected around 50%. The screen should have a sufficient distance L from the pump 
in order to allow the vortices created by the screen to decay, Fig. 11.24. This 
length should be L/Dh > 20 if Dh is the hydraulic diameter of the openings in the 
screen, refer to Tables 1.2 and 1.3. 
8. Flow deflections: An approach flow perpendicular to the pump chamber as 
shown in Fig. 11.24 generates vortices due to the 90°-flow turning und must 
therefore be avoided. The pump chambers should be arranged at an angle of 45° 
to the approach flow channel. The lengths of the chambers should be at least 
L = 8×DT. Literature [11.20] reports on model tests carried out to solve vibration 
and cavitation problems caused by an unfavorable intake design with a 90°-flow 
turning. During these tests the flow could be drastically improved by bottom and 
rear wall splitters and perforated walls even though the submergence was below 
S/DT = 1.0. 
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9. Sloped walls which decelerate or accelerate the flow should not exceed a maxi-
mum angle of 10° (15°) in order to prevent high velocity gradients which would 
induce vortices. 
10. Pumps operating in parallel must not interfere with each other. This can be 
avoided by: (1) Installing the pumps in separate chambers if they are arranged 
side-by-side in a plane perpendicular to the direction of the approach flow (in 
Fig. 11.24). (2) If the pumps are arranged in a row in the main stream, by provid-
ing large distances between the pumps and by keeping flow velocities low as 
given in item 11 below. (3) Installing annular curtains around the pump units.  
11. Pumps installed in a row: If several pumps are arranged in flow direction in 
a channel, the flow around the pump bodies is likely to generate vortex streets, 
Chap. 10.12.4. To reduce the interaction of vortices and distorted flow with down-
stream pumps, the distance xa between the pump rotor axis’ should be at least 
xa = (2 + 20×c/cref)×DT, where c is the flow velocity in the channel and cref = 1 m/s. 
To reduce excitation by vortex streets shed from the pump bodies the flow veloc-
ity should not exceed 0.3 m/s. 
12. Air entrainment: The injection of the fluid into the suction reservoir or inlet 
bay must not be arranged above the liquid level in order to prevent air entrain-
ment. Feeding an intake over a weir is unsuitable for the same reason. This rule 
also applies to all sorts of tanks with a free liquid level in order to prevent en-
trainment of gas or vapor into the suction pipe. Any reservoir should be designed 
so as to allow the entering fluid to tranquillize and mix well with the stored liquid. 
A short-cut between inlet pipe and outlet opening may create a swirl which could 
enter the suction pipe.  
13. Dry pit installations: Large pumps are usually fed via a bend which provides 
an appropriate acceleration to the fluid. The approach flow velocity in the cham-
ber should not exceed 0.5 m/s and the velocity at the inlet to the bend should be 
below 1.7 m/s. To avoid air entrainment, a sufficient submergence must be pro-
vided. It can be determined from Eq. (11.15c) giving results similar to [B.17]. 
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c = flow velocity in intake chamber; AT = inlet cross section of (rectangular) bend. 
The inlet to the bend or suction pipe should be rounded with R/D > 0.1 to 0.2 in 
order to avoid jet contraction, vortices and air entrainment, see also Table 1.4. 
14. Covered intake chambers (Fig. 11.25): The height of the chamber should be 
about H  1×DT and/or dimensioned so that the flow velocity at the inlet to the 
chamber does not exceed 0.7 m/s.  If the height is too small, fluid acceleration is 
too strong, and unfavorable cross flows are created. These would reinforce any 
swirl or asymmetries in the approach flow due to the conservation of angular mo-
mentum. Covered chambers therefore should always be equipped with floor and 
rear splitters to prevent cross flows which could induce vortices at the bottom or 
the walls. If the fluid acceleration in the covered chamber is too strong, the water 
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hits the rear wall in a way that generates vortices. Fillets in the corners according 
to Fig. 11.23 reduce or prevent vortex generation. 

In some compact intake designs the traveling screen discharges the water with 
high velocities into the intake chamber. The approach velocity to the pump can 
reach c = 2.5 m/s. The water hitting the pump body creates static and dynamic 
forces which are proportional to the stagnation pressure of the approach velocity 
and the projected frontal area AF of the pump body exposed to the flow. The static 
force is given by Fstat = ½× ×c2×AF, while the dynamic force can be estimated 
from Fdyn = ½× a× ×c2×AF. Since the dynamic lift coefficient of a cylinder in cross 
flow is a = 0.3 (see Table 10.13), considerable forces are to be expected on large 
pumps. These excite vibrations and may induce fatigue cracks in the column pipe.  
15. Traveling screens and trash racks: Devices to prevent debris from entering 
the pump will increase the flow velocities due to the reduction in flow area. A dis-
tance of L = 6×DT between the outlet of screens or racks and the pump is recom-
mended in [N.11] to allow the jet created by such devices to dissipate, see also 
Table 1.2. By a careful intake design with floor and rear wall splitters as well as 
fillets in the corners the required distance can be reduced to L = 3×DT. This can 
significantly reduce the costs of civil engineering, [11.23]. The flow velocity at 
the outlet of screens or racks should not exceed 0.7 m/s. 

The most important measures for a good intake design (and for retrofitting in 
case of trouble) are summarized below: 

• Uniform symmetric approach flow 
• Adequate submergence 
• Chamber dimensions according to the guidelines given above 
• Floor and rear wall splitters 
• Corner fillets. 
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Fig. 11.25. Covered intake chamber 
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11.7.4 Can pumps 

Vertical pumps in a suction can (or barrel) according to Fig. 11.26 are employed 
for example as condensate pumps in power stations or as process pumps in refin-
ery service. To avoid unfavorable approach flow to the impeller and associated 
operational trouble the following recommendations can be given: 

• Flashing of gas or vapor at the highest point above the inlet nozzle should be 
avoided. A free liquid level in the can should not be allowed. Implement proper 
procedures for filling and venting. 

• The axial flow velocity cax between the suction can and the pump body should 
be as a rule below 1m/s. 

• The flow velocity in the inlet nozzle should be small (cs < 2 m/s) because the 
non-uniformity of the approach flow to the impeller increases with the dynamic 
head in the inlet nozzle. A large distance between suction bell and inlet nozzle 
helps to smooth out the flow. 

• A cross at the bottom of the tank (as in Fig. 11.26), ribs in the suction bell, a 
suction strainer or other structures apt to prevent swirl are required. Otherwise, 
partload recirculation would induce a strong fluid rotation in the tank and gen-
erate excessive vibrations and alternating stresses (leading, for example, to fa-
tigue cracking in the column pipe). Also the shut-off head and partload charac-
teristics would be affected by the omission of swirl-breaking structures. These 
are therefore mandatory – in particular at high specific speeds. 

11.8 Discharge piping 

One aspect of discharge piping design is a trade-off between investment and en-
ergy costs – provided that the pressure losses in the discharge pipe make up a sig-
nificant portion of the head. If this is true, the energy costs diminish with increas-
ing pipe diameter due to the lower head required. Additionally, pump costs may 
decrease due to the lower head. Investment costs for the piping, of course, in-
crease with larger pipe diameters (the more so, the higher the design pressure).  

The flow velocities can vary in a wide range: In long pipelines of several kilo-
meters length they may be limited to 1.5 to 3 m/s with respect to the pressure 
drop; in short discharge pipes a maximum of 5 m/s may be used, but in very short 
high-pressure piping 10 to 20 m/s may be chosen in view of the investment cost 
(provided that an appropriate pipe material is selected, Chap. 14). The medium 
pumped has an influence too: for example it may be necessary to limit the velocity 
if there is a risk of erosion corrosion or if solid particles are present in the fluid. 
Conversely, a minimum velocity must be maintained in slurry pumping if there is 
a risk of solids settling in the pipe, Chap. 13.4. 
Siphons are discharge pipes in which energy is recovered in a pipe section with a 
down-slope. A siphon can also be installed in situations where it is absolutely 
mandatory to prevent back-flow after pump shut-down, for example when pump-
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ing over a dike where a failure of the check valve would have disastrous conse-
quences. Typical applications with siphons are irrigation plants, de-watering 
(drainage) schemes with pumping over a dam, or cooling water systems in thermal 
power stations. Figure 11.27 depicts schematically a system with a siphon in 
which water is transported to a high point (defined by Hstat,F) in the discharge pipe. 
From the high point the water flows down to an upper basin which is by Hstat,D at a 
higher elevation than the reservoir from which the pump takes suction. The recov-
ered head is given by the difference between the high point and the discharge wa-
ter level; i.e. by zs = Hstat,F - Hstat,D. Figure 11.27 also shows the profile of the static 
pressure in the piping system. The head HA required by the system can be calcu-
lated by applying the Bernoulli equation between the points #0 and #2, Eq. (1.7). 
Likewise, the minimum pressure pmin at the high point is obtained by writing 
Eq. (1.7) for the points #1 and #2: 

20,v

2
2

D,statA H 
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c
HH −Σ++=  (11.16) 

( ) 21,v
2
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2
z g pp −Δ+−ρ−ρ−=  (11.17) 

In order to prevent separation of the liquid column, the pressure pmin at the high 
point must at all times remain sufficiently above the saturation pressure pv. A head 
margin of ΔHM = (pmin - pv)/(ρ×g) = 1.5 to 2.5 m is recommended. 
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Fig. 11.27. Pumping station with a siphon 
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The upper boundary should be used if the water is saturated with air in order to 
limit air separation in the zone where the static pressure is below atmospheric. If 
the pressure losses ΣHv.1-2 between points #1 and #2 are high and not well known, 
a higher margin is required. The maximum allowable siphon height can be ob-
tained from Eq. (11.17) for a selected margin ΔHM: 
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vamb

max,s
−−Σ+Δ−

ρ
−= −  (11.18) 

If the head difference given by the system exceeds the maximum allowable siphon 
height zs,max, the excess head can be destroyed by throttling, i.e. by increasing 
ΣHv.1-2. An alternative (as used for example in cooling water systems in power sta-
tions) is to install an open intermediate basin at a level which corresponds to the 
maximum siphon height. The siphon discharges into this basin with the pipe outlet 
well submerged. Subsequently the water flows over a weir out of the intermediate 
basin to level #2 (which could be a river or a lake for example). 

The siphon can function only if: (1) its outlet opening is well submerged at all 
times, (2) the pipe is properly vented, (3) the system is vacuum-tight. The siphon 
could be started with the help of a vacuum pump, but this option is expensive. 
Starting with an empty pipe is possible if the flow velocities are sufficiently high 
to be able to sweep out the air. According to [B.18] the minimum flow velocity to 
accomplish this is given by Eq. (11.19):  

Θ= sin D g 2.1cmin  (11.19) 

If the pump is started with an empty pipe, the trapped air is first compressed until 
the pressure is increased by Δp = ρ×g×S (S = submergence according to 
Fig. 11.27). Subsequently the air is pushed out. The start-up procedure begins at 
point A in Fig. 11.28a (the pump starts running in full cavitation). As the pipe is 
being filled, the water level rises and the operation point shifts accordingly to 
lower flows via point B to C till the value Hstat,F is reached at the high point. The 
flow rate corresponding to Hstat,F in point C (in Fig. 11.28 labeled Qc) is relevant 
for the calculation of cmin from Eq. (11.19).  

If the power consumption rises towards shut-off, the motor must be selected for 
the highest power required during start-up. As soon as the air has been swept out 
of the siphon and a closed water column is established in the pipe section with the 
down-slope, the siphon becomes effective and the operation point shifts from 
C to B. 

The pump must be selected so as to ensure that the high point C can be reached 
and that the flow rate is sufficient to sweep out the air. Preferably the high point 
should be outside any unstable portion of the Q-H-curve. If this is not the case (as 
in Fig. 11.28b), the pump is only able to traverse the unstable region if the Q-H-
curve is sufficiently steep. The high point C is reached in this case. In contrast, if 
the Q-H-curve is flat (as depicted by the broken line to point F in Fig. 11.28b), it 
is impossible to reach point C. The water level stops at level F at Q = 0 below the 
high point. Then it is impossible to start the flow through the siphon. This prob-
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lem can occur in the absence of swirl-breaking structures in front of the impeller 
inlet. The differences between the arrangement during the works test and the in-
stallation of the pump in the plant need to be considered; the parameters influenc-
ing the shut-off head are discussed in Chap. 5.6.8. 

An automatic valve is installed at the high point which lets air into the pipe 
when the pump is shut down. Thus a vacuum is avoided and the water is pre-
vented from flowing back to the pump from the upper basin. Only the water con-
tained in the piping upstream of the high point flows back through the pump 
which may then for a short time operate as a turbine. Pump and driver must be se-
lected accordingly and it must be ensured that the motor cannot be started prior to 
a complete stop of the rotor. Because of possible air accumulations in a system 
with a siphon, there is a risk of separation of the liquid column and subsequent 
water hammer. Siphons thus need to be analyzed carefully in this respect.  
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Fig. 11.28. Start-up of a pump in a siphon system. a) High point C is reached; b) with un-
stable Q-H-curve the pump hangs up at point F (Q = 0), only part of the pipe is filled 

 



12 Turbine operation, general characteristics 

12.1 Reverse running centrifugal pumps used as turbines 

12.1.1 Theoretical and actual characteristics 

Reverse-running centrifugal pumps can be used as turbines for energy recupera-
tion (in [N.6] termed “Hydraulic Power Recovery Turbines”, HPRT). Applications 
are processes where a large amount of fluid energy is dissipated in valves or other 
throttling devices. In some processes dissolved gases separate from the fluid or 
liquid is flashed into steam during the expansion. Higher energy differences are 
then available for power recovery than in pure liquid flow, Chap. 13.3.  

The preceding chapters dealt with centrifugal pumps which transfer energy to 
the liquid. The direction of rotation and flow for this type of operation are defined 
as positive. But a centrifugal pump can also transform liquid energy into mechani-
cal power as a prime mover if the directions of rotation and flow are reversed i.e. 
both become negative (for abnormal turbine operation refer to Chap. 12.2). In tur-
bine operation the pressure in the inlet nozzle is higher than in the outlet nozzle. 
The diffuser (“guide wheel”) or volute feeds the liquid to the outer diameter of the 
runner.1 The discharge nozzle of the pump is thus an inlet nozzle to the turbine, 
while the pump suction nozzle becomes the turbine outlet (or “exhaust”) nozzle, 
Fig. 12.1. 

The velocity vectors at the inlet and outlet of a runner blade are depicted in 
Fig, 12.1 on the right. The relative velocity w2 at the inlet hits the blade with an 
incidence i2 while the liquid leaves the blade with the relative velocity w1 at a de-
viation angle 1. With reference to Fig.12.2, let us consider the resultant flow con-
ditions by comparing the velocity triangles for pump and turbine operation for an 
impeller with back-swept blades.2 

In pump operation the inflow angle to the impeller 1 and the outflow angle 2 
from the impeller are largely independent of the flow. The reasons are: (1) angle 

1 is determined by the inlet geometry upstream from the impeller; (2) 2 is essen-
tially given by the impeller blade outlet angle 2B. This is borne out by the observa-
tion that the slip factor  depends little on the flow rate for q* > 0.7 (see Fig. 4.15). 
                                                           
1 In turbine technology the term “runner” is commonly used instead of impeller and the 

term “guide wheel” is used instead of diffuser. 
2 The same subscripts are used for the calculation stations of turbine and pump operation 

(Chapter 3.1). The fluid in the turbine flows from high to low pressure in accordance with 
the subscripts 6, 5, 4, 3, 2, 1. 
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As a result, the absolute velocity c2 at the impeller outlet – and therefore the spe-
cific work of the pump according to Eq. (3.4) – drop with increasing flow (Ta-
bles 3.3 and 4.1). 

In turbine operation the guide wheel or volute determines the runner inflow 
angle 2 which is largely independent of the flow q* when fixed guide vanes are 
used. The fluid leaves the runner with the angle 1, which likewise depends little 
on the flow rate. Consequently, the inflow velocity c2 to the runner increases with 
the flow rate, Fig. 12.2. The specific work increases proportionally to the flow 
through the turbine according to Eq. (3.4). This is demonstrated by Eq. (12.1) 
when we replace in Eq. (3.4) the circumferential components of the absolute ve-
locity by the meridional components and the corresponding flow angles according 
to Fig. 12.2. In this way c2u = c2m×cot 2 and c1u = u1 – w1u = u1 – c1m×cot β1 are in-
serted into Eq. (3.4). The specific work of a turbine runner thus becomes: 
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Fig. 12.2. Velocity triangles in pump (right) and in turbine operation (left) 
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The angles 2 and 1 in Eq. (12.1) are flow angles. The inflow angle 2 to the 
runner can be determined from the guide wheel or volute geometry. An approxi-
mation of the inflow angle 2 can be calculated from the cross section A3q of the 
throat as demonstrated with reference to Fig. 12.3. In the case of a guide wheel, 
Fig. 12.3 represents one vane pitch; in the case of a single volute set zLe = 1 and 
with a double volute set zLe = 2. The fluid enters through the throat area A3q with 
the velocity c3q = Q/(zLe×A3q); its circumferential component is c3u = c3q×cos α3B. 
Since 3B is a relatively small angle, errors in assuming 3  3B have a negligible 
effect on cos 3B. Thus the blade angle can be estimated from 3B = arc sin a3/t3.  

 

a3≈ α3B

Le

3
3 z

d t π=

 

Fig. 12.3. Determination of the outflow angle from the throat area and pitch; applicable to a 
guide wheel, a volute or a runner 

While the total flow rate Q entering the turbine inlet nozzle flows through the 
guide wheel, the actual flow through the runner is reduced by the volumetric effi-
ciency QLa = Q×ηv due to leakage losses. The approach flow angles result from: 
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The approach flow angles in the absolute and relative system depend mainly on 
the volumetric flow rate and the cross-sections zLe×A3q and A2. For double-exit 
impellers A2 and b2 are defined per side of the impeller. The radius r3 is defined by 
r3,eff = r3 + e3 + k3×a3 where e3 is the thickness of the diffuser vane leading edge or 
the volute cutwater and k3 is an empirical factor derived from experiment (tenta-
tively k3 = 0.25). The condition for shock-free entry is 2×tan 2 = tan 2B. Equa-
tion (12.3) then yields the flow rate for shock-free entry as per Eq. (12.4): 
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The flow rate for shock-free entry increases with the cross-section A3q of the 
guide wheel and the blade angle β2B. The best efficiency point in turbine operation 
is close to the flow rate of shock-free entry. In contrast, the best efficiency point in 
pump operation is found at a discharge flow angle which is considerably smaller 
than the impeller blade outlet angle because of the effect of the slip factor.  

The angle β1 of the fluid exiting from the runner differs from the blade angle 
β1B because a vane-congruent flow cannot be expected in turbine operation either. 
In analogy to Fig. 12.3, β1 can be estimated from the throat area A1q. To this end, 
A1q replaces A3q and c1q replaces c3q. The velocity in the throat area A1q is 
w1q = Q× v/(fq×A1q×zLa). The circumferential component is w1u = w1q×cos βA1. The 
following relations are obtained: 
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Inserting Eqs. (12.2 and 12.5), into Eq. (12.1) the specific work results in: 
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According to Eqs. (12.7 and 12.1) the specific work of a turbine increases line-
arly with the flow rate. At Q = 0, the straight line Ysch = f(Q) intersects the ordi-
nate at Ysch = -u1

2, see Fig. 12.4. The gradient of this straight line increases with a 
decreasing throat area zLe×A3q of the guide wheel or volute. The power transferred 
from the fluid to the runner blades is in accordance with Eqs. (12.1 and 12.7): 
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Therefore, Psch = f(Q) represents a parabola through the origin of the coordinate 
system. According to Eq. (12.8), the runner is able to deliver power above a flow 
rate of QL,th which is obtained by setting Psch = 0 or Ysch = 0: 
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Fig. 12.4. Theoretical and actual turbine characteristics 

The parabola Psch = f(Q) has a second intersection with the abscissa at QL,th and 
its minimum value at Q = 0.5×QL,th (not seen in Fig. 12.4 because of the scale). 

The energy difference between the inlet and exhaust nozzles is Y = g×H. The 
head H is defined as in pump operation by the formulae given in Table 2.2. 

The specific work Ysch = g×Hth transferred from the fluid to the runner is 
smaller than the energy difference Y = g×H between inlet and exhaust nozzles due 
to hydraulic losses Zh. The following relation applies: Hth = ηh×H = H - Zh. 

The useful power P available at the coupling of the turbine is smaller than the 
supplied energy ( ×g×H×Q) because of secondary losses. In analogy to Table 3.5, 
the power balance of a turbine (Fig.12.5) is given by: 

erms3
st

RREspLah PPPP)QQ(HgQ)1(HgPQHg +++++ρ+η−ρ+=ρ  (12.10) 

On the left of Eq. (12.10) is the energy input and on the right the energy output as 
the sum of the useful power P and all losses. These include the hydraulic losses, 
leakages, disk friction, interstage seals, mechanical losses and friction losses in-
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duced by the axial thrust balance device. The secondary losses can be calculated 
from Tables 3.5 to 3.7. The hydraulic losses and leakages reduce the power Psch 
transmitted to the runner blades, Eq. (12.11): 
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In order to obtain the power P available at the coupling, disk friction and me-
chanical losses must be subtracted from Psch as per Eq. (12.11). The efficiency  at 
the coupling is then given by: 
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Fig. 12.5. Energy balance of a turbine  

As shown by Eq. (12.1), the specific work of a turbine runner drops with increas-
ing circumferential component c1u at the outlet, i.e. with the residual swirl (some-
times called “vortex effect”). As a rule, the corresponding kinetic energy cannot 
be recovered downstream of the runner. Residual swirl reduces the turbine effi-
ciency, since it is dissipated through turbulence between the runner outlet and the 
exhaust nozzle. 

Equations (12.7 and 12.8) represent the theoretical characteristics of a turbine 
(assuming a flow without losses). The actual characteristics are determined ac-
cording to Fig. 12.4 by adding the hydraulic losses to the theoretical head 
(H = Hth + Zh) and by subtracting the secondary losses from the power transferred 
to the blades according to Eq. (12.11). Due to these losses the minimum flow rate 
necessary to deliver power to the coupling also shifts from QL,th to a higher value 
QL. In order to pass the flow QL through the turbine, the head HL is required; HL 
comprises the losses Zh and the quantity Hth,L which serves to overcome the disk 
friction and the mechanical losses. 
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12.1.2 Runaway and resistance characteristics  

The operating condition with M = 0 and P = 0 is to be understood as the idling 
speed of the turbine operating with no load (“runaway speed”). This condition is 
met upon start-up of the turbine when the operating speed is attained (start-up 
without load when opening the throttle valve). The runaway characteristic con-
nects all the points H(Q) which occur for M = 0 at various speeds.  
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Fig. 12.6. Turbine characteristics at various speeds. Runaway HL at M = 0, resistance Hw at 
n = 0 and plant characteristics HA 

The runaway speed depends strongly on the test or plant conditions which fact 
may be illustrated by means of three cases: (1) If the coupling fails in a plant 
thereby disconnecting the turbine from the driven machine, the highest runaway 
speed is reached. (2) If the turbine drives an electric generator, the runaway speed 
upon power failure will be much less than in case of a coupling failure because of 
the higher rotor mass and resistance provided by the generator. (3) Finally the run-
away speed will be quite low if the turbine would drive a pump (unless the pump 
would suddenly de-prime and run in air).  

The time to reach the runaway speed may be in the order of 1 to 2 seconds 
only. A power failure will also be linked to sudden large changes in flow and thus 
generate pressure surges, Chap.11.5. 

According to the similarity laws (Table 3.4) the runaway characteristic curve is 
obtained, with QL ~ n and HL ~ n2 ~ Q2, as a parabola through the origin of the co-
ordinate system, Fig. 12.6. The rotor also accelerates to this runaway characteristic 
if reverse flow is established in a pump upon driver failure, Chap. 11.5 
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If the static head HA,stat is available in the plant, the turbine runs at a head of HB 
which is lower than HA,stat because of the flow losses Hv created in the inlet and 
outlet piping systems of the turbine, Fig. 12.6. Upon load rejection, the turbine 
will run at point D1 on the runaway characteristic if HB remained constant. As a 
result of the reduced hydraulic losses, a somewhat higher runaway speed occurs 
corresponding to point D in Fig. 12.6 (in the plant the turbine runs directly from B 
to D on the plant characteristic curve). 

With a locked rotor (n = 0) and at a given head, a certain flow passes through 
the turbine which depends on the flow resistance of the machine. The correlation 
Hw ~ Q2 yields the “resistance curve” (turbine characteristic at n = 0) which is rep-
resented by a parabola through the origin of the coordinate system. The stationary 
rotor is subject to a hydraulic moment (“torque at n = 0”) which is proportional for 
a given machine to the available head: Mw ~ Hw ~ Q2. Flow rate and torque de-
pend slightly on the position of the runner versus the casing. Since the speed n is 
zero, the similarity laws according to Table 3.4 obviously do not apply. The ma-
chine represents a pure flow resistance following a square law. 

Whereas with radial machines the runaway characteristic (M = 0) for a given 
flow rate Q is above the resistance curve (n = 0) as in Fig. 12.6, the reverse is true 
with axial machines; here the runaway characteristic lies below the characteristic 
at n = 0, [12.11] and [12.12]1. Consequently, the flow rate of a radial machine de-
creases with load rejection, whereas it increases in the case of an axial turbine. 

12.1.3 Estimation of turbine characteristics from statistical 
correlations 

Since neither the hydraulic losses in the turbine nor the runaway nor resistance 
characteristics can be predicted from basic principles, the turbine characteristics 
are often estimated from statistical correlations, if no test data are available. To 
this end, the performance data at maximum efficiency in turbine operation are re-
lated to the corresponding data at the best efficiency point of pump operation (Ta-
ble 12.1). The ratios Hopt,T/Hopt,P and Qopt,T/Qopt,P are either related to the total effi-
ciency or to the hydraulic efficiency, or represented as a function of the specific 
speed. In [12.1] eight correlations of this kind were compared with one another on 
the basis of 35 pumps in the range of 12 < nq < 190. Of these, the formulae in 
[12.2] were found to be the most accurate. The relevant relations are listed in Ta-
ble 12.1 as Eqs. (T12.1.1 to 12.1.3). Unfortunately, a considerable scatter has to be 
expected when applying such correlations. Thus the data from [12.5] are about 
20% higher than the predictions according to Eqs. (T12.1 to 12.1.2). It could 
hardly be expected that the same conversion factors apply to a radial pump with 
nq = 25 and a semi-axial pump with nq = 150, though both machines happen to 
have the same efficiencies. 

                                                           
1 It may be concluded from this observation that runaway and resistance characteristics 

with increasing specific speed come closer, restricting thus the turbine operating range, 
and that (in theory) they would coincide at a certain specific speed. 
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Table 12.1 also contains conversion factors according to Eqs. (T12.1.4 to 
12.1.7), which were correlated with the specific speed and which originate from 
tests on single stage standard pumps with volute casings, [12.4]. The measure-
ments from [12.5] are rendered by this correlation with deviations of up to 13%. 
As far as larger pumps with greater efficiencies are concerned, Eqs. (T12.1.6 and 
12.1.7) should be used with caution. 

A given machine achieves essentially the same efficiencies in the turbine and 
pumping modes; the deviations are generally in the range of ± 2%. At low specific 
speeds, turbines often have slightly higher efficiencies than the corresponding 
pump, because the turbine power is greater than that of the pump. This implies 
that the secondary losses take a lower fraction of the useful power. In the case of 
semi-axial and axial pumps the efficiency of the turbine can be expected to be 
somewhat less than that of the pump because the trailing edges of the blades are 
not designed for turbine flow and hydraulic losses are accordingly higher. 

The efficiency curve  = f(Q) can be estimated from Fig. 12.7, where the tur-
bine efficiency related to the best point ηT/ηopt,T was plotted against the ratio  
(Q - QL)/(Qopt,T - QL); these data originate from [12.5 and 12.14] and from [13.8]. 

The specific speed of the turbine is lower than that of the pump (nq is always 
formed with the data at the BEP), because (Hopt,T/Hopt,P)0.75 is always greater than 
(Qopt,T/Qopt,P)0.5, Eqs. (T12.1.3 and 12.1.6). 
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Fig. 12.7. Turbine efficiency curve versus flow rate 

The runaway speed can be calculated from Eq. (T12.1.8) by inserting the head 
which corresponds to the operating point to be investigated, for example the load 
rejection of a turbine or the failure of a pump drive. The flow rate QL and the cor-
responding head HL on the runaway characteristic can be estimated from 
Eqs. (T12.1.9 and 12.1.10) where the data are related to the best point of the tur-
bine. The data from [12.15] allow correlations to be established for QL and HL, 



724      12 Turbine operation, general characteristics 

which are listed as Eqs. (T12.1.11 to 12.1.12) in Table 12.1; these correlations re-
fer to the best point in pump operation. The equations (T12.1.8 and 12.1.12) were 
laid through the range of the measured data points in a way that the similarity law 
HL ~ n2 is fulfilled. 

The turbine characteristic and the torque at n = 0 can be estimated from 
Eqs. (T12.1.13 and 12.1.14); these correlations were derived from data in [12.15]. 
All the correlations mentioned are based on some 25 to 35 measurements in the 
quoted publications. The tests cover different pump types of various manufactur-
ers in the range of 10 < nq < 220. The scatter is typically ± 20%; individual values 
may show far greater deviations the cause of which cannot be investigated due to 
lack of information in the cited publications. Figure 12.8 shows the data used. 
Some data fall way outside the spread, particularly those for the torque at locked 
rotor (n = 0). Equation (T12.1.8) also renders quite well a graph in [B.18] in which 
the reverse running speeds of centrifugal pumps are plotted as a function of nq. 

The turbine characteristic for a particular centrifugal pump can be determined 
as follows:  

1. Given are the BEP performance data of the pump at the nominal speed nN: 
Hopt,P, Qopt,P and ηopt,P. The turbine characteristic is calculated for the nominal 
speed too. If necessary, the characteristic is subsequently converted to other 
speeds according to the similarity laws in Table 3.4. 

2. The data at the turbine best efficiency point are calculated from Eqs. (T12.1.1 
to 12.1.3) or Eqs. (T12.1.4 to 12.1.7) from the BEP of the pump.  

3. The runaway point QL,N, HL,N for the nominal speed nN is obtained from the 
turbine best efficiency point by means of Eqs. (T12.1.9 and 12.1.10); or from 
Eqs. (T12.1.11 and 12.1.12) with the performance data at the pump BEP. It is 
also possible to take the average from both procedures. 

4. The runaway characteristic then is obtained from HL = HL,N(QL,x/QL,N)2, if QL,x 
signifies any flow rate on the runaway characteristic. 

5. The characteristic HT = f(QT) can be approximated as a parabola through the 
best efficiency point (Step 2) and the runaway point QL,N, HL,N (Step 3), 
Eq.(T12.1.15). 

6. The turbine efficiency results from the pump efficiency according to 
Eq. (T12.1.7), or it is assumed as ηopt,T = ηopt,P ± 0.02. The efficiency curve is 
calculated by means of Fig. 12.7 with ηT = 0 at Q = QL,N.  

7. The power curve is calculated from PT = ηT×ρ×g×HT×QT. 
8. The locked rotor characteristic at n = 0 and the locked rotor torque can be cal-

culated from Eqs. (T12.1.13 and 12.1.14). In doing so, the head H is treated as 
an independent variable: for selected values of H the flow rate is calculated 
from Eq.(T12.1.13) and the torque from Eq. (T12.1.14). 

It is emphasized again that calculating the turbine characteristics on the basis of 
these statistical correlations is subject to considerable uncertainties, because such 
statistics cannot take into account the actual geometric properties of the machines 
under consideration. Thus the runner eye exerts a significant influence on the 
head-capacity curve in turbine operation, whereas it only slightly changes the 
pump characteristics at low or moderate specific speeds. A suction impeller with 
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good NPSH properties in the high flow range in pump operation thus shifts the 
turbine characteristic to a considerably higher flow rate. This can be seen from the 
influence of A1q in Eq. (12.7) and from the measurements in [12.14]. The inlet 
casings of between-bearing pumps can have an effect as well. 

An attempt at developing a method for the estimation of turbine characteristics 
based on the geometric data of the machine is reported in [12.10]. However, a re 
liable and complete procedure for the calculation of turbine characteristics has not 
been published. In an actual application measured turbine characteristics are there-
fore indispensable. 
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Fig. 12.8. Correlations for calculating runaway (subscript L) and resistance curves (sub-
script w) 
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Table 12.1 Turbine characteristics. NOTE: nq with [rpm], [m3/s], [m] Eq. 
Flow rate at BEP in turbine 
mode to flow at pump BEP 8.0

P,opt
P,opt

T,opt 1
Q
Q

η
=  

12.1.1 

Head at BEP in turbine mode to 
head at pump BEP 2.1

P,opt
P,opt

T,opt 1
H
H

η
=  

12.1.2 

Specific speed in turbine mode 
to pump specific speed P,opt

P,q

T,q 95.0
n
n

η=  

12 < nq < 190 
 
[12.1] 

12.1.3 

Flow rate at BEP in turbine 
mode to flow at pump BEP 

4.15.2
Q
Q

P,opt,hP,opt

T,opt −
η

=       ± 7 % 12.1.4 

Head at BEP in turbine mode to 
head at pump BEP 

5.14.2
H
H

2
P,opt,h

P,opt

T,opt −
η

=     ± 14 % 12.1.5 

Specific speed in turbine mode 
to pump specific speed 

3.03.1
n
n

P,opt
P,q

T,q −η=       ± 10 % 12.1.6 

Efficiency at BEP in turbine 
mode to efficiency at pump BEP 200

n
16.1 P,q

P,opt

T,opt
−=

η

η
      ± 5 % 

volute pumps 
8 < nq < 70 
 
The scatter 
approximate-
ly represents 
the standard 
deviation 
[12. 4] 

12.1.7 

Runaway speed (M = 0) 
referred to pump speed 

5.0

P,opt

19.0
P,q

N

L
H

H
12

n
n
n =  

from data in 
[12.5] and 
[B.18] 

12.1.8 

Flow rate at runaway (M = 0); 
referred to turbine 400

n
3.0

Q
Q P,q

T,opt

L +=  acc. to [12.9] 12.1.9 

Head at runaway (M = 0); re-
ferred to turbine P,q

T,opt

L n002.055.0
H

H −=  
from data in 
[12.3] and 
[12.5] 

12.1.10 

Flow rate at runaway (M = 0); 
referred to pump 150

n
45.0

Q
Q P,q

P,opt

L +=  12.1.11 

Head at runaway (M = 0); re-
ferred to pump 

2

N

38.0

P,qP,opt

L
n
n

n
12

H
H =  12.1.12 

Flow rate at locked rotor (n = 0) 
referred to pump 

5.0

P,opt

28.0

P,qP,opt

w
H

H
n
41

Q
Q

=  12.1.13 

Torque at locked rotor (n = 0) 
referred to pump P,opt

22.0

P,qP,opt

w
H

H
n
120

M
M

=  

from data in 
[12.15] and 
[12.5] 
 
nq < 180 

12.1.14 

Turbine characteristic  ( )2
T

2
T,opt2

N,L
2

T,opt

N,LT,opt
T,optT QQ

QQ

HH
HH −

−

−
−=  12.1.15 

Required NPSHR of a turbine 
5.1

T,q
st,TR 45

n
H1.0NPSH =  12.1.16 
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12.1.4 Estimation of turbine characteristics from loss models 

An alternative to the performance prediction from statistical data is based on a loss 
analysis. This procedure is based on two steps: 
Step 1: Determine correlations for BEP flow and head from turbine test data. The 
calculations required for step 1 are given in Table 12.2 and described below: 

• Test data are available on a range of pumps running as turbines.  
• The leakage losses, disk friction and mechanical losses can be determined from 

Tables 3.5 to 3.7. 
• The flow at shock-free entrance can be calculated from the geometric parame-

ters by using Eq. (T12.2.1). The turbine BEP is expected to be close to the flow 
at shock-free entrance. The ratio Qopt,T/QSF can be correlated as a function of 
specific speed for different types of pumps. 

• The theoretical power is calculated from the individual losses, Eq. (T12.2.3). 
From this follows the theoretical head and the hydraulic efficiency. 

• The theoretical head can also be determined from the geometry of the machine 
by using Eq. (12.7). It depends on the effective radius r3,eff which is representa-
tive of the swirl entering the impeller. This radius is derived from the test data 
by varying the factor k3 in Eq. (T12.2.8) till the theoretical heads calculated 
from Eqs. (T12.2.5) and (12.7) do match exactly. k3 can subsequently be corre-
lated as a function of specific speed and type of pump. 

• In turbine operation there is accelerated flow in the volute casing (or diffuser). 
There is little or no flow separation. Consequently, the hydraulic losses Le in 
the casing can be estimated from simplified models as shown in Table 3.8. This 
leads to Eqs. (T12.2.10) to (T12.2.18).  Typical results are shown in Fig. 12.9; 
the data cover volute and diffuser pumps with nq = 21 to 32 and single and dou-
ble-entry impellers.  

• The impeller losses La can than be calculated from Eq. (T12.2.19): They are 
correlated in the form of ( La - La,opt) against Q/Qopt or Q/QSF as given by Eq. 
(T12.2.20). The impeller losses at the BEP in the turbine mode were as an aver-
age of 11 turbines La,opt = 0.042 with a range of La,opt = 0.02 to 0.08. Fig-
ure 12.10 shows a typical example of such a plot. The data comprise volute and 
diffuser pumps with single- and double-entry impellers with specific speeds in 
the range of nq = 14 to 52. From the shape of the curve in Fig. 12.10 it is con-
cluded that high shock looses occur at the impeller inlet. The behavior of the 
impeller losses of a turbine exhibits a noteworthy resemblance to the diffuser 
losses in pump operation (compare Figs. 4.7 and 12.10). It is also observed that 
the impeller losses of both diffuser and volute pumps behave in the same way. 

Step 2: Use the correlations determined in step 1 for turbine performance predic-
tion. The calculations required for step 2 are given in Table 12.3 and described be-
low: 

• Ascertain geometric data of pump and rated speed of turbine.  
 



728      12 Turbine operation, general characteristics 

Table 12.2 (1) Turbine test data evaluation Eq. 
Available: measured turbine performance curves. 
Goal: determine dimensionless parameters required for future performance predictions  

Flow rate at shock-free entrance 
q3Le2

B3B2q2eff,3
v2

B2q22
SF

Azr
costanfAr

tanfAu
Q αβ

+ητ

β
=  

12.2.1 

Correlate correction factor for flow 
rate at BEP in turbine mode 

)type,n(f
Q

Q
k q

SF

T,opt
f ==  12.2.2 

Theoretical power  Pth = P + PRR + Pm +Per +Ps3 12.2.3 

Volumetric efficiency 
T,opt

E2s1sT,opt
opt,v Q

QQQQ −−−
=η  12.2.4 

Theoretical head  
v

th
th Qg

PH
ηρ

=  12.2.5 

Hydraulic efficiency 
H

Hth
T,opt,h =η        12.2.6 

Correlate  )type,n(f q
P,opt,h

T,opt,h =
η
η  12.2.7 

Effective radius which gives the 
actual swirl acting on the impeller 3333eff,3 akerr ++=  d3 applies to diffusers 

dz applies to volutes 12.2.8 

Determine k3 so that it yields ex-
actly the same theoretical heads 
from Eqs. (12.7) and (T12.2.5) 

Correlate k3 = f(nq, type) 
expected: k3 = 0.2 to 0.5 12.2.9 

Friction loss in vaneless space −
αα

ζ
3

2
2

2

u3

3
2

33

2f
RL r

r1
u
c

cos sin b
r c 2=  12.2.10 

Wetted surface of volute ( )q3z
q32

wet dd
2

d
A +π=  12.2.11 

Volute loss coefficient 2
2

wet
3

volf
2

2

vol
vol

uQ
Acc

u
 Z2g =≡ζ  12.2.12 

Loss in inlet nozzle, tenta-
tively c = 0.04 λ+ζ=≡ζ

h
c

2

2

q3
2

2

d
d d

L
u
c

u
 Z2g  12.2.13 

V
ol

ut
es

 

Total loss in volute casing ( )
g2

u   = Z
2

2
dvolLRtotvol, ζ+ζ+ζ  12.2.14 

Loss in annular chamber  
2

2

d
dd u

c'ζ=ζ   tentatively 'dζ = 1.0 12.2.15 

Loss in return channels  
2

2

1m
RVRV u

c'ζ=ζ   tentatively 'RVζ = 1.5 12.2.16 

G
ui

de
 w

he
el

s 

Loss in diffuser channels  
2

2

3q
difdif u

c
'ζ=ζ   tentatively 'difζ = 0.1 12.2.17 
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Table 12.2 (2) Turbine test data evaluation 

Total loss in guide wheel (one 
stage) g2

u  
z

 = Z
2

2
diffRV

st

d
LRtotLe, ζ+ζ+ζ+ζ  12.2.18 

Losses in impeller and exhaust 
casing totvol,thLa Z-H- H= Z  12.2.19 

Impeller loss coefficient is corre-
lated against Q/Qopt or Q/QSF 

=ζ−ζ
SF

optLa,La Q
Qf  12.2.20 

Correlate impeller loss coefficient 
at BEP   

)type,n(f
u
 Z2g

q2
2

La
opt,La =≡ζ  12.2.21 

 
 

Table 12.3  Turbine performance prediction Eq. 
Available: pump geometry. 
Goal: determine turbine performance 

 

Flow rate at shock- 
free entrance 

q3Le2

B3B2q2eff,3
v2

B2q22
SF

Azr
costanfAr

tanfAu
Q αβ

+ητ

β
=  

12.3.1 

Flow rate at BEP 
in turbine mode Qopt = kf QSF )type,n(f

Q
Q

k q
SF

T,opt
f ==  12.3.2 

Theoretical head  
Hth = f(Q) 

−β
η

+α=
2*

11A
1qqLa

q3Lev
*
1

B3
2

eff3,

3qLe2

2
2

th dcos 
Afz

Azd
cos 

r
r

 
Azu

Q
g

 uH  

with r3,eff from Eqs. (T12.2.8) and (T12.2.9) 

12.3.3 

Diffuser or volute 
losses as function 
of flow: Le = f(Q) 

calculated from Table 12.2 or estimated from Fig. 12.9:  

Le = Le,opt q*2         and        
g2

u= Z
2

2
eLeL ζ  12.3.4 

Option A: at BEP: )type,n(f qopt,La =ζ   12.3.5 

)type,n(f q
P,opt,h

T,opt,h =
η
η  12.3.6 Impeller losses at 

BEP 
Option B:  
If option A is used, check 
that La,opt from Eq. (12.3.7) 
is positive opt,LeT,opt,hopt,La )1( ζ−η−ψ=ζ  12.3.7 

32
optLa,La *qc*qb*qa +++ζ=ζ  

the coefficients a, b, c are determined from a plot such as Fig. 12.10 
12.3.8 Impeller losses as 

function of flow: 
La = f(Q) 

ZLa = f(Q) g2
u= Z

2
2

aLaL ζ  12.3.9 

Head: H = f(Q) totcasing,Lath Z ZHH ++=  12.3.10 

Determine secon-
dary losses from 
Chap.3 

PRR, Pm, Ps3, Per , Qsp, QE 12.3.11 

Power: P = f(Q) P =  g Hth (Q  - Qsp - QE) - PRR - Pm -Per -Ps3 12.3.12 

Turbine efficiency 
 = f(Q) QH g  

P

 ρ
=η  12.3.13 
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• Calculate flow rate of shock-free entry, Eq. (T12.3.1). The ratio Qopt,T/QSF is 
expected for volute pumps in the range of 0.75 to 0.9 and for diffusers between 
0.9 and 1.0, decreasing with growing specific speed. 

• Determine best efficiency flow rate in turbine mode, Eq. (T12.3.2) from corre-
lation developed in Table 12.2, Eq. (T12.2.2) 

• Calculate theoretical head of turbine, Eq. (T12.3.3) 
• Calculate hydraulic losses in collector (volute or diffuser) as a function of the 

flow rate, step (T12.3.4)  
• Determine hydraulic losses in impeller at BEP according to option A or B, 

Eq. (T12.3.5) to Eq. (T12.3.7)  
• Determine hydraulic losses in impeller as a function of the flow rate, 

Eq. (T12.3.8) and (T12.3.9) 
• Calculate head as a function of flow rate, Eq. (T12.3.10) 
• Determine secondary losses PRR, Pm, Ps3, Per , Qsp, QE according to Chap. 3, 

step (T12.3.11) 
• Calculate power and efficiency, Eqs. (T12.3.12) and  (T12.3.13) 
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Fig.12.9. Diffuser and volute loss coefficients of various pumps operating as turbines 
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Fig.12.10. Impeller loss coefficients of various pumps operating as turbines 
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12.1.5 Behavior of turbines in plants 

Control: As mentioned when discussing Fig. 12.6, a turbine works at the intersec-
tion of the turbine and the system characteristics (the same as in pump operation, 
Chap. 11.1). Varying operation conditions can be achieved by means of throttle, 
bypass or speed control. Radial, semi-axial or axial machines can be controlled 
also by adjusting the guide vanes. 

Throttle control should be used if the operation point (D in Fig. 12.11) is above 
the turbine characteristic, that is to say if the flow rate Q1 fed to the turbine is 
smaller than the value corresponding to the point of intersection A of the system 
and the turbine characteristics: Q1 < QA according to Fig. 12.11. By this process 
the head difference ΔHDRV is throttled and the power Pv = ρ×g×ΔHDRV×Q1 is dissi-
pated. 
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Fig. 12.11. Turbine control by throttle or bypass 

A turbine of constant speed and fixed blade position cannot process a flow rate 
which is greater than the value at the point A given by the intersection of the sys-
tem characteristic with the turbine curve. If the process requires expanding a flow 
rate Q2 (point B in Fig. 12.11) which exceeds QA, the excess fluid ΔQ = Q2 - QB 
must be led through a bypass in which all of the head HB is throttled. The power 
Pv = ρ×g×HB×(Q2 - QB) is dissipated. Hence bypass control should be applied 
whenever the required operating point B of the system is below the turbine charac-
teristic. 

Regarding speed control, it should be noted that a higher flow rate requires a 
lower speed at a given head, as can be seen from Fig. 12.6. Note that the torque 
increases according to the ratio P/ . Speed control can be advantageous in cases 
where flow rate and head of the system behave in a way that allows the turbine 
always to be run close to the best point. Whether or not speed control is economi-
cally advantageous depends on how close together the runaway and resistance 
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characteristics are (here the specific speed has an effect) and which control range 
has to be used. In many cases runaway and resistance characteristics are too close 
together to allow a speed control over a sufficiently large range. 

With turbine characteristics as shown in Fig. 12.6, speed control at constant 
head covers an acceptable flow range. Likewise, it can be seen from Fig. 12.6 that 
with constant flow rate and variable head a relatively large control range could be 
covered. With a low flow rate and a high head a speed controlled turbine operates 
at low efficiencies at partload (low flow rates requires high speeds). In that case 
speed control offers only slight advantages (or none at all) over throttle control, 
(refer also to [12.6]). 

The control strategy to be selected for a given application is largely determined 
by the process. Frequently the exhaust pressures will be monitored (kept constant), 
the inlet pressure may be controlled by throttling and any excess liquid is ex-
panded through a bypass.  
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Fig. 12.12. Turbine control by adjustable versus fixed guide vanes; all efficiencies are re-
ferred to the design point of the turbine 
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Fig. 12.13. Turbine head and efficiency with adjustable guide vane control; all efficiencies 
and heads are referred to the design point of the turbine 
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In processes with large variations in flow rate adjustable guide vanes are suit-
able for control since they allow the operation of a turbine over a wide range at es-
sentially the same head with only slightly impaired efficiency at low flow. Fig-
ure 12.12 demonstrates this by comparing the flat envelope of the BEP 
efficiencies which are obtained by adjustable guide vane control to the efficiency 
curve with fixed guide vanes. Figure 12.13 depicts the head and efficiency charac-
teristics at various guide vane positions. Both figures confirm that a turbine with 
adjustable guide vanes can well be operated in ranges which would be impossible 
to reach with fixed guide vanes. 
Modification of turbine characteristics: During pump operation, a reduction in 
the impeller diameter (“impeller trimming”) allows a very effective reduction of 
the power consumption and the head. In contrast, the turbine characteristic near 
the best efficiency point is little affected by impeller trimming. Equation (12.7) 
supplies the explanation for this experimental finding: if the impeller diameter is 
reduced from d2 to d2′, the tip speed u2′ decreases, but c2u increases according to 
Eq. (12.2) by the factor d2/d2′ due to the conservation of angular momentum. 
Therefore we find u2′×c2u′/(u2×c2u)  1. Hence the theoretical specific work virtu-
ally does not change upon impeller trimming. 

As a consequence of impeller trimming, the runaway head drops to 
HL′/HL  (d2′/d2)2 and the efficiency at partload improves, (tests reported in [12.5] 
and [12.14]). However, the shape of the runaway characteristic does not change 
considerably. The turbine characteristic at locked rotor (n = 0) upon impeller 
trimming shifts to lower flow rates (at H = constant), [12.5]. So the resistance at 
n = 0 increases with impeller trimming. The turbine characteristic at locked rotor 
and the overload characteristic therefore become steeper. 

It follows from Eq. (12.7) that the specific work at a given flow rate is reduced 
by opening the collector throat area (cross-section A3q) and the characteristic be-
comes flatter. If the required turbine flow rate cannot be achieved (or if the flow 
should be increased in order to increase the power), the collector throat area must 
consequently be enlarged. If a steeper characteristic or a lower flow rate is re-
quired, A3q has to be reduced accordingly. The extent of the required modification 
can be estimated from Eq. (12.7). Changing the throat area (or the “nozzle”) is a 
very effective way to modify the turbine characteristics and to adapt a given ma-
chine to the required service. The effect of modifying the throat area on the char-
acteristics can be appreciated by considering Fig. 12.13. 

When applying multistage pumps as turbines, it is recommended to design the 
machine for easy removal or addition of one stage. It is then possible to adapt the 
turbine to the plant requirements with little cost. By adding a stage the operation 
point of the turbine is shifted to lower flows (at constant head). Vice versa the 
flow through the turbine and the power generated can be increased by removing 
one stage. At constant flow the power would be proportional to the number of 
stages.  The output of a turbine can be increased by designing a special turbine 
impeller with more blades and higher blade outlet angles, Fig. 12.21. 

By cutting back the runner vanes at the turbine outlet, A1q can be increased and 
a flatter characteristic can be achieved. This remedy is supposed to be helpful es-
pecially at higher specific speeds; its effect can be assessed from Eq. (12.7). 
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By sharpening the blades at the impeller outer diameter, the angle β2B can pos-
sibly be increased and the point of shock-free entry and the BEP be shifted to-
wards a slightly higher flow rate. Hopt increases but H(Q) remains roughly the 
same. 
Application guidelines:  
1. In turbine operation a minimum back pressure must be available at the exhaust 
nozzle in order to avoid cavitation problems such as noise, vibrations or material 
erosion. According to a diagram in [12.11], the required NPSH of a turbine can be 
estimated from Eq. (T12.1.16). Another rule of thumb states that the NPSHR in 
turbine operation is 35 to 50% of the NPSHR of the pump. The NPSH of the plant 
must be above the required NPSHR by an appropriate safety margin. For example, 
50% of the margin recommended in Table 6.2 could be used for turbines. 
2. Considerably smaller radial forces can be expected in turbine operation than in 
the pump, because the fluid passes through the volute without flow separation and, 
as a result, important disturbances in the circumferential symmetry do not occur.  
3. The axial forces in turbine operation hardly depend on the flow rate according 
to measurements in [12.3]; they were 40 to 70% of the axial forces at the best effi-
ciency point of the pump in the machines investigated in [12.3]. 
4. Impeller design: the impeller blades and shrouds should be rounded according 
to Fig. 12.14. This reduces the losses created when the fluid enters the impeller 
and consequently improves the efficiency at BEP by 1 to 2%. In partload opera-
tion the efficiency gain is even greater owing to reduced shock losses, [B.9] and 
[12.14]. 
5. As the efficiency decreases rapidly at partload but remains flat for Q > Qopt,T, 
partload operation is disadvantageous; therefore do not oversize turbines! 
6. Turbine performance can be improved by employing special impellers which 
have more blades and higher blade outlet angles than commonly selected for 
pumps, Fig. 12.21. 
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Fig. 12.14. Rounding of blades and shroud edges on the runner outer diameter for turbine 
operation 

12.2 General characteristics 

According to the definitions given above, a centrifugal pump works with positive 
direction of flow and rotation when operating as a pump, whereas it runs in the 
negative direction of flow and rotation as a turbine. In both cases the pressure in 
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the discharge nozzle is higher than in the suction nozzle. This condition will be 
termed as “positive head”. The torque is counted as positive as well. 

In theory it is possible for n, Q, H and M to assume any one of 16 combinations 
of positive and negative signs. Eight of them are significant in practice, because 
they can occur in transients and in upset or abnormal operation conditions, [12.13] 
and [12.15]. Some examples of such conditions are: (1) reverse running of a pump 
caused by back-flow from the discharge pipe following a power failure; (2) start-
up of a pump against a back-flow from the discharge pipe; (3) wrong sense of ro-
tation; (4) flow, without power supply from the driver under an imposed positive 
or negative pressure difference.  

The analysis of water hammer following a power failure (Chap. 11.5) or of up-
set conditions such as the flow through a pump after a pipe rupture has to rely on 
quantitative data concerning the pump behavior under all possible rotation and 
flow directions (termed “general characteristics”). 

According to [B.2] the mentioned eight operation modes of practical interest, A 
to H, can be represented in the four quadrants of a coordinate system with the flow 
rate as abscissa and the speed as ordinate, Fig. 12.16. All values are in relation to 
the performance data at the BEP during operation as a pump. The same conditions 
are represented also in Fig. 12.15 for the positive and the negative sense of rota-
tion. The eight operation modes of practical interest are shown in Fig. 12.16; they 
are discussed in the following. 

.

4

3

2

1

0

-1

-2

4

3

2

1

0

-1

-2

b)a) 

42 0 -2 3 10-2 -1 2 

M/Mopt,P 

H/Hopt,P

H/Hopt,P 

M/Mopt,P

Q/Qopt,PQ/Qopt,P 

A HB G F CDE

 
Fig. 12.15. General characteristics presenting head and torque as a function of the flow rate; 
a positive sense of rotation; b negative sense of rotation; M = torque 

A. Normal operation as a pump between maximum flow rate Qmax at H = 0 and 
operation against closed discharge valve with Ho. If the pressure against which the 
pump delivers increases, the operation point runs back on the characteristic until at 
H = Ho the point Q = 0 is reached and the flow is stopped 
B. If the discharge pressure exceeds Ho, the fluid flows back through the pump, 
even though the rotor is driven in the positive direction because the impeller is un-
able to sustain any externally imposed head H > Ho. Head and torque are positive. 
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All of the power supplied at the coupling is dissipated. The hydraulic energy re-
sulting from the through-flow QR and the head difference between the discharge 
and suction nozzles (ρ×g×H×QR) is dissipated too. The pump is running in the 
“brake mode”. This condition occurs for a short time if there is a power failure and 
the discharge pipe is not equipped with a check valve (or the valve fails to close). 
C. Normal operation as a turbine in the range between runaway and locked rotor 
characteristics, Chap. 12.1. In the representation shown in Figs. 12.11 and 12.17 
the operation points of the locked rotor characteristic are placed on the abscissa 
(n = 0); the runaway speeds are to be found on the straight line with M = 0.  
D. If the flow rate is too low (Q < QL) for overcoming the idling or runaway tor-
que of the machine, external torque must be applied to the rotor in order to process 
the flow rate 0 < Q < QL. The turbine works as a brake and dissipates energy. 
Consequently this operation range is between the runaway characteristic of the 
turbine and the ordinate, Fig. 12.4. 
E. If the pressure in the discharge nozzle drops further, the machine pumps from 
the suction to the discharge nozzle (Q > 0) with an abnormal sense of rotation. 
This occurs, for example, if the poles of an electric motor are connected wrongly 
or a double-entry impeller is mounted on the shaft in the wrong way. Because of 
important shock losses caused by excessive incidence, head and efficiency are 
greatly reduced in that case. 
F. If the pressure in the discharge nozzle drops below the pressure prevalent in the 
suction nozzle (i.e. H becomes negative), the pump runs with an abnormal sense 
of rotation and works as a brake. 
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Fig. 12.16. Operation modes, [B.2]; T = torque 
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Fig. 12.17. General characteristic of a double-entry pump nq = 36, [B.2]; T = torque 

G. If the pressure in the suction nozzle is sufficiently high above the pressure in 
the discharge nozzle (i.e. if a sufficiently high negative head is available), the ma-
chine works with a positive sense of rotation as a turbine (with an abnormal direc-
tion of turbine rotation). This occurs for instance with two (or more) pumps con-
nected in series, if the drive of the second pump fails and the upstream pump 
forces fluid through the machine left without drive. Another example of an upset 
condition is a rupture of the discharge pipeline when the suction or system pres-
sure is sufficiently high (e.g. in primary coolant system of a reactor). 
H. Between that range where the rotor can deliver power as a turbine and the limit 
H = 0 of normal pump operation, both the energy difference prevalent between the 
suction and the discharge nozzle and the power at the coupling are dissipated. 

 + Q entering suction nozzle 
 - Q entering discharge  
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 + H higher head at  
         discharge nozzle 
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Fig. 12.18. General characteristics of a semi-axial pump nq = 145, [B.2]; T = torque 

In Figs. 12.17 to Fig. 12.19 from [B.2], the general characteristics are plotted in 
accordance with the four-quadrant representation for the specific speeds nq = 36, 
145 and 260. In the absence of specific test results these diagrams facilitate a 
rough estimation of the operation conditions to be expected during upset and tran-
sient conditions. Measurements at abnormal operation conditions are found in 
[12.15] and [12.16]. For the detailed analysis of water hammer problems and upset 
conditions computer programs are used which require the general characteristics 
to be represented in appropriate form, [12.15], [12.16] and [11.6]. 
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Fig. 12.19. General characteristic of an axial pump nq = 260, [B.2] 

An example of an operational transient is shown in Fig. 12.20 where the rotor 
speed, flow rate and head experienced upon a failure of the pump drive are plotted 
against the time. Assume that with t < 0 the pump operates at the design point and 
that at the time t = 0 there is a drive failure and that there is no check valve. Owing 
to the inertia of the rotating masses and the flowing liquid, a positive flow is ini-
tially being maintained upon the drive failure.  

The machine in this range is still working as a pump. When the rotor has decel-
erated to the extent that it is unable to produce sufficient head, the flow direction 
is reversed (in Fig. 12.20 for t > 10 s) and the machine will work as a brake. As 
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soon as the kinetic energy of the rotor is exhausted (i.e. when the point n = 0 is 
reached; in Fig. 12.20 at t ≈ 18 s), the rotor is driven by the fluid and the machine 
will run as a turbine (though without delivering useful power).  

The pressures experienced at the nozzles of the pump are largely determined by 
pressure waves (“water hammer”). During the transient the relation between 
speed, flow rate and head can therefore not be derived any more from the similar-
ity laws. 
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Fig. 12.20. Time-dependent speed, head and flow rate after failure of the pump drive in a 
system without check valve or flow restriction devices  

 
 

Fig. 12.21. Double-outlet turbine runner with 14 blades 



13 Influence of the medium on performance 

13.1 Pumping highly viscous fluids 

13.1.1 Effect of viscosity on losses and performance characteristics 

When a centrifugal pump is used for transporting a fluid with a viscosity much 
higher than cold water, additional losses impair the performance. Therefore, the 
pump characteristics determined for water must not be applied without correction 
to pumping highly viscous fluids as encountered for example in the oil and proc-
ess industry.  

At a sufficiently high viscosity ν the flow regime becomes laminar. Depending 
on the size and the speed of the pump, the transition from turbulent to laminar 
flow occurs at about ν = 10-4 m2/s. For ν < 10-5 m2/s the viscosity influence is 
small; therefore, the methods of efficiency scaling explained in Chap. 3.10 may be 
applied in this range. 

How the performance data and pump characteristics are changed from service 
with water (subscript w) to operation with a viscous fluid (subscript v) is calcu-
lated by empirical methods. To this end, Eq. (13.1) defines correction factors for 
flow rate, head and efficiency (similar to Chap. 3.10.3): 

w

v
Q Q

Qf =               
w

v
H H

H
f =                   

w

vf
η
η

=η  (13.1) 

Prior to discussing the empirical methods in detail, let us examine some general 
principles concerning the physical phenomena involved and the magnitude of the 
losses to be expected. Consider the impact of high viscosities on the power bal-
ance of a pump and the secondary losses according to Chaps. 3.5 and 3.6: 

1. The mechanical losses are independent of the properties of the medium deliv-
ered; for pumping a viscous fluid they are the same as for pumping water. 

2. Leakage losses through the annular seals diminish with decreasing Reynolds 
number or growing viscosity. However, this drop is less important than would 
be expected from calculating with the viscosity prevalent at the temperature in 
the suction nozzle: As discussed in Chap. 3.6.2 high shear stresses are gener-
ated in the narrow gaps of annular seals. Per surface unit the mechanical energy 
Pd/A = τo×w is dissipated into heat (τo is the wall shear stress). Consequently, 
extreme shear stresses in an annular seal inevitably result in heating up of the 
medium flowing through the gap. The more so, because the flow through the 
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gap is small and the thermal transport properties of oil are not as good as those 
of water.1 Since the viscosity of oil decreases strongly with rising temperature, 
the viscosity in the seal drops to values lower than at the temperature in the 
suction nozzle. Therefore, it may be assumed that the leakage losses slightly 
diminish with increasing viscosity, but that their overall impact on the effi-
ciency is small when changing from operation with water to a viscous fluid. 
Changes in volumetric efficiency may thus be conservatively neglected. 

3. Disk friction losses grow with decreasing Reynolds number or increasing vis-
cosity. Their influence on the efficiency is very important, as will be shown 
later on, especially with low specific speeds. 

4. The hydraulic losses in inlet, impeller and volute or diffuser according to 
Chap. 3.8 are made up by friction losses which depend on the Reynolds num-
ber and by losses due to turbulent dissipation which are virtually independent 
of the Reynolds number. 

5. As mentioned above, the flow regime of highly viscous fluids tends to be lami-
nar. That is why the roughness of the impeller sidewalls and of the hydraulic 
channels is of little importance for operation with highly viscous fluids. 

Disk friction losses and friction losses in the hydraulic channels are the control-
ling factors in viscous pumping. They can be estimated in accordance with 
Chap. 3 as follows: 

Disk friction losses: The impact of disk friction can be determined from Ta-
ble 3.6, calculating the friction factor kRR from Eq. (T3.6.3)2. The ratio PRR/Pu of 
the disk friction losses PRR to the useful power Pu of an impeller is derived from 
Eq. (T3.5.13). Figure 13.1 shows this ratio as a function of the viscosity with the 
specific speed as a parameter.  
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Fig. 13.1. Influence of the viscosity on the disk friction losses; calculated with ψopt = 1, 
n = 1450 rpm, d2 = 400 mm and sax/r2 = 0.035 

                                                           
1 The term “oil” in the following text is meant to include all highly viscous fluids. 
2 This equation covers the whole range from laminar to fully turbulent flow. 
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The following data have been assumed for this calculation: head coefficient 
ψopt = 1, n = 1450 rpm, d2 = 400 mm and sax/r2 = 0.035. The character of the 
curves in Fig. 13.1 depends little on these assumptions. If the viscosity increases 
from 10-6 to 3×10-3 m2/s, the ratio of the disk friction to the useful power grows by 
a factor of 30. At a specific speed of nq = 10, disk friction losses are about 10-
times larger than the useful power. Even at nq = 45, the disk friction still amounts 
to 50% of the useful power if the viscosity reaches 3×10-3 m2/s. The power con-
sumption of the pump increases over the whole flow rate range by the difference 
in disk friction losses ΔPRR = (PRR,v - PRR,w). The power curve thus shifts upward 
nearly parallel to the curve for water. 

Disregarding any other influences, let us now consider how disk friction losses 
alone affect the efficiency when the pump operation is changed from water to oil. 
The efficiency of a single-stage pump can be defined according to Table 3.5 (with 
PRec = Ps3 = Per = 0) by the approximate expression:  

u

RR

hvol

m

P
P1 +

ηη

η≈η  
(13.2) 

Assuming ηvol ηh = 0.86, the calculation with the values for PRR/Pu from Fig. 13.1 
yields the efficiency correction factors shown in Fig. 13.2. These factors include 
solely the effect of the higher disk friction resulting from growing viscosity (the 
mechanical efficiency cancels if the factor fη is formed). 

From these considerations as well as from Fig. 13.2, it is evident that the in-
crease in power consumption and the drop in efficiency of a pump in viscous ser-
vice depend strongly on the specific speed – and this alone due to the effect of 
disk friction. 

Hydraulic losses: The influence of the viscosity on the hydraulic losses is dis-
cussed with reference to Chap. 3.10.3, where these losses are considered as the 
sum of Reynolds-dependent friction losses ZR and mixing losses ZM which do not  

0.0

0.2

0.4

0.6

0.8

1.0

1.E-06 1.E-05 1.E-04 1.E-03 1.E-02

Kinematic viscosity [m2/s]

f η
R

R

nq =10

nq = 20

nq = 45

  
Fig. 13.2. Influence of the disk friction losses on the efficiency; calculated with ψopt = 1, 
n = 1450 rpm, d2 = 400 mm and sax/r2 = 0.035 
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depend on the viscosity. Consequently, the theoretical head for operation with wa-
ter and a highly viscous fluid can be expressed as (see also Table 3.8): 

v,Mv,Rvw,Mw,Rwth ZZHZZHH ++=++=  (13.3) 

In Eq. (13.3) it is assumed that the viscosity has no influence on the slip factor, 
hence none on the theoretical head either. According to tests in [13.1] on a pump 
with nq = 30, this assumption seems to be justifiable even at ν = 1200×10-6 m2/s 
(at least as a first approximation). 

Since the mixing losses are considered to be independent of the Reynolds 
number, ZM,v = ZM,w in Eq. (13.3) cancels. Hence it is possible to relate Hv to Hw 
in terms of the multiplier fH defined in Eq. (13.1):  
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Equations (13.3) and (13.4) apply at any specific flow rate Qx, i.e. for a given 
theoretical head. However, at the reduced flow Qv the theoretical head higher than 
at Qw as demonstrated by Fig. 13.3. This implies that the hydraulic efficiency is 
lower than fH if the slip is not affected by the viscosity, Eq. (13.4a). In contrast, if 
the slip factor diminishes ( v < w), the factors f h and fH come closer together. 
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Fig. 13.3. Derivation of hydraulic efficiency factor 

If the ratio of the friction losses to the head in operation with water ZR,w/Hw is 
known, the head loss in pumping viscous fluids can be estimated from Eq. (13.4). 
Head correction factors have been calculated in this way for the above example. 
The result is shown in Fig. 13.4 where the ratio of the friction losses to the head 
ZR,w/Hw was used as a parameter.  

With reference to Chap. 3.10.3, the efficiency correction factor given by 
Eq. (13.5) can be derived from Eqs. (13.2 and 13.4):  
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Fig. 13.4. Influence of the viscosity on the hydraulic losses; calculated with ψopt = 1, 
n = 1450 rpm, d2 = 400 mm and sax/r2 = 0.035 

The efficiency correction factor includes the effects of disk friction, hydraulic 
losses and volumetric losses. The ratio of the disk friction coefficients in viscous 
pumping to those in water is calculated from Eq. (T3.10.9) which includes the fac-
tor ftherm accounting for the viscosity decrease in the impeller sidewall gaps. This 
drop is caused by high shear stresses which raise the temperature in the boundary 
layers due to dissipation, as has been explained above when discussing the volu-
metric losses, [13.2]. Consequently, the wall friction at very high viscosities is 
smaller than would be predicted by calculating with the nominal temperature pre-
vailing in the suction nozzle. From tests reported in [13.2], it may be concluded 
that at viscosities above about 400×10-6 m2/s the fluid is heated appreciably due to 
the dissipation caused by shear stresses. Based on these tests and an analysis of 
data from tests with pumps operating with highly viscous fluids, an empirical fac-
tor ftherm has been derived in [13.31] that allows estimating how much the disk 
friction is reduced because of thermal effects: 

ν
ν×−= −

34.1

Ref

5
therm 102expf           with    νRef = 10-6 m2/s (13.6) 

The thermal effects depend on several parameters: 

1. Heat removal from the fluid owing to convection and conduction through the 
impeller shrouds and the casing. 

2. Heat removal via the leakages through the impeller sidewall gap. 
3. Heat transfer properties of the pumped fluid (thermal conductivity, specific 

heat, Prandtl number) 
4. Dependency of the viscosity on temperature: ν = f(T) 
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5. Because of different transport properties, some substances – e.g. oil and molas-
ses − behave in different ways even though they may have the same viscosity. 

Given all of these influences and the lack of precise data, Eq. (13.6) has to be con-
sidered as a rough approximation only. 

The efficiency correction factor given by Fig. 13.5 was derived for fQ ≈ fH by 
means of Eq. (13.5).  
Figure 13.5 shows once more the great impact of the specific speed. Moreover, 
the efficiency impairments calculated from this theoretical treatment of losses are 
similar to those resulting from the tests in Fig. 13.7 below. 
Characteristics: Figure 13.6a shows how the characteristics are changed when 
highly viscous fluids are pumped as compared with water transport. If the charac-
teristics for viscous fluids are referred to the data at the best efficiency point 
(BEP) with water pumping, the multipliers according to Eq. (13.1) can be read di-
rectly from this plot. Suppose that curve 1 in Fig. 13.6a shows the characteristics 
measured with water that correspond to the a hydraulic efficiency of ηh,w = 0.9. 
Imagine that the same pump operates with appreciably higher hydraulic losses, 
such as could be caused by excessive surface roughness, throttling or indeed by a 
higher viscosity. As a consequence, the Q-H-curve may degrade down to curve 2. 
Higher hydraulic losses cause the best efficiency point to shift to lower flow rates. 
According to Chap. 4.2 it might be expected (as a first approximation) that the 
BEP moves along line 3 which represents the volute/diffuser characteristics. 

Figure 13.7 shows test results from [13.1] performed on a single-stage volute 
pump nq = 30 which confirm this assumption quite well (as demonstrated by the 
volute characteristic and its intersection with the curve for 1200 mm2/s).  

Likewise, tests with viscosities up to 3000 mm2/s on three single-stage volute 
pumps of nq = 12, 22 and 45 yielded best efficiency points that were close to the 
values resulting from the volute characteristics, [13.3]. If such is the case, it fol-
lows that fH = fQ applies. 
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Fig. 13.5. Influence of the viscosity on the efficiency; calculated with ψopt = 1, 
n = 1450 rpm, d2 = 400 mm and sax/r2 = 0.035. The figures in parentheses represent the 
fraction of friction losses in water ZR,w/Hw. 
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Fig. 13.6. Change of performance curves when pumping highly viscous fluids 
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Fig. 13.7. Characteristics of a single-stage volute pump measured with different viscosities, 
nq = 30, [13.1] 
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Theoretically, the formulae given in Table 4.1 for calculating the best effi-
ciency flow do not allow a prediction of the BEP in viscous fluids from the collec-
tor characteristic, because the hydraulic efficiency cancels in the equations. Em-
pirically, an estimation of the BEP flow rate is possible by drawing a straight line, 
representing the volute/diffuser characteristic, from the origin to the BEP with wa-
ter and then calculating the head for pumping viscous fluids from Eq. (13.7): 

Hw
w,h

v,h
wv fHHH =

η
η

=  (13.7) 

With viscous fluids the power consumption shifts upwards, roughly parallel to 
the curve for pumping water, as shown in Fig. 13.6b. At flow rates near Q = 0 the 
power increase is lower because the fluid is heated in the pump. The power in-
crease caused by viscous fluids is almost entirely due to greater disk friction 
losses on the impeller shrouds and annular seals, because the theoretical head Hth 
(and consequently Pth) remain essentially constant. 

Thus the effect of viscosity on the individual losses and the efficiency as well 
as on the BEP can be estimated by means of the formulae from Chaps. 3.6, 3.8, 
3.10.3 and 4.2 as discussed above. This procedure allows the specific design pa-
rameters of any pump to be taken into account. Conversely, only empirical meth-
ods (or possibly CFD) can be relied upon for investigating the drop in viscosity 
caused by the local heating of the boundary layers.  

13.1.2 Estimation of viscous performance from the characteristics 
measured with water 

The discussion in Chap. 13.1.1 demonstrates (as could be expected a priori) that 
the hydraulic losses and the efficiency of a pump operating with viscous fluids 
depend on the Reynolds number and the specific speed. The latter reflects, as a 
first approximation, the geometry of the hydraulic channels and the distribution of 
losses. In addition, the flow rate ratio q* may be expected to have an influence. 
Therefore, the correction factors defined by Eq. (13.1) are in general terms de-
scribed by the expression:  

)*,q,d,H,Q,n(f*)q,n(Re,ff 2qx ν==   
For estimating the performance with highly viscous fluids from test data measured 
with water, two methods are available: A) Loss analysis; B) Various empirical 
procedures. 

13.1.2.1 Loss analysis 

If sufficient geometrical data of the pump to be investigated are available, a loss 
analysis as described in Chap. 3.10.3 and Table 3.10 promises to yield the most 
accurate results. Nevertheless, it is always advisable to compare the results with 
empirical methods since the local variations of viscosity resulting from thermal ef-
fects are difficult to capture. 
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The test data reported in [13.1; 13.4 and 13.32 to 13.34] have been compared to 
the predictions of the loss analysis method. This comparison has been discussed in 
detail in [3.31 and 13.31]. The results are given in Figs. 13.8 and 13.9 which show 
the correction factors for efficiency and head as measured and as predicted from 
the loss analysis. In order to determine the influences of Reynolds number, pump 
type (single- or double-entry) and specific speed, these correction factors are plot-
ted against a modified Reynolds number which is defined by Eq. (13.8): 

75.0
q

5.1
smod fReRe ω=  (13.8) 

The test data plotted in Fig. 13.8 and Fig. 13.9 cover the following range: 
250 < Remod < 107 or 1500 < Re < 108; 140 < d2< 510; 1 < ν < 3000×10-6 m2/s; 
0.28 < ηopt < 0.86; 6 < nq < 45. The standard deviation between calculated and 
measured data is about ± 15%. A more accurate prediction method has not yet 
been published. Figure 13.7 can be used for performance prediction as well as 
Eqs. (T13.1.3 and 13.1.4). 

0.0

0.2

0.4

0.6

0.8

1.0

1.E+02 1.E+03 1.E+04 1.E+05 1.E+06 1.E+07

Remod = Re ωs
1.5 fq

0.75          [-]

f η
   

 [-
]

Loss analysis
Test
Correlation

  
Fig. 13.8. Efficiency correction factor, comparison of loss analysis with experiment 

0.4

0.5

0.6

0.7

0.8

0.9

1.0

1.E+02 1.E+03 1.E+04 1.E+05 1.E+06 1.E+07

Remod = Re ωs
1.5 fq

0.75         [-]

f H
   

 [-
] Loss analysis

Test
Correlation

  
Fig. 13.9. Head correction factor, comparison of loss analysis with experiment 
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For carrying out the loss analysis, Eqs. (T3.10.1 to 3.10.20) are solved step by 
step. In this way, the factors fH and fη for the BEP are obtained. Subsequently, the 
pump characteristics are determined as described in Chap. 13.1.2.3. 

Since the loss analysis method usually relies on various assumptions (e.g. ac-
tual roughness), it is recommended to apply appropriate margins on head and 
power. In an actual application, a sensitivity study may be made to investigate 
how the performance of the selected pump responds to the various assumptions. 

13.1.2.2 Empirical correlation of data gained from a loss analysis 

The average curves in Figs. 13.8 and 13.9 can be represented by Eqs. (13.9 and 
13.10). The upper and lower envelopes of the data are described by 
Eqs. (T13.1.3 to T13.1.4) with the appropriate exponents x and y as given in Ta-
ble 13.1. These envelopes can help to assess the uncertainty of viscous perform-
ance predictions and to define suitable margins. In that regard, this methods is su-  

y
modRef −

η =                with          
705.0

modRe

19y =  (13.9) 

x
modopt,H Ref −=            with         735.0

modRe
6.7x =  (13.10) 

perior to others. If an exact loss analysis is not required, the performance charac-
teristics measured with water can be converted into those relevant for viscous flu-
ids by calculating the correction factors from Eqs. (13.9 to 13.10) or reading them 
from Figs. 13.8 and 13.9. 

13.1.2.3 Calculation of viscous performance characteristics 

The method for predicting the performance characteristics for viscous pumping is 
presented in Table 13.1 which comprises the necessary formulae, a tabular format 
for doing the calculation and a sketch that shows how the points shift from water 
to viscous performance. The procedure is as follows: 

1. Take the performance curves measured (or calculated) for cold water.  
2. The correction factors fH, fη for the best efficiency point Qopt are determined ei-

ther by loss analysis, according to Eqs. (T13.1.3 to 13.1.4), or by one of the 
empirical calculation methods presented in Tables 13.2(1) or 13.2(2).  

3. The flow rate at the best efficiency point for viscous flow results from fQ = fH. 
The available tests show this to be on average the best assumption, although 
deviations from this average are observed.  

4. As schematically shown by the figure in Table 13.1, the data with water (Qw, 
Hw, and ηw) are read for various flow rates (e.g. for q* = 1.0/0.8/0.6 and 1.2) 
from the water characteristics and multiplied by said correction factors. 
Whereas the factors fQ, and fη are independent of q*, fH(q*) must be calculated 
according to according to Eq. (T13.1.6). 
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Table 13.1 Estimation of characteristics for pumping viscous fluids Eq. 
Calculation options: 
1. Loss analysis according to Table 3.10 
2. Correlations according to Figs. 13.8 and 13.9 and Eqs. (T13.1.1 to 13.1.4) 
3. Empirical correction factors according to Table 13.2 

 

Reynolds number 
ν

ω=
ν

=
2
22 r  ru Re  13.1.1 

Modified Reynolds number  75.0
q

5.1
smod fReRe ω=  13.1.2 

Exponent x 
Mean Max.  Min. Correction factor for head Hopt 

according to Fig. 13.9 [ ]
−

=
x

modRe

6.7

modopt,H Ref  0.735 0.81 0.68 
13.1.3 

Exponent y 
Mean Max.  Min. Correction factor for efficiency 

according to Fig. 13.8 [ ]
−

=η

y)mod(Re

19

modRef  0.705 0.77 0.65 
13.1.4 

Correction factor for flow rate fQ = fH,opt 13.1.5 

Correction factor for head 
for q* ≠ 1 

75.0
opt,HH *)q)(f1(1*)q(f −−=

BEPQ
Q*q =  13.1.6 

Power consumption 
v

vvv
v

HQgP
η

ρ=  
η

=
f

ff
f HQ

P  13.1.7 

Correction factor for the re-
quired NPSH3 (to be applied at 
Q = constant) 3

2
m1

w,f

v,f
ENPSH NPSHg2

c
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1f ζ+=

Axial inlet: 
ζE = 0.1 to 0.15 
Radial inlet: 
ζE = 0.25 to 0.5 

13.1.8 

Given: n, Qopt,w, Hopt,w, ηopt,w, ν, nq, ρ.            Subscript: w = water, v = viscous fluid 
 Water characteristics Correction factors Characteristics for viscous fluid 
Eq.  13.1.5 13.1.6 13.1.4 Qv =fQ Qw Hv =fH Hw ηv=fη ηw 13.1.7 
qw* Qw Hw ηw fQ fH fη Qv Hv ηv Pv 
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Range of validity: 
• Kinematic viscosity up to 4000×10-6 m2/s 
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stage pumps calculate with head per stage 
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5. The shut-off head with oil does not differ much from that with water; some-
times it is slightly lower. 

6. For multi-stage pumps the head per stage must be used. 
7. For calculating the power, the actual density of the pumped fluid (not the den-

sity of water) has to be inserted into Eq. (T13.1.7). From Eq. (T13.1.7) it is 
evident that a factor for the power can be derived too. This factor is defined as 
fP = fQ×fH/fη. 

8. Assess uncertainties and define adequate margins by means of Eqs. (T13.1.3) 
and (T13.1.4). Using the different exponents for x and y, the expected (aver-
age) value and the upper and lower limits of the correction factors can be cal-
culated for this purpose.  

If only the viscous performance data Qv and Hv are specified, the pump design 
data Qw and Hw for pumping water must be calculated by iteration according to 
Eq. (13.11): 

Q

v
w f

Q
Q =         and      

H

v
w f

H
H =  (13.11) 

The easiest way to get a first estimate for fQ = fH is from Eq. (T13.2.2) by insert-
ing Q = Qv and H = Hv into Eq. (T13.2.1); this, because neither the impeller di-
ameter nor the specific speed are known at the outset. The factors fQ and fH are 
corrected afterwards by iteration. 

13.1.2.4 Empirical procedures 

The empirical procedure according to [N.4] has been replaced by [N.11]. Since 
[N.4] has been in use for decades, it is presented in order to allow comparisons. 
The correction factors used in [N.4] were by and large derived from tests with 
single-stage pumps. The results had been presented in a generic form in graphs. 

The procedure published in [N.4] yields the correction factors as a function of 
Q, H, ν and q*. Q, H and ν are implicitly included in a parameter BHI defined by 
Eq. (T13.2.1). If all values are inserted in this equation in consistent units, the re-
sult is a dimensionless number that corresponds to BHI ∼ 1/Re0.5. BHI is thus a 
physically meaningful parameter for laminar flow.1 The specific speed whose im-
pact on the losses of a pump is very important (as explained in Chap. 13.1) does 
not explicitly enter in the calculation. This is a disadvantage of the procedure.  

The procedure described in [B.5] is quite similar, but it includes the influence 
of the specific speed in the parameter B, see Eq. (T13.2.1 right column), [13.3]. 
For the specific speed of nq = 15 the parameters B and BHI are equal. However, 
the graph published in [B.5] does not take into account the influence of the ratio 
q* of the actual flow rate to the flow at the BEP. 

                                                           
1 This can be verified by inserting into Eq. (T13.2.1) Q ~ n×d3 and H ~ n2×d2 and 

Re ~ n×d2/ν according to the similarity laws listed in Table 3.4. 
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By using mathematical expressions (instead of graphs), the influence of the ra-
tio q* can be taken into account. The representation by formulae is preferable to a 
graph with regard to using computers or pocket calculators. To this end, Ta-
ble 13.2 gives all the necessary equations for calculating the correction factors. 
Once these factors have been determined, the rest of the calculation can be done 
in the way shown in Table 13.1. 

Using the procedure described in [B.5] attention has to be paid to the following 
points: For impellers with expeller vanes fη is derived from Eq. (T13.2.5). For cal-
culating impellers without expeller vanes the expression fη,o = 0.4 + 0.6×fη is sug-
gested in [B.5] (according to that expression fη cannot be less than 0.4, which sets 
a limit to the validity of the formula). 

The influence of the specific speed is manifest, according to [B.5], in each of 
the three factors. The reason for fη dropping with decreasing specific speed can be 
seen in the disk friction losses (see Chap. 13.1.1). But it is hard to explain why fη 
should drop between nq = 30 and nq = 45 as much as between nq = 25 and nq = 6. 
The portion of the friction losses decreases with rising specific speed, whereas the 
losses caused by non-uniform velocity distributions increase. Mixing losses due to 
non-uniform flow are not supposed to be significantly influenced by the Reynolds 
number. The procedure [B.5] relies on a single test at nq = 46 reported in [13.4]. 
Whether the result is generally applicable, is not easy to decide. 

The methods [N.4] and [B.5] arrive at quite different results for some ranges: 
for nq > 20, for example, according to [13.3] the procedure [N.4] risks to greatly 
over-predict power consumption with viscous fluids, whereas the power predicted 
for nq < 15 risks to be too low. The tests shown in Fig. 13.7 with a pump nq = 30 
give an example for this discrepancy: the efficiency measured at 1200×10-6 m2/s 
corresponds to a factor fη = 0.49, whereas method [N.4] predicts fη = 0.2. 

Applying either of the statistical methods to various pump types harbors large 
uncertainties because pump design, hydraulic layout and surface finish have an ef-
fect on the magnitude of the various losses. In view of these uncertainties, an ex-
act description of the procedures reported in [N.4] and [B.5] has not been at-
tempted when deriving the equations in Table 13.2(1). The formulae in Ta-
ble 13.2(1) agree well with the general characteristics of both of these methods, 
but they do not always yield identical values as can be read from the graphs. 

The method described in [N.11] is empirical too. It yields values quite similar 
to those resulting from the calculation according to Eqs. (T13.1.1 to 13.1.4). Ta-
ble 13.2 (2) gives a representation which is equivalent to [N.11].  

All of the empirical procedures for predicting pump characteristics as reported 
in [N.4], [N.11] and [B.5] are based on tests with relatively small, single-stage, 
single-entry process pumps with Reynolds numbers of approximately 4×106 when 
operating with water. Therefore, the empirical methods can be expected to pro-
duce reasonably accurate predictions for this type of pump only. For large pumps 
with Reynolds numbers well above 107 in water service, these methods are not ac-
curate enough. For such pumps the absolute Reynolds number (and not just the 
viscosity) has to be taken into consideration. The performance estimation of a 
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Table 13.2 (1) Estimation of pump characteristics when pumping 
viscous fluids according to [N.4] and [B.5] 
SI-units; Q [m3/s]; H [m] 

Eq. 

Procedure [N.4] [B.5]  

Parameter 125.025.0HI
)Hg(Q

480B ν=  
q

HI
25.0

)s( n
15B)Hg(

nQ
100B =ν=  13.2.1 

Correction fac-
tor for flow rate 

5.5
HI )B(log11.0

Q ef −=  
4)B(log165.0

B013.0

q
Q e

n
15f −=  13.2.2 

Correction fac-
tor for flow rate 
ratio 

)1*q)(1B(014.01f HI*q −−−=  13.2.3 

Correction fac-
tor for head *qQH f)f75.025.0(f +=  13.2.4 

Correction fac-
tor for effi-
ciency 

5.0B04.0 HIe05.0 −=α  
59.0B083.0=β  qnBf Δ−= β−

η  

With expeller 
vanes 

thought valid for all con-
figurations 

nq < 25:        Δnq = 0.005 (25-nq) 
nq > 30:        Δnq = 0.005 (nq - 30) 

13.2.5 

Without expel-
ler vanes 

08.1
HI )5.0B(ef −α−

η =  fη,o = 0.4 + 0.6 fη 13.2.6 

Power 
v

vvv
v

HQgP
η

ρ=  13.2.7 

large pump for oil transport starting from this data base of relatively small model 
pumps is likely to be too conservative and a loss analysis is recommended instead. 

13.1.3 Influence of viscosity on the suction capacity 

The procedures in [N.4] and [B.5] give no information about cavitation behavior. 
Due to additional losses at the inlet of the pump, a certain increase of the required 
NPSH3 should be expected. Hence a safety margin is recommended. The inlet 
losses according to Chap. 6.3.2 are: Hv,E = ζE×c1m

2/(2g). Assuming that these 
losses increase with the ratio of the friction coefficients cf,v/cf,w, the correction fac-
tor for NPSH can be calculated from:  

3

2
m1

w,f

v,f
ENPSH NPSHg2

c
c
c

1f ζ+=  (13.12) 

The friction coefficients cf,v and cf,w are calculated from Table 3.10. According to 
Chap. 6.3.2 the loss coefficient of the inlet follows from ζE = λc – 1. For pumps 
with an axial inlet ζE = 0.1 to 0.15 can be expected, for between-bearing pumps 
(radial inlet casings) ζE = 0.25 to 0.5.  
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Table 13.2 (2) Estimation of pump characteristics when pumping 
viscous fluids according to [N.11]  
SI-units; Q [m3/s]; H [m] 
Simplified representation; for information only; always refer to newest edition of re-
spective standard! 

Eq. 

Parameter 
25.0

q

fRe,q
125.025.0 n

n

)Hg(Q
480B ν=  nq,Ref = 20 13.2.8 

Correction factor 
for flow rate 

15.3)B(log165.0
Q ef −=  13.2.9 

Correction factor 
for head at BEP QBEP,H ff =  13.2.10 

Correction factor 
for head at q* ≠ 1 

75.0
BEP,HH *)q)(f1(1*)q(f −−=  

BEPQ
Q*q =  13.2.11 

Correction factor 
for efficiency 

β−
η = Bf                      with            69.0B0547.0=β  13.2.12 

Power at coupling 
v

vvv
v

HQgP
η

ρ=  13.2.13 

33.1

ss

fRe,ss

BEP,H
1NPSH n

n
1

f
1A1f −+=  Correction factor for 

NPSH3 
nss,Ref  = 200 End suction pumps: A1 = 0.1; pumps with radial inlet: A1 = 0.5 

Apply fNPSH at constant flow. 

13.2.14 

The NPSH3 for water pumping has to be multiplied by the factor fNPSH so that 
at least part of the additional losses occurring in a viscous fluid is taken into ac-
count. This correction is applied at constant flow rates (i.e. without shifting the 
flow by the factor fQ). 

Test results on the suction behavior with highly viscous fluids are not available. 
Due to thermodynamic effects, a slight reduction of the NPSH required is ex-
pected for various substances in comparison with water, see Chap. 6.4.1. Thermo-
dynamic effects can thus compensate for the impact of higher viscosities on the 
NPSH3 to some extent. 

13.1.4 Start-up of pumps in viscous service 

When operating multistage pumps with high-viscosity fluids, the heating of the 
medium from stage to stage may be appreciable at low flow rates. The tempera-
ture rise in each stage can be derived from Eq. (11.9). With the power and effi-
ciency of the stage represented by Pst and st we get: 
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A stage-by-stage calculation can be done using the temperature and viscosity at 
every stage inlet as calculated from Eq. (13.12.a). Also the axial thrust balance 
device receives fluid heated by the previous stages. These effects increase as the 
flow rate is reduced. The lower the specific speed, the higher is the temperature 
rise from stage to stage. 

During start-up at low flow, heating effects become most pronounced. When 
pumping a viscous fluid in a closed system (e.g. a pump for transformer oil cool-
ing), the system can be warmed up during start-up by operating the pump at low 
flow (in the case of a variable speed drive also at reduced speed). Thus it is possi-
ble to start the pump without needing to especially size the motor power for cold 
start-up. Likewise, processes can be started by recycling fluid over a minimum 
flow bypass if temperatures of the product are higher during normal operation 
than under start-up conditions (an example are oil wells). 

13.1.5 Viscous pumping applications - recommendations and 
comments  

1. According to the available test data, pumps with specific speeds in the range of 
nq = 20 to about 40 will give the best efficiencies when pumping viscous fluids. 

2. With a given head and speed, high head coefficients yield smaller impeller di-
ameters, and consequently lower disk friction losses and better efficiencies. 
That is why high head coefficients should preferably be chosen for pumping 
highly viscous fluids. Since the Q-H-curve becomes very steep when viscous 
fluids are pumped, impellers with higher than normal pressure coefficients can 
be used without the risk of an unstable Q-H-curve (some tests are presented in 
[13.32]). However, for water pumping such impellers would not be acceptable. 

3. As the disk friction is much higher when pumping fluids more viscous than wa-
ter, expeller vanes do not seem to be a good choice with regard to efficiency. 
Rather, the obvious solution for balancing the axial thrust are balance holes 
combined with an annular seal on the rear shroud, because the annular seal 
losses become less important with increasing viscosity. Disk friction losses will 
be reduced by the heating of the fluid in the impeller sidewall gaps due to 
dissipation because the local viscosity decreases at higher temperatures. 

4. In turbulent flow the disk friction losses depend very little on the width of the 
impeller sidewall gap, in laminar flow these losses grow in inverse proportion 
to the axial clearance between the casing and the impeller, Eq. (T3.6.3). There-
fore narrow impeller sidewall gaps should be avoided when pumping highly 
viscous fluids. The width of the impeller sidewall gap is also an important fac-
tor of uncertainty in performance prediction, since it does not enter into the cal-
culation as per [N.11] and [B.5]. This is especially true at low specific speeds 
where the viscous power increase is goverend by extremely high disk friction 
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losses. It is thus to be expected that two otherwise identical pumps with differ-
ent axial clearances of the impeller sidewall gaps attain different efficiencies 
when pumping high-viscosity fluids. The high losses are to some extent offset 
by thermal effects resulting from dissipation in the narrow sidewall gaps. 

5. Predictions of the pump characteristics based on the correction factors given in 
[N.11] and [B.5] must be considered as relatively rough approximations, be-
cause the dependence of the losses on the Reynolds number can vary apprecia-
bly in different pumps. The absolute values of efficiency and Reynolds num-
ber, the pump design, as well as the quality of execution, all have an impact on 
viscous performance predictions. 

6. Two otherwise identical pumps with different surface roughness have different 
efficiencies in turbulent flow, but equal efficiencies in laminar flow. Conse-
quently, different factors fH und fη should be used for estimating the perform-
ance in viscous pumping from data measured with water. This effect can only 
be accounted for by a detailed loss analysis based on known surface roughness. 

7. Pumping viscous fluids requires more motor power. The starting torque and the 
start-up current are higher as well. Therefore, it has to be checked whether the 
pump shaft, coupling and driver are suitable for these conditions. 

8. Given the uncertainties of the calculation methods and the possible variations 
of the physical properties of the fluids to be pumped, adequate margins are 
necessary when selecting the pump and the motor. 

9. Viscous fluids risk disturbing the adequate functioning of auxiliary equipment 
(such as shaft seals, barrier fluid injection or cooling circuits, etc.). Therefore 
care should be taken when specifying these systems. 

10. The calculation methods discussed apply to Newtonian fluids; the behavior of 
Non-Newtonian fluids can be different, as discussed in Chap. 13.5. 

13.2 Pumping of gas-liquid mixtures 

Gas-liquid mixtures are encountered in the process industry as well as in the pro-
duction and transport of oil, which often is accompanied by natural gas. An im-
portant application of high economical significance is the transport of oil-gas-
mixtures coming out of oil wells. By means of two-phase pumps the pressure at 
the well-head can be decreased, thus boosting oil production. However, handling 
mixtures with high fractions of gas by centrifugal pumps is a difficult task since 
gas and liquid tend to separate because of their large density differences. Pumping 
can then become very inefficient or even impossible. As discussed in detail below, 
this phase separation is caused by body forces and buoyancy which is due to pres-
sure gradients perpendicular to the main flow direction. 
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13.2.1 Two-phase flow patterns in straight pipe flow 

Prior to the discussion of the complex flow phenomena in pump impellers and 
collectors, it is appropriate to review the different flow patterns in a horizontal 
pipe or channel. All the more so, since this type of flow is relevant for the inlet to 
a two-phase pump and can have an impact on performance. 

Figure 13.10 shows sketches of the different phase distributions which can be 
encountered. The graph delineates the approximate boundaries between these flow 
patterns which were correlated with the mass velocity [13.5]. Definitions are 
given in Table 13.3: one apostrophe refers to the liquid, two apostrophes to the 
gas phase. The mass velocities of the gas fraction on the ordinate and of the liquid 
fraction on the abscissa are multiplied by fluid properties as indicated in 
Fig. 13.10. These corrections are required when media other than water and air at 
atmospheric pressure flow through the pipe. 

Discussion of flow patterns in Fig. 13.10: If small gas bubbles are finely dis-
persed in a liquid flowing turbulently through a pipe, a “bubbly flow” regime is 
observed. The higher the flow velocity and the turbulence and the smaller the bub-
bles, the more homogenous is the mixture. Turbulence and surface tension acting 
on small bubbles tend to create a relatively uniform distribution of bubbles. In a 
horizontal pipe, however, the bubble concentration increases from bottom to top 
due to buoyancy. As the average pipe flow velocity is reduced, more bubbles 
travel to the upper domain in the pipe. At very high flow velocities the bubbly 
flow becomes more frothy or dispersed due to increasing shear forces. 

If the flow velocity is reduced, bubbles tend to coalesce until larger gas accu-
mulations (“plugs”) are created. These can block an appreciable portion of the up-
per half of the pipe section. The effect grows with decreasing mixture velocity. In 
upward flow through a vertical pipe the plugs flow faster than the liquid due to 
buoyancy. There is thus a “slip” between the liquid and gas phase. 

When the fluid stagnates, the gas rises towards the top of a horizontal pipe 
filled with a liquid/gas mixture. Such a phase separation also occurs at low flow 
velocities. Then the liquid fills only a part of the pipe section. Gas and liquid flow 
are fully separated (almost comparable to open-channel flow). Such a “stratified 
flow” is created when both the velocities of liquid and gas phase are small, 
Fig. 13.10. If the gas flow rate is increased and the gas velocity appreciably ex-
ceeds that of the liquid, surface waves are created due to shear stresses (similar to 
wind creating waves on a lake). The stratified flow then becomes “wavy”. 

When the wave crests reach the upper wall of the channel, a “slug flow” is cre-
ated, in which gas and liquid distributions vary strongly over the pipe length. Liq-
uid slugs can also alternate with gas pockets. The length of the slugs may attain 
several pipe diameters. Slug flow is therefore prone to pulsations which can create 
operational problems such as vibrations of piping and pumps. Vibrations can be 
excited by slugs in the discharge pipe as well as in the inlet pipe. 

If a high gas flow is combined with a low liquid flow rate, an “annular flow” is 
created, since high shear stresses distribute the liquid in the form of a thin layer 
over the entire circumference of the pipe wall. The phases are separated to a large 
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Fig. 13.10. Flow patterns in horizontal pipes, according to [13.5]. ST = surface tension, 
G = mtot/A = mass velocity. Subscripts: w = waster, a = air at 20°C and 1 bar. 

extent. In horizontal flow the thickness of the liquid film varies over the circum-
ference due to gravity (the highest thickness is observed at the pipe bottom). If the 
gas velocity is increased further, the liquid film is disrupted and droplets are en-
trained. A droplet or “mist flow” is created and the mixture becomes more ho-
mogenous. This process is unsteady because of continuous liquid entrainment and 
deposition effects. 

Figure 13.10 is valid for horizontal pipes. Different flow patterns are observed 
in vertical channels where the flow direction has an impact on the phase distribu-
tion. In vertical upward flow the gas flows faster than the liquid due to buoyancy; 
in downward flow the liquid is accelerated more strongly than the gas due to grav-
ity.  

The transitions between different flow patterns are smooth. They depend on 
operation conditions and liquid/gas properties. Therefore various flow pattern 
maps have been published; some of these may be found in [13.6]. A comprehen-
sive calculation of two-phase flow patterns in horizontal or inclined pipes was de-
veloped by [13.51]; the procedure can also be found in [13.6] and [13.52]. 
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As the discussion of the two-phase flow patterns in a pipe flow shows, we can 
distinguish three categories of typical behavior:  
A. Homogenous phase distribution: If flow velocities are high and at the same 
time one phase fraction is dominating, a relatively homogenous flow with gas 
bubbles or liquid droplets is created. Under these conditions the kinetic energy of 
the turbulence is sufficiently able to mix the phase of the smaller volume fraction 
with the dominating phase. The effect of body forces is of secondary importance. 
The dispersed phase (droplets in a gas stream or bubbles in a liquid flow) is trans-
ported by the dominating phase in a process similar to pneumatic or hydraulic 
transport of particles by a “carrier fluid”. 
B. Separated phases in co-current flow: If flow velocities are low and turbulent 
mixing action is correspondingly weak, body forces dominate and the phases are 
essentially separated, giving stratified or wavy flow. If flow velocities are high so 
that shear stresses dominate over body forces, annular flow is created when the 
liquid fraction is low. 
C. Separated phases in intermittent flow: If turbulent mixing action, body forces 
or shear stresses are dominating, the phase distribution along the pipe axis 
scarcely varies (in such cases, phase concentration is more likely to be non-
uniform over the pipe section). If none of the above mechanisms is strong, the ef-
fects of bubble coalescence and surface tension take precedence and larger gas ac-
cumulations are generated. Phase slip is also important. As a consequence, inter-
mittent slug and plug flow patterns are observed. 

In summary, the tendency for phase separation is influenced by the following 
physical mechanisms: 

• The risk of phase separation grows with increasing gas volume fraction α. This 
is true for a volumetric gas content of up to about 80 to 90%. 

• The risk of phase separation grows strongly with increasing body forces. Grav-
ity is relevant in pipe flow. In rotating impellers, centrifugal and Coriolis forces 
are very strong body forces. Centrifugal forces also induce phase separation in 
stationary curved channels (volutes, diffusers or pipe bends). 

• Differences in the phase velocities (slip): Mostly the gas velocity exceeds that 
of the liquid phase. If the liquid volume fraction is small, the faster gas flow 
tends to entrain the liquid as observed in droplet, annular, wavy or stratified 
flow. In bubbly, slug or plug flow, the pressure gradient in the flow direction 
(dp/dx) accelerates the gas phase, because the gas expands. This is due to the 
“buoyancy effect” discussed in detail below. 

• The tendency for phase separation diminishes with decreasing liquid to gas 
density ratio DR  * = ρ′/ρ′′. In the limiting case, when the gas density ap-
proaches the liquid density, no phase separation due to body forces or buoy-
ancy is possible. 

• Viscous and turbulent shear stresses at phase boundaries foster phase mixing. 
• The surface tension tends to keep the form of the bubbles or droplets. Bubble 

coalescence creates large bubbles and slugs. 
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• In highly viscous liquids, bubble movement is severely hampered as can be 
seen by inspecting Eq. (13.15). It is therefore difficult to separate small gas 
bubbles from oil in a gravity separator. 

• The ratio of the body forces to inertia has an important effect: Dominating 
body forces separate, while high inertia in straight channels (high velocities) 
mixes the phases. 

• The exchange of momentum between the phases and turbulent velocity fluctua-
tions foster phase mixing. 

The pressure drop in a channel with two-phase flow likewise depends on all of the 
above parameters as well as on the flow patterns. Prediction methods can be found 
in various books, e.g. [13.6] and [13.52]. 

13.2.2 Two-phase flow in pumps. Physical mechanisms 

The capability of a centrifugal pump to convey a two-phase mixture depends in 
the first place on whether gas and liquid form a homogenous mixture or to what 
extent the two phases separate. Fine gas bubbles dispersed in a liquid can be con-
sidered as a quasi-homogenous mixture. The bubbles are entrained by the liquid 
flow, but there is some slip between the phases which causes additional losses. 
Likewise droplets of liquid carried along by a gas stream can be represented by 
the homogenous flow model. The transport mechanism is similar to pneumatic 
conveying or to the hydraulic transport of solids (discussed in Chap. 13.4). The 
droplets tend to be deposited on the blades or in the collector channels as liquid 
films; but the process is unsteady since the films may be disrupted by shear forces 
between the gas stream and the liquid. Slip and losses due to exchange of momen-
tum are much higher than in bubbly flow. With larger gas volume fractions bub-
bly flow is no longer possible, since small bubbles tend to coalesce to form larger 
gas accumulations (as in slug or plug flow in a pipe). When gas accumulates in 
the pump the delivery can be disrupted; the pump becomes “gas-locked”. 

Even though geometry and body forces in a pump are completely different 
from those of a flow through a straight channel, the same physical mechanisms 
(discussed in Chap. 13.2.1) are effective in determining the flow patterns which, 
in turn, have an impact on the energy transfer. While in a straight channel pressure 
gradients in the flow direction are usually moderate, the pressure field in a rotat-
ing impeller strongly influences the phase distribution. Apart from this “buoyancy 
effect“, body forces in rotating impellers have a great impact. 
Body forces: To illustrate the influence of body forces, consider a rotating disk 
with straight radial channels according to Fig. 13.11 (see Chap. 7.3.2 for pumping 
with such a device). The fluid in the channel is subject to a strong Coriolis accel-
eration bc = 2×ω×w. To give an example: at n = 3000 rpm and w = 10 m/s this 
amounts to bc = 6280 m/s2. A fluid particle thus experiences 640-times the accel-
eration due to gravity. The Coriolis force acts perpendicularly to the direction of 
the relative velocity (which follows essentially the channel axis). Consequently 



762      13 Influence of the medium on performance 

the liquid is transported to the leading face (“pressure surface”) of the channel and 
a stratified flow develops if a sufficient amount of gas is present. This occurs even 
if the channel diameter is small. The Coriolis acceleration is equally strong in ra-
dial impellers with back-swept blades. The effect of impeller rotation is therefore 
similar to Fig. 13.11; but additional forces need to be taken into account as de-
scribed in Chapter 5.1. 

Since the static pressure at the impeller outer radius r2 is constant around the 
circumference, gas and liquid phases have the same static pressure at the impeller 
outlet. If both phases are completely separated, the pressure rise in the impeller is 
limited by the gas density, refer also to [13.49]. In separated flow the pressure 
rise in the impeller would thus be only the fraction ′′/ ′= 1/ * of the pressure rise 
in single-phase liquid flow (SPL). In reality there is some interaction between the 
phases, and the pressure rise may be somewhat higher. 

Gas and liquid are accelerated to a high impeller outlet velocity c2. Because of 
its high density the liquid phase, therefore, contains a high kinetic energy 
E′ = ½× ′×Q′×c2

2. This energy cannot be well recovered in the collector since, 
with essentially separated phases the pressure recovery in a diffuser is again lim-
ited by the gas density. In addition, both phases have different velocity vectors, 
which generate shock losses in the diffuser or volute. 
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Fig. 13.11. Phase separation in a rotating channel or an impeller with radial blades 

Buoyancy effects: A gas bubble moves in a pressure field to the location of the 
lowest pressure. This effect may be called “buoyancy”. Consider a gas bubble of 
density ρ′′ in a liquid with a density ρ′, as in Fig. 13.12. A volume element of this 
bubble may have the area dA and the height Δz. At one boundary of the element 
the pressure is p1 and at the opposite boundary p2. The volume element then ex-
periences a force: dFA = (p2-p1)×dA. The pressures p2 and p1 result from the pres-
sure field in the surrounding liquid: p2 = p1 + (∂p/∂z)Δz. The force exerted by the 
pressure field on the bubble then becomes: 

dV
z
pdAz

z
pdFA ∂

∂=Δ
∂
∂=  (13.13) 
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In the gravity field the pressure gradient is ∂p/∂z = ρ′×g. The buoyancy accord-
ingly is FA = ρ′×g×V. If the gravity force acting on the bubble is also taken into 
account, the resulting force is: 

Vg)'''(Fres ρ−ρ=  (13.14) 

Equation (13.13), which was derived for an arbitrary pressure field, demon-
strates that a gas bubble always tends to move towards the location of the lowest 
pressure. Such movement is opposed by inertia and by the fluid dynamic drag Fw, 
which the liquid exerts on the bubble due to the viscosity. If inertia is neglected, 
the bubble rise velocity cA in a liquid at rest in the gravity field can be calculated 
from the equilibrium of buoyancy and drag FA = Fw. 

ρ′
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3
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w

B
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In Eq. (13.15) dB is the diameter of a spherical gas bubble and ζw is the Reynolds-
dependent drag coefficient as per Eq. (T13.5.6). In a similar way, the velocity of a 
gas bubble relative to the liquid in an arbitrary pressure field with the gradient 
∂p/∂z can be expressed by the proportionality, [13.10]: 
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Fig. 13.12. Buoyancy of a gas bubble in a liquid with a pressure gradient 

The work transfer from the impeller blades to the fluid induces a pressure gra-
dient from the pressure to the suction surface of a blade. This is given qualita-
tively by ∂p/∂z  (pPS – pSS)/t, where t is the pitch of the blades. Gas bubbles con-
sequently have the tendency to accumulate near the suction surface of the blades. 
The complex forces discussed in Chapter 5.2 generate secondary flows which 
have an impact on the phase distribution in the impeller channels. The tendency 
described above can thus be reversed to the effect that gas accumulates near the 
pressure rather than the suction surface. The actual phase distribution depends on 
the equilibrium of forces acting on a fluid element in the impeller. Secondary flow 
and recirculation can foster phase mixing and thus improve the gas handling ca-
pacity of a pump. 
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The influence of geometry and flow rate on the balance of forces cannot be 
calculated by simple means. Flow pattern prediction and interpretation in an im-
peller with two-phase flow is far more difficult than with single-phase flow. Pub-
lished flow pattern observations in impellers report gas accumulations mostly near 
the suction surface at partload, while gas pockets near the pressure surface seem 
to occur at high flows at q* > 1. The reports are sometimes contradictory (proba-
bly due to the different geometries investigated). Therefore it is difficult to estab-
lish general rules. 

The effect of body forces on a liquid particle is greater than the force on the gas 
phase by the factor ρ* = ρ′/ρ′′. The behavior of the liquid is hence dominated by 
body forces and inertia, while the distribution of the gas is primarily determined 
by the pressure field (buoyancy) and secondary flows. Turbulence, surface tension 
and shear stresses are thought to play a secondary role. These factors foster phase 
interaction and mixing with increasing flow velocity. 

As demonstrated by Fig. 13.11, Coriolis forces transport liquid to the pressure 
surface, while buoyancy effects move gas to the suction surface of the blades of 
radial impellers. Both effects add; that is why the gas handling capabilities of ra-
dial impellers are very limited. Phase separating effects grow with increasing flow 
rate because the pressure gradient from the pressure to the suction surface (buoy-
ancy) as well as the Coriolis acceleration (bc = 2×ω×w) become stronger with in-
creasing flow rate ratio q*. In addition to this, in a radial impeller gas bubbles 
travel against a strong centrifugal pressure gradient towards the outlet (a buoy-
ancy effect opposing outward flow). 

Gas thus tends to accumulate in locations with strong deceleration. According 
to [13.37] gas bubbles are found near the impeller inlet on the pressure surface of 
the blades, where they coalesce due to deceleration. Further downstream in the 
impeller channel, buoyancy effects move the gas from the pressure towards the 
suction surface. If a critical gas volume fraction is exceeded, this cross-movement 
of the gas blocks the channel and the head breaks down (“gas-locking”). 

In Chapter 5.2 the Rossby number has been introduced to qualitatively explain 
impeller flow patterns. This concept can be applied to two-phase flow as well. In 
the axial inlet of a radial impeller the Rossby number according to Eq. (5.6) is 
close to Roax = 0.5 (since w1u = u1 at 1 = 90°). Consequently, liquid is forced to-
wards the hub and gas gathers near the outer radius of the impeller eye. That is 
why it has been often observed that gas accumulates near the annular seal of radial 
impellers, e.g. [13.49]. When the gas pocket covers a sufficient portion of the 
blade length, the head developed by the pump drops sharply and the flow stops. 

In semi-open impellers, liquid can flow from the pressure surface of the blades 
through the gap between blades and casing into the wake region (the shroud suc-
tion surface corner, Chap. 5.2); here gas tends to accumulate due to the buoyancy 
effect discussed above. The leakage disturbs and re-mixes the gas accumulation, 
thus counteracting to some extent the buoyancy effect. Furthermore, the detrimen-
tal effects of gas accumulation in the sidewall gap on the front shroud are absent. 
In comparison to closed radial impellers, the gas handling capabilities of semi-
open impellers are improved appreciably. The phase mixing effect of the flow 
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through the gaps increases when the gap width is enlarged. With extremely large 
gaps, the flow patterns will resemble those encountered in vortex pumps which 
can handle two-phase flow quite well (depending on design). Due to the strong 
recirculation in vortex pumps, gas is well dispersed in the liquid. 

According to [13.11], impellers with radial blades ( 2B = 90°) perform better in 
two-phase flow than impellers with back-swept blades. This finding seems to con-
tradict tests in [13.47] which attributed better two-phase performance to blade out-
let angles as low as 10°. As discussed in Chap. 5, it is difficult to explain the 3-
dimensional flow patterns in impellers (be it in single or two-phase flow) by sim-
ple geometric parameters. Blade numbers, meridional shape, blade length and 
channel width all have an influence on flow patterns and gas accumulations. 
Semi-axial, axial and helico-axial impellers 
Semi-axial impellers work better in two-phase flow than radial impellers, because 
centrifugal and Coriolis accelerations have opposing components. Consequently, 
the resulting forces and the tendency to phase separation are reduced. Secondary 
flows contribute to better phase mixing. This can be visualized by Fig. 5.7 which 
shows secondary flow patterns developing in inducers. These are reported to be 
able to pump higher gas volume fractions than radial impellers. Even radial impel-
lers with an oblique trailing edge performed better in two-phase flow than normal 
radial impellers according to the tests in [13.48] see Chap. 13.2.4. 

Helico-axial impellers (Fig. 13.22) can be viewed as axial impellers with a 
(more or less) conical hub. In essence they can handle any gas volume fraction. 
This performance is achieved (to some extent) by balancing centrifugal with Cori-
olis forces and by cross-channel mixing induced by the shape of the hub as well as 
secondary flows similar to those in Fig. 5.7. The small blade height evident from 
Fig. 13.22 may also help to limit separation effects. 

As with radial impellers, the Rossby number in the impeller inlet is close to 
Roax  0.5 because w1u = u1 (when 1 = 90°). In the inlet region, liquid is thus ex-
pected to migrate towards the hub. At the impeller outlet, where the relative veloc-
ity is decelerated, Roax  1 is expected and liquid movement is now rather away 
from the hub. This tendency is fostered by increasing the hub diameter towards 
the outlet. With growing flow rate the relative velocity at the outlet increases. The 
Rossby number drops accordingly and the liquid tends to migrate towards the hub. 
This may explain why two-phase performance impairs with increasing flow rate 
notably at q* > 1. At partload the opposite effects take place, the Rossby number 
at the outlet increases, centrifugal forces take precedence and the liquid migrates 
away from the hub. Two-phase performance consequently improves. At low flow, 
with recirculation, mixing improves even more. Figures 13.13 and 13.14 illustrate 
these effects, which are present in axial and semi-axial pumps, and also at the inlet 
of radial impellers.  

When liquid and gas phases separate at high gas content (typically above 80%) 
liquid films are expected to form on solid walls in a similar way as in annular flow 
in a pipe.1 Pump performance then depends on the magnitude of shear stresses and 

                                                           
1 Compare this process to water films forming on the blades of wet steam turbines. 
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their ability to disrupt the liquid films and create droplet or mist flow patterns. The 
blade tip leakage of open impellers fosters this process. Liquid flowing through 
the boundary layers on the blades is transported by centrifugal forces towards the 
outer streamline (see also Fig. 5.7). 
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Fig. 13.13. Centrifugal and Coriolis forces in axial or semi-axial impellers and likely loca-
tions of gas accumulation 
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Fig. 13.14. Rossby number indicating the tendency of liquid migration 

Pressure recovery in the diffuser, Fig. 13.15: The pressure recovery in a diffuser 
depends on the liquid/gas phase distribution. In a homogenous mixture it is 
largely determined by the density of the “carrier fluid”. When a liquid stream car-
ries gas bubbles, the pressure rise is dominated by the liquid density. But when a 
gas carries droplets of liquid, the pressure rise is to a large extent determined by 
the gas density. In homogenous flow the diffuser performance may be estimated 
by using the density of the mixture in calculations according to Chap. 1.6. 

In contrast, when the phases are separated (stratified, wavy or annular flow) the 
diffuser works very inefficiently because the pressure recovery is limited by the 
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gas density if there is little interaction between the phases. Then the kinetic energy 
of the liquid is to a large extent dissipated. With increasing phase interaction dif-
fuser performance is between the extremes of homogenous and separated flow. 
High losses must also be expected in intermittent (plug or slug) flow, but phase 
interaction in such flows is quite strong. 

Two-phase performance of plane diffusers has been measured in [13.46]. The 
tests showed that the onset of stall was not greatly affected by the gas content. Be-
low a gas volume fraction of  < 0.4 there was bubbly flow with bubble diameters 
of about 3 mm; above  > 0.4 there was churn flow.  
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Fig. 13.15. Pressure recovery in a diffuser in bubbly or droplet flow 

Up to  = 0.72 the peak pressure recovery occurred at the same geometry 
cp* = f(AR, L/h1) as would be predicted from Fig. 1.18. As the phase slip in-
creased, pressure recovery dropped sharply. Annular flow had weak phase inter-
action, high slip and low pressure recovery.  

Little quantitative data is available on the pressure recovery in pump diffusers 
or volutes. The strong secondary flow is expected to carry the liquid to the outer 
wall of the volute. Gas accumulates near both sides of the impeller outlet, where 
the gas interacts with the flow in the impeller sidewall gaps. 
Effect of the impeller sidewall gaps: In some tests the impeller sidewall gaps 
were thought to have an influence on the gas handling capability of a pump, 
[13.11]. Gas tends to accumulate in the impeller sidewall gaps, because there is 
little radial flow which could carry gas bubbles away. Due to the rotation of the 
fluid and the induced centrifugal forces, gas gathers near the annular seal at the 
impeller inlet and the hub of the rear shroud. With increasing rotation and gas vol-
ume fraction the gas pocket grows towards larger radii. When the gas ring thus 
formed reaches the impeller outer radius, an efficient pressure build-up in the vo-
lute becomes impossible. Gas flows back into the impeller channels and the pump 
cannot maintain the flow. Radial ribs on the casing walls in the impeller sidewall 
gaps were therefore proposed to reduce fluid rotation and increase the gas han-
dling capacity. Bleeding gas from the impeller sidewall gaps has been suggested 
to improve gas handling and avoid interruption of the flow when pumping gas-
laden liquids, [13.11]. 

The above observations may be explained by the fact that there was no leakage 
flow through the impeller sidewall gap in the pumps tested (a mechanical seal was 
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used at the impeller inlet instead of an annular seal, and there were no balance 
holes in the rear shroud). The impact of the impeller sidewall gaps as described 
above should therefore not be generalized. It may be advantageous for two-phase 
pumping to decouple the flow in the volute from the flow in the impeller sidewall 
gaps by designing the diffuser or volute with a small gap A and a good overlap xov 
(refer to Fig. 9.1), but test data are not available. 

Gas accumulations near the shaft can impair shaft seal cooling. A single rib or 
a similar feature on the casing wall is able to disrupt the rotation of the water in 
the impeller sidewall gap in such a way as to sweep out the gas. 
Unsteady phenomena: A gas pocket may form somewhere in the impeller chan-
nel (or anywhere in the pump) and grow with time. Consequently, the liquid flow 
is accelerated due to the blockage effect caused by the gas. As the liquid velocity 
rises, the gas may eventually be swept away. Subsequently the gas pocket forms 
again. A periodic or stochastic variation of head and flow rate would be the con-
sequence. Surge-like phenomena are therefore observed in two-phase pumping. 
Tests reported in [13.37 and 13.47] showed this kind of unstable behavior. The 
head was observed to jump from about 90% down to 40% of water head when the 
gas volume fraction was increased from typically 5% to 6%. Two stable states of 
operation were thus observed at 90% and 40% of water head, but a stable opera-
tion between these two levels was impossible. In other words, a stable regime with 
(say) 65% of water head could not be established by adjusting the gas flow rate. 
Influence of viscosity: When pumping oil/gas mixtures, an increase in the oil vis-
cosity is expected to mitigate phase separation effects since the drag of a bubble 
rises with the viscosity (this follows from Eqs. 13.15 and 13.16). Tests with oil 
viscosities of 10 and 18 mm2/s showed an improvement of two-phase performance 
at q* > 1, but little effect at partload and near BEP, [13. 47]. 
Influence of circumferential velocity: If a pump is operated with a given two-
phase mixture at a specific flow rate ratio q* with different speeds, the velocity 
triangles remain similar, Chap. 3.4. According to Chap. 5.2 the ratios between 
centrifugal and Coriolis acceleration remain unchanged. All pressure differences 
and forces are proportional to the square of the tip speed. This is actually the basis 
of dynamic similarity for geometrically similar hydraulics, Chap. 3.4.1 Since phase 
separation is largely determined by body forces and pressure gradients, the above 
relations apply to two-phase flow as well. Therefore, the two-phase multipliers, in 
a first approximation, are independent of impeller tip speed and consequently in-
dependent of size and speed of the pump. This statement is confirmed by tests at 
various speeds.  

Nevertheless, mixing of the phases is somewhat improved with increasing tip 
speed and turbulence. But it is often difficult to discern a slight improvement 
clearly from the data scatter inherent to two-phase testing. 

                                                           
1 In single-phase flow these relations are modified by the Reynolds-dependent losses. In 

turbulent flow the effect is small (Chap. 3.10); in laminar flow the losses increase consid-
erably as discussed in Chap. 13.1. 
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Increasing the rotor speed of a given pump has two beneficial effects: 
(1) Higher velocities in the suction pipe can provide a more homogenous flow to 
the impeller. (2) Disruption of large gas bubbles. Tests in [13.47] demonstrate a 
higher performance with increased speed when operating with two-phase flow. In 
that particular case, near the best efficiency point, 4 to 5% gas could be handled 
with a speed of 1450 rpm while 6 to 7% were pumped at 2000 rpm. 

The similarity laws and the two-phase multipliers can be applied as a first ap-
proximation to predict the performance of one stage of a two-phase pump. But the 
similarity laws cannot be applied to the entirety of a multistage pump.  
Influence of specific speed: Since the shape of an impeller depends on the spe-
cific speed, there is an apparent effect of nq on the gas handling capacity of a 
pump. During two-phase tests in [13.47] an impeller with nq = 15 performed bet-
ter than a pump with nq = 23. But it would be wrong to conclude that the gas han-
dling capability should increase with falling nq. As explained above phase distri-
bution in the hydraulic channels depends on many factors which cannot be de-
scribed by the single parameter nq. One effect may be the blade length which in-
creases with falling nq. Longer blades mean lower blade loading and consequently 
reduced buoyancy effects; they also give the flow a chance to recover downstream 
of a local gas accumulation, refer also to Fig. 4.8. 
Influence of approach flow: The phase distribution in the suction pipe could be 
expected to have an impact on performance. A homogenous bubbly flow tends to 
improve performance while stratified flow in a horizontal pipe fosters phase sepa-
ration in the impeller. Intermittent (slug) flow amplifies unsteady effects, thus in-
creasing the risk to encounter problems with surge and vibrations due to varia-
tions in mixture density and blade loading. During tests in [13.47] gas-locking 
was observed when the flow pattern in the suction pipe changed from bubbly to 
stratified or slug flow. But since the gas content had been increased at the same 
time, this observation may be a coincidence. In contrast, tests with the same pump 
reported in [13.37] scarcely showed any difference in performance when changing 
from bubbly to stratified flow in the suction pipe. These observations leave some 
uncertainties as to the real causes since the flow patterns in the suction pipe were 
changed by variations of the rotor speed. When changing the suction pipe diame-
ter at constant rotor speed, virtually no effect on gas handling capability was 
found. The homogenizing effect of the rotor speed may therefore be considered as 
dominating. Likewise, tests in [13.11] showed little influence of the approach 
flow. Even with stratified flow in the suction pipe, the gas phase was well dis-
persed just downstream of the blade leading edge. Gas accumulations occurred 
further downstream in the channels. Extensive testing with various mixing devices 
in the suction pipe was reported in [13.55]. Again, it was found that none of the 
mixers brought about a significant improvement in 2-phase pumping performance. 
Solely an inducer was able to boost 2-phase performance, but this effect is ex-
plained by the compression of the gas accomplished by the inducer rather than 
through a more homogenous approach flow to the impeller.  

Tests with wet gas compressors were performed by injecting liquid into the gas 
flow in the inlet pipe. Some tests were done with annular film flow while in others 
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the droplets were finely dispersed by nozzles. No impact of the suction pipe flow 
patterns on performance was detected, [13.50]. The range of test parameters was 
* = 12 to 30, GVF = 0.97 to 0.995 (x = 0.52 to 0.9). 

Overall it is concluded that the two-phase distribution in the suction pipe has 
little impact on the performance. Any attempt to significantly improve two-phase 
pumping by installing mixing devices at the pump inlet is likely to fail. However, 
slug flow at the pump inlet should be avoided for operational reasons. 
Mach number: If a compressible fluid is expanded through an accelerating noz-
zle from the pressure p1 prevailing in a reservoir to the pressure p2, the flow veloc-
ity in the throat of the nozzle at first rises with the square root of the pressure dif-
ference (p1 - p2)0.5. In contrast to incompressible flow, the throat velocity cannot 
be increased infinitely through lowering the downstream pressure p2. Maximum 
flow in the nozzle is reached when the local flow velocity attains the local speed 
of sound. The reason for this is: A pressure perturbation in a fluid travels through 
the system at the sound velocity. If the pressure downstream of the nozzle is de-
creased but the sound velocity prevails in the nozzle, the change in pressure can-
not be felt upstream of the nozzle and is thus unable to accelerate the fluid. The 
Mach number is defined by M = w/a (w = local relative velocity, a = local sound 
velocity); its effect is important in the design of thermal turbomachines. 

Since gas-liquid mixtures are compressible, Mach number limits may be ex-
pected also in two-phase pumping. However, it has not yet been reported that such 
limits have actually been hit in pump operation or testing. The sound velocity in 
two-phase flow depends on the gas volume fraction α, the density ratio ρ′/ρ′′, the 
phase distribution (or flow patterns) and on the sound velocities in the pure gas 
and liquid phases (a′′ resp. a′). When the phase distribution is unknown, it is diffi-
cult to reliably predict the sound velocity. Therefore, depending on the various 
test conditions, different prediction methods were published. 

Table 13.3(1) gives equations for calculating the sound velocity in two-phase 
flow for different flow patterns according to [13.9]. These equations are consistent 
in that they yield the physically correct sound velocities for α = 0 and α = 1, i.e. 
for a pure liquid or gas. The sound velocity is usually lower in two-phase flow 
than the sound velocities in the pure phases because wave reflections occur at the 
gas/liquid phase boundaries. Thereby the sound energy is attenuated. Reflection 
and absorption increase with the change in impedance ρ′×a′/ρ′′×a′′ at the phase 
boundaries. Therefore the sound velocity decreases strongly when density ratios 
ρ′/ρ′′ are high. For given gas and liquid properties the function a = f(α) exhibits a 
minimum. Finely dispersed gas bubbles, even with low gas content, drastically re-
duce the sound velocity if the density ratio is high. 

13.2.3 Calculation of two-phase pump performance 

The complex physical processes discussed above are not amenable to sufficiently 
accurate theoretical calculations. Therefore empirical correlations are employed in 
practice. 
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Definition of basic two-phase flow parameters (Table 13.3): 

• In the following text, quantities without superscript refer to the mixture. The 
liquid phase is designated by an apostrophe (e.g. Q′) and the gas phase by two 
apostrophes (e.g. Q′′). 

• The volumetric flow rate of a mixture results from adding liquid and gas flow 
rates: Q = Q′ + Q′′. The volumetric flow rate determines the velocities and is 
relevant for the flow through the pump. In particular the velocity triangles and 
the flow coefficient must be calculated from the volumetric flow of the mix-
ture. Due to the compression, the volumetric gas flow Q′′ is reduced when pro-
gressing through the pump. The same applies to the volumetric mixture flow 
while the liquid flow rate Q′ remains constant. 

• The fraction of the gas phase of the mixture (or its concentration) is described 
by the “gas volume fraction” GVF or α, also termed “void fraction”, which is 
defined by Eq. (T13.3.3). As the mixture is compressed the GVF is reduced. 

• In contrast, the mass flow rate through the pump is not affected by the com-
pression. By the same token the “gas mass fraction” x of a mixture remains 
constant throughout the pump; it is defined by Eq. (T13.3.4). 

• Alternatively, the volumetric gas content is often defined by the “gas/liquid ra-
tio” GLR = Q′′/Q′. At constant temperature the GLR is directly proportional to 
the absolute pressure. 

• The density of a homogenous mixture results from the volume fractions of liq-
uid and gas; it is given by Eq. (T13.3.5). 

Neither the gas volume fraction α nor the mass fraction x nor the homogenous 
density are able to describe the conditions in the pump because of uneven phase 
distributions and phase slip. 
Quasi-isothermal compression: 

In order to calculate pump performance in two-phase flow the following as-
sumptions are made:  

1. Independently of the phase distribution (be it homogenous or separated) the 
conservation of mass, momentum and energy is applied separately to both the 
liquid and the gas phase.  

2. Up to a gas volume fraction of about 80%, the compression is quasi-
isothermal because the heat capacity of the liquid phase is much larger than 
that of the gas and both phases are sufficiently mixed with respect to heat 
transfer.  

3. Effects of evaporation or condensation of vapor as well as the dissolution of 
gases in liquids are neglected. 

In order to describe the useful work transfer in a pump, liquid and gas phase 
are considered separately. The useful work transferred to the liquid is thus: 

2
'c'c

'
pp

Y
2

1
2

212 −
+

ρ
−

=′  (13.17) 



772      13 Influence of the medium on performance 

Y' corresponds to the head (g×H = Y') in incompressible flow.  
If a gas is compressed isothermally from p1 to p2, the useful specific work 

transferred per kg gas is given by: 
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With the gas mass content x, the specific useful work transferred to the mixture is: 

xY)x1(YY ′′+−′=  (13.19) 

The useful power of the pump is: Y)mm(YmPu ×′′+′=×= . The stage efficiency in 
two-phase pumping is defined accordingly by ηTP = Pu/P, Eq. (T13.3.9). 

If a possible phase slip is neglected, the useful energy transferred to an iso-
thermal gas/liquid mixture can be calculated from Eqs. (13.17 to 13.19), yielding 
Eq. (T13.3.7) in Table 13.3. This equation is valid also for the limiting cases of 
single-phase liquid (x = 0) and gas (x = 1), in as much as the compression is iso-
thermal (which is not the case in usual thermal turbomachines at x = 1). 

The coefficient of useful work for two-phase flow is obtained if Y is divided by 
the number of stages and ½u2

2 as per Eq. (T13.3.10). The work transfer depends 
primarily on the gas content, the density ratio and the phase distribution, which is 
influenced by the velocities or the flow rate, Chap. 13.2.2. 
Polytropic compression: 
For high GVF, say above 0.8, the heating of the mixture during the compression is 
not to be neglected and the polytropic model should be applied. The necessary 
formulae are given in Table 13.3(2). Various quantities are defined below: 

• The polytropic efficiency ηpol includes all losses which heat up the mixture. 
These are the hydraulic losses characterized by friction, mixing losses which 
include losses caused by the interaction between the phases, as well as disk 
friction and leakage losses. If the balance fluid is introduced into the inlet noz-
zle, the polytropic efficiency includes the leakage through the device for axial 
thrust balancing. The polytropic efficiency is determined by multiplying the ef-
ficiency measured in single-phase flow by the two-phase multiplier fη; hence 
ηpol,Tp = ηi,SP×fη. Figure 13.16 shows the process in the enthalpy-entropy dia-
gram. 

• The choice of the mixture properties is important because the liquid content in-
creases the apparent specific heat of the mixture and reduces the temperature 
rise caused by the compression. The specific heat cp,mix is calculated from 
Eq. (T13.3.17). The exponents for isentropic and polytropic compression are 
then determined from cp,mix and the gas constant R from Eqs. (T.13.3.18 to 
13.3.20). It is absolutely necessary that these relations are fulfilled; otherwise, 
the equations for useful work and work input will yield inconsistent results. 

• Useful power and required work input can be calculated from Table 13.3(2) for 
the gas and for the mixture.  
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• The efficiency of the pump may be either defined as polytropic efficiency as 
per Eq. (T13.3.26) or as isentropic efficiency according to Eq. (T13.3.28). 

• The 2-phase multipliers are determined the same way as in Eqs. (T13.3.11 and 
13.3.12). They can either be based on polytropic or isentropic compression.  

• The temperature of the two-phase mixture increases from stage to stage as the 
fluid is heated due to compression and dissipation of the various losses. Conse-
quently, some liquid is evaporated. The vapor pressure is determined from the 
temperature at the stage inlet. The mass of liquid evaporating can be calculated 
from the enthalpies. Evaporation is neglected in the equations of Table 13.3(2). 

• The temperature rise must be calculated from Eq. (T13.3.30) because the rela-
tion T2/T1 = (p2/p1)m is not applicable to two-phase mixtures (it works only for 
calculating the compression of gases). 

• For test data evaluation the polytropic efficiency is determined from the meas-
ured internal power and pressure rise by solving iteratively Eq. (T13.3.26). It is 
not correct to use the expression n = ln(p2/p1)/ln( mix,2/ mix,1) which is valid for 
gases only (this is in contrast to statements in [13.50]). 

• As far as pure gas compression is concerned the formulae in Table 13.3 (2) 
agree with [N.22]. 

Theoretically the polytropic model can be used for the whole range from low gas 
contents up the compression of pure gas (i.e. for 0 < α = 1). 
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Fig. 13.16. Isentropic, polytropic and isothermal compression in enthalpy-entropy diagram 

Derivation of empirical coefficients: 
The relations Y = f(α, ρ*, q*, geometry) and  = f(α, ρ*, q*, geometry) are not 
amenable to theoretical treatment, but empirical coefficients (“two-phase multipli-
ers”) can be derived from experiments. Such coefficients are valid only for the 
tested geometry and within the range of parameters investigated. Probably the 
easiest way to define two-phase multipliers is to refer the measured two-phase 
work coefficient ψTP and the efficiency ηTP to the equivalent data (ψSPL and ηSPL)  
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Table 13.3 (1) Gas-Liquid-Mixtures Eq. 

Volumetric flow rate of mixture Q = Q′ + Q′′ 13.3.1 
Mass flow rate of mixture mmm ′′+′= = ρ′ Q′ + ρ′′ Q′′ 13.3.2 
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Superscripts: ′ liquid phase 
 ′′ gas phase 

Sound velocity in gases:     T R  = "a κ  
R = gas constant    κ = exponent of isentropic expansion 

Note: For the sake of clarity, the equations are written for static conditions. 
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Table 13.3 (2) Polytropic compression of Gas-Liquid-Mixtures  Eq. 
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Note: For the sake of clarity, the equations in Table 13.3 are written for static conditions. If to-
tal conditions are considered, the differences in kinetic energy ½ (cd

2 – cs
2) must be added to all 

equations concerning the specific work. 
R = gas constant; R = Ru/M; Ru = 8315 J/kg K; M = molecular mass of gas 
Z = real gas factor; gas state equation: p/  = Z R T 
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measured in single-phase liquid (SPL) flow, [13.8]. The corresponding two-phase 
multipliers are defined by Eqs. (T13.3.11 and 13.3.12). They can be derived from 
test results in the following way: 

Step 1. A baseline test with single-phase liquid flow (subscript SPL) gives the 
usual dimensionless characteristics: ψSPL = f (ϕ) and ηSPL = f(ϕ). 

Step 2. Tests with two-phase flow are carried out with various gas volume frac-
tions GVF, liquid/gas density ratio DR (or ρ*) and flow rate ratio q*. The 
test matrix is designed to fully cover the range of interest in terms of 
GVF, DR and q*.  

Step 3. If the isothermal model is used, Eqs. (T13.3.7 to 13.3.10) are evaluated 
for each measuring point. When the polytropic model is applied, the 
equations given in Table 13.3(2) are evaluated for each data point. As a 
result, ψTP (α, ρ*, q*) and ηTP (α, ρ*, q*) are available. 

Step 4. For each data point, the flow coefficient ϕ is calculated with the mixture 
flow rate. Using this value of ϕ, the corresponding single-phase data ψSPL 
and ηSPL can be determined from the SPL-test under step 1. 

Step 5. By dividing ψTP (α, ρ*, q*) and ηTP (α, ρ*, q*) resulting from step 3 by 
the corresponding SPL data from step 4, the two-phase multipliers de-
fined by Eqs. (T13.3.11 and 13.3.12) are obtained for isothermal or poly-
tropic compression.  

Step 6. The two-phase multipliers may be presented in the format of 
Figs. 13.20, 13.24 and 13.25 or by appropriate correlations. 

Performance prediction: 
The performance prediction follows the formulae given in Table 13.3(1) and 
13.3(2) for isothermal or polytropic compression. In order to avoid inconsisten-
cies, it is imperative to apply exactly the same logic and model (isothermal or 
polytropic) to the evaluation of the two-phase multipliers and to performance pre-
diction.  

The performance of multistage pumps is calculated stage by stage. In this proc-
ess, the outlet conditions of the previous stage are entered as inlet conditions to 
the following stage. Gas density, flow rate and velocity triangles change from 
stage to stage due to the compression of the gas phase. The procedure is described 
for a polytropic compression in a multistage pump; it can be applied by analogy to 
an isothermal compression or a single-stage machine: 

1. Determine liquid and gas properties, flow rates, gas fraction and density ratio. 
2. Select hydraulics and single-phase liquid performance curves. In general, sev-

eral hydraulics will be required to match the impeller/diffuser geometry to the 
flow as the gas is successively compressed. 

3. Select size and speed. 
4. Calculate flow coefficient  at the inlet of the first stage and determine the 

pressure coefficient SPL and efficiency SPL from the SPL-curves. 
5. Determine two-phase multipliers f  and f  from GVF, DR, and q* from test 

data (such as Figs. 13.24 and 13.25). 
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6. Calculate polytropic efficiency from Eq. (T13.3.19)  
7. Calculate pressure rise in stage from Eq. (T13.3.29). 
8. Calculate power absorbed by stage from Eqs. (T13.3.24 to 13.3.25) 
9. In polytropic flow calculate the stage outlet temperature from Eq. (T13.3.30). 
10.In quasi-isothermal flow the temperature rise due to the losses in the stage can 

be estimated in a similar way as from Eq. (13.12a) from the difference between 
the power absorbed by the stage Pst and the useful power in the stage Pu,st: 
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11.Calculate the gas density at the outlet of the stage. 
12.Use the stage outlet data as inlet conditions for the following stage. 
13. When the performance of all stages has been determined, the total pressure 

rise and power of the pump are known. Speed, stage geometries and number of 
stages may subsequently be varied and optimized to achieve the specified pres-
sure rise with the minimum power. Surge limits and maximum allowable flow 
must be observed during this selection process. 

14.Check mechanical constraints in terms of allowable rotor length, stresses and 
tip speeds. 

13.2.4 Radial pumps operating with two-phase flow 

As mentioned above, the gas handling capability of radial pumps is poor unless 
special design features for improving that capacity are implemented. Phase sepa-
ration leads to gas accumulations in which the pressure build-up is limited by the 
gas density, because the achievable pressure rise in a closed gas volume (or “gas 
pocket”) is much lower than in the liquid (refer to Fig. 13.11). The part of a blade 
that is covered by a gas pocket therefore transfers little energy. Gas accumulations 
also block part of the cross sections of the impeller channels. The relative velocity 
increases and work transfer is reduced accordingly, as follows from the velocity 
triangles. The liquid phase is accelerated, but the energy transferred does not con-
tribute to increase the static pressure. These mechanisms may be responsible for 
the experimental finding that the performance of radial pumps deteriorates (often, 
but not always) more quickly at q* > 1 than at partload. Even with fairly homoge-
nous flow there is an exchange of momentum between gas und liquid phase, gen-
erating additional losses which are absent in single-phase flow. 

Figure 13.17 shows tests performed on a single-stage radial pump (nq = 26), 
which demonstrate the drastic performance impairment even with small gas vol-
ume fractions α, [13.7]. The tests were done with a ring section pump similar to 
Fig. 2.5 but with only one stage. The pump had a radial inlet chamber and a dif-
fuser. The impeller had no balance holes. 

All measuring points in the graphs are referred to the flow and head at BEP 
when pumping pure water. While head and efficiency are little influenced near 
BEP when 2% gas is present (α = 0.02), the characteristics with α = 0.04 deviate 
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strongly from single-phase performance at q* > 0.8. The performance deficit 
grows with increasing flow and amounts to more than 50% at q* > 1.1. In con-
trast, partload operation below q* < 0.8 is little affected. This situation changes 
with α = 0.05, where operation is only possible in a window which, in this spe-
cific test, is defined roughly by 0.6 < q* < 1.1. Increasing the gas volume fraction 
from 4% to 5%, changes partload performance completely. Gas accumulations in 
the impeller are expected to be responsible for this. 

The tests in Fig. 13.17 were done at a density ratio of DR = ρ′/ρ′′ = 334. In an-
other test with DR = 186 the gas handling capability improved in that perform-
ance with α = 0.06 was similar to the curve for α = 0.04 in Fig. 13.17. It is there-
fore important to note that any two-phase performances measured are valid only at 
the density ratio tested; an application at higher or lower density ratios would be 
altogether meaningless. The lower the liquid to gas density ratio, the higher is the 
pump performance in two-phase flow. In the extreme, at ρ′/ρ′′ = 1 there would be 
no performance impairment at all. Naturally these arguments also apply to the op-
eration limits evident from the curves at α = 0.05 and α = 0.064 in Fig. 13.17. For 
the influence of the density ratio see also Fig. 13.24. 
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Fig. 13.17. Influence of air content on the characteristics of a single-stage pump (nq = 26) 
at an inlet pressure of 2.5 bar absolute, ρ′/ρ″ = 334, [13.7] 
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Results similar to those in Fig. 13.17 were obtained in tests reported in [13.37] 
and [13.47]. A single-stage volute pump (nq = 23) of the type shown in Fig. 2.1 
was operated with oil/air mixtures (oil viscosity 18 mm2/s, density ratio about 
700). Figure 13.18 shows the characteristics with gas contents of 2% and 5%.  

With a gas content of 6% the drop in head was roughly 60% at BEP. Trimming 
the rear shroud to 70% of the impeller diameter reduced gas the accumulations in 
the impeller sidewall gap and improved two-phase performance. The mechanism 
is explained as follows: Removing part of the rear shroud induces a recirculation 
at the impeller outlet; it breaks up the gas accumulations into finer bubbles which 
are carried away by the liquid. The effect is similar to the oblique trailing edge 
used in [13.48] for improving the gas handling capability. 
Pumping limit: The limit of head breakdown (or gas-locking) shown in 
Fig. 13.18 delineates the range where no operation is possible. A peculiarity of 
these tests are the Z-shaped curves H = f(Q) measured for specific gas volume 
fractions. According to the curve for GVF = 0.05 the operation jumps from the 
point q* = 0.93, h* = 0.85 down to the point q* = 0.73, h* = 0.47. In between 
these two points stable operation is impossible. This behavior can be explained by 
a sudden change between two stable flow patterns and phase distributions. The 
mechanisms are similar to the switch in flow patterns described in Chap. 5.5.2 
(saddle-type instability) and the impact of cavitation induced instabilities of the Q-
H-curve described in context with Fig. 6.17. Hysteresis effects can thus also be 
expected in two-phase pumping. Such unstable behavior depends on the details of 
the geometric features of the actual impeller; it is not a general characteristic. 
With a different impeller having an outlet angle of 10°, Z-shaped Q-H-curves 
were not measured, [13.47]. 

When the gas content at given operation conditions is continuously increased, 
the pumping limit or gas-locking announces itself by growing fluctuations of 
power, pressure and flow. Low-frequency surging becomes audible when the gas 
content is raised until large fluctuations of the flow rate occur. Observing the flow  
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Fig. 13.18. Influence of air content on the characteristics of a single-stage volute pump 
nq = 23; ρ′/ρ″ = 700; oil viscosity 18 mm2/s; h*= H/Hopt [13.37] 
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at the pump inlet, momentary stagnation of the fluid is recorded. When finally 
gas-locking occurs, the flow in the suction pipe stops and the impeller operates as 
against a closed discharge valve with liquid gathering near its outlet (similar to the 
operation of a dynamic seal). 

Figure 13.19 shows two-phase multipliers for work transfer (or head) calcu-
lated as per Eq. (T13.3.11) for single-stage pumps with radial impellers (the test 
data are from various sources). The strong influence of the density ratio DR is 
clearly demonstrated. The scatter is (among other effects) due to different opera-
tion points and different geometries. In a similar way Fig. 13.20 gives two-phase 
multipliers for work transfer for multi-stage pumps with radial impellers. The data 
were derived from [13.7] for a 3-stage pump with air/water mixtures and from 
[13.48] for an 8-stage pump with fuel-oil/CO2 and air/water mixtures (both pumps 
had specific speeds near nq = 26). Multi-stage pumps perform better than single 
stage pumps, since the gas is compressed successively as it progresses through the 
stages (thereby reducing the void fraction and the density ratio). 

Since flow patterns and energy transfer depend on the geometrical shape of the 
hydraulic components and the fluid properties, the data in Figs. 13.19 to 13.21 can 
be used only for a rough assessment of two-phase performance. Note also that f  
is plotted against the inlet void fraction. Alternatively, the averages of void frac-
tion, density ratio and q* could be used for correlating the 2-phase multipliers. 
This procedure would be more meaningful to capture the effects of the gas com-
pression within the pump when the number of stages or the tip speed u2 are varied. 

For lack of more precise data the multiplier for efficiency is assumed to be the 
same as for the head, hence f  = f . 

At high gas contents the operation range becomes narrow and flow instabilities 
can jeopardize reliable operation. It is therefore necessary to limit the selection of 
pumps with conventional radial hydraulics to a maximum GVF which depends on 
the density ratio. Figure 13.21 proposes tentative limits for single- and multistage 
pumps. Note that the head multipliers in Figs. 13.19 and 13.20 were calculated 
from the various test data by applying the formulae in Table 13.3. Therefore, the 
calculations include the isothermal compression of the gas. 

The head breakdown at partload is caused by flow separation and recirculation 
where gas may be locked in a recirculation zone. Gas-filled zones are likely to 
lead to premature stall, possibly because the flow cannot follow the high decelera-
tion downstream of a gas pocket. The head breakdown at high flow may be 
caused by gas accumulations near the impeller or diffuser throat causing accelera-
tion of the liquid. Whether the Mach number has an influence on the head break-
down remains to be demonstrated. If this were the case, a limit should be reached 
when increasing the rotor speed; but doing so actually improved performance. 

If the gas/liquid density difference is high (say ρ′/ρ′′ > 150) or the inlet pres-
sure is low, the following limits apply to radial pumps without special design fea-
tures for improving two-phase performance: 

• Up to 2% gas volume (α = 0.02) virtually no performance impairment is ex-
pected for q* < 1.2. 
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Fig. 13.19. Two-phase multiplier for head of single-stage pumps with radial impellers 
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Fig. 13.20. Two-phase multiplier for head of multi-stage pumps with radial impellers 
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Fig. 13.21. Tentative limits for maximum allowable gas volume fraction for conventional 
radial impellers. Density ratio: DR  ρ′/ρ″; gas volume fraction: GVF   
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• Gas-locking is to be expected at α = 0.05 to 0.08; rarely up to 10% gas can be 
pumped. With gas contents above 5%, the possible operation range is narrow 
and the drop in head and efficiency is quite high, Figs. 13.17 and 13.18.  

• The gas handling capabilities of semi-open impellers are better than those of 
closed radial impellers due to the mixing action of the gap flow (discussed in 
detail above). 

• In multistage pumps the gas volume fraction decreases from stage to stage due 
to the successive compression of the gas. Unless the first stage becomes gas-
locked, multistage pumps can tolerate more gas than single-stage machines, 
Fig. 13.21. 

• Tests with an axial pump (nq = 157) showed a similar performance impairment 
as that in Fig. 13.17 (nq = 26), [13.12]. 

With decreasing liquid to gas density ratio DR the gas handling capability of a 
given pump improves. As a very rough estimate it can be assumed that the limit-
ing gas content follows the proportion αlimit ~ (ρ′′/ρ′)0.5. This assumption allows 
an assessment in the domain of ρ′/ρ′′ > 100 of how a pump would behave with 
different gas densities. According to the above proportionality, the pump from 
Fig. 13.17 would have with ρ′/ρ′′ = 120 and α = 0.067 a characteristic similar to 
the curve for α = 0.04 and the pumping limit might rise from α = 0.06 to α = 0.1. 

By venting gas from the impeller sidewall gaps and from the impeller itself 
(through holes drilled into front and rear shrouds) gas volume fractions up to 65% 
could be pumped as claimed in [13.11]. 

During tests with air/water mixtures on a 22-stage semi-axial pump gas volume 
fractions above 50% could be pumped with a density ratio DR = 106, [13.41]. 

The gas-locking observed with radial impellers suggests that the two-phase 
multiplier for the specific work drops to zero when a critical GVF is exceeded. 
The data in Figs. 13.18 and 13.20 point into the same direction. At very high gas 
mass content, say at x > 0.5 (GVF close to unity) radial impellers are a again able 
to transfer energy when working in the range of droplet flow patterns. This is the 
domain of wet gas compressors, where the gas works as a carrier fluid that en-
trains the liquid in the form of droplets and films. Just like compressors, such ma-
chines need high impeller tip speeds in order to achieve an acceptable pressure 
rise. The allowable speeds are limited by droplet erosion (as observed in wet 
steam turbines). 

13.2.5 Helico-axial multiphase pumps 

Multistage “helico-axial“ pumps were developed for pumping mixtures of oil, 
natural gas, water and sand with gas volume fractions from zero to 97% or even 
above, [13.14 to 13.18]. The impellers have a very high hub ratio dn*, which in-
creases from the inlet to the outlet, Fig. 13.22. The blading resembles that of an 
inducer with very low blade height. Downstream of the impeller, a diffuser decel-
erates the flow and deflects it into an essentially axial direction. The diffuser hub 
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ratio decreases from inlet to outlet in order to match the impeller inlet of the sub-
sequent stage. Special shaping of the hub and the blades limits the detrimental ef-
fects of phase separation so that an acceptable pressure rise is achieved even with 
high gas content. There is a flow through the gap between the impeller blades and 
the casing. An annular seal at the hub limits the back-flow around the diffuser. 
Figure 13.23 shows an 11-stage pump of this type. The inlet nozzle is on the left 
and the discharge nozzle on the right in the figure. The large hub diameter ratio 
gives a stiff rotor. This is necessary for mastering the vibration behavior of the 
machine because the annular seals lose much of their damping in two-phase flow. 
A balance piston reduces the axial thrust and the pressure at the mechanical shaft 
seal. The residual thrust is taken by a high-capacity axial bearing which can be 
seen on the far right of the figure. 

Just as for compressors, the stage geometry must be adapted to the actual mix-
ture flow rate at the stage inlet. Different stage groups of impellers/diffusers are 
therefore mounted on the rotor as can be seen in Fig. 13.23.  
Two-phase multipliers: Tests in [13.18] show the two-phase multipliers that can 
typically be achieved with helico-axial pumps. The measurements were done with 
a 13-stage machine with speeds up to 6600 rpm.1  

Figure 13.24 shows the two-phase multipliers fψ = f(α, DR = ρ′/ρ′′) of the 
work coefficient derived from tests with diesel oil and nitrogen. These multipliers 
were calculated for isothermal compression similarly to Table 13.3. The measur-
ing points (omitted in Fig. 13.24) exhibit a scatter of roughly ± 15% around the 
curves which were extrapolated to the theoretical limits fψ = 1 at α = 0 and α = 1. 

In order to achieve a more general representation of the data, the curves in 
Fig. 13.24 were plotted with the density ratio DR as a parameter (rather than the 
inlet pressure used in [13.18]). The test results show that the highest impairment 
of the work coefficient is observed in the range of α = 0.83 to 0.86, where phase  

Inlet 

Shaft Impeller Diffuser

Stage 

 

Fig. 13.22. Semi-axial stage of a multi-phase pump, [13.18] 
                                                           
1 Maximum tip speed in these tests was 86 m/s. The first group of 8 stages had impeller di-

ameters of 250 mm, the last 5 stages were 232 mm. 
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Fig. 13.23. 11-stage multi-phase pump for oil-gas mixtures, motor 6000 kW, Sulzer Pumps 
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Fig. 13.24. Two-phase multipliers for the work coefficient measured on pumps according 
to Figs. 13.22 and 13.23. Parameter is the density ratio DR = ρ′/ρ′′, [13.18] 
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Fig. 13.25. Two-phase multipliers for the work coefficient. Same data as in Fig. 13.24 but 
plotted against gas mass content x. Parameter is the density ratio DR = ρ′/ρ′′ 
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separation effects are apparently most severe (this finding is specific to the pump 
investigated). For α > 0.9 the two-phase multipliers raise steeply towards fψ = 1.0 
at α = 1.0, because the phase distribution becomes increasingly homogenous as 
droplet and mist flow patterns develop. With small gas volume fractions and high 
density ratios a rather homogenous bubbly flow can be expected, because work 
transfer is little impaired when comparing to single-phase liquid flow. 

Figure 13.25 shows the same data as Fig. 13.24, but plotted against the mass 
gas content x instead of the gas volume content . Comparing these two figures it 
is seen that phase separation (or the performance minimum) is controlled by the 
volumetric rather than the mass gas content. Conversely, the domain with droplets 
in a gas stream is best correlated by the gas mass content because the ability of the 
“carrier fluid” (the gas stream) to transport droplets is directly proportional to the 
gas mass flow ρ′′×Q′′. 

For lack of more precise data the multiplier for efficiency is assumed to be the 
same as for the head, that is f  = f . 
Stability limit: Since the gas phase is compressible, all two-phase pumps experi-
ence a flow rate below which pumping tends to become unstable. As with com-
pressors there is a “surge limit“. Low-frequency fluctuations of power, pressures 
and flow as well as increased vibrations are the consequences. The level of vibra-
tions and fluctuations depends on the pressure rise provided by the pump and the 
dynamic properties of the system in which the pump is operating. Although the 
multiplier for useful specific work f  and the pressure rise may become quite 
small at high density ratios, gas-locking has not been observed in testing or opera-
tion of helico-axial multiphase pumps. 
Two-phase pump characteristics: Figure 13.26 shows the characteristics of a 
multistage helico-axial two-phase pump at speeds between 4000 and 6000 rpm. 
Pressure and gas volume fraction at the inlet are constant. The upper boundary of 
the operational field is given by the surge limit, the lower boundary by the maxi-
mum flow. The steepness of the curves at constant rotor speeds grows strongly 
with the absolute value of the speed because the void fraction and density ratio 
throughout the pump decrease with rising compression (i.e. growing speed). The 
graph demonstrates that the similarity laws cannot be applied to the whole pump. 
The apparent deviation from similarity increases with the compression of the mix-
ture. At the upper boundary of the operation range where compression is highest, 

p ~ n3.3, at the lower boundary only p ~ n1.9. With a growing number of stages 
and other factors apt to increase the compression the speed exponents get higher. 
Figure 13.27 shows the characteristics of the same pump as in Fig. 13.26 at con-
stant speed and inlet pressure. The gas/liquid ratio is varied between GLR = 2 
to 15. With increasing gas content the achievable pressure rise drops drastically 
and the allowable operation range narrows because the stages are not adapted to 
the low compression achieved at high GLR.  

 
 



786      13 Influence of the medium on performance 

0

20

40

60

80

100

120

140

0 50 100 150 200 250 300

Liquid flow [m3/h]

P
re

ss
ur

e 
ris

e
 [b

ar
]

n = 4000 rpm
n = 4500 rpm
n = 5000 rpm
n = 5500 rpm
n = 6000 rpm
3100 kW
2300 kW
1500 kW

 
Fig. 13.26. Characteristics of a two-phase pump at constant GVF and inlet pressure  
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Fig. 13.27. Characteristics of a two-phase pump at constant speed and inlet pressure 

13.2.6 System curves 

As with single-phase flow, the operation point of a two-phase pump is given by 
the intersection of the system characteristic with the Q-H-curve at constant speed.  
In two-phase flow both the system and the Q-H-curves depend on the gas content 
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(GVF) and the gas and liquid properties. For a given pump in a given system we 
therefore find an “infinite number” of pump and system characteristics as illus-
trated by Fig. 13.28. Two systems are here considered: 

A. A recirculation mode, where the pump returns the mixture to the suction res-
ervoir, system curve 1 in Fig. 13.29. In this system the pump has to overcome 
only the pressure drop in the suction and discharge piping, i.e. the system 
characteristic has no static head. Deviations occur when the average densities 
in the suction and discharge pipes are not identical due to differences in the 
gas contents in any vertical sections of the piping.  

B. The system curve has a static component (curve 2 in Fig. 13.29) when the 
pump injects the mixture into a discharge plenum at a higher geodetic location 
and/or at a higher pressure. 
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Fig. 13.28. System curves with different gas contents 
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Fig. 13.29. Impact of system curve on performance in two-phase flow 

Consider the behavior of the pump with reference to Fig. 13.29: If the system 
curve has no static head (curve 1), it is more likely to find intersections with the 
two-phase performance curves of the pump for the various GVFs. However, the 
higher the static head of the system curve, the less will the pump be able to meet 
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the system demand, as demonstrated by curve 2. There is no intersection between 
system and two-phase performance curves at higher GVF. At very low flow, sys-
tem curve 3, or very high flow, curve 4, there is no intersection between any sta-
ble performance curve and the system characteristics either. 

A system curve may have two intersections with the performance curve of a 
given GVF as shown by points “a” and “b” on curve 2. This operation is unstable: 
either the pump works at point “a” or “b”, or the GVF in the impeller fluctuates 
(somewhere between 0.03 and 0.04 in the example of Fig. 13.29). Unstable opera-
tion would also occur if the system curve (with or without static head) twice inter-
sects the curve which delineates the head breakdown. This situation is shown by 
the system characteristic plotted in Fig. 13.18. 

Two-phase pump testing is usually done in closed loops with system curves 
made up only by the pressure drop in the test loop as curve 1 in Fig. 13.29. This 
should be borne in mind when transferring test data to configurations with a static 
head as in curve 2. 

The above discussion is mainly relevant for radial pumps. Multistage helico-
axial pumps are not known to have a restricted stable flow rate, but the minimum 
flow or the “surge limit” mentioned above must be observed. 

The system characteristics 1 to 4 in Fig. 13.29 are found in short pipes, e.g. on 
a test bed or in a process plant. Long pipelines behave differently because they 
can store liquid and gas due to the compressibility of the gas. If the flow rate of 
the pump changes momentarily due to some disturbance V = Q× t, the pres-
sure in a long pipeline changes by the ratio (V + V)/V, where V = ¼× ×d2×L is 
the volume in the pipe. In long pipelines this ratio is close to 1.0.  

The system characteristics are then time-dependent: If flow deviations are 
short-term, the system curve is horizontal and the operation point shifts on a hori-
zontal line when the flow through the pump changes (e.g. due to variations in the 
GVF). In other words: when the transit time TTr = L/cmix through a pipeline is long 
compared to the time of a perturbation of the flow through a multiphase pump, the 
momentary system curve is virtually horizontal due to the compressibility or iner-
tia of the pipeline. In such a case it would be impossible to control the pump 
speed from a pressure rise set point. For a long-term change in the flow (with 
t >> TTr) the system curve essentially follows the square law with possible devia-
tions due to variations in flow patterns. 

13.2.7 Slugs and gas pockets 

Because of variations in the composition of the two-phase mixture over time, a 
variable speed drive is normally selected. If the gas content rises, the speed is in-
creased in order to achieve the required pressure difference. If the liquid content 
increases, the rotor speed is reduced accordingly.  

When the pump is operated with high gas content at high speed and the liquid 
flow rate increases suddenly due to ingress of a liquid slug, the pump may be at 
risk due to shock loading of the blades and a sudden increase in torque. Slugs al-
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ternating with gas pockets lead to cyclic loading of the pump and driver. Gas 
pockets of moderate size could lead to gas-locking which would trip the pump. To 
avoid such problems, “buffer tanks” of various designs are used. The principle is 
described in [13.54] and briefly discussed below with reference to Fig. 13.30.  

The two-phase mixture enters the tank through a “slug breaker” in order to 
avoid damage to the internals of the buffer tank as could be caused by the kinetic 
energy of slugs entering the tank. The slug breaker may be a short cylinder with a 
number of holes which break up the incoming flow into small jets. The mixture 
enters a stilling chamber; gas and liquid separate to a large extent in the tank. One 
or more intake pipes draw liquid and gas out of the tank and lead the mixture to 
one or more pumps. The intake pipe has one or several rows of holes (or slots) 
and is open on the top or has large gas openings near the top of the tank. The liq-
uid level forming in the tank depends on the gas and liquid flow rates.  

The liquid enters the intake pipe through those holes which are below the vari-
able liquid level while the gas enters the intake pipe through the openings at the 
top and through those holes which are above the liquid level. In this way, the liq-
uid and gas streams fed to the pump are mixed in the intake pipe.  

The liquid enters the intake pipe by gravity and by an ejector effect caused by 
the pressure drop created by the gas flow. The ejector effect increases with rising 
gas flow rate. An empirical correlation derived from tests is used for the intake 
pipe design and for predicting the liquid level under various operating conditions. 

When a liquid slug enters the tank the liquid level rises and the liquid flow rate 
increases. When a gas pocket enters, the liquid level and the flow rate drop. The 
ability of the buffer tank to smooth out process fluctuation increases with the sur-
face area of the liquid level AL since the increase in liquid level zL caused by a 
liquid slug of the volume Vslug is given by zL = Vslug /AL. 

Properly calibrated, the buffer tank arrangement allows to determine the liquid 
and gas flow rates. An orifice or a venturi tube is installed in the discharge pipe of 
the pump in order to accomplish this (for details see [13.54]).  

 

 
Fig. 13.30. Buffer tank, [13.54] 
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Measuring the pressure rise generated by the pump, the power absorbed at the 
coupling and the rotor speed, provides another way to estimate the liquid and gas 
flow rates. The measured quantities allow an iterative performance calculation ac-
cording to the equations given in Table 13.3, which yields the gas content and liq-
uid flow rate, hence the actual operation point in the performance map as per 
Figs. 13.26 and 13.27. 

13.2.8 Free gas, dissolved gas and NPSH 

The performance impairment induced by two-phase flow can be caused by three 
different effects: (1) free gas; (2) separation of dissolved gas from the liquid; 
(3) generation of vapor in zones where the local pressure drops to the vapor pres-
sure (this process is known as “cavitation”).  

In a two-phase pump, free gas (as given by the gas volume fraction at the inlet 
nozzle) is dominating. The presence of free gas implies that the liquid is virtually 
saturated with dissolved gas. Part of the void is made up by vapor according to 
Dalton’s law stating that the total pressure in the gas is the sum of the partial gas 
and vapor pressures p = pgas + pv, appendix A3. The vapor pressure is determined 
from the liquid temperature. When the flow enters the impeller, the gas expands in 
the low-pressure zone (Fig. 6.5) according to the gas law p×V = m×R×T, some gas 
comes out of solution according to Henry’s law and a tiny quantum of liquid 
evaporates. When the two-phase multipliers are determined by experiment, all 
these effects are present in the pump; they are accounted for by the measurement 
and the multipliers derived thereof. Any gas separation due to pressure losses up-
stream of the impeller can be calculated according to appendix A3 and added to 
the free gas content if deemed necessary. 

When a NPSH-test is performed on a centrifugal pump with water, the suction 
pressure (or NPSHA) is successively reduced, Chap. 6.2.5, Fig. 6.9. Vapor bubbles 
are generated at the impeller inlet below a specific inlet pressure (corresponding 
to the NPSHi). As the inlet pressure is reduced further, the vapor volume (void 
fraction) increases till performance is impaired. Finally the head “breaks down” 
and the flow through the pump is disrupted when the impeller channels are largely 
filled with 2-phase flow; the pump becomes “vapor-locked”. Note that the density 
ratio is very high in cavitation tests carried out with water (at 20 °C we find 
DR = 57’800 and at 180 °C DR = 172). This highlights the drastic loss in per-
formance observed in extended cavitation. 
In contrast, a two-phase pump is designed for continuous operation in two-phase 
flow – a situation which corresponds to a liquid pump working under full cavita-
tion conditions. If a two-phase pump were subjected to the same type of testing as 
done to determine the NPSH-required of a liquid pump, a continuous drop of the 
pressure rise (head) would be expected, since the void fraction grows as the inlet 
pressure is reduced. Nevertheless, performance may be poor because of the low 
vapor density.  
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Fig. 13.31. “Suction test” with liquid pump versus two-phase pump and compressor  

Figure 13.31 explains the behavior of a two-phase pump in such a test as com-
pared to the NPSH-test of a liquid pump according to Fig. 6.9. In the tests de-
picted in Fig. 13.31 the speed and the total volumetric flow rate are kept constant 
while the inlet pressure is reduced. In contrast to liquid pumping, the density does 
not remain constant in two-phase pumping. Consequently, the pressure rise of a 
pump in two-phase flow degenerates continuously as soon as the inlet pressure is 
reduced, even when starting the tests at a very high pressure. The behavior de-
scribed is similar to that of a compressor tested at different inlet pressures. Ac-
cording to Eq. (T13.3.29) the pressure ratio p2/p1 of a given compressor at a given 
speed is (theoretically) constant. The pressure difference p = p2 - p1 is then pro-
portional to the inlet pressure as shown by Fig. 13.31.  

In contrast to liquid pumping, the vapor (making up a fraction of the void as 
given by its partial pressure) does not condense or “collapse”. Hence there is no 
possibility for bubble implosion and cavitation erosion. Actually the fluid tem-
perature rises in gas-liquid pumping due to the compression of the gas and due to 
losses. This causes some liquid to evaporate. As a consequence, the terms of cavi-
tation, NPSH or suction specific speed are meaningless for gas/liquid pumping. 

13.3 Expansion of two-phase mixtures in turbines 

13.3.1 Calculation of the work transfer 

In various chemical engineering processes, fluids containing dissolved or undis-
solved gases are expanded from a higher to a lower pressure level (some applica-
tions are described in [13.19 and 13.20]). If the energy released by this process is 
sufficiently large, it may be worthwhile to expand the fluid in a pump operating as 
a turbine. In this way up to 80% of the mechanical energy can be put to use which 
otherwise would be dissipated into heat in a throttle valve. If standard pumps are 
employed, the investment costs can be relatively low. Therefore, energy recovery 
deserves consideration even when the available hydraulic power is moderate. 

A two-phase flow is established in the turbine if the liquid contains free gas, if 
dissolved gases come out of solution or if part of the liquid evaporates during the 
expansion on reaching the vapour pressure. As the gas contained in the fluid is 
expanded, additional energy is released in comparison with incompressible flow. 
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An exchange of momentum between the gas and the liquid causes higher losses. 
The higher the gas content, the more energy (or “head”) is therefore required at 
the turbine inlet to pass a given volume flow rate through the machine. Thus the 
flow resistance grows and the turbine characteristic is altered with increasing gas 
volume fraction of the working fluid. 

In a turbine a pressure difference in the flow direction is established between 
the inlet and the exhaust nozzle. Consequently, the buoancy effect discussed in 
Chap. 13.2 tends to accelerate the gas in the direction of the flow. In contrast to 
operation in the pumping mode, no gas-locking is possible – even with high gas 
content. Apart from a possible Mach number limit, phase separation problems do 
not restrict the stable operation of a turbine: “the gas is always blown through the 
machine”, albeit with high losses and possibly little useful work. 

Figure 13.32 shows the characteristics of a 3-stage pump with nq = 22 operat-
ing as a turbine. The tests were executed with an air/water mixture and a back 
pressure of 1 to 8 bar. The curve x = 0 represents pure water flow; the curves with 
various gas mass contents (x > 0) apply to two-phase flow. At a constant volume  
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Fig. 13.32. Dimensionless turbine characteristics with a counter pressure of 1 bar, [13.8] 
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flow rate (ϕ = constant) the work coefficient ψ rises with increasing gas content, 
while the efficiency drops owing to the additional losses. With growing gas con-
tent the efficiency optimum shifts towards higher volumetric flow rates, probably 
because phase mixing is better at higher flow velocities. 

Similar characteristics were measured at higher pressure levels; but the curves 
for the same gas contents as in Fig. 13.32 come closer together. Estimating the 
hydraulic efficiency from ηh = η0.5 at a given flow coefficient, it is found that the 
theoretical heads ψth = ψ×ηh are nearly the same at x = 0 and x > 0. This means 
that the velocity triangles are not changed in two-phase flow as compared to sin-
gle-phase flow. 

As in Chap. 13.2.3, the method to calculate the turbine characteristics with two-
phase flow is based on the concept of an isothermal flow and on two-phase multi-
pliers derived from the tests mentioned. The equations listed in Table 13.3 can 
fully be applied by analogy, [13.8] and [13.13]; they are expressed for turbine op-
eration in Table 13.4. 

As when operating in the pumping mode, head coefficient and efficiency in tur-
bine operation depend on the gas content and the density ratio. To arrive at a gen-
erally valid presentation of the test results and to enable performance predictions 
at any other conditions, two-phase multipliers were calculated in [13.8] using 
Eqs. (T13.3.11 and 13.3.12). All measuring points can be represented as functions 
of the aerage gas volume fraction – regardless of the density ratio or the operating 
point on the characteristic. The results are given as fψ = f(α) by Eq. (T13.4.9) and 
fη = f(α) by Eq. (T13.4.10). The scatter of the measured data points around these 
correlations was only ± 4%. The domain of validity of Eqs. (T13.4.9 and 13.4.10) 
is given by the range covered by the test data listed in Table 13.4. It is interesting 
to note that the additional losses caused by two-phase flow are virtually independ-
ent of the turbine operating point – quite unlike what is seen in pumps. 

13.3.2 Prediction of turbine characteristics for two-phase flow 

Starting from a measured or calculated turbine characteristic for single-phase 
flow, the turbine characteristics can be predicted for any liquid/gas mixture with 
gas contents up to α1 = 0.75 at the turbine exhaust by means of the equations 
given in Table 13.4. If gas separates from the liquid during the expansion, it is ad-
visable to calculate the expansion stage by stage. This may be done by iteration 
because the amount of gas after each stage is unknown. A similar procedure has to 
be applied if part of the liquid evaporates in the turbine. However, with highly de-
veloped evaporation the expansion ceases to be isothermal. In that case suffi-
ciently small calculation steps must be chosen for the assumption of quasi-
isothermal flow per step to be justifiable. The drop in temperature can also be es-
timated from Eq. (13.19a). 

The process of gas desorption is controlled by diffusion. During the very short 
transit time of a fluid particle through the turbine, solution equilibrium may usu-
ally not be expected. Considerable uncertainties of performance prediction can re-
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sult from not knowing the magnitude of this delay. For the design of a two-phase 
expansion turbine to be reliable, it must be ascertained how quickly the solution 
equilibrium establishes itself when the gas-saturated fluid is exposed to a pressure 
reduction. Because of this uncertainty, any guarantee of the performance data of 
an expansion turbine should be given for operation with pure water. In that way 
the performance test will be unambiguous. 

Formulae and solubility data for determining the amount of gas desorbing are 
given in Appendix A3. A factor  has been introduced into Eq. (A3.1) to account 
for a time lag in gas desorption;  = 1.0 applies to equilibrium (no time lag in the 
diffusion process) and  = 0 if virtually no gas desorbs in the short transit time of 
the turbine. Further details of such calculations can be found in [13.13]. 

In general, the following data are necessary for calculating a two-phase charac-
teristic: (1) Turbine characteristic of the selected machine for single-phase flow 
(x = 0); (2) At the design point of the turbine: the mass flows of the liquid and the 
gas, from which the gas mass fraction x ensues; (3) The temperature of the liquid; 
(4) Pressure p2 and gas content x2 at the inlet; (5) Pressure p1 at the outlet; 
(6) Number of stages zst and speed n. 
Determination of the impeller diameter and/or the number of stages: 

1. Calculate the mixture properties (Table 13.3) and the average gas density, 
Eq. (T13.4.1). Using the average gas density, the average volume flow rate of 
the gas is determined from Eq. (T13.4.2) and the mean gas volume fraction α 
from Eq. (T13.3.3). 

2. The specific work Yisot of the mixture is calculated by means of Eq. (T13.4.3); 
it corresponds to the total head g×H in incompressible flow. 

3. By dividing the available specific work Yisot of the mixture by the factor fψ and 
the number of stages, the equivalent head per stage in single-phase flow is de-
rived from Eq. (T13.4.4). 

4. Next, a curve nq = f(ϕ) is plotted into the characteristic ψSPL = f(ϕ).  
5. By means of the average mixture flow rate and the equivalent head, the specific 

speed nq,a is calculated for the design point considered, Eq. (T13.4.4a). 
6. The values ϕa, ψa and ηa can be read with nq,a for the considered design point 

from the curve nq = f(ϕ). By means of ψa the impeller diameter can be calcu-
lated from Eq. (T13.4.5). 

7. Efficiency and useful power with two-phase flow are calculated from 
Eqs. (T13.4.6 and 13.4.7). 

8. The number of stages and/or the speed may be changed in an iterative proce-
dure to optimize the selection of the machine. 

Determination of the turbine characteristics: 
When the size of the turbine has been selected in this way, all of its characteristics 
for two-phase expansion have to be determined. This calculation is simplified by 
treating the inlet pressure p2 as an independent variable and calculating that vol-
ume flow rate which passes the turbine at given values of p2, p1, x2, x1. For this 
calculation the gas mass content is considered constant. If the gas content grows  
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Table 13.4 Expansion of gas-liquid mixtures Eq. 
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Range of validity for Eqs. (13.4.9) and (13.4.10): 
Gas volume fraction at inlet 29.00 2 ≤α≤  
Average gas volume fraction  4.00 ≤α≤  
Gas volume fraction at outlet 65.00 1 ≤α≤  
Average gas mass fraction 0032.0x0 ≤≤  

Expansion ratio:   3.9
p
p

3.1
1

2 ≤≤  

Density ratio:           400
''
'80 ≤

ρ
ρ≤  

due to liquid evaporating or gas desorbing during the expansion, the average be-
tween inlet and outlet has to be inserted. The calculation can be done as follows: 

1. x2, x1, p1 are given for each point on the characteristic; p2 has to be chosen. 
2. Calculation of the mixture data and of the specific work Yisot according to 

Eq. (T13.4.3) 
3. Next, the equivalent head coefficient in single-phase flow, which is necessary 

for processing the mixture defined in step (1), is calculated from Eq. (T13.4.4). 
4. By means of ψSPL the flow coefficient ϕ and the efficiency ηSPL can be read 

from the single-phase characteristic. Using these values, the volume flow 
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Q = A2×u2×ϕ and the mass flow rate as well as the efficiency and power are cal-
culated from Eqs. (T13.4.6 and 13.4.7). 

5. For turbines, Mach number limits similar to those for pumps are to be expected 
(refer to Chap. 13.2.2). The sound velocity can be estimated by means of the 
equations in Table 13.3. However, no publications have been found, which re-
port on Mach number limits having been attained by a pump operating as a tur-
bine with two-phase mixtures. 

Note: Check gas separation in exhaust pipe of the turbine: if a large amount of 
gas separates there due to high pressure losses, the head available for the turbine 
is reduced and the expected power recovery may not be met. 

13.4 Hydraulic transport of solids 

Granular goods such as sand, gravel, coal, minerals and ashes can be transported 
as suspensions in a carrier fluid (mostly water) in pipelines. Economically this is 
particularly interesting when the material to be transported is processed as a sus-
pension, owing to mining, extraction or production methods. Centrifugal pumps 
are very appropriate for transporting solids; they are used for example in the min-
ing industry, for pumping ashes in power plants, as dredge pumps, and in flue gas 
desulphurization plants. 

Pumps for the hydraulic transport of solids (also known as “slurry pumps”) are 
two-phase pumps since they transport the phases solid and liquid. In principle, the 
same basic considerations apply as in Chap. 13.2 – with the important difference 
that both phases are virtually incompressible. The solid phase (subscript s) can ab-
sorb energy only in the form of kinetic energy; it cannot store it as static pressure. 
In the hydraulic transport of solids, the density ratio ρs/ρ is considerably less than 
in pumping gas-liquid mixtures: with coal it is roughly 1.5, with sand about 2.7, 
and with minerals it can be as high as ρs/ρ = 5. Consequently, segregation phe-
nomena are much weaker than in gas-liquid flows. However, segregation is gov-
erned by the laws discussed in Chap. 13.2.2, since the paths of the solid particles 
are determined by centrifugal, Coriolis, lift and drag forces. In radial impellers 
large particles, due to the Coriolis force, move towards the pressure surface of the 
blades (see Fig. 5.3), while smaller particles rather move towards the suction sur-
face. This is also evident just from considering the inertia of coarse grains. Con-
sequently, wear at the impeller outlet is especially severe on the pressure surface 
of the blades, Chap. 14.5.5. 

Downstream of the impeller in the volute casing coarse grains move on tangen-
tial paths because of their inertia. Particle motion is also strongly influenced by 
the drag acting on particles that move relative to the carrier fluid. Such a move-
ment can be characterized by the settling velocity ws,o of a particle in a stagnant 
liquid; ws,o can be calculated on the analogy of Eq. (13.15), it is given by 
Eq. (T13.5.7), [13.27]. 
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Due to density differences between solid and liquid, the flow paths of the parti-
cles deviate from the streamlines of the liquid. The resultant cross movement 
leads to additional losses because of an exchange of momentum between the solid 
and liquid phases. Further losses are generated by shock and friction between the 
particles and the solid walls (inlet, impeller and volute). As a result, head and effi-
ciency are impaired in comparison with water pumping. This loss can be de-
scribed (as in Chaps. 13.1 to 13.3) by empirical factors which are applied to the 
performance of the pump with water. The additional losses grow with a rising 
concentration of solid particles, the density ratio ρs/ρ and the grain size because 
the segregation tendency increases with these parameters. 

Many test results have been published from which correlations were derived 
for calculating the head and efficiency impairment in the hydraulic transport of 
solids, [13.23, 13.25 and 13.26]. Depending on the different solid-liquid mixtures, 
test conditions and specific speeds, the proposed correlations diverge considerably 
from one another. Theoretical calculation models have also been developed, 
[13.24] and [13.36]. In [13.24] for instance, the head reduction is calculated from 
an increased slip caused by the solid particles and from the additional losses in-
duced by shock and friction of the particles in the impeller and the volute. This 
calculation yields results similar to the empirical correlations from [13.25 and 
13.26]; hence it seems appropriate to investigate the influence that various pa-
rameters exert on the head. 

Solid particle transport is described quantitatively as per Table 13.5 by the fol-
lowing parameters: 

• The concentration of solid particles is given as volume concentration cv accord-
ing to Eq. (T13.5.2) or as mass concentration x according to Eq. (T13.5.3); 
these definitions correspond exactly to α and x in Table 13.3. The slip between 
the phases is not taken into account. Transport and volume concentration are 
thus assumed to be equal. This assumption is to some extent valid for pseudo-
homogeneous mixtures only; that is to say at high velocities or with fine-
grained mixtures. The coarser the particles and the lower the velocity, the more 
important is the phase slip (refer also to [13.45]). 

• The homogeneous mixture density is determined by Eq. (T13.5.4). 
• The settling velocity ws,o of any single particle in a stagnant liquid is a measure 

of the segregation tendency. It depends as per Eq. (T13.5.7) on the grain size, 
the density ratio, and the Reynolds-dependent drag coefficient of the particle. 
Since the solids pumped are usually described by a grain size spectrum, an av-
erage grain diameter must be chosen. The settling velocity falls with high sol-
ids concentrations because the particles affect one another as the concentration 
increases, Eq. (T13.5.8). Equation (T13.5.6) is valid for spherical particles; 
grains with sharp edges have higher drag coefficients. According to [13.38], 
drag coefficients calculated for spheres (having the same volume as the consid-
ered particle) must be multiplied by the following factors: octahedron 2.4; cube 
3.2; tetrahedron 4.7.  
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• Equation (T13.5.9) gives an empirical correlation for the head impairment 
which is described by the multiplier fH, based on [13.25]. According to this cor-
relation, the head impairment increases in proportion to the mass concentration 
of solids and, in a non-linear way, with the density ratio and the grain size. The 
correlation given in [13.25] was supplemented by adding the influence of the 
specific speed, which was derived from calculations published in [13.24].1 

• The efficiency impairment is described by a factor fη which is frequently as-
sumed to be equal to the factor fH, Eq. (T13.5.10). Other test results show fη to 
be a few per cent higher than fH, [13.26]. The tests in [13.40] also record a dis-
tinctly higher value for fη than for fH. Thus the increase in power consumption 
was less significant than would be expected from the higher density of the mix-
ture. This finding may be explained by the disk friction losses which do not in-
crease in proportion to the mixture density but are mainly caused by the fluid 
alone. In addition, the theoretical head could be lower because the solid parti-
cles are diverted less effectively than the fluid, meaning c2u,s < c2u. To demon-
strate this argument a term for the solids may be added to the momentum equa-
tion, Eq. (3.1), giving Mblade = ρ×QFluid×r2×c2u + ρs×Qs×r2×c2u,s at 1 = 90°. A slip 
between solid and liquid would seem quite plausible. 

• In contrast to Table 13.1, the correction factors fH and fη used for solids trans-
port are applied at constant flow rates, as shown in Figure “a” of Table 13.5 
(therefore fQ = 1). This assumption is only valid in a range where the additional 
losses are not significant enough for shifting the best efficiency point to lower 
flow rates. At fH << 1, it should indeed be expected that the BEP shifts to lower 
flow and thus fQ < 1 would apply. Some mixtures behave like highly viscous 
fluids; Q-H-curve and BEP then shift in a similar way as described in 
Chap. 13.1. 

• The factors fH and fη can be considered as more or less independent of the flow 
rate ratio q*. 

• In spite of the head impairment, the pressure increase in the pump is higher 
during hydraulic transport of solids than with pure water because the effect of 
the mixture density outweighs that of the losses, Eq. (T13.5.11) and figure “b” 
in Table 13.5. 

• If a fluid with a viscosity higher than that of water is used as carrier liquid (e.g. 
oil/coal transport), Eq. (T13.5.9) has to be adapted in such a way that the Rey-
nolds number Res resulting from a calculation with the settling velocity is used 
instead of the grain size ds. 

• A finely dispersed suspension with Res < 0.02 is calculated as a homogeneous 
flow with fH = fη = 1 with the homogeneous density as per Eq. (T13.5.4); an 
example for this are lime suspensions used for flue gas desulphurization. 

                                                           
1 In [13.23] a (quite unrealistic) exponent of 2.46 for the specific speed was derived from 

tests with nq = 27 and 30. Considering the scatter inherent to this type of measurement, it 
appears unwise to attempt on so narrow a test range to determine an exponent for extrapo-
lation to situations outside the tested range. The calculations in [13.24] produced a more 
plausible exponent for nq. 
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• The uncertainty of head prediction for hydraulic transport with appreciable sol-
ids concentration is estimated as roughly ± 0.2×(1 – fH). 

• The similarity laws listed in Table 3.4 are applicable to the hydraulic transport 
of solids. 

The correlation according to [13.25] was chosen because it represents a good av-
erage of the values given in various publications (comparisons are to be found in 
[13.23] and [13.24]). Furthermore, this correlation is backed up by tests with rela-
tively large pumps. The following parameters are covered by the test data: 
cv,max = 0.4; d2 = 370 to 710 mm; ρs/ρ = 2.64 to 4.6; nq = 25; n = 600 to 1300 min-1 
and ds = 0.17 to 1.3 mm. This parameter range is enlarged to nq = 17 and 
ρs/ρ = 1.48 when considering the equation in [13.26] which is very similar. The 
calculations in [13.24] seem to allow the extrapolation to grain sizes up to 25 mm. 

In [13.42] a correlation was derived from the test data reported by various 
authors (in total 850 measuring points). Here, the head impairment is proportional 
to the mass concentration x, Eq. (13.20):  

fH = 1 – kH         with       
313.0

2

s
64.0

s
H d

d1x705.2k −
ρ
ρ=  (13.20) 

All measuring points are within a range of ± 15% of the correlation; the aver-
age error in kH is 8% and the standard deviation is ± 0.6%. Once again fη = fH is 
the best approximation, even though the scatter of fη is slightly higher than with 
fH. The test data include the following parameters: ρs/ρ = 1.5 to 6.2; d2 = 210 to 
825 mm; ds = 0.03 to 27 mm; maximum mass concentration x = 0.66; n = 590 to 
1780 rpm; q* = 0.25 to 1.4. Equation (13.20) has the advantage that the pump size 
enters into the calculation. It appears from tests in [13.44] that with very large 
pumps (impeller diameter 2667 mm) head and efficiency were impaired by only 
5% at volume concentrations of as much as 50% (the grain size being 0.3 mm). 

Another empirical correlation for the calculation of the head loss kH caused by 
solid particles is Eq. (13.21) derived from [13.35] as quoted in [13.36]: 
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with fH = 1 – kH  nq,Ref = 11.8 
       for ds < 8 mm: ds,Ref = 1.43 mm; b = 0.8 

    for ds > 8 mm: ds,Ref = 0.2 mm; b = 0.4 
For a given application it is recommended to evaluate the head loss predicted 

from Eqs. (T13.5.9), (13.20) and (13.21); the resulting correction factors may be 
averaged and their range used for assessing the uncertainties. By means of 
Eq. (13.21) the effects of various design parameters on performance can be esti-
mated.  

The grain size spectrum has an important influence on the factors fH and fη. In 
[13.40] experiments were reported in which three different mixtures were tested.  
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Table 13.5 Hydraulic transport of solids Eq. 
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The correction factors fH and fη are applied at Q = constant, i.e. at fQ = 1.  
ρ = density of carrier fluid. Subscripts: s = solid       w = water        mix = mixture 
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The mixture with the highest particle density (yet with the same average grain 
size) caused the slightest head impairment, because the grain size spectrum con-
tained a high fraction of fine particles. The fine grains help with the transport of 
the coarser particles. The quicker the particles settle, the higher is their tendency 
to separate in the pump and the more the head is impaired. Having the same con-
centration and the same average grain diameter, a mixture with a broad grain size 
spectrum is easier to handle than a mixture with largely uniform grain size. The 
rheological properties of a suspension depend on the density of the mixture and 
the grain size spectrum with the effect that the mixture can behave either like a 
Newtonian or like a Bingham-type fluid. The equations for calculating the head 
impairment do not cover these effects. All of the correlations discussed above for 
calculating the head impairment apply to heterogeneous mixtures (“settling slur-
ries”) that behave like Newtonian fluids. Larger uncertainties of head prediction 
are to be expected for homogeneous mixtures (“non-settling slurries”), such as 
clay or slick, which exhibit non-Newtonian behavior. In these cases a correction 
for increased viscosity, as discussed in Chap. 13.1, is possibly necessary. 

The grain shape has an influence on slurry pumping as well: sharp-edged parti-
cles cause higher losses and, correspondingly, a higher impairment of the effi-
ciency than spherical solids. 

The more uniform the flow, the better the particles are able to follow the 
streamlines of the carrier fluid. Flow separations, abrupt changes of direction or 
strong secondary flows foster segregation. Hence a careful hydraulic design of 
impellers and volutes for slurry pumps brings two benefits: (1) The impairment of 
head and efficiency is reduced; (2) The effects of wear are mitigated since wear is 
very intense in zones with separated flow and vortices, Chap. 14.5. For these rea-
sons double-curvature blades are preferred to cylindrical bladings; they also show 
less head impairment. This effect is not taken into account in the correlations 
given above. 

Figure 13.33 shows a large dredge pump whose power exceeds 4000 kW when 
the mixture density is high. The double-walled casing of the pump makes it possi-
ble for the volute to be cast in a wear-resistant material that would be inappropri-
ate for pressure-bearing parts because of its brittleness. Moreover, the pressure-
compensated inner casing needs to be replaced only when it is worn down to a 
wall thickness of nearly zero. Adjacent to the impeller sidewall gaps the casing is 
protected by wear plates. As balance holes are not possible because of the risk of 
abrasion, the entire axial thrust is carried by a high-capacity taper roller bearing. 
Application guidelines:  

1. Solid particles are deposited in a pipeline whenever the mixture velocity falls 
below a critical velocity which can be estimated from Eq. (T13.5.14).1 The 
critical velocity rises with increasing settling velocity of the particles, hence 
with the grain diameter and the density ratio. To avoid deposits, the flow ve-

                                                           
1 Equation (T13.5.14) was derived from a graph in [13.28]; it is valid for particle diameters 

greater than 0.5 mm. With smaller particles the critical velocity is lower than predicted 
from Eq. (T13.5.14). 
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locity in the pipeline must be at least 0.3 to 0.5 m/s higher than the settling ve-
locity. The critical velocity depends on the length of the pipe and its inclina-
tion angle; therefore, Eq. (T13.5.14) can only give a first indication.  

2. In order to avoid solids settling in the pipe during operation with cmix < ccrit, 
pumps for hydraulic transport must not be operated at low flow rates. Another 
reason to avoid partload operation is the excessive wear generated by recircu-
lation. Since the system characteristic in hydraulic transport of solids shifts 
upwards, the operation point often shifts towards lower flow rates. However, 
this is not always the case: If the discharge pressure of the pump increases 
more than the resistance in the pipeline, the operation point will even shift to 
higher flow rates; such is the case when fine particles are pumped and fH is 
close to 1.0. For controlling/limiting the shift of the operation point, it is ad-
vantageous to use steep Q-H-characteristics in hydraulic transport. Centrifugal 
pumps operating in series are favorable in this respect. 

3. The rise in piping pressure loss caused by solids can be calculated according to 
[13.28] as follows: (1) The flow is considered homogeneous for Res < 0.02 
and pseudo-homogeneous for up to Res = 2; in this range Δpmix = Δpw×ρmix/ρ 
applies, similar to Eq. (T13.5.11). (2) For heterogeneous flows with Res > 2 
the pressure loss can be estimated from Eq. (13.5.13). However, for a pipe di-
ameter of 1000 mm this equation yielded pressure losses about 50% higher 
than the test results, [13.44]; so considerable uncertainties − depending on the 
plant configuration – are to be expected. 

4. Abrasive wear by solid particles determines to a large extent the selection and 
design of the pump, first of all the allowable impeller tip speed u2 and the 
choice of the material. Seals, replaceable wear plates and the shaping of the 
flow passages are further considerations. For fine grain sizes, rubber coated 
components or plastics (often polyurethane) are employed. For coarser parti-
cles, wear resistant alloyed cast iron, as listed in Table 14.7(5), is selected be-
cause rubber and plastics are no long-term match for the impingement energy 
of large grains. Abrasive wear is discussed in detail in Chap. 14.5. In that 
chapter further recommendations are given for the design of pumps for abra-
sive service and for limiting impeller tip speed, Chap. 14.5.5. 

5. As a consequence of wear the seal clearances widen and the leakage losses 
correspondingly increase (the calculation can be done according to Table 3.7). 
This problem can be avoided by the design shown in Fig. 13.33: the annular 
seal at the impeller inlet is replaced by a special seal into which clean water is 
injected as a barrier fluid. 

6. A widened annular seal that is several times the normal clearance not only re-
quires appreciably more power for a given useful flow but also increases the 
required NPSH3, because the impeller flow rate grows and the leakage through 
the gaps induces a higher pre-rotation. The NPSH-curve rises steeply and the 
possible operating range shifts towards lower useful flows as a consequence. 
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Fig. 13.33. Double-walled dredge pump, d2 = 2600 mm, n = 240 rpm, Qopt = 3.5 m3/s, 
Hopt = 67 m, nq = 19; IHC Holland 

7. The impeller blades – especially at the outlet – can suffer important material 
loss due to abrasion. With increasing operation time, extensive wear can im-
pair head and efficiency. Appropriate margins may then be indicated when se-
lecting the pump. 

8. Margins may also be required to cover variations of grain size and concentra-
tion during service. 

9. Since both the composition of the fluid to be pumped and the prediction meth-
ods are subject to uncertainties, a generous sizing of the motor is recom-
mended. 

10. A motor with variable speed allows a wide operation range and covers uncer-
tainties of production. V-belt drives are often used in the mining industry to 
adapt the speed to production requirements. 

11. For the hydraulic transport of solids mainly single-stage radial pumps with vo-
lute casings are selected. If the required head cannot be attained with one sin-
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gle pump, several units are arranged in series. Multistage pumps are not popu-
lar in slurry service because of problems with abrasive wear. 

The NPSH required is not appreciably affected by the presence of solid parti-
cles. However, when determining the NPSHA, it must be taken into account that 
the mixture density prevails in any vertical pipe sections. As an example, consider 
a suction dredger pumping a sand-water mixture of density ρmix, the inlet of the 
suction pipe being placed at a depth zwl below water level and the suction nozzle 
of the pump being placed at the level ze above the water. According to 
Eq. (T2.2.8) the NPSH available is calculated as: 
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Thus the height of the equivalent liquid column corresponding to the ambient 
pressure is reduced in proportion to the mixture density when compared to water 
pumping. In the considered case, moreover, the hydrostatic pressure gradient in 
the suction pipe is higher than in the surrounding liquid; this causes the NPSHA to 
decrease even more as given by the term with zwl in Eq (13.22). Thus the suction 
capacity is sometimes the limiting factor for the maximum solid particle concen-
tration that can be pumped. 

13.5 Non-Newtonian liquids 

In “Newtonian” liquids the shear stresses rise linearly with the velocity gradient 
according to τ = ρ×ν×∂w/∂y; they vanish at w = 0. All liquids not having this fea-
ture are termed “Non-Newtonian”. Various liquids can, even at rest (i.e. w = 0), 
sustain finite shear stresses, which increase linearly with the velocity gradient 
∂w/∂y when a flow is established (w > 0). Such fluids are called “Bingham liq-
uids”. Into this category fall paper stock and fine slurries with a high solids con-
centration whose rheology is different from that of heterogeneous mixtures, 
Chap. 13.4. 

In paper production, “stock” designates a suspension of cellulose fibers in wa-
ter. Since paper production involves a multitude of pumping tasks, “stock pumps” 
are a frequent application where Non-Newtonian liquids are transported. Stock is 
a 3-component, 3-phase mixture made up of water, solids and (unwanted) air. The 
solid substances, which eventually make up the paper, are cellulose fibers of 1 to 
3 mm length and a diameter of roughly 25 μm; their density is slightly higher than 
the water density. The mass concentration x, called “consistency”, defines the dry 
content of fibers in the mixture.  

Bingham liquids move in a pipe like a piston with an almost rectangular veloc-
ity profile with weak shear stresses in the core flow, but high wall shear stress. 
Such flow patterns are created since the axial pressure gradient in the pipe, which 
is responsible for the flow, presses some carrier liquid out of the mixture (similar 
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to squeezing a sponge). This liquid gathers near the pipe wall and acts like a lubri-
cating film between the wall and the pumpage.  

As mentioned above, Bingham liquids have a finite wall shear stress at w = 0. 
While the friction losses with water (or Newtonian fluids) in turbulent flow repre-
sent a parabola through the origin of a graph ΔH = f(w), paper stock exhibits a fi-
nite gradient ΔH/L at w = 0 which increases with the consistency, Fig. 13.34. 
With growing velocity the head gradient ΔH/L of stock approaches that of water. 
With low consistencies friction losses of stock can even be slightly lower than  

ΔH /L  

w [m /s] W ater 

x =  4  %  

x =  1  %  

 
Fig. 13.34. Friction losses ΔH/L per meter pipe length for paper stock; x = consistency 

with water, as sketched in Fig. 13.34. This improvement is explained by the for-
mation of the lubricating film mentioned above. 

The consistency varies during the different stages of the process. Up to consis-
tencies of 1% the rheology of stock is very similar to that of pure water. Centrifu-
gal pumps with closed impellers of normal design can therefore be selected for 
pumping stock with consistencies of up to 1.5%; no impairment of head or effi-
ciency is expected in such applications. These conditions are found in those 
pumps which transport the stock to the paper machine (called “fan pumps”). For 
obtaining a perfect paper quality, the stock must be fed very uniformly to the pa-
per machine. The allowable pressure pulsations are below 0.5% (peak-to peak) of 
the head, because otherwise the paper becomes cloudy. The head-capacity curves 
must be continuously rising towards shut-off without flat portions, in order to 
avoid low-frequency flow fluctuations. The measures listed in Table 10.2 are im-
plemented to achieve low pressure pulsations: blade number zLa ≥ 7, low blade 
loading, staggered blades to be applied when selecting double-entry impellers, and 
a very uniform approach flow to the impeller. The volutes are manufactured with 
high-quality surface finish in order to reduce turbulence.  

In the processing train of a paper mill, the stock is pumped between various 
vessels (“chests”) in order to accomplish the different steps of the process (e.g. 
de-inking). In this section the stock is maintained at high consistencies in order to 
reduce water and energy costs.  

For pumping stock with up to 6% consistency, open impellers with 3 to 5 
blades are used. Consistencies greater than 6% require special pump types. Fig-
ure 13.35 shows an example: the working principle of that pump is similar to that 
of a vortex pump. The ingestion of the stock into the pump is eased by a sort of 
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inducer (“screw feeder”) with three very long spiraling blades which reach into 
the chest. If air content and consistency are very high, air can be vented from the 
stuffing box chamber. The venting can be done by a pipe (as seen in Fig. 13.35) 
or through bores in the shaft. 

Depending on the type of stock, the process stage, and the particulars of the 
plant, stock contains relatively large amounts of dissolved and free air. The free 
gas occurs in the form of very fine bubbles suspended in the water and adsorbed 
on the fibers. The gas concentration therefore increases with the consistency and  

 
Fig. 13.35. Paper pulp pump for consistencies of 8 to 18%; Sulzer Pumps 

other ingredients in the stock, such as glue. Proper piping layout, such as feeding 
the stock below the liquid level into a chest, helps to reduce the air content. 

The gas content impairs pump performance in the same way as discussed in 
Chap. 13.2, notably Fig. 13.17. Suction capability is also reduced. Presumably it 
is the air content which is the main cause of the head impairment sometimes ob-
served in stock pumping. Therefore, the air content should be known when select-
ing a stock pump.  

With excessive air content the pump can become gas locked. A higher suction 
pressure eases the pumping due to the lower GVF and density ratio, as discussed 
in detail in Chap. 13.2. 
Influence of stock on pump performance: It can be considered as generally ac-
cepted that the power increases proportionally to the consistency. Pumping a stock 
of a consistency of 8% thus needs 8% more power than pumping water. The pos-
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sible influence of the consistency on the head depends primarily on the air con-
tent. Since impeller and volute design have an impact on the gas handling capabil-
ity and on the head impairment at a given gas content, it is difficult to give general 
rules. Furthermore, hydraulic losses increase with the length of the fibers. Since 
all of these parameters are usually not well known, the available information is 
sometimes contradictory. 

A correction factor to account for the head impairment as compared to water 
pumping has been derived from a graph in [B.15], Eq. (13.23): 
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This formula is valid for q* > 0.5 and consistencies x < 0.06. The correction fac-
tor fH is applied at constant flow rate (i.e. fQ = 1), as illustrated by the figure in 
Table 13.5. Presumably, Eq. (13.23) is valid for cases where the gas content is ap-
proximately proportional to the consistency. Unfortunately, no details are known 
about the impeller design and the test conditions underlying the data on which 
Eq. (13.23) is based. 

In contrast to Eq. (13.23), virtually no head impairment was measured at all 
with an impeller of the form “W” shown in Fig. 7.17 when pumping stock consis-
tencies between 1 and 10%. Similar types of impellers gave the same result. 
Sometimes even a slight improvement in head as compared to water pumping is 
observed (compare to Fig. 13.34). Such impellers have blades which are well ad-
vanced into the impeller eye, in particular at the inner streamline (hub).  

When appropriate impellers are selected and gas content is low, high margins 
on head are not necessary and should indeed be avoided since over-sizing of a 
pump would bring a number of disadvantages: larger pumps and motors, higher 
investment costs, part load operation leading to higher energy costs, higher main-
tenance and impaired reliability of the plant.  

As mentioned above, high consistencies require open impellers with scalloped 
rear shrouds (openings in the rear shroud as close as feasible down to the hub, 
Fig. 9.19). If semi-open impellers were used, the stock would “burn” or “bake” in 
the impeller sidewall gap because of insufficient heat removal. 

For pumping stock, single-stage volute pumps are almost exclusively selected. 
Large impeller trims should be avoided. The suction pipe should protrude into the 
chest; it must be as straight and as short as possible; its diameter should be one 
pipe size larger than the suction nozzle. If these rules are ignored, it will be diffi-
cult to bring stock with consistencies higher than 3% to the impeller. Complicated 
suction piping also presents the risk of dewatering the stock. If consistencies are 
high, the pump must take suction directly from the chest – as the case may be, us-
ing special devices as shown in Fig. 13.35. 

Abrasive particles in the stock will cause erosion. Due to the lack of turbu-
lence, the aspect of that kind of wear is unlike the wavy pattern shown in 
Figs. 14.19 and 14.20; the abrasion resembles rather a mechanical grinding proc-
ess. 
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Assembly of an axial split two-stage, double-entry water transport pump, 
Sulzer Pumps 

 

Pumping station 



14 Selection of materials exposed to high flow 
velocities 

Degradation or failures of materials due to fatigue, corrosion, abrasion and cavita-
tion erosion time and again cause costly problems to pump operators. This could 
be avoided in most cases by a careful material selection. Frequently one of two 
causes can be made responsible for a wrong material selection: (1) the corrosive 
properties of the liquid pumped are not clearly specified (or unknown), or (2) for 
cost reasons (competitive pressure) the least expensive material is chosen which 
appears just to be able to do the job. 

The severity of attack of pump components by fatigue, abrasion, cavitation and 
erosion corrosion increases exponentially with the flow velocity, but the applica-
tion limits of the various materials are not easily defined. They depend on the flow 
velocity as well as on the corrosive properties of the mediums pumped and the 
concentration of entrained solid particles, if any. Also, the alternating stresses in-
duced by pressure pulsations and rotor/stator interaction forces (RSI) cannot really 
be quantified. That is why the thicknesses of blades, shrouds and vanes are usually 
chosen from experience and engineering judgment. 

The present discussion of materials focuses on the interaction between flow 
phenomena and material behavior. To this end, some background information on 
corrosion and frequently used materials was deemed necessary, but a comprehen-
sive guide for material selection is clearly beyond the scope of this text.  

In this chapter methods are developed which foster a systematic and consistent 
approach for selecting materials and analyzing material problems in the field. 

Four criteria are relevant for selecting materials which are exposed to high flow 
velocities: 

1. The fatigue strength (usually in corrosive environment), since high velocities in 
pumps are inherently linked to high pressure pulsations, rotor/stator interaction 
forces and alternating stresses. 

2. Corrosion induced by high velocities, in particular erosion corrosion. 
3. Cavitation erosion, as has been extensively discussed in Chap. 6. 
4. Abrasion as metal loss caused by solid particles entrained by the fluid. 

Abrasion and cavitation erosion are primarily mechanical wear mechanisms 
which can, at times, be reinforced by corrosion. In contrast, corrosion is a chemi-
cal reaction between the metal, the medium pumped, oxygen and chemical agents. 
This reaction is always present – even if it is scarcely perceptible. Finally, the im-
peller tip speed can be limited by hydraulic forces or vibration and noise. 
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14.1 Impeller or diffuser fatigue fractures  

Fatigue fractures of impeller blades, shrouds or diffuser vanes can be avoided by 
applying the state of the art; they are rarely observed. In highly-loaded pumps, 
when ignoring basic design rules or applying insufficient care in manufacturing, 
this type of damage is nevertheless sometimes encountered. The main causes of 
fractures in vanes or shrouds include: 

• Too small a distance (gap B or ratio d3* = d3/d2) between impeller blades and 
diffuser vanes (Table 10.2). 

• Insufficient shroud thickness. 
• Deficiencies in quality: fillet radii between blades and shroud missing or too 

small, casting deficiencies, brittle material (insufficient toughness) caused by 
inadequate heat treatment. 

• Possibly, excessive pressure pulsations caused by the pump or the system, 
Chap. 10.3. 

• Resonances between an eigen mode of the impeller with a hydraulic or an a-
coustic excitation. There may also be a fluid-structure interaction between the 
impeller side plates and the flow in the impeller sidewall gaps.. 

The rotor/stator interaction and pressure pulsations discussed in Chap. 10 gen-
erate alternating stresses in the impeller blades and the shrouds as well as in the 
diffuser vanes. An accurate analysis of these stresses is almost impossible (even 
though the components can well be analyzed by a finite-element program) because 
the hydraulic loading of the impeller by unsteady pressure distributions cannot be 
defined. It depends not only on the flow in the impeller, the collector and the 
sidewall gaps, but also on acoustic phenomena and possibly on pulsations in the 
system (refer also to Chap. 10.3).  

In order to develop a consistent empirical procedure for assessing the loading 
of impellers and diffusers, for selecting vane and shroud thicknesses or for the 
analysis of damage, the model of a simple beam under a uniform load may be used 
as a starting point. Accordingly, the blades of closed impellers or diffusers are 
modeled by a beam clamped at both ends. Open impellers or diffusers are de-
scribed by a beam clamped at one end, but free at the other.  

The calculation according to Tables 14.1 and 14.2 is based on the following as-
sumptions1: 

1. Consider the last section of a blade at the impeller outlet as a beam clamped at 
both ends with a width of x = 5×e and the span L = b2 (e = nominal blade 
thickness without a possible profile). If the blade is profiled, an average blade 
thickness em is used to determine the section modulus; em is defined by 
Eq. (T14.3.3). 

2. The impeller blades are subject to a steady uniform load which is composed of 
the centrifugal force given by Eq. (T14.1.2) and the pressure difference acting 
on the blade (ψLoad) according to Eq. (T14.1.1). The hydraulic blade loading 

                                                           
1 Most of the formulae used for the stress analysis can be found in [14.1] 
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can be determined from the pressure distribution on the blade (e.g. by CFD). It 
is opposed to the centrifugal force, and ψLoad is consequently negative, 
Eq. (T14.1.5). In diffusers there is no centrifugal force, and ψLoad is positive. In 
the following ψLoad = 0.1 is assumed. 

3. The steady forces caused by the work transfer and centrifugal effects generate 
a mean stress σm according to Eq. (T14.1.6), which represents the maximum 
stress at the clamped ends. 

4. The pressure pulsations are a measure for the unsteady, alternating pressures 
acting on the considered blade section. The smaller the distance between im-
peller and diffuser, the higher are the pressure pulsations. According to the 
data reported in [10.1], Eq. (T14.1.3) may be used. The pressure pulsations ob-
tained correspond approximately to those measured in [10.10] at q* = 0.6. 

5. The fluctuating pressure creates alternating bending stresses σw according to 
Eq. (T14.1.7). The nominal stress obtained from Eq. (T14.1.4) must be multi-
plied by a notch factor αk in order to determine the peak stresses which are 
relevant for generating fatigue cracking. 

6. The notch factor is determined by two parameters:  
(1) The fillet radius rf between the blades and the shrouds. Equation (T14.1.7) 
provides αk = f(rf/e). If the fillet radii are unknown, the notch factor should be 
selected to αk = 2 at least. If the corners are almost sharp, set αk = 4. 
(2) The casting quality, notably casting defects. The resulting notch factors de-
pend on the size of the defect and its location relative to the casting surface. 
An accurate assessment of casting defects would require fracture-mechanical 
criteria and thus as a rule is not feasible. The following values may be as-
sumed: 
  poor casting quality:   αk = 4 
  average casting quality:    αk = 2 
  high-quality castings with rf/e > 0.5: αk = 1.5 

7. The allowable alternating stress σw depends on the mean stress σm according to 
Fig. 14.1. As per Eq. (T14.1.8) and Fig. 14.1, a safety factor against fatigue 
Sbw = 2 and a safety factor against forced rupture Sz have been introduced. 
These were selected according to the ultimate elongation of the material. The 
values used for the different materials are listed in Tables 14.11 to 14.16. 

 

Rm 
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σm 

Rm/Sz 

σbw/Sbw 

 
Fig. 14.1. Goodman diagram for determining the allowable stress amplitude  σw as function 
of the mean stress σm 
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8. If the alternating bending stress from Eq. (T14.1.7) is set equal to the allow-
able stress given by Eq. (T14.1.8) and if the mean stress from Eq. (T14.1.6) is 
introduced, the resulting equation can be solved for the allowable impeller tip 
speed u2,al. Using the pressure coefficients from Fig. 3.21, or Eq. (3.26), the al-
lowable head per stage can be calculated. 

9. The impeller shrouds are subject to centrifugal forces. A disk of constant 
thickness experiences the maximum tangential stress σt at the boundary of the 
center bore as given by Eq. (T14.1.10). Since the simple model of a disk of 
constant thickness cannot do justice to the complex stress distribution in an 
impeller, high safety factors Szz are required.1 These have been selected in 
view of the ultimate elongation, (see Tables 14.11 to 14.16). If Eq. (T14.1.10) 
is solved for u2, another limit for the impeller tip speed is obtained.  

10. If the impeller blades are subject to dynamic loading, the same must apply to 
the shrouds. Two kinds of dynamic loading are to be assumed: 
(1) When an impeller blade passes a diffuser vane, the pressure distribution in 
the impeller changes. This implies alternating pressures over the pitch t2 as 
shown by the figure in Table 14.2. 
(2) In addition, pressure pulsations can be generated by the flow in the impel-
ler sidewall gaps. Such pulsations can be caused by seal clearances varying 
over the circumference (eccentric rotor position), or when the shrouds and/or 
the casing are not machined, or by offsets between upper and lower casing 
halves of an axial-split pump. The pressure fluctuations may be reinforced by 
system influences, Chap. 10.3. 
The dynamic loading of the shrouds is assumed according to Eq. (T14.2.2). 

11. The static pressure in the impeller sidewall gaps pRs exceeds the pressure in the 
impeller channels pLa. The resulting pressure difference generates a steady 
bending stress σm in the shrouds. The difference between pRs and pLa is zero at 
the outer impeller radius and increases towards the center. It can be determined 
from Eq. (T14.2.5) which was derived from Eqs. (14.1 and 14.2). The pressure 
in the impeller sidewall gap is: 
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The pressure rise in the impeller channels is assumed to increase proportion-
ally to the radius from the inlet to the outlet. One can write: 
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According to Eq. (T14.2.6), r* may be assumed as the center of gravity of the 
triangle defined by t2 and a2, see figure in Table 0.2 for defining a2. Observed 
shroud fractures usually can be roughly described by this triangle. 
The steady loading of the shroud results from the difference between 
Eq. (14.1 and 14.2) as given by Eq. (T14.2.5). 

                                                           
1 Note the difference between Sz and Szz in the above discussion. 
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12. The pressure difference pRs – pLa generates a steady mean bending stress σm 
according to Eq. (T14.2.8). The equivalent span Läq between two blades was 
chosen as the average of t2 and a2: Läq = ½ (t2 + a2). It can be expressed by 
Eq. (14.2.7). 

13. The centrifugal forces generate stresses perpendicular to these bending 
stresses. Therefore they have been neglected. Alternatively, a combined stress 
could be used as σm in Eq. (T14.2.10). 

14. Similar to the calculation of the blades in Table 14.1, the allowable impeller tip 
speed relevant for the integrity of the shrouds can be calculated as given by 
Eq. (T14.2.11). It is determined by the fatigue strength of the selected material. 

The fatigue strength σbw (or endurance limit) depends on various parameters: 

• Peak stresses at changes in cross section or shape of a component have a large 
impact on the fatigue strength. These effects are captured by stress concentra-
tion or notch factors.  

• A specimen with a coarse surface has lower fatigue strength than a fine surface. 
The fatigue strength of an as-cast surface is about 30 to 50% lower than that 
measured on a polished specimen. 

• Material: ductile materials are better than brittle ones because peak stresses at 
the root of the crack are reduced by local plastic deformation. Highly loaded 
impellers, diffusers or shafts should therefore have a minimum ultimate elonga-
tion of A > 18% (preferably A > 25%). 

• Material defects (in particular in castings) impair the fatigue strength in a simi-
lar way as a notch. Cast materials often have lower fatigue strength than forged 
or wrought materials. The microstructure of a material should be homogenous 
with the finest possible grains in order to achieve optimum fatigue strength. 
Precipitations at grain boundaries are unfavorable. The effect of the grain size 
is illustrated by the example of Inconel 718 (Rm = 1300 N/mm2): the corrosion 
fatigue strength (CFS) at 108 cycles in sea water dropped from 400 N/mm2 to 
240 N/mm2 when the grain size was increased from 0.01 to 0.15 mm, [14.26] 

• Corrosion drastically reduces the fatigue strength. When using metallic compo-
nents in water, the fatigue strength is always impaired. Therefore the fatigue 
strengths measured in air must not be used without due correction for assessing 
stresses of components operating in water. In sea water the reduction of the fa-
tigue strength is considerable indeed. The fatigue strength increases with the 
resistance against local corrosion. 

• During fatigue tests in water or sea water, the endurance limit (the asymptotic 
region of the curve stress versus number of load cycles) is frequently not 
reached so that an extrapolation to an infinite number of cycles becomes very 
difficult. For example the tests reported in [14.26] did not allow to define the 
endurance limit of high-alloy steels and bronzes in sea water even after 108 load 
cycles. The polished specimens of the investigated materials failed at 108 cy-
cles, at stress levels which for stainless steels depended on the pitting index. 
Figure 14.2 shows test data at 107 and 108 load cycles. The strong influence of 
the corrosion resistance and of the number of load cycles can be appreciated 



814      14 Selection of materials exposed to high flow velocities 

from this data. The CFS of some types of bronze tested in [14.26] was in the 
range of σbw/Rm = 0.11 to 0.13 (including Ni-resist). 

• The residual stresses in a component should be as low as possible. Residual 
tensile stresses (e.g. induced at the surface by grinding) lower the fatigue 
strength. Residual compressive stresses near the surface (e.g. from shot peen-
ing) increase the fatigue strength. 
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Fig. 14.2. Corrosion fatigue strength CFS of polished stainless steel specimens in sea wa-
ter. The pitting index is defined by Eq. (14.8). Rm is the ultimate tensile strength. 

Because of the various influence parameters discussed above, very different 
values of fatigue strength can be found in the literature for a given material. The 
data spread is mainly due to the test conditions. Therefore it is very difficult (if not 
impossible) to define meaningful values for the fatigue strength of impellers and 
diffusers. The fatigue strengths measured under various test conditions are by no 
means comparable. A ranking of materials by measured fatigue strength is only 
meaningful within a specific test series with strictly controlled test conditions.  

For calculating the allowable head shown in Figs. 14.3 to 14.7, σbw/Rm = 0.3 
was assumed. The corrosion fatigue strength (CFS) in sea water can be expected 
in the range of σbw/Rm = 0.12 to 0.15, but this level can only be attained with 
steels which are resistant to sea water, Chap. 14.4.2. 

The impeller tip speeds allowable for some commonly used types of materials 
were calculated from Tables 14.1 and 14.2 assuming the impeller outlet width ac-
cording to Eq. (7.1). With the pressure coefficients from Eq. (3.26), the allowable 
heads per stage at the BEP were then determined and plotted in Figs. 14.3 to 14.7. 
The following assumptions were made for these calculations and figures (they 
should well be appreciated when applying this information): 

1. The calculation applies to forced vibrations. They do not account for reso-
nances between impeller eigen modes and hydraulic or acoustic excitation 
phenomena. 

2. Impeller outlet width from Eq. (7.1); diffuser inlet width from: b3 = 1.15 b2 
3. Pressure coefficients from Eq. (3.26). 
4. Tensile strengths Rm are minimum values from Tables 14.11 to 14.16 
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5. Fatigue strength σbw/Rm = 0.3. This level of fatigue strength applies to fresh 
water and boiler feedwater i.e. water specifications W1, W2, W5 and W6 as 
defined in Chap. 14.4.1. It does not apply to sea water (W3 and W4). If 
σbw/Rm = 0.12 to 0.15 is assumed for sea water, the allowable head per stage is 
distinctly lower than stipulated by Figs. 14.3 to 14.7. 

6. Safety factor against fatigue fractures Sbw = 2 
7. Safety factor for the mean stress Sz from Tables 14.11 to 14.16 (Sz increasing 

with falling ultimate elongation). 
8. Safety factor against forced rupture under centrifugal forces in shroud Szz from 

Tables 14.11 to 14.16 (Szz increasing with falling ultimate elongation). 
9. Notch factor (stress concentration) αk = 2 
10. Relevant average impeller blade thickness ratio em* = 0.015; for diffuser vanes 

em* = 0.016; for shrouds eRS* = 0.0225 
11. Distance between impeller and diffuser vanes: d3* = 1.04 
12. Average vane loading: impeller: ψLoad = 0.1; diffuser ψLoad = 0.45 
13. Average pressure difference loading on the shrouds: ψRs = 0.1 
14. The allowable heads plotted in Figs. 14.3 to 14.7 are valid for the best effi-

ciency point. Higher loads at partload are covered by the safety factors. 

The safety factors selected above may appear as rather high. They are justified 
because the assumed loading is uncertain and the stress models used are very sim-
ple. Furthermore, the safety factors must cover off-design operation as well as 
casting defects and the inherent uncertainties of the corrosion fatigue strength. 
Figures 14.3 to 14.7 demonstrate the following facts: 

• The allowable head decreases strongly with growing impeller outlet width and 
thus with increasing specific speed. 

• Up to about nq = 30 impellers were built for heads per stage of 1200 m. Hence, 
operation conditions confirm the corresponding range in Fig. 14.3. 

• Because of the increasing pitch t2 at the impeller outlet, the allowable head 
drops with a decreasing number of impeller blades as shown by Fig. 14.4. Dou-
ble-entry impellers with 5 blades (as in Fig. 7.48) achieve heads at BEP be-
tween 700 and 800 m. Operation experience thus confirms the corresponding 
range in Fig. 14.4. 

• If several unfavorable factors combine, the allowable head can drop drastically 
below the values given by Figs. 14.3 to 14.7. In a particular example, impeller 
shroud fractures occurred in a multistage pump with a head per stage below 
200 m (with d3* = 1.025) because the fillets between blades and shrouds were 
almost sharp, and the shroud thicknesses were much below design due to core 
shifting. With αk = 4 and eRs* = 0.012, a calculation according to Table 14.2 
yields an allowable head of 180 m. Thus the damage to these impellers is well 
predicted by the calculation. 

• Open impellers or diffusers are limited to lower heads than closed components. 
• Note: Because of the lower endurance limits, the allowable heads per stage in 

sea water obviously are lower than given by Figs. 14.3 to 14.7. At high heads 
larger shroud and blade thicknesses may be required in sea water. 
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Fig. 14.3. Allowable head Hal limited by blade strength of closed impellers; applicable at 

 = 1000 kg/m3 and for water specifications W1, W2, W5, W6 according to Chap. 14.4.1 
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Fig. 14.4. Allowable head Hal limited by shroud loading of impellers; applicable at 

 = 1000 kg/m3 and for water specifications W1, W2, W5, W6 according to Chap. 14.4.1 
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Fig. 14.5. Allowable head Hal limited by blade loading of open impellers; applicable at 

 = 1000 kg/m3 and for water specifications W1, W2, W5, W6 according to Chap. 14.4.1  
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Fig. 14.6. Allowable head Hal limited by vane loading of closed diffusers; applicable at 

 = 1000 kg/m3 and for water specifications W1, W2, W5, W6 according to Chap. 14.4.1 

The calculation according to Tables 14.1. and 14.2 and the data given in 
Figs. 14.3 to 14.7 facilitate a consistent assessment of the risk of fatigue fractures 
of impellers and diffusers. However, when applying the method, the uncertainties 
and assumptions should well be appreciated. 

When the limits given by the curves in Figs. 14.3 to 14.7 for the various mate-
rials are exceeded in a specific application, a more detailed analysis is warranted. 
Conversely, by proper design, analysis and quality control, components can be 
built whose heads are above the allowable heads stipulated by Figs. 14.3 to 14.7. 



818      14 Selection of materials exposed to high flow velocities 

 

Table 14.1 Impeller or diffuser vane loading  

 Closed impeller or 
diffuser 

Open impeller 
or diffuser Eq. 

Bending of a beam 
by an equivalent uni-
form loading Static or dynamic pres-

sure difference 

 

L  

 

L  
--- 

Static vane loading Load
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2stat u
2

p ψρ=Δ  2
2

SSDS
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u
)pp(2

ρ
−=ψ  14.1.1 

Static load due to 
centrifugal force B2
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Matz coserp βωρ=Δ  14.1.2 
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p 2
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14.1.4 

 FT L Y ψLoad --- 

Impeller: closed 1 

Impeller: open 6 
b2 4 Centrifugal 

force acting Set negative 

Diffuser: closed 1 

Diffuser: open 6 
b3 0 No centrifugal 

force Set positive  

14.1.5 

Impeller blade mean 
stress: σm ρ

ρ+ψρ=σ mat*
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Impeller blade: alter-
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15.0

f
k r

e2.1=α

rf = fillet ra-
dius between  
blade and 
shroud 

14.1.7 

Allowable alternating 
bending stress σbw,al 
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Allowable impeller 
circumferential speed 
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Tangential stress at ri due to 
centrifugal force in a disk  
with a central bore ν+

ν−+ρν+=σ
2

2

i2
2matt r

r
3
11u

4
3  

ri

r2 
14.1.10 

x in Eq (14.1.4) is the width of the “beam” considered; x cancels when calculating the stress. 
Sbw = safety factor against fatigue fracture; SZ = safety factor against forced rupture; αk = notch 
factor, ν = Poisson’s ratio (mostly 0.3); ρmat = density of impeller material;  
σbw = fatigue strength (endurance limit); * = quantity is referred to d2 
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Table 14.2 Impeller shroud loading Eq. 

Alternating pressures 
acting on impeller 
shroud 
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--- 

Static load on impel-
ler shroud Rs

2
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x in Eq (14.2.3) is the width of the “beam” considered; x cancels when calculating the stress. 
Sbw = safety factor against fatigue fracture; SZ = safety factor against forced rupture;  
αk = notch factor, ν = Poisson’s ratio (mostly 0.3); ρmat = density of impeller material;  
σbw = fatigue strength (endurance limit); * = quantity is referred to d2 
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Table 14.3 Thickness of blades, vanes and shrouds Eq. 

Nominal blade thickness 
(without profiling) 2

2.0

fRe

2 d
u

u02.0e =
emin = 0.015×d2 
uRef = 100 m/s 

14.3.1 

ee2 

 
--- 

Trailing edge thickness e2 = e/2 14.3.2 
Mean blade thickness for calcu-
lation according to Table 14.1 em = 0.5(e2 + e) = 0.75×e 14.3.3 

Closed 
impellers 

Shroud thickness eRs = 1.25×e 14.3.4 
Blade thickness at outer stream-
line ea = e 14.3.5 

Blade thickness at inner stream-
line (rear shroud or hub).  
Note: make ei not much larger 
than eRs to avoid casting prob-
lems. 

ei  2×ea  14.3.6 Open 
impellers  

Mean blade thickness for calcu-
lation according to Table 14.1 em = 1.125×e 

e from Eq. (14.3.1) 

--- 

Leading edge thickness e3 = 0.01×d2 14.3.7 
Mean vane thickness for calcu-
lation according to Table 14.1 em = e3×(1 + 5 tanδ) 14.3.8 

Diffusers  
e3 δ

 

δ = angle between suction 
and pressure side of diffuser 
vanes: δ ≥ 5° 

--- 

• With careful design and manufacturing these recommendations are thought to be on 
the safe side, but beware of resonances between impeller eigen frequencies and hy-
draulic or acoustic excitation. High-head sea water applications may require higher 
thicknesses. 

• The minimum thickness required for the actual casting process must be observed.  
• Cast impellers minimum: e = 0.015×d2 

If the required head per stage exceeds the allowable value calculated from Ta-
bles 14.1 and 14.2, the following remedies may be considered:  

1. Increase material thickness;  
2. Stronger material: higher Rm, higher ductility (ultimate elongation);  
3. Select a material with improved resistance to corrosion (higher endurance 

limit); 
4. Attempt a more accurate calculation of the loading as input to a finite element 

stress analysis;  
5. Increase distance between impeller and diffuser vanes (gap B) in order to re-

duce the excitation forces;  
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Fig. 14.7. Allowable head Hal limited by vane loading of open diffusers; applicable at 
SG = 1.0 and for water specifications W1, W2, W5, W6 according to Chap. 14.4.1 

6. Improve casting quality and finish; reduce residual stresses; review heat treat-
ment (grain size, homogeneity of material, precipitations); 

7. Modify design, larger fillet radii to reduce notch factor. 

Fractures of the rear shroud seem to be more frequent than of the front shroud. 
Likewise, the last stage of a multistage pump appears to be more at risk than the 
series stages. Possibly this observation may be explained by various influences:  

• The rear shroud transmits the blade forces to the hub and is consequently sub-
ject to higher mean and alternating stresses. 

• The front shroud is usually slightly conical or arched and may be stiffer than 
the rear shroud. These effects strongly depend on the actual shape of the merid-
ional section and the material thicknesses selected. 

• Pressure pulsations in the discharge chamber and the system can increase the 
excitation of the last stage impeller (notably when acoustic resonances are in-
volved), Chap. 10.3. 

• With the exception of the last stage, fluid rotation in the impeller sidewall gap 
is smaller on the rear shroud than on the front shroud. This effect increases the 
loading according to Eq. (T14.2.5).  

• The stresses in the shrouds are also influenced by the static and dynamic axial 
forces acting on the impeller shrouds. 
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14.2 Corrosion

14.2.1 Corrosion fundamentals 

In principle, all metallic materials used in pumps (with the exception of noble met-
als) are unstable when exposed to water – at least if the water contains oxygen or 
traces of acids. However, if the material is selected correctly with respect to the 
specific medium, acceptable component life is achieved because protective films 
of corrosion products are formed on the metal surface. These films impede the dif-
fusion and reaction of corrosive agents on the component surface and hamper fur-
ther attack. Quality and thickness of the protective film determine the corrosion 
velocity. Four types of protective films may be distinguished: 

1. Passivation: Usually the most effective protection is afforded by “passivation”. 
During passivation a very resistant oxide film forms on the metal surface. Its 
thickness is in the order of only 3 nm (0.003 μm), but it virtually prevents a fur-
ther oxidation. The passive film is rich with chromium. It is formed spontane-
ously when the metal is exposed to air, oxygen or water. Stainless steels with a 
minimum of 12% chromium content, nickel alloys, titanium and aluminum all 
passivate in this way. Abrasion, cavitation erosion or corrosive agents (e.g. H2S 
in sea water) can damage the passivation film and thus limit the use of a mate-
rial. However, passivation does not afford a universal protection. The domain 
of passivation of any individual material depends on the pH-value, the tempera-
ture and on corrosive agents. It is usually determined by electro-chemical 
methods through measuring the corrosion current in an electrolyte. 

2. Calcareous rust scales: In carbonated water a protective film is formed from 
deposits of rust and lime on unalloyed steels. Under specific conditions this  
film is able to sufficiently protect a component. However, because of its poros-
ity, a deposit of rust without lime does not effectively impede corrosion. 

3. Magnetite or hematite films form on carbon steels in fully demineralized wa-
ter under certain conditions, refer to Chap. 14.3. 

4. Tightly adhering protective films made up by various corrosion products, for 
example on copper alloys in sea water. 

When protective films are formed (as well as in the corrosion process), a 
chemical reaction takes place between metal, water, oxygen and chemical agents. 
In order to become effective, the corrosive substances taking part in the reaction 
must move to the metal surface. This mass transfer is generated by diffusion and 
convection. The convective transport can be characterized by mass transfer coeffi-
cients which are determined by the boundary layer developing in the flow. Conse-
quently, flow velocity and turbulence have a considerable influence on many cor-
rosion phenomena. In situations where the mass transfer controls the speed of the 
chemical reaction, the corrosion rate will be proportional to ccor ~ wx, with x = 0.7 
to 1.0 in turbulent flow depending on the geometry. 

Thousands of publications are dedicated to the topic “corrosion”. Chapter 14 
mainly relies on [N.12−N.15, N.19], [B.5, B.17, B.28] and the individual publica-



14.2 Corrosion      823 

tions quoted throughout the text. As far as possible, the material properties given 
have been taken from standards. Extensive tables providing the suitability of vari-
ous materials in many liquids can be found in [B.5, B.8, B.17, B.28, 14.14], corro-
sion fundamentals in [14.16] and [14.57]. 

14.2.2 Corrosion mechanisms 

There are many forms of corrosion which are caused by different mechanisms. 
The types of corrosion most relevant for pump operation are reviewed in the fol-
lowing, [14.13] to [14.15] and [N.12]. 
Uniform corrosion (also termed “general corrosion”) is characterized by a uni-
form metal loss which occurs in the absence of a protective film on the entire wet-
ted surface. Examples are the rusting of carbon steels or the dissolution of metals 
in acids. The metal loss increases with the concentration of oxidizing agents in the 
water (i.e. oxygen or acids) and with the mass transfer coefficient (i.e. velocity 
and turbulence) which controls the transport of corrosive agents to the metal sur-
face. 

In order to avoid uniform corrosion, either the water chemistry must be estab-
lished in a way that protective films can be formed or a more corrosion resistant 
(that is usually a passivating) material must be selected. Non-metallic or metallic 
coatings are also apt to prevent uniform corrosion. 
Another form of general attack produces a wavy corrosion pattern which is uni-
form over the surface. It is similar to uniform corrosion and the same remedies can 
be applied. 
Local corrosion: pitting and crevice corrosion: 
Pitting occurs at defects of the passivation film on the surface of the material. The 
defects form “local elements”. These are localized (small-scale) differences in the 
electro-chemical potential which give rise to corrosion currents similar to galvanic 
corrosion. Cathodic protection is an effective method to prevent pitting. 
Crevice corrosion: Corrosive agents can concentrate in gaps or crevices which are 
filled with stagnant liquid. This mechanism generates a strong local corrosion at-
tack. The corrosion absorbs the oxygen required for passivation. Due to a drop of 
the pH-value (rising concentration of acids in the crevice) and due to the dearth in 
oxygen, crevice corrosion is more aggressive than pitting and therefore requires 
materials with a higher corrosion resistance. Due to these mechanisms, cathodic 
protection has only limited effect against crevice corrosion. Many components in a 
pump are sensitive to crevice corrosion which can occur near gaskets, screws, cas-
ing inserts or seats. Deposits of algae or mussel growth can cause a concentration 
of corrosive agents and lead to similar damage. 

Local corrosion is triggered by chlorides or sulfides and all halogens with the 
exception of fluorine which is more likely to cause uniform corrosion. The attack 
increases with the temperature and the chloride concentration. The larger the ratio 
of the cathodic to the anodic surface, the stronger is the local corrosion. Passivated 
stainless steels in stagnant fluids are susceptible to local corrosion which can oc-
cur in pumps filled with sea water during standby. The resistance of stainless 
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steels against local corrosion depends on various parameters which are discussed 
in Chap. 14.4.2. 
Aeration elements: Deposits, mussel growth and suspended substances can cause 
local corrosion on passivating metals. Remedies include: cleaning of the surface, 
filtering, chlorination and design measures for preventing deposits and growth of 
algae or mussels. 
Galvanic corrosion (also “contact corrosion”) can occur if two metals with dif-
ferent electrochemical potentials are exposed to the same electrolyte. If, in addi-
tion, the metals are connected by an electric conductor, a corrosion element is cre-
ated. The anode (the material with the lower potential) is attacked more, and the 
cathode (the material with the higher potential) is dissolved less than would hap-
pen if the metals were not connected by a conductor. If differences in potential 
cannot be avoided, the surface with the lower potential should be large as com-
pared to the surface with the higher potential. Only then will the corrosion current 
density (and hence the corrosion rate) be sufficiently low. As a consequence, (1) 
the material of the impeller and the wear rings always must have a higher poten-
tial than the casing material; (2) the wear ring material should at least have the 
same potential as the impeller material. These requirements gain importance with 
the strength of the electrolyte or the corrosivity of the pumped medium (for exam-
ple in sea water pumps). The material with the lower potential is attacked more 
strongly at the transition to the material with the higher potential; for example at 
the border of a weld overlay. 

Table 14.4 lists the potentials of materials exposed to flowing sea water accord-
ing to [14.19]; similar values are given in [14.57] and [14.58]. Materials, which 
are sensitive to local corrosion, exhibit lower potentials and are attacked more se-
verely in stagnating water. Relevant for the material selection are only potential 
differences between two materials, because the absolute potentials may vary de-
pending on the test conditions. The higher the potential difference, the more the 
material with the lower potential is attacked. But there is no quantitative relation 
between the corrosion rate and the potential difference. 

High flow velocities can shift the potential and reinforce erosion corrosion in 
some cases, Chap. 14.3. 

Galvanic corrosion can be prevented by cathodic protection of the material with 
the lower potential. A pump built from passivating materials (e.g. stainless steel) 
is protected cathodically by a pipeline made from carbon steel. Should the pipeline 
be replaced by stainless steel, corrosion damage can be experienced by the pump 
because the cathodic protection is removed.  

If the anodic material (e.g. a carbon steel casing) is coated, a high corrosion rate 
is expected at locations where the coating begins to fail. This attack is very strong 
because of the unfavorable area ratio between anodic and cathodic material. Be-
cause of the risk of failure, it is not recommended to coat anodic components in 
sea water pumps. 
 Intergranular (or intercrystalline) corrosion can occur at the grain boundaries 
due to chemical differences in the microstructure of the material. Examples are 
austenitic steels if chromium carbides are precipitated during heat treatment or 
welding. The chromium-depleted zones are attacked if there is not sufficient 
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chromium left (at least 12% are required) to achieve passivation. To avoid such 
problems, steels with less than 0.03% carbon are selected (“L-grades”). Austenitic 
steels in the presence of chlorides are very sensitive to intergranular corrosion. 
Acid environments are particularly dangerous. Alloys with more than 25% chro-
mium are not susceptible to intergranular corrosion. 
Trans-granular (or trans-crystalline) corrosion: The cracks induced by corro-
sion are not along grain boundaries but go right through the crystals. 
Stress corrosion cracking (SCC) can occur in alloys which are subject to sus-
tained tensile stresses in a corrosive environment. Stress corrosion cracking can  

 

Table 14.4 Electrochemical potential in flowing sea water 
Material Potential [V] 
Magnesium and magnesium alloys -1.6 
Zinc and zinc alloys -1 
Aluminum alloys -0.75 to -1 
Mild steel, cast iron -0.6 to -0.7 
Low alloy steel -0.6 
Austenitic nickel cast iron GGG-NiCr 20-2 (EN 0.7660) -0.45 to -0.55 
Aluminum bronze -0.3 to -0.42 
Naval brass, yellow brass, red brass, aluminum brass -0.3 to -0.4 
Tin -0.32 
Copper -0.32 
Manganese bronze -0.31 
Silicon bronze -0.28 
Tin bronze -0.3 
Stainless steel types 410, 416 (13% Cr) -0.28 to -0.34 
90-10 copper-nickel alloys -0.26 
80-20 copper-nickel alloys -0.23 
Stainless steel types 430 (17% Cr) -0.2 to -0.26 
70-30 copper-nickel alloys -0.2 
Nickel aluminum bronze -0.19 
Nickel chromium alloys (Alloy 600, 76Ni16Cr8Fe) -0.15 
Nickel 200 -0.1 to -0.2 
Silver -0.12 
Austenitic stainless steels such as X6CrNi 18-10  -0.07 
Nickel copper alloys 400, Ni Cu 30 Al (EN 2.4374), Monel -0.03 to -0.13 
Austenitic stainless steels such as X2CrNiMo 19-11-2  0 to -0.1 
Alloy 20 (EN 2.4660) 34Ni 20Cr 2Mo 3Cu 0 
Alloy 825 (EN 2.4858) 42Ni 22Cr 3Mo 2Cu 0 
Titanium 0 
Platinum +0.23 
Graphite +0.25 



826      14 Selection of materials exposed to high flow velocities 

also be triggered by pitting or crevice corrosion. Consequently, the resistance of 
stainless steels against SCC increases with the resistance against local corrosion. 

The risk of SCC in austenitic steels increases with the stress level, the tempera-
ture, and the chloride concentration (even traces of Cl are dangerous). In the pres-
ence of additional agents, damage can occur even at room temperature. The mate-
rial can be further sensitized by unfavorable heat treatment or cold working. 

According to Fig. 14.8 the risk of SCC strongly depends on the nickel content. 
Austenitic steels with about 10% nickel exhibit a minimum of resistance; they are 
very sensitive to chloride-induced SCC. As demonstrated by Fig. 14.8, duplex 
steels or high-alloy chromium-nickel steels with more than 25% nickel, can be 
employed to reduce the risk of SCC. 

Ni-Resist is subject to SCC if not furnace stress relieved. 
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Fig. 14.8. Influence of nickel content on the risk of stress corrosion cracking (SCC) 

Ammonia (NH3) and NH4
+ induce SCC in copper alloys (in particular in brass). 

As a remedy CuAlNi-bronzes or pure copper may be used. High-strength manga-
nese bronzes are very sensitive to SCC and should not be used for pumps. 

SCC can lead to sudden catastrophic failure because SCC cannot be easily de-
tected at an early stage. 
Corrosion fatigue is characterized by a reduction of the endurance limit in a cor-
rosive environment. Due to the cyclic mechanical loading, a passivation film can-
not form at the end of the crack or on the location of stress concentration (e.g. at a 
notch). This applies to all metals in water. The topic is discussed in Chap. 14.1 
Selective corrosion: In alloys with two or more phases, the less noble phase can 
be leached selectively from the material. Examples are: (1) Graphitic corrosion  of 
grey cast iron where iron is leached from the material and a soft graphite matrix is 
left.1 In this process the graphite flakes in the iron matrix of grey cast iron form 
local galvanic cells where iron is the anode. (2) Dezincification where zinc is se-
lectively leached from copper-zinc alloys containing less than 85% copper. (3) Ni-
Resist in sea water. (4) Leaching of aluminum out of certain aluminum bronzes. 

                                                           
1 Graphitic corrosion is commonly called “graphitization”, but this term rather describes the 

formation of graphite in iron or steel in a metallurgical process. 
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(5) The sliding rings of mechanical seals are sometimes sensitive to selective cor-
rosion. 

Austenitic steels can be sensitized to grain disintegration if the component is 
subject to improper welding or heat treatment procedures. Remedy: heat treatment 
adapted to the material and application of steels with low carbon content 
(C < 0.03%).  
Erosion corrosion is a metal loss caused by high flow velocities (with or without 
abrasive particles) which dissolve or mechanically damage the protective film. 
Fretting corrosion can be induced by corrosion and simultaneous microscopic 
oscillatory movements between two parts, e.g. between impellers, sleeves or other 
components mounted on a shaft. The passivation film is disrupted mechanically by 
tiny movements which are generated by shaft vibrations while corrosion evolves 
because of corrosive agents. Remedy: tight shrink-fit, inert layer between the 
parts, spray coating or silver-plating of the seats (to be renewed after each disas-
sembly).  

Hard chroming is not recommended because the chromium layer is too brittle. 
The micro-movements due to alternating bending stresses in the shaft induce fine 
cracks in the chrome plating. 
Biological corrosion is caused by micro-organisms (in particular on ferrous al-
loys). The organisms form most easily in stagnant water when the pump is shut 
down for an extended time. Remedies: (1) addition of chemicals; (2) keep compo-
nents clean of deposits. 

The types and mechanisms of corrosion described above critically depend on 
the water analysis. Four groups of water quality are discussed in the following: 

1. Fresh water, sewage with low concentration of corrodents, Chap. 14.2.3 
2. Sea water, Chap. 14.2.4 
3. Water used in flue gas desulfurization (FGD-water), Chap. 14.4.7. 
4. Demineralized water, Chap. 14.3 (erosion corrosion) 

14.2.3 Corrosion in fresh water, cooling water, sewage 

Rust, FeO(OH),1 is generated when steel is exposed to water that contains plenty 
of oxygen. Due to its porosity, a layer of rust is unable to protect the steel from 
further attack. Even at moderate flow velocity, the rust is washed off the surface 
and deposited in the system as sludge. The actual water analysis of the individual 
application (pH, water hardness, salt content and oxygen concentration) has an 
important influence on the corrosion process and thus on the selection of the mate-
rial. The parameters relevant for the corrosion are discussed in the following: 
Oxygen content: The corrosion attack always increases with the oxygen concen-
tration, but a minimum O2-content is required for building protective films. 
Temperature: In many situations the corrosion rate is doubled by a temperature 
rise of 10 to 30°C. 

                                                           
1 Rust consists of oxides and hydrated oxides of iron. The process of rusting is complex and 

involves several stages which are not described in all publications in the same way. 
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The pH of the water indicates whether the reaction is acid or alkaline (base). At 
25 °C and pH = 7, the water is neutral; at pH < 3 it is considered as strongly acid; 
at 4 < pH < 6 as weakly acid; at 8 < pH < 10 as weakly alkaline, and at pH > 11 as 
strongly alkaline. The pH of chemically pure water decreases with rising tempera-
ture. In general terms: 

• neutral or weakly alkaline water is little aggressive 
• weakly or strongly acid water must almost always be classified as strongly cor-

rosive which requires a careful selection of the materials. 

The water hardness (total hardness) is a measure for the concentration of alkali 
metal ions in the water, in particular calcium ions Ca++ and magnesium ions Mg++. 
Most relevant for the corrosion is the carbonate hardness, i.e. the concentration of 
the Ca++-ions. This concentration is specified as c(Ca++) in mmol/l or in ppm. The 
water hardness in °dH (“deutsche Härte” = “German hardness”) is an obsolete 
unit, but it is still often encountered in practice. Meaning and conversion factors of 
hardness specifications are given in Table 14.5. 

The water hardness has an influence on the corrosion and on the formation of 
“boiler scale” deposits. The protective calcareous rust scales can only form in suf-
ficiently hard water. Soft water is often aggressive, for example in the presence of 
chlorides, Eq. (14.6) or at high flow velocities, Chap. 14.3. Water up to 8 °dH is 
considered as “soft”, water with more than 18 °dH is said to be “hard”. 

Table 14.5 Water hardness 
1 mmol/l Ca++ = 100 ppm CaCO3 5.6 °dH 56 mg CaO/l 40 mg Ca++/l 
1 °dH = 0.1786 mmol/l Ca++ 17.86 ppm CaCO3 10 mg CaO/l 7.19 mg Ca++/l 
1mg/l = 1 ppm at density 1000 kg/m3 

Carbon dioxide (CO2) is present in all natural waters. Part of the CO2 (the “bound 
CO2”) is bound as calcium or magnesium carbonate and thus not available for cor-
rosion. The rest of the CO2 (“free CO2”) is dissolved in the water as a gas, appen-
dix A3. Part of the free CO2 (the “required CO2”) is needed to keep the carbonates 
in solution (equilibrium between carbonates and CO2); this portion is not effective 
for corrosion. The portion of free CO2 which exceeds the required CO2 (the “ex-
cess CO2”) acts aggressively on steel and concrete, Fig. 14.9. 

 CO2 in water Free CO2  

Required CO2  

CO2 bound as 
HCO3 

Excess CO2  

Harmless Aggressive for iron and concrete 
 

Fig. 14.9. Influence of carbon dioxide on the corrosion 
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If the concentration of free CO2 in the water is equal to the content of the re-
quired CO2, the protective calcareous rust scale is able to form and impede further 
attack – but only in low flow velocities and at temperatures below 30 °C. In con-
trast, no protective film can form if an excess of CO2 is present. The corrosion rate 
rises with the concentration of the excess CO2. The water becomes increasingly 
acid. At a water temperature of 17 °C, the equilibrium is described by Eqs. (14.3 
or 14.4). If the actual pH exceeds the value calculated from Eqs. (14.3 or 14.4), a 
protective film is able to form; if the pH is lower, the water is aggressive. 

pH = 8.71 – 0.775 c(Ca++) + 0.0757 {c(Ca++)}2        with c(Ca++) in mmol/l (14.3) 

pH = 8.71 – 0.135 °dH + 0.00242 {°dH}2  (14.4) 

The portion of bound CO2 can be calculated from: 7.86 ppm bound CO2 = 1°dH. 
With rising temperature, more CO2 is required for keeping the carbonates in so-

lution. If the actual CO2 concentration is lower than the required CO2, a layer of 
hard deposits of CaCO3 and MgCO3 is precipitated on solid structures (boiler 
scale). The portion of the required free CO2 can be calculated from Eq. (14.5):1 

[ ] *T9.233
required,free,2 e)dH(1031.7ppmCO °×= −  (14.5) 

In Eq. (14.5) set T* = T/TRef and TRef = 100 °C.  
Chlorides (respectively all halogens) are always corrosive; the more so, the softer 
the water. At a chloride concentration of more than 10 ppm, the corrosion rate of 
carbon steel drops with increasing HCO3-concentration according to Eq. (14.6)1: 

cCor [mm/year] = 60 – 0.45 c(HCO3) [ppm] (14.6) 

Sulfates cause pitting on steel and graphitic corrosion on gray cast iron if the con-
centration exceeds about 250 ppm SO4-ions. Sulfates also attack concrete. Fre-
quently water contains 10 to 30 ppm sulfates, [B.28]. 
Hydrogen sulfide (H2S) and Fluorides are aggressive to all metals. 
Ammonia (NH3) is not corrosive to carbon steels [14.15] (it is even used for 
boiler feedwater conditioning). However, ammonia causes stress corrosion crack-
ing in all types of brass and increased uniform corrosion on all copper and copper-
nickel alloys. 
Conductivity: The electrical conductivity is a measure for the amount of ions pre-
sent in the water. It is relevant for boiler feedwater. 
Flow velocity: At flow velocities below about 1 m/s, deposits or aeration elements 
can be formed which lead to the local concentration of corrodents and thus induce 
local corrosion. Above a velocity threshold which depends on the medium and the 
material, either the corrosion rate increases due to accelerated mass transfer or 
erosion corrosion is induced. 
Corrosion inhibitors: Some substances (e.g. phosphates, aluminum-compounds 
or SiO2) which can be present in natural water inhibit corrosion and foster the 
formation of protective films. Such inhibitors can be responsible for the observa-

                                                           
1 Equations (14.5) and (14.6) were derived from data given in [14.15].  
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tion that a given steel exhibits different corrosion resistances in apparently identi-
cal waters. Corrosion inhibitors are often added to the water in closed circuits. 

14.2.4 Corrosion in sea water and produced water 

Sea water typically contains 3.5% (mass) dissolved salts, dominantly sodium and 
magnesium chlorides (fraction of NaCl 70 to 80%). The O2 content of sea water at 
10 to 15 °C is between 10 and 8 ppm (at saturation); the pH is 7.5 to 8.5. Close to 
the shore and in ports, the water is often contaminated by corrosive agents with 
hydrogen sulfide being particularly aggressive. Even H2S-concentrations as low as 
5 ppm can attack the passivation film and induce local corrosion. Apparently mi-
nor contamination of this type must be taken into account when selecting the ma-
terials for sea water applications. 

Produced water from oil wells can have salt contents up to 30% with pH in the 
weakly acid domain. Frequently, the produced water contains dissolved H2S, but 
no oxygen which reacts with H2S. 

Figure 14.10 shows the behavior of stainless steels in sea water. Depending on 
the flow velocity, three domains are to be distinguished: (1) At standby and at low 
flow velocities, there is a risk of local corrosion. The attack is strongest at w = 0 
and decreases with growing velocity owing to an enhanced transport of oxygen to 
the metal surface. (2) Above a velocity of about 1 to 2 m/s, no differences in the 
local concentration are expected so that local elements are not present. The mate-
rial is passive in this domain. (3) Above a threshold velocity, which depends on 
the material and the medium, the metal loss rises exponentially because the pas-
sivation film is attacked by erosion corrosion. Sensitive materials, such as austen-
itic steels, require measures against standby corrosion. These include: (1) Opera-
tion of the pump at regular intervals, e.g. once a week; (2) Filling the pump with 
fresh water if available; (3) Cathodic protection. However, if there are long narrow 
gaps (which allow only a very slow reduction of the concentration in the gaps by 
diffusion), these measures may not be sufficiently effective. Then materials are 
required which are more resistant to crevice corrosion. 

If different materials are used in the same system, the effects of galvanic corro-
sion must be analyzed, Table 14.4. 
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Fig. 14.10. Corrosion of stainless steels in sea water near the application limit 
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The high flow velocities present in centrifugal pumps with heads above 20 to 
30 m require passivating materials for impellers, diffusers and casings. Carbon 
steel or cast iron would attain only a short component life. This can be deduced 
from the corrosion rates given in Table 14.6 and Fig. 14.11.  

The passivating materials include stainless steels which are resistant to uniform 
corrosion but sensitive to local corrosion attacking the passivation film. Pitting 
during standby, crevice corrosion and possibly deposits are the dominant corro-
sion mechanisms. Austenitic steels without molybdenum (1.4308, AISI type 304) 
are resistant against crevice corrosion in cold water (< 25°C) up to a chloride con-
centration of 200 ppm, while austenitic steels alloyed with molybdenum (1.4409, 
AISI type 316) can be used up to about 1000 ppm chloride content, [14.19]. 

Table 14.6 gives an overview on the relevant corrosion mechanisms, the behav-
ior of various materials, approximate limits for flow velocities and heads per 
stage, based on data in [14.13], [14.18] to [14.20]. If available the corrosion rates 
for uniform corrosion (ccor) and for pitting (cLK) are indicated as well. These corro-
sion velocities facilitate an estimation of the component life in sea water. The lim-
its given in Table 14.6 apply to impellers, diffusers and casings but not to wear 
rings. If efficiency is an issue, the metal loss in annular seals should be limited to 
0.05 to 0.1 mm/year (rotor dynamics may require also a limitation). 
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Fig. 14.11. Corrosion rate of different materials in sea water. Data according to [14.19], 
[14.13] and [14.18]; w is the relative or absolute velocity (but not the circumferential 
speed). Above a loss of ccor > 0.1 mm/year the material should be considered as unstable. 

In summary, the following recommendations can be given for material selection 
for pumps1 delivering sea water with pH > 5.5 which is free of either H2S or O2: 

1. Carbon steels and cast irons (including Ni-resist) are unsuitable at high veloci-
ties because of severe uniform corrosion. 

2. High-alloy cast iron of the type GGG-NiCr 20 2 (0.7660) is suitable for cas-
ings if flow velocities do not exceed 5 to 8 m/s. Velocities in volute casings, 

                                                           
1 Since the flow velocities in pipelines are much lower than in pumps, these recommenda-

tions have only limited relevance for pipes. 
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Table 14.6 (1) Materials for sea water at T < 30 °C 2
alal w

5
1H ≈    at ψopt ≈ 1 

Sea water Natural Polluted 
pH > 5.5 4 to 5.5 
O2-concentration > 1 ppm < 0.01 

ppm 
>1 ppm 

Type of mate-
rial 

H2S-concentration ≈ 0 ppm < 10 ppm Up to 500 ppm 
UC (w < 0.5 m/s) ccor ≈ 0.1 mm/year 
Erosion corrosion ccor ≈ 0.15 wr

1.2 mm/year 
Application limit wal ≈ 2 m/s 
LC at w < 1 m/s cLC ≈ 0.3 to 0.8 mm/year 

Carbon steels, 
GS-C25, cast 
iron (GG-25, 
GGG-40) 

SC (GG, GGG) Graphitization 
UC (w < 0.5 m/s) ccor ≈ 0.07 mm/year 
Erosion corrosion ccor ≈ 0.031wr

0.95 mm/year 
Application limit wal ≈ 20 m/s H = 80 m
LC at w < 1 m/s cLC ≈ 0.1 mm/year 

Ni-Resist 
Type GGG-
NiCr 20 2 

SC Resistant 
UC (w < 0.5 m/s) ccor ≈ 0.1 mm/year 
Erosion corrosion ccor ≈ 10-6 wr

3.8 mm/year (?) 
Application limit Not recommended 

Martensitic Cr-
Ni-steels,  
Type 1.4317 

LC at w < 1 m/s cLC ≈ 1.5 mm/year 

Not applicable, 
heavy attack in a short 
time 

UC (w < 0.5 m/s) ccor ≈ 0.01 mm/year  
Erosion corrosion Fairly resistant Limits application. 
Application limit wal ≈ 45 m/s H = 400 m wal ≈ 25 m/s; H = 120 m 
LC at w < 1 m/s 
very sensitive to 
LC 

10%Ni: cLC ≈ 1.8 mm/year 
29%Ni: cLC ≈ 0.2 mm/year 
Not recommended. 

Application not  
recommended 

Austenitic Cr-
Ni-steels,  
Type 1.4409 

SC To be avoided with appropriate alloy: Nb, Ti, C < 0.03 
UC (w < 0.5 m/s) ccor ≈ 0.01 mm/year  
Erosion corrosion Fairly resistant  
Application limit wal ≈ 60 m/s wal ≈ 55 m/s 
LC at w < 1 m/s   

Super-austenitic  
Ni-Cr-steels, 
Ni > 25% 
Type 1.4587 

SC To be avoided with appropriate alloy: Nb, Ti, C < 0.03 
UC (w < 0.5 m/s) ccor ≈ 0.01 mm/year 
Erosion corrosion Fairly resistant 
Application limit wal ≈ 55 m/s H = 600 m 

Duplex-steels 

LC at w < 1 m/s cLC ≈ 0 mm/year 

Suitable with PI > 40, 
for definition of PI 
see Eq. (14.8) 

UC: Uniform corrosion 
LC: Local corrosion (crevices, pitting) 
SC: Selective corrosion 
cLC: Pitting velocity  

wr ≡ w/wRef       with wRef  = 1 m/s 

wal is the velocity relative to the component (w ≠ u); w1*, c2u* can be estimated from Fig. 3.22 
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Table 14.6 (2) Materials for sea water at T < 30 °C 2
alal w

5
1H ≈    at ψopt ≈ 1 

Sea water Natural Polluted 

pH > 5.5 4 to 5.5 

O2-Concentration > 1 ppm < 0.01 ppm >1 ppm 
Type of material 

H2S-Concentration ≈ 0 ppm < 10 ppm Up to 500 ppm 

UC (w < 0.5 m/s) ccor ≈ 0.03  mm/year 

Erosion corrosion ccor ≈ 10-5 wr
3  mm/year 

Metal loss increases with ammonia content 

Application limit wal ≈ 23 m/s H = 100 m 

Tin bronze 

Copper-Tin-
Alloys  

G-CuSn 12 

2.1052.01 LC at w < 1 m/s cLC ≈ 0.25 mm/year 

UC (w < 0.5 m/s) ccor ≈ 0.03  mm/year 

Erosion corrosion ccor ≈ 0.06 wr
0.95  mm/year 

Metal loss increases with ammonia content 

Copper-tin-zinc-
alloy 
G-CuSn 5ZnPb 
2.1096.01 

Application limit wal ≈ 10 m/s H = 25 m 

UC (w < 0.5 m/s) ccor ≈ 0.05 mm/year 

Erosion corrosion ccor ≈ 3.6×10-4 wr
1.8 mm/year 

Metal loss increases with ammonia content 

Application limit wal ≈ 30 m/s H = 180 m 

LC at w < 1 m/s cLC ≈ 0.2 mm/year 

Aluminum-bronze 

G-CuAl 10Ni 

2.0975.01 

SC With ≥ 4% Ni no SC 

Not applicable, 
heavy attack in a 
short time 

UC (w < 0.5 m/s) ccor ≈ 0.03 mm/year – 

Erosion corrosion Fairly resistant – 

Application limit wal ≈ 50 m/s H = 500 m wal ≈ 5 m/s 

Nickel base alloy 

NiCu30Al 

2.4374 
LC at w < 1 m/s cLC ≈ 0.4 mm/year – 

UC (w < 0.5 m/s) ccor ≈ 0.01 mm/year – 

Erosion corrosion Resistant – 

Application limit wal ≈ 60 m/s H = 700 m wal ≈ 60 m/s 
H = 700 m 

Hastelloy C 

NiMo16Cr15W 

2.4819 
LC at w < 1 m/s cLC ≈ 0 mm/year – 

UC: Uniform corrosion 
LC: Local corrosion (crevices, pitting) 
SC: selective corrosion 
cLC: Pitting velocity 

wr ≡ w/wRef       with wRef  = 1 m/s 

wal is the velocity relative to the component (w ≠ u); w1*, c2u* can be estimated from Fig. 3.22 
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      as a rule, are above that level and GGG-NiCr should not be used. GGG-
NiCr 20 2 (0.7660) is unsuitable for impellers or for the suction bells of verti-
cal pumps because the corrosion rate would be excessive at w > 10 m/s 
(roughly 0.3 mm/year). Due to the poor cavitation resistance, impeller blades 
and suction bells would suffer cavitation erosion if cavitation occurs on the 
blades or in the gaps between suction bell and blades. During partload recircu-
lation, cavitation damage is also possible in the inlet casing. 
In spite of its good non-galling characteristics, GGG-NiCr 20 2 (0.7660) is un-
suitable for wear rings because of a rapid increase in the seal clearances due to 
erosion corrosion. 

3. The corrosion attack increases with the oxygen content. In sea water which is 
virtually free of oxygen (O2 < 10 to 20 ppb) with limited H2S contamination, 
the same materials can be used as in sea water which is saturated with oxygen 
but contains no H2S, Table 14.6. 

4. High-alloy steels are essentially resistant against uniform corrosion, but sensi-
tive to crevice corrosion and pitting. This risk increases strongly with growing 
chloride concentration, rising temperature, and falling pH. Crevice corrosion is 
more aggressive than pitting. In order to achieve a sufficient margin against 
crevice corrosion, steels with a pitting index PI > 40 should be selected, 
Chap. 14.4.2, Eqs. (14.8 and 14.9), Fig. 14.17. 

5. Martensitic Cr-Ni steels of the type GX4CrNi 13-4 (1.4317) are unsuitable be-
cause of their high sensitivity to local corrosion. 

6. Austenitic Cr-Ni steels of the type GX2CrNiMo 19-11-2 (1.4409) are essen-
tially corrosion resistant in flowing sea water, but they are sensitive to standby 
corrosion which must be prevented by the measures discussed above. 

7. Super-austenitic steels and duplex steels are essentially stable up to 40 °C. The 
same applies to nickel base alloys and special alloys. 

8. Special alloys such as NiMo16Cr15W (Hastelloy C) must contain sufficiently 
high amounts of chromium and molybdenum in order to resist local corrosion. 

9. Alloys with more than 70% copper are resistant against local corrosion, but 
can be employed only at moderate flow velocities because of erosion corro-
sion. These alloys are not recommended for applications with H2S contamina-
tion. 

10. Tin bronzes of the type G-CuSn 10 (2.1050.01) are suitable for impellers and 
casings with velocities up to about 10 m/s and heads up to 25 m. At these flow 
velocities, the resistance to cavitation is also sufficient. 

11. Aluminum bronzes of the type G-CuAl 10Ni (2.0975.01) are well suited for 
impellers and casings up to velocities of 30 m/s and heads up to 200 m. 

12. Titanium is stable even in boiling sea water. 
13. In order to avoid galvanic corrosion, the materials used for impellers and wear 

rings must have higher potential then the casing material. The wear ring mate-
rial should exhibit at least the same potential as the impeller, Table 14.4, 
Chap. 14.2.2. 

14. Austenitic steels are very sensitive to stress corrosion cracking. The risk in-
creases with the temperature. However, no incidents of damage in pumps were 
reported with a water temperature below 65 °C. 
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15. If chlorine is added to the water to prevent biological corrosion, no more than 
2 ppm free chlorine must be dissolved in the water at the pump inlet; otherwise 
metal loss will be accelerated. The chlorine must be injected sufficiently far 
upstream of the pump to provide an adequate mixing length. 

16. Acid sea water with pH < 4 or water with a noticeable H2S contamination re-
quires a molybdenum content of 5 to 7% to make the steel sufficiently resis-
tant. 

17. The materials discussed should be understood as representatives of their class 
of materials. The same application limits may be used for materials with similar 
chemical analysis. Low carbon content (C < 0.03%) is essential in this context. 

18. Obviously, material selection is not only influenced by corrosion aspects, but 
also by many other criteria; some of them are discussed in Chap. 14.4. 

19. If Hstage > 400, note that the endurance limit is drastically reduced in sea water. 

14.3 Erosion corrosion in demineralized water

In order to avoid corrosion and deposits, thermal power stations operate with par-
tially demineralized water with life steam pressures up to about 60 bar. Nuclear 
power plants and boilers operating at pressures of more than 60 bar use fully 
demineralized de-aerated water which contains only traces of corrodents and thus 
has very low conductivities. In principle this type of water is marginally corrosive. 
In spite of this, considerable corrosion damage will be experienced if water condi-
tioning or material selection is unsuitable. This is why operators, in practice, have 
the impression of demineralized water being particularly aggressive. This apparent 
contradiction is due to the inability of the materials to build protective films in 
oxygen-free water. Material selection, flow velocity and water conditioning must 
ensure that protective films can form. Three kinds of water conditioning are com-
monly employed for feeding high-pressure steam generators: 1 

• In alkaline conditioning pH > 9 is established by adding volatile alkaline agents 
(ammonia). The conductivity2 is below 0.2 μS/cm and the oxygen content be-
low 10 ppb (1 ppb = 10- 9 kg/kg). Due to the extremely low oxygen content, the 
corrosion product on carbon steel is magnetite (Fe3O4) which grows in the form 
of tiny crystals on the steel surface. At low flow velocities magnetite forms a 
sufficiently resistant protective film. The color of magnetite is black. As hinted 
by its name, it is magnetic and therefore can be largely removed from the water 
by magnetic filters in order to avoid crud formation in steam generators. The 
large amount of magnetite generated and deposited in the system, and the poor 
resistance of the protective film to high flow velocities and turbulence are dis-
advantages of alkaline conditioning. 

• In neutral conditioning pH = 7 is established. In order to enable the formation 
of protective films, oxygen is added to give a concentration of 50 to 200 ppb. 
                                                           

1 Water conditioning should follow the actual recommendations in force, e.g. [14.11] 
2 Measured downstream of a strongly acid cation exchanger. 
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The corrosion product is hematite (Fe2O3) which has a reddish-brown appear-
ance and builds very resistant (crystalline) protective films. Since an oxidizer 
(O2) is present, virtually no other corrosive agents (for example chlorides) are 
allowed in the feedwater. Therefore, the conductivity must be limited to 
< 0.2 μS/cm. It may be seen as a disadvantage of neutral conditioning that the 
water purity must be rigorously maintained and that the system is intolerant to 
the ingress of corrodents e.g. due to condenser leakage. 

• In the combined conditioning, ammonia is used for alkalization at pH = 8 to 
8.5, and oxygen is added to give a concentration of 50 to 100 ppb. Thus com-
bined conditioning attempts to minimize the drawbacks of the neutral and the 
alkaline processes. 

Due to its low oxygen content, alkaline conditioning is more tolerant against con-
taminants (condenser leakage) than neutral or combined conditioning. Low-
pressure boilers employ also less expensive methods of water conditioning; fre-
quently phosphate is added for alkalization. 

Throughout the world, alkaline conditioning is the most frequent process. With 
this type of conditioning, extensive damage due to erosion corrosion has been ex-
perienced, because the magnetite serving as protection film is soluble. Excessive 
metal loss due to erosion corrosion did not only require the replacement of piping, 
pre-heaters and pump casings, but also led to severe damage through magnetite 
deposits in boilers and nuclear steam generators, [14.51]. 

In the following, erosion corrosion is considered as a chemical corrosion attack 
which is caused by dissolving the protective magnetite film. Erosion corrosion is 
thus understood as a mass transfer process (mechanical wear caused by wall shear 
stresses of the flowing liquid is not involved). The mass transfer coefficients, and 
consequently the risk of erosion corrosion, increase with the flow velocity and the 
turbulence. Figure 14.12 shows the wavy aspect typical for damage caused by ero-
sion corrosion. 

The metal loss depends in a characteristic way on the temperature and the pH. 
Its calculation as a mass transfer process is discussed in the following, refer to 
[6.6], [14.2] and [14.8]. The calculation applies only to carbon steels and low-
alloy steels which form magnetite in alkaline demineralized water. High-alloy 
passivating steels are not susceptible to erosion corrosion. An exception is the ero-
sion caused by leakage through seats which break down high pressure differences. 

 
Fig. 14.12. Erosion corrosion on an electrode of an electric boiler, [14.2] 
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Consider a flow through a pipe with its hydrodynamic boundary layer accord-
ing to Fig. 14.13. If the surface consists of a soluble substance (in the present case 
magnetite), the concentration rises steeply near the wall (“concentration boundary 
layer”). 

 

cFe(r)

Magnetite 
(cFe-c∞)

r 

w(r) Boundary 
layer 

Steel  
Fig. 14.13. Velocity profile w (r) and concentration profile cFe(r). 

At low flow velocities, the thickness δ of the magnetite film grows with time 
according to δ ~ tm (m = 0.5 to 0.9). The corrosion rate diminishes with increasing 
operation time. Under these conditions, the magnetite formation rate mox at the 
steel surface exceeds the magnetite dissolution rate ms at the interface between 
magnetite and water, i.e. mox > ms. Consequently, saturation in the boundary layer 
is exceeded and magnetite crystals grow on the surface building a protective film.  

With increasing flow velocity (and, consequently, diminishing boundary layer 
thickness), the layer where magnetite crystals can form out of the over-saturated 
solution becomes thinner. When a state of equilibrium is reached, the magnetite 
formation rate (oxidation rate) equals the dissolution rate, i.e. mox = ms. The spe-
cific iron loss rate in kg/(m2s) can then be calculated from the mass transfer proc-
ess according to Eq. (14.7):  

ms = β ρ (cFe-c ) (14.7) 

The mass transfer coefficients β can be calculated for any geometry from pub-
lished mass or heat transfer correlations of the form Sh = a×Reb×Scc. If actual mass 
transfer correlations are missing, the analogy between heat and mass transfer can 
be used. Mass transfer correlations for various geometries are given in Table 14.8. 
For situations not listed in Table 14.8, the mass transfer coefficient can be esti-
mated from known situations where similar turbulence may be expected. 

Usually the metal loss rate is to be calculated for the location of strongest at-
tack. To do so, the local maximum mass transfer coefficients are required. The 
maximum values given in Table 14.8 have been derived from heat transfer meas-
urements. These maxima are expected to represent rather the lower limit since 
they correspond to an average of a certain area on the tested body. 

The mass transfer in the boundary layer is controlled by the diffusion coeffi-
cient D. Together with other fluid properties needed for the calculation, the self-
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diffusion coefficient of water is plotted in Fig. 14.14 against the temperature, 
[14.3].1 

The concentration cFe of the Fe-ions in the boundary layer can be read from 
Fig. 14.14. It is needed for the calculation of the metal loss rate according to 
Eq. (14.7). Figure 14.14 shows the solubility of magnetite as a function of tem-
perature and pH as per [14.5] (the curve for pH = 7 is extrapolated). The model for 
estimating the metal loss implies that magnetite forms at the steel surface and that 
part of the magnetite is dissolved according to its solubility. In the laminar 
sublayer of the hydraulic boundary layer, the concentration of Fe++-ions corre-
sponds to the saturated solution. 

Figure 14.14 is valid only for carbon steels in alkalinized water with oxygen 
contents below 20 to 40 ppb. The magnetite solubility with low-alloyed steels 
and/or oxygen contents above about 100 ppb is significantly lower than that given 
by Fig. 14.14. This can be derived from operation experience with erosion corro-
sion.  

The Fe++-ion concentration c∞ in the bulk flow is assumed to be negligible in 
comparison to the concentration at the Fe3O4/H2O interface, because a self-
limitation of the corrosion process through an increased iron concentration in the 
bulk flow cannot be observed in practice. 

300250200 150 100 500 

2 

1 

4 

6 

101

2 

4 

6 

102 

W
at

er
 p

ro
pe

rti
es

 

Water temperature [°C] 

Schmidt number Sc [-] 

Kinematic
viscosity ν
[10-7 m2/s]

Diffusion -
coefficient D

 [10-9 m2/s]

Density ρ [kg/m3]

300 250 200150100500

2

1

4

6

101

2

4

6

102

C
on

ce
nt

ra
tio

n 
in

 th
e 

bo
un

da
ry

 la
ye

r c
 (μ

g 
Fe

++
/k

g)
 

Water temperature [°C] 

Extrapolated 
pH=

7.0 

8.7 

8.9 

9.0 

9.2 

9.4 

9.6 

103 103

 

Fig. 14.14. Properties of water and solubility of magnetite, conditioned with ammonia, O2-
content less than 20 to 40 ppb, parameter: pH at 25°C 

                                                           
1 In strongly diluted solutions (in the present case even applicable to the boundary layer) the 

diffusion coefficients of the corrosion partners equal the self-diffusion coefficient, [14.4]. 
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As can be inferred from Fig. 14.14 and Eq. (14.7), the metal loss due to erosion 
corrosion drops strongly if the pH is increased. Accordingly, pH = 9.3 to 9.4 
would be beneficial for suppressing erosion corrosion. However, establishing high 
pH has some disadvantages: (1) high expense for chemicals; (2) The corrosion of 
copper-containing alloys increases with the pH, so that operating at 
pH > 9.2 to 9.3 may harbor problems (depending on the materials used in the con-
denser and pre-heaters). 

At any given pH the metal loss rate exhibits a maximum near 150 °C which is 
confirmed in a similar way from the data published in [14.6]. In contrast to the 
empirical model in [14.6], erosion corrosion can also occur at temperatures sig-
nificantly above 200 °C as demonstrated by Fig. 14.14. This finding is confirmed 
by erosion corrosion damage actually observed in boilers. 

The risk of damage due to erosion corrosion in a component (e.g. in a pump 
casing) can be assessed according to Table 14.7 for any set of conditions as speci-
fied by temperature, pH, geometry and flow velocity. Equations (T14.7.2 to 
14.7.4) yield the metal loss. 

The iron loss rates of carbon steel in demineralized water have been calculated 
according to Table 14.7 for various pH and temperatures and plotted in Fig. 14.15 
as a function of the flow velocity. The mass transfer coefficient was calculated for 
the inlet to a pipe of 200 mm diameter, but the graphs can also be used for a rough 
assessment of other applications. 

In Eq. (T14.7.2) the factor of 1.7 was introduced which results from the com-
parison of erosion rates calculated from Table 14.7 and those actually measured in 
power stations, [6.6], [14.8]. To this end, 21 erosion corrosion incidents in power  
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Fig. 14.15. Erosion corrosion of carbon steels in demineralized water,  
oxygen content < 40 ppb 
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Table 14.7 Metal loss due to erosion corrosion in demineralized water 

Prerequisites 

• Demineralized water 
• O2-content smaller than 20 to 40 ppb 
• No corrosive agents (except traces) 
• Carbon steel or low-alloy steel 
Diffusion coefficient, Schmidt number, density, viscosity from 
Fig. 14.14 Properties 
Solubility of magnetite cFe = f(T, pH) from Fig. 14.14 

Geometry Select mass transfer correlation from Table 14.8 

Reynolds number 
ν

= XwRe  

Sherwood number from selected mass transfer correlation Eq. 
Calculate maximum  
local mass transfer  
coefficient 

X
DShmax

max β
β=β  

β
βmax  local maximum 14.7.1 

Metal loss in kg/(m2s) ms = 1.7 βmax ρ cFe fCr
cFe in kg Fe++/kg H2O !;  
1 μg Fe++/kg = 10-9 kg Fe++/kg 

14.7.2 

Erosion rate in m/s CrFemax
Fe

R fc7.1E β
ρ
ρ=  14.7.3 

Erosion rate in mm/year ER,a = 3.15×1010 ER 14.7.4 

Material factor 
77.0

fRe
Cr

Cr
Cr17.0f =           CrRef = 1% 14.7.5 

Material factor 

Cr (%) fCr 

< 0.1 1.0 

0.1< Cr <12  

or from Fig. 14.16 

cFe [kg Fe++/kg H2O] Concentration in boundary layer 
c∞ [kg Fe++/kg H2O] Concentration in bulk flow (c∞  = 0)
D [m2/s] Diffusion coefficient 
fCr [-] Material factor for chromium 
ms [kg/m2s] Metal loss due to mass transfer 
Sc [-] Schmidt number 
Sh [-] Sherwood number 
X [m] Characteristic length 
β [m/s] Mass transfer coefficient 
ρFe [kg/m3] Density of iron 
ρ [kg/m3] Density of water 

> 12 0 

plants and laboratory test data were evaluated according to Table 14.7 as reported 
in [14.8]. In [6.6] test results from [14.9] were analyzed according to the same 
procedure. Overall the investigated range covers the following parameters: mass 
transfer coefficients β = 0.0013 to 0.035 m/s, operation time 200 to 63'000 h, con-
centration difference cFe-c∞ = 5 to 100 μg Fe++/kg, pH = 8.5 to 10, temperature 
50 to 287 °C, geometries: rotating disks, orifices, pipe bends, valves and pump 
casings. From these comparisons it can be concluded that the calculation would 
have been able to predict the damage in all cases where a significant metal loss 
was observed. 
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Table 14.8 Mass transfer correlations 
Geometry Correlation Range of validity X 

Sh= 0.017 Re0.8 Sc0.33 Re > 2.5×105 

Sh= 0.05 Re0.78 Sc0.33 Re > 6×105 

Rotating disk 
 r 

ω 

sax 

 
Valid for separated boundary layers 2

s
Re

r 0174.0 ax
0.139 <=δ  

Radius r 
X = r 
 
w = r×ω 

Flat plate in paral-
lel flow 

 w 

x  

Sh = a Re0.8 Sc0.33
 

Mass transfer: 
local: a = 0.029 
average: a = 0.037 

Re > 5×105 X = x 

Pipes, channels, 
gaps 

 
w 

Dt 
 

Sh = 0.027 Re0.8 Sc0.33 + 3
2

t
L

D1  

At pipe inlet and for bends: 

β
βmax = 2 to 2.5 

Re > 104 

tD
L > 60 

pipes: Dt 
gaps: 
X = 2s  
s = gap 
width 

Sudden expansion, 
maximum local 
mass transfer 
 

w 
Dtd 

L  

Shmax = 0.27 Re0.67 Sc0.33
67,0

t
d

D  

Location of highest metal loss: 

−=
tt D

d14
D
L  

4000 < Re < 1.5×105

0.7 < Sc < 6 

0.06 < 
tD

d
0.94 

X = Dt 

Cylinder in cross 
flow 
 

d 
 

Sh = (0.52 Re0.5+0.00145 Re) Sc0.33 

Maximum local mass transfer: 

β
βmax = 1.5 to 2.5 

103 < Re < 2×106 X = d 

Plate in cross flow 
 w a

 

Sh = 0.23 Re0.731 Sc0.33 

Also for a jet impinging on a surface 
(e.g. diffuser outlet flow impinging on 
casing) 

4000< Re < 1.5×104  
π

= a 2X  

Two-phase flow 
05.025.045.0

SPL

TP
x1

x5.3
μ′
μ ′′

ρ ′′
ρ′

−
=

β
β  

x = vapor content (mass 
fraction) defined by 
Eq. (T13.3.4) 

Definitions 
ν

= X wRe  
D
X Sh β=  

D
vSc =  

λ
ρ

=
vc

Pr p

λ
α= X Nu  

X = characteristic length 
The mass transfer correlations can also be used to calculate 
heat transfer coefficients. The Sherwood number is replaced 
by the Nusselt number and the Schmidt number by the 
Prandtl number. 

Pr Prandtl number 
Nu Nusselt number 
α heat transfer coefficient 
cp specific heat 
λ thermal conductivity 
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In Table 14.7 the factor fCr was introduced which covers the influence of the 
chromium content of the steel. This for the reason that low-alloy steels with 0.7 to 
3% chromium experience significantly lower corrosion rates than carbon steel. 
The large influence of the chromium content on the metal loss is demonstrated by 
the test results plotted in Fig. 14.16. According to these measurements, very low 
additions of chromium are apt to drastically reduce the metal loss due to erosion 
corrosion. Figure 14.16 also shows that the band width of the erosion rates can 
cover a factor of 30. Building and dissolving the protective magnetite film conse-
quently react very sensitively to nuances in material properties, manufacturing of 
the specimens as well as chemical and hydraulic test or operation conditions. 
When selecting materials it is prudent to consider low-alloy steels with less than 
0.1% chromium to be nearly as sensitive as carbon steel. As a rough guideline it 
can be assumed that the metal loss of steels with about 2% chromium content is 
only ¼ of the corrosion on carbon steel, [14.6].1 In plant operation some margin is 
needed for pH-excursions and changing operation conditions. Equation (T14.7.5) 
provides that margin by using the lower range of improvement derived from the 
test data in Fig. 14.16. 

The calculation according to Table 14.7 yields finite metal loss rates even at 
low flow velocities. Even during operation there is always a minimum corrosion 
rate which may be in the order of 0.01 to 0.05 mm/year depending on material, 
temperature and water conditioning. Only when the loss is appreciably above that 
level can we speak of erosion corrosion.  
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Fig. 14.16. Influence of chromium content on the metal loss in erosion corrosion; the graph 
corresponds to 1/fCr 

                                                           
1  This value appears more realistic for long-term operation than the reduction ratios be-

tween 1:10 and 1:100 measured in short-term tests reported in [14.7]. Results from short-
term tests can be misleading because of the effects of incubation time and the accuracy of 
measuring small corrosion rates. 
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The risk of erosion corrosion can be assessed according to the following criteria: 

• ER,a < 0.05 mm/year:  Erosion corrosion unlikely 
• ER,a = 0.1 to 0.2 mm/year: Slight erosion corrosion likely;  

    the plant becomes sensitive to pH-excursions. 
• ER,a = 0.4 to 0.8 mm/year: Probability of damage greater than 90%  
• ER,a > 1.2 mm/year:  Strong metal loss to be expected 
• As a general rule: The higher the predicted metal loss, the greater is the prob-

ability of experiencing erosion corrosion and the shorter is the incubation time. 

Erosion corrosion is influenced by these additional parameters: 
Potential differences: If more noble materials, which are resistant to erosion cor-
rosion (e.g. stainless steels or copper alloys), are in contact with carbon steel, 
slight potential differences are created in an electrolyte (refer to galvanic corrosion 
discussed above). As demonstrated by plant experience, an increase in metal loss 
due to erosion corrosion is expected on the carbon steel components if they are 
exposed to high flow velocities. This situation is encountered for example where a 
stainless steel bushing is mounted in a carbon steel casing or at the transition from 
a nobler weld-coating to a less noble base material. When weld-coating a carbon 
steel component with stainless steel, the transition must be placed in a location 
where flow velocities and turbulences are sufficiently low. 
Oxygen content: The solubility given in Fig. 14.14 is applicable if the oxygen 
content is below 20 to 40 ppb. The calculation would over-predict the metal loss if 
applied to conditions with oxygen contents appreciably above that range, because 
the dissolution of the protective film can no longer be described by the concentra-
tions differences given in Fig. 14.14. The addition of oxygen to water with low 
conductivity (less than 0.2 μS/cm) leads to more stable protective films according 
to various publications, e.g. [14.10]. The erosion rate is strongly reduced if the 
oxygen content exceeds 50 ppb in water with conductivities below 0.2 μS/cm, 
[14.12]. The influence of the pH on the corrosion rate is negligible at oxygen con-
tents above 200 ppb, [14.10]. 

It should be noted that the oxygen content may vary throughout the plant be-
cause oxygen is consumed by corrosion processes in various components. 
Alloy additions: The addition of molybdenum or manganese is claimed to reduce 
the risk of erosion corrosion. In [14.12] for example, the sum of chromium and 
molybdenum content is used to correlate the metal loss rates of low-alloyed steels. 
However, it can be misleading to apply the results of short-term tests (gathered in 
test loops with small liquid inventories) to situations in real plant operation be-
cause the water chemistry is difficult to control correctly in a small test loop. Fur-
thermore, the measuring of small metal loss rates is quite uncertain because of the 
influence of the incubation time. Marginally resistant materials have no margin to 
cope with changing operation parameters (pH, temperature, velocity and turbu-
lence) and cannot be recommended. 

The present procedure for estimating the metal loss rate is semi-empirical. The 
complex phenomena evolving on the interfaces metal/oxide and oxide/water are 
simplified by the model used. But it can hardly be considered as a coincidence that 
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the model is able to describe very well the characteristic behavior of the metal loss 
as a function of temperature and pH, [14.6 to 14.9]. The above ideas and concepts 
developed in [14.2], [14.8] and [6.6] correspond to the discussion on magnetite 
films in steam pipes presented in [14.59].

14.4 Material selection and allowable flow velocities 

The maximum allowable flow velocity of any given material in a specific medium 
at given temperature is determined by the criteria corrosion, stress levels, fatigue, 
cavitation and possibly abrasion if the liquid contains solid particles. From the 
wealth of metallic materials used in pumps, only a few examples can be discussed 
here. Each of the materials selected is representative for a specific class of materi-
als with similar chemical composition. It has been attempted to select the most 
commonly used materials which are able to cover a wide spectrum of applications. 
Chapter 14.4 is structured in the following way: 

• Definition of commonly encountered water chemistries 
• Discussion of the properties of frequently used metallic materials 
• Material selection for impellers, diffusers and casings 
• Materials for wear rings 
• Materials for shafts 
• Materials for specific applications 

14.4.1 Definition of frequently encountered fluids 

As mentioned above the exact water analysis of each individual application needs 
to be known in order to enable a judicious choice of the materials to be used. In 
Tables 14.6 and 14.12, application limits of various materials are given for typical 
water qualities which are defined by “W1” to “W6”: 

W1: Weakly corrosive water comprising: 

• Water with pH above the limit given by Eqs. (14.3 and 14.4) where CO2 is in 
equilibrium with carbonates 

• Waters which is able to form protective films on carbon steel; according to 
DIN 50 930 this is water with: 
O2 > 3 ppm (not below 2 ppm) 
7 < pH < 8.5 (but as high as possible) 
c(Ca++) > 0.5 mol/m3 (= mmol/l) respectively °dH > 2.8 
Chlorides: Cl < 2 ppm 

• Water conditioned with effective corrosion inhibitors 
• Corrosion-chemically neutral drinking water 
• No protective film can form if the water is virtually free from oxygen. The cor-

rosion rate is controlled by the residual oxygen. The metal loss is negligible if 
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O2 < 0.1 ppm and pH > 8.5. This applies also to hot water (e.g. warm-water 
heating systems). Partially or fully demineralized water does not belong to this 
group but to W5 and W6. 

• Presumably, resistant protective films can form only above a flow velocity of 
about 0.1 m/s. If the velocity exceeds roughly 4 m/s, protective films are in-
creasingly destroyed, [N.12].  

The temperature does not exert a significant influence. The oxygen present in 
the system during filling of closed circuits vanishes through corrosion unless there 
is ingress of oxygen during service. 
W2: Surface water and sewage: Natural water such as fresh water from lakes, 
rivers or rain usually contains chloride ions in concentrations which can vary in a 
wide range (10 to 250 ppm). The metal loss depends on the water hardness ac-
cording to Eq. (14.6). As a rule, these waters are nearly saturated with air. The 
corrosion attack increases with the availability of oxygen and excess free carbon 
dioxide dissolved in the water. The mass transfer of O2 and CO2 to the metal sur-
face increases with the flow velocity (see also Chap. 14.3). Since contaminants 
can vary in a wide range, such water should be classified as weakly to moderately 
aggressive. Sometimes bio-fouling aggravates the situation.  
W3: Sea water without H2S or without O2: All applications with chloride con-
centrations above 1000 ppm at temperatures below 40 °C fall into this category. 
This group also includes brackish water, mining water and brine. If the sea water 
is virtually free of oxygen (O2 < 0.01 ppm), up to 10 ppm H2S can be present 
without unduly impairing the corrosion resistance. Within this limit the same ma-
terials can be selected for H2S-containing, oxygen-free sea water as for oxygen 
containing, H2S-free water (H2S and O2 react and are therefore not simultaneously 
present in equilibrium water). 
W4: Sea water with H2S or similar contaminants as well as “produced water” 
coming out of oil reservoirs and brackish water are very aggressive. The attack 
grows with falling pH and increasing temperature, see Eq. (14.9) and Fig. 14.17.  
W5: Partially demineralized water including treated water, e.g. in heating sys-
tems. In order to avoid lime deposits, the water circulating in systems at elevated 
temperature must be softened, Eq. (14.5). However, the protective calcareous rust 
scales scale is unable to form in softened water, Chap. 14.2.3. In the presence of 
oxygen and free carbon dioxide, the water becomes aggressive. 
W6: Demineralized water conditioned according to Chap. 14.3, as well as dis-
tilled water and condensate. 
Water in flue gas desulfurization plants (FGD): The special requirements of 
FGD-pumps will be discussed in Chap. 14.4.7. 
Hydrocarbons as a rule are not corrosive at low temperatures, provided they are 
free of water containing corrosive agents. However, hot hydrocarbons can be cor-
rosive. The same applies to hydrocarbons containing acids or phenol. In principle 
all materials listed in the tables can be used for pumping hydrocarbons. Neverthe-
less, it should be checked in each individual application whether the medium to be 
pumped is free of corrosive substances. The allowable tip speed is primarily lim-
ited by vibrations, stress levels, fatigue and temperature; it can be determined ac-
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cording to Tables 14.1 and 14.2. Gray cast iron (often for short “cast iron”), nodu-
lar cast iron, unalloyed cast steel and carbon steel can be selected for service tem-
peratures of up to 230 °C. Above this temperature high-alloy cast steels such as 
GXCrNiMo 12-1 (1.4008) are employed. 

14.4.2 Metallic pump materials 

Metallic materials are employed for the majority of pumps. Plastics are used ex-
tensively for small pumps. Ceramics are selected for special applications. Mainly 
metallic materials are discussed in the following. 
Cast iron of various types contains carbon of ≥ 3% which leads to graphite pre-
cipitation at the grain boundaries. Therefore the microstructure of the casting is 
inhomogeneous. Consequently, all types of cast iron exhibit little resistance to 
cavitation and abrasion. Their mechanical properties severely limit the allowable 
tip speed. 

In gray cast iron (GG-18 to GG-50), the graphite precipitations are lamellar in 
nature which makes the casting very brittle (the elongation is nearly zero). Sudden 
catastrophic failure of pump casings cannot be excluded with brittle materials. 
Therefore, lamellar cast iron must not be used for pump casings where safety is an 
issue. 

In contrast, graphite precipitation in nodular cast iron (GGG-40 to GGG-50) 
generates spherical grains. The casting characteristics are similar to steel. Unal-
loyed grey and nodular cast iron behaves similarly to carbon steels as far as corro-
sion is concerned (an exception are special media, e.g. concentrated sulfuric acid).  

Due to its low hardness nodular cast iron (GGG-40) is less resistant to erosion 
corrosion than gray cast iron (GG-25), [14.28]. Austenitic cast iron with about 
15 to 20% nickel (trade name “Ni-Resist”) is used in sea water applications. 

All types of cast iron mentioned above are relatively inexpensive because they 
are easy to cast and to machine. Unfortunately, weld repairs are nearly impossible. 
This is a severe disadvantage in manufacturing or when local wear occurs during 
service, such as cavitation damage or erosion at the cutwater or cavitation in inlet 
casings due to partload recirculation. 
Carbon steels (also called “mild steels” or “unalloyed steels”) are stable only if a 
protective film is formed, Chap. 14.2.1, or if the water is free from oxygen and 
corrodents. However, these prerequisites are insufficient with demineralized water 
at high flow velocities, Chap. 14.3. 
Low-alloyed steels contain for example chromium, molybdenum and/or manga-
nese, in order to increase high-temperature strength or resistance to erosion corro-
sion. The contents of alloying elements are usually below 5%. 
Stainless steels include martensitic, austenitic, duplex, fully-austenitic (or super-
austenitic) steels. In all steels, ultimate tensile strength and yield strength increase 
with the carbon content owing to the formation of carbides, while the ductility de-
creases. Since the corrosion resistance drops with rising carbon content, stainless 
steels are manufactured with very little carbon, mostly below C < 0.07%. If high 
corrosion resistance is required, carbon is even limited to C < 0.03%. State-of-the-
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art foundry technology is able to produce steels with low carbon. The steels listed 
in Tables 14.11 to 14.16 have been preferred because of their low carbon content 
compared to otherwise similar alloys with higher carbon. 

All stainless steels are passivating and not susceptible to uniform corrosion. 
Passivation requires a chromium content of at least 12 to 13%. However, stainless 
steels are sensitive to local corrosion (pitting and crevice corrosion) in the pres-
ence of chloride (generally all halogen) or sulfide ions in the water. The sensitivity 
to local corrosion is influenced by several parameters: 

• The risk increases with the concentration of halogen ions (mostly Cl-ions), the 
sulfide concentration (H2S) and the temperature. As the pH is reduced, the sen-
sitivity rises strongly. 

• Steels without molybdenum should be used only up to Cl ≈ 200 ppm in order to 
avoid crevice corrosion, [14.19] and [14.58]. 

• Stagnating water, gas bubbles and deposits enable a local concentration of cor-
rodents and foster local corrosion since the passivation film may be locally de-
stroyed. 

• Local corrosion is often the starting point of stress corrosion cracking (SCC) in 
the presence of tensile stresses, which may be caused by the loading applied 
during service or by thermal and residual stresses. 

• The resistance against chloride induced local corrosion increases with the con-
tent of chromium, molybdenum, copper, tungsten and nitrogen. The pitting in-
dex PI, defined by Eq. (14.8), is an often applied criterion to assess the risk of 
local corrosion.  

PI = Cr – 14.5C+ 3.3Mo + 2Cu + 2W + 16N      [Cr, C, Mo, etc. in%] (14.8) 

• The pitting index applies to high-alloy steels only; it must not be used for 
nickel base alloys. The resistance against local corrosion and SCC increases 
with the value of PI. When applying the pitting index as criterion for material 
selection, it should be noted that different definitions of PI are in use, which 
yield different numbers for a given material. The definition as per Eq. (14.8) 
from [N.6] is used in the present text, and the PI is calculated with the average 
content of the components of the alloy.1 

• Low carbon content (C < 0.03%) or stabilization of carbon with titanium or 
niobium is required in order to improve the resistance against intergranular cor-
rosion as well as weldability. With higher carbon content, there is a risk of pre-
cipitations in the heat-affected zone during welding, which make the compo-
nent susceptible to corrosion. 

• The nickel content fosters re-passivation when the passivation film has been 
damaged. Nickel also improves machinability and weldability. Manganese has 
a negative impact on the corrosion resistance. 

• In highly corrosive environments the microstructure must by all means be free 
from precipitations, in particular at the wetted surfaces of a component. Since 
                                                           

1 For example Table 14.12 specifies for 1.4409 Cr = 18-20%. Consequently PI is calculated 
with Cr = 19%. 
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the skin of a casting is usually less resistant than the microstructure below, it 
must be removed if the corrosion is very aggressive. The quality of the material 
is then checked by metallographic sections with high resolution (scale 
1000 : 1). 

• Chloride-induced SCC can be avoided by selecting duplex steels or nickel al-
loys containing more than 25% nickel, refer to Fig. 14.8. 

• All stainless steels are subject to local corrosion in chloride-containing electro-
lytes when a critical temperature is exceeded. Then local corrosion will be 
visible already after 24 hours of exposure. The critical temperature Tcrit, which 
increases with the pitting index, can be determined by measuring the electro-
chemical corrosion potential. The criterion is the steep rise of the corrosion ve-
locity when Tcrit is exceeded. No general rules can be given for the domain 
where the material is stable. This domain depends on the specific alloy, any 
impurities in the alloy, the heat treatment of the individual casting, the chemical 
composition of the electrolyte, pH and the temperature. Therefore, every case 
must be assessed individually. The sensitivity to apparently secondary influ-
ences may explain why sometimes contradictory information is found in the lit-
erature or is obtained from experts. The reports are valid for the investigated 
conditions but cannot be considered as generally applicable. 

• Since molybdenum fosters the creation of ferrite, its content must be limited in 
austenitic and duplex steels. 

• Nitrogen increases not only the resistance to local corrosion but also the tensile 
strength and ductility. 

• Corrosion fatigue is fostered by chlorides, but it can also occur in water which 
is free of chlorides. 

Martensitic steels with nickel contents up to 5% exhibit high strengths in the 
range of 700 < Rm < 1200 N/mm2, depending on the composition of the alloy and 
the heat treatment. Martensitic steels are unsuitable for sea water because of their 
sensitivity to local corrosion and erosion corrosion. In a corrosive environment 
martensitic steels are prone to stress corrosion cracking [14.52]. Under alternating 
stresses, there is a high risk of corrosion fatigue. Martensitic steels are also sus-
ceptible to hydrogen embrittlement. In the presence of boric acid, martensitic 
steels are sensitive to chloride corrosion, even at chloride concentrations as low as 
1ppm (depending on the fluid temperature), [14.52]. In cold water of the types 
“W1” and “W2”, martensitic steels may be used up to between 20 and 50 ppm 
chlorides, depending on additional corrodents present. 

Martensitic steels are very well suited for impellers, diffusers and casings of 
pumps operating with fresh water or demineralized water. In particular the steel 
1.4317 (formerly 1.4313) GX4CrNi13 4 (ASTM A743 Grade CA 6NM) can al-
most be considered as standard material for highly loaded pumps and water tur-
bines – not in the least because of its good cavitation resistance. 
Austenitic Steels with nickel contents of at least 8% (type 1.4409) exhibit consid-
erably lower tensile strength (400 < Rm < 650 N/mm2) than martensitic or duplex 
steels. The low strength of austenitic steels often limits their use because the al-
lowable head, fatigue strength and resistance to cavitation and abrasion are too 
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low for high-head applications. While the resistance of austenitic steels against 
uniform corrosion and erosion corrosion is good, they are sensitive to local corro-
sion, intergranular corrosion and stress corrosion cracking (SCC). At high tem-
peratures and in aggressive environments, stress levels as low 10% of the yield 
strength are able to initiate SCC. The sensitivity to local, intergranular and stress-
induced types of corrosion depends on the type of steel and the parameters dis-
cussed above. It diminishes with decreasing carbon content, which should be lim-
ited to C < 0.03%. 

Austenitic steels with at least 4.5% molybdenum are resistant against pitting in 
cold water but remain susceptible to crevice corrosion in critical cases. 
Duplex steels (with 600 < Rm < 800 N/mm2) have an austenitic-ferritic micro-
structure. They are more resistant to local corrosion than austenitic steels and 
nearly insensitive to SCC and intergranular corrosion. Duplex steels are selected 
when strength, abrasion and cavitation resistance of austenitic steels are not suffi-
cient. In a highly corrosive environment, the resistance of duplex steels strongly 
depends on small differences in alloy composition, foundry processes and heat 
treatment. This sensitivity may be due to the fact that the austenitic and ferritic 
phases are chemically different. The austenitic phase contains less chromium and 
molybdenum, and might form a weak point in the corrosion resistance. In compo-
nents susceptible to corrosion fatigue failure, local accumulations of the austenitic 
phase might initiate cracks. Corrosion fatigue strength may also be impaired by 
residual stresses. These can be quite elevated in duplex steels because austenite 
and ferrite have different coefficients of thermal expansion. 

At high temperatures duplex steels abruptly loose their corrosion resistance and 
the endurance limit drops drastically [14.22]. The application limit of duplex 
steels strongly depends on the material and the medium and is therefore debated. 
Therefore, applications above 100 to 150 °C need careful examination. At tem-
peratures above 450 °C, phase transformations can impair the strength as well as 
the corrosion resistance. 

Recommendations and criteria for the selection of duplex steels: 

• Carbon content: C < 0.03% 
• Ultimate elongation: A > 20% 
• The ferritic component of duplex steels should amount to 40 to 60% (preferably 

50% ferrite and 50% austenite). Mechanical and corrosion properties are opti-
mum with this composition. 

• The chromium content should be 24 to 27%, the molybdenum content at least 
2.5% and the nitrogen content 0.1 to 0.2%. When pumping brackish water, in 
the presence of sulfides or in FGD applications, the steel should contain 3 to 
4% copper. 

• The pitting index as per Eq. (14.8) provides an essential (but not universal) cri-
terion for material selection as demonstrated by Table 14.9 and Fig. 14.17. Du-
plex steels with a pitting index PI > 40, are called “super-duplex”. 

Fully austenitic steels (“super-austenitic”) with nickel contents of at least 25% 
(Type 1.4458) exhibit a high resistance to SCC, local corrosion and erosion corro-
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sion. They attain the same strength as austenitic steels and may be selected for ap-
plications where the corrosion resistance of duplex steels is insufficient. 

For any given material the limiting chloride ion concentration can be estimated 
from Eq. (14.9) or from Figs. 14.17 and 14.18 as a function of the pitting index PI, 
the pH and the temperature. 

[ ] ( )
PI04.0e85.1

fRepH9.0PI4.05
T

Te104ppmCl
−

×= +−            with TRef = 80 °C (14.9) 

 
Table 14.9 Steel selection based on the pitting index PI 
Cl = ionic chloride concentration ≈ 0.55×salt content 

T pH Cl O2 H2S
Fluid 

°C  ppm ppm ppm
PI Suitable materials Literature 

< 200 > 20 1.4309 without Mo 14.19, 14.58 Sewage, un-
treated water < 30 > 6 

< 1000 
> 1 < 0.1

> 25 1.4409 with Mo 14.19 

< 10 > 25 1.4409  14.19, 14.58 

< 25 
> 1 < 0.1

> 34 1.4470 1.4458 14.19, 14.58 Sea water 

< 50 

> 6 ≈ 2×104

< 0.01 < 10 > 35 1.4458 1.4568  

Produced water < 50 > 4 ≈ 105 > 1 < 50 > 40 1.4517 1.4587 14.25 

FGD-water < 65 > 2.5 ≈ 5×104 > 1  > 45 1.4471 1.4573  

In order to preclude crevice corrosion, a material with PI > 40 is recommended for sea water 
applications. The same applies if there are uncertainties about contaminants of the water or if 
passivation is jeopardized by cavitation or abrasion. 

The chloride ion concentration of sea water can be estimated from the salt con-
tent: chloride-content ≈ 0.55×salt-content. Sea water with 3.6% salt content con-
tains about 2% chlorides or 20’000 ppm. Equation (14.9) and Fig. 14.17 have been 
derived from FGD corrosion test data given in [14.34]. The application limits ac-
cording to Eq. (14.9) allow a consistent, quantitative assessment and material se-
lection. The factor 4×10-5 or the other coefficients could be easily adapted to spe-
cific data from operation experience or measurements. 

For any specific application as defined by the chloride content, pH and tem-
perature, the required pitting index can be determined from Eq. (14.9) or 
Figs. 14.17 or 14.18. If the water contains additional corrodents – in particular sul-
fides, bromides, iodine and fluorides – or abrasive particles, a higher PI will be re-
quired. 
Copper alloys are commonly designated as bronzes. Aluminum, tin and silicon 
bronzes (but not brass) are employed in pumps. Bronzes are resistant to uniform 
corrosion since a well-adhering protective film forms on them. Pitting is possible 
in cold and hot water. Low pH, gas bubbles, sulfide, chloride and sulfate ions, as 
well as oxygen increase the sensitivity to pitting. No pitting is to be expected if the 
oxygen content is below 0.1 ppm. Bronzes must not be used in the presence of  
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Fig. 14.17. Limits for the chloride content as a function of pitting index and pH; valid for 
T < 20 °C.  
Example: for a fluid with 10’000 ppm chlorides and pH = 5.5 the alloy should at least have 
a pitting index of PI ≈ 34. 
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Fig. 14.18. Limits for the chloride content as a function of pitting index and temperature at 
pH = 6.5. 

ammonia, H2S, inorganic or organic acids (causing uniform corrosion) or if the 
fluid contains abrasive particles. 

Aluminum bronzes of the type G-CuAl-10Ni are marginally sensitive to pitting 
and are stable even in boiling sea water. The resistance to corrosion increases with 
the aluminum content. Tensile strengths of up to Rm = 600 N/mm2 are achieved. 

Copper-tin alloys (tin-bronzes), such as G-CuSn10 and copper-tin-zinc alloys 
such as G-CuSn5ZnPb, are quite stable in sea water at low flow velocities. Due to 
their low strength, they can only be selected for moderate heads. They are also 
sensitive to erosion corrosion, cavitation and abrasion. 
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The corrosion rates of copper alloys increase with the oxygen available at the 
metal surface. Corrosion is thus determined by mass transfer coefficients (flow ve-
locity and turbulence). The copper-nickel alloys CuNi10, CuNi20, CuNi30, which 
are used successfully for piping, are not suitable for the high flow velocities en-
countered in pumps. 
Nickel base alloys or titanium may be employed in media where duplex steels or 
super-austenitic steels are not sufficiently resistant to corrosion. Nickel base alloys 
must contain chromium and molybdenum if they are to be used in sea water. Tita-
nium is insensitive to pitting and very resistant to crevice corrosion. 

Nickel-chromium-iron alloys without molybdenum e.g. NiCr15 (Inconel 600, 
2.4816) or X10NiCrAlTi32-21 (Inconel 800, 1.4876) are susceptible to pitting and 
can not be employed in sea water, [14.58]. 

14.4.3 Impellers, diffusers and casings 

As compared to piping systems, impellers, diffusers and casings of centrifugal 
pumps are exposed to high flow velocities. The allowable velocities depend on the 
combination of several parameters so that each application should be assessed in-
dividually. This is particularly true when extrapolating operation experience to 
new conditions. Since the risk of cavitation increases proportionally to w6 (and 
abrasion with w3), an apparently insignificant increase in impeller tip speed can 
sometimes lead to unexpected problems. 

Tables 14.11 (1) to 14.11 (6) list the properties of commonly used pump mate-
rials and Table 14.17 gives tentative limits for flow velocities. Concerning these 
tables the following should be noted:  

• The allowable velocities stipulated in the tables should be considered as very 
rough, tentative guidelines, which are thought to account for the combined ef-
fects of possible damage due to corrosion fatigue, cavitation and corrosion. 

• Whether damage occurs to a given material at a given velocity depends to a 
considerable degree on the design of the pump and the actual operation parame-
ters. For example, the risk of cutwater erosion depends on the width of gap B 
between the cutwater and the impeller. Also, a well-profiled cutwater would be 
less prone to damage than a semi-circular shape. Finally, the surface finish of 
the casting has an impact. 

• The recommendations are intended to be rather conservative, but they cannot 
guarantee freedom of damage. The price difference between a material “just 
acceptable” for a particular application and a well-resistant material usually is 
only a fraction of the expense needed to correct operational problems caused by 
material degradation in service. 

• The material selection is done with the head or the velocities at the best effi-
ciency point. Higher velocities at off-design operation are thought to be cov-
ered by these recommendations. 

• Metal loss due to abrasion or erosion corrosion is determined by the (unknown) 
maximum local velocities, rather than by average values. The local excess ve-
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locities are supposed to be covered by the conservative assumptions of the al-
lowable velocities. 

• For assessing stresses, the tip speed u2 is relevant, while the average velocity 
should be used for assessing corrosion and abrasion. Mostly an estimate the av-
erage velocities will be sufficient: at the impeller inlet w1 ≈ u1 and at the dif-
fuser inlet c3 ≈ u2/2 may be roughly assumed for nq < 50. An exact calculation 
of these velocities can be done by means of Tables 3.1 and 3.2 or Fig. 3.22. In 
the tables “w” stands for the velocity relative to the component (i.e. the abso-
lute velocity for the casing and the relative velocity for the impeller). Since the 
velocity near the cutwater is of similar magnitude as at the diffuser inlet, the 
same velocity limits can be used for diffusers and volute casings. Corrosion, 
abrasion or cavitation at volute cutwater is not really an exceptional occurrence. 

• For annular seals the mean velocity vector is used: w = (cax
2 + usp

2/4)0.5; it can 
be estimated from Fig. 3.22. 

• If the allowable velocity wal for a given material in a given medium has been 
selected from Table 14.6 or Table 14.17, the allowable impeller tip speed and 
the allowable head can be determined from Fig. 3.22 and Table 14.10. For any 
given pump, the specific speed nq can be calculated. Subsequently, the veloci-
ties referred to the tip speed u2 and the pressure coefficient can be read from 
Fig. 3.22. Finally, the actual values of u2, w1, c2u etc. can be calculated from the 
equations given in Table 14.10. 

• In a given pump at a given rotor speed, impellers, diffusers, volutes, stage cas-
ings of multistage pumps as well as suction bells of vertical pumps with semi-
open impellers are locally exposed to roughly the same maximum velocities. 
Therefore, they must be built from materials of similar resistance. The inlet and 
outlet casings of multistage pumps or the casings of barrel pumps are exposed 
to lower velocities. They could be manufactured from other materials if accept-
able with respect to erosion corrosion and galvanic corrosion. 

• The allowable velocities in annular seals of a specific material in a given envi-
ronment are lower than for casings or impellers because even a small metal loss 
would entail appreciably larger clearances and a loss in efficiency (in particular 
with low nq). 

• The exact composition and properties of any given material depend on the ap-
plicable standard and the foundry. The figures given in the tables can only give 
an indication, since originating from a variety of sources with (at times) contra-
dicting information. 

• The application limits, stipulated in the tables for any specific material, are 
valid for the whole group of similar materials. For example, the limits given for 
GG-25 apply equally to GG-18 through GG-50. When considering stainless 
steels, the chemical composition, including the carbon content and the type of 
steel (i.e. ferrite, austenite, duplex) are relevant for comparing a particular ma-
terial to the materials listed in the tables. Low concentrations of some elements 
in an alloy should not be overlooked, since they may have a significant impact 
on the corrosion resistance (e.g. N, Cu, Nb). 
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Table 14.10 Determination of the allowable head per stage 
 Read from 

Fig. 3.22 
Calculate allowable tip speed u2,al from allowable velocities 
wa1 determined from Tables 14.6 or 14.12 

Impeller inlet  w1*(nq) *w
w

u
1

al
al,2 =  

Impeller outlet w2*(nq) *w
w

u
2

al
al,2 =  

Diffuser inlet c3*(nq) *c
w

u
u2

al
al,2 =  

Volute inlet c3*(nq) *d
*c

w
u z

u2

al
al,2 =  

Wear ring wsp*(nq) *w
w

u
sp

al
al,2 =  

Allowable head 
per stage  ψopt(nq) 

g2
u

H
2

al,2
optal,opt ψ=  

• In so far as quantitative information was available, any material in a specific 
medium has been termed as “stable” if the metal loss is less than 
ccor < 0.1 mm/year. Materials with ccor > 1 mm/year were classified as “insta-
ble”. 

• The hardness numbers should be understood in terms of Vickers-hardness 
HV30. The differences in hardness resulting from different test loads are irrele-
vant in the present context. By the same token, Brinell- and Vickers-hardness 
can be assumed to be equal, and the hardness can be estimated from the tensile 
strength Rm according to: HV ≈ HB ≈ (0.29 to 0.32) Rm. 

• Mechanical properties such as tensile strength and elongation as well as coeffi-
cients of thermal expansion, thermal conductivity and specific heat depend on 
the temperature. The data listed in the tables are valid roughly for the range of 
20 to 100 °C. For more accurate calculations, the material standards or the data 
of the foundry or manufacturer should be consulted. 

Depending on each individual case, the application limit of a specific material 
may be given by fatigue, cavitation, erosion corrosion or abrasion. But there are a 
number of other aspects to consider when selecting materials. These criteria are 
discussed in the following: 

1. Corrosion fatigue: The allowable tip speed or head per stage decreases with 
increasing corrosivity of the medium and rising specific speed (or blade span). 
It is much lower for open impellers or diffusers than with closed components. 
The impeller shroud thickness needs particular attention with blade numbers 
below zLa < 5. The analysis of corrosion fatigue problems can be done accord-
ing to Chap. 14.1, Tables 14.1 to 14.3 and Figs. 14.2 to 14.7. 

2. Cavitation: The erosion risk of impellers can be assessed according to 
Chaps. 6.6 and 6.7. The inlet casing may suffer cavitation erosion due to part-
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load recirculation and /or cavitation at the outlet of the annular seal. Cavitation 
can also occur at the volute cutwater or in the diffuser. Although the available 
NPSH at the impeller outlet appears to be elevated, Eq. (6.9), a non-uniform 
impeller outlet velocity distribution can produce local excess velocities and 
cavitation. Due to the high pressure differentials, the cavitation intensity is sig-
nificant according to Eq. (6.12). Therefore, the risk of local cavitation damage 
should be taken into account when selecting the casing material. For this rea-
son the allowable velocities stipulated in Table 14.17 are quite low for all 
types of cast iron (GG-25, GGG-40 and GGG-NiCr 20-2). Due to the gap cavi-
tation likely to be present in open impellers, all types of cast iron are consid-
ered unsuitable for suction bells – at least in all applications where u1 > 10 m/s. 
Tables 14.11 to 14.16 give the relative cavitation rate referred to the steel 
1.4317 (CA6NM). These figures were calculated according to Chap. 6.6.7 with 
the same assumptions as for Fig. 6.34, but they are applicable only in the ab-
sence of severe corrosion. 

3. Water analysis: Oxygen content, chemical agents and impurities determine 
the corrosion risk. Without knowing the exact properties of the water to be 
pumped, a sound material selection is risky. 

4. Erosion corrosion limits the application of carbon steels when pumping 
demineralized water. Steel 1.4317 (AISI410, ASTM A 743 Gr CA6NM) can 
almost be considered as the standard material for these applications.  
Erosion corrosion determines largely the material selection for sea water 
pumps – in particular in the presence of H2S. 

5. Acid or base corrosion: The information given in Chap. 14 is focused on cen-
trifugal pumps for various types of water. Extensive tables giving the resis-
tance of different materials in a numerous fluids can be found in [B.5, B.8, 
B.28 and 14.14]. 

6. Abrasion: The expected metal loss can be estimated according to Chap. 14.5. 
The relative abrasion rates referred to steel 1.4317 (CA6NM) may serve as a 
first assessment. These figures were either derived from test data or calculated 
from Table 14.21. They apply only in the absence of severe corrosion. 

7. Temperature: Applications at temperatures considerably below 0 °C require 
materials which do not loose their ductility. At temperatures above about 
200 °C, the high-temperature strength of the material must be taken into ac-
count. Both topics are beyond the scope of this text. 

8. Weldability: It is highly desirable that the selected material should allow weld 
repair of casting defaults (or local wear suffered during operation) without loos-
ing corrosion resistance in the weld-affected zone. Usually heat treatment is re-
quired after welding. Good weldability is an important criterion for selecting 
the casing material. 

9. Castability: Casting defects can lead to damage and increase manufacturing 
costs if detected during machining or non-destructive material testing.  

10.Machinability: Some special alloys are very difficult to machine which limits 
their application and causes extra costs in manufacturing. 

11. Costs: Tables 14.11 to 14.16 provide the relative costs of the various materials 
referred to steel 1.4317 (ASTM A743 CA6NM). These figures allow a first as-
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sessment of the costs related to selecting a specific material. Obviously, the ac-
tual costs evolve with changing market conditions. The cost of the reference 
material (steel 1.4317) was assumed at 13 Euro/kg as per spring of the year 
2007. 

Table 14.11 Properties of cast irons and cast carbon steels 

 Cast iron Nodular 
cast iron Ni-Resist Cast steel 

DIN 17006 GG-25 
GJL-250

GGG-40 
GJS-400-15

GGG-NiCr 
20-2 

GS-C25 
GP240GH 

GX8 
CrNi 12 

Material-no. (DIN, EN) 0.6025 0.7040 0.7660 1.0619 1.4107 

ASTM A278   30 A536-60-40-
18 

A439 Type
D2 

A216 Gr 
WCB 

A217 Gr 
CA-15 

Unified numbering system UNS F 12401   J 03002 J 91150 

C 3.4 3 3 0.21 < 0.1 

Cr - - 1-2.5 0.3 11.5-12.5 

Ni - - 18-22 - 0.8-1.5 

Mo - - - - 0.2-0.5 

Cu - - <0.5 - - 

Si - - 1.5-3 0.4 < 1 

Chemical  
composition 

Mn 

% 

- - 0.5-1.5 0.5-0.8 < 1 

Microstructure   Perlitic Ferritic Austenitic-
Carbide Bainite Ferritic 

Yield strength Rp0.2 N/mm2 - 250 210-250 240 > 500 

Tensile strength Rm N/mm2 245 400 370-480 420-600 > 590 

Elongation A % - > 15 7-20 22 > 16 

Young’s modulus E N/mm2 1.1×105 1.72×105 1.2×105 2.1×105 2.1×105 
Vickers hardness 
HV30 HV  180-240 130-180 140-200 130-270 170-240 

Density ρmat kg/m3 7300 7100 7400 7800 7700 

Specific heat capacity cp J/kg K 540   460 460 

Thermal expansion α 10-6/K 9 12.5 18.7 12.6 10.5 

Thermal conductivity λ W/m K 48 36 12.6 45 26 

Machinability   Very good Good Good 

Weldability   Very poor Poor Poor Good Limited 

Sz  10 4 4 4 2 Safety factors for 
chapter 14.1 Szz  18 10 15 8 5 

Cavitation erosion 11 5.5 4.1 4.7 1.5 

Loss due to abrasion 1.7 2 1.9 1.8 1.2 

Relative costs 

Relative to 
1.4317 
(CA6NM) 0.25 0.35 0.4 0.55 0.8 
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Table 14.12 Properties of martensitic and austenitic cast steel 
Type Martensitic Austenitic 

DIN 17006 GX4CrNi 
13-4 

GX4 
CrNiMo 
16-5-2 

GX2CrNi
19-11 

GX2 
CrNiMo19-

11-2 

GX2CrNi 
MoNb  

17-13-4 
Material-no. (DIN, EN), [N.14] 1.4317 1.4411 1.4309 1.4409 1.4446 

ASTM: A743 Grade CA 6NM CB 7Cu2 CF-3 CF-3M  

AISI   304L 316L  

Unified numbering system UNS: J 91540  J 92500 J 92800  

C < 0.06 < 0.06 < 0.03 < 0.03 < 0.03 

Cr 12-13.5 15-17 18-20 18-20 16.5-18.5 

Ni 3.5-5 4-6 9-12 9-12 12.5-14.5 

Mo < 0.7 1.5-2 - 2-2.5 4-4.5 

Cu - - - -  

N - - < 0.2 < 0.2 0.12-0.22 

Chemical  
composition 

Nb 

% 

- - - -  

Microstructure   Ferritic - Martensitic Austenitic 

Pitting index PI Eq.(14.8) 14 21 20 25 34 

Yield strength Rp0.2 N/mm2 > 550 > 540 > 185 > 195 > 210 

Tensile strength Rm N/mm2 760-960 760-960 440-640 440-640 440-640 

Elongation A % > 15 > 15 > 30 > 30 > 20 

Young’s modulus E N/mm2 2.1×105 2.1×105 1.93×105 1.93×105 1.93×105 
Vickers hardness HV30 HV  240-300 260-320 130-200 130-200 130-180 

Density ρmat kg/m3 7700 7800 7880 7900 7900 

Specific heat capacity cp J/kg K 460 460 530 530 530 

Thermal expansion α 10-6/K 10.5 11 16.8 15.8 16 

Thermal conductivity λ W/m K 26 17 15.2 14.5 13.5 

Machinability   Good Good Good Good Good 

Weldability   Good Good Good (with low C-content) 

Sz  2 2 2 2 2 Safety factors for  
chapter 14.1 Szz  5 5 5 5 5 

Cavitation erosion 1.0 0.8 1.5 1.5 1.5 

Loss due to abrasion 1.0 1.0 1.3 1.3 1.4 

Relative costs 

Relative to 
1.4317 
(CA6NM) 1.0 1.2 1.1 1.5 1.4 
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Table 14.13 Properties of duplex and super-austenitic cast steel 
Type Duplex steels Super-Austenitic 

DIN 17006 
GX2CrNi
MoN 
22-5-3 

GX2CrNi
MoCuN 
25-6-3-3 

GX2CrNi
MoN 
25-6-3 

GX2 
NiCrMo
28-20-2 

GX2NiCr 
MoCuN 
29-25-5 

Material-no. (DIN, EN) [N.14] 1.4470 1.4517 1.4468 1.4458 1.4587 

ASTM: A890 Grade: CD3MN 4B 3A   

AISI      

Unified numbering system UNS: J 92205 J 92205 J 93371   

C < 0.03 < 0.03 <. 0.03 < 0.03 < 0.03 

Cr 21-23 24.5-26.5 24.5-26.5 19-22 24-26 

Ni 4.5-6.5 5-7 5.5-7 26-30 28-30 

Mo 2.5-3.5 2.5-3.5 2.5-3.5 2-2.5 4-5 

Cu - 2.75-3.5 - < 2 2-3 

N 0.12-0.2 0.12-0.22 0.12-0.25 < 0.2 0.15-0.25 

Chemical  
composition 

 

% 

- -  - - 

Microstructure   Ferritic - Austenitic Super-Austenitic 

Pitting index PI Eq.(14.8) 34 44 38 35 48 

Yield strength Rp0.2 N/mm2 > 420 > 480 > 480 > 165 > 220 

Tensile strength Rm N/mm2 600-800 650-850 650-850 430-630 > 480 

Elongation A % > 20 > 22 > 22 > 30 > 30 

Young’s modulus E N/mm2 2.0×105 2.1×105 2.1×105 1.93×105 1.93×105 
Vickers hardness HV30 HV  180-250 200-270 200-270 130-200 150-220 

Density ρmat kg/m3 7700 7700 7700 8000 8000 

Specific heat capacity cp J/kg K 450 450 450 500 500 

Thermal expansion α 10-6/K 13 13 13 14.5 14.5 

Thermal conductivity λ W/m K 18 17 17 16 17 

Machinability   Fair Fair Fair Fair Fair 

Weldability   Good Good Good Good Good 

Sz  2 2 2 2 2 Safety factors for  
chapter 14.1 Szz  5 5 5 5 5 

Cavitation erosion 1.1 1.0 1.0 1.5 1.3 

Loss due to abrasion 1.2 1.1 1.1 1.4 1.3 

Relative costs 

Relative to 
1.4317 
(CA6NM) 1.5 2 1.6 2.3 2.6 
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Table 14.14 Properties of super-duplex cast steel and wear ring material 

 Super-duplex steels  Wear ring 
material 

 
GX3CrNiMo

WCuN 27-6-3-
1 

GX3CrNiMo
CuN 26-6-3-3

GX4CrNiMo
CuN 24-6-5-3

GX120CrMo 
29-2 

Material-no. as per SEW 410 [N.19] 1.4471 1.4515mod 1.4573 1.4138 

ASTM: A890 Grade: 6A 
CD3MWCuN    

C < 0.03 < 0.03 0.04 0.9-1.3 

Cr 25.5-28 25-26 22-25 27-30 

Ni 5.5-8 6-7.5 4.5-6.5 - 

Mo 3-4 3-3.5 4.5-6 2-2.5 

Cu 0.8-1.3 1 1.5-2.5 - 

N 0.15-0.28 0.17-0.25 0.15-0.25 - 

Chemical  
composition 

 

% 

1 W 1 W   

Microstructure   
Ferritic,  

Austenitic,
each 50% 

Ferritic,  
Austenitic 

Ferritic,  
Austenitic 

Ferritic, 
Carbides 

Pitting index PI Eq.(14.8) 45 43 47 - 

Yield strength Rp0.2 N/mm2 > 480 > 480 > 485 - 

Tensile strength Rm N/mm2 650-850 650-850 690-890 - 

Elongation A % > 22 22 > 22 - 

Young’s modulus E N/mm2 2.1×105 2.1×105 2.1×105 2.1×105 
Hardened     

Vickers hardness HV 
Annealed 200-260 200-260 200-320 260-330 

Density ρmat kg/m3 7700 7800 7800 7700 

Specific heat capacity cp J/kg K 450 450 450 500 

Thermal expansion α 10-6/K 13 14 14 9.5 

Thermal conductivity λ W/m K 17 15 15 19 

Machinability   Fair    

Weldability   Good Good Limited No 

Cavitation erosion 0.9 1.0 0.9 1.0 

Loss due to abrasion 1 1.1 0.9 0.9 

Relative costs 

Relative to 
1.4317 
(CA6NM) 2 2 2  

pH > 2.5 > 4 > 2.5 >7 
Application 

 Sea water, FGD Wear rings 
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Table 14.15 Properties of wear resistant cast iron 

 GX300CrNiSi 
9-5-2 

GX300CrMo 
15-3 

GX300CrMo 
27-1 

GX150CrNi 
Mo 40-6 

Material-no. (DIN, EN) 0.9630 0.9635 0.9655 1.4475 

 DIN 1695  

ASTM A532     

C DIN 1695 2.5-3.5 2.3-3.1 3-3.5  

C reduced - 2.4-2.6 1.5-1.8 1.4-1.7 

Cr  8-10 14-17 23-28 39.5-42 

Ni  4.5-6.5 < 0.7 < 1.2 5-7 

Mo  < 0.5 1-3 1-2 2-3 

Cu  - - - < 1.2 

N  - - - 0.1-0.2 

Chemical  
composition 
in per cent 

Si  1.5-3.2 0.2-0.8 0.2-1 - 

Microstructure   Chromium carbide in martensitic, perlitic, 
austenitic structure 

Ferritic, Aus-
tenitic, Car-

bide, 
each 33% 

Pitting index PI Eq.(14.8) - - - 31 

Tensile strength Rm N/mm2 500-600 450-1000 450-1000  

Elongation A % - - -  

Young’s modulus E N/mm2 1.96×105 1.72×105 1.72×105  

Hardened 600-750 700-900 600-800  
Vickers hardness HV 

Annealed Natural hard < 400 < 400  

Density ρmat kg/m3 7700 7700 7600  

Thermal expansion α 10-6/K 14.5 13   

Thermal conductivity λ W/m K 13.8 13.8   

Machinability   Very poor With reduced C-content
 after annealing good  

Weldability       
Loss due to abrasion 
[14.41] 0.08 0.04 0.07 0.1 

Relative costs 

Relative to 
1.4317 
(CA6NM) 1.1 1.1 1.25 1.65 

Fluid  Neutral with respect to cor-
rosion  

Weakly 
 corrosive 

Fairly  
corrosive,  
Eq. (14.9) Application 

Service 
Slurry and 
dredge 
pumps 

Bauxite, ore, or carbon slurries; 
sand laden sewage 
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Table 14.16 Properties of copper and nickel alloys 

Type  Tin  
bronze Inoxida Monel 

K500 
Hastelloy 

C 

DIN 17006 G-CuSn 
5ZnPb G-CuSn 10 G-CuAl 

10Ni NiCu30Al NiMo16Cr
15W 

Material-no. (DIN, EN) 2.1096.01 2.1050.01 2.0975.01 2.4374 2.4819 

ASTM:  B584 
C83600 

B427 
C90700 B148 958  A574 

N10276 
Unified numbering system UNS: C83600 C90700 C95800 N05500 N10276 

Pitting index PI Eq.(14.8) - - - - 70 

Cu 84-86 88-90 76 30 Cr 15-17 

Ni 2.5 2 4-6.5 Rest 51-64 

Al - - 8.5-11 2-4 Mo 15-17 

Sn 4-6 9-11 - - W 3-4.5 

Zn 4-6 - - - - 

Fe - - 3.5-5.5 0.5-2 4-7 

Pb 4-6 - - - C < 0.015 

Chemical  
composition 

Mn 

% 

3 3 3 - 1 

Yield strength Rp0.2 N/mm2 90 130 270 590 280 

Tensile strength Rm N/mm2 220 270 600 600-880 700 

Elongation A % 16 18 12 12 35 

Young’s modulus E N/mm2 0.85×105 1.0×105 1.2×105 1.79×105  
Vickers hardness 
HV30 HV  60 80 140 170-230  

Density ρmat kg/m3 8700 8700 7600 8500 8900 

Specific heat capacity cp J/kg K  400 ≈400 ≈525  

Thermal expansion α 10-6/K 17 20 ≈17 ≈15  

Thermal conductivity λ W/m K 58 45 ≈50   

Weldability     Very 
 good   

Sz  4 4 4 4 2 Safety factors for  
chapter 14.1 Szz  10 10 10 10 5 

Cavitation erosion 5 ? 4.5 ? 1 ? 1 ? 1 ? 

Loss due to abrasion 2.5 2.2 1.6 1.3 1.2 

Relative costs 

Relative to 
1.4317 
(CA6NM) 1.0 0.9 1.2 5.0 1.8 
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Table 14.17 Velocity limits for cast materials Hal ≈ 2
alw2.0 ×      at ψopt ≈ 1 
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Pitting index PI - - - - - 14 21 20 25 34 34 44 48 - - - 

Qualific. u u u g e e e e e e e e e g e e W1 form-
ing protec-
tive films wal (m/s) 17 20 20 30 45 70 70 50 50 50 60 60 50 22 50 45 

Qualific. u u u u e e e e e e e e e g e e W2 un-
treated wa-
ter, sewage wal (m/s) 15 17 17 25 45 70 70 50 50 50 60 60 50 22 50 45 

Qualific. 0 0 0 0 e e e e e e e e e g g g 

Im
pe

lle
r,

 d
iff
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er

, v
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ut
e 

W5 & W6 
Demineral-
ized water wal (m/s) 0 0 0 0 45 70 70 50 50 50 60 60 50 22 50 45 

Qualific. u u u u          g   W1 form-
ing protec-
tive films wal (m/s) 12 15 15 17          15   

Qualific. u u u u          g   W2 un-
treated wa-
ter, sewage wal (m/s) 10 12 12 15          15   

Qualific. 0 0 0 0          g   

W
ea

r 
ri

ng
s 

W5 & W6 
demineral-
ized water wal (m/s) 0 0 0 0          15   

Qualification: 0 = not appropriate, not recommended; u = usable ; g = good; e = excellent 
Note: wal is the allowable velocity relative to the component (not the  tip speed u2, 
which is roughly twice as large for nq < 50) 
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14.4.4 Wear ring materials 

As explained in Chap. 3.6.2, the radial clearances in annular seals at the impeller 
or the balance piston are only a few tenths of a millimeter in order to limit the ef-
ficiency impairment due to leakages, Eq. (3.12). There is a considerable risk of the 
rotor touching the stator because of excessive vibrations or thermal deformations 
of the casing or the rotor during transient operation of pumps for hot liquids. Con-
tact between the rotor and the stator can induce wear (increase in clearance and 
drop in efficiency). Contact can even lead to the destruction of the pump due to 
seizure. The correct choice of the material combination in the close running clear-
ances is therefore altogether crucial for the reliable operation of the pump. 

At high circumferential velocities and high pressure differences across the an-
nular seal, the wear rings must also be resistant against erosion corrosion. Many 
materials with good galling characteristics (for example, cast iron) are susceptible 
at high velocities to metal loss due to erosion corrosion. Thus their use as wear 
ring material is very limited. Wear ring materials need to fulfill the following re-
quirements: 

1. Most importantly the wear ring material must exhibit little tendency to galling 
and seizure upon rotor/stator contact. Frequently a difference in the Vickers- or 
Brinell hardness of at least 50 HV (BHN) between rotor and stator is specified 
in order to reduce the risk of galling. In [B.15] a hardness difference of 10 HRC 
(HV = 100) is recommended for materials with HRC < 45 (HV < 450). 

2. Whenever possible, different alloys should be used for rotor and case ring. 
3. The metal loss resulting from corrosion or erosion corrosion should be very 

small during service in order to limit the increase in clearances and to avoid 
undue loss in efficiency and rotor damping. 

4. The wear ring material must at least have the same potential as the casing and 
impeller materials in order to avoid galvanic corrosion, Chap. 14.2. 

5. If abrasive solids are entrained by the liquid, the wear rings must be made from 
abrasion-resistant materials, since seals are subject to very high wear.  

Table 14.18 lists suitable combinations of wear ring materials. The limit for the 
head Hmax corresponds to the head per stage at the best efficiency point (calculated 
with ψopt ≈ 1). When considering the balance piston or disk, Hmax is the total head 
of the pump at BEP. 

The risk of rotor-stator contact, as well as erosion corrosion, increases with the 
impeller tip speed. While suitable wear ring materials are readily available for 
pumps with low heads, affordable materials which fulfill the above requirements 
in an ideal way for high-head pumps are unknown. Depending on the pump manu-
facturer, a multitude of material combinations are offered. Some of these are dis-
cussed below: 

• In so far as cast iron is resistant against corrosion in the specified medium, it is 
a very suitable wear ring material because of its excellent galling characteristics 
brought about by the graphite in the microstructure. 
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• Martensitic chromium steels with 12 to 30% chromium can be used in cold and 
hot water of the types W1, W2, W5, W6. Examples are X20Cr13 or X22Cr17 
cast or wrought. Preferentially the case ring is heat treated to higher strength 
than the impeller or running ring. The case rings are sometimes surface-
hardened, e.g. by soft nitrating or hard chroming. Even when rotor and stator 
rings have differences in hardness and/or alloy, there remains a considerable 
risk of galling and seizure, if rotor and stator are contacting under high forces. 

• The plastic material PEEK (Polyetherketone, reinforced by carbon fibers) is 
very suitable for case rings. PEEK is resistant in the types of water W1 to W6. 
There is no risk of galling when contacting metallic impellers or running rings. 
Two types of PEEK are available: (1) PEEK with short fibers (“chopped carbon 
fiber”) can be employed up to 20 bar pressure difference in the range of -30 to 
135 °C; (2) PEEK with long wound fibers (“continuously wound carbon fiber”) 
can be used up to 35 bar pressure difference in the range of -30 to 230 °C. If the 
PEEK bushing or ring is sufficiently supported by other structures, PEEK can 
be applied up to 140 bar, [N.6]. 

• Similar to PEEK, a composite material with the trade name Simsite is used in 
sea water pumps for wear rings. The allowable pressure differences are claimed 
to be equivalent to PEEK. More details are given in Chap. 14.4.8.    

• In spite of their tendency to galling, austenitic steels of the type 1.4409 are used 
as wear rings for vertical pumps in sea water because of their high resistance to 
erosion corrosion [14.19]. In vertical pumps the forces leading to a contact be-
tween the rotor and stator are, as a rule, not excessive. 

• In sea water pumps duplex-rings are also combined with austenitic steels. 
• Tin bronzes, aluminum bronzes and nickel-aluminum bronzes are used as wear 

rings in sea water because of their low tendency to seizure. However, the flow 
velocities must be limited according to Table 14.6 (see also Fig. 14.11). These 
wear ring materials are combined with copper alloys as well as with austenitic 
steels, [14.19]. 

• In spite of their good galling characteristics, the various types of Ni-Resist (e.g. 
0.7660) are unsuitable for wear rings in sea water applications, since the metal 
loss caused by erosion corrosion is too high, Fig. 14.11, [14.19]. 

• Martensitic/ferritic steels cannot be employed in sea water because of severe 
erosion corrosion. 

• In sea water Monel wear rings must not be combined with duplex, austenitic or 
super-austenitic steels because of galvanic corrosion. 

• Stellites are a family of cobalt base alloys. Colmonoy are nickel base alloys. 
Both groups of materials have a high hardness and relatively low tendency to 
seizure. In sea water there may be a risk of galvanic corrosion. In spite of this, 
these materials are used in sea water, [14.19]. 
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Table 14.18 Wear ring materials  
Rotor material Stator material  Medium Hmax (m) Remarks 

GG-30, GGG-40 100 

GGG-40,  
GGG-NiCr 20-2 120 

GX120CrMo 29-2 (1.4138) 
wnt (soft nitrated) 

W1, W2 

Limited 
by Hstage 

GG-30, GGG-40 Hydro carbons 200 

All (as far as re-
sistant in the 
medium 
pumped) 

G-CuSn 12 
2.1052.03 

W1 to W3, 
W5, W6 80 

Stator material with 
good galling resis-
tance. 
Velocity limited by 
erosion corrosion 

X20Cr 13 (1.4021) 

HV > 250 

GX120CrMo 29-2 
(1.4138) wnt 
nitrated 

X22Cr17 (1.4057) 
possibly nitrated 

Ferritic, marten-
sitic, austenitic 
steels, duplex, 
Stellite, Col-
monoy, 

Stellite, Colmonoy 

W1, W2, W5, 
W6 

Limited  

by Hstage 

Also for balance 
pistons. 

Hardness difference 
between stator and 
rotor as high as pos-
sible, but at least 
HV50. 

All (as far as re-
sistant in the 
medium 
pumped) 

PEEK 

Simsite (Chap. 14.4.8) 
W1 to W6 

35 bar 

140 bar 

Relevant is pressure 
difference across 
labyrinth 

X5CrNiMo 18-10 (1.4401) 

X8CrNiMo 27-5 (1.4460) 

Stellite, Colmonoy 

All (as far as re-
sistant in the 
medium 
pumped) 

Waukesha 88 

W3 

W2 

W1 

Limited 

by Hstage 

Could be used in 
W5, W6 but un-
common 

X2CrNiMoCuN 25-6-3-3   
(1.4517) 

GX2NiCrMoCuN 29-25-5 
(1.4587) 

All (as far as re-
sistant in the 
medium 
pumped) Hastelloy C 

NiMo16Cr15W 

(2.4819) 

W4 
Limited 

by Hstage 
Resistant in  
W1 to W6 

NiCu30Al (2.4374) 

Monel K500 
400 

All types of 
bronze  

G-CuAl 10 Ni (2.0975.03) 

W3 

150 

Resistant in W1, 
W2, W5, W6 

Impeller (rotor) not 
from duplex or aus-
tenitic steel 

Impeller: Hmax is valid at ψopt ≈ 1; balance piston: Hmax = Htotal, pump 

Water specifications W1 to W6 are described in Chap. 14.4.1. 



866      14 Selection of materials exposed to high flow velocities 

• Hard spray coatings, e.g. from tungsten carbide, are sometimes employed in or-
der to reduce the tendency to seizure and/or to enhance the resistance to abra-
sive wear by solid particles. In the finished condition, such coatings should 
have a thickness of at least 0.8 mm, [N.6]. Weld coatings, e.g. from Stellite, can 
also be used for the same purpose.  

• Wear rings from SiSiC (reaction-bonded silicon carbide) are used in FGD-
pumps, [13.30]. 

• Waukesha 88 is a nickel base alloy with 12Cr, 4Sn, 1 Mn, 3Mo, 2Fe, 4Bi. It has 
low tendency to seizure and a high resistance against erosion corrosion in sea 
water, [14.19]. 

• Wear rings from tungsten carbide are employed in fluids containing abrasive 
particles, Chap. 14.5.  

• In low-density fluids (say below 500 kg/m3), there is an increased risk of gall-
ing because of the weak lubricating effect of the liquid. According to [B.15] it 
is common practice to make the case rings from metal-filled graphite. Such 
rings are also used for liquid CO2 applications. 

Sometimes the pump operator specifies running rings to be mounted on the impel-
ler. These can be made for example from Stellite, Colmonoy or Waukesha 88. 

14.4.5 Shaft materials 

Since the mechanical dimensioning of shafts and their manufacture are beyond the 
scope of this text, only aspects of corrosion are discussed. Important requirements 
on shaft materials include: 

• Sufficient elongation, A > 18% (better > 20%), in order to render the shaft less 
sensitive to notch effects and fatigue damage. For highly loaded shafts 
A > 25% is recommended. 

• High endurance limit in the specific water to be pumped in the individual appli-
cation (water analysis!). 

• Good form stability during manufacturing of the shaft and during operation 
• High yield strength in case of highly loaded shafts 
• Resistance against corrosion in the specified fluid, unless the shaft is com-

pletely and reliably protected from the liquid by properly sealed sleeves. 

Some commonly used materials for shafts wetted by the pumped fluid are listed 
in Table 14.19. The approximate application limits for the heads focus primarily 
on aspects of corrosion. Total torque and number of stages are to be considered for 
the dimensioning of the shafts of multistage pumps. 

Monel K-500 (2.4374) was frequently used as shaft material for sea water 
pumps. Since no endurance limit is reached at high load cycles, this material is not 
recommended. The development of duplex steels has made the application of 
2.4374 as shaft material obsolete (not in the least for cost reasons). 
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Table 14.19 Materials for shafts exposed to the fluid pumped  
Head per stage 

Medium Qualification
Hopt < 300 m Hopt > 300 m 

Good  Ck45 (1.1191) 42CrMo 4 (1.7225) W1 forming pro-
tective films Excellent X20Cr 13 (1.4021) 

Fair  Ck45 (1.1191) 42CrMo 4 (1.7225) 

Good X5CrNiMo18-10 (1.4401) X20Cr 13 (1.4021) W2 untreated wa-
ter, sewage 

Excellent Duplex X2CrNiMoN 22-5-3 (1.4462) 

Good X5CrNiMo18-10 (1.4401) W3 sea water 
without H2S Excellent Duplex X2CrNiMoN 22-5-3 (1.4462) 

Good Super-Duplex X2CrNiMoCuN 25-6-3-3 (1.4515) W4 sea water with 
H2S Excellent X2CrNiMnMoN Nb (1.3974) 

W5 partly demin-
eralized water Good X20Cr 13 (1.4021) 

Good X20Cr 13 (1.4021) 

Good X22CrNi 17 (1.4057) 

Excellent X4CrNi 13-4 (1.4313) 

W6 fully demin-
eralized water 
(demineralized 
water) 

Good Duplex X2CrNiMoN 22-5-3 (1.4462) 

14.4.6 Materials for feedwater and condensate pumps 

As discussed in Chap. 14.3, neither cast irons nor carbon steels can be used for 
pumping feedwater or condensate because of erosion corrosion in regions of high 
flow velocity. Common types of materials include: 
Casings: In the inlet and outlet casings of ring section pumps (Fig. 2.6), as well as 
in the casings of barrel pumps (Fig. 2.7), moderate flow velocities prevail (up to 
10 to 15 m/s). Depending on the water chemistry, low-alloy steels can be selected, 
for example for forged casings 10CrMo 9-10 (1.7380) and for cast components 
GS17CrMoV 5-11 (1.7706). High-alloy martensitic steels are also very suitable. 
Impellers, diffusers, volutes and stage casings: Because of the high flow veloci-
ties, high-alloy martensitic steels are required: GX7CrNiMo 12-1 (1.4008) up to 
about 400 m head per stage and GX4CrNi 13-4 (1.4317) above H > 400 m. In ad-
dition, GX7CrNiMoNb 15-5 (ASTM A747 CB 7Cu-1, 17-4 pH) could be em-
ployed. In “advanced class” feedwater pumps, impeller tip speeds up to about 
150 m/s have been executed. These martensitc steels are not sufficiently stable in 
oxygen-free feedwater if pH < 7. Under these conditions, austenitc or duplex 
steels should be used in the range of 6 < pH < 7.5. 
Suction impellers: For applications with water temperatures above 140 °C, the 
same materials and limits apply as for impellers, but the cavity length must be lim-
ited in order to avoid cavitation damage. However, suction impellers pumping 



868      14 Selection of materials exposed to high flow velocities 

cold de-aerated water below 50 °C are exposed to a high risk of cavitation damage 
if the pump operates with extensive cavitation (i.e. with low NPSHA/NPSH3). In 
such cases, the peripheral velocity at the suction impeller inlet is to be limited to 
about u1 = 27 m/s. As discussed in Chap. 6, the hydrodynamic cavitation intensity 
is very high in cold de-aerated water and large cavities are generated at the usually 
prevailing low cavitation coefficients of σA = 0.18 to 0.25. The risk of cavitation 
damage can be reduced to some extent by selecting higher strength materials such 
as GX4CrNi 13-4 (1.4317) or GX7CrNiMoNb 15-5 (17-4 pH) tempered to a ten-
sile strength of about 1200 N/mm2. Steel GX4CrNiMo 16-5-2 or special alloys 
such as 17Cr 9Co 6Mn (Chap. 6.6.7) can be considered. These materials can also 
be employed to reduce the risk of cavitation damage at elevated water tempera-
tures.  

At water temperatures above roughly 250 °C (for example in boiler circulation 
pumps), the risks of erosion corrosion and cavitation erosion diminish so that less 
resistant materials may be considered. 

14.4.7 Materials for FGD-pumps 

As a rule, the water in flue gas desulfurization plants  (FGD) is highly corrosive 
due to elevated chloride concentrations and, at the same time, very abrasive due to 
high contents of solid particles. The solids are mostly CaCO3 (lime-stone) or 
CaSO4 (plaster); their concentration is in the range of 10 to 60% (mass). Roughly 
60% of the particles have grain sizes up to 50 μm, while the rest reaches 200 μm 
(maximum 300 μm). Mostly lime-stone is used which causes severe abrasive 
wear. If Ca(OH)2 is employed instead, the pumpage is much less abrasive [14.30]. 

The fluid properties can vary in a wide range, typically: pH = 3 to 8, chloride 
content 5’000 to 80’000 ppm, temperature 40 to 65 °C (data according to [14.30 to 
14.33]). The high chloride content provokes strong corrosion which grows with 
falling pH and increasing temperature according to Eq. (14.9) and Fig. 14.17. 
Fluoride concentrations as low as 10 ppm significantly reinforce the corrosion in 
the presence of chlorides [14.31]. Bromide and iodine ions are also very aggres-
sive. Therefore, an accurate water analysis is necessary for a correct material se-
lection. 

Because of the strong abrasion, the required component life (16'000 to 24'000 
hours) cannot be reached with austenitic steels. Materials with high carbon con-
tent, which would be preferred for an improved resistance to abrasion, are not suf-
ficiently resistant to corrosion at pH < 4. Super-duplex steels with a pitting index 
PI > 42 can be used at pH > 2.5 (unless mineral castings or elastomeres are se-
lected). With all duplex steels, a specific heat treatment adapted to the individual 
alloy is critical for achieving the desired corrosion resistance. One objective of 
the heat treatment is to obtain a material with a microstructure free of precipita-
tions. This can be checked by metallographic sections magnified 1000 : 1. Higher 
carbon contents in the skin of the casting are equally inadmissible, since it is par-
ticularly important to limit the carbon content at the wetted surface to C < 0.03%. 
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Below pH = 2.5 these steels suffer acid corrosion. For pH > 4 some materials 
mentioned in Table 14.15 can be envisaged since they better resist abrasion due to 
their high hardness. If such materials are considered, the risk of corrosion damage 
must be assessed carefully on the basis of the correct water analysis. If the pH 
drops below the application limit of pH = 4 during commissioning or under upset 
conditions, these materials suffer severe wear. The ferritic matrix is selectively 
leached and the abrasion attack is intensified due to increased turbulence in the 
corrosion marks which are generated in the process. 

The materials with high carbon contents are sensitive to local corrosion, and 
they are difficult to machine. Due to their low ductility, materials with high carbon 
contents are not recommended for casings (the risk of catastrophic failure present-
ing a safety issue). The different elements composing the microstructure are sensi-
tive to selective corrosion (casings made from 1.4464 failed due to cracking dur-
ing service), [13.21], [14.31]. 

Impellers, casings and wear plates of all-metal pumps are usually made from 
the same material. Sometimes plastics (“elastomeres”) or rubber coatings are se-
lected. Some types of rubber are largely immune against corrosion. With the pre-
vailing small particle size, rubber exhibits good abrasion resistance. However, 
large foreign matter can destroy components clad with elastomeres or rubber. Wa-
ter absorption and swelling of the materials as well as aging and temperature ef-
fects need to be considered too, [14.37] to [14.38]. 

14.4.8 Composite materials 

PEEK was mentioned in Chap. 14.4.4 as a composite material used for wear rings. 
Under the trade name “Simsite®” another composite material is available which is 
used for complete pumps, impellers, wear rings, casings, bearings and other parts. 
Main applications are sea water pumps in marine service (Navy and merchant 
ships). Other applications include chemical process industry, pulp and paper, min-
ing, waste water, and petrochemical plants. 

Simsite is a structural composite made of thermoset resins which are reinforced 
by continuously interwoven fibers in a tri-directional weave.  The resin systems 
primarily used to make Simsite grades are phenolic, epoxy and polyimide.  The re-
inforcing fibers used in the manufacture of Simsite are primarily, fiberglass, syn-
thetic, and combination fibers. The type of fiber can be selected to suit the strength 
requirements of the particular application. Most grades of Simsite are enriched 
with graphite, which provides self-lubrication in the case of rotor/stator contact. 
The self-lubrication characteristics of the product make the parts less sensitive to 
galling and seizure; even dry running is possible for short periods of time. 

The material is resistant to sea water and a number of chemicals. It can also be 
employed for pumping hydrocarbons. Since the material does not conduct electric-
ity, galvanic corrosion does not occur. The resistance to cavitation erosion is ex-
pected to be typically 3-times higher than that of aluminum bronze. 

All parts, including impellers and volute casings, are machined from solid 
blocks of composite. This applies even to closed impellers.  
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Some material properties are given in Table 14.20; note the low density as 
compared to most metallic materials used in pumps. Heads per stage and pressure 
ratings of the casings are limited by the strength. Impellers with heads per stage of 
up to 150 m at the best efficiency point have been built at low specific speeds 
(possibly at nq = 20 to 25). No precise data are available on the maximum allow-
able head per stage as a function of the impeller outlet width. Tentatively it can be 
assumed to follow similar trends as given by Fig. 14.2. The costs of a Simsite im-
peller are similar to those of a bronze impeller. 

Simsite absorbs moisture; therefore the volumes of the parts slightly increase 
when exposed to water during service, [14.61]. A pump built with Simsite impel-
lers and wear rings must be operated for a few hours after filling the first time with 
water in order to prevent blocking in the closed running clearances. 

Table 14.20 Properties of composite materials (as given by the manufacturer) 
Type Simsite 300 Simsite 375 

Tensile strength Rm N/mm2 138 375 

Elongation A % 2 2 

Young’s modulus E N/mm2 9000 22’000 

Density ρmat kg/m3 1450 1800 

Thermal expansion α 10-6/K 18 10 

Maximum service temperature Tmax °C 154 175 

Moisture absorption by mass in 48 hours  % 1.75 0.15 

14.5 Hydro-abrasive wear 

14.5.1 Influence parameters 

Hydro-abrasive wear (for short “abrasion”) is a loss of material induced by solid 
particles entrained in the liquid. Frequently, the problem is caused by low concen-
trations of sand which unintentionally enters the pump (e.g. water drawn from 
wells, rivers, run-off from glaciers or oil wells). In contrast, large amounts of sol-
ids in high concentrations are pumped in hydraulic transport (Chap. 13.4) or in 
FGD plants. In these applications, abrasion is the dominating factor for pump de-
sign and operation. 

Abrasion generates a wavy wear pattern with a characteristic aspect as shown 
by Fig. 14.19. The wavy structure of the attacked surface is caused by vortices 
which form at tiny surface irregularities (think of the effect of the form resistance 
created by roughness elevations on the pressure loss, Chap. 1). The particles are 
pressed against the metal surface by the centrifugal forces generated in these vor-
tices. Therefore, the metal loss is strongest in region A, and the edge K is ground 
sharp by the vortex on the lee side, Fig. 14.20 [14.54]. This wear model originates 
from Ackeret and de Haller.  
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Fig. 14.19. Hydro-abrasive wear at the impeller inlet 

 

K A  
Fig. 14.20. Generation of wavy wear patterns by vortices 

Every particle which comes into contact with a component, when flowing 
through the pump, contributes to the wear. A particle can hit a structure (e.g. an 
impeller leading edge) and cause a shock-like load (like an imploding cavitation 
bubble). Or it can slide along a wall or a blade and interact with surface irregulari-
ties or roughness elevations and cause wear by a friction-like process. 

Depending on the type of flow, different abrasion mechanisms can be expected. 
The same applies to the influence of the grain size: in dredge pumps which trans-
port coarse gravel (“stones” of 50 mm diameter), impeller and casing are subject 
to severe shock loading. In contrast, the wear process in a FDG pump with a lime-
stone suspension of 50 μm grain size resembles a polishing or grinding process. 

 While the fine lime-stone particles largely follow the streamlines of the flow, 
coarse gravel trajectories strongly deviate from the streamlines of the liquid.  

The abrasion is determined by the 3D-particle movement close to the walls or 
blades. The flow processes and the reactions of the material are almost as complex 
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as with cavitation erosion. Exact generic methods for predicting abrasive wear in a 
pump are therefore not available. Rough estimations and assessments of the sever-
ity of abrasive wear may be made on the basis of wear tests or operation experi-
ence. Prior to developing an empirical wear model, let us review the various pa-
rameters which determine the abrasive wear in a pump. 
Concentration of solids: The metal loss (respectively the erosion rate ER) in-
creases with the number of particles which come into contact with a structure and 
their kinetic energy. Many experiments show that the metal loss is roughly propor-
tional to the solids concentration cs. Depending on the flow pattern, the curve of 
the loss rate ER = f(cs) may level off at high concentrations if the particles interact 
with each other in a way that less particles contact the walls. The solids concentra-
tion can be defined as: (1) solids content cs in kg solids/m3 water; (2) mass con-
centration x; (3) volume concentration cv according to Table 13.5; (4) solids con-
tent in ppm (1ppm solids corresponds to cs = 0.001 kg/m3 = 1g/m3). The conver-
sion of the different concentrations can be done using Eq. (T14.21.1). 
Flow velocity: The higher the flow velocity, the more particles reach the walls at a 
given concentration. The kinetic energy of a particle rises with the square of the 
velocity w. As a consequence, the loss rate due to abrasion is theoretically propor-
tional to the third power of the velocity. Many experiments confirm quite well the 
relation ER ~ w3 but the exponents found range between 0.9 and 5. This finding is 
possibly caused by testing difficulties and inaccuracies of a similar kind as dis-
cussed in Chap. 6.6.7. 
Flow patterns: The local velocity distribution on a component, as given by inci-
dence, work transfer, secondary flows, stall or partload recirculation, determines 
the local solids concentration near the walls as well as the kinetic energy with 
which the particles hit the walls. These processes, which cannot be quantified, of-
ten determine the abrasion far more than the average velocity. 
Vortices generate high local flow velocities near the wall. In addition the cen-
trifugal forces in the rotating fluid transport solids to the wall. Therefore vortices 
are very abrasive. Vortices are created by local flow separation, for example at a 
bore for venting the casing or by a flow deflection. Corner vortices between vanes 
and side plates, in particular in incident flow, can lead to severe abrasion damage, 
compare to Fig. 3.20. 
Turbulence fosters the transport of fluid perpendicular to the direction of the 
main flow and also carries solids towards the walls. The loss of material thus rises 
with the turbulence intensity and the Reynolds number. The “mobility” of the par-
ticles, as can be characterized by the settling velocity according to Table 13.5, has 
an influence too. Thus a suspension of fine particles in viscous oil is expected to 
cause less abrasion than in water. 
Impingement angle: If a fluid jet laden with solid particles impinges onto a wall 
at 90°, nearly all particles reach the surface with the full velocity and contribute to 
the abrasion. In contrast, in a flow parallel to a surface, the velocity in the bound-
ary layer is smaller than the mean flow velocity. Consequently, the effect of the 
abrasive particles flowing through a channel is overrated when calculated with the 
nominal average velocity. Likewise, the solid concentration in the boundary layer 
will deviate from the average concentration due to gravity, centrifugal and Corio-
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lis forces. The abrasion caused by a jet impinging under an angle ε on a wall is 
therefore usually higher than in parallel flow with ε = 0. The loss rate of a brittle 
material rises continuously to attain a maximum at ε = 90°. In contrast, the wear 
maximum of a ductile metal is attained at approximately ε = 30° and that of elas-
tomeres at about ε = 15°. 
Grain size: The kinetic energy of a particle contacting the wall at a given velocity 
and angle increases with the particle mass. In principle, the wear rate rises with the 
grain size ds, but not all tests exhibit this behavior. 

As a rule, the grain sizes comprise a spectrum which is characterized by the av-
erage particle diameter ds for which various definitions are in use. For example, ds 
is defined as the diameter at which either 50% of the solids mass (or 50% of the 
solids volume) are below/above this average diameter. 
Grain hardness, grain shape: The harder the abrasive, the higher is the wear. 
Angular grains cause higher wear than spherical particles (at otherwise equal con-
ditions). Angular grains have a higher flow resistance coefficient than spheres; 
consequently, their flow paths are different (Chap. 13.4). 
Corrosion and cavitation can increase the rate of abrasive wear. If abrasion and 
corrosion (or cavitation) are simultaneously present, the choice of a suitable mate-
rial is difficult because high-strength steels (due to the required carbon content) 
usually do not resist corrosion very well. 
Material properties: Abrasive wear always diminishes if the hardness HMat at the 
surface of the material is increased. The microstructure of the material has an im-
pact too. Similar to cavitation erosion (Chap. 6.6.7), the material in abrasive envi-
ronment is exposed to an “infinite” number of tiny shocks. Each individual load 
does not produce visible damage, but the sum of these loadings leads to destruc-
tion of the component. Depending on the ratio of the hardness of the abrasive Hs 
to the material hardness HMat and depending on the intensity of the solicitation 
(velocity and grain size), different damage mechanisms are active. For example, 
coarse gravel hitting the impeller blade leading edge may cause local plastic de-
formation. In contrast, a fine lime-stone suspension flowing along the blades in-
teracts weakly with the irregularities of the surface. In principle, it can be assumed 
that the damage mechanism and the wear rate depend on the ratio ΣEkin/HMat of the 
specific kinetic energy of the solids to the material hardness. The hardness ratio 
Hs/HMat of the abrasive particles to the material has also an influence. 

14.5.2 Quantitative estimation of hydro-abrasive wear 

14.5.2.1 Development of a wear model 

The above discussion of the influencing parameters suggests that it is not possible 
to exactly quantify all flow, material and solids characteristics which are relevant 
for abrasive wear. Even for simple geometries, a prediction of the hydro-abrasive 
wear is subject to considerable uncertainties. Nevertheless, methods for a rough 
estimation of the abrasion rate are required for a quantitative assessment of the 
material in order to allow a meaningful choice. 
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For developing a model for hydro-abrasive wear, think of a short pipe section 
of length L through which a sand-water mixture is flowing. Let’s assume that the 
loss of metal due to abrasion is proportional to the number zw of particles per sec-
ond coming into contact with the material and to their kinetic energy. The “hydro-
abrasive intensity” in case of spherical particles is thus given by: 

½ ρs wmix
2 (π/6) ds

3 zw  (14.10) 

If on the wetted surface Ab = U× L a layer of thickness ΔE is removed in the 
time Δt, the work done on the material is VE×Rx (U is the perimeter of the wetted 
surface). The removed volume is VE = Ab×ΔE. The quantity Rx stands for the re-
sistance exerted by the material against the abrasion. Rx may be the tensile 
strength, the hardness or the endurance limit. The (surface-) hardness is a measure 
for the resistance which allows the material to oppose deformation on contact with 
a particle. The work done on the material may then be set equal to VE×HMat (when 
the hardness is expressed in N/m2).  

The solid particles also suffer wear during the process so that some work Es is 
done on the solids (angular particles become rounder, friable particles may disin-
tegrate). The softer the particles in comparison to the component, the greater is the 
relative absorbed energy Es =f(HMat/Hs). The energy balance of the abrasion proc-
ess thus becomes:  

½ ρs wmix
2 (π/6) ds

3 zw Δt = VE HMat + Es(HMat/Hs) (14.11) 

The number of spherical particles z per second results from the amount of sol-
ids carried by the liquid or its volumetric flow rate Qs as: z = 6×Qs/(π×ds

3)  or 
z = 6×cs×Q/(ρs×π×ds

3), because of Qs = cs×Q/ρs (Q is the liquid flow rate). Near the 
wall, in a fluid layer of thickness δ, the number of particles transported amounts to 
zw/z = U×δ/A (assuming the same solids concentration as in the bulk flow). Fi-
nally, it is assumed that the thickness δ of the fluid layer, where solids interact 
with the wall, is proportional to the grain size ds. After some manipulations, the 
following proportionality for the abrasion process is obtained from the above ar-
guments: 
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According to Eq. (14.12) the abrasive wear increases with the third power of the 
mixture velocity wmix. The wear is proportional to the grain size and inversely pro-
portional to the hardness. At low solids contents (cs << ρs), the loss rises almost 
linearly with the concentration. This rise weakens with increasing concentration 
due to the term (1 + cs/ρs) in the denominator of Eq. (14.12). The abrasion dimin-
ishes with a growing ratio of HMat/Hs (i.e. the softer the abrasive is compared to 
the component). Equation (14.12) contains no geometric parameters (such as the 
ratio of the wetted surface to the flow area for example). If the solids/liquid mix-
ture is assumed to be homogenous, geometric parameters cancel. In reality, the 
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probability that a particle comes into contact with a wall depends on the velocity, 
the concentration distribution and on the turbulence. These parameters are deter-
mined by the geometry, but they cannot be quantified by simple algorithms. 

As mentioned above, the abrasion process is too complex to be described by a 
simple model, but Eq. (14.12) can be used as a basis for correlating test data. To 
this purpose, various empirical factors have been introduced in Eq. (T14.21.2) in 
Table 14.21 which are discussed in the following. 

Since abrasive wear in annular seals impairs the pump efficiency due to in-
creased clearances, various tests were carried out on abrasion in annular seals, 
[14.43 to 14.48] and [14.39]. The published test data on seals and bores in [14.39] 
allow to develop correlations for the metal loss due to abrasion. The correlations 
derived will be made subsequently more generic for other geometries. The tests 
reported in [14.39] were carried out under the following conditions: 

• Seal geometry: Inner diameter of the stator: D = 26 mm, length L = 20 mm, ra-
dial clearance s = 0.2 to 0.65 mm. The following dimensionless parameters can 
be derived: s/R = 0.16 to 0.053; L/dh = 15 to 50 (dh = 2 s). The ratios of clear-
ance to radius in pumps are much lower; s/R = 0.002 to 0.004 would be ex-
pected. 

• Tests with bores of 3 to 6 mm diameter (length 20 mm). 
• Solids concentration up to x = 0.12; grain diameter ds = 0.016 to 0.19 mm. 
• The metal loss on the stator was on average about 40% lower than on the rotor, 

which suffered stronger wear at the inlet than near the outlet (possibly due to 
vortices created at the sharp-edged inlet). In the tests reported in [14.43] and 
[14.44] with s/R = 0.004 to 0.006, the metal loss on the stator was considerably 
more severe than on the rotor, which suffered little wear because it was pro-
tected by a spray coating. The tests in [14.43] were performed with low axial 
velocities cax << u, while testing in [14.39] was predominantly done with 
cax ≥ u. 

• The average circumferential velocity in the annular seal is wu = ½ω×r according 
to Chap. 3.6.2 and Eq. (T3.7.10). This value was used for evaluating the test 
data because the axial velocity component was unknown (Table 14.21)1. 

• A particle with the circumferential velocity wu is exposed to the centrifugal and 
the Coriolis force as per Eq. (5.6). At wu = ½ω×r, the Rossby number becomes 
Ro = ¼. Consequently, the particles are deflected primarily towards the rotor. 
This could explain why higher wear was found on the rotor than on the stator in 
[14.39]. During the tests in [14.43] the residence time of the particles in the seal 
was high because of the low axial velocity cax << u. The distribution of solids, 
and consequently the wear, is sensitive to the flow pattern. Therefore, it is not 
easy to conduct really representative tests. When developing the correlations in 
Table 14.21, it was not attempted to capture specific details of the test setup 
which are not relevant to pumps. 

• No information is available on the geometric tolerances of the tested compo-
nents, but these can have a strong impact on annular seals. In addition, there is 
                                                           

1 In [14.39] the evaluations were based on wu = ω×r 
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an effect of the inlet to the gap: How sharp were the edges at the start of the 
test? To what degree were the edges rounded by wear during the testing? The 
increase in seal clearance during the test may have an influence too. It is small 
when a hard material is tested, but high if the specimens are soft. Finally, un-
certainties in the material properties and measuring tolerances (in particular 
with low wear on hard materials) contribute to the uncertainties. Overall, the 
scatter of this type of wear tests can be assumed to be in the order of 20 to 30% 
if not higher. This fact should be borne in mind when appreciating the test data 
evaluated below. 

Figure 14.21 shows part of the test data used which were gathered on annular 
seals and bores. The trend-line corresponds to ERa ~ w3. The scatter is caused by 
geometric variations and testing procedures. In particular it was found that the 
wear strongly increased with the diameter of the bores (d = 3 to 6 mm 
L/d = 3.3 to 6.7). This may be caused by vortices created at the inlet to the bore. 
Testing at L/d = constant may be more representative. Therefore the influence of 
the bore diameter has been ignored when correlating the test data. 

1

10

100

1000

10000

1 10 100w [m/s]

E
R

a 
[m

m
/y

ea
r]

Rotor
Stator
Bore

 
Fig. 14.21. Metal loss due to abrasion; ds = 83 μm, x = 0.06, cs = 64 kg/m3; Tests with an-
nular seal: rotor and stator from X105CrCoMo 18-2, HMat = 700 HV; Tests with cylindrical 
bores: duplex HMat = 212 HV 

14.5.2.2 Calculation of wear rates 

Table 14.21 provides a method for estimating the hydro-abrasive wear. In devel-
oping this procedure, the following assumptions have been made: 

• The mixture velocity is relevant for the wear rate (at low solids contents cs it 
can be set equals to the fluid velocity). 

• Geometry: The different geometries and flow patterns are described by em-
pirical form factors FForm. Some of these factors given in Table 14.21 had to be 
estimated on the basis of observations. A broad range of form factors is ex-
pected when dealing with vortices, recirculation and incident flow.  
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• Annular seals: The form factors FForm for annular seals were derived from 
tests. The measurements in [14.39] yielded for the rotor FForm = 7.4 and for the 
stator FForm = 4.4. In general, it is recommended to use the average FForm = 5.9 
for stator and rotor, since it cannot be ascertained to which extent the differ-
ences between rotor and stator are caused by the specific test arrangement used 
in [14.39]. The solids concentration in the annular seal at the impeller inlet is 
lower than in the interstage seal because of the centrifugal forces counteracting 
the ingress of particles into the sidewall gap at the front shroud. For this reason, 
different form factors have been proposed in Table 14.21. 

• For the same reason, the solids concentration in the impeller sidewall gaps is 
expected to be lower than in the impeller. The flow in the impeller sidewall 
gaps is smoother than in the impeller and wear is correspondingly less severe.  

• The impeller or diffuser vane leading edge is exposed to impinging flow. The 
conditions were assumed to be similar to an orthogonal jet but less severe. 

• Measurements of abrasive wear on rotating disks yielded FForm = 0.03, if the 
peripheral velocity u2 is used for the calculation. The actual conditions are not 
obvious because the velocity of the mixture rotating in the tank is not known. 
Furthermore, the local velocity and the wear vary over the radius. 

• Relevant velocities: The velocities to be used for different geometries are de-
fined in Table 14.21. The average circumferential velocity in an annular seal is 
cu = ½usp = ½ω×rsp. Therefore the average velocity vector can be calculated 
from Eq. (T14.21.3). The relative velocity in the impeller sidewall gaps may be 
assumed to w = cu = ½u2 as a first approximation. A more accurate calculation 
of cu(r) can be done according to Chap. 9.1. For the impeller inlet w1 from 
Eq. (T14.21.5) can be assumed, for the impeller outlet w2 from Eq. (T14.21.6), 
and for the diffuser or volute inlet c3 from Eq. (T14.21.7) is relevant. 

• Solids concentration: According to the available experiments, the abrasion 
rate can be assumed to increase proportionally to the solids content up to con-
centrations of about cv = 0.05 or x = 0.1. At higher concentrations, the curve 
ER = f(cs) presumably levels off. The wear in slurry pumps transporting mix-
tures with x > 0.1 is probably over-estimated when calculating according to Ta-
ble 14.21. To avoid over-estimation of the wear, the abrasion could be calcu-
lated with x = 0.1 ignoring the effects of solids beyond that concentration. The 
wear rate thus estimated may be considered as a lower limit (as far as the influ-
ence of solids content is concerned). 

• Typical sand contents: Well water up to 0.3 ppm; oil wells 6 to 600 ppm 
(peaks up to 3000 ppm); glacier run-off 500 ppm (peaks 2500 ppm). 

• The solids hardness Hs is described by a factor FHs and an equivalent concen-
tration cs,eq as defined by Eq. (T14.21.8) in which the fractions of a solids mix-
ture are weighted according to their individual hardness. The reference hard-
ness is that of quartz sand, since the correlations in Table 14.21 were derived 
from wear tests carried out with sand. If the solids consist solely of quartz sand, 
set cs,eq = cs. With a hardness of lime stone of 250 HV, the equivalent concen-
tration would be cs,eq = (250/1150)×cs when the solids are made up entirely 
from lime. However, the calculation based on cs,eq is proven only when the 
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Table 14.21 Estimation of metal loss due to hydro-abrasive wear 
Solids content 
cs in kg/m3 

ρ = fluid density 
ρs = solids density s
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Geometry  FForm Relevant velocity 
Annular seals at impel-
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Inter-stage seals 4 to 6 
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tion cs,eq 

=
Quartz

 s
seq,s H

Hcc
The fractions of a solids mixture are 
weighted according to their hardness. 
HQuartz = 1150 HV 

14.21.8 

Grain size 
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for ds < 0.75×s (s = radial gap width) 

14.21.9 

Grain shape FKF = 1 for milled quartz sand; FKF = 0.6 for round grains 
Grain hardness FHs = 1 for quartz sand; FHs = 0.017 to 0.05 for lime stone 

Ductile metals (A > 5%) 
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HMat FMat Material 
HV Cylindrical bore Orthogonal jet 

GX250CrMo15-3 876 0.25 0.6 
Hard metal 82.5 WC 1380 0.004 0.01 (estimated) 
Silicon carbide SiC 1500 0.0035 (estimated) 0.008 
Tungsten carbide WC  0.0012 0.003 (estimated) 

Material hard-
ness HMat 
 
HRef = 700 HV 
 
Conversion: 
HV ≈ 0.29×Rm 
HV ≈ HB  

WC-CoCr spray coatings 0.006 to 0.04  
Conversion of Rockwell to Vickers hardness )HR029.0exp(125HV c≈  
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solids pumped are similar to quartz. If, for example, only lime-stone is present, 
the calculation with cs,eq would overestimate the wear. This can be deduced 
from the measurements with lime stone reported in [14.54]. They produced 
1/50 to 1/60 of the metal loss in quartz sand. From the data reported in [14.47], 
a ratio of 1/20 to 1/60 results (depending on the intensity of the attack). There-
fore, an additional empirical factor FHs has been introduced in Table 14.21. The 
test data from [14.54] can be correlated by FHs = 0.017 with acceptable scatter 
as shown by Fig. 14.26. 

• The information on the hardness of various solid particles exhibit considerable 
scatter: for quartz 1100 to 1450 HV, lime stone 100 to 150 HV as per [14.54] 
but 200 to 300 HV according to [14.40]. Other substances: feldspar 600 to 
800 HV; limonite 270 to 490 HV; ground coke 580 to 640 HV; glass 580 to 
640 HV; flint 930 to 1040 HV; garnet 1260 to 1560 HV; corundum 1800 to 
2140 HV, [14.54]. Sometimes the hardness of minerals is specified by the 
hardness scale of Mohs. The Mohs hardness MH can be converted to Vickers 
hardness HV by the relation: HV = (MH/0.7)3. 

• Grain size: The influence of the grain size ds is described by the factor FKG ac-
cording to Eq. (T14.21.9). The abrasive wear is proportional to the grain size ds. 
(at least for small ds). Considered over a wide range, the impact of the grain 
size on the wear becomes uncertain since the available test results are contra-
dictory. During the tests reported in [6.21, Fig. 7.8], it was found that the metal 
loss was roughly proportional to the grain size in the range tested which cov-
ered ds = 0.6 to 3.4 mm. The proportionality between grain size and wear in an-
nular seals can only be assumed if ds is sufficiently smaller than the seal clear-
ance. If particles get stuck in the gap, the wear rises drastically (according to 
[14.40] by the factor of 10).  

• Grain shape: The tests reported in [14.39] were executed with ground quartz 
sand; angular grains must be assumed for these data. Spherical sand grains, 
found in natural environments, are less abrasive than angular particles as dem-
onstrated by the tests described in [14.54]. There the metal loss caused by 
rounded grains was only about 60% of the wear measured when using angular 
grains. However, it is difficult to decide to what extent this relation may be ge-
neric. Soft, friable particles (as lime stone or coke) will presumably wear off 
quickly into fairly round shapes when flowing through the system, even if they 
were initially angular. According to tests reported in [14.55], the relative metal 
loss (referred to round grains) increases according to the relation 
1 + 2.1(ζ/ζsphere - 1), if ζ is the resistance coefficient of the considered particles 
and ζsphere that of a sphere (of equal diameter) calculated from Eq. (T13.5.6). 

• Material factors: The reaction of the material to the abrasion depends on the 
“hydro-abrasive intensity”. Therefore the material factors cannot be considered 
as universal quantities, Chap. 14.5.3. 

The comparison between calculated and measured wear rates in Fig. 14.22 and 
Fig. 14.26 suggests that the estimation of erosion rates according to Table 14.21 
can be of help for material selection. When doing this type of calculation, an un-



880      14 Selection of materials exposed to high flow velocities 

certainty of at least ± 50% should be expected because of the many influencing 
parameters which cannot be quantified accurately.  
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Fig. 14.22. Comparison of test data with prediction according to Table 14.21; rotor/stator: 
X105CrCoMo 18-2, HMat = 700 HV; bores in duplex steel HMat = 212 HV 

14.5.3 Material behavior and influence of solids properties 

The material factors were determined from the measured data provided in [14.46]. 
The tests were done with bores and orthogonal jets, which exhibit quite different 
behavior since the material reaction to abrasion depends on the ratio of the hydro-
abrasive intensity to the abrasion resistance (similar to cavitation as per 
Chap. 6.6.7). Figure 14.23 demonstrates this fact clearly. The relative metal loss of 
various materials (referred to the wear of the reference material 1.4528 with 
HMat = 700 N/mm2) depends on the test conditions (i.e. the hydro-abrasive inten-
sity). In order to determine the influence of the material on abrasion for purposes 
of wear prediction, appropriate averaging is necessary. To this end the wear tests  
carried out with bores and orthogonal jets were considered separately and plotted 
as material factors FMat against the hardness. According to Eq. (14.13), FMat is de-
fined as the ratio of the wear of any material to the wear of a reference material 
with the hardness HMat = 700 HV at identical test conditions: 

700Hwithlossmetal
xHwithxlossmetalF

Mat

Mat
Mat =

=≡  (14.13) 

The material factors determined are plotted in Fig. 14.24. For ductile materials, 
this graph allows a meaningful correlation, which is valid for orthogonal jets as 
well as for the cylindrical bores. The correlation is given by Eq. (T14.21.10) in 
Table 14.21 and shown in Fig. 14.24. Very hard materials yield factors FMat which 
are quite different for the jet and the bore. In Table 14.21 both correlations are 
given: from the tests with the bore follows Eq. (T14.21.11), while the measure-
ments with the jet yield Eq. (T14.21.12). 
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In some of the data, the relation between wear and hardness is essentially lin-
ear;1 see also the derivation of Eq. (14.12). 

Wear tests carried out with a disk rotating in a sand-water mixture (ds ≈ 1 mm, 
x = 0.5, u2 ≈ 9 m/s) gave also an essentially linear relation between wear and 
hardness, albeit with a large scatter inherent to the testing techniques employed, 
see [14.41, 14.42, 14.49] and Fig. 14.25. Consequently, such test devices appear to 
be appropriate for determining the influence of the material on the wear (e.g. for 
material ranking).  

Using the material factors thus determined, the available test data were com-
pared to the wear prediction according to the procedure and equations given in 
Table 14.21, Fig. 14.26.  
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Fig. 14.23. Relative metal loss as function of the hardness; b = bore, j = jet 
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Fig. 14.24. Determination of material factors 

                                                           
1 When comparing with [14.39 and 14.46] it should be noted that a linear function repre-

sents a curve in the double-logarithmic plot. 
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Fig. 14.25. Relative metal loss as function of the hardness in different test devices;  
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Fig. 14.26. Comparison of tests with different materials and test devices with wear predic-
tion according to Table 14.21. Tests from [14.50] with coatings in the gap. 

In addition, Fig. 14.26 comprises test data reported in [14.54]. These tests were 
done with a rotating pipe section at a speed of u = 8 m/s. The mixture had a volu-
metric concentration of 1:6 solids to water. The solids tested included: (1) sand 
(round) ds < 5 mm, (2) quartz sand broken (angular) ds = 0.2-1.5 mm, (3) ground 
coke (angular) ds < 5 mm. The materials tested were carbon steel St 37 (190HV) 
and steel St70H (785HV). As for annular seals, a form factor FForm = 5.9 was used. 
With these assumptions, the calculation according to Table 14.21 can well predict 
the test data. 

Even though this calculation is uncertain as to the absolute wear rates, compari-
sons within the test series are of interest, because these reveal the influences of the 
particle hardness and the grain shape. The tests further confirm the choice of the 
material factors. 
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Tests with rotating pins were reported in [14.54]. The pins rotated with 
u = 6.4 m/s in a mixture of one volume part solids to one part water. Different 
types of solids, grain sizes and steels were investigated. Since the flow is perpen-
dicular to the pins, the form factor FForm = 68 of the orthogonal jet was assumed 
for the calculation according to Table 14.21. With the exception of two measuring 
points with steel St60H and flint or glass, the data fit well into Fig. 14.26. 

For the wide group of ductile metallic materials, the material factors from 
Eq. (T14.21.10) provide a good estimate. The assessment of hard materials and 
coatings is more difficult because the measured hardness alone is not necessarily 
sufficient to describe the process. It appears that the abrasion resistance may be 
improved by carbides without increasing the global hardness. In spite of this un-
certainty, Eqs. (T14.21.11 and T14.21.12) can be used for a first evaluation as 
shown by Fig. 14.26 which contains test data on coatings reported in [14.50]. The 
measurements in [14.50] are better described by Eq. (T14.21.12) than by 
Eq. (T14.21.11). However, the scatter of test data is greater than with ductile ma-
terials. When dealing with hard materials or coatings, it is preferable to use meas-
ured values of FMat. The available data is given in Table 14.21. As can be seen, the 
factors depend strongly on the hydro-abrasive intensity, i.e. on the test device or 
machine, the flow velocity, grain size and hardness as well as solids concentration. 

14.5.4 Material selection 

For an application with specified solids (type and concentration), Table 14.21 al-
lows an assessment whether normal materials can be employed or a wear protec-
tion is required in order to achieve the desired component life.  

In high-pressure pumps, sand contents as low as 5 ppm will cause unacceptable 
wear in the annular seals and, in particular, on the balance piston if duplex-steels 
or other steels are used. Even Stellite wear rings do not achieve the required com-
ponent life. As a remedy spray coatings or parts made from tungsten or silicon 
carbide may be considered. 

Parts made from SiC or WC should be manufactured with a metal-binder in or-
der to achieve a sufficient ductility since fully ceramic components are extremely 
sensitive to shock-loading because of their brittleness. But also metal-bound car-
bides require a careful mechanical design in order to avoid fractures induced by 
the deformation of surrounding components. Such deformation can be due to me-
chanical loads as well as differences in thermal expansion. Silicon carbides have 
been selected for wear rings in FGD-pumps, [13.30] while WC was employed 
successfully in sea water injection pumps, [14.25]. 

Spray coatings are applied according to compositions and procedures specific 
to each manufacturer (few details are published). According to investigations re-
ported in [14.50], high-velocity flame-sprayed coatings from tungsten carbides in 
a in chromium-cobalt matrix performed best within the range of tested materials. 
A hardness of 1100 to 1300 HV was achieved. This type of coating was employed 
in sea water injection pumps to increase the component life by the factor of 13 
compared to Stellite 12, [14.25]. The application of coatings is limited by the ac-
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cessibility of the surfaces to be protected (e.g. impeller channels or narrow volute 
casings). Wear rings require expensive machining after the coating process. 

The thickness of spray coatings needs optimization. In principle the thickness 
should be at least 0.8 mm, [N.6]. However, the adherence of the coating to the 
base material has the highest priority, since flaking-off of the coating may lead to 
seizure of the rotor if debris enters the annular seals. To prevent flaking-off, the 
coating must be sufficiently ductile.  

Possibly, there is a limit to the maximum grain size. This limit may be attained 
when the kinetic energy of individual particles hitting the component is suffi-
ciently high to plastically deform the base material. Since the coatings often are 
porous and unable to protect the base material from contact with the liquid, the 
base material must be resistant to local corrosion in the specified medium. The 
cavitation resistance of coatings is frequently inferior to that of steel 1.4317.1  

Weld overlays (e.g. of Stellite), boronizing, nitriding and other types of surface 
hardening are also employed in order to increase the abrasion resistance. The im-
provement of the abrasion resistance by weld overlays is moderate according to 
[14.50]. Cracks, pores and deformation of the component caused by the heat input 
during welding are additional difficulties to be counted with. Boronized steels and 
nickel base alloys showed good behavior in the tests reported in [14.50]. It is 
claimed that machining of the parts after the boron process is not required, even 
though some deformation can occur. Coatings made from Al2O3+20ZrO2 did not 
show good results in the tests done in [14.50] because they are too brittle. The 
same applies to coatings made by hard chroming according to [14.53]. 

The impellers and casings of slurry pumps are frequently coated with rubber or 
plastics, e.g. polyurethane. The quality, in particular the Shore hardness, must be 
selected in accordance with the type of solids to be transported. The larger the par-
ticles, the more work is done on the coating due to elastic deformation caused by 
the impact of the solids. The absorbed energy leads to aging of the elastomeres 
which are hence best for small grain sizes. Their application limit is in the range of 
ds = 1 to 2 mm.  

Wear resistant materials according to DIN 1695 are selected for pumping 
coarse solids if the fluid is not (or weakly) corrosive. Table 14.15 provides the 
properties of some of these materials which can be used for impellers and casings. 
While the “naturally hard” materials (trade name “NiHard”) can scarcely be ma-
chined, there are some types with a carbon content lower than DIN 1695 which 
can well be machined after annealing. After the machining the components are 
hardened up to HV1000, [14.41]. 

14.5.5 Abrasive wear in slurry pumps 

Because of the high hydro-abrasive wear, the velocities in slurry pumps must be 
limited. To define appropriate limits in a specific application, it can be attempted 

                                                           
1  Efforts have been made to improve cavitation resistance, but details have not been pub-

lished. 
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to estimate the wear rates by means of Table 14.21. This type of calculation can 
provide only a rough indication of the expected component life because the local 
abrasion rates vary strongly throughout the pump. Usually the most aggressive 
wear is observed at the impeller leading edge, in the corners between blades and 
shrouds (in particular with incident flow), on the pressure surface of blades near 
the impeller outlet, and at the volute cutwater. 

Recommendations for the maximum impeller tip speed are given in [13.39] as 
functions of grain size and mixture density. According to Eq. (T14.21.2), the ero-
sion rate is proportional to ER,a ~ ds×cs×w3. For a selected allowable erosion rate, it 
follows that the velocity should be reduced with increasing grain size and mixture 
density according to w ~ (ds×cs)1/3. Using this proportionality, a relation for the 
maximum recommended impeller tip speed u2,max can be derived which corre-
sponds roughly to the classes of slurry service defined in [13.39]. It is given by 
Eq. (14.14) which has the advantage of a continuous function: 

−
−=

33.0

fRe

s
fRe,2max,2 d

d
)x1(

x44.01uu         with dRef = 1 mm (14.14) 

The reference speed in Eq. (14.14) for metallic materials is u2,Ref = 47 m/s and for 
rubber u2,Ref = 31 m/s. The velocities in the discharge nozzle should be limited to 
cd = (0.21 to 0.28)×u2 as derived from [13.39]. 

For the design and operation of pumps for highly abrasive service, some par-
ticularities need to be considered, [14.33 and 14.36]: 

• Annular seals must not be used because of severe wear caused by flow turning. 
Instead diagonal or radial gaps are recommended, see Fig. 3.15. The pump de-
sign should allow the clearance of the seal to be adjusted from the outside 
without opening the pump. Stepped gaps lead to high wear due to flow deflec-
tion and should be avoided. (The dredge pump depicted in Fig. 13.16 avoids 
flow through the seal altogether by flushing.) 

• Expeller vanes on the rear shroud tend to keep large particles from entering the 
impeller sidewall gaps and reduce the pressure at the shaft seal. However, ex-
peller vanes (also used sometimes on the front shroud) create strong vortices in 
the impeller sidewall gaps and generate higher wear than smooth shrouds. 
Therefore, expeller vanes should be avoided when pumping hard solids of high 
concentration. 

• The shaft should be protected from the pumpage by appropriately sealed 
sleeves. 

• Bores in the casing for draining or venting cause vortices and local wear. They 
should therefore be avoided. 

• The impeller blades should be twisted (Francis vanes) and the blade inlet angles 
be well matched to the approaching flow. If feasible with respect to space, the 
blades should be well advanced into the impeller inlet. The leading edge should 
be thickened and designed with a profile that is little sensitive to variations in 
incidence (e.g. with an elliptical profile).  
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• Flow separation and local excess velocities lead to increased local wear. They 
should be avoided by a careful hydraulic design of impeller and casing, see also 
Chap. 13.4. Therefore, cylindrical and circular-arc blades are unsuitable for 
slurry pumps. 

• Large fillet radii between blades and shrouds reduce the effect of corner vor-
tices and the associated wear at the impeller inlet and outlet. 

• The smooth surfaces of impeller, diffuser and casing suffer less wear than the 
seals. The flow around the impeller trailing edge causes strong wear on the 
pressure surface as shown by Fig. 14.27 (see streamlines in Fig. 3.4). A low 
blade loading towards the exit is advisable. Sometimes the wear on the pressure 
surface is higher near the rear shroud than at the front shroud where a zone of 
reduced velocity (wake) is observed, Figs. 5.9 and 5.10. However, the wear pat-
tern can be just the opposite if strong vortices are involved. 

• Usually the number of blades should not be higher than zLa = 5 in order to re-
duce the effect of the inlet blockage caused by the thick leading edge profiles. 

• Single volutes are preferable to double volutes if the material is difficult to cast. 
Welding and grinding are also easier to perform. 

 
Fig. 14.27. Hydro-abrasive wear at the outlet of a double-entry impeller  

• Casing wear is highest at the volute cutwater. Large fillet radii between cut-
water and casing walls, elliptical profiles and low incidence at the design point 
are important means to reduce wear. A large distance between impeller and cut-
water allows some adaptation of the flow and reduces average as well as excess 
velocities.  

• Use replaceable wear plates in the impeller sidewall gaps. 
• The pump should be operated close to the best efficiency point or the flow rate 

of shockless entry in order to avoid wear caused by incidence and flow separa-
tion. Therefore, the flow rate of shockless entry should be the same for impeller 
and volute. 

•  Operation with partload recirculation causes wear in the suction nozzle. 
• Diffusers are scarcely suitable for slurry service. 
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Operational problems can often be traced back to a non-optimum – or even down-
right wrong – pump selection. An unsuitable selection may result from insuffi-
cient knowledge of pump operation and installation conditions or from not giving 
them careful consideration and analysis. Common errors in pump selection are: 

• The operation range between maximum and minimum flow of the pump has 
not been defined, its relevance has not been understood or it is different from 
what had been expected. If the pump is over-sized because too large a “safety 
margin” was added to the head and/or the flow rate, the pump will run at 
partload. This entails not only a reduced efficiency but also more vibrations 
and noise as well as higher wear and the possibility of cavitation damage. 

• The maximum possible flow rate in the plant has not been specified or deter-
mined correctly. For its definition the minimum head that can result in the plant 
has to be determined by considering as applicable: (1) the minimum back 
pressure; (2) the maximum inlet pressure in the process; (3) the minimum 
discharge water level; (4) the maximum suction level; (5) the minimum pipe re-
sistances. As explained in Chap. 11.1, plants with pumps operating in parallel 
have to be examined very carefully in this regard. 

• For the sake of cost savings an existing pump size is used far outside of the 
range for which it was designed. This implies heavy trimming of the impeller 
in order to obtain the specified operation point. Even if the operation point is 
not too far off the BEP of the trimmed impeller, the pump still runs too far to 
the left of shockless impeller entry flow QSF, because QSF remains unchanged 
by the trimming. In that case the pump may permanently operate with recircu-
lation at the impeller inlet, with excessive noise, vibrations, and cavitation 
damage as a possible consequence, Fig. 4.22. 

• The installation conditions of the pump are not sufficiently taken into account. 
This is particularly relevant in the case of an inappropriate arrangement of the 
suction pipe or unfavorable approach flow conditions, Chap. 11.7. 

• The special conditions required by the process in which the pump is to operate 
have not been analyzed adequately. This not only applies to the intended nor-
mal operation but also to load cycling, start-up and shut-down procedures and 
upset conditions. 

•  A pump with insufficient margin between NPSHA and NPSH3 (or NPSHi) is 
selected leading to problems with vibrations, cavitation noise and/or damage. 

• Inappropriate materials are chosen (corrosion, abrasion, cavitation erosion). 
• Inappropriate machine elements (bearings, seals, etc.) are used. 
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15.1 The pump specification 

Every pump is part of a system working in an optimum way only if all compo-
nents are well tuned to each other. Therefore it is necessary, for making a good 
pump selection, to know those plant features which have an impact on the opera-
tion of the pump. In addition to the required flow rate and the head, knowledge of 
the NPSHA is of particular relevance. In the absence of a clear specification, an 
idea of its order of magnitude has to be formed at least. Is it a process with a few 
meters of NPSHA or is it a high pressure pump fed by a booster pump? If the 
pump is fed from an open pit, the minimum NPSHA of the plant will result from 
the atmospheric pressure (depending on the installation site above sea-level), the 
minimum submergence that must be determined according to Chap. 11.7.3, and 
the pressure losses in the suction pipe, if any. 

The following conditions should (explicitly or implicitly) be known in view of 
correctly selecting a pump: 

1. The task of the pump in the system. 
2. The system pressure and temperature. 
3. Data for rated performance: QR, HR,tot. Often rated performance equals the 

guaranteed point Qg, Hg. The rated and/or guaranteed performance may be 
identical to the BEP (but this is not necessarily so). 

4. The NPSHA of the plant at rated, guaranteed or BEP conditions and, as neces-
sary, at other operation conditions. 

5. Performance data for other specific operation points (if necessary). 
6. The maximum and minimum flow rates in the domain of continuous opera-

tion. 
7. The maximum and minimum flow rates during short-term operation or in tran-

sient conditions, e.g. during a switch-over of parallel working pumps, at load 
rejection or other. 

8. For pumps operating in parallel the maximum flow rate (run-out) is deter-
mined by the operation of a single pump. At run-out the available NPSHA 
must be sufficient to prevent excessive cavitation, see Fig. 11.3. 

9. When pumps are installed in series, their interaction has to be analyzed with 
regard to control and upset conditions such as one pump falling out of service. 

10. The type and the chemical composition of the medium to be pumped, in par-
ticular corrosive substances.  

11. The physical properties of the pumpage if it is any other than water or a com-
mon, clearly defined medium. In this case the vapor pressure must be correctly 
specified in order to ensure that the effects and risks of cavitation can be as-
sessed.  

12. Viscosities appreciably above that of cold water need corrections for Q, H, P, 
 and NPSH according to chap. 13.1 

13. Possible inclusions of free gas or dissolved gases that might separate from the 
liquid in the suction pipe. The free gas content at the impeller inlet can be es-
timated from Chap. 6.4.2 and appendix A3. The available NPSHA must be se-
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lected so that the volume fraction of free gas at the impeller inlet is below typi-
cally 2 to 4% at low suction pressures, refer also to Chap. 13.2. 

14. Possible inclusions of solids (abrasion). 
15. The type of driver (electric motor, turbine, combustion engine). 
16. Fixed or variable speed? Speed range, if applicable. 
17. Is a gear box necessary? 
18. What kind of control is intended?  
19. How much standby capacity is required (e.g. 2x100% or 3x50% pumps)? 
20. Operation mode: Continuous or short-term operation? Cyclic operation with 

frequent start-ups and shut-downs? 
21. Installation conditions: Horizontal or vertical arrangement? 
22. Approach flow or suction conditions: Open or closed circuit? Open pit? 
23. Fluid level variations in the suction and discharge reservoirs or pressure varia-

tions on the suction and discharge side of the pumping system. 
24. The system characteristic or at least its static part Hstat resulting from the geo-

detic head differences and/or the pressure differences between the suction tank 
and the discharge vessel (Chap. 11.1). 

25. Are there any special requirements concerning the head-capacity characteristic 
(steepness, head rise, shut-off pressure)? 

26. The maximum admissible shut-off pressure with the allowed tolerance, if ap-
plicable. 

27. For correctly sizing the driver, the maximum power consumption must be de-
termined; with a small specific speed it occurs at about the maximum flow 
rate, with a medium nq near the BEP, and with very high specific speeds at 
shut-off, refer to Fig. 4. 11. 

28. Are there any special requirements regarding vibrations or noise? Have limits 
been specified for the sound level? (refer to Table 10.4). 

29. What tolerances are permitted for manufacturing and measurements? Which 
standard is to be applied for the acceptance test? 

30. The guarantee and acceptance conditions, including possible penalties on effi-
ciency or power consumption 

31. The operation period per year and the energy costs (e.g. $/kWh) or an assess-
ment of the capitalized energy costs (e.g. $/kW). Minimization of the energy 
costs per year according to the intended operation scenarios. 

32. Safety considerations, explosion protection, zero-leakage to environment, eco-
logical aspects. 

Depending on the specific application various issues concerning the system 
should be analyzed:  

• Process and equipment for start-up and shut-down of the pump. Viscosity at 
start-up. The start-up current. Is the electric supply sufficient for the start-up 
current? 

• Transients and upset conditions. 
• The minimum requirements in regards to the instrumentation necessary to en-

sure safe operation. 
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• Is a safety analysis in case of earthquakes required? 
• Is a water hammer analysis necessary and, if so, are protection measures to be 

taken? 
• Check valve for preventing backflow.  
• Minimum flow operation: choice of appropriate valves; ensure sufficient back 

pressure to avoid cavitation (cavitation might damage the valve and is likely to 
excite vibrations and noise). 

• Is reverse running of the pump possible? 
• The filling of the suction and discharge pipes (pressure pulsations, cavitation). 
• The method and, possibly, the equipment to limit the maximum flow rate. 

Of course, the investment, operation and maintenance costs are also of eminent 
importance. 

In order to find the best economical and technical solution that meets all the 
criteria listed above, the plant and the pump should be seen and optimized as an 
entity. For example the NPSHA will influence: (1) the construction costs, (2) the 
speed and, consequently, type, size, and cost of the pump and of the driver, (3) the 
cost of a booster pump and driver, if any, and the accompanying piping and fit-
tings. 

Meeting the requirements for standby capacity may lead to quite different 
pump types and system concepts. The layout of the intakes or the suction piping 
has an effect on the selection of the pump type and on trouble-free operation. 
Control and safety issues and the optimization of the total energy consumption re-
quire close cooperation between the architect engineer and the pump manufacturer 
at the planning stage. 

In addition to the general aspects listed above, specific requirements apply to 
the multitude of different pump services (some examples are listed in Table 2.4). 
Thus, some understanding of the processes and system is often indispensable to 
correctly select the pump. 

15.2 Determination of pump type and size 

In most cases the pump is selected from catalogues or the corresponding computer 
programs supplied by the pump manufacturer. By using range charts as shown in 
Fig. 4.17, the pump selections possible for the specified flow and head can 
quickly be determined. This may be done for different pump types, e.g. single-
entry or double-entry, single-stage or multi-stage. Individual characteristic curves 
of the pre-selected pump sizes can then be checked to ascertain: (1) whether the 
pump will operate safely with the NPSHA available in the plant, (2) to what extent 
the anticipated operation range can be covered, (3) which pump promises the best 
efficiency, (4) which pump selection is the most cost-efficient, (5) whether it is 
possible to meet all operational requirements. This evaluation includes numerous 
criteria from the properties of the fluid to the mechanical equipment, Chap. 15.1. 
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In the case of very expensive or large pumps (e.g. P > 500 kW), for difficult 
technical requirements or non-standardized equipment, the pump selection can be 
made in the way described below (some of the applicable formulae are listed in 
Table 15.1). 

Initially the type of driver has to be chosen (fixed or variable-speed electric 
motor, gear box, turbine or combustion engine). 

The pump selection as well as the optimization is usually an iterative process 
because any initial assumptions are to be verified at the end. Depending on which 
data have been specified, four different cases are presented here: 

Case 1:   Given: Q, Htot, NPSHA 
                   Required: type, n, nq, zSt, d2, fq, zpp 
If the NPSHA is specified, it often determines the pump type, the speed, the size 
and, consequently, also to a large extent the cost of the pump. 

In order to get a first idea of the rotor speed possible for the specified flow rate 
Qopt and NPSHA, a suction specific speed may be selected from Table D6.1. Ac-
cording to Chap. 6.7 it should further be taken into account that NPSHA must be 
sufficiently above NPSH3. To this end, safety margins FNPSH according to 
Eq. (T15.1.5) may be used.1 After selecting the pump and knowing the impeller 
inlet diameter, it is possible to check the NPSHA against Table 6.2. 
Step 1: NPSH3 is calculated using Eq. (T15.1.5). A suction specific speed is se-
lected from Table D6.1 and the corresponding speed for the specified conditions 
is calculated from Eq. (T15.1.1). This calculation is possible for single- and for 
double-entry pumps. If the calculation is done for the range of suction specific 
speeds given in Table D6.1, a range of possible driver speeds is obtained. 
Step 2: On the basis of these calculations, a speed has to be selected. In most 
cases the pump is driven by an electric motor; therefore a standard speed 
Eq. (7.19) must be chosen. If the pump is driven via a gear, an electric motor with 
variable speed, a combustion engine or a turbine, any speed may be selected 
within certain limits. 
Step 3: With the speed thus determined, it is possible to calculate with the total 
flow rate and the total head a specific speed nq,tot and to  make a first assessment 
(nq,tot is thus independent of zst or fq): 

• For nq,tot > 400 to 450 either the speed has to be reduced or the flow rate has to 
be distributed over two or more parallel units. This also depends on the abso-
lute value of the flow rate. 

• For 180 < nq,tot < 400 a single-stage axial pump will result. 
• In the range 100 < nq,tot < 180 single-stage semi-axial pumps are most often 

used. 
• For 15 < nq,tot < 140 double-entry pumps are also an option (Chap. 2.3.3). In 

this case once again, the absolute value of the flow rate is another criterion to 
be considered. 

                                                           
1 Equation (T15.1.3) was derived from a graph in [B.17], Eqs. (T15.1.4 to 15.1.6) follow 

from Eq. (T15.1.3). 



892      15 Pump selection and quality considerations 

• For nq,tot < 15 and heads above 300 m multi-stage pumps will in most cases be 
the solution, provided the flow rate is not too small. 

Step 4: With regard to the number of stages there are three selection criteria. 

• Efficiency: As may be seen from Fig. 3.23, the efficiency of a centrifugal pump 
drops at nq < 30 with falling specific speed so that centrifugal pumps below 
nq = 8 (in principle) make economical and ecological sense only for small per-
formances. The higher the power, the more it should be attempted to select the 
pump in the nq-range of optimum efficiencies, which is roughly between 
nq = 30 and 60. Consequently, for a first assessment of the reasonable number 
of stages, the useful power Pu = ρ×g×Htot×Q is used. With Pu < 30 kW conven-
tional centrifugal pumps are feasible until about nq = 5 to 6 (special impellers 
even lower).  With nq,tot < 10 and a power of Pu > 100 kW multi-stage pumps 
should be considered, but the head Hopt,tot as well as the absolute value of the 
flow rate are to be taken into account. The planned running hours per year are 
another selection criterion, because energy costs are significant if the pump 
runs all year round, but are less relevant if the pump runs only a few hours per 
year. Ultimately the pump selection is determined by the sizes available on the 
market. 

• Head per stage: Equation (T15.1.7) offers an approximate value for the maxi-
mum head per stage. It depends on the material choice and a number of other 
factors discussed in detail in Chap. 14. 

• Maximum number of stages: The number of stages and the resulting length of 
the pump are limited for reasons of mechanical design. The higher the impeller 
tip speed or the head per stage, the fewer stages are allowable with respect to 
rotor dynamics. In addition, in a pump with a horizontal rotor axis the sagging 
of the shaft caused by gravity must be smaller than the annular seal clearances 
in order to avoid the impellers rubbing against the wear rings of the annular 
seals. Alternatively, the casing elements can be arranged along the bending line 
of the rotor. In this case it must be taken into consideration that the sagging 
may be smaller during operation owing to the axial load on the shaft. A rough 
estimate of the maximum feasible number of stages may be obtained from 
Eq. (T15.1.8). Pumps with impellers arranged back-to-back as shown in 
Figs. 2.8 to 2.10 (with the piston in the middle of the rotor) may be equipped 
with more stages than pumps according to Fig. 2.7. As a rule, the number of 
stages is limited to about 16, dependent on the impeller size. However, there 
are special designs of vertical bore-hole pumps for oil pumping with 60 and 
more stages. Considerations of mechanical design and fabrication constraints 
are important factors in the choice of the number of stages. For a given shaft 
diameter and flow rate the number of stages is limited by the maximum admis-
sible torque.  

Step 5: After the number of stages has been chosen, the true specific speed is cal-
culated. Next, the efficiency to be expected can be determined from Table 3.9. 
The impeller diameter is calculated from Eq. (T15.1.10) using the head coefficient 
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from Fig. 3.21 or Eq. (T15.1.9). In this way it is possible to get an idea of the 
pump size and to assess its feasibility. 
Step 6: If so desired, the impeller inlet diameter can now be determined. To this 
end, the diameter of the shaft or of the impeller hub is estimated by means of 
Eq. (T7.1.2); but some aspects of mechanical design need to be considered as 
well. In Fig. 6.21 a “normalized” suction specific speed nss** is plotted against the 
blade inlet angle. By means of Eq. (T15.1.12) this relation allows calculating the 
flow coefficient ϕ1 that is necessary to obtain the required suction specific speed.1 
By inserting ϕ1 into Eq. (T15.1.13) the impeller inlet diameter is obtained. 
Step 7: The shut-off pressure can be estimated by means of Eq. (T15.1.14 or 
15.1.15).  
Step 8: Figure 15.4 allows a very rough estimation of the weight of the pump. 

Case 2:   Given: Q, Htot, NPSHA, n 
  Required: type, nq, zSt, d2, fq, zpp 
Once the speed and the NPSHA are specified, NPSH3 is calculated from 
Eq. (T15.1.5) and the necessary suction specific speed from Eq. (T3.4.17). Check-
ing the result against Table D6.1 it can be seen whether (and, if so, in which way) 
it is possible to attain that suction specific speed. If the necessary suction specific 
speed cannot be achieved by a single-entry nor a double-entry impeller, the speed 
has to be reduced, the NPSHA of the plant to be raised, or using an inducer may be 
considered. In that case it is imperative to observe the restrictions and comments 
discussed in Chap. 7.7.4. If n, nss and NPSHA are feasible and it has been decided 
whether the single- or a double-entry pump is the better option, the procedure of 
Case 1, Steps 3 to 8 can be followed. 

Case 3:   Given: Q, Htot, n 
  Required: type, NPSHA, nq, zSt, d2, fq, zpp 
A suction specific speed is selected from Table D6.1 and the required NPSH3 is 
estimated from Eq. (T15.1.2). Equation (T15.1.6) then yields the corresponding 
NPSHA. Next follows the assessment whether the NPSHA thus determined is fea-
sible: does it correspond to the plant layout? Can it be attained by economically 
justifiable measures? If so, Case 1, Steps 3 to 8 can be followed for single- or 
double-entry pumps.  

Case 4:   Given: Q, Htot 
  Required: type, n, nq, NPSHA, zSt, d2, fq, zpp 
In this case both nq and nss may be chosen. It is possible to choose nq and calculate 
the speed by means of Eq. (T3.4.15), then to choose nss and determine NPSH3 and 
NPSHA from Eqs. (T15.1.2 and 15.1.6). This has to be repeated until feasible 
speeds (possibly the standard speed of an electric motor) as well as feasible and 
economically justifiable values for the NPSHA of the plant will result. Once this 
goal is achieved, Steps 3 to 8 of Case 1 can be followed. 

                                                           
1 In order to derive Eq. (T15.1.12) the average curve in Fig. 6.18 has been described by 

Eq. (T15.1.11). 
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Safety margins: The actual requirements of the plant may be different from the 
data used to draw up the pump specification. Also the actual pump performance 
may deviate from the predicted performance because of calculation and manufac-
turing tolerances. Therefore some margins on flow and/or head are often applied. 
When deciding upon the safety margins the following aspects should be consid-
ered: 

1. The smallest tolerances are to be expected when the hydraulic components are 
cast using existing patterns and when test results are available. 

2. Greater tolerances are likely when new patterns (for a new pump size) of a 
known (measured) hydraulic must be manufactured. 

3. In the case of new hydraulics, when no measurements are available with the 
impellers and diffusing elements, there are in addition the uncertainties inher-
ent in performance prediction. 

4. Manufacturing tolerances of the annular seal clearances 
5. The labyrinth clearance may increase during operation due to wear.  
6. Even the geometry of the impeller or the diffusing elements may change when 

pumping highly abrasive fluids. 
7. Uncertainties of the required head or flow (e.g. uncertainty of the pressure loss 

calculation, of the expected water level fluctuations, etc.) 
8. If highly viscous fluids are to be pumped or for the hydraulic transport of sol-

ids, larger margins may be added because the performance prediction is sub-
ject to higher uncertainties. Furthermore, product variations (temperature and 
composition) have also to be taken into account. 

9. If negative tolerances on flow rate or head are not permitted by the specifica-
tion, higher margins are necessary than with symmetrical tolerance fields. 

10. Appropriate margins are added in order to ensure that the selected pump will 
meet the projected operation requirements. There are essentially four ways to 
build a safety margin into the pump selection process (items 11 to 14 below): 

11. For a pump with variable speed it is recommended, as a rule, to provide a mar-
gin for the speed. Thus a range of ± 2% to ± 3% of the design speed would 
cover any manufacturing tolerances. 

12. If a pump is selected with a trimmed impeller diameter, a margin on the trim 
diameter can easily be provided. 

13. A third option is to increase the impeller diameter. Thereby either the impeller 
outlet width is kept constant or the shapes of the front and the rear shrouds are 
extended by extrapolation. However, the minimum distances between the im-
peller and the collector (Table 10.2) must not be substantially reduced. 

14. If the impeller blade trailing edges are sufficiently thick, under-filing might 
possibly serve as a margin for increasing the head, Chap. 4.5.2. 

As has been pointed out before, an over-sized pump will run at partload, which 
means higher energy and maintenance costs. When choosing margins, the risk as-
sociated with partload operation must be carefully balanced against the opera-
tional requirements and possible consequences of the actual performance falling 
slightly short of the specification. 
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Equations (15.1.3) to (15.1.6) yield the same result. 
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15.3 Technical quality criteria 

A number of technical quality criteria can be defined for the selection of a pump. 
The observation of these criteria helps to minimize energy and maintenance costs 
and to prevent production losses due to pump failures. Achieving this objective 
assists also in improving the ecological balance. 

In the following only hydraulic aspects are discussed. Mechanical pump design 
features or machine elements are not topics of this book. For the choice of appro-
priate materials, which is often decisive for trouble-free operation, refer to 
Chap. 14. 

15.3.1 Hydraulic criteria 

For making the best choice and use of a pump the following hydraulic criteria 
should be considered (the specific figures given below should be understood as 
showing trends, not sharp limits). 

1. Rated flow QR: The rated flow may be defined as the flow rate at which the 
pump is most often operated. Often QR is identical to the guarantee point Qg. 
According to [N.6] the pump selection has to meet the condition that 
0.8 < QR/Qopt < 1.1. The higher the power or the flow rate of the pump, the 
greater is the importance of running it near the BEP. This is true with regard to 
energy and maintenance costs as well as to smooth running and avoiding wear 
or cavitation damage. 

2. Continuous operation domain: Continuous operation should be limited to 
about 0.6 < Q/Qopt < 1.20 for pumps with nq < 50 (for large pumps or those 
with a risk of cavitation the upper limit is preferably set at q* < 1.1). For 
nq > 50 the continuous operation domain may be chosen according to 
Fig. 11.15 or according to the documentation of the pump manufacturer. 

3. Stability of the head-capacity curves: Within the planned operation range 
the head should decrease steadily with increasing flow rate. Even a Q-H-curve 
which is flat over a relatively large domain can lead to excessive pump or pipe 
vibrations and should therefore not be accepted (at least not for high energy 
pumps). However, an unstable head-capacity curve is acceptable below the 
minimum flow rate. This applies also to the flow ranges where it is impossible 
to operate the pump because of the particular layout of the plant. Thus a stor-
age pump whose maximum head Hmax is given by the geodetic elevations of 
suction and discharge reservoirs may have an unstable Q-H-curve above Hmax. 

4. Minimum flow rate: According to Chap. 11.6 a thermal minimum flow rate is 
necessary in order to prevent overheating. Another criterion is the “hydraulic” 
minimum flow which can be read from Fig. 11.15. 

5. Maximum flow rate: The maximum flow rate has to be determined on the ba-
sis of the system characteristics resulting from the planned operation modes. If 
the pump is to be operated at the maximum flow rate over a long period, there 
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must be sufficient NPSHA available to avoid cavitation on the pressure surface 
(where the risk of damage according to Chap. 6.6.3 is usually highest). If the 
maximum flow rate occurs only during transient conditions (e.g. during the 
switch-over of pumps working in parallel) operating the pump for a very short 
period with cavitation is acceptable. 

6. Efficiency: The efficiency has a strong impact on the energy costs (and eco-
logical aspects) of a plant and is therefore an important criterion. In practice, 
however, its assessment is often less straightforward than expected. The of-
fered efficiency may be compared with the data given in Table 3.9 and 
Figs. 3.23 to 3.26. Doing this, the scatter band according to Eq. (T3.9.10) has 
to be taken into consideration. If the offered efficiency is appreciably below 
this scatter band it is worthwhile to investigate the reasons for this shortcom-
ing. Too low an efficiency may point to poor hydraulic design, e.g.: inade-
quate impeller design with very non-uniform velocity profiles, non-optimum 
design of the collector, extremely compact design, recirculation too close to 
the BEP, excessive incidence i1 of the impeller or the diffuser, poor layout of 
the diffuser and the discharge nozzle downstream of the volute throat, inade-
quate surface quality, or excessive impeller trimming because an appropriate 
pump size has not been available. Efficiencies appreciably above the statistical 
data given in Chap. 3.9 call for a critical assessment too: Are the measure-
ments reliable? Is the efficiency just the result of too small seal clearances that 
cannot be maintained during operation? For pumps of less than 10 kW with a 
low specific speed the overall efficiency is often not really relevant for assess-
ing the hydraulic design, especially if the mechanical losses make up an im-
portant portion of the power at the coupling. The situation is different when a 
plant is equipped with a considerable number of pumps and the total energy 
costs of all pumps are evaluated accordingly. Obviously, an efficiency evalua-
tion has also to take into account whether the pump will be operated continu-
ously or only a few hours per year. 

7. Efficiency scaling: If the works acceptance test of the pump is not executed at 
full speed and temperature (which is often impractical) there is an element of 
uncertainty with regard to the efficiency differences between the works test 
and the plant operation. As already discussed in Chap. 3.10, “efficiency majo-
rations” are not really helpful. The loss analysis according to Table 3.10 is not 
free from uncertainties either, because an exact recording of the roughness ge-
ometry and its effect on the pump losses is impossible. Thus the plant operator 
is left with the following options: (1) requiring a guarantee for the efficiency at 
agreed conditions in the works acceptance test only (ignoring the exact effi-
ciency under plant conditions), (2) requiring an additional acceptance test in 
the plant which means a considerable amount of time and money spent for at-
taining an acceptable precision, (3) requiring rigorous control of the manufac-
turing quality and the measurement methods applied in so far as the efficiency 
is affected by them. 

8. Annular seals: A high pump efficiency measured on the test stand is of no use 
to the plant operator if it deteriorates rapidly during operation due to wear in 
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the annular seal clearances at the impeller and at a possible axial thrust balanc-
ing device. Annular seal clearances, annular seal length, surface structure and 
materials have all to be assessed in this respect. For narrow annular seals non-
galling non-seizing materials combinations are of prime importance, Chap. 14.  

9. Over-sizing: Over-sizing of the pump results in partload operation. This may 
lead to early wear, noise, vibrations and impaired efficiency. Supposed “safety 
margins”, if chosen too large, may actually jeopardize the safe operation. 

10. NPSHA:  According to Chap. 6 a margin must be provided for the NPSH of 
the plant that is adequate for avoiding cavitation induced vibrations, noise and 
damage. Table 6.2 provides criteria for selecting NPSH-margins. The higher 
the circumferential speed u1 at the impeller inlet, the larger must be the dis-
tance between NPSHA and NPSH3. For u1 > 50 m/s only very limited bubble 
volumes are admissible during operation in water below 200 °C. In this case 
special precautions have to be taken in order to prevent damage, see Chap. 6. 
and especially Chap. 6.7. 

11. Approach flow: Reasonably uniform velocity distributions at the impeller 
inlet are required to avoid efficiency impairment, noise, vibrations and possi-
ble cavitation damage. An adequate layout of the suction piping or the pump 
sump is necessary (Chap. 11.7). In addition, the inlet casing of between-
bearing pumps has to ensure good approach flow conditions. To this end, a 
sufficient flow acceleration from the inlet nozzle to the impeller eye is neces-
sary, Chap. 7.13. In their endeavor to keep costs low by using a very compact 
design, pump planners often risk developing system concepts prone to difficul-
ties during operation (noise, vibrations, cavitation damage due to non-uniform 
approach flow). If these problems are understood in the planning stage, their 
consequences may often be reduced at moderate (or even negligible) cost by 
designing appropriate structures (e.g. flow straighteners,  deflection baffles in 
bends, corner pieces and ribs in wet pit designs, etc.), Chap. 11.7. 

12. Incidence: The incidence at the impeller or diffuser inlet should not exceed 4 
to 6° (for u1 > 50 m/s even less). The higher the tip speed u1, the more impor-
tant is it to limit the incidence. 

13. Trim on impeller outer diameter: As discussed in Chap. 4.5.1, it is common 
practice to trim the impellers of standard pumps in order to cover a defined 
performance range with a given pump size. The lower the specific speed and 
the power of a pump, the larger is the range that can reasonably be covered in 
this way. With increasing specific speed the trim on the impeller should be 
limited according to Eq. (4.23), see Chap. 4.5.1. If large pumps are involved, 
the efficiency loss and the resulting higher energy cost may be compared, by 
means of Eq. (4.21), with the cost of making a new casing pattern (and, if need 
be, of the impeller) for an in-between size. Said comparison will show whether 
an in-between casing size might be more economic than a heavily trimmed 
impeller. Smoother running and lower maintenance costs would signify an 
added advantage. 

14. Vibrations and noise: Chapter 10.8 contains a list of measures and criteria for 
low-vibration pumps. Of particular importance are: (1) the distance between 
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the impeller and the diffuser or the volute cutwater according to Table 10.2, 
(2) avoiding unsuitable combinations of the number of impeller blades with 
the diffuser vane count according to Chap. 10.7.1, Eq. (10.13), (3) avoiding at 
the BEP any excessive deceleration at the impeller inlet, keeping 
w1q/w1 > 0.75 for an axial inlet and w1q/w1 > 0.65 for a radial inlet, (4) restrict-
ing the deceleration at the diffuser inlet too, so that c3q/c2 > 0.75.1 

15. Partload recirculation: As discussed in Chap. 5, partload recirculation is pre-
sent in every pump. Recirculation is even necessary, to some extent, for ob-
taining a stable pump characteristic. The energy contained in the recirculating 
fluid (the recirculation power PRec) is dissipated as a large-scale turbulence that 
contributes to higher levels of noise, vibrations, and wear. That is why exces-
sive (or unnecessary) partload recirculation should be avoided. Indirect indica-
tors for excessive recirculation are: (1) Too much power consumption at Q = 0 
(Fig. 4.10 may serve as a reference); (2) A flat curve NPSH3 = f(Q) at q* > 1; 
(3) An increase of, or a maximum in, the curve NPSH3 = f(Q) at partload indi-
cates that the impeller eye diameter may be oversized or the impeller inlet an-
gles were selected too large. Avoiding such NPSH-curves is possible without 
any loss of suction capacity. However, the suction specific speed as such, 
which is often considered as an indicator of excessive recirculation, is not a 
useful criterion, Chap. 6.2.4 and [6.39]. 

16. Radial thrust balancing: Whether or not a double volute has to be used de-
pends on the pump type, the head and the specific speed. The decision will re-
sult from an assessment of the bearing load and the shaft deflection at the an-
nular seals and the shaft seals. Caution is required with double volutes with a 
wrap angle significantly smaller than 180°, because in that case according to 
Table 9.4 the radial thrust increases considerably, Fig. 9.27. 

17. Pumping plant: Selecting a “good” pump is not sufficient to guarantee reli-
able operation. The layout of the pumping plant has also to be planned care-
fully. Important items are: good approach flow conditions in accordance with 
Chap. 11.7, the correct choice of valves and fittings that will not generate in-
admissibly high pressure fluctuations, adequate instrumentation, control and 
monitoring suitable for minimizing transients, upset conditions and water 
hammer. Just as with the pump, minor savings on plant investment costs can 
avenge themselves with costly production losses, retrofits and lengthy argu-
ments between the parties concerned. 

15.3.2 Manufacturing quality 

The vast majority of industrially used impellers, diffusers and volute casings, due 
to their complicated forms, are manufactured by various casting methods. Fre-

                                                           
1 Maximum values of w1q/w1 are close below 1.0. In a correctly designed hydraulic the ra-

tio c3q/c2 follows from the collector calculation according to Chap. 7. Low values of c3q/c2 
point to a non-optimum design and a design check would be indicated.  
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quently cast components exhibit considerable dimensional deviations from the de-
sign according to the drawing. This results from non-uniform shrinking of the 
casting when cooling down, from core shift, and from pattern, mold and core tol-
erances. Furthermore, there is some loss of material because of scaling. This is 
taken into account in pattern making by adding a small allowance in order to 
make up for the assumed metal loss. 

Head and efficiency of a pump according to Chap. 3.10 are considerably influ-
enced by the surface quality which depends on the casting method and tempera-
ture, the material used, the molding method and material as well as on the clean-
ing and dressing of the castings.  

The casting tolerances of the hydraulic components are a decisive factor in the 
effort of accurately meeting the projected pump characteristics. They have an in-
fluence also on efficiency, vibrations and noise, even impeller fractures and on the 
risk of cavitation damage. For the operation range outside of partload recirculation 
a quite good quantitative assessment of the effects of various tolerances on the 
pump characteristic is possible using the procedure given in Chap. 4.7 (Table 4.4). 

 The specification of a defined accuracy of the pump characteristic leads inevi-
tably to the maximum allowable deviations for the impeller outlet width, the blade 
angles and the throat area of the collector (within the limits of uncertainty of such 
calculations). In contrast, an estimate of the effect of deviations in the shape of the 
meridional section or the blades is not easy to make.  

Since better accuracy means, as a rule, more expensive casting methods and 
additional time for dressing, the tolerances are chosen with regard to the intended 
use of the pump. With this aim in view three quality classes (G1 to G3) are de-
fined in Table 15.2 according to the criteria below. A more specific definition of 
the quality classes is given in Chap. 15.4. 

1. The operator's requirements as to the allowable deviations of the actual from 
the projected pump characteristics. The accuracy may be specified for example 
according to ISO 9906, [N.2] (in Table 15.2 these tolerances are quoted). 

2. The specific speed: at low nq the diffuser/volute throat area must be executed 
within narrow tolerances, at high nq the impeller tolerances are important. 

3. The operator's requirements as to the maximum admissible vibrations accord-
ing to Table 10.6 to10.8, [N.6] or [N.16]. 

4. The impeller tip speed u2 or the head per stage as a measure for the steady 
loads and hydraulic excitation forces. 

5. The circumferential speed u1 at the impeller inlet as a measure for the risk of 
cavitation damage. 

6. The power consumption is a measure for the energy and maintenance costs of 
the pump as well as the excitation of vibrations and noise. This because the re-
circulation power at partload is entirely dissipated as turbulence. 

Which one of these criteria is deemed to be determinant for the quality class 
depends in each application upon the prevailing conditions and requirements. It is 
important to assess each criterion independently from the others. The most strin-
gent criterion or requirement determines the quality class. For example, if great 
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demands are made on the limitation of vibrations, a high quality has to be chosen 
even though the process might allow rather large tolerances on the performance 
curves and even if the power consumption of the pump is low. 

In Table 15.2 geometric tolerances for the three quality classes are listed. The 
following observations should be kept in mind: 

• The data given are applicable to radial and semi-axial pumps nq < 150. They 
must not be used for the profile geometry of propeller pumps. 

• Machined dimensions (such as the impeller outer diameter) are not taken into 
account, because the machining accuracy is within a few tenths of a millimeter. 

• Since the impeller outlet angles β2B may vary in a wide range, their tolerances 
are expressed as percentages (not as degrees). However the inlet angles β1B do 
not exceed a relatively narrow range. That is why they are preferably expressed 
as angle differences. 

• The tolerances for the impeller outlet width b2 apply to the average of all chan-
nels as well as to the differences between individual channels which are impor-
tant for the excitation of synchronous vibrations (“hydraulic unbalance”). 
These tolerances are meant furthermore for deviations in the same channel, be-
cause the outlet width frequently varies appreciably over one pitch (especially 
in impellers with a small number of blades). 

• The effects of the casting tolerances may either add up or compensate. For that 
reason, the tolerances given should be considered as approximate values. If, for 
example, the outlet width of an impeller is too large but the outlet angles are 
too small (and perhaps the blades too thick, causing a higher blockage) it may 
still be possible to attain the performance data within the specified tolerances. 
The effect of various tolerances on the pump characteristic may be calculated 
by means of Table 4.4. 

• For high values of Hst or P attention should always be paid to deviations of β2B 
and b2 from channel to channel and within a pitch. Deviations between the 
channels and errors in the pitch must be kept small in order to reduce the exci-
tation of vibrations. 

• If the parts are ordered as castings in accordance with a quality class defined in 
a standard, the corresponding tolerance ranges of that standard apply insofar as 
they are not wider than the values given in Table 15.2. 

• Sometimes asymmetrical tolerance ranges are to be recommended, e.g. b2 
+4%/-0 in the case that no other margin has been provided for the head; or b2 
0/-2% in order to avoid the risk of an unstable characteristic. Similar observa-
tions apply to the outlet angle β2B and the blade distance a2. 

• The blade distance a2 gives a clue to the accuracy of the blade positions within 
the casting. The width a1 at the impeller throat has an important influence on 
the NPSH3 curve in the high flow range. 

• Measurements of the shapes of the rear and front shrouds and of the impeller 
blades and diffuser channels are rather complicated. If they are at all possible 
without destruction of the component, they have to be made by means of a co- 
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•  

Table 15.2 Tolerances for impellers, diffusers and volutes 
Quality class G1 G2 G3  

tQ ± 5% ± 8% ± 9% Tolerance on flow rate 

tH ± 3% ± 5% ± 7% Tolerance on head 

tP + 4% + 8% + 9% Tolerance on power consumption 

Tolerances on 
Qg, Hg, η ac-
cording to  
ISO 9906 tη 0 (-3%) - 5% - 7% Tolerance on efficiency 

API 610 vu 3 - - 

ISO 10816-7 vu 3 3.7 5.6 
mm/s 
RMS 

Vibrations according to 
[N.6] or [N.16] 

Outlet u2 > 90 40-90 < 40 

Inlet u1 > 50 15-50 < 15 
m/s Circumferential velocity 

Head Hst > 400 80-400 < 80 m Head per stage at BEP 

Power P > 3000 300-3000 < 300 kW Power consumption 
• Figures 15.2, 15.3 and 15.5 provide more specific criteria for the head per stage, impel-

ler tip speed and power per stage defining the quality class. 
• The most stringent criterion determines the quality class. 

Parameter  Tolerances Check with Significance 
Impeller outlet 
width b2 ± 2.5% ± 3.5% ± 5% Slide gauge 

Vane distance 
at outlet a2 ± 2.5% ± 3.5% ± 5% Calipers, circu-

lar disks 

Outlet angle β2B ± 4% ± 7% ± 10% 
Gauge, coordi-
nate measuring 
machine 

Head  
Stability 
Excitation of 
vibrations 

Inlet angle 
β1B 

α3B 
± 1° ± 2° ± 3° 

Gauge, coordi-
nate measuring 
machine 

Cavity length 
NPSHi, 
NPSH3 

Vane distance 
at inlet a1 ± 3% ± 4% ± 6% Calipers, circu-

lar disks 
NPSH3  
at Q > QSF 

Inlet profile  ± 4% ± 8% - Profile gauge NPSHi, 

Outlet profile  ± 5% ± 10% - Profile gauge 
Head 
Pressure pulsa-
tions 

Vane thick-
ness e ± 7% ± 10% ± 15% 

Slide gauge, 
calipers 

Head 
Stresses 

Throat area of 
diffuser or vo-
lute 

A3q ± 5% ± 7% ± 10% 

Vane distance 
1) a3 ± 5% ± 7% ± 10% 

Width1) b3 ± 5% ± 7% ± 10% 

Calipers, 
gauges, circular 
disks 

Flow rate at 
BEP 
Efficiency, 
Shut-off head, 
Stability 

1) The tolerances given are allowable only in as much as the tolerances of the diffuser/volute 
throat area are not exceeded. 
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Table 15.3 Quality requirements for impellers and diffusers 

Class G1 G2 G3 

Impeller shrouds Machined Machined Cast1) 

Roughness  
(Rugo test, visual check) N8 N8 to N9 N9 to N10 

Casting process for im-
peller and diffuser 

Investment casting 
Ceramic core 

Quality castings 
Ceramic core Sand casting 

Fillet radii, Chap. 14.1 Check very important: 
low notch effect Check Visual check 

Variations of thickness of 
impeller shrouds and hy-
draulic channels 

Check very important 
with respect to excita-
tion of vibrations 

Dimensional check Visual check 

Casting checks of impel-
ler and diffuser 

Surface crack check-
ing2) 
Dye penetrant testing 

Visual check of complete channels 
(endoscope if necessary); clean sur-
faces without rests of sand or slag 

The casting checks to be carried out primarily depend on the specification. 
1) If no limits on vibrations are specified 
2) Surface crack checking: magnetic test methods, if material is sufficiently magnetic; or dye 

penetrant testing (more expensive) with non-magnetic materials 
 
 

     

Fig. 15.1. Templates for checking the blades at the impeller inlet; left: cone template for 
checking the blade suction surface; right: finger template for checking the blade profiles, 
Sulzer Pumps 

ordinate measuring machine or templates. That is why deviations from the re-
quired shapes are often not recognized. Even if known, it is hardly possible to 
make a quantitative assessment of their effect on the pump characteristic. For 
this reason complying with the tolerances given in Table 15.2 is not a guaran-
tee for success. 
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• An assessment of the allowable roughness for each pump application is possi-
ble according to Chap. 3.10. The allowable roughness depends on the Reynolds 
number and the pump size. For hot water it is lower than for oil. The figures 
given in Table 15.2 are only approximate values for average conditions. 

• As discussed in Chap. 6, for circumferential speeds of u1 > 50 m/s at the impel-
ler inlet only very small cavitation bubble volumes are admissible. For 
u1 > 75 m/s the pump should be operated virtually without cavitation bubbles, 
Chap. 6.7. Accurate compliance with the impeller blade inlet profile is crucial 
in this case because even small deviations from the required geometry have an 
influence on cavitation inception (NPSHi). Special machining techniques are 
most often indispensable, such as: (1) careful grinding of the blade inlet using 
profile templates (“finger templates”) and templates for the suction surface 
(“cone templates”); (2) electrical discharge machining; (3) NC milling opera-
tions with subsequent grinding to remove machining marks in inaccessible re-
gions. The finished impeller undergoes a final check by means of said tem-
plates. As a proof that the pump will operate in the plant without bubbles, the 
operator may in critical cases even ask for separate acceptance tests of each 
impeller at the specified NPSHA with stroboscopic observations of the cavita-
tion development at the impeller inlet. This requires a special test pump associ-
ated with additional costs. 

• The tolerances for the impeller inlet profile given in Table 15.2 refer to local 
deviations of the blade thickness. They are only meant as approximate indica-
tions. It goes without saying that the shape of the profile has to be smooth and 
steady. A thin leading edge, followed by an almost concave blade surface, is 
likely to cause local flow separation and cavitation. The inlet profile rather 
should be “convex” on the suction and pressure surfaces in order to reduce the 
effect of incidence. 

Figure 15.1 shows a “cone template” used for checking the blade shape at the in-
let. It is designed as an intersection of a cone with the suction surface of the blade. 
The cone angle is selected so that the template touches the blade at an angle of 
about 90°. Figure 15.1 (on the right) shows a “finger template” for checking the 
leading edge profiles of the blades. 

Table 15.3 contains supplementary quality requirements for cast components 
which are significant for the integrity of the component as well as for vibrations 
and efficiency of the pump. For high-duty impellers or inducers an adequate blade 
thickness and fillet radii between the blades and the impeller shrouds are impor-
tant in order to avoid component failure due to fatigue, Chap. 14.1. 
In summary: 
•  The quality class is a measure for the level of engineering analysis and manu-

facturing effort required for a specific application in order to fulfill the needs 
of the pump owner. 

• The various criteria applied to the selection of the quality class allow taking 
into account the many aspects which should enter this decision. 

• The most stringent criterion or requirement determines the quality class. 
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15.4 High-energy pumps 

As impeller tip speed, head per stage or power per stage increase, pumps are ex-
posed to higher risk of vibration, cavitation and mechanical damage. By an appro-
priate design and by selecting suitable materials it must be ensured that the pump 
is fit for the intended service. A rationale for defining the severity of pump service 
may help to make appropriate choices as to materials, casting quality and the re-
quired efforts in engineering analysis and testing.  

Cavitation damage can be prevented by providing sufficient NPSHA, by select-
ing an appropriate material and by a careful hydraulic design which minimizes the 
creation of cavitation bubbles. Main selection criteria are the circumferential 
speed at the impeller inlet and the type of fluid and its properties. Table 6.2 gives 
guidelines for making the appropriate choices. Therefore cavitation criteria need 
not be explicitly included in the definition of high-energy pumps. The same ap-
plies to the effects of erosion-corrosion and abrasive wear discussed in Chap. 14. 

The risk of impeller or diffuser damage due to alternating stresses can be evalu-
ated according to chapter 14.1. The relevant parameters are pressure rise per sta-
ge, impeller geometry (specific speed), type of fluid and materials. The risk of im-
peller blade cracking was used as criterion for defining high-energy pumps in 
[N.23], [B.15] and [5.32]. According to this definition the “limiting” curve be-
tween “low-energy” and “high-energy” pumps stipulates that the pressure rise per 
stage drops with increasing specific speed. This is true for blade stresses but does 
not cover the risk of impeller shroud fractures, which increases at low nq where 
structural resonances are more likely to occur. 

As per [N.23] high-energy pumps are defined as pumps whose head per stage 
exceeds the limit given by the respective curve shown in Fig. 15.2 and approxi-
mately by Eq. (15.1) with HRef = 1 m , nq,Ref = 25 and Ref  = 1000 kg/m3: 

ρ
ρ> fRe

85.1

q

fRe,q

fRe

opt,st

n
n

275
H
H

 (15.1) 

This formula is valid for 25 < nq < 67. Below nq = 25 the limit is Hst,opt = 275 m; 
no limits are defined for the range above nq = 67. 

The weaknesses of Eq. (15.1) are: (1) The domain of specific speeds covered is 
quite narrow; (2) There is one single jump from “low-energy” to “high-energy” 
pumps; (3) The limiting pressure rise per stage is quite low; (4) The risk of impel-
ler shroud fractures at low specific speeds due to structural resonances is not evi-
denced by the method. 

Elaborating on the concept of quality classes G1 to G3 introduced in 
Chap. 15.3, the above shortcomings can be removed. To this end, the quality 
classes are defined by Fig. 15.2 and Fig. 15.3 where boundaries for the head per 
stage at BEP (or the impeller tip speed) are plotted against the specific speed. 
Curve 1 is roughly representative of the upper limits achieved by industrial appli-
cations (rocket pumps are excluded from the consideration). Curve 2 is calculated 
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as (1/ 3) of the heads given by curve 1; while curve 3 is calculated as 1/3 of the 
heads from curve 1. Comments to Figs. 15.2 and 15.3: 

• For defining the recommended quality class: (1) determine the head per stage at 
the best efficiency point Hst,opt; (2) multiply Hst,opt by the specific gravity SG; 
(3) enter Fig. 15.2 with the specific speed nq and SG×Hst,opt in order to deter-
mine the quality class. 

• The quality classes are defined by: Class G1 is between curves 1 and 2; it cor-
responds to “high-energy pumps”. Class G2 is between curves 2 and 3. Class 
G3 is below curve 3; it corresponds to “low-energy pumps”, Table 15.4.  

• The curves exhibit maxima which are due to the fact that impellers with low 
specific speeds are likely to have low structural eigen frequencies – in particu-
lar for the mode with two diameter nodes (Chap. 10.7.1). 

• Curve 1 does not represent an absolute limit, but impellers with heads per stage 
above curve 1 need careful design and structural analysis in terms of stresses 
(fatigue), natural impeller frequencies and possible resonances. Resonances 
with 3×zLe×n/60 are more likely in diffuser pumps than with volute casings. 
Detailed structural analysis may not be required if the design is proven by truly 
representative long-term operation experience with the same impeller geome-
try, tip speed, material and fluid. 

• In essence the curves are based on experience and engineering judgment. This 
is particularly true for the domain to the left of the maxima of the curves. The 
heads to the right of the maxima follow the rationale developed in Chap. 14.1. 

• The impeller material must be selected in accordance with Chap. 14.1. Fig-
ures 15.2 and 15.3 are relevant for metallic pumps only. 

• The requirements for the different quality classes are defined in Chap. 15.3, 
Tables 15.2 and 15.3. 

• The limits for sea water (or produced water) pumps are to be downgraded by 
one class. Low-energy pumps are thus below curve 4, high-energy pumps are 
above curve 3. 

The definition of quality classes given above is based on the criterion of impel-
ler fractures. A criterion for the susceptibility of the pump to vibrations has not 
been applied even though it is understood that the vibration levels tend to rise 
with increasing head per stage or impeller tip speed. Another weakness for defin-
ing high-energy pumps from Fig. 15.2 is the absence of the influence of the pump 
size or the power. An alternative approach is discussed in the following.  

The rotor/stator interaction (RSI) can be taken as representative of the unsteady 
hydraulic forces susceptible to excite vibrations. The RSI rises with the impeller 
tip speed u2, the density of the liquid and the impeller outlet width which increases 
with the specific speed. The radial excitation forces can thus be assumed to be 
proportional to:  
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~F Δρ  (15.2) 
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Fig. 15.2. Definition of quality classes in terms of head per stage: SG = specific gravity; 
SG = / Ref with Ref = 1000 kg/m3 
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Fig. 15.3. Definition of quality classes in terms of impeller tip speed u2; valid for liquid 
density of   = 1000 kg/m3 
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Table 15.4 Energy level of pumps and quality classes, curves in Figs. 15.2, 15.3 
and 15.5 

Class G1 G2 G3 

Energy level  High 
between curves 1 and 2

Medium 
between curves 2 and 3

Low 
below curve 3 

Energy level for sea 
water applications 

High 
between curves 2 and 3

Medium 
between curves3 and 4

Low 
below curve 4 

The reaction of the pump to a given level of excitation forces depends (among 
other factors) on the mass of the pump. The vibration velocity is assumed to be 
proportional to the excitation force divided by the mass of the pump mpump and the 
angular velocity  of the rotor. In this way a vibration velocity parameter vv can 
be defined by Eq. (15.3): 

opttot,optspu
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ω
 (15.3) 

The pump mass is expressed as the product of the specific mass mspu of the 
pump (in terms of kg/kW) and the useful power at the best efficiency point. The 
specific mass is defined by Eq. (15.4): 
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m

m
ρ

==  
(15.4) 

Figure 15.4 shows specific mass data of single-stage pumps with overhung im-
pellers and between-bearing pumps; the latter include multistage pumps and sin-
gle-stage pumps with double-entry impellers. The specific mass of a multistage 
pump diminishes with increasing number of stages for a given design. Depending 
on the design pressure and other design features the specific masses of various 
pump types are to be found in a wide band as suggested by Fig. 15.4. 

The impeller outlet width can be determined from Eq. (7.1). Knowing the spe-
cific mass for a given type of pump and assuming a dimensionless pressure pulsa-
tion of p*, defined by Eq. (T14.1.3), typical vibration velocities can be calcu-
lated from Eq. (15.3).  

The data can be arranged in different groups of specific speeds and subse-
quently fitted by smooth curves or power functions. Finally, it is possible to calcu-
late a graph of the type shown in Fig. 15.5 where curves with constant vibration 
velocity parameter are plotted as Pu,st,opt = f(nq).  

Of course, it is not possible to calculate the actual vibration velocity of a pump 
from Eq. (15.3). Therefore, the absolute figures calculated are not relevant (they 
have been omitted from the graph); the curves can only give tendencies. Interest-
ingly, the curves in Fig. 15.5 reflect the same trend as the curves in Figs. 15.2 and 
15.3 to the left of the maximum; that is, the boundaries for the power per stage de-
fining the classes G1 to G3 decrease as the specific speed is reduced. 
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The concept introduced by way of Fig. 15.5 relies on experience and engineer-
ing judgment. This is inevitable since an exact calculation in general terms is not 
possible. It may be attempted to validate the concept in a more quantitative man-
ner by a comparison with test data. 
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Fig. 15.4 Specific mass of bare-shaft metallic pumps referred to the useful power 
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Fig. 15.5 Tentative definition of quality classes in terms of useful power per stage 
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Semi-axial cooling water pump, Sulzer Pumps 
 
 
 



 

Appendices 

A1 Units and unit conversion 

Acceleration Heat capacity, specific 
1 ft/s2 = 3.0480 × 10−1  m/s2 1 kcal/kg °C = 4.1868 x 103 J/kgK 
 1 cal/g °C = 4.1868 x 103 J/kgK 
Area 1 Btu/lb °F = 4.1868 x 103 J/kgK 
1 in2 = 6.4516 × 10−4 m2  
1 ft2 = 9.2903 × 10−2 m2 Heat conductivity 
1 yd2 = 8.3613 × 10−1 m2 1 kcal/m h °C = 1.1630 W/m K 
1 acre = 4.0469 × 103 m2 1 cal/cm s °C = 4.1868 x 102 W/m K 
1 mile2 = 2.5900 × 106 m2 1 Btu/ft2 hr(°F/in) = 1.4423 x 10−1 W/m K 
 1 Btu/ft hr °F = 1.7308 W/m K 
Caloric quantities per volume  
1 kcal/m3 = 4.1868 × 103 J/m3 Heat flux 
1 Btu/ft3 = 3.7260 × 104 J/m3 1 kcal/m2 h = 1.1630 W/m2 
 1 kcal/ft2 hr = 1.2518 x 10 W/m2 
Density 1 cal/cm2 s = 4.1868 x 104 W/m2 
1 lb/ft3 = 1.6018 × 10 kg/m3 1 Btu/ ft2 hr = 3.1546 W/m2 
  
Energy, heat, work Heat transfer coefficients 
1 Nm = 1.00  J 1 kcal/m2h °C = 1.1630 W/m2K 
1 Ws = 1.00 J 1 cal/m2s °C = 4.1868 x 104 W/m2K 
1 kpm = 9.8067 J 1 kcal/ft2hr °C = 1.2518 x 10 W/m2K 
1 kcal = 4.1868 × 103 J 1 Btu/ft2hr °F = 5.6785 W/m2K 
1 kWh = 3.6000 × 106 J  
1 Btu = 1.0551 × 103 J Length 
 1 Å = 1.00 × 10−10 m 
Enthalpy, specific 1 μ (micron) = 1.00 × 10−6 m 
1 kcal/kg = 4.1868 × 103 J/kg 1 in = 2.5400 × 10−2 m 
1 Btu/lb = 2.3260 × 103 J/kg 1 ft = 12 in = 3.0480 × 10−1 m 
 1 yd = 3ft = 9.1440 × 10−1 m 
Force 1 thou = 2.5400 × 10−5 m 
1 kp = 9.8067 N 1 mile (st) = 1.6094 × 103 m 
1 dyn = 1.00 × 10−5 N 1 mile (n.) = 1.8532 × 103 m 
1 Dyn = 1.00 N    
1 lbf = 4.4482 N    
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Mass Temperature difference 
1 kps2/m = 9.8065 kg 1°C = 1 K 
1 lb = 4.5359 × 10−1 kg 1°F = 5/9 K 
1 ton (long) = 1.0160 × 103 kg  
1 ton (short) = 9.0714 × 102 kg Viscosity, dynamic 
 Pa s ≡ N s/m2 ≡ kg/ m s 
Mass flow rate 1 kps/m2 = 9.8065 Pa s 
1 lb/hr = 1.2600 × 10−4 kg/s 1cP = 10−3 Pa s 
1 ton/hr short = 2.5200 × 10−1 kg/s 1 Poise =1 g/cm s = 1.00 × 10−1 Pa s 
1 ton/hr long = 2.8224 × 10−1 kg/s 1 lb/ft hr = 4.1338 × 10−4 Pa s 
 1 kg/ft hr = 9.1134× 10−4 Pa s 
Mass velocity 1 lb/ft s = 1.4882 Pa s 
1 lb/hr ft2 = 1.3562 × 10−3 kg/m2s  
1 kg/hr ft2 = 2.9900 × 10−3 kg/m2s Viscosity, kinematic 
1 lb/s ft2 = 4.8824 kg/m2s 1 c St = 1 mm2/s = 10−6 m2/s 
 1 Stoke  = 1.0000 × 10−4 m2/s 
Power 1 ft2/hr = 2.5806 × 10−5 m2/s 
1 mkp/s = 9.8065 W 1 ft2/s = 9.2903 × 10−2 m2/s 
1 kcal/h = 1.1630 W    
1 PS = 7.3548 × 102 W  
1 m3 atm/h = 2.8150 × 10 W Volume 
1 ft lbf/min = 2.2597 × 10−2 W 1 in3 = 1.6387 × 10−5 m3 
1 ft lbf/s = 1.3558 W 1 ft3 = 2.8317 × 10−2 m3 
1 Btu/hr = 2.9308 × 10−1 W 1 yd3 = 7.6455 × 10−1 m3 
1 hp (UK) = 7.4570 × 102 W 1 US gal = 3.7853 × 10−3 m3 
 1 UK gal = 4.5460 × 10−3 m3 
Pressure, stresses 1 barrel (US) = 1.5898 × 10−1 m3 
1 bar = 1.0000 × 105 Pa  
1 at = 9.8067 × 104 Pa Volume, specific 
1 kp/cm2 = 9.8067 × 104 Pa 1 ft3/kg = 2.8317 × 10−2 m3/kg 
1 atm = 1.0133 × 105 Pa 1 ft3/lb = 6.2428 × 10−2 m3/kg 
1 Torr = 1.3332 × 102 Pa  
1 mmHg = 1.3332 × 102 Pa Volume flow rate 
1 mmWS = 9.8067 Pa 1 ft3/hr = 7.8658 × 10−6 m3/s 
1 lbf/in2  = 6.8948 × 103 Pa 1 ft3/min =1cu min = 4.7195 × 10−4 m3/s 
   1 ft3/s = 1 cu sec = 2.8317 × 10−2 m3/s 
Temperature  1 US gal/hr = 1.0515 × 10−6 m3/s 
ϑ°C = (ϑ + 273.15) K 1 UK gal/hr = 1.2628 × 10−6 m3/s 
ϑ°F = 5/9(ϑ - 32) + 273.15 K 1 barrel/day (US) = 1.8401 × 10−6 m3/s 
1°R = 5/9 K 1 US gal/min = 6.3089 × 10−5 m3/s 
   1 UK gal/min = 7.5766 × 10−5 m3/s 
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A2 Properties of saturated water 

Table A2-1 provides the properties of saturated water. They are rounded. In the 
liquid phase the properties depend little on pressure. The values from the table can 
therefore be used approximately also for pressures higher than the saturation pres-
sure: at a pressure of 1000 bar the water density is about 4 to 5% higher than the 
saturation pressure. 
Symbols used in the tables and the approximate equations: 
' liquid phase 
'' vapor 
pv saturation pressure 
ρ'  density of water 
ρ''  density of vapor 
cp,av average specific heat capacity between 0 and T °C 
cp' specific heat capacity at temperature T 
h' enthalpy 
Δhv  enthalpy of evaporation 
λ' thermal conductivity 
ν' kinematic viscosity 
ST surface tension water/vapor 
ao sound velocity in water 

The critical point is at T = 374 °C and p = 221.2 bar. There water and vapor have 
the same properties; the specific heat tends to infinite; the enthalpy of evaporation 
and surface tension become zero. 

Table A2-2 gives formulae for the calculation of the water properties, which are 
easy to program, but are approximate only. Column „F“ gives typical errors, but 
some individual values may have deviations larger than shown in column F.  

The formulae are sufficiently accurate for most calculations. But they must not 
be used for test data evaluation. In particular the accuracy is not sufficient for 
model or acceptance tests. For official measurements the actual water- vapor ta-
bles must be used. 
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Table A2-1 Properties of saturated water  
T pv ρ' ρ'' h' cp,av cp' λ' ν' ST Δhv ao 
°C bar kg/m3 kJ/kg kJ/kg K W/mK 106m/2s N/m kJ/kg m/s 
0.01 0.0061 999.8 0.0049 - - 4.217 0.569 1.75 0.076 2501 1405 
10 0.0123 999.7 0.0094 42.03 4.203 4.193 0.587 1.3 0.074 2477.4 1445 
20 0.0234 998.3 0.0173 83.86 4.193 4.182 0.603 1 0.073 2453.9 1480 
30 0.0424 995.7 0.0304 125.61 4.187 4.179 0.618 0.8 0.071 2430.3 1505 
40 0.0737 992.3 0.0512 167.34 4.184 4.179 0.632 0.656 0.070 2406.5 1520 
50 0.1233 988 0.0830 209.11 4.182 4.181 0.643 0.551 0.068 2382.6 1540 
60 0.1992 983.2 0.1302 250.91 4.182 4.185 0.654 0.471 0.066 2358.4 1550 
70 0.3116 977.7 0.1981 292.78 4.183 4.19 0.662 0.409 0.064 2333.8 1560 
80 0.4736 971.6 0.2932 334.72 4.184 4.197 0.67 0.361 0.063 2308.8 1560 
90 0.7011 965.2 0.4233 376.75 4.186 4.205 0.676 0.322 0.061 2283.4 1560 
100 1.013 958.1 0.5974 418.88 4.189 4.216 0.681 0.291 0.059 2257.3 1550 
110 1.433 950.7 0.826 461.13 4.192 4.229 0.684 0.265 0.057 2230.5 1540 
120 1.985 942.9 1.121 503.5 4.196 4.245 0.687 0.244 0.055 2202.9 1520 
130 2.701 934.6 1.496 546.1 4.201 4.263 0.688 0.226 0.053 2174.4 1505 
140 3.614 925.8 1.966 588.9 4.206 4.285 0.688 0.211 0.051 2144.9 1485 
150 4.760 916.8 2.547 631.9 4.213 4.31 0.687 0.197 0.049 2114.2 1460 
160 6.180 907.3 3.259 675.2 4.220 4.339 0.684 0.186 0.047 2082.2 1440 
170 7.920 897.3 4.122 718.8 4.228 4.371 0.681 0.177 0.044 2048.8 1415 
180 10.00 886.9 5.16 762.7 4.237 4.408 0.677 0.168 0.042 2014 1390 
190 12.55 876 6.398 807 4.247 4.449 0.671 0.161 0.040 1977.4 1360 
200 15.55 864.7 7.865 851.8 4.259 4.497 0.665 0.155 0.038 1939 1325 
210 19.08 852.8 9.596 897.1 4.272 4.551 0.657 0.149 0.036 1898.7 1290 
220 23.20 840.3 11.63 943 4.286 4.614 0.648 0.145 0.033 1856.2 1260 
230 27.98 827.3 14.00 989.6 4.303 4.686 0.639 0.14 0.031 1811.4 1220 
240 33.48 813.6 16.77 1036.9 4.320 4.77 0.628 0.136 0.029 1764 1185 
250 39.78 799.2 19.99 1085.1 4.340 4.869 0.618 0.134 0.026 1713.7 1150 
260 46.94 783.9 23.74 1134.3 4.363 4.986 0.603 0.131 0.024 1660.2 1105 
270 55.05 767.8 28.11 1184.5 4.387 5.126 0.59 0.129 0.021 1603 1065 
280 64.19 750.5 33.21 1236.1 4.415 5.296 0.575 0.128 0.019 1541.2 1020 
290 74.45 732.1 39.2 1289.3 4.446 5.507 0.558 0.127 0.017 1475.2 975 
300 85.92 712.2 46.25 1344.2 4.481 5.773 0.541 0.127 0.014 1403.1 925 
310 98.70 690.6 54.64 1401.3 4.520 6.12 0.523 0.125 0.012 1324.1 875 
320 112.90 666.9 64.75 1461.3 4.567 6.586 0.508 0.124 0.010 1236.5 820 
330 128.65 640.5 77.15 1524.8 4.621 7.248 0.482 0.124 0.008 1138.1 - 
340 146.08 610.3 92.76 1593.5 4.687 8.27 0.46 0.124 0.006 1025.6 - 
350 165.37 574.5 113.4 1670.3 4.772 10.08 0.437 0.123 0.004 893.2 - 
360 186.74 528.3 143.5 1762.2 4.895 14.99 0.399 0.124 0.002 722.6 - 
374 221.20 315.5 315.5 2099.7 5.612 ∞ 0.238 - 0 0 - 
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Table A2-2 Approximate formulae for the properties of saturated water and 
vapor 
Note dimensions! These formulae are NOT sufficiently accurate for test data evaluation 

Approximation for T < 350 °C 
[ ]

fReT
CTx °≡          TRef = 100 °C   

Er-
ror 
[%] 

Valid  
to °C 

pv = 0.978x4-0.345x3+0.355x2+0.0184x+0.0067 

for   T < 100 °C 
0.2 100 

Saturation pres-
sure in bar pv = 1.4x4-1.293x3+0.666x2+0.586x-0.346 

for 100 < T < 330 °C 
0.2 330 

Density in kg/m3 ρ' = 999.5+10.7x-94.6x2+69.5x3-35.5x4+9.34x5 
-1.01x6 0.13 350 

Specific heat ca-
pacity in kJ/kg K cp' = 4.225-0.3148x+0.5481x2-0.3058x3+0.0714x4 0.3 300 

Average specific 
heat capacity in 
kJ/kg K 

cp',av = 4.1987-0.0284x+0.008x2+0.0107x3  

average from  0 to T 
0.13 300 

h' = cp,av T               T in °C  0.13 
Enthalpy in kJ/kg 

h' = 423x-12x2+6.8x3 0.35 
310 

Enthalpy of eva-
poration in kJ/kg Δhv = 2501-197x-80.8x2+43.2x3-11.8x4 0.3 280 

ν = 10−6(0.3303x6-2.3962x5+7.0454x4-10.902x3 
+9.7548x2-5.2896x+1.7473)  

for T < 200 °C 
2.3 200 

Kinematic vis-
cosity in m2/s 

ν = 10−6 (-0.012x3+0.1172x2-0.3877x+0.5575) 

for T > 200 °C 
1.5 340 

Thermal conduc-
tivity in 
W/m K 

λ = 0.569 + 0.191x -0.0 908x2+0.0158x3  
-0.00488x4 +0.00117x5 -0.000135x6 0.2 310 

Gas constant of 
vapor 
in m2/s2 K 

R = 461+6.2385x-14.577x2+2.9915x3-1.3068x4 - 340 

Density of vapor 
in kg/m3 TR

pv=ρ′′           T in °K 0.5 340 

Sound velocity in 
water in m/s ao = 1416.2+356.8x-253x2+26.6x3 - 320 
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A3 Solution of gases in water 

Water dissolves gases up to a maximum concentration, the solubility, which de-
pends on the type of gas, the temperature and the partial pressure above the liquid 
level. The mass fraction of selected gases dissolved in water can be calculated 
from Table A3-1 or taken from Figs. A3-2 and A3-3. Solubilities of other 
gas/liquid combinations can be found in [B.29]. 

According to Henry’s law the solubility is proportional to the partial pressure 
of the gas above the liquid level, see table A3-1, which provides formulae for the 
calculation of gas mixtures. Henry’s law is an approximation for low pressures 
and gas concentrations. For example, it cannot be applied to determine the solubil-
ity of carbon dioxide (CO2) at pressures above 25 bar, not even for an estimate. 

In the process industry, frequent applications of the procedure given below are 
gases separating (“desorbing” or “flashing”) in the suction pipe. With reference to 
Fig. A3.1 the total pressure in the tank above the liquid level is pe and the fluid has 
a vapor pressure of pv(T). At the partial pressure of the gas, pgas = pe – pv, the 
amount of gas dissolved is xD kg gas/kg water. When the static in the suction pipe 
drops to a local value p, only the fraction x = xD×(p - pv)/(pe - pv) is still in solu-
tion. The difference (xD-x) separates from the water (assuming equilibrium) and 
forms free gas (bubbles). The free gas occupies the volume Qgas (R is the gas con-
stant): 

Q)xx(
pp
TRQ D
v

gas ρ−
−

ε=  (A3.1) 

Referred to the liquid volume flow rate Q, the ratio of the free gas to the liquid 
is given by Eq. (A3.2): 

−
−−

−
ερ=

ve

v

v

Dgas

pp
pp1

pp
TRx

Q
Q

 (A3.2) 

Gas dissolution is controlled by diffusion. The factor  accounts for cases where 
the solution equilibrium is not attained:  = 1.0 means that the equilibrium is es-
tablished, while  = 0 applies when no gas separates because the transit time is too 
short to allow for appreciable diffusion. 

pe 

p 
 

Fig. A3.1. Gas separation in a suction pipe 

Note that all pres-
sures are absolute. 
 

Not only water but all liquids dissolve gasses; an important application is the 
solution of gases in oil. Each individual combination liquid−gas has its individual 
solubility, which can be found in various manuals. No general rules are available 
to estimate the solubility. 
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Table A3-1 Solubility of gases in water 
Note: all pressures are absolute! 

Correlations for calculating the molar solubility, [B.29] 

Gas Mg 
The solubility is valid for a partial pressure of  
pRef = 1.013 bar. Temperature T in K! Valid for 

O2 32 485.139
T

6.6889Tln554.18xln g −+=  0 to 350°C 

N2 28 2677.141
T

99.6921Tln7292.18xln g −+=  0 to 330°C 

CO2 44 854.159T0011026.0
T

68,8741Tln6694.21xln g −−+=  0 to 80°C 

217.338T042583.0
T

1.13282Tln9144.51xln g −−+=  0 to 250°C 

777.152pln75316.0
T

8.7478Tln6794.20xln gesg −++= 0 to 350°C 
6 to 2000 bar 

Methane 
CH4 

16 

pges = pCH4 + pv =  total pressure in bar ! 

Definition of the molar solubil-
ity  wg

g
g nn

n
x

+
=  

Number of moles of dissolved 
gases calculated from  xg g

wg
g x1

nx
n

−
=  

ng = number of moles of dissolved 
gases 
nw =  number of moles of water 

Mass fraction of dissolved gases 
per  kg water  w

g

g

g
D M

M
x1

x
x

−
=  [ ] 6

w

g

g

g
D 10

M
M

x1
x

ppmx
−

=  

Mg = molecular mass of gas; Mw = molecular mass of water; Mw = 18 
Fraction of dissolved gases at 
partial pressure pgas (Henry’s 
law) 

fRe
fRe

gas x
p
p

x =  xRef equal to ng or xD as calculated 
above; pRef = 1.013 bar 

Calculation of gas mixtures using air as example: 

Gas mixture above water level 2O2Nvges pppp ++=  Total pressure = sum of  
partial pressures 

Volume fraction r = mole frac-
tion n 

00.1rrr
p
p

p
p

p
p

2O2Nw
ges

2O

ges

2N

ges

v =++=++  

The volume fraction of water 
vapor rw is calculated from the 
vapor pressure pv = f(T) ges

v
w p

pr =   

Ratio of volume fractions of 
oxygen to nitrogen 79.0

21.0a
r
r

2N

2O =≡  Argon (1%) included in ni-
trogen 

Volume fractions 
a1

r1r w
2N +

−=  2N2O rar =  

Partial pressures  
a1
pp

p vges
2N +

−
=  )pp(

a1
ap vges2O −
+

=  
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Fig. A3.2. Solubility of different gases in water at a partial pressure of 1.013 bar; solubility 
as mass fraction in ppm  
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Fig. A3.3. Solubility in mass per cent of CO2 in water at a partial pressure of 1.013 bar  
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A4 Physical constants 

A4.1 Atmospheric pressure 

The atmospheric pressure  pamb decreases with increasing height H above sea level 
according to Eq. (A4.1); pamb,NN = 1.013: 

255.5

NN,amb

H,amb
288

H5.6288
p
p −=             with H in [km] (A4.1) 

Due to weather and climatic conditions the atmospheric pressure varies on average 
by ± 3% around the value given by Eq. (A4.1) (higher deviations are possible). 

A4.2 Acceleration due to gravity 

The acceleration due to gravity depends on the latitude ϕ and the height H above 
sea level, Eq. (A4.2): 

H003.0)sin0053.01(7803.9g 2 −ϕ+=             with H in [km] (A4.2) 
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A5 Sound velocity in liquids 

The speed of sound ao in a liquid can be calculated by means of Eq. (A5.1) where 
Ks is the isentropic bulk modulus and  the density of the liquid. 

ps 2 1
o

v 2 1

cK ¦ p p ¦a
c ¦ ¦

−= =
ρ ρ − ρ

             (A5.1) 

The ratio of specific heats cp/cv can be assumed to be very close to 1.0. The sound 
velocity increases with the absolute pressure due to the compressibility of the liq-
uid. At high pressures this influence is not negligible. 

The sound velocity in sea water increases with the salinity S. The effect can be 
estimated from Eq. (A5.2): 

4seawater

freshwater ref

a S1 7 10
a S

−= + ×        with     Sref = 1000 ppm (A5.2) 

For many liquids it is difficult to find Ks. An estimate of the sound velocity can be 
made by means of Fig. A5.1 or Eq. (A5.3) derived from [10.64]. The uncertainty 
of this estimate is about ± 15% 

o
ref

a 1000 1.45 0.89ln ρ= +
ρ

       with      = 1000 kg/m3 (A5.3) 
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Fig. A5.1. Sound velocity ao estimated from liquid density  

Note: small amounts of free gas in a liquid lower the speed of sound drastically.  
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A6 Mechanical vibrations - basic notions 

The simple system consisting of spring, mass and damping element is useful even 
for more complex situations because: 
(1) The model often helps the fundamental understanding of the basic behavior of 
complex systems 
(2) Many real problems can be described sufficiently well by this model. An ex-
ample would be the rotor of a pump with a double-entry impeller. 
See Chap. 10.5 for an introduction to various types of vibrations. 

1. Free vibrations with viscous damping 

If a mass m supported by springs and damping elements is excited by a single 
blow, free vibrations occur.  

Example of free vibrations: determining the natural frequency of a structure 
(e.g. the bearing housing of a pump) by an impact test. The structure is hit with an 
instrumented hammer and the resulting spectrum of free vibrations is recorded. 
Figure 10.33 gives an example. 
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Table A6-1 Free vibrations 
If a mass m supported by springs and damping elements is excited by a single blow, free vibra-
tions occur. 

 

k 

m

c 

x 

 

m = mass [kg] 

k = spring constant [N/m] 

c = damping [Ns/m] 

x = amplitude 
 

Differential equation of motion 0xkxcxm =++  

Undamped eigen frequency 
m
k

o =ω  

Damped eigen frequency 22
oE λ−ω=ω  m2

c=λ  

The amplitudes of free vibrations de-
crease with time due to damping (i.e. 
losses caused by the movement of the 
body). 

 

Logarithmic decrement 
1n

n
x̂
x̂ln

+
=δ  

E

2
ω

λπ−=δ  

Damping ratio  (also called “Lehr’s 
damping ratio) oc m2

c
c
cD

ω
==≡ζ   

System aperiodically damped  2 = o
2            e = 0 c = cc =2 m e 

Over-damped:  > 1 Critically damped:  = 1 Under-damped:  < 1 

Relations between  and  22)2(
D

δ+π

δ=≡ζ  
21

2

ζ−

πζ=δ  

Amplification factor Q D2
1Q ≈  for D < 0.25 
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2. Forced vibrations 

Forced vibrations are excited by periodic forces with an excitation frequency . 
Examples are a mechanical or a hydraulic unbalance. Depending on the ratio of 
excitation to eigen frequency  = / o the amplitudes of forced vibrations are am-
plified by the “amplification factor” V which is defined as the ratio of the ampli-
tudes at any given frequency to the static deflection xstat which would occur under 
a steady force of the same magnitude as the periodic excitation force considered. 

When the excitation frequency equals the eigen frequency, “resonance” is said 
to occur. The amplitudes at resonance diminish with increasing damping. At low 
damping, the resonance amplitudes tend in theory to infinity; they are limited by 
non-linear effects leading often to damage.  

The lag between the excitation force F and the amplitude x is given by the 
phase angle. At resonance the phase angle changes from below 90° to above 90°. 
If damping is high, the shift in phase angle is a better indication of resonance con-
ditions than the behavior of the amplitudes. 
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Table A6-2  Forced vibrations with viscous damping (periodic force) 
Case A: Mass m is excited by a periodic force F = Fo sin t 

 

The force FT transmitted to the foundation can be determined from Table A6-3. 

Differential equation of motion tsin  F xkxcxm o ω=++  

Particular solution x = Xo sin t 

Frequency ratio 
oω

ω=η  

Undamped eigen frequency 
m
k

o =ω  

Damped eigen frequency 22
oE λ−ω=ω  m2

c=λ  

Damping ratio  (also called “Lehr’s 
damping ratio” D) oc m2

c
c
cD

ω
==≡ζ  

Amplification factor ( ) ( )222o

o
F

21

1
F

kXV
ηζ+η−

==  

Phase angle 21
2tan

η−
ηζ=Φ  

At resonance  = 1 ζ
==

2
1

F
kXV

o

o
F  

Determination of damping 
from measured amplitudes: 

for relatively low damping: 

o2 ω
ωΔ≈ζ  

0.0

1.0
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3.0
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Case A: Mass m is excited by a force F = Fo sin t 
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Table A6-3 Forced vibrations with viscous damping (baseplate excitation) 
Case B: Baseplate excitation  

 

k 

m

c 

x 

y

F 

FT 

 

m = mass [kg] 

k = spring constant [N/m] 

c = damping [Ns/m] 

FT = force transmitted from (or to) foundation by the 
springs and the damping elements 
displacement:   x = Xo sin t 
applied displacement:   y = Yo sin t 

Differential equation of motion tsinymxkxcxm 2 ωω=++  

Frequency ratio 
oω

ω=η   

Undamped eigen frequency 
m
k

o =ω   

Damped eigen frequency 22
oE λ−ω=ω  m2

c=λ  

Damping ratio  (also called “Lehr’s 
damping ratio) oc m2

c
c
cD

ω
==≡ζ  

Amplification factor  
(VBE is also called transmissibility) 

( )

( ) ( )222

2
T

o

o
BE

21

21
F
F

Y
XV

ηζ+η−

ηζ+
===  

Phase angle between x and y or FT and F 22

3

)2(1
2tan

ηζ+η−
ηζ=Φ  
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Case B: Excitation of baseplate 
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Table A6-4 Forced vibrations with viscous damping (unbalance excitation) 
Case C: Unbalance excitation 

 

 

k c 

e

mu 

m 

 

m = mass [kg] 

mu = mass of unbalance [kg] 

e = eccentricity of unbalance [m] 

k = spring constant [N/m] 

c = damping [Ns/m] 
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Frequency ratio 
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3. Eigen frequencies of simple structures 

Table A6-5 gives eigen frequencies of some simple structures. If the structure vi-
brates in water (or any other liquid), the fluid lowers the eigen frequencies because 
of the “added mass” effect which accounts for the inertia of the liquid set into mo-
tion by the vibrating structure. 

If a liquid-filled pipe vibrates in air, the added mass is given by the liquid con-
tained in the pipe. The added mass of any structure submerged in a liquid can be 
estimated as 1.5-times the fluid volume displaced by the structure.  

Table A6-5 Eigen frequencies of simple structures, from [14.1] 

Mass-less beam with indi-
vidual mass at free end (can-
tilever) 

 

m 

L

 

31
Lm
IE

2
732.1f
π

=  

Uniform beam; one end 
clamped, one end free (canti-
lever) 
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4
n

n
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μπ
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k1 = 3.52 
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Uniform beam; one end 
clamped, one end free; with 
individual mass at free end  μ

L m
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Mass-less beam with indi-
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supported 
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Flat circular plate of thick-
ness h and radius R vibrating 
at two nodal diameters μ

2 R 
h 
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R)1(12
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2
25.5f

μν−π
≈  

E = Young’s modulus of elasticity 

I = area moment of inertia  

f = eigen frequency [Hz] 

μ = load per unit length [kg/m] or unit surface [kg/m2] including added mass effect if applicable 

ν = Poisson’s ratio (mostly 0.3) 
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495 
hysteresis in the Q-H-curve, 233 

  
impact test, 633, 662 
impeller blade adjustment, 674 
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impeller blade inlet angles, 344 
impeller blade number, 342, 375, 383 
impeller calculation, 463 
impeller design, 350 
impeller eigen frequencies, 595 
impeller inlet, 375 
impeller inlet diameter, 343 
impeller life, 313 
impeller losses, 152, 155 
impeller mode shapes, 595 
impeller outer diameter, 342 
impeller outlet angle, 376 
impeller outlet width, 345 
impeller sidewall gaps, 227, 507, 513, 

519 
impeller trimming, 171, 733 
impeller, basic notions, 40 
impingement angle, 872 
incidence, 71 
incubation time, 306 
inducer blade inlet angle, 403 
inducer blade outlet angle, 406 
inducers, 236 
inlet casing design, 434 
instabilities in the Q-H-curve, 495 
instability, 604 
intake design, 706 
intake model tests, 703 
intake structures, 696 
intergranular corrosion, 824 
intermediate take-off, 57 
internal power, 3 
inter-stage seal, 98 
isothermal compression, 771 

  
k-ω- model, 447 
k-ε-model, 445 
Kato-Launder k-ε-model, 447 
kicker stage, 57 
kinematic viscosity, 913 

  
large eddy simulation, 448 
leakage losses, 95 
lift, 387 
liquid-ring pumps, 67 
local corrosion, 823, 847 
locked rotor, 722 
logarithmic wall function, 449 
Lomakin effect, 581 
loss calculations, 494 

low-alloyed steel, 846 
low-energy pumps, 906 
low-Re- k-ε-model, 447 

  
Mach number, 770 
magnetic coupling, 62 
magnetite, 835 
magnetite solubility, 838 
manufacturing quality, 900 
manufacturing tolerances, 900 
martensitic steels, 848 
mass moment of inertia, 661 
maximum continuous flow, 684 
maximum flow, 685 
mechanical losses, 101 
meridional section, 350 
metal loss rate, 838 
mild steel, 846 
minimum continuous flow, 684 
minimum flow, 686 
minimum rotor damping, 589 
misalignment, 635 
mobility, 633 
modification of pump characteristics, 

169 
Mohs hardness, 879 
molybdenum, 848 
momentum, 4 
monopoles, 563 
multi-lobe bearings, 586 
multistage pumps, 55 

  
Navier-Stokes equations, 443 
net positive suction head, NPSH, 45 
neutral point, 388 
nickel-base alloys, 852 
Ni-Resist, 846 
nitrogen content, 849 
nodular cast iron, 846 
noise, 572 
noise control, 574 
noise generation, 559 
noise insulation, 571 
noise level, 572 
Non-Newtonian liquids, 804 
non-overloading characteristic, 149 
no-slip condition, 7 
notch factor, 811 
NPSH in solids transport, 804 
NPSH influence parameters, 283 
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NPSH margin, 277, 328 
number of stages, maximum, 892 
numerical errors, 484, 494 
Nyquist frequency, 615 

  
oblique trim, 175 
oil whip, 586 
onset of recirculation, 158 
onset of recirculation at the impeller 

inlet, 241 
onset of recirculation at the impeller 

outlet, 242 
open and semi-open impellers, 551 
open impellers, 250, 535 
over-filing, 177 
oxygen content, 843 

  
parallel operation, 666 
particle velocity (acoustic), 646 
partload recirculation, 229 
passivation, 822, 831 
PEEK, 864 
performance deviations, 178 
peripheral pumps, 65 
pH, 828 
phase angle, 923 
phase resonance, 599 
piping vibrations, 643, 657 
Pitot tube pumps, 67 
pitting, 823, 847 
pitting index, 847, 850 
Polyetherketon, 864 
polytropic compression, 772 
polytropic efficiency, 772 
Polyurethane, 884 
positive displacement pumps, 39 
potential differentials, 843 
power consumption, 74 
power failure, 683 
preferred operation range, 609 
pre-rotation control, 675 
pressure distribution, 539 
pressure loss, 18 
pressure peaks, 598 
pressure pulsations, 559, 565, 615, 645 
pressure recovery in the diffuser, 212 
pressure transducers, 615 
produced water, 830 
proximity probes, 614 
pump characteristics, 46, 160 

pump selection, 887, 891 
pump size, 891 
pump types, 50 
pump weight, 893 
pumping grooves, 97 
pumping limit, 779 

  
quadrupoles, 563 
quality class, 906 
quality criteria, 896 
quasi-3D-method, 441 

  
radial force minimum, 542 
radial forces, 700 
radial forces due to non-uniform 

approach flow, 546 
radial forces in turbines, 734 
radial seals, 98 
radial split pumps, 59 
radial thrust, 536 
radial thrust balancing, 549 
radial thrust coefficients, 537, 551 
radial thrust in diffuser pumps, 545 
range charts, 167 
Rankine vortex, 15 
Rayleigh’s equation, 262 
reaction force, 604 
recirculation, 189, 252 
recirculation at the impeller inlet, 217 
recirculation at the impeller inlet, 602 
recirculation at the impeller outlet, 221, 

242 
recirculation onset, 204 
recirculation power, 157, 626 
reduced pressure, 500 
relative system, 70 
resonance, 575, 923 
return vanes, 427 
reverse-running pumps, 715 
Reynolds number, 80 
Reynolds stress transport model, 448 
Reynolds-averaged Navier-Stokes 

equations (RANS), 444 
ring section pumps, 55 
roller bearings, 586 
root mean square, 564 
Rossby number, 191 
rotating stall, 210, 251, 600 
rotation factor, 96, 510 
rotor damping, 608 
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rotor dynamic analysis, 608 
rotor dynamic coefficients, 580 
rotor instabilities, 590 
rotor shifting, 229 
rotor/stator interaction, 593, 596 
roughness, 21 
roughness depth, 22 
runaway speed, 721 
rust, 827 

  
safety margins, 894 
salt content, 850 
sand content of waters, 877 
scaling laws for cavitation, 268 
scaling pressure pulsations, 562 
screens, 708 
seal-less pumps, 62 
seawater, 813, 830, 845, 850 
secondary flow, 9, 17 
secondary losses, 83 
segmental pumps, 55 
selective corrosion, 826 
self-excited vibrations, 576, 590, 604, 

649 
semi-axial diffusers, 431 
semi-axial impellers, 532 
semi-axial pumps, 60 
semi-open impellers, 99, 535 
series installation, 34 
series operation, 669 
sewage pumps, 368, 548 
shaft materials, 866 
shaft vibrations, 589, 617 
shear modulus, 660 
shear stress transport model, 447 
shear stresses, 18 
shock losses, 154 
shockless entry, 71 
shockless entry, turbine, 718 
short-term operation, 686 
shroud thickness, 821 
shut-off head, 157, 250 
shut-off power, 159 
side channel, 65 
signal analysis, 615 
silicon carbide, 866 
silver-plating, 827 
similarity laws, 160 
single volutes, 412 
single-channel impellers, 368, 373, 548 

siphons, 712 
slip factor, 77, 166, 370 
slug flow, 758, 789 
slurry pumps, 796 
solid-borne noise, 571 
solidity, 391 
solids concentration, 872 
solids hardness, 877 
solubility, 916 
solution of gases in water, 916 
sound velocity, 647, 649 
sound velocity in sea water, 920 
sound velocity in water, 913 
sound wave, 559 
specific heat, 913 
specific mass of a pump, 908 
specific speed, 47 
specific work, 43, 74 
specification of pumps, 888 
speed control, 671, 731 
spray coatings, 866 
spring, damping and mass coefficients, 

578 
SST-model, 447 
stability limit in 2-phase flow, 785 
stability of the Q-H-curve, 229 
stainless steels, 847 
stall propagation, 600 
stalled diffuser channels, 598 
standard-k-ε-model, 446 
standby corrosion, 830 
start-up against closed valve, 679 
start-up of pump in viscous service, 755 
start-up time, 682 
start-up with discharge pipe drained, 

681 
start-up with liquid-filled discharge 

pipe, 679 
start-up with minimum flow valve open, 

680 
start-up with open discharge valve, 681 
static head at impeller outlet at shut-off, 

159 
static stability, 677 
stay vanes, 432 
Stellite, 866 
stock pumps, 804 
stress corrosion cracking, 825 
Strouhal number, 650 
structural resonances, 625 
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submerged vortices, 697 
submergence, 704 
submersible pumps, 63 
sub-synchronous vibrations, 591 
suction bell diameter, 704 
suction conditions, 329 
suction head, 46 
suction impeller materials, 867 
suction impellers, 358 
suction lift, 46 
suction pipe flow velocities, 688 
suction piping layout, 688 
suction specific speed, 271 
suction specific speed limitation, 273 
suction test, 273 
sulfates, 829 
sulfides, 829, 849 
super-austenite, 849 
super-duplex, 849 
super-synchronous excitation, 602 
surface tension, 913 
surging, 779 
swirl brake, 583, 587, 592, 608, 609, 

628 
system characteristic, 665 
system curve for two-phase flow, 786 

  
temperature effect on corrosion, 850 
temperature rise in a pump, 687 
tensile strength in water, 297 
theorectical characteristic, 147 
theoretical head, 4 
thermal conductivity, 913 
thermodynamic effects on cavitation, 

294 
thermometric efficiency measurement, 

687 
throttle control, 671, 731 
time signal, 563 
tip clearance vortex, 252 
tip leakage, 251 
titanium, 852 
torque fluctuations, 663 
torsional eigen frequencies, 660 
torsional vibrations, 576, 660 
total dynamic head, 43 
total pressure, 43 
transgranular corrosion, 825 
transient loading, 569 
transient suction pressure decay, 690 

transition from laminar to turbulent, 19 
triangular section at diffuser inlet, 151 
trimmed impellers, 169, 887 
tungsten carbide, 866 
turbine characteristics, 722 
turbine resistance curve, 722 
turbines, 715 
turbulence levels, 445 
turbulence models, 444, 490 
turbulent dissipation, 25 
twin volutes, 412 
two-layer model, 448 
two-phase flow in pipes, 758 
two-phase multipliers, 773 
two-phase pump characteristic, 785 
two-phase turbines, 793 
type number, 82 

  
un-alloyed steel, 846 
unbalance, 577 
unbalance excitation, 928 
under-filing, 176 
uniform corrosion, 823 
unstable Q-H-curve, 644 
unsteady axial forces, 536 
unsteady flow, 555 

  
vane number combinations, 606, 624, 

638 
vane thickness, 821 
vaneless diffusers, 104, 215 
variable frequency drives, 663 
velocity distribution, 7, 26, 496 
velocity triangles, 2 
vibration analysis, 651 
vibration diagnostics, 613, 616, 631, 635 
vibration frequency, 579 
vibration measurement, 614 
vibrations, 758 
vibrations of vertical pumps, 576 
Vickers hardness, 879 
viscosity, 120 
viscous NPSH, 755 
viscous performance, 741 
void fraction, 771 
void fraction measurement, 790 
volute characteristic, 161 
volute modifications, 178 
volute throat area, 415 
vortex breakdown, 252 
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vortex classification, 698 
vortex empirical data, 701 
vortex pumps, 64, 373, 765 
vortex shedding, 650 
vortices, 698 

  
wall function, 490, 491 
water hammer, 683 
water hardness, 828 

water properties, 913 
Waukesha, 866 
wave length, 647 
Weber number, 703 
weight of the pump, 893 
wet gas compressors, 782 

  
zero-lift angle, 387 
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